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symmetric clearance effects. Further, Ganesan (1996) studied
stability of the same model as was used by Childs (1982).
So far, little has been reported on how clearance changes the dynamics of rotating machineries with weak pedestals when the
system remains in full contact. Hence, the objective for this paper is
to show dynamical effects that can occur due to clearance in such
systems.

ABSTRACT
Many rotating machineries are supported by bearings with
clearance, which are further clamped in, compared to the bearing
stiffness, weak pedestals. As have been reported in several studies,
it is essential to choose a proper clearance in order to avoid unwanted vibrations. When rotating machineries supported by bearings with clearance are subjected to stationary loads (gravity, magnetic pull etc.), it may not loose contact between the shaft and the
bearing (i.e. full contact). However, even in full contact unwanted
dynamics can occur which is of interest in this paper. It is found that
the clearance give raise to anisotropic pedestal stiffness. It is further
shown that some of the resonance frequencies decrease with the
clearance.

MODELING
To investigate dynamical effects of bearings with clearance supported on weak pedestals, a single bearing unit model shown in Fig.
1 is used.

INTRODUCTION
Many rotating machineries are supported by bearings with clearance, which are further clamped in a supporting structure i.e. pedestals. To predict dynamics of such machineries mathematical
model as well as methods for how to post process the results are
necessary. Tiwari et al. (2000) showed that both vertical and horizontal ball bearings stiffness decreases with clearance. They further
showed that complicated nonlinear motion can occur in rotating
systems supporter by ball bearings if the clearance becomes large
enough. For a similar rotor system, supported by ball bearings,
Mevel and Guyader (2008) found different routs to chaos experimentally.
Several studies, both analytical and experimental, on dynamics due
to clearance have been carried out by use of a Jeffcott rotor which
impacts a rigid stator (snubber ring) supported by springs (Karpenko et al. (2002a), Karpenko et al. (2003), Karpenko et al. (2006)
and Popprath and Ecker (2007) ). In these studies, the rotor goes in
and out of contact and the piecewise change in stiffness gives a
nonlinear system. Chang-Jian and Chen (2008) showed that complicated motion could occur in rub-impact Jeffcott rotor systems
supported by oil-film short bearings. Attempts have further been
made to find approximate solutions for piecewise linear systems.
Karpenko et al. (2002b) discussed two different approximate
methods (one point method and multiple point method) while Kim
et al. (2003) tested replacing the signum- and absolute functions
with smoothening functions. Due to for example gravity, many
rotating systems will displace in one direction and thereby avoid to
loose contact during vibrations i.e. if the unbalance and spin speed
is not too high. Childs (1982) and Ehrich (1988) found subharmonic responses of similar systems considering gravity and non-
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Fig. 1. Single bearing unit model
Since the pedestal stiffness is assumed to be significantly lower
than clearance bearing itself, the contact structure is modeled as a
rigid ring supported on a pedestal with stiffness coefficient kb . The
position of the shaft center is given by the vector r = xi + yj , and
the clearance between the shaft and the stator δ = rr − rs where rs
is the shaft radius and rr the ring radius. When r ≥ δ (i.e. in contact) and the friction between the ring and the stator is neglected the
contact reaction force

Fc =

(

kb r − δ

r

) (xi + yj) .

(1)

Note that it is assumed that the shape of the contact structure (the
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outer ring in Fig. 1) is remained during contact. This approximation
requires that the pedestal, in which the clearance bearing have been
clamped, is significantly weaker than the contact stiffness itself,
which is the case in for example several rotating machineries
supported by radial roller bearings. The single clearance bearing
unit shown in Fig. 1 is further used as pedestals for an overhung
rotor shown in Fig. 2, which is modeled by use of finite elements
(FE).

where α = 100 and β = 1 ⋅ 10 −6 which results in a range of
damping ratio ζ ∈ [1 38] % for all eigenmodes (at zero clearance).
In order to keep the system in full contact, which is within the scope
of this paper, a volume acceleration of 10 N/s2 (i.e. gravity) is
applied in − j direction. The initial conditions for all time domain
simulations are set to zero.
RESULTS
The system is nonlinear when the clearance δ ≠ 0 and hence,
regular eigenvalue analysis can not be performed. Therefore,
transfer functions, vibration orbits and unbalance responses are
here used for the analyses when δ ≠ 0 .
Transfer function analysis
The transfer function is the quotients of the cross power spectral
density (Poi) of the known input force vector i and the output vibration vector o and the power spectral density (Pii) of i. If nothing
else is stated, for all transfer function analyses, a known input force
with mean amplitude of 1000 N is applied in i direction at the disc
node. The vibration state vector (displacements and velocities) is
further stored and used as output signal for the analyses. To generate transfer functions, time domain simulations were conducted
where data was collected at a sampling frequency of 1024 Hz.
between 0.5 sec. and 1 sec in order for the transient to fade out. For
transfer function surface simulations the parameter (i.e. either spin
speed or clearance) were increased stepwise. For all transfer function surface figures, red indicates large vibration amplitudes while
blue represents small vibration amplitudes. For all coherence surface plots, red indicate full coherence while blue indicates zero
coherence.
Fig. 3(a) shows the transfer function surface and Fig. 3(b) the
corresponding coherence surface for θ& at the disc node as a function of spin speed when the clearance δ = 0 , i.e. when the model is
linear. θ& is used since that state variable give the best post proc-

Fig. 2. The FE model

The shaft consists of 20 Euler beam elements with the degrees of
freedom x, y, ϕ and θ at each node. The xy-plane is perpendicular to the rotational symmetric z-axis, ϕ is rotation around the
x-axis and θ rotation around the y-axis. The young’s modulus of
the Euler beams is set to E = 2 ⋅ 1011 , the density to ρ = 7800 and
the radius of the circular section to 0.1 m. One pedestal is positioned at the leftmost node (node 1) and another pedestal at 0.8
meter from the leftmost node (node 17). The stiffness coefficient

essed results.
To show that the eigenfrequencies coincides with the frequencies of
the large vibration amplitudes, superposed to the transfer function
in Fig. 3(a) is the Campbell diagram viewed as dashed black lines.
The coherence surface indicates that the excitation force give good
correlation between the vibrations and the excitation force in the
whole spin speed range.

for all pedestals is set to k b = 1⋅ 108 and the clearance δ in both
pedestals is equal. A rigid disc with mass m = 2000 , transversal
moment of inertia J t = 100 and polar moment of inertia
J p = 200 is applied at the rightmost node (node 21) in the FE

model which from now on will be referred to as the disc node.
Proportional damping is used i.e. the damping matrix
C = αM + β K

a)

b)

Fig. 3. a)Transfer function as a function of spin speed and Campbell diagram at no clearance and b) corresponding coherence
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Fig. 4. a)Transfer function and corresponding coherence as a function of clearance at zero spin speed for θ& (a) and b)) and ϕ& (c) and d)).
zero a random load of mean amplitude 1000 N were applied in
y-direction. Fig. 4(c) and (d) hence shows the transfer function and
coherence for ϕ& as a function of clearance when the spin speed
Ω = 0 . Fig. 4(c) shows that the frequencies of the large amplitudes
are independent of the clearance. Fig. 4(d) shows that the coherence
is relatively high in the whole clearance range.

Fig. 4(a) and (b) shows the transfer function and coherence for θ&
as a function of clearance when the spin speed Ω = 0 . Fig. 4(a)
shows that the frequencies of the large amplitudes decreases up to
80 Hz. in θ& direction as the clearance is increased from 0 to 0.2
mm. Fig. 4(b) shows that the coherence is relatively high in the
whole clearance range. Since the coherence is low between a force
in x-direction and vibration in y-direction when the spin speed is
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a)

b)

Fig. 5. a) Transfer function as a function of spin speed at 0.1 mm clearance, Campbell diagram at no clearance and b) corresponding coherence
The solid line in Fig. 6 is a section of the transfer function surface
shown in Fig. 4 at zero spin speed. The dashed lines represents the
corresponding eigenfrequencies at no clearance and zero spin speed.
Fig. 5 indicates that due to the clearance, the two highest frequencies of the amplitude peaks have decreased significantly compared
to the eigenfrequencies.

Fig. 5 shows the transfer function and corresponding coherence for
θ& as a function of spin speed when the clearance δ = 0.1 mm, i.e.
when the model is nonlinear. As a reference, superposed to the
transfer function in Fig. 5 is the Campbell diagram (at zero clearance) viewed as dashed black lines. This figure shows that due to
the clearance, some of the large vibration amplitude frequencies
have decreased compared to the eigenfrequencies. Fig. 5(b) shows
relatively high coherence in the whole spin speed range.

Fig. 6. Transfer function at 0.1 mm clearance and eigenfrequencies at no clearance when the spin speed is 0.
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Fig. 7. Unbalance responses as function of spin speed with- (dashed line) and without clearance (solid line).

shows the unbalance whirling orbits in the xy-plane. Fig. 8(a)
shows the unbalance whirling orbit when then spin speed
Ω = 180 Hz. in the rear pedestal (node 1) while Fig. 8(b) shows the
unbalance whirling orbit in the front pedestal (node 17). The dashed
lines represent the system without clearance (i.e. circles) whiles the
solid line represents the system with 0.1 mm clearance. The gravity
forces the shaft to displace to a static equilibrium position in negative y-direction at the front pedestal and in positive direction at the
rear pedestal. The static equilibrium at the rear pedestal is closed to
the origin than the static equilibrium for the front pedestal. Fig. 8
shows that when the clearance is introduced, the shape of the orbits
can be distorted compared to the circular whirling orbits without
clearance. The difference in whirling orbit shapes in the front and
rear pedestals indicates that the clearance effects depends on the
static loading (i.e. the static equilibrium position).

Unbalance response
In order to show resonance effects due to the clearance an eccentricity γ = 1 ⋅10 −5 is applied on the disc node. The unbalance response simulations are conducted in the time domain by a stepwise
increase of the spin speed. The maximum vibration amplitudes
between 0.5 and 1 sec. are then stored. Fig. 7 shows the unbalance
response at the disc node as a function of spin speed in θ -direction.
The dashed line represents the system without any clearance while
the solid line represents the system when a clearance of 0.1 mm has
been introduced at the pedestals. Fig. 7 shows that without clearance, resonance occurs as the unbalance force frequency (i.e. the
spin speed) coincides with the forward whirl eigenfrequencies.
However, when the clearance is introduced, resonance occurs when
the unbalance force frequency coincides with all large amplitude
frequencies given by the transfer function (see Fig. 5). Since some
of these large amplitude frequencies have decreased compared to
the eigenfrequencies, resonance occurs at lower frequencies. Fig. 8
a)

b)

Fig. 8. Whirling orbits when Ω = 180 Hz in the xy-plane at a) node 1 and b) node 17.
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CONCLUSIONS
This paper deals with rotating machineries supported on weak
pedestals with bearing clearance. The paper concerns vibrations in
full contact which is relevant for many horisontal mounted rotating
machineries. In order to show dynamical effects due to such
clearance a FE-model of an overhung rotor supported by two pedestals is used. Since the system becomes nonlinear when the clearance is introduced, regular eigenvalue analysis can not be performed. Instead, for instance to indicate large vibration amplitudes,
transfer functions and unbalance responses are used. However,
when the clearance vanishes, the system becomes linear and Fig. 3
then showed that the large amplitudes in the transfer function surface coincides with the eigenfrequencies of the Campbell diagram
which hence motivates this method.
It can be concluded that the large amplitude frequencies depends on
the clearance. At zero spin speed, the frequencies of the large amplitudes (i.e. synonymous to eigenfrequencies) decreased up to 80
Hz. in θ& -direction when the clearance was increased from 0 to 0.2
mm (se Fig. 4(a)). In ϕ& -direction on the other hand, the frequencies of the large amplitudes were independent of the clearance (see
Fig. 4(c)). This indicates that the clearance give raise to anisotropic
pedestal stiffness leading to decreased large amplitude frequencies.
This is also confirmed by the transfer function surfaces at 0.1 mm
clearance shown in Fig. 5(a) and Fig. 6.
The unbalance response showed that when the clearance is introduced resonance occurs at every intersection between the unbalance force frequency and the large amplitude frequencies in the
transfer function surface as the spin speed is introduced. The unbalance whirling orbit for the system with clearance further deviates from the circular orbit at no clearance.
Hence, the dynamics of rotating machineries supported on weak
pedestals are dependent on the amount of clearance, which therefore shall be considered during the product development process.
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