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ABSTRACT
In 2005 a vertical 42 MW hydropower unit was 

upgraded in Sweden. One of the requirements was that 
the dynamic behaviour of the machine should not be 
affected. Resonance problems became apparent after the 
hydropower unit was re-commissioned and, in order to 
remedy this, new measurements and calculations were 
undertaken. While measuring, the machine went into 
resonance twice. During normal operation the shaft 
displacement showed high amplitudes at a frequency of 
twice the machine’s nominal speed. At resonance the 
displacement amplitude increased and a dominant 
frequency occurred at ~2.4x nominal speed. To explain 
the reason for the resonances, new rotor dynamic 
calculations were performed using non-isotropic bearing 
and bracket properties. This model showed good 
correlation between calculated and measured values for 
the lowest eigenfrequencies. Probable explanations for 
the resonance are shape deviation in the generator, 
misalignment of the shaft and low damping of some 
critical eigenfrequencies close to twice the nominal 
speed.

INTRODUCTION
In 2005 a scheduled upgrade was performed on a 

hydropower unit constructed in the mid-1950s. The 
upgrade included the fitting of a new turbine guide 

bearing, modified runner, modified turbine regulator and 
a new brushless exciter. Rotordynamic calculations on 
the new geometry were performed using standard 
industry methods before the upgrade. The numerical 
results indicated that the upgrade should not affect the 
machine’s dynamic behaviour. During commissioning the 
machine showed no sign of instability. Resonance 
problems became apparent however shortly after it was 
fully commissioned. These problems continued and the 
machine began to resonate on a number of occasions. 
When the machine was commissioned in the 1950s it had 
problems related to high vibration levels. Its twin unit 
also exhibited the same behaviour. At the end of 1950s a 
fourth guide bearing was installed between the lower 
generator bearing and the turbine guide bearing. The 
effect of the extra bearing was less than expected and the 
vibration problems continued. In order to remedy the 
vibration problems the temperature in the turbine guide 
bearing was increased, thus reducing the risk of 
resonance.

Only a few papers regarding rotor-dynamic 
modelling and measurements on hydropower systems 
have been presented. In “Hofstad (2004)” some 
alternative rotor-dynamic modelling methods were 
discussed for hydropower units. “Karlsson (2005)” 
studied dynamic behaviour in hydropower rotors due to 
the influence of generator shape and fluid dynamics. The 
magnetic pull force in the generator has an evident affect 
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on a hydropower unit’s dynamic behaviour. “Behrend 
(1900)”, “Grey (1926)” and “Robinsson (1943)” 
suggested linear equations for calculations of magnetic 
eccentricity up to 10% of the average air gap. 
“Gustavsson (2004)” studied the magnetic pull influence 
on the stability of rotors eccentrically displaced in the 
generator bore. A non-linear model of magnetic pull was 
also used in “Gustavsson (2005)” to study how magnetic 
pull influenced stability. 

 A non-uniform air gap caused radial forces in the 
radial guide bearings. The load on the bearings affected 
the bearings stiffness and damping. “Someya (1988)” 
compiled results from numerous experimental 
evaluations on journal bearings. Typical bearings for 
vertical hydropower units were not included in these 
experimental evaluations. Tilting-pad bearings in 
Swedish hydropower units consist of 8 – 24 pads, and in 
extreme cases up to 48 pads.  “Gustavsson (2003)” 
presented a method to measure bearing loads and later 
“Gustavsson (2003)” presented a method to determine 
stiffness and damping from the measured bearing loads. 
According to “Ong (2001)” and “Bonnett (1992)”,
almost 40% of the failures in large electrical machines 
are related to bearing failures.  

Due to the resonance problems there was a need to 
further investigate the machines dynamic properties. 
Measurements and new calculations were performed 
during 2007. During the measurements the machine was 
intentionally put into a state that increased the probability 
of unstable behaviour. The adjacent hydropower unit that 
shares the tailrace tunnel was regulated up and down in 
effect, causing surge to occur in the tailrace tunnel. In 
less than an hour the machine went in to resonance. 

NOMENCLATURE 
dr  = Nominal speed (r/min) 
n  = Natural frequency (r/min) 

f(t) = Load vector (N) 
KM = Magnetic pull (N/m) 
G = Gyroscopic matrix 
C = Damping matrix 
K = Stiffness matrix 

 = Eigenvalues 
 = Damping ratio 

u = Eccentricity 
UGB = Upper generator bearing 
LGB = Lower generator bearing 
TGB = Turbine guide bearing 
US = Upper shaft 
IS = Intermediate shaft 
TS = Turbine shaft 
KXX … KYY  = Bearing stiffness coefficients (N/m) 
CXX … CYY  = Bearing damping coefficients (Ns/m) 

MACHINE PROPERTIES 
Turbine type: Kaplan 
Nominal output:  42   MW 
Nominal speed ( dr): 167 r/min 
Head:  34   m
Mass runner: 65   metric tons 
Mass rotor: 197 metric tons 
Magnetic pull generator: 310 MN/m 

Radial Bearings 
Component:  UGB LGB TGB
Segments:  8  24 8  
Rotor diameter (mm):  550 1700 950 
Radial clearance (mm):  0.2 0.175 0.175 
Pivot type:  Rocker Rocker Ball 
Preload:  0 0 0.3 

Shaft
Component:  US IS TS
Length (mm):  3800 4570 6074 
Diameter (mm):  450 800 800 

MEASUREMENT SETUP 
The radial distance between shaft and bearing 

housing were measured at all three bearings in both the x 
and y directions (M1, M2 and M5). The distance between 
the upper and lower generator bearing, L1, is 3075 mm. 
The distance between the lower generator bearing and 
the turbine guide bearing, L2, is 7420 mm. The total 
length of the rotating structure is 16045 mm including 
the runner.  

Bending moment were measured at positions M3 and 
M4 on the shafts. Torque and axial load were also 
measured at position M4. Strain gauges were used to 
measure bending moment, torque and axial load.  

Figure 1. Schematic diagram showing the rotating 
components and measurement points. 

While these measurements were undertaken, 
pressure in the draft tube, pressure in the spiral casing 
and both the upper and lower water levels was 
monitored. Measurement data from the rotating system 
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was streamed via Bluetooth to the data acquisition 
equipment. 

MEASUREMENT RESULTS 
Measurements were taken during normal operation 

and during resonance. During normal operation the 
frequency characteristics of the shaft displacement 
contained high displacement amplitudes at 2 x dr,
Figure 2. 

Figure 2. Frequency characteristic of shaft 
displacement in bearing at normal operation 

When the operating environment of the machine was 
altered to increase the possibility of unstable behaviour, 
the machine began to resonate on two separate occasions. 
During resonance the amplitude of the shafts radial 
displacement increased in the bearings, Figure 3.

Figure 3. Displacement properties and change in 
oscillation frequency of the shaft vibration in turbine 
guide bearing during resonance 

During the time period 5 – 12 s in Figure 3 the 
amplitude increased in a controlled manner. When the 
time passes 12 s the amplitude increased rapidly and the 
machine tripped out at 16 s. The dominant frequency, 

shown by the green line in Figure 3, of the oscillations 
also increased during resonance. 

The frequency characteristics of the displacement in 
the turbine guide bearing are shown in Figure 4. Before 
resonance, clear peaks could be identified at 1 x dr and 
2 x dr. During resonance, the peak at 2 x dr increased 
in both amplitude and frequency. This caused high 
vibration levels which caused an automatic trip resulting 
in decreasing amplitudes of vibration. 

Figure 4.  Properties during resonance 

Measurement of bending moment and torsion was 
performed at the same time as shaft displacements were 
measured. 

NUMERICAL RESULTS 

Figure 5. Rotor geometry

As in all finite element calculations, the end result is 
implicitly dependent on how the various components in 
the mechanical structure have been represented. Within 
the Swedish hydropower industry there are a variety of 
different ideas regarding how bearings and their 
surrounding structures should be modelled in 
rotordynamic calculations. The natural frequency that is 
calculated depends on which bearing terms are included 
in the analyses and if the surrounding structure has been 
taken into consideration. The stiffness of the upper 
generator-bearing bracket in this machine is almost ten 
times weaker than the bearing’s oil film stiffness at 
normal bearing load. This implies that it is important to 
include the surrounding structures stiffness in the 
analyses. Stiffness of the generator-bearing bracket and 
turbine-bearing bracket are of the same order of 
magnitude as the bearing’s oil film stiffness at normal 
bearing load.
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Table 1 below summarises the calculations of the 
hydropower unit’s four lowest natural frequencies 
depending on how bearings and surrounding structures 
are represented in the calculations. Calculations of 
bearing properties and natural frequencies were 
performed in the commercial software RAPPID. The 
program solves the eigenvalue problem for the equation 
of motion (1). 

uKtfKuuCGuM M  (1) 

where f(t) is the time-dependent load vector and KM
is the magnetic pull force acting on the rotor. M is the 
mass matrix, G the gyroscopic matrix, C the damping 
matrix and K the stiffness matrix. By using a state vector 

TTT uux , equation (1) can be written in state space 
as

bAxx  (2) 
where
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Assuming a homogenous solution of the exponential 
form xh(t)=qe t and inserting this in Equation (2), then an 
eigenvalue problem is obtained as 

Aq = q, q  0 (5) 

where j are the eigenvalues and qj are the 
corresponding eigenvectors. The homogenous solution to 
equation (5) is 
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The solution to equation (6) is real although there 
are complex quantities involved. From the analysis of the 
eigenvalues is it possible to study damping ratio, stability 
and the eigenfrequencies of the system. The complex 
eigenvalues j can be written as: 
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In equation (8) i is the undamped natural frequency 
of the iht mode and i is the modal damping ratio 
associated with the iht mode. If the damping ratio, , is 
less than 1 the damped natural frequencies can be 
obtained from the imaginary part of the eigenvalue  

21 iini
 (9) 

Machine properties described previously in this 
paper are used and the geometry of the rotor is described 
in Figure 5.  Calculation results for following four cases 
are presented in Table 1: 

Case 1:  Only the stiffness in the stiffest direction is 
included. Cross-coupled terms, damping and 
surrounding stiffness are not considered. 

Case 2: Direct stiffness and damping are included. 
Cross-coupled terms and the surrounding 
structure are not considered. 

Case 3: All bearing terms (i.e. KXX, KXY, KYX, KYY,
CXX, CXY, CYX, CYY) are included in the 
calculations. Surrounding stiffness is not 
considered.

Case 4: Includes all bearing terms and surrounding 
stiffness. 

Table 1. The four lowest natural frequencies at 
nominal speed and at 50kN bearing load 

Case 1 2.13 2.29 3.02 3.28 
Case 2 2.34 2.60 3.65 4.04 
Case 3 2.26 2.55 3.92 4.09 
Case 4 1.72 2.08 2.20 2.34 

There is a significant difference in the calculated 
results for Case 1-Case 4. In the remainder of this paper, 
all bearing terms and surrounding stiffness will be 
included in the calculations.  

A bearing’s stiffness and damping are dependent on 
the shaft’s position in the bearing and the load acting on 
the bearing. During normal operation of this machine, 
before resonance occurs, the bearing loads are moderate 
and the shaft eccentricity is small. Figures 6 and 7 
present calculated natural frequencies and stability when 
the load on each bearing is moderate, 30 kN, and the 
bearings are represented according to Case 4. 
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Figure 6. Natural frequency at 30 kN bearing load 

Figure 7. Stability at 30 kN bearing load 

At nominal speed there are several resonance 
frequencies close to 2 x dr. Furthermore, eigenmode 
M-3 has low damping at nominal speed. Eigenmode M-2 
is very close to 2 x dr. Fortunately this mode is highly 
damped. 

At resonance the machine becomes unstable and the 
bearing load increases, Figure 3. At “full resonance” the 
eccentricity and bearing load are high. In Figure 8, the 
natural frequencies close to 2 x dr are presented as a 
function of the bearing load. Normal operation 
corresponds to approximately 30-50 kN bearing load. 
While in resonance the bearing load is at least 100 kN.  

Figure 8. Natural frequencies as a function of bearing 
load at nominal speed  

Figure 9. Stability as a function of bearing load at 
nominal speed

The natural frequency of eigenmodes M-2 and M-4 
increases when the bearing load increases. The bearing 
load hardly affects the natural frequency for eigenmode 
M-1 and M-3. Increasing bearing load causes the 
damping of all four modes to decrease, Figure 9. The 
dashed red line in Figure 8 shows the measured natural 
frequencies at estimated bearing loads. The estimates are 
based on Figure 3.  

CONCLUSIONS
The correct modelling of bearing parameters is 

critical to achieving accurate results in rotor dynamics 
calculations. It has previously been standard practice 
within the hydropower branch to perform calculations 
using isotropic bearings without considering dampening 
or the stiffness of surrounding structures. The oil film 
stiffness for the bearing is almost ten times higher than 
for the upper generator bracket. Therefore, the stiffness 
of the bearing bracket is decisive for the system’s 
combined damping and stiffness. When all bearing 
parameters are modelled, and the stiffness of surrounding 
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structures is considered, the calculated results and 
measured results agree well with each other. 

The two main causes of the resonance problem at 
this hydropower unit are:  

- High displacement amplitudes at 2 x dr caused 
by shape deviations in generator and stator  

- Natural frequencies close to 2 x dr

The high displacement amplitudes at 2 x dr are 
caused mainly by shape deviations in rotor and stator and 
misaligned shafts. These high displacement amplitudes at 
2 x dr excite the highly-damped eigenmode (M-2) at 
approximately 2 x dr. The excitation causes the 
displacement amplitude to increase (i.e. the bearing load 
increases). Increased bearing load causes the natural 
frequency of eigenmode M-2 to increase and the 
damping to decrease. Decreased damping results in 
increased displacement amplitude, increased natural 
frequency and further decreased damping. The high 
damping of eigenmode M-2 results in this course of 
events proceeding in a relatively slow and controlled 
manner, see Figure 3 between the times of 4 – 12 s.  

Increased bearing load causes the natural frequency 
of eigenmode M-2 to increase but the increased bearing 
load has a negligible effect on the natural frequency of 
eigenmode M-3. At high bearing loads the natural 
frequencies for eigenmode M-2 and M-3 are very close. 
The course of events described above causes eigenmode 
M-2 to excite eigenmode M-3. Eigenmode M-3 has low 
damping and the displacement amplitude increased 
quickly, see the time period 12 – 14 s shown in Figure 3. 

In the preceding calculations the radial force was 
modelled symmetrically between the bearings. This is 
unlikely in reality but necessary as the true load 
distribution is currently unknown. New measurements 
are planned where the loads in all bearings will be 
measured. 

Bearing data calculated numerically is done in a 
static position corresponding to the balance point of the 
shaft due to bearing loads, see Figure 10. This is not the 
case in reality. The shaft’s eccentricity, u, in vertical 
hydropower units consists of two components, a static 
eccentricity component and a dynamic eccentricity 
component. The dynamic eccentricity caused by shape 
deviation in generator, misaligned shafts and excitations 
from turbine has not been considered in the calculations 
of the bearing coefficients.  

The good agreement between the calculated and 
measured resonance frequencies implies that the 
simplified method for calculations of bearing parameters 
used in this paper is sufficient in this case.  

Figure 10. Shaft eccentricity in guide bearing 
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