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Abstract 
 
Volvo Technology has earlier developed a free piston engine prototype and tested it. It was found that a new 

bearing design was needed for the translator and piston in order to reduce friction losses and thus improve 
operational life and efficiency. These conclusions led to this master thesis project which has been carried out 
during a time span of 20 weeks. 

A large literature- and concept study has been carried out, resulting in a number of promising concepts to 
solve the bearing problem. A combined aerodynamic and aerostatic bearing for the translator was chosen for 
the investigation. A theoretical study has therefore been carried out together with static and dynamic rig test in 
order to verify the theoretical results and evaluate the opportunities of using it in a full-scale prototype. The rig 
tests were shown to function and correspond well to the theoretical results and it was concluded that the 
aerostatic bearing concept chosen, was very promising. It was found that a supply pressure of 4bar would 
manage to keep the translator centred which resulted in an energy consumption of barely 200W. 
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1 Linear bearings for free piston engine 

In this chapter the background and assignment for this project on developing linear bearings for the free 
piston energy converter is explained. Volvo Technology and the project directives for the thesis work are also 
presented.  

1.1 About Volvo Technology 

Volvo Technology (VTEC) is a subsidiary of the Volvo Group. VTEC is an innovation company that 
develops new technique for the vehicle and transport industry and works as a consultant company within the 
Volvo group. The mission of VTEC is to develop a lead in existing and future technology that is of high 
importance to Volvo. VTEC has their main customers within Volvo Group and Volvo Cars but also some 
selected suppliers. VTEC participates in national and international projects that often involve universities, 
research institutes and other companies. 

1.2 Background 

Volvo Technology has earlier developed a free piston energy converter (FPEC) and built a full-scale 
prototype of it to validate its functionality and ability to use in future applications. The prototype was of dual 
piston configuration consisting of two pistons and cylinders with the electrical machine in between. The results 
found were encouraging and a lot of knowledge was gained. After the FPEC project an evaluation was done in 
order to see what could be improved. It was found that a new type of free piston engine would hopefully be even 
more promising; a free piston engine of opposed piston type. This new type of engine allowed a perfectly 
balanced design with less vibrations and high scavenging efficiency. In this pre-study of the new FPEC project, 
it was concluded that a new bearing design was needed for the translator and piston in order to reduce friction 
losses. This was a conclusion drawn from the prototype testing whereas wear scars caused by friction was 
detected.  

1.3 Project assignment 

The two pistons in the first FPEC used regular piston rings, causing the unsupported translator to slide 
against the cylinder liner whereupon unwanted frictional losses emerged. Even if it was seen that the pistons had 
been affected most by the friction problem, it is believed that a support for the translator would reduce the radial 
forces on the pistons as well. Therefore the assignment for this project was to find out how to control this radial 
translator position with the help of linear bearings, always keeping it centred. It would be beneficial to solve the 
piston problem as well by using a common bearing design for both the translator and the piston. Since the FPEC 
engine does not have an oil sump and the exhaust emissions should be kept at a minimum, no or small amount of 
oils should be used.  

1.4 Project directives 

The work in this project included the following parts: 

 A pre-study to identify existing solutions and FPEC designs. 
 Determination of project requirements and product characteristics. 
 Generation and evaluation of new bearing concepts. 
 Concept selection and refinement of final concept. 
 Developing, designing and operating a rig for prototype testing of the chosen concept. 
 Evaluation and conclusions for the final concept and proposals for future work. 
 Technical report describing the solution of the linear bearing problem.  
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2 Aim and scope 

This chapter consists of the goals, deliverables and restrictions of the project.  

2.1 Goals 

The goal of this master thesis was to find a solution for the bearing problems with Volvo’s free piston engine. 
The project would hopefully result in a concept of a self lubricated or marginally lubricated bearing design that 
shows positive result in the prototype testing. Furthermore it would be desirable to accomplish minimal frictional 
losses and wear in order to maximise engine efficiency and increase operational life. It would also be beneficial 
to verify the theoretical results by laboratory scale rig testing.  

2.2 Deliverables  

The expected outcome from this project was: 

 Wide concept study and evaluation in order to end up with the most promising concept. 
 Component selection to build an operative prototype of the linear bearing. 
 Test rig and test of the bearing design to verify functionality. 
 A technical report as documentation of the work. 

2.3 Restrictions 

The chosen concept will be developed to fit in Volvo’s new version of free piston engine. The target machine 
is a free piston engine of opposed piston type run on diesel fuel with HCCI combustion. Most focus should be 
paid on implementing a bearing for the electrical machine, even though a common bearing for both the electrical 
machine and the piston would be desirable. However, the bearing problem with the piston should just be looking 
into if there is enough time to do so. Further on, ferromagnetic materials for the bearing design are not of interest 
since it would disturb the electrical machine. 
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3 Solution methods 

This chapter describes the theory on solution methods and a discussion on how they were used during this 
project. 

3.1 Pre-study 

A pre study is an important prerequisite for all projects. By gathering information about the field and the 
existing solutions in the same area, the chance for a successful solution is increased. The pre-study is often a 
literature study where academic journals and information on the internet is studied. From this a lot of useful 
information can be gathered and compiled so all members in the group can take part of it.  

3.2 Product characteristics 

Setting up a list of product characteristics by establishing a list of specifications in a precise and measurable 
way, will ensure commercial success and good quality as a result. This can be done by listing all the demands 
that the new product must handle and its required specifications. When the essential demands for the product 
have been stated, a wish list with properties that is desirable, but not quite as important as the demands in order 
to get the product working, can be written down [1].  

3.3 Concept generation 

In product development it is important to analyse a multitude of solutions to be sure that the right one will be 
selected. Brainstorming is a way to develop a lot of solutions to choose from in product development. Four 
guidelines are used for a rewarding brainstorming session [1]:  

 More generated ideas will result in higher probability of fully exploring the solution space. 
 No ideas should be neglected at a start; it could be used to build on or for generating more ideas. 
 When presenting an idea, the person shall not be interrupted so that the whole idea will be presented 

and nothing is lost. 
 Everyone should understand the problem to solve so that the goal is clear from the beginning. 

3.4 Concept selection 

Different methods can be used to select the best concept and a common thing for most methods is that they 
consist of a list with criteria used for ranking the concepts. The criteria should consist of characteristics that are 
essential for the success of the product. A “Decision matrix” is such a method.  

For the decision matrix the criteria are weighted differently according to how important they are for the 
design. All criteria are given a weight between 1 and 5 where a high number indicates a very important property. 
Then the concepts are given a grade of 1 to 5 on each criterion and then multiplied by its weight. The weighted 
sum will then decide which concept gets the highest score [2].  

3.5 Prototype 

The best way to make a good estimation of how well a concept will function for a specific purpose is to build 
a prototype and test it. By running tests on a prototype the function and performance can be tested and compared 
with both the assumptions made and theoretical results. While designing a prototype there is often possible to 
build a simplified model of a concept and by that save time and money in case the concept is of a complicated 
design. A simplified geometry of a concept can, while designed correctly, still give very reliable results. 
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4 Tribological properties 

To understand how a bearing functions it is not only necessary to know how it is assembled and its physical 
properties. It is also necessary to know the fundamental tribological aspects. Therefore some of the most 
important tribology theory is discussed in this section.  

4.1 Hydrodynamic and elastohydrodynamic lubrication 

When a bearing with a converging gap in the velocity direction starts to move, it forces the fluid to move in 
between the bearing surfaces. This is the reason for why a hydrodynamic (HD) pressure, large enough to 
separate the surfaces, will be built up. The hydrodynamic plain bearing for example, uses this principle to 
function. It’s an ideal form of lubrication since the lubrication film is many times greater than the height of the 
asperities, wherefore no mechanical contact will occur [3]. Figure 1 show how the hydrodynamic pressure is 
building up in a plain bearing. 

Elastohydrodynamic (EHD) lubrication is a special case of hydrodynamic lubrication where the elastic 
deformation of the surfaces acts as an important part, which is a result of the large pressure built up. In EHD 
lubrication the asperities can actually come into contact with each other at some points due to the thinner 
lubrication film.  

Friction coefficients lower than 0.001 has been found in hydrodynamic lubrication. One must take into 
consideration that adhesive wear occurs during starts and stops in both cases mentioned [3] [4]. 

 
 

 

Figure 1. Hydrodynamic pressure builds up. 
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4.2 Lubrication regimes and the Stribeck curve 

In a Stribeck curve the friction coefficient can be drawn as a function of velocity, viscosity and pressure. A 
typical appearance of a Stribeck curve can be seen in figure 2. In this diagram, three lubrication regimes can be 
found. In the boundary lubrication regime the hydrodynamic pressure created is very low, resulting in a high 
friction coefficient and the load is mainly supported by mechanical contact. As the hydrodynamic pressure starts 
to build up when the speed increases, the friction coefficient decreases when entering the mixed lubrication 
regime. In this regime, part of the bearing is supported by hydrodynamic pressure and part by mechanical 
contact. When increasing the speed further, the Stribeck curve comes into the hydrodynamic lubrication regime 
where the load is completely supported by the hydrodynamic pressure that has been build up. As can be seen in 
the figure, the coefficient of friction starts to increase with the sliding velocity after hydrodynamic lubrication 
has been achieved. This is because of a phenomenon called viscous drag [5]. 

 

 

Figure 2. Stribeck curve. 

4.3 PV value 

The pressure-velocity (PV) value is a factor that limits the surface pressure of plastic materials in sliding 
applications. Since plastics are less heat resistant than many other materials, they can elastically or plastically 
deform or melt during high frictional operations. The PV value is thus a value of the maximum friction energy 
that can be accommodated by the bearing [5]. 

4.4 Lubricants and additives 

Choosing the right lubricant is an essential part when implementing a bearing in an application. There are 
many different types of lubricants and additives. The most important property of a lubricant is its viscosity; to 
high viscosity results in viscous friction losses and to low viscosity result in the risk of causing mechanical 
contact between surfaces. As higher temperature means lower viscosity, the lubricant will have different 
properties at different temperatures and thus different velocities. The viscosity-temperature dependency is 
measured by the so called viscosity index (VI), where a higher VI-value indicates smaller viscosity changes with 
temperature. 

The VI-improver additive can help to improve this undesirable effect of a low viscosity index. Friction 
modifiers reduce friction and the anti wear additives creates a protective layer by a chemical reaction with the 
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metal surface. An extreme pressure additive form a protective layer by chemical reaction with the metal surface, 
initiated at high temperatures and increases the load at which scuffing or seizure occurs. 

There are different types of oils to choose from; vegetable oils, mineral oils, synthetic oils and compounded 
oils. Each which can be divided into more categories, having different properties. Grease is another form of 
lubricant that can be appropriate to use in applications where a continuous supply of oil cannot be maintained. 

Components can also be self-lubricated or gas lubricated. In self-lubrication the materials themselves act as 
the lubricant.  Air is the most commonly used for gas lubrication where the surfaces are separated by an 
extremely thin air film. The air film has to be very thin because of air has a very low viscosity but in contrast to 
oils, the viscosity of air increases with increasing temperature [5]. 

4.5 Wear and friction 

There are different types of wear and friction mechanisms. Some of the most common types of wear are 
adhesive wear, abrasive wear and corrosive wear. Some wear- and friction phenomena are described in the 
following text. 

 
Adhesive wear 

Adhesive wear occurs due to strong adhesive forces between asperities that causes micro-welding. Adhesive 
wear is often of severe type that stops the machine and three types are:  

 Scuffing, which is a type of adhesive wear, occurs during a short period at high loads whereas the 
contact temperature increases and breaks down the lubricant film causing micro-welding between 
the asperities.  

 Seizure, or cold-welding, is a result of smooth compatible metals being rubbed against each other 
with a force so that they will seize with each other with strong bonds.  

 Galling is another type of adhesive wear similar to seizure. 

Abrasive wear 
Abrasive wear may occur due to two-body or three-body abrasion. Two-body abrasion is when a hard rough 

surface ploughs into a softer one. Three-body abrasion is when hard particles are ploughing into at least one of 
the other two surfaces.   

 
Corrosive wear 

Corrosive wear is when the surfaces corrode in a corrosive environment such as corrosive liquids or gases. 
This result in that reaction products are formed on the surface which affects the wear process.  
 
Adhesion 

Adhesion is a type of friction which is a result of strong intermolecular forces between two smooth surfaces. 
When two smooth identical materials come into contact with each other cohesive forces occurs that may result in 
that the surfaces will remain attached due to a large real area of contact. When two smooth dissimilar materials 
come into contact, adhesive forces are created due to metallurgical compatibility which relates to the surface 
energy of the surfaces [5].  
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5 Pre-study 

The pre-study carried out in this thesis work treats the FPEC engine, benchmarking, related technology and a 
bearing types and materials overview. 

5.1 Volvo’s free piston energy converter 

Volvo has earlier developed and built a prototype of a dual free piston engine and also made some testing on 
it. Conclusions made from the FPEC prototype resulted in that a free piston engine of opposed piston type would 
be used. Both types are described below. 

5.1.1 The dual piston FPEC 
The engine developed is a 2-stroke free piston energy converter (FPEC) of dual piston type with two 

combustion chambers and an electrical machine used as a generator. Figure 3 shows a principle layout of the 
engine. Combustion occurs at the two top dead centres by supplying the air at the bottom dead centre with the 
help of ports in the cylinder walls. The fuel is injected from the cylinder head. Pneumatic valves that are 
electrically controlled are used to lead the exhaust gases out from the combustion chamber. Since no crankshaft 
is keeping the pistons in a fixed position, the piston motion must be controlled in order to achieve a proper 
ignition timing and variable compression ratio. 

  

 

Figure 3. Free piston energy converter of dual piston type. 

The electrical machine used is of Quasi Halbach type with an efficiency of approximately 93% with the 
properties of a low moving mass together with high efficiency and large air-gap giving it freedom to compensate 
for some radial misalignments. Two major drawbacks with the electrical machine are that the translator which 
has glued magnets must withstand accelerations exceeding 10.000 m/s2 and that the magnets are sensitive to high 
temperatures. A prototype were built and designed to operate with diesel fuel and homogenous charge 
compression ignition (HCCI) combustion. Test runs have been performed at low load levels. 

5.1.2 The opposed piston FPEC 
The experiences from the FPEC prototype concluded that a new design was believed to be more promising; a 

2-stroke free piston engine of opposed piston type. The advantages of the opposed piston configuration is a 
perfectly balanced vibration free design where no cylinder head is needed and it allows uniflow scavenging 
giving it a high scavenging efficiency. No physical prototype is built so far and there is no final design yet either, 
but a principal layout for this engine can be seen in figure 4. One of the reasons for developing a new version 
was the high frictional losses between piston and cylinder liner detected in the dual piston FPEC prototype. 

 

 

Figure 4. Free piston energy converter of opposed piston type. 
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The opposed free piston engine consists of two moving parts, each containing an electrical machine and a 
bounce chamber. The bounce chamber is used to force the translator and pistons to bounce back towards the 
combustion chamber, which is accomplished by the high pressure building up during the combustion stroke. The 
opposed piston type seen in the figure above has a common combustion chamber using inlet and outlet ports for 
the air and exhaust gases respectively. The fuel is supplied by a fuel injector between the inlet and outlet ports 
and is supposed to run on diesel fuel with HCCI combustion.  

5.2 Benchmarking 

In this section it was investigated how other free piston engines have solved the linear bearing problem and 
sealing on the piston to cylinder liner contact. There is only one of the investigated engines that has described 
how that bearing system works and it is shown in this section. 

5.2.1 Pempek systems FP3 engine 
Pempek systems [6] has developed a free piston engine with the intention to use it in hybrid electric vehicles. 

The study of this engine was primarily done on the piston to cylinder bearing and the sealing used between the 
piston and the cylinder wall. The bearing for the Pempek free piston engine is supposed to be service free during 
the entire life of the engine. The bearing surface of the moving piston is a steel sleeve that runs on aramid 
composite bearings that is milled in the cylinder liner between the stator iron poles. See figure 5 for a 
visualisation of the engine and bearing. 

 

 

Figure 5. The Pempek free piston engine with an overview to the left with arrows pointing at 
the composite positioned on the cylinder liner and a close-up view of the labyrinth seal with a 

arrow pointing at the piston ring to the right. (Douglas Carter and Edward Wechner, 2003) 

The piston to cylinder wall sealing is made by mounting a piston ring at the bottom of the cylinder and 
cutting out a series of labyrinth seal grooves above it. The seal creates a swirl on the combustion gas and 
therefore reduces the pressure on the piston ring. The cylinder is a water cooled cast iron sleeve and the piston is 
made out of titanium. This system relies on that the lubrication that is used has low emissions while combusted 
in order to function. To ensure low emissions it is of interest to use a system like this without any lubrication.  

5.3 Related Technology 

This section consists of an investigation of the existing bearing solutions for linear bearings used in other 
applications than free piston engines. 

5.3.1 Internal combustion engine bearing 
The bearing used for piston ring to cylinder liner contact in a typical 4-stroke internal combustion engine 

today consists of three piston rings mounted on the upper part of the piston. The two top rings are compression 
rings where the upper compression rings role is to seal the combustion chamber from leaking combustion gases 
down past the piston and also lead heat from the piston to the cylinder wall. The lower compression rig serves 
the same purpose as the upper one and function as a backup to the upper ring. The lower compression ring also 
works as an oil distributing ring for the upper compression ring, making sure that it has enough oil during the 
process. The lowest positioned piston ring is called oil ring. An oil ring of a typical design has a slotted 
construction with two narrow lands that produces a relatively high pressure on the cylinder wall and therefore 
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removes excess oil. This is done due to the fact that the otherwise the pumping action done by the upper rings 
would lead to high oil consumption. The lubrication for the piston ring to cylinder liner contact in a 4-stroke 
engine is often supplied by splashing from a connecting rod bearing throw-off. A conventional 2-stroke engine 
follows the same principle as the 4-stroke engine with the difference that it lacks the oil ring since no oil sump is 
used. Figure 6 shows a piston with the piston rings assembled for a 4-stroke engine [7]. 

 

 

Figure 6. A piston with the piston rings assembled for a 4-stroke engine. 

5.3.2 Crosshead bearings for marine applications 
In large two stroke diesel marine engines a common type of linear bearing is the so called crosshead bearing 

seen in figure 7. The connection between the piston and crank shaft in such an engine is divided into two 
different links both connected to the crosshead bearing that is positioned in between those two links. The 
purpose of the crosshead bearing is to reduce the radial loads that usually the piston is subjected to in a regular 
combustion engine with the connection rod connecting the piston directly to the crank shaft. By letting the 
crosshead bearing slide in linear guide shoes positioned in the same direction as the piston is sliding, the 
crosshead is subjected to radial forces caused by the con rod. The crosshead is made of forged steel with steel 
cast guide shoes provided with white metal on the running surfaces. The bearing is hydrostatic lubricated that 
ensures an adequate oil film between the crosshead pin and the white-metal bearing shell [8]. 

 

 

Figure 7. Crosshead bearing together with con rod. (Woodyard, 2009) 
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5.4 Plain bearings 

There are two main types of plain bearings which are described in this section; hydrodynamic and hydrostatic 
bearings. The hydrodynamic uses its shape to build up a pressure large enough to separate the surfaces by 
increasing the sliding speed and the hydrostatic uses an external supply of oil to achieve this effect. Bushings are 
also a type of plain bearing which are briefly explained below.  

5.4.1 Hydrodynamic bearings 
Hydrodynamic plain bearings are a very common type of bearing in rotating applications such as in the cam 

and crank shaft in an ordinary internal combustion engine. The principle of hydrodynamic lubrication is 
explained in section 4.1.  

5.4.2 Hydrostatic bearings 
The principle of hydrostatic bearings is similar to a hydrodynamic bearing but instead of using the system 

itself as a pump it uses an external pump in order to separate two surfaces from one other. The lubricant is 
pumped in with high pressure between the runner and the bearing which forms a protective film. These types of 
bearings are suitable for accurate motion control since it has low, constant and predictable friction. Since the 
surfaces never have contact any suitable lubricant can be used. Disadvantages with a hydrostatic bearing are that 
it is more expensive and has extra number of components needed compared to a hydrodynamic bearing. Since a 
hydrostatic bearing separates the surfaces independent of speeds and also have a very high stiffness it is used in 
high precision machines, such as precise machine tools. Figure 8 shows the principle of a hydrostatic bearing 
system [9]. 

 

 

Figure 8. The principle of a hydrostatic bearing. 

5.4.3 Bushings 
A bushing is an insert in a housing to give it a bearing surface and is used for rotating applications. Bushings 

are the most common type of plain bearings and is available in different types; solid sleeve, solid flanged, split 
and clenched. The flanged type of bushing can be used as a thrust bearing. Bushings are often non-lubricated or 
lubricated with grease. 

5.5 Rolling-element bearings 

Rolling-element bearings, or rolling bearings, were often referred to as anti-friction bearings because of their 
low friction compared to slide bearings. There are a number of different types; balls, cylindrical rollers, spherical 
rollers and conical rollers. The low friction is because of their rolling motion that results in less wear. One of the 
main problems with rolling bearings is their inability to resist fatigue failure since high alternating stresses 
occurs in the rolling contacts. This is partly due to the centrifugal force which is a function of mass, operating 
speed and the orbit radius for the rolling element. According to the theory of elasticity, the maximum shear stress 
occurs below the surface that initiates cracks growing to the surface, causing flaking as result. Even though 
fatigue failure is one of the most discussed issues about rolling bearings, only about 5-10% of the failures are 
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due to fatigue. Overheating, misalignment, improper mounting, corrosion, penetration of particles and bad 
lubrication are more common causes to failure. Two common types of bearings will be discussed; the ball 
bearing and the roller bearing [3]. 

5.5.1 Ball bearings 
There are plenty of ball bearing types, where the deep-groove ball bearing is the most common one. Ball 

bearings can handle higher operating speeds than roller bearings because of their lower friction which is an effect 
of its point contact. The deep-grove ball bearing has a groove in both raceways which fits the balls and can 
therefore sustain high thrust loads of about 70% of its radial load.  

Another type of ball bearing is the self-aligning ball bearing with two rows of balls, which has the ability to 
provide a self centring effect that reduces the misalignment between the centreline of the bearing and the shaft. 
This is achieved by having a spherical form on the outer raceway giving an additional degree of freedom in the 
angular direction [3]. 

Other types of ball bearings are the double-row deep-groove ball bearing, angular contact ball bearing and 
thrust ball bearings etc. Each of these has their own specific properties, suitable for use in different applications. 

5.5.2 Roller bearings 
In comparison with ball bearings, roller bearings have a line contact instead of a point contact making them 

suitable for higher radial loads due to the larger contact area. But the line contact has drawbacks in comparison 
because a higher friction will occur making them less suitable for high speed operations. Four common types 
exist; cylindrical roller bearings, tapered roller bearings, needle roller bearings and spherical roller bearings [3]. 

Cylindrical roller bearings are used in applications when high radial loads originates. They exist in single or 
multiple row appearance and can only handle limited thrust loads. 

The tapered roller bearings are designed in a shape that has tapered inner and outer raceways which holds 
tapered rollers in between. This makes them suitable for applications when dealing with both axial and radial 
loads. The contact lines for each of the rolling elements coincide at a common point on the bearing axis which 
enables the rolling motion [4].  

Needle roller bearings are built on the same principle of the cylindrical ones, but with a higher length-to-
diameter ratio, which makes them suitable when space is of big concern. As well as the cylindrical roller 
bearings they can handle a large amount of radial load. 

The roller bearings equivalence to self-aligning ball bearings is the self-aligning spherical roller bearing and 
contains of barrel-shaped rollers. The advantage with this bearing over self-aligning ball bearing is its higher 
load capacity, but on the other hand it produces more losses in terms of friction. There are three variants; single-
row, double-row and thrust type whereas the single-row type is recommended for supporting only thrust loads. 
The double-row spherical roller bearing can withstand both axial and radial loads and has the highest load 
capacity of all roller bearings [3]. 
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5.6 Gas bearings 

Gas bearings typically use air to separate the two sliding surfaces from each other. They can be divided into 
the following two types; aerostatic bearings and aerodynamic bearings.  

Since gas has a low viscosity, friction losses caused by viscous shearing and the heat development in air 
bearings are very low. These types of bearings are thus appropriate for high speed application as well as for high 
temperatures [5]. In this chapter both the aerodynamic and aerostatic bearings are discussed and the advantages 
and drawbacks of them will be presented. 

5.6.1 Aerodynamic bearings 
Just as for hydrodynamic bearings, aerodynamic bearings are in need of relative motion between the two 

surfaces in order to separate them from each other. The major difference between a gas film and a liquid film is 
the viscosity and the fact that the gas is compressible. An aerodynamic bearing acts as a hydrodynamic bearing 
at low speeds since the gas film density is assumed to be almost constant, wherefore the gas behaves like an 
incompressible medium. When increasing the speed the density change is becoming more important making the 
differences to liquid films greater. 

In the free piston engine, a slider type of aerodynamic bearing would be the most adaptable. A number of 
different types of slider bearings are available. The plane wedge, step-slider, taper-flat, taper-step and parabolic-
film slider bearings are some examples which are shown in figure 9. The step-slider bearing shown as b) in the 
figure is also called a Rayleigh type of step bearing [10]. 

 

 

Figure 9. Different types of slider bearings: a) Plane-wedge b) Step-slider c) Taper-flat d) 
Taper-step e) Parabolic-film. 

5.6.2 Aerostatic bearings 
Aerostatic bearings are often called externally pressurised air bearings and functions by the principle of 

separate the bearing surfaces by the supply of pressurised gas. The principle of aerostatic bearings is similar as 
for hydrostatic bearings but it differs a lot in design, calculation methods and bearing characteristics.  

There are different ways of supplying the air to the bearing surface such as: simple orifices, annular orifices, 
slot feeding, porous- or partial porous surfaces. When using orifices different hole designs are used for the air 
supply and by using a porous surface the air is supplied through a porous material which can be achieved since 
the viscosity of a gas is more than 100 times less than for a fluid. The method chosen for the air supply in high 
grade determines the bearing stiffness [5]. 

5.6.3 Properties for gases 
Gases have a viscosity which is considerably lower than for fluids, why the clearance needs to be on the 

order of 10-15μm or less in order to limit the gas flow. Also, gases viscosity-temperature dependency is low as 
well, resulting in that use in applications at high temperatures above 400ºC is possible.  

Since gas is a compressible medium and is used to fill up a pocket, dynamic instability can occur during the 
“filling up” period referred to as the pneumatic hammer. This is a result of the delay time when the gas tries to 
catch up with the change in pressure [5]. 

5.7 Magnetic bearings 

Magnetic bearings use magnetic forces to separate two surfaces. Advantages with this is that they are capable 
of high speeds and operates without lubrication because there is no mechanical contact, which means that there 
will be no wear and therefore no contaminations created by the system. The wanted gap between two surfaces is 
controlled by electric currents passing through coils and the gap size is controlled by position sensors and control 
software. The disadvantages with a magnetic bearing is that it is expensive, complicated, may interact with the 
electrical machine, low damping effect and are more space consuming than traditional bearing solutions [5]. 
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5.8 Bearing materials 

When choosing a proper bearing, the material used is of high importance. Below are some characteristics for 
metallic, polymeric and ceramic materials.  

5.8.1 Metallic materials 
There are a countless amount of different metallic materials and alloys, each having their own specific 

properties. A metal to metal contact is always lubricated due to two main reasons; the boundary lubrication 
friction coefficient with lubrication is expected to be somewhere between 0.08-0.14 in relation to the expected 
value without lubrication 0.3-0.6. The other reason is that lubrication is used to reduce the wear as far as 
possible. The primary type of wear is adhesive wear and to minimise that, materials that are metallurgically 
incompatible is chosen as mating materials in a bearing, for example using a material with the hardness as high 
as three to five time the hardness of the mating material. This also gives the system a good possibility to deal 
with abrasive particles. Bearings with these types of specifications are often based on lead and tin that is babbitts 
and bronzes [5]. 

 
Babbits 

The most used babbitts are lead or tin electroplated on a steel substrate used for hydrodynamic bearings such 
as crank- and cam shafts in combustion engines. Often the layer is very thin (10-100µm) since it gives a higher 
fatigue limit than a thicker layer. On the other hand a thin layer cannot embed particles and align as well. A 
thicker layer is often used in marine applications a few millimetres thick applied on a cast iron bushing for the 
hydrodynamic lubricated propeller bearings. In order to solve the problem with the thickness advantages a 
commonly used technique is to make a grove ridge pattern in the substrate in order to create thick and thin tracks 
in the bearing and therefore get the advantages of both solutions [5]. 
 
Bronzes 

Since aluminium and copper are bad bearing materials by themselves they are often alloyed with lead and tin 
and forms the most popular bearing material used in engineering; bronzes. When a bearing of this type is run in a 
thin soft lead-tin film is formed which is metallurgical incompatible with steel and is therefore very appropriate 
to use in different machine applications. In order to improve running-in the lead-tin film can be electroplated on 
the bearing surface [5]. 
 
Cast iron 

High sensitivity to adhesion in a metal to metal contact such as cast iron to steel makes it have a low load 
capacity. Cast iron has a high hardness and therefore low embedability and high risk for high contact pressure 
and breakdown by local welding caused by the high temperatures which are a result of the high pressure. With 
proper lubrication this material can be used if the loads are moderate. Since perlitic cast iron has free graphite 
lamella that works as a solid lubricant and a reservoir for micro lubricants it has good sliding ability but a liquid 
lubricant is still needed. In contact with hardened steel perlitic cast iron can be used as a good alternative to 
bronze since it is often cheaper especially in large structures. The sliding ability can be improved by 
phosphatising, sulphonating or nitriding [5]. 
 
Sintered metals 

A sintered metal is made from Fe, Cu, Sn, Zn or Pb powder and are porous. The pores in the material that 
occupy about 30% of the volume are impregnated with oil. In small drives when running against steel where no 
oil supply exists sintered bronze is often used. Oil is supported from the pores by capillary and last during the 
entire life of the mechanism. Oil migrates from the pores during operation and creates boundary lubrication. 
Compressive strength is small and hydrodynamic lubrication is not possible. The sliding ability is relatively high 
and can be further improved with impregnation of solid lubricants such as PTFE combined with MoS2 this will 
also improve the load capacity. PTFE and graphite impregnation will also improve the temperature resistance for 
the material as high as 450-500oC [5]. 
 
Metal matrix components  

Metal matrix components (MMC) have a metallic matrix dispersed with ceramic particles, often in the size 1-
10µm. Similar to sintering MMCs are produced by powder metallurgy, the product is manufactured by 
compressing and sintering different powdered metal mixtures into accurately formed dies and punches. There are 
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a lot of different possible combination for MMCs, Al-MMCs has low weight, high thermal conductivity and high 
resistance to wear at boundary lubrication. Al-MMCs is therefore a good material to use in combustion engines 
for applications such as piston, cylinder liner, gears and similar. For really high temperature applications such as 
exhaust valves Ti-MMCs are suitable [5]. 

5.8.2 Polymeric materials 
Polymers are large molecules composed of repeating structural units, monomers. Polymers can be divided 

into the following sub-categories; thermosets, thermoplastics and elastomers. Thermosets are crosslinked 
polymers where the chains experience tough resistance and they cannot be melted after hardening. 
Thermoplastics consist of linear or branched chains and can be melted several times. Elastomers are viscoelastic 
and are often referred to as rubber.  

Polymers have several good properties compared to other materials. They have low density, do not suffer 
from corrosion, can easily be shaped, they are self-lubricated, generally have low friction and are silent and 
cheap. Unfortunately they have a low strength and thermal conductivity, they are vulnerable for wear and high 
sliding velocities can cause severe damage to the surface.  

As polymers have low thermal conductivity they are often used in applications that have a low PV-factor. 
According to the reasoning above they are also suitable where self-lubrication is needed, which also results in 
the use of fewer components. However, it is beneficial with some amount of lubrication if possible in order to 
reduce wear rates and cool the bearing. Friction coefficients of plastic bearings in dry and boundary lubrication 
typically range from 0.15 to 0.35, but even lower values can be achieved. If a liquid lubricant is not preferable, 
solid lubricant additives can be used to reduce friction and wear. The solid lubricant is applied to the material 
only once and can be done by blending them together. Examples of solid lubricants are; graphite powder, 
molybdenum sulphide, PTFE and silicon. The amount of the solid lubricant additive varies and typical values 
can range up to 20 % [9].  

Common polymeric materials used for bearings are teflon (PTFE), nylon, phenolics, polyamides and 
polycarbonate. When dealing with high speed applications, the best performing phenolics are of most interest 
which manages a maximum velocity of 12.7 m/s. Used in a bearing it exhibits good resistance to seizure and it is 
also chemical resistant and can therefore be lubricated with a variety of lubricants. A disadvantage is that it can 
withstand a maximum temperature of 93 ºC which could be a problem in the FPEC engine. Furthermore this 
material usually fails at high PV values and has a tendency to swell [9]. 

A problem with polymeric materials is the low maximum sliding speed they can handle, somewhere around 
10m/s is the maximum allowed sliding speed for commonly used polymers. Polymeric materials are however 
more suitable to use as bearing for the electric machine part of the piston assembly. This is because the 
polymeric bearings would not withstand the temperature near the combustion since the maximum temperature 
for polymeric bearing materials in general is approximately 250ºC [11].  

5.8.3 Ceramic materials 
Ceramic materials are chemical compounds between a metal and a non-metal material. Bearings made out of 

ceramic material has a lot of advantages such as high hardness, high retention of mechanical properties at high 
temperatures, resistance to chemicals, low density and low coefficient of friction (0.25-0.8). However it has 
some disadvantages as well; low fracture resistance, sensitive to shocks due to its brittleness and it is hard to 
machine it because of its hardness. 

Due to the properties mentioned above, ceramics are often used in extreme environmental applications when 
high loads, temperatures and speeds are present. The different mechanical behavior of ceramics is because of the 
covalent or ionic bonding in comparison with the metallic bonding found in metals [3]. 

Technical ceramics are more advanced ceramic materials developed for having excellent mechanical, thermal 
and electrical properties. Silicon carbide (SiC), silicon nitride (Si3N4), titanium dioxide and zirconia toughened 
alumina for example are all technical ceramics with good mechanical properties [12].  

5.8.4 Coatings 
Coating is a technique when a new material with other properties than the substrate is applied on a surface 

and forms a coating. The wear resistance of a machine part is determined by the surface, coating is an efficient 
way to reduce wear. In general, coatings can be used to increase lifetime, reduce the use of a lubricant, reduce 
friction and wear and protect against corrosion etc. Different coating methods are; electroplating, galvanising, 
electroless plating, chemical or organic coatings, weld-coating, thermal spraying, physical vapour deposition 
(PVD) and chemical vapour deposition (CVD) etc [5]. 
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As the temperature of a substrate approaches the softening limit it becomes significantly more vulnerable for 
wear. As mentioned in section 4.5, adhesive wear and abrasive wear are two different types of wear. In order to 
reduce adhesive wear an adherent, inert and hard coating with a high thermal conductivity should be used. In 
environments where abrasive wear may occur it would be suitable of using a hard, thick and well adhered 
coating [13].  

Advantages of metallic bearings with ceramic coating are that the friction is very low and it can withstand 
high loads, temperatures and vibration. With a ceramic coated metal the material has the advantage of retaining 
the metals possibility of withstanding high impact forces and has the self lubricating property of the ceramic [9]. 

Diamond like carbon (DLC) coating is wear- and corrosion resistant, has a low friction and a high hardness 
etc. DLC coatings are typically used in aerospace, automotives, industrial wear parts and bearings and they are 
normally deposited at temperatures below 150ºC [12].  
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6 Roadmap 

As the information gathered in the "Design space exploration" phase was completed it was possible to design 
a plan which was used as guidance for the concept generation and detail design. This was done by compiling 
documents with the product characteristics for the project, after the pre-study. 

6.1 Product characteristics 

For the project two product characteristics were established. The first one is for the translator bearing which 
is the main focus for this project. The other one regards the bearings for the piston and should be taken into 
consideration if there is enough time. The optimum would be to integrate same type of bearing for the two 
applications. The product characteristics can be seen in table 2 and 3. 

 

Table 1. Product characteristics for the linear translator bearings. 

Product Characteristics: Linear bearings for the translator 
Demands  Keep friction and wear to a minimum. 

 Keep the temperature below a limit of 150 ºC 
 Manage a frequency of 60-90 Hz which could represent a possible worst 

case scenario. 
 Handle reciprocating movements. 
 Manage short and frequent operational periods. 
 Not have a negative impact on the electrical machine. 

Wishes  If possible, use the same bearing for the piston. 
 Self-lubricating, no continuous supply of oil or grease. 
 Prevent translator from rotating in order to ease for using a positioning 

sensor. 
 Easy assembling due to the magnetic forces. 

 
 

Table 2. Product characteristics for the linear piston bearings. 

Product Characteristics: Linear bearings for the piston 
Demands  Separate the piston from the cylinder liner. 

 Manage the high temperatures caused by the combustion process. 
 Effectively seal between piston and cylinder liner to avoid blow-by.  
 The piston sealing should manage the combustion pressure. 

Wishes  Self-lubricating, no continuous supply of lubricant. 
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7 Concept design 

In this part the procedure of generating the concepts and eventually choose one to develop further are 
described. Brainstorming was used to generate ideas and a specific evaluation method was used to choose a final 
concept. The bearing concepts are developed for the opposed free piston engine design, described in section 
5.2.2. 

7.1 Concept generation 

During the concept generation phase different brainstorming techniques were used to generate ideas. The 
essential functions for the linear bearing were determined from the product characteristics and the scope in 
previous sections. 12 different concepts were generated, but eventually five promising concepts remained. The 
original 12 concepts are shown in appendix 1. The five remaining concepts were a combined aerodynamic and 
aerostatic concept, a concept including continuous oil supply and three different combinations of using glide 
tracks. These three combinations were oil lubricated, air lubricated and dry contact. All of these concepts are 
discussed in more detail in the following text. 

7.1.1 Aerodynamic and aerostatic bearing 
A principle model for the combined aerodynamic and aerostatic bearing is shown in figure 10. The translator 

shown in the figure is reciprocating inside the cylinder with a piston rod and piston assembled on the right hand 
side (not shown in figure). The combined aerodynamic and aerostatic bearing consists of a converging gap (2) on 
each end of the translator and a number of air pockets (3) around its periphery. The converging gap is of a simple 
step type which will create a dynamic lifting capacity created by the pressure built up when the thicker film 
becomes thinner. An air supply channel (1) is assembled into the cylinder head down to the translator and 
remains in a stationary position. As the translator is reciprocating, the air supply channel will always stay inside 
the translator supplying the necessary air pressure for the aerostatic bearing. An alternative to using an air supply 
channel would be to supply the air directly to the bearing surface from the outside of the cylinders by channels 
through the stator.  

A relatively large air volume will be present inside the translator and small holes are drilled in the centre of 
the air pockets for the supply of externally pressurised air. When the translator is kept in a concentric position 
the air flow and pressure will be equally distributed around the translator. But as soon as the translator gets a 
radial displacement there will be a pressure difference and a higher pressure will be built up where the air gap 
decreases and the flow rate will increase where the air gap increases. The air pockets will function as a reservoir 
maintaining different pressures in the different pockets, which improves the centring capability and bearing 
stiffness.  

 

 

Figure 10. The translator assembled with hole for the air supply channel (1), the 
hydrodynamic step (2) and the air pockets (3). 

7.1.2 Oil lubricated bearing 
The oil lubricated bearing concept uses the idea of recirculation and filtering of the oil just as in a common 

four stroke engine, see figure 11. An oil sump is located below the engine and pumps the oil back into the engine 
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(blue arrows). The translator with assembled oil rings is scraping the supplied oil back and forth during the 
stroke, creating a thin oil film where it is needed. Since the bounce chamber piston and combustion piston are 
assembled with piston rings, a really small amount of oil will be leaking into the bounce chamber and 
combustion chamber. The oil is flowing in through ports in the cylinder wall at the translator’s end positions and 
the outlet is positioned in line with the inlet but in the bottom of the engine. The oil rings of the translator is 
passing the inlet and outlet ports making them scrape of all excessive oil and guide it back to the oil sump (red 
arrows). The bearing will work at the principle of hydrodynamic lubrication. This concept also allows for having 
the combustion pistons lubricated and can be implemented by guiding the oil towards it.  

 

 

Figure 11. Cross section view for half of the free piston engine assembled with the oil 
lubricated bearing with oil sump. 

7.1.3 Glide tracks 
The glide tracks concept includes a number of glide tracks around the periphery of the translator in line with 

the moving direction. The tracks are supposed to carry the load and thus compose the bearing. These tracks will 
also prevent the translator from rotating which is beneficial for introducing a precise positioning sensor. The 
number of glide tracks must be set to a minimum of three in order to balance the engine correctly and make sure 
that always at least two tracks will split the load carrying. The glide tracks can be used together with oil-, air- or 
self lubricating materials. These three variants make up the three concepts discussed in the following text. The 
basic principle of using glide tracks can be seen in figure 12. 

 

 

Figure 12. The glide tracks translator to the left and the translator assembled in the free 
piston engine to the right with the cylinder shown as a cross section. 
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7.1.4 Glide tracks with oil lubrication 
Using oil as a lubricant for the glide tracks simply means that oil is supplied to the surfaces of the glide tracks 

in order to reduce the friction. This would result in a robust construction with low wear rates that probably would 
have a high resistance to vibrations and shock loads because of the relative large contact area. No investigations 
has however been made on how the oil supply would be arranged. A typical design could look something like 
the oil supply system described in section 7.1.2.  

7.1.5 Glide tracks with air lubrication 
Just as for the first concept, air can be used as a lubricant. The main difference is that the effective area for 

the air supply is reduced since it has to be supplied at the glide tracks surfaces. This will reduce the load carrying 
capacity of the bearing.  

7.1.6 Glide tracks with self lubricating material 
When having the glide tracks self lubricated it is more or less just a material problem. It will be extremely 

important that the correct materials with the best properties for the application will be used. The translator and 
cylinder surfaces needs to function very well together and be able to withstand some amount of contact pressure 
during high accelerations, speeds and temperatures exceeding 100ºC. It must still show minimum wear rates and 
friction, otherwise it would lead to high temperature and seizure as a possible outcome. These are unusually 
tough demands and there are no obvious materials available.  

7.2 Concept evaluation criteria 

The five concepts had to be evaluated separately and compared by presupposing critical design criteria 
important for the functionality and performance of the free piston engine. All criteria have been discussed 
together with Volvo employees to state the most crucial ones. The criteria stated are as follows: 

 
 Friction 
 Operational life 
 Robustness 
 Cleanliness 
 Complexity 
 Cooling 
 Affect on electrical machine 

7.2.1 Friction 
Friction between moving parts and the cylinder linear causes many problems such as temperature increase 

and higher wear rates that will decrease operational life and the overall efficiency of the machine. At high 
friction the components risk to seize and the temperature may rise to above the maximum allowed of 150ºC that 
would deteriorate the magnet performance. Consequently the friction must be kept low to ensure high machine 
performance and must therefore be graded highly in the concept selection. 

7.2.2 Operational life 
The operational life is a function of many other important criteria like friction, robustness and cooling. It is 

however important to estimate this in an own category to see what conditions the bearing has to operate during a 
longer time span. This is important for all engine components in order to be able to compete on the market. 
Therefore this criterion is ranked high in the evaluation. 

7.2.3 Robustness 
With a robust construction it means a construction that has a high strength and can withstand the stresses that 

it is subjected to. It must withstand the axial forces caused by the combustion that in turn results in high 
accelerations and speeds. If the moving part starts to eccentrically displace or vibrate, the bearing quickly needs 
to adjust for these misalignments. 
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7.2.4 Cleanliness 
If the oil would come into the exhaust the pollutions would increase dramatically and residual oil could 

create soot particles. But oil is not the only problem; a self-lubricating material for example could cause small 
particles to come off because of the mechanical contact. These particles could damage the moving surfaces and 
increase the wear rate.  

7.2.5 Complexity 
A complex design could cause troubles in form of manufacturing, costs and needed tolerances. A complex 

design would also mean more sources of error and it would most likely become more difficult to calculate and 
validate its functionality.  

7.2.6 Cooling 
In order to keep the temperature down and increase operational life, cooling is an important factor. It is not 

stated as a demand to cool the components but it would be a huge advantage. The contribution to cool the pistons 
was mainly investigated, but a positive cooling impact on the translator is also awarded in the evaluation. 

7.2.7 Affect on electrical machine 
The different concepts will have different impact on the performance of the electrical machine. In order to 

ensure high performance on the electrical machine, the magnets or stator must stay intact and a maximum 
distance of 1mm should be kept between the two. A high electrical machine performance could be maintained by 
increasing the size of it. Therefore this criterion will be graded low in the concept evaluation.  

7.3 Concept evaluation 

The concept evaluation and selection is a very important part when developing new technique, therefore a 
careful evaluation must be done according to the evaluation criteria stated in the previous section. The five 
concepts; Aerodynamic and aerostatic bearing, oil lubricated bearing and the three glide tracks bearings are 
evaluated individually. Each section begins with an introduction of the overall conclusions about the concept 
before discussing each evaluation criterion individually. 

7.3.1 Aerodynamic and aerostatic bearing evaluation 
Since air is a compressible medium with extremely low viscosity in comparison to oil, the calculations for 

designing the concept are much more complicated. Easier cases may be possible to solve analytically but more 
detailed calculations must be solved numerically or by using a dedicated software to simulate the gas exchange 
and optimise the geometry. Another possible issue may be the effect of the counter pressure in the bounce 
chamber and how it will affect the aerodynamic and aerostatic effects. Further, the sealing of the air supply 
channel against the moving translator has to be solved in closer detail. In an earlier report it has been discussed 
whether the magnets need a support area which they are glued upon; this will be essential to investigate because 
the length of the air channels may have an impact on the performance. 

However, when having a fully working air lubricated bearing the friction can be more or less be neglected 
due to the low air viscosity. The friction in an air bearing is according to literature approximately 100-1000 times 
less than for an oil lubricated bearing.  

Since the air lubrication means no contact and no contact means no wear, the operational life is assumed to 
be almost infinite. But this assumes a reliable and fully working bearing design. 

Air as a lubricant results in a very clean bearing and does not give rise to any pollution what so ever as long 
as the surfaces are fully separated. Since the air film is thin, the bearing may become sensitive to vibrations and 
reduce the robustness.  

Using this bearing design will be complex in some aspects; Extra components such as an air supply channel, 
a compressor and a number of holes and cuts must be manufactured. The bearing must also be reliable because a 
drop in pressure for example could cause severe damage to the engine.  

Because the translator is not in contact with the cylinder, minor cooling will be needed. The continuous air 
supply due to the static part of the bearing gives a good cooling effect of the translator. On the other hand it will 
have a very low cooling effect on the piston. Furthermore air cooling is not as efficient as oil cooling but it is 
still much better than using no cooling at all. 
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This concept will have no or very little negative influence on the electrical machine since a close distance 
will and must be held to the stator. Even though some holes and cuts are present they are very small and assumed 
not to have any influence on the electrical machine. 

7.3.2 Oil lubricated bearing evaluation 
An advantage of using an oil lubricated bearing is that a cooling effect will be reached both on the translator 

and piston. Since the oil are supplied to the volume between the bounce chamber piston and the combustion 
piston it will not interact with the bounce chamber or the combustion chamber; this will prevent unnecessary 
pollution etc. A problem will be how to seal these areas in a satisfactory manner to prevent oil from passing the 
piston rings. 

The oil lubrication will assure that a constant amount of cooled filtered oil will be available for the bearing 
surfaces. This will reduce the friction significantly even though some contact will occur.  

Because of the low friction, the estimated operational life will be long as well. The construction is also 
assumed to be robust which consequently results in that the concept is ranked high in the evaluation for 
operational life.  

The most negative aspect with this concept is its bad cleanliness. Oil lubrication together with combustion 
results in significant pollution rates and soot particles etc. If the oil is leaking in to the bounce chamber it would 
result in an oil layer that eventually has to be removed since no oil outlets will be available in that area. If the oil 
comes into the combustion chamber it will be combusted with higher pollution rates as a result. However it will 
not receive the lowest score in the evaluation since the design used makes sure that most of the oil is kept where 
it is supposed to be. 

A relative complex system with several parts such as an oil sump, pump, filter, oil channels and cylinder 
inlets and outlets must be manufactured in order to enable for this design. It must also be investigated how the 
inlets and outlets must be manufactured as well as their optimal positions and the amount of oil supply needed. 
The outlet ports will maybe have to be displaced to the side from the inlet ports in order to assure that most of 
the oil will be collected by the bearing surfaces before being scraped off to the outlet ports.  

When using recirculation of the oil, the oil will have the time to be cooled before being pumped in to the 
engine again. This together with that the oil can be used to lubricate all pistons and the translators will result in a 
very good cooling of the bearing and the entire engine. 

The oil does not have a negative effect on the electrical machine so there will be no problem in that oil is 
present around the translator. The oil rings assembled on the translator are very small in comparison to the 
translator length so it will have a minor influence on the efficiency of the electrical machine. This in combination 
with the smooth translator surface means that the affect on the electrical machine is very small.  

7.3.3 Glide tracks bearing evaluation 
The major benefits of using glide tracks are that it will provide a simple and robust construction and makes it 

possible to use a well functioning and tested design as well as it prevents the moving parts from rotating which 
makes it easier to implement some type of positioning sensor. One of the biggest drawbacks is that it is relatively 
space demanding which can affect the electrical machine negatively. As mentioned, both oil and air can be used 
as lubrication or it can even be self lubricated. These three lubrication types are evaluated in the following text. 

The glide tracks results in an inelastic construction and consequently a high robustness. The translator and 
thus all moving parts are forced to move in one direction without rotating. The glide tracks are formed with 
smooth edges which allow for sustaining high tensions when subjected to shock loads and vibrations. 

What all glide tracks criteria have in common is the robustness and its negative effect on the electrical 
machine. Therefore these are mentioned as an introduction before evaluating the concepts individually. This is 
because a substantially part of the translator volume has to be removed to fit the glide tracks. This can be 
compensated for, but at the cost of increasing the size of the electrical machine in order to maintain the same 
power output. 

 
Self lubricated 

Using self-lubricated glide tracks results in a relative high friction depending on what materials that will be 
used. This can in turn result in significant wear rates and damage to the engine. Therefore this concept has the 
lowest score on friction in the evaluation. 

Operational life comes very much hand in hand with friction. Since the friction is relatively high it is 
assumed that this concept will have a shorter operational life than the other concepts as well. 
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No oil or grease is used as a lubricant for this concept which makes it very clean. The only potential pollution 
particles that can occur are wear particles. But these are not seen that severe that the score should be lowered. 

The design of using glide tracks is very simple. The only complex thing of using self-lubricated glide tracks 
is the manufacturing of the glide tracks themselves.  

The glide tracks suffer as earlier mentioned from higher friction which increases the temperature. This 
together with that no active cooling in terms of air or oil etc is used results in an absent of cooling. It gets thus 
the lowest possible score in the concept evaluation for cooling. 
 
Oil lubricated 

The oil-lubricated glide tracks are comparable with the low friction of the previous described oil concept and 
thus also having approximately the same operational life. 

No particular oil system was considered for the glide tracks, but if using the same type of system with 
recirculation of the oil as described for the other oil concept, the cleanliness is also comparable with each other 
as well as the complexity and cooling. The only difference regarding complexity is the glide tracks, but it is 
however not enough to make the score differ. 

 
Air lubricated 

Just as for the earlier described air concept the friction is negligible as long as the bearing is working 
properly. The same properties pass for the cleanliness of the bearing and the operational life. 

The air lubricated glide tracks will be little more complex compared to the combined aerodynamic and 
aerostatic bearing because of the additional glide tracks. This is because of the air supply to the glide tracks will 
be problematic to design in order to achieve maximum load capacity, since a big glide tracks area must be used.  

Regarding the cooling effect of the bearing, the same as for the other air bearing applies; No friction in 
combination with a constant air supply results in good cooling capability of the translator.  

7.4 Concept selection 

The criteria discussed in previous section have been weighted differently with a weight ranging from one to 
five, where five is seen as the most important for the free piston engine performance. Each criterion for all 
concepts has also been given a specific score between one to five, where five represents a concept functioning 
very well for that criterion. The results from the evaluation in order to make a final concept selection are 
complied into the decision matrix shown in table 4.  

 

Table 3. Decision matrix for the linear bearing concepts. 

Concept selection of linear bearing
Concept 

Criteria Weight Air Oil 
Self-lubricated 
glide tracks 

Oil-lubricated 
glide tracks 

Air-lubricated 
glide tracks 

Friction 5 5 4 3 4 5
Operational life 4 5 4 3 4 5
Robustness 3 4 5 5 5 5
Cleanliness 3 5 3 5 3 5
Complexity 3 4 3 5 3 3
Cooling 2 2 5 1 5 2

Affect on electrical machine 1 5 5 3 3 3
Weighted score   93 84 77 82 91
Rank   1 3 5 4 2
 
As can be seen from the evaluation, the two air-lubricated bearings got the highest score followed by the oil-

lubricated bearing. The self-lubricated glide tracks concept got the distinct worst score in the evaluation. This 
was mainly because of the high friction that occurs during dry sliding contact that in turn leads to more negative 
effects such as shorter operational life and less cooling effect. 
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Since the air-lubricated bearings were ranked highest in the evaluation and its excellent properties in terms of 
low friction and good cleanliness etc. it was chosen to work further with in the detail design. But the air-
lubricated glide tracks are more complex and thus probably also more difficult to design and make a fair rig test 
on. Therefore the combined aerodynamic and aerostatic bearing was considered the best choice in continuing to 
develop and evaluate. 
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8 Detail design 

This chapter consist of the refinement of the chosen concept; the combined aerodynamic and aerostatic 
bearing. A careful investigation is done on the aerodynamic and aerostatic part of the bearing in order to end up 
with a desirable design. Material to be used as a top layer of the translator is also suggested. 

8.1 Limiting design factors 

Before starting to investigate the aerodynamic and aerostatic properties, some assumptions must be made in 
order to find starting conditions. As the translator has a length Lt of 160mm and the cylinder had a diameter D of 
80mm this was used as a good guideline for the rest of the assumptions. Figure 13 shows a principle layout for 
what the aerodynamic and aerostatic translator bearing could look like, with the air supplied through the hole to 
the left in the figure. The translator has three sets of air pockets (left picture), each containing six pockets (right 
picture). The pockets are used as a reservoir for the air and determine the stiffness of the bearing and also allows 
for having different pressures at different positions, making the bearing able to compensate for pitching. 

 

 

Figure 13. Cross-section of the translator together with the bearing dimensions. The left 
picture in figure is seen from the side and the right is seen from the front. 

Since an aerodynamic design (B together with h1 and h2 in figure) gives a better lifting force for a high b2-
value, this was decided to compose half of the translator length Lt. The pocket widths b3 has the same width for 
all pockets and the same passes for the length b4, so that b3·3+b4·2 = Lt/2. These dimensions were used to 
investigate the aerostatic lifting force for six pockets with equal length Lp. Since the cylinder diameter D is 
80mm it was assumed that the translator diameter had to be in the same order, still allowing for some thermal 
expansion of the magnets. As a first assumption it was decided to investigate the bearing for a translator diameter 
0.2mm less than the cylinder diameter. Table 5 shows the assumed dimensions together with dimensions that 
will be determined by the theoretical analysis in this section. 
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Table 4. Bearing dimensions. 

On forehand determined bearing dimensions 
Description Parameter Dimension Unit 
Translator length Lt 160  (mm) 
Cylinder diameter Dcyl 80  (mm) 

Assumed bearing dimensions  
Translator diameter Dt 79.8  (mm) 
Total aerodynamic step length B 40 (mm) 
Pocket length Lp 40 (mm) 

Bearing parameters that will be investigated theoretically 
Aerodynamic step length b1  (mm) 
Feeding tube diameter d  (mm) 
Pocket width b3  (mm) 
Pocket volume Vp  (mm3) 
Aerodynamic step height h1  (µm) 
Film thickness h2  (µm) 
Feeding tube length Lf  (mm) 

8.2 Aerodynamic bearing design 

The aerodynamic design was established by using steady state Reynolds equation solutions for a gas 
lubricated Rayleigh step bearing. This section describes the theory used and the results gained from the 
investigation presented in appendix 2. The theoretical approach is thoroughly explained in the appendix. A 
Rayleigh type of step bearing is shown in figure 14.  

 

 

Figure 14. Rayleigh step bearing. 

Reynolds equation for gas lubricated bearings assumes that the ideal gas law applies and that the mean free 
path of the molecules is small compared to the film thickness, which is an assumption that was made when the 
aerodynamic step was investigated.  

What must be considered when designing the aerodynamic step is a phenomenon called slip flow which 
occurs when the mean free path of the molecules are in the same size as the film thickness. For such cases 
Reynolds equation has to be modified with new boundary conditions. During slip flow the air does not act as a 
continuous gas but it rather has a finite relative slip against the boundary of the solid surface that leads to a 
distinct reduction of the gas viscosity. According to the calculations presented in appendix 2, it was found that 
the minimum film thickness had to be at least 6.4µm for air at atmospheric pressure in order to prevent the slip 
flow behaviour. This concludes that the theoretical approach for Reynolds equation described in the appendix is 
only trustworthy for film thicknesses above 6.4µm [3]. 

Since Reynolds equation for gas becomes non-linear it was decided to use closed-loop solutions described by 
William A. Gross to solve the problem [10]. As a base for the evaluation the design diagram in figure 15 was 
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used, assuming an infinitely long bearing, that is a negligible side leakage. The y-axis describes the 
dimensionless bearing load which is a function of the load carrying capacity, bearing width, bearing length and 
the ambient pressure. The modified bearing number is shown on the x-axis which is a function of dynamic 
viscosity, sliding speed, bearing width, film thicknesses and the ambient pressure. The different curves show 
how the film thickness ratio depends on the dimensionless bearing load and the modified bearing number. As 
can be seen in the figure the compressible curves tends toward an asymptotic solution for high bearing numbers, 
while the incompressible curves increases linearly with increasing bearing number. It can also be obtained that 
for a compressible medium, the load carrying capacity decreases when the modified bearing number becomes 
too big. The optimum would thus be to design the bearing for having a mean value for the modified bearing 
number to be somewhere around the maximum bearing load carrying capacity.  

 

 

Figure 15. Dimensionless bearing load as a function of modified bearing number for various 
film thickness ratios for infinitely long step bearings. (Gross, 1980) 

Since the load carrying capacity of a bearing depends on the film thickness it is calculated for, an 
investigation was made of how it varies around the bearing circumference. As can be visualized in figure 16 the 
film thickness increases around the whole translator circumference; this change in film, Δh, depends on the 
diameter ratio between the translator and cylinder liner and the minimum film thickness. A translator diameter 
200µm smaller than the cylinder liner diameter gives a big film thickness change around the circumference. The 
film thickness increase becomes more significant for a smaller minimum film thickness. The bearing length, ΔL, 
must have a virtually constant film thickness for calculating a fair load carrying capacity for the bearing. A large 
ΔL would result in a big difference in film thickness, Δh, and thus a lower load carrying capacity for the bearing 
when having a large total air gap. As long as the translator diameter is smaller than the cylinder diameter it 
applies that Δh > hmin for ΔL ≠ 0. The bearing length, L, that will carry the load will be twice the length of the 
chosen ΔL, since symmetry prevails.   

 

 

Figure 16. The film thickness increase in the point ∆h depends on the minimum film 
thickness hmin, the distance ∆L and the ratio between translator diameter (grey) and cylinder 

diameter (the outer circle). 
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According to the relationship between the parameters shown in figure 16 a minimum film thickness, hmin, of 
1µm would result in a film thickness increase, Δh, of approximately 1.6µm for ΔL = 1mm. In table 6, film 
thickness increases for different minimum film thicknesses are shown for a ΔL of 1mm and a total air gap of 
200µm.  

Table 5. Film thickness increase per millimetre (∆L = 1mm) around the translator 
circumference for different minimum film thicknesses and radial displacements. 

Minimum film thickness, 
hmin (µm) 

Film thickness increase 
per mm, Δh (µm) 

Radial displacement, 
Δy (µm) 

1 1.58 99 
2 1.56 98 
3 1.54 97 
4 1.53 96 
5 1.51 95 
6.4 1.50 93.6 
10 1.43 90 
20 1.27 80 
50 0.80 50 
100 0.00 0 

 
The last row in the table corresponds to a completely centred translator. This investigation concludes that 

maximum 2 millimetres (ΔL=1mm) of the translator length could be used to determine the load carrying 
capacity for a minimum film thickness of 6.4µm. Using a longer bearing length, L, would result in a too big 
change in film thickness; this is already now an overestimation of the load carrying capacity. As the film 
thickness increases rapidly around the circumference this also concludes that the load carrying capacity of the 
bearing decreases dramatically for every millimetre around the circumference for a total film thickness of 
200µm. This is especially distinct for aerodynamic air bearings that need very small air gaps to function well.  

When the influence of slip flow and bearing dimensions were sorted out, the design diagram in figure 15 
could be used to dimension an appropriate bearing design. The dimensionless bearing load was calculated for a 
needed centring force of 157N, a minimum film thickness of 6.4µm (L=2mm) and atmospheric ambient 
pressure. The needed centring force was obtained by the equations in appendix 3 at a radial displacement that 
corresponds to a minimum film thickness of 6.4µm together with an estimated translator weight corresponding to 
50N. The bearing number was solved for a sliding speed from 0-10m/s and a temperature of 300K (room 
temperature) and 400K (operating temperature) numerically with MATLAB for atmospheric ambient pressure. 
The difference with the temperatures is that the gas viscosity increases with increasing temperature, thus giving a 
slightly higher load carrying capacity for higher operating temperatures. The results showed that the design point 
was way outside the design diagram, even for high sliding speeds and temperatures; the dimensionless bearing 
load became more than ten times higher than it should be in order to design an operative bearing and the 
modified bearing number was shown to be a few times too small [9]. 

In order to design an operative aerodynamic bearing, the dimensionless bearing load has to be many times 
smaller and the modified bearing number should be preferable somewhat higher. This may be achieved by the 
following actions: 

 The translator needs a bigger diameter (reduced clearance between translator and cylinder wall) in 
order to calculate the dimensionless bearing load for a greater bearing length, L. Using a greater 
bearing length would result in a larger bearing area and thus a smaller dimensionless bearing load. 
Now only a small circle sector will carry the load due to the rapidly increasing film thickness. This 
is because of the large diameter difference between the translator and the cylinder liner. 

 The minimum film thickness must be allowed to accept lower values in the slip flow regime 
wherefore it is necessary to investigate the slip flow influence. A smaller minimum film thickness 
would result in a distinct higher dimensionless bearing load number. 

In figure 17 it is clearly shown that for a temperature of 300K the bearing number is strongly dependent on 
the minimum film thickness. At smaller film thicknesses and higher sliding speeds, the more difference in 
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bearing number which also results in a high modified bearing number which is good. Therefore it is very 
important for an aerodynamic bearing to operate at small film thicknesses and high sliding speeds. 

 

 

Figure 17. Bearing number as a function of sliding velocity for different minimum film 
thicknesses and a temperature of 300K. 

In order to investigate the biggest possible load carrying capacity contribution from the dynamic step and 
choosing the best film thickness ratio, different bearing lengths, L, together with different dimensionless bearing 
load numbers was investigated by using MATLAB. It was shown that the theoretically largest bearing load for 
the studied interval was 1013N. The minimum centring force needed for a film thickness of 6.4µm was at least 
157N. The minimum bearing length required for specific dimensionless bearing loads greater than 157N was 
then calculated. The result can be seen in figure 18, were the colours represent bearing loads greater than 157N 
(dark blue border equals to 157N).  It was concluded that a dimensionless bearing load of 1.0 (corresponding to a 
film thickness ratio of approximately 3 according to figure 15) resulted in a minimum bearing length, L, of 
39mm. A bearing length of 39mm represents approximately 31% of half the cylinder circumference. In order to 
have 31% of half the cylinder circumference carrying the load, the total film thickness has to be reduced heavily 
in order to achieve an almost constant film thickness distribution over this length. It must probably be reduced so 
much that it is not feasibly due to thermal expansion rates and manufacturing precision. The details for this 
investigation are shown in the appendix. 

 

 

Figure 18. Dimensionless bearing load and bearing length, L, for bearing loads (represented 
by the colour bar) higher than 107N. 
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8.3 Aerostatic bearing design 

In order to achieve the best design, an optimisation of the geometry was carried out by using the simulation 
software GT-Power. GT-Power is a commercial gas exchange software working with 1D-models. The simulation 
model visualised in figure 20 for two sets of air pockets, was built as a simplified model of the translator bearing 
where all of the parameters can be varied. The model was simplified in the matter that it represented only two 
opposing sections of the space between the translator and the cylinder wall covering the entire length of the 
translator. Each of the opposing sections represented one sixth of the translator circumference. Due to symmetry 
this was assumed to be a good estimation for determining the centring force. A visualisation of the bearing 
volume represented in the model can be seen in figure 19.  

 

 

Figure 19. The air gaps in the GT-Power model are a representation of the dark areas.  

The GT-Power model was supplied with an air pressure (1) through the translator volume (2) and the air 
feeding tubes (3) in to the air pockets (4). From the air pockets the air is distributed out to the two opposite gaps 
(5a), (6a) and (5b), (6b). The gaps have a total gap height of 200µm and could be varied to represent different 
radial displacements. The counter pressure from the bounce chamber is represented by (7) and (8) is the 
atmospherically ambient pressure on the combustion side.  

Different displacements were simulated by changing the gap height between the translator and cylinder wall. 
A difference in pressure between the two gaps could be obtained and was used to calculate the centring force by 
multiplying it with the area. This was studied for all performed simulations. It was also kept in mind that a high 
supply pressure would result in high energy consumption which was the other output from the simulations. 

 

 

Figure 20. GT-Power model with two sets of air pockets. 
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8.3.1 Simulations with two sets of air pockets 
 
Simulation 1, design space determination 

The first simulation for the static part of the bearing, simulation 1, was done with a model representing two 
sets of air pockets on the translator. A design of experiment (DOE) analysis was run where five parameters were 
varied according to the values in table 7. The procedure of calculating this needed centring force for the 
translator can be seen in appendix 3 and a complete description of the simulation model is explained in appendix 
4. 

Table 6. Varied parameters with its intervals and number of steps. 

Parameter Min Max Number of steps 

Supply pressure (bar) 5 20  4 

Bounce chamber pressure (bar) 1 60 4 

Diameter of feeding tube (mm) 0.4 2 5 

Length of feeding tube (mm) 4 8 5 

Pocket volume (mm3) 20 100 4 

 
In order to analyse the output data from simulation 1, the centring force created by the bearing with a 

displacement of 75μm was investigated. The centring force was analysed for the stated values and it was 
concluded that the length of the feeding tube and the pocket volume had a negligible effect on it; the diameter of 
the feeding tube on the other hand had a large influence. The reason for the low influence on lifting force by 
pocket volume is because the simulation describes a stationary case where the bearing is perfectly lined up with 
the counter surface. It was also concluded that high bounce chamber pressure had a very negative effect on the 
centring force. It is therefore necessary to seal of the bounce chamber from the bearing and establish an ambient 
atmospheric pressure on that side of the bearing as well. Instead of seal the bounce chamber from the translator, 
the supply pressure could be raised above the maximum pressure in the bounce chamber but this would cause 
high energy consumption and cause a variable pressure distribution along the bearing. Appendix 5 shows the 
results from simulation 1. 
 
Simulation 2, variation of supply pressure and feeding tube diameter 

Based on the results from the first simulation a second setup was created where the supply pressure and the 
diameter of the feeding tube were varied. All of the other parameters were kept constant since they had minor 
importance as stated before. The varied parameters can be seen in table 8.  

Table 7. The varied parameters and its values for simulation 2. 

Parameter Min Max Number of steps 

Supply pressure (bar) 2 20  20 

Diameter of feeding tube (mm) 0.5 1.1 14 

 
The supply pressure was varied up to 20bar to investigate the entire interval studied in the first simulation, 

but with more data points. Figure 21 shows the results from the simulation plotted in the interval 2 to 12bar. 
Higher supply pressures proved to be of no interest because a change in trend could be obtained already at 9bar. 
The simulation showed that the diameter of the feeding tube should be around 0.5mm or smaller if the supply 
pressure is somewhere below 9bar. It can be seen that for a pressure of 9bar, one of the dots (diameter 0.5 mm) 
has reached its maximum value and dropped down to a lower level. As can be seen the centring force was high 
even at small supply pressure, for example 1636N at a supply pressure of 5bar and a feeding tube diameter of 
0.5mm. Therefore it was decided to run another simulation for supply pressures lower than 8bar and feeding tube 
diameter smaller than 0.5mm in order to investigate the use of lower supply pressure and thus lower the energy 
consumption.  
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Figure 21. Centring force as a function of iteration number where every single curve 
represents a supply pressure and each dot corresponds to a feeding tube diameter in 

ascending order from left to right, simulation 2. 

Simulation 3, investigations outside exploration area of simulation 2 
Simulation 3 was performed according to the values described in table 9. 

Table 8. The varied parameters and its values for simulation 3. 

Parameter Min Max Number of steps 

Supply pressure (bar) 2 8  13 

Diameter of feeding tube (mm) 0.1 0.5 9 

 
This simulation showed that with a supply pressure of 4.5bar or higher the feeding tube diameter must be at 

least 0.5mm. Generally a diameter of 0.4mm was the best choice with supply pressure ranging between 2 and 
4bar. It was clearly shown that a supply pressure less than 5bar is more than sufficient in order to handle the 
required centring force. Figure 22 shows the centring force as a function of iteration number, where each number 
represents a certain pressure and feeding tube diameter. This meant that all parameters were optimised, except 
the supply pressure.  
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Figure 22. Centring force as a function of iteration number where each curve represents the 
supply pressure varied in the simulation and each point on the curve corresponds to the 

diameter of the feeding tube in ascending order from left to right, simulation 3. 

Simulation 4, influence of the radial displacement 
Next design of experiment was run with a variation of the radial displacement to investigate its influence on 

the centring force for small supply pressures according to the values in table 10. A small supply pressure was 
chosen because it was high enough to manage the needed centring force. The feeding tube diameter was set to 
0.4mm due to the results from simulation 3.  

Table 9. The varied parameters and its values for simulation 4. 

Parameter Min Max Number of steps 

Supply pressure (bar) 2 4  3 

Radial displacement (µm) 0 80 17 

 
The results are plotted together with the needed centring force and can be seen in figure 23. The red line 

represents the needed centring force with a safety margin of 3 and the blue line represents the same force but 
with a translator weight of 5kg included. This shows that with a safety margin of 3 and a translator weight of 5kg 
the displacement of the translator will not become larger than 15µm for a supply pressure of 4bar, 24µm for 3bar 
and 42µm for 2bar. The energy consumption for the bearing is at its maximum while the translator is concentric 
with the cylinder liner and drops as the radial displacement increases. The energy consumption is based on the 
flow in the model which means that the model calculates the flow through two sections of the gap between the 
translator and the cylinder wall. Since the air gap in reality consists of six sections and the model represents two 
of them, the flow is multiplied by three in order to achieve a reliable value for the energy consumption. By 
multiplying the supply pressure with the total flow supplied to the system the maximum power consumption for 
the bearing at operation became: 48.9W at 2bar, 82.2W at 3bar and 114.6W at 4bar. 
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Figure 23. Centring force as a function of radial displacement from centred translator 
position, simulation 4. 

8.3.2 Simulations with three sets of air pockets 
To investigate the influence of the amount of air pockets on the centring force and power consumption, one 

set of air pocket was added to the GT-Power model to represent that case.  
 
Simulation 5, variation of supply pressure and feeding tube diameter 

The parameters with no influence on centring force for two sets of air pockets was assumed not to have any 
influence on centring force with three sets of air pockets. Simulation 5 was therefore decided to involve the same 
parameters as for simulation 3 which can be seen in table 11.  

Table 10. The varied parameters and its values for simulation 5. 

Parameter Min Max Number of steps 

Supply pressure (bar) 2 8  13 

Diameter of feeding tube (mm) 0.1 0.5 9 

 
Figure 24 shows a comparison of the centring force between using two or three sets of pockets. Figure 25 

shows the percentage improvement in centring force caused by using three sets of pockets instead of two. The 
results shows that the design values for three sets of pockets are very similar to the values for two sets of pockets 
in order to achieve maximum centring force. It can also be seen that by using three sets of pockets the 
improvement in centring force with a large feeding tube diameter is small (about 5%) and with small diameters 
the improvement is large (about 45%). The improvement also becomes larger for a higher span of feeding tube 
diameters while raising the supply pressure. 
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Figure 24. Centring force as a function of iteration number where every single curve 
represents the supply pressure as a function of increasing feeding tube diameter, simulation 5. 

 

Figure 25. Centring force improvement as a function of iteration number where every single 
curve represents the supply pressure as a function of increasing feeding tube diameter, 

simulation 5. 
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Simulation 6, influence of radial displacement 
It was also considered necessary to make another simulation with the same setup as for simulation 4 which 

can be seen in table 12.  

Table 11. The varied parameters and its values for simulation 6. 

Parameter Min Max Number of steps 

Supply pressure (bar) 2 4  3 

Radial displacement (µm) 0 80 17 

 
Figure 26 shows the centring force for the different supply pressures and the needed centring force plotted as 

a function of the radial displacement in the same way as for simulation 4. A comparison with simulation 4 shows 
that the pressure curves intersected the needed centring force line at a lower value for the radial displacement. 
This means that with three sets of air pockets the translator will have maximum displacement of 26.5µm at 2bar, 
12.3µm at 3bar and 8.1µm at 4bar. Also here the power consumption is at its max while the translator is 
concentric with the cylinder liner and the consumption is calculated in the same way as for the case with two sets 
of air pockets. The maximum consumption for the bearing at operation is: 71.7W at 2bar, 121.9W at 3bar and 
170.5W at 4bar. Table 13 consists of a comparison for maximum radial displacement and energy consumption 
during operation for two respectively three sets of air pockets. 

 

 

Figure 26. Centring force as a function of radial displacement from centred translator 
position, simulation 6. 

 
Table 12. Radial displacement and energy consumption comparison. 

 Pressure Two sets of pockets Three sets of pockets 

Maximum radial 
displacement 

2bar 42µm 26.5µm 

3bar 24µm 12.3µm 

4bar 15µm 8.1µm 

Maximum 
energy 

consumption 

2bar 48.9W 71.7W 

3bar 82.2W 121.9W 

4bar 114.6W 170.5W 
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The results from the simulation shows that three sets of air pockets will provide a higher centring force and 
allow a smaller radial displacement of the translator, but it is also more energy consuming. The energy 
consumption is relatively small compared to the output from the free piston engine (~25kW) for all simulated 
pressures. It is therefore reasonable to use three sets of air pockets and a feeding pressure of 4bar since it will 
allow a small radial displacement (8.1µm). 

8.4 Main air supply and bounce chamber seal design 

A design where the main air supply for the bearing would go through the bounce chamber via a tube mounted 
stationary in the cylinder assembly was chosen. The main air supply tube will slide against a self lubricated 
Teflon bushing. It was necessary to seal the bounce chamber from the translator bearing surface with a piston 
attached to the translator through a piston rod. On the piston a self lubricated piston ring of Teflon should be 
mounted to act as a bearing and a sealing. A material suggestion for the Teflon piston ring and bushing in the 
translator is T40; a specification of that material can be seen in appendix 6. Figure 27 shows an image of the 
bounce chamber, the sealing piston and the bushing for the air feeding tube, the cylinder assembly is shown as a 
cross section. The length of the piston rod has to be chosen so that vent holes can be positioned in the cylinder 
wall, allowing the translator to have atmospheric ambient pressure at all time. 

 

 

Figure 27.  Cross section of the cylinder assembly showing the bounce chamber and air 
feeding tube, the sealing piston and the Teflon bushing for the air feeding tube mounted in the 

centre of it is also shown. 

8.5 Material selection 

Having a material as a surrounding layer to the magnets mainly serves two purposes; it will protect the 
magnets in the case if mechanical contact occurs and it will hold the magnets together. A top layer of coating can 
be used in order to improve the surface roughness and consequently the air flow. This chapter will include the 
following two topics; base material and coating material. 

An important part when using materials in an environment with big temperature differences is to investigate 
the thermal expansion. The material properties for the magnets and base material must match well in terms of 
thermal expansion to avoid high stresses. With a clearance of 100µm the effect of thermal expansion was shown 
to be negligible according to a quick estimation.  

8.5.1 Base material 
The base material applied on the magnets must be maximum 1mm thick in order to maintain a minimum 

distance to the stator for maximum power output. Considerations must also be taken to the thermal expansion of 
the magnets in correlation to the base material so they will match each other. Furthermore, the base material 
must have the opportunity to achieve fine tolerances. 

In the pre-study different materials were investigated and it was concluded that ferromagnetic materials could 
be ruled out. Therefore a composite material was believed to be suitable for the application. Carbon fibre could 
be a suitable material because of its high strength to weight ratio.  
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8.5.2 Coating material 
The coating material will be applied upon the base material and it will compose the final layer of the 

translator. Therefore it must have good properties in form of surface roughness, hardness and self-lubrication in 
case of mechanical contact would occur. According to the pre-study, a ceramic coating could in that case be the 
most appropriate for the application.  
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9 Air bearing prototype 

This section describes the combined aerodynamic/aerostatic bearing prototype and the testing carried out to 
verify the results from the GT-Power simulations. A second objective was to get a confirmation of the 
contribution from the aerodynamic step. The design of the bearing prototype, the testing and testing parameters 
are described as well as the outcome for the testing where the test results are compared against the theoretical 
analyses. Results and conclusions are given later in this report. 

9.1 Test piece design 

The prototype testing was performed in two different test rigs, an existing reciprocating test rig at Volvo 
Technology used for testing piston rings and a simple static test rig. Both rigs are separately described in detail 
later in this chapter. 

Since the dynamic rig was an already existing rig in use, the limitations in that rig were used to constraint the 
bearing prototype design. The dynamic rig holds a test piece that moves relatively against the bearing prototype 
with the dimensions 50x10mm. It reciprocates with a stroke of 30mm, which sets the design constraints for the 
bearing prototype. The bearing prototype could be as wide as the test piece but in the sliding direction a 
clearance of 2.5mm at each end was considered suitable for safety reasons; therefore the bearing prototypes 
dimensions was decided to be 10x15mm. The bearing prototype was also made in two different variants: one 
with an aerodynamic step and one without. The static air supply, length and width of the feeding hole and the air 
pocket was designed on basis of the GT-Power simulations. 

The aerodynamic pocket was designed by using ratios for hydrodynamic lubrication and making assumptions 
about which film thickness that would be achieved in the tests. The final design of the bearing prototypes can be 
seen in figure 28 and drawings with dimensions for both bearing prototypes are shown in appendix 7. A total 
number of eight bearing prototypes were ordered from the manufacturer, four of each sort.  

 

      

Figure 28. Bottom surface of final test piece design with aerodynamic step (left) and without 
aerodynamic step (right). 

The surface roughness of the test pieces was measured by the manufacturer to Ra-values from 80nm to 
120nm for the different bearing prototypes. This was considered good enough for the prototype testing. 

9.2 Static rig test 

This section describes the static testing of the bearing prototypes; it also contains detailed description of the 
test rig that was built, the testing parameters and results from the static testing. GT-Power simulations were 
performed for the bearing prototype and are described in section 9.2.1. The static performance for the bearing 
prototype was tested since the theoretical analysis did not consider relative motion between the bearing surfaces.   
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9.2.1 Theoretical analysis 
A GT Power model representing the bearing prototype geometry built up in the same way as the translator 

model was used to calculate the maximal lifting force that could be achieved at different pressures and film 
thicknesses. Simulations were carried out as a design of experiment (DOE) setup with a full-factor design space 
investigation. The investigated design space covered an excess supply pressure of 1 to 7bar and a film thickness 
of 1 to 150µm.  The output from the simulations were used for determine the lifting force. The GT Power model 
used is explained in appendix 8. The outcome from this simulation is later used to compare with the measured 
values from the static rig test.  

9.2.2 Rig design 
In order to perform the static testing a completely new test rig had to be built according to the principle 

design seen in figure 29. The static test rig was built like a swing in order to compensate for the weight applied 
to the test piece. The swing was made out of a long square pipe (1) with a slider bearing (2) located in the centre. 
The bearing contains a Teflon pipe pressed into the square pipe which was rotating against a steel shaft. At one 
end of the pipe a counterweight arrangement (3) was assembled and on the other end the weight holding 
construction (4) was assembled. Since the square pipe was made long the angular error could be neglected. The 
bearing prototype (5) was positioned below the weight assembly on an adjustable plate (6) that could be adjusted 
to compensate for angular error against the counter surface. A smooth piece of glass (7), used as a counter 
surface for the bearing prototype, was glued against the square pipe so that surface roughness effects would be 
minimised. The bearing prototype was then connected to a pressure regulator (9) via a T-connector (8) which 
was connected to the in house air supply (10). When the air was supplied to the bearing prototype a pressure 
builds up that separates the weighted square pipe and glass piece from the bearing prototype surface by rotating 
around the bearing. The air gap was measured by using a digital micrometer (11) with an accuracy of 1µm 
positioned on a flat surface above the weights. A close up view on the bearing prototype and its attachment is 
shown in figure 30.  

 

 

Figure 29. A principle layout for the static test rig with all included parts. 
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Figure 30. Static rig with a close up on the bearing prototype and its attachment. 

9.2.3 Rig test 
Before the testing could begin, a schedule of the test cycles that should be run was set up. These can be seen 

in table 14. All possible combinations of the input data were performed on all of the bearing prototypes and the 
output from the static performance test was the film thickness.  

Table 13. Test setup for the static and dynamic testing. 

Static rig testing 
Output: film thickness (µm) 

Applied load (N) 5.5 13.7 21.5 33.9 42.4 49.7 55.2 61.4 
Excess pressure (bar) 1 1.5 2 2.5 3 3.5 4 4.5 5 5.5 6 6.5 7 

 
The tests were performed by applying a specific weight on the rig and then increase the supply pressure 

successively from atmospheric pressure up to 7bar excess pressure and note the film thickness at every pressure 
step stated in table 14. All output values were detected in this manner to avoid hysteresis effects. At least two 
tests were performed for each datum point and up to five tests if the results varied a lot.  

The experimental results from the rig testing were afterwards compared towards the analytical results gained 
by the GT Power simulations. The experimental results differed a lot from the simulated results at large film 
thicknesses, which could be attributed to the side leakage not taken in account in the GT-Power model. In order 
to evaluate this assumption a modification of the experimental setup was made by sealing the side leakage with a 
piece of aluminium that was processed for that purpose. An exploded view of the side leakage sealing assembly 
can be seen in figure 31. A milling machine was used to mill a track lengthways the sealing piece to allow for an 
air flow in the length direction and prevent the air flow in the transverse direction. A hole was also milled 
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through the whole piece to fit the test piece itself. This side leakage constrainer was put around the bearing 
prototype and a coiled spring assembled around the bearing prototype attachment bolt pushed the sealing piece 
against the glass. The same load levels as earlier together with additional loads were tested since it was obvious 
that without side leakage the bearing prototype was able to create separation at much higher loads than with side 
leakage. The experimental tests without side leakage were only performed on one of the bearing prototypes 
without step because it was only interesting to verify if it was the side leakage that caused the large differs from 
the simulated results in film thickness. 

 

 

Figure 31. Side leakage sealing assembly. 

9.2.4 Performance evaluation 
The experimental results were evaluated by comparing it against the theoretical results achieved from GT 

Power. Results from all of the simulations and experimental tests can be seen in appendix 9. The results from the 
GT-Power simulation together with the experimental results for supply pressure 3bar are shown in figure 32. As 
seen in the figure the measured values on the test piece without side leakage fits better to the simulated results 
than the values measured with side leakage. The values without side leakage are also a much better 
representation of the model and thereby those values are the one chosen to evaluate the model against.  

As seen in the figure the simulated values has a abrupt change in lifting force around 25µm and down to 
5µm, this is believed to occur since the solver in GT Power cannot handle the difference in flow regime that 
occurs during these film thicknesses. That assumption can be made since the Reynolds number in the 
simulations was about 2000 at a film thickness of 25µm which is where the strange dip in the curve occurs. The 
assumption can be explained by the fact that the flow changes from turbulent to laminar while the Reynolds 
number becomes smaller than 2300. However the lifting force at such small film thicknesses is not considered in 
the simulations for the translator since the centring force becomes higher than needed above that film thickness; 
those values can therefore be disregarded.  

At film thicknesses above the regime change the experimental values has the same development in film 
thickness due to load, it is therefore reasonable to assume that the model in GT power is a good representation of 
the reality and that it could be used for dimensioning of the bearing. It is however important to use a safety 
margin since the experimental values is a bit lower than the simulated ones. By studying the results a factor of 
1.8 can be obtained as a mean difference in film thickness between the simulated and measured test results in the 
area of film thicknesses between 25 and 50µm. The results are acceptable, considering the sources of error such 
as the remaining side leakage and the misalignment between the two bearing surfaces. 
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Figure 32. Film thickness as function of lifting force for 3bar supply pressure. 

9.3 Dynamic rig test 

This section describes the dynamic test rig and the tests performed in that rig, the reason for performing the 
dynamic test was to see how big affect the aerodynamic step had on the bearing performance but also to get an 
understanding in how relative motion between the bearing prototype and a counter surface affected the 
performance compared to the stationary case. 

9.3.1 Rig design and calibration 
The dynamic rig that was used is an already existing reciprocating test rig in use at Volvo Technology, 

normally used for testing piston ring to cylinder liner contact. The dynamic rig contains of a slider that holds a 
cylinder liner sample with a size of 10x50mm. The slider has a reciprocating motion with a maximum stroke of 
30mm and a maximum frequency of approximately 20Hz. As a counter face for the cylinder liner sample a 
piston ring is normally attached to the stationary part of the test rig with a holder. An overview of the dynamic 
rig can be seen in figure 33 and a close up of the slider and the bearing prototype attachment can be seen in 
figure 34. Table 15 shows a list of the different parts in the dynamic rig stated with numbers in figure 33 and 34.  

The load in the rig is applied and controlled by varying pressure in air cushions placed under the slider 
pressing the cylinder liner sample against the piston ring. The rig contains sensors for measuring friction, 
contact, load and temperature. The stroke and frequency of the rig is much lower than in the free piston engine 
which has a stroke of approximately 80mm and a frequency of 60-90Hz. The rig will still give a good hint of the 
aerodynamic bearing performance and the affects created by relative motion compared to stationary conditions.  

In order to use the dynamic rig a couple of modifications and calibrations had to be made. The holder 
mounted on the rig that normally holds a piston ring was cut off and threaded in order to be able to attach the 
bearing prototype on it. As a counter surface for the bearing prototype a cylinder liner sample turned upside 
down was used since the back side of those samples has a very smooth and plane surface and it fitted the slider 
without any modifications. The air supply used in the static rig could be used in the dynamic rig as well without 
any modifications since the bearing prototype was mounted stationary also in this rig. It was also necessary to 
calibrate the rig for this case since it differed from the regular usage of it. The load used for these tests were 
smaller than the ones usually used, therefore the pressure regulator controlling the air cushions applying the load 
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in the rig was calibrated for low pressure equivalence to loads between 5 and 70N. The load regulator was 
calibrated by measuring the load increase caused by air pressure in the bearing prototype while stationary; a 
calibration load could by that be established. This weight was then applied on the bearing prototype holder while 
calibrating the load sensor, making the load compensate for the supplied air pressure. 

 

 

Figure 33. Overview of the dynamic test rig. 

 

Figure 34. Close up view on the slider and bearing prototype attachment in the dynamic test 
rig. 
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Table 14. List of parts in dynamic test rig. 

Part Description 

1 Bearing prototype holder 

2 Reciprocating slider 

3 Load sensor 

4 Threaded rod connecting the bearing prototype to the holder 

5 Bearing prototype counter surface 

6 Bearing prototype 

7 Air supply 

8 Connectors for measuring contact 

9.3.2 Rig test 
To minimise the run time in the rig and still get good results for bearing performance, a design space, 

covering full film lubrication to boundary lubrication was set up. The first thing that had to be done was to 
establish the high and low points for the variable input in the rig i.e. frequency and load. This was done 
separately for the bearing prototype with respectively without aerodynamic step since the load carrying capacity 
varied between them. The high levels for the load range could be decided by running the rig and successively 
raising the load until the friction and contact between bearing prototype and counter surface indicated risk of 
seizure. The levels for frequency were established considering the performance limitations of the equipment. 
Figure 35 and 36 shows the data points used in the test set up for the bearing prototype with respectively without 
step. 

 

 

Figure 35. Data points used in the test set up for bearing prototype with step. 

 

Figure 36. Data points used in the test set up for bearing prototype without step. 
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The dynamic test started with a run-in point during 3 minutes at 10Hz and 3N, in order for the system to 
stabilise while adjusting the supply pressure to the aerostatic part of the bearing prototype. All tests in the 
dynamic rig were performed with an excess pressure of 4bar. All points in the test set up was then run for six 
minutes at each point. The middle point in each test set up was repeated three times. An explanation of the order 
in which the points was tested can be seen in table 16. 

Table 15. Description of the order which the data points in the test set up was tested. 

  Data points for bearing prototype 
without aerodynamic step. 

Data points for bearing prototype 
with aerodynamic step. 

Step order  Time(s)  Frequency (Hz) Load  Time (s)  Frequency (Hz)  Load 
(N) 

1  3  3 10 3 3  10 

2  6  10 34 6 10  24 

3  6  4 20 6 4  16 

4  6  7 27 6 7  20 

5  6  16 20 6 16  16 

6  6  13 27 6 13  20 

7  6  10 34 6 10  24 

8  6  7 41 6 7  28 

9  6  4 48 6 4  32 

10  6  13 41 6 13  28 

11  6  16 48 6 16  32 

12  6  10 34 6 10  24 

 
A separate measure for film thickness was done for a few points of the design space by using a dial gauge.  

Some points could not be measured due to unreliable reading caused by vibrations.  

9.3.3 Evaluation of dynamic rig test 
This part contains of the results achieved during the dynamic rig testing, it also contains discussions and 

conclusions drawn from these results. 
 
Results from dynamic rig testing 

During the experiment, data is continuously measured and extracted to a measurement file. The output from 
the rig is friction, contact, load, temperature and position. These are stored in traces, where a trace contains the 
output values for one single stroke. The traces are saved once every minute and describe the last stroke of that 
minute. 

The output data was a binary code that was converted to a text file and imported in MATLAB. Matrixes were 
created for the friction coefficient, contact, normal load, velocity, temperature and position containing all traces. 

Measurement noise occurs in the output signals which mean that it will be difficult to obtain actual max- and 
min-values. The raw data was therefore filtered to remove noise and ease the evaluation. Different filter 
constants were evaluated to find a signal without noise and still keep the true value of the signal. To extract the 
friction signal, the position signal was filtered whereas min- and max-values were identified. These values 
represent the reversal points of the stroke. 

For every trace a mean value for friction coefficient and contact was calculated at the mid-stroke and in the 
turning points. For the friction coefficient a total mean value for the whole stroke was also calculated.  

To establish how well the input to the rig corresponded to the measured value of the input during the test, 
plots for mean speed and load for the whole stroke as a function of duration was done for both the bearing 
prototype with and without step and can be seen in figure 37 and 38. The axis duration describes all data points 
during the entire test according to the order described in table 16. 
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Figure 37. Speed as function of duration for the entire test. 

 

Figure 38. Load as function of duration for the entire test. 
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The filtered and unfiltered contact and friction coefficients as a function of traces and sampled values in each 
trace have been plotted. Figure 39 and 40 shows the plots for the filtered friction coefficient for the two bearing 
prototypes. As explained earlier, a trace is saved every minute and contains data for one stroke and is thus 
represented by the x- and y-axis in the plots below. In the plot describing the filtered friction coefficient the 
negative values are plotted as positive values since it makes the plot more perspicuous, it also becomes easier to 
compare values for the entire stroke with each other. All output results from the dynamic rig tests can be seen in 
appendix 10. 
 

 

Figure 39. Filtered friction coefficient as function of duration and stroke for bearing 
prototype without step. 

 

Figure 40. Filtered friction coefficient as function of duration and stroke for bearing 
prototype with step. 
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To evaluate the affect on load carrying capacity for the different bearing prototypes, the impact on mean 
friction during the entire stroke as a function of speed and load was modelled in a multivariate analysis software, 
SIMCA. In order to evaluate that impact the output values for friction at the four lowest loads were removed 
since the bearing prototype was totally separated from the test piece at those loads. The friction measurement 
while totally separated is misleading since it shows a very low value while it in fact is zero and should be 
disregarded. Figure 41 and 42 shows the significance on mean friction caused by speed respectively normal force 
for both bearing prototypes; a bar with higher absolute value indicates a larger influence on the total mean 
friction. Figure 43 and 44 shows mean friction as function of contact pressure for both bearing prototypes, a 
function for linear approximation of the relationship between friction and load can be seen in the upper left 
corner of the figures. The friction was plotted as function of contact pressure since the load on the bearing 
prototype with step was a lot lower than the load for the bearing prototype without step, this made the plots to 
end up in the same interval and by that a better overview of the results could be done.  

 

 

Figure 41. Significance of velocity and normal force on friction for bearing prototype without 
step. 

 

Figure 42. Significance of velocity and normal force on friction for bearing prototype with 
step. 
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Figure 43. Total mean friction as function of contact pressure for bearing prototype without 
step. 

 

Figure 44. Total mean friction as function of contact pressure for bearing prototype with 
step. 

A number of 2D figures were also plotted for different output variables, as mean values for each trace and as 
a function of duration, for both bearing prototypes. All figures can be seen in appendix 10. Figure 45 shows the 
contact frequency at mid stroke as a function of duration for bearing prototype with step. It can be observed how 
the amount of contact between the two bearing surfaces varies for different frequencies and loads during the 
entire test. 
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Figure 45. Contact frequency at mid stroke as function of duration for bearing prototype 
with step. Contact frequency is the mean of how many measured points that are in contact 

respectively not in contact at each minute during the entire test. 

The results from the manually measured film thickness with the dial gauge can be seen in table 17. The table 
shows the measured values for film thickness in the dynamic rig.  

Table 16. Measured values for film thickness in dynamic rig. 

Bearing prototype with step Bearing prototype without step 

Load 
(N) 

Frequency 
(Hz) 

Film thickness 
(µm) 

Load 
(N) 

Frequency 
(Hz) 

Film thickness 
(µm) 

5  5  43 5 5 49 

5  10  48 5 10 49 

5  15  50 5 15 49 

16  4  26 20 4 31 

16  16  27 20 16 31 

20  7  19 27 7 25 

20  13  20 27 13 25 

24  10  11 34 10 11.5 

28  7  2

28  13  3
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Discussions on dynamic rig test results 
The main purpose for the dynamic testing was to validate how well the assumptions made in the simulation 

model corresponded to the rig tests. The dynamic testing showed that the friction could be neglected during full 
film lubrication, that is the area that the translator is designed to operate in. Because of this most of the analysis 
were performed in the boundary lubrication and mixed lubrication regime which is the areas where most reliable 
data could be obtained. In the full film lubrication regime, film thickness was the only reliable parameter that 
could be investigated and thus the purpose of the rig test was fulfilled.  

As can be seen in the plots in figure 37-38 the input values to the rig corresponded well with the measured 
values, there is however a obvious variation of both speed and load during the different steps in the testing but 
these values are as good as it gets in a rig of this type with such short running period for each test point. 

The significance of the impact of the speed on mean friction for both bearing prototypes is small and almost 
negligible compared to the impact by load. As seen in figure 41 and 42 the significance by speed compared to 
load is larger on the bearing prototype without step, however the significance is still very small so no 
conclusions can be drawn based on that fact. This means that speed has none or very small impact on the mean 
friction coefficient during the entire test. This is still not enough facts to say that the speed has negligible effect 
on the friction in all cases. 

Since the bearing prototype is totally separated from the test piece at the lowest loads in the test, the friction 
is close to zero and in practise below what can be measured in the equipment. Measurement of the viscous losses 
in air would demand much more precise equipment.  

Since the speed had minor or none importance on the friction in this case the correlation between load and 
friction was investigated. Figure 43 and 44 shows that there is a linear connection between load and friction for 
the high loads. The high loads plotted in the figure are the loads where friction could be measured by the rig in a 
reliable way, that is the load levels where contact between the bearing surfaces occurred. The friction at low load 
levels was so low that they were neglected. The line for bearing prototype with step does not correlate well with 
the mid value in the figure but this is because the lowest value for friction is measured during full separation and 
if the load was slightly raised the friction would not increase more than that it would create a more linear 
correlation for that bearing prototype as well. 

Even though the speed was ruled out as a significant affection on friction for both bearing prototypes it was 
still interesting to find out if the aerodynamic step had any contribution on the performance of the bearing what 
so ever. It was therefore decided to investigate the contact results from the test since it gives a mean value on 
how often contact occurs between the bearing prototype and the counter surface. As seen in figure 45 data 
clearly shows that with a load of 28N and while raising the frequency from 7Hz to 13Hz the contact frequency 
decreases; a decrease in contact frequency also occurs at a load of 32N while raising the frequency from 4 to 
16Hz. The load has to be that large to obtain a difference in contact since with lower loads the contact is zero for 
all tested loads lower than 28N. This clearly shows that regardless of the result in friction and film thickness 
analysis, there is a contribution on the lifting force by the aerodynamic step even though it is difficult to 
quantify. 

 By comparing the load levels where separations of the bearing surfaces were initiated both in the dynamic 
and static rig, the two test methods could be compared. The results can be seen in table 18. The maximum load 
for where separation is initiated is very similar for both rigs. This is seen as a reasonable way to compare the two 
rigs at low film thicknesses. The conclusion that the performance of the bearing is not changed much by motion 
compared to stationary conditions at low film thicknesses can be made especially for the bearing prototype 
without step. This can be explained by the fact that the volumetric flow speed of the air is significantly larger 
than the relative motion between the bearing prototype and the counter surface.  

Figure 46 and 47 shows a comparison between measured film thickness in the static and dynamic rig for 
bearing prototype without respectively with step. For the bearing prototype without step a factor of 1.26 in 
difference at large film thickness can be obtained between the static and dynamic test results. The same 
observation made for the bearing prototype with step gives a factor of 1.21 in difference between the static and 
dynamic test results. 

It can in figure 39 and 40 be obtained that the friction coefficient is low also during high loads and full 
contact between bearing prototypes and counter surfaces. The friction coefficient is in general under 0.1 which is 
the expected value for an oil lubricated bearing. This combined with the fact that the friction coefficient was 
raised while decreasing the air supply pressure indicates that a mixed lubrication regime exists during the testing. 
This is a good property in case contact between translator and cylinder wall would occur in the engine. 
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Table 17. Comparison between static and dynamic rig for which load separation occurs. 

Test procedure Bearing prototype without Bearing prototype with step 

Static rig 42N 33N 

Dynamic rig 41N 28N 

 

 
Figure 46. Film thickness as a function of load, comparing static and dynamic rig for 

bearing prototype without step. 

 
Figure 47. Film thickness as a function of load, comparing static and dynamic rig for 

bearing prototype with step. 
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10 Results summary 

The chosen concept to investigate was an externally pressurised linear air bearing with an aerodynamic air 
gap presented below in two parts, one technical summary and a design proposal for the linear bearing. 
 
Technical summary 

The objective was to design a bearing capable of keeping the translator centred within the magnetic field. The 
simulations in GT-Power showed that for a safety margin of three for the magnetic forces, a supply pressure of 
4bar and three sets of air pockets, the bearing will allow a small radial displacement (8.1µm) and have low 
energy consumption (170.5W).  

Simulations in GT Power clearly showed that the most important parameters concerning the aerostatic 
bearing design was the feeding tube diameter and the supply pressure. It was from the simulations discovered 
that the bounce chamber pressure had a huge negative effect on the bearing performance unless it is sealed from 
the translator bearing surface.  

Concerning the aerodynamic design it was concluded that it would have a negative effect on the aerostatic 
centring force since it would consume area and reduce the total lifting force of the bearing. Having a film 
thickness of 100µm will make the translator not enough conformable with the cylinder liner, since the film 
thickness increases rapidly from the minimum value along the circumference of the translator which reduces the 
load carrying capability significantly for the aerodynamic step. 

The static rig tests were similar to the simulated results in consideration to film thickness as function of load 
but a smaller film thickness was measured than the one simulated for each load. In the same way the tests 
performed in the dynamic rig was similar to the test results in the static rig but also here they showed a smaller 
value for the film thickness. The results from the dynamic rig test differ from the simulations in GT-Power with 
a total mean factor of approximately 2 for the bearing prototype without step at large film thicknesses. This value 
is not reliable as a dimensioning factor since not enough tests are performed neither enough test points are 
investigated but it gives an indication that choosing a safety margin of three is reasonable and could be used as a 
starting point for new prototype testing.  
 
Design proposal 

The air is supplied to the bearing through a tube that guides the air from a compressor into a volume inside 
the translator. The air feeding tube goes through the bounce chamber piston and piston rod and slides against a 
self lubricated Teflon bushing that acts as a bearing for the air feeding tube and prevents leakage from and to the 
bounce chamber. The bounce chamber piston holds a Teflon piston ring and seals the bounce chamber from the 
translator in order to maintain an ambient atmospheric pressure around the translator. The simulations showed 
that keeping the ambient pressure atmospheric around the translator gives the bearing the best possible 
performance. 

To keep the translator ambient pressure atmospherically, vent needs to be positioned in the cylinder liner on 
each side of the translator. The vent position and the length of the piston rods have to be chosen so that neither 
the translator nor the piston passes it at any point, since this would prevent the air flow out from the engine. To 
allow for the continuous air flow, the distance between the translator and the both pistons has to be at least a 
length of the full stroke plus the width of the air vent holes. The constant amount of air flow combined with full 
film lubrication gives a cooling effect on the engine and especially the translator, helping it maintain an 
acceptable temperature. Figure 48 shows a close up view of the design proposal for the translator bearing 
assembled with the pistons and the cylinder with the vent seen in the background.  
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Figure 48. Close up view on one half of the free piston engine with the suggested design for 
bearing of translator, the cylinder assembly is shown as a cross section. The back of the 
cylinder shows the vent for maintaining an atmospherically ambient pressure around the 

translator. 

Around the periphery of the translator three sets of air pockets each containing six pockets is milled. The 
pockets are 40mm long, 2mm wide, 0.5mm deep and a hole with a diameter of 0.4mm is drilled in the centre of 
the pockets into the translator volume in order to allow for the supplied air to reach the bearing surface. The 
design of the air feeding tube is not decided but it must be dimensioned according to the air flow in the bearing 
and should therefore have a cross section area larger than the holes supplying the air pockets combined. 

The suggested design for the air bearing assembled in the FPEC opposed piston engine can be seen in figure 
49. 

 

 

Figure 49. Final design of the air bearing assembled in the FPEC engine, the cylinder 
assembly with the air feeding tube is shown as a cross section. 

As a suggestion for material, carbon fibre as base material with a thickness of 0.9mm around the magnets 
were chosen with a ceramic coating on top of the carbon fibre layer. The micro-thin ceramic coating will provide 
a hard, wear resistant layer and a smooth surface which is needed for a well functioning air bearing. 

To get an idea of the dimensions in a real design, a drawing with some of the most important are shown in 
figure 50. It is important to mention that the dimensions in the figure are just suggestions and not a final design. 
No effort has been made to optimise the dimensions.  

 

 

Figure 50. Drawing of the final bearing design assembled in the free piston engine with the 
most important dimensions. 
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11 Discussion and Conclusion 

This work resulted in a design of an oil free air bearing for the free piston engine translator. This section 
contains the conclusions of the technical and project aspects of the work. Considering this is not a complete 
technical design, there are still things yet to be determined.  

11.1 Technical conclusions 

An aerostatic design was found very promising for the translator bearing. Simulations and experimental work 
show that it is fully possible to achieve enough centring force by the supply of externally pressurised air, still 
keeping the supply pressure at an acceptable level.  

The aerodynamic step was shown to impair the centring force since the pressure decreases in that region 
because of the higher flow rate. Still it needs to be reflected if it would be suitable or possible at all to use as a 
safety feature if the aerostatic pressure supply would fail. One of the reasons for why the aerodynamic step 
works quite poorly is that the air gap is designed to be 100µm which is way above an acceptable limit for such 
design. This is because the minimum film thickness exists in one point, whereupon it increases significantly for 
every millimetre around the periphery as discussed in the report. This results in that the effective area that will 
contribute to the centring force is very small for such small translator diameter. It was also concluded that for an 
air gap less than 6.4 µm, slip flow occurs that distinctly lowers the viscosity. It has however not been 
investigated what will happen for lower film thicknesses. So the question is what will happen in the slip flow 
region; if the load carrying capacity increases even though that slip flow occurs it would function as a safety 
arrangement, else it is probably no use of having the dynamic step at all. 

From the results in the report it is obvious that the static part of the bearing would have a lot higher lifting 
capacity than the dynamic part and especially at small radial displacements. 

The air gap of 100µm is designed for steady state operation, when the thermal expansion has reached its 
maximum limit. The magnitude of the air gap is thus a safety factor and could probably be reduced. A reduced 
air gap would not only improve an aerodynamic design but also the centring force for the aerostatic properties 
would be improved. The air flow would also be restrained with a smaller air gap which would result in lower 
energy consumption. When designing the translator bearing it was considered necessary to use a good safety 
margin to show that the bearing will work with such large air gaps.  

It must also be considered that the materials used for the translator bearings must be further investigated 
since not enough effort is put into choosing proper ones. Most likely there are materials and coatings that have 
more suitable properties concerning mechanical aspects and thermal expansion rates. No investigation has been 
made whether the materials is compatible with each other nor what stresses that occurs when they are warmed up 
or subjected to other tensions, like acceleration. 

Concerning the static rig test the results were satisfying, and relatively large lifting forces were achieved 
although the precision of the rig tests can be questioned. The rig was built as good as possible with the tools and 
time available. But there are some sources of error that can have influenced the results. The biggest issue is 
probably the difficulties to know how aligned the bearing prototype was with the counter surface, which was 
seen to have a major importance of the achieved film thickness. With the tests concerning side leakage, the test 
piece alignment was done by obtaining an equal air flow in all directions. The problem became more obvious 
when the side leakage was removed and therefore it became more difficult to align the bearing prototype in one 
direction since the air flow was restrained. Also the precision of the pressure regulator, the exact distance 
between the weights and test piece placement and the accuracy of the digital micrometer used for detecting the 
film thickness can have some influence on the results. However the results from the testing are considered good 
enough since several test iterations have been performed in a consistent procedure.  

The results from the dynamic test rig shows that the speed of the bearing prototype has low influence on the 
friction coefficient at high load and therefore contact between bearing prototype and counter surface. The 
observation that the friction coefficient is as low as the expected value for an oil lubricated bearing even during 
full contact is surprising. This indicates that a mixed lubrication regime exists during the dynamic rig tests and 
this is a very good property for a translator bearing in the free piston engine. Since the operation of the free 
piston engine is supposed to include a lot of starts and stops it is of good value if the bearing can handle those 
kinds of conditions by having a low coefficient of friction during contact. 

While comparing the results from the static rig tests with the ones achieved in the dynamic rig it becomes 
clear that the affect on film thickness while in motion compared to stationary conditions is small while having 
large loads and therefore small film thicknesses. While comparing the results from the two rigs for low loads the 
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influence of motion becomes larger and shows a clear trend of reduced film thickness in the dynamic test results. 
However the results match each other well considering trend and development of film thickness as function of 
load. Since the results in the static rig shows a similarity to the results gained from the simulation model in the 
same way as the dynamic rig results is similar to the static rig results, it can be said that the GT-Power model 
gives a good geometry proposal for a new prototype test.  

The results from the simulations in GT-Power is a factor of 2 larger compared to the results from the 
dynamic rig while comparing film thickness as function of load. This is a satisfactory result, taken into account 
all sources of error. The error sources could be: assumptions while building the model in GT-Power, side leakage 
and alignment between bearing prototype and counter surface in the static rig. The results from the simulation 
also disregard the surface properties since they are assumed to be perfect. 

The final design of the translator in this report is not fully optimised but the results gained are a good starting 
point for new prototype tests. To verify the design and optimise it, tests have to be done in a rig capable of 
higher sliding speeds and with a bearing prototype with circular surface in a cylinder. The dynamic test rig 
showed that there is a contribution to the film thickness from the aerodynamic step but by using area of the 
bearing for the step, static lifting force is reduced more than what the step contributes with. So therefore it can be 
said that an aerodynamic step should not be used as a primary part of the bearing. But as stated earlier if the 
clearance between translator and cylinder wall is reduced heavily it may used as a safety device if the aerostatic 
part of the bearing would fail.  

The main property not yet investigated is the stiffness of the bearing; this is an important feature since it 
would affect the performance while exposed for sudden radial impact forces. However the stiffness of the 
bearing is assumed to be large enough since the stiffness rises as a function of displacement and due to the fact 
that the film thickness is relatively large there are a lot of room for displacement without contact. But before 
building a new bearing prototype for testing the stiffness of the bearing needs to be investigated. 

11.2 Project conclusions 

This project was carried out during a time span of approximately 20 weeks. The aim of the project was to 
come up with a proposed solution for a translator bearing to the free piston engine. It was desirable to have a 
clean bearing; a bearing without oil or grease etc as a lubricant. Furthermore it was beneficial to use same type of 
bearing for the pistons as for the translator. The goal was also to verify the proposed bearing with experimental 
tests. Therefore it was decided to investigate and test an air bearing. 

All of the statements above were carried through except that there was no time for evaluate the possibility of 
using a piston bearing. Since the project was ranging over 20 weeks the project had to be limited to include the 
most important aspects. Both theoretical and experimental analyses were carried out during the project time 
which is seen to be a huge advantage concerning the reliability in the test results. 
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12 Future work 

Due to the time constraint, this investigation is not covering all aspects needed to proceed to prototype testing 
in full scale. Below is a listing of recommended future work to verify the design suggested in this report. 

 Investigate how the load carrying capacity of the aerodynamic step is influenced in the slip flow 
regime at film thicknesses below 6.4µm. 

 Study if the clearance between translator and cylinder wall can be reduced in order to improve the 
load carrying capacity and lower the energy consumption. 

 Make a theoretical model of how the dynamic effects affect the air flow and load carrying capacity. 
 Make a prototype with correct relations for the dynamic step and perform rig tests to investigate the 

dynamic contribution without any use of externally pressurised air. 
 Investigate the influence of surface characteristics.  
 Put more effort in choosing correct materials for the translator and calculate how large the thermal 

expansion will be for these materials. Investigate what stresses that occur due to the thermal 
expansion. 

 Investigate the bearing stiffness and the dynamic behaviour of the translator such as vibrations. 
 The air supply is now taken in through an air supply tube through the bounce chamber to the volume 

inside the translator. Investigations if it would be more suitable to have the air supply through the 
cylinder wall and stator should be made. The problem is that the bearing length would be reduced 
with half if the air supply is positioned stationary in the cylinder wall.  
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Appendix 1. Concepts 

This appendix describes all of the original concepts that were generated. A total number of 12 concepts were 
developed, both as air bearings, oil lubricated bearings and self lubricated bearings. 

Concept 1: Externally pressurised air bearing 

The first concept is an aerostatic bearing where the air is externally pressurised between the translator and 
cylinder wall by small holes in the cylinder wall. Figure 1 represents one half of the whole cylinder and is on the 
sketch positioned in its lower dead centre. A compressor is supplying the air for the bounce chamber and the 
bearing by guiding it through air pipes to the holes in the cylinder wall. Since the translator will reciprocate in 
both directions, the air supply holes needs to cover the whole stroke length of the translator so the translator will 
be supplied with the necessary air during the whole stroke. This will result in that air will be pressed out in the 
cylinder at a position where the translator is not located which would lead to unwanted pressure to build in 
places where it is not wanted. Also, this would cause the translator to loose bearing ability since most of the air 
would take the easiest way; that is to say in to the cylinder where low resistance (pressure) exists. Therefore it is 
necessary to implement valves that control the air supply between the translator and cylinder wall. These valves 
must open and close many times per second in exactly the right position.  

When working properly, an aerostatic bearing would have no contact friction at all. It is also clean and do not 
cause any pollution. Some amount of cooling effect of the translator will also take place. 

The biggest concern with this concept is the functionality of the valves. They have to be very fast and precise 
in order to achieve the desirable bearing ability. Another problem would be to control the bounce chamber 
pressure since pressurised air will always be applied to the bearing which will cause the pressure in the bounce 
chamber to build up unregulated. Some type of valve will be needed in the bounce chamber so that the pressure 
can be controlled.  

 

 

Figure 1. Externally pressurised air bearing. 



Concept 2: Outside of cylinder bearing 

This bearing consists of a translator with a number of glide tracks mounted on the outer end of the translator 
diameter. The number of glide tracks should be at least three and functions as a bearing on the outside of the 
cylinder walls and at the same time it prevents the translator from rotating. When having this type of bearing a 
closed volume arises; this makes it possible of using oil or grease as a lubricant. A seal ring is used on each of 
the glide tracks to prevent the lubricant medium for leaking into the cylinder. These seals must withstand high 
accelerations and speed. The bearing can be seen in figure 2. 

By putting the bearing surface outside the cylinder leaves more opportunities for the bearing; more space and 
different lubricants can be used. For example can oil or grease be used without affecting rest of the system. The 
tracks also prevent the translator from rotating which is beneficial when using some type of positioning sensor. It 
may be possible to use the volume created by the tracks as a bounce chamber as well.   

A drawback would be that the geometry will become more complex and the outer cylinder diameter will be 
larger. The length must also be increased since the tracks are mounted outside of the cylinder and must be at 
least as long as the stroke length. Another problem may be to find seals that can manage the high velocities and 
speeds. If some type of lubricant is used it may be necessary to exchange it; in that case a solution for doing this 
must be developed.  

 

 

Figure 2. Outside of cylinder bearing. 



Concept 3: Aerodynamic bearing 

This is a concept having a converging gap which builds up an aerodynamic pressure. When the translator is 
set into motion in either way, air is forced into the converging gap. Because of the gap is getting smaller a 
pressure will be built up between the translator and cylinder wall, making the surfaces separate from each other. 
The gap can be designed in different ways; as a step gap or tapered type gap for example. The aerodynamic 
bearing can be seen in figure 3. 

The main advantage with this concept is that it only needs a gap processed on the translator; no extra 
components or lubricant etc. This will make it very clean as well and no energy losses will occur due to a 
compressor. 

The problem will be to evaluate whether this solution will work at all. Occasionally high pressure will be 
present in the bounce chamber; how would that affect the bearing? The high pressure in the bounce chamber 
could also cause pressure to be built up between the translator and piston. In order to prevent this from 
happening a sealing would be needed on the translator, but that would throttle the air flow necessary for the 
aerodynamic bearing to work properly. Another issue is what would happen in the turning points. Would the 
aerodynamic pressure that has been built up drop and forcing the translator into mechanical contact with the 
cylinder or will the pressure remain because of the short turning times?  

 

 

Figure 3. Aerodynamic bearing. 



Concept 4: Oil lubricated bearing through cylinder walls 

Concept 4 consists of a translator and piston connected with a con rod just as regular. The difference is that a 
number of oil pumps are positioned around the outside of the cylinder supplying the translator and bearing with 
oil. An alternative of the proposed design in figure 4 would be to build the translator and piston as one part in 
order to simplify the oil supply process. In that case the oil pump(s) would always be positioned in between the 
bottom and top dead centre, making it impossible for the oil to come in to the bounce chamber or combustion 
chamber directly. Seal rings are used to keep the oil in right position. A principle drawing of how it could look 
like can be seen in figure 4. 

The constant oil supply to the bearing results in reduced friction and wear. The piston and translator would 
also be constantly cooled which makes it possible to keep the temperatures at acceptable limits. Furthermore it is 
beneficial to use the same type of bearing for both the translator and piston. 

Problems will be to find seal rings good enough to keep the oil from leaking out to the combustion cylinder 
and bounce chamber and still deal with high accelerations and speeds. Another problem would be how to design 
the oil supply inlets and the number of it to achieve best possible lubrication. This is also a question of right 
amount of oil supplied at a perfect timing which could require some type of positioning sensor device. If oil will 
leak out there must also be some way to get it out of the cylinder. 

 

 

Figure 4. Oil lubricated bearing through cylinder walls. 

Concept 5: Bearing outside stator surface 

The translator in concept 5 will have a slightly bigger diameter at the bounce chamber end and the stator will 
be positioned inside or partly inside the cylinder. The bearing surface can then be positioned at the larger 
translator diameter and it can be designed so that a minimum air gap less than 1mm can be held between the 
translator and stator. So therefore will no contact occur between the stator and translator since the bearing 
surface will carry the total load. This concept is shown in figure 5. 

An advantage will be that the bearing surface will come farther away from the combustion chamber which 
means a lower bearing temperature. When having the bearing between the translator and stator, a maximum 
distance of 1mm should be held between the magnets and stator coils which mean that a possible layer of 
material cannot be that thick. When having the bearing surface moved outside of this area result in more 
alternatives exists of choosing an appropriate bearing design. A seal ring can be used (which can be seen in 
figure) fixed positioned at the far right end of the stator, which gives opportunities of a sealed middle section that 
can be used for ventilation and cooling in form of cylinder ports or similar. 

 

 

Figure 5. Bearing outside stator surface. 



Concept 6: Oil supply by using pipe bearing 

This concept consists of an oil supply pipe placed in the centre of the cylinder; the pipe leads the oil from the 
oil tank to the area between the piston and the translator as can be seen in figure 6. The cylinder wall has an oil 
outlet that makes the oil circulate in the system, not shown in figure. The piston should have two piston rings and 
the translator is fitted with one piston ring at the bottom.  

This design allows the oil to interact with the translator and piston wall surfaces without spraying the oil into 
the combustion chamber or the bounce chamber. Oil will be supplied both to the translator and piston surfaces to 
reduce friction and thus achieve a cooling effect. 

Problems with this design are that it is complicated and must contain a number of seals. Redundant oil must 
be transferred away from the “middle area” in order to allow for oil exchange and make sure that this area will 
not work as an oil sump. Because of that some ports in the cylinder wall has to be made to allow this. Another 
problem will be how to design the oil outlet from the pipe since the translator will move back and forth and the 
outlet may be covered by the con rod. A continuous oil flow and an oil pump will be needed which will be a 
source of energy consumption.  

 

 

Figure 6. Bearing using a central oil supply pipe. 

Concept 7: Translator valve bearing 

This concept is based on that the lubrication is taken in with the air to the bounce chamber. The oil is then 
lead through valves in the translator that is controlled by pressure change in the bounce chamber. This will create 
an oil film on the cylinder wall supplying both the piston rings on the piston but also the sealing on the translator 
with lubrication. In order to get the oil to flow through the system a controlled leakage is placed in the cylinder 
wall in the bounce chamber. Figure 7 shows the principle of using a translator valve bearing. 

This design allows for a lubricated system both for the translator and piston and it is also automatically 
regulated by itself. Since the oil is supplied with the air inlet in the bounce chamber, no additional oil pump is 
needed. 

A problem will be to design the valves inside the translator in order to achieve the automatic regulation. An 
advanced valve control mechanism must be used inside the bounce chamber in order to drain the oil out of the 
cylinder at the same time a desirable bounce chamber pressure must be retained.  

 

 

Figure 7. Translator valve bearing. 



Concept 8: Labyrinth seal bearing 

On both the piston side and the translator side labyrinth seals are milled into the cylinder wall and piston 
rings are fitted into the cylinder wall. The labyrinth seals reduce the pressure on the piston rings because of the 
labyrinth seals in the cylinder wall that cause a turbulence. It gives the opportunity to use low pressure piston 
rings with a self lubricated material. The labyrinth seal bearing can be seen in figure 8. 

This concept is very simple and contains very few components. Preferable it should be self-lubricated which 
will result in a very clean operating.   

One of the drawbacks is how to assembly the seal rings.  
 

 

Figure 8. Labyrinth seal bearing. 

Concept 9: Aerostatic bearing 

An aerostatic bearing is formed around the translator due to the passage created in it. The air for the bearing 
is produced by air pressure from the bounce chamber. Sealing are fitted on each side of the translator. This type 
of aerostatic bearing are shown in figure 9. 

No additional components will be used since the air used for the bearing is taken from the bounce chamber 
pressure built up. Consequently it will have low friction as well.  

Difficulties will be how to fit the air channels inside the translator and how to design them. Since the bounce 
chamber pressure will alter during the stroke, the air pressure supplied to the bearing will as well. Probably this 
type of design wouldn’t work because of the previous mentioned.  

 

 

Figure 9. Aerostatic bearing. 



Concept 10: Hydrostatic bearing using cylinder ports. 

This concept is based on hydrostatic lubrication where the oil is pushed through holes in the cylinder wall 
and separates the translator and piston from the cylinder wall. The oil is pumped out by the moving part trough 
the holes diverging to an oil reservoir. The oil is kept where it should be by piston rings at each end of the 
piston/translator part. A principle layout for this concept can be seen in figure 10. 

This solution result in a good cooling for both the piston and the translator as oil is continuously pumped in 
and out through the bearing gap. Since it works according to the principle of hydrostatic lubrication, the friction 
and consequently the wear will be held at reasonable limits.  

Drawbacks with this design are its complexity and thus the complicated manufacturing. The design of the 
inlet and outlet ports will probably be the biggest challenge since it will have a very big influence of how well 
the hydrostatic bearing is working.  

 

 

Figure 10. Hydrostatic bearing using cylinder ports. 



Concept 11: Glide tracks 

This concept is based on guiding tracks as bearing for the translator; this will prevent the moving part in the 
engine to rotate which can be an advantage for the position measuring device. There is a possibility to implement 
an already tested functional linear bearing in this type of solution. The glide tracks seen in figure 11 can be 
position either in the stator or in the translator, a more detailed study would be needed to choose the best 
solution. It is the glide tracks that will carry the load in combination with a “bearing medium”. The bearing 
medium could be oil, air or a self-lubricated material. 

An advantage with this concept is that it takes away the rotational degree of freedom. This will benefit the 
use of a positioning sensor. It also allows for using a well-functioning tested bearing design.  

A disadvantage would be that it is space consuming and removes a part of the effective area used for 
generating electric power.  

 

 

Figure 11. Glide tracks seen from the axial direction. 

Concept 12: Non-circular bearing 

This concept is not a regular bearing, its more shape that can be used in order to prevent the moving parts 
from rotating and can be used in connection with other bearing configurations. This shape can be used anywhere 
in the construction but preferable it would be used in the bounce chamber or combustion chamber. By using a 
piston of a non-circular design to prevent translator from rotating, result in that no glide tracks that reduces the 
effective translator/stator area needs to be used for this purpose. The non-circular bearing can be seen in figure 
12. 

A drawback of using this type of design as a piston in the bounce chamber for instance is that the cross 
sectional area has to be bigger than rest of the cylinder in order to seal. This will result in a greater cylinder 
diameter at this part of the machine. The cylinder and components will also become more complicated to design 
and manufacture.  

 

 

Figure 12. Non-circular bearing design. 



Appendix 2. Rayleigh step bearing design for gas lubrication 

Since it was chosen to investigate the opportunity of combining an aerodynamic design with an aerostatic, a 
Rayleigh type of step bearing was proposed. To achieve the centring force for the bearing, Reynolds equation for 
a compressible medium had to be investigated. The equation was investigated for a 1D-case for the bearing type 
seen in figure 1. 

 

 

Figure 1. Rayleigh step bearing. 
 
All parameters used in this appendix can be seen in table 1. 

Table 1. Parameter list. 

Parameter Explanation Unit Parameter Explanation Unit 
pa Pressure at a. Pa U Sliding velocity. m/s 
pc Pressure at c. Pa t Time. s 
pamb Ambient pressure. Pa F Load N 
h1 Bearing outlet film thickness. m µ Dynamic viscosity. Pa∙s 
h2 Bearing inlet film thickness. m ω Squeeze angular velocity 1/s 
b1 Bearing outlet width. m W Bearing length (z-direction). m 
b2 Bearing inlet width. m Kn Knudsen number.  
B Bearing width (=b1+ b2) m λ Molecular mean free path µm 
 
Reynolds’s equation for the pressure distribution in a gas lubricated Rayleigh’s step bearing can for the two 

bearing regions 1 and 2 in figure 1be written as: 
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The two constants Λ, which is the bearing number or the compressibility number and σ, which corresponds to 
the squeeze number generated by the oscillating motion of the upper plate can be written as: 
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The parameters X and h in equation (1) - (3) is expressed as: 

 

21 /,/ hhhLxX ==      (4) 
 



Assuming that the velocity component across the lubricant film (y-direction) is very small and that no 
consideration is taken to the squeeze effect, Reynolds equation (1) can be simplified as: 
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Integrating equation (5) twice gives us the pressure distribution. Note that the equation becomes non-linear 

due to the two pressure parameters inside the bracket. This makes it difficult to solve analytically and numerical 
methods are preferable to use. Integrating once gives us the expression inside the brackets plus a constant and 
integrating twice results in problems dealing with the pressure term. Therefore closed-loop solutions explained 
by William A. Gross are used to handle the problem more easily.  

Before using the closed-loop solutions one must be aware of that equation (1) assumes that the mean free 
path of the molecules is small compared to the film thickness as well as the ideal gas laws are valid. If the mean 
free path of the molecules are in the same order as the film thickness slip flow may occur between the gas and 
bearing surfaces resulting in pressure reduction and the Reynolds equation must be modified. In order to 
investigate if slip flow will occur or not, the Knudsen number, Kn, is calculated. Slip flow will occur in the 
interval 0.01 < Kn < 3, so it is necessary of holding it at a level less than 0.01. As the mean free path, λ=0.064µm 
for air at atmospheric pressure the crucial film thickness can be calculated according to: 
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With numerical values in (6) the critical level for the film thickness is: 
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The response of the dimensionless load as a function of the modified bearing number has earlier been 

investigated by William A. Gross. Compared with using an incompressible medium that increases linearly with 
the sliding speed, the use of a compressible medium tends toward an asymptotic response for high Λ-values. 
Higher film thickness ratios tend towards a higher bearing load capacity but do not reach the asymptotic solution 
until higher bearing numbers. This phenomenon can be visualised in figure 2 for infinitely long step bearings (no 
side leakage) and a bearing length ratio of 1. So by using this figure, a step bearing can be designed with 
appropriate H1-curve with considerations taken to the critical film thickness calculated and the needed centring 
force for the translator. 

 

 

Figure 2. Dimensionless bearing load as a function of modified bearing number for various film thickness 
ratios for infinitely long step bearings. (Gross, 1980) 



The dimensionless bearing load with B = b1+b2 and W∞ = F, in figure 2 is expressed according to the 
following: 
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The parameter L, bearing length, in equation (7) is the sector of the diameter that carries the load is very 

small when having a total air gap of 200µm, which is because of the relative small translator diameter in 
comparison with the cylinder liner diameter. At 1mm at each side (L=0.002m) of the point where the minimum 
film thickness of 6.4µm is achieved, the film thickness is Δh ≈ 1.5µm thicker, that is 7.9µm. When using a 
bearing length in equation (7) it is assumed that the pressure is evenly distributed, which is not quite true. An 
overview of the parameters for the translator and the aerodynamic step can be seen in figure 3 as well as a 
definition of the bearing length, L. 

 
Figure 3. Translator with side view to the left and front view to the right. 

 
The translator is designed to have a width B which is 0.04m. Putting numerical values into equation (7) for 

L=0.002m and pamb = atmospheric pressure gives the minimum dimensionless bearing load needed for centring 
the translator. The needed centring force is obtained from appendix 3 for a radial displacement of 93.6µm which 
is equal to 6.4µm minimum film thickness, whereof the needed centring force 107N is obtained. Using this 
together with an estimated translator weight of 5kg (≈50N) the needed centring force becomes 157N. 
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So the minimum bearing load number has to be 19.4, preferable for a low sliding speed. This is a very bad 

number and cannot be achieved with any of the film thickness ratios in figure 2. 
The bearing number for the bearing can be obtained by investigating equation (2). As can be seen in the 

equation all parameters except velocity and minimum film thickness are held constant when assuming negligible 
inertia and body forces, constant film thickness pressure as well as isothermal and laminar flow. For an infinitely 
long step slider bearing, the bearing number is modified to the following according to Gross: 
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 It can be seen that the film thickness has most influence on the bearing number since it has a square root 

sign. As expected, a small film thickness together with high sliding velocity will be needed in order to achieve 
high bearing numbers. MATLAB was used to investigate what bearing numbers correspond to what sliding 
velocities for different values of minimum film thicknesses. A film thickness ratio, H1 of 3 resulted in a relative 
high dimensionless bearing load together with a fast achieved asymptotic bearing number obtained from figure 
2; therefore this relationship was used for the investigation. From that relationship the bearing outlet film 
thickness could also be determined. The results can be seen in figure 4 for a temperature of 300K and in figure 5 



for a temperature of 400K. As can be seen the bearing number decreases significantly with decreasing film 
thickness. According to the results from equation (6) the minimum film thickness allowed without getting slip 
flow is 6.4µm seen as the cyan coloured line in the figure, with a maximum bearing number of 2.7. Same film 
thickness yields a bearing number of approximately 3.3 at a temperature of 400K which is a result of the 
increased air viscosity due to the temperature rise. The following dynamic viscosities were used: 

 
• T=300K: µ=1.86E-5 Pa∙s 
• T=400K: µ=2.31E-5 Pa∙s 

 

 

Figure 4. Modified bearing number as a function of sliding velocity for different film thicknesses at 300K. 
 

 

Figure 5. Modified bearing number as a function of sliding velocity for different film thicknesses at 400K. 
 

As can be seen in figure 3 and 4, we receive a maximum bearing number of just over 10 for a sliding velocity 
of 10m/s. This is far too low in order to gain enough lifting force for the translator. In order to get a satisfactory 
result it would be needed to increase the translator diameter so a larger sector of the translator diameter would 



carry the load. But what is not investigated is how the aerodynamic step behaves at film thicknesses in the slip 
flow regime when new boundary conditions for Reynolds equation have been introduced.  

It has also been investigated for what combinations of bearing lengths, L and dimensionless bearing loads, 
that gives a bearing load of 157N or higher, which is needed in order to centre the translator for a minimum film 
thickness of 6.4µm. This was done by investigating equation (7) for having a constant ambient pressure 
pa=1.13∙105 Pa and a constant bearing width B=0.04m. MATLAB was used for varying the other two parameters 
according to table 2 to obtain a bearing load of 157N or higher. The max value for the bearing length, L, was set 
to half of the cylinder circumference which has a diameter of 80mm. 

Table 2. Varied parameters. 

Parameter Min value Max value Number of steps 
Dimensionless bearing load 0.1 2.0 39 
Bearing length, L 1mm 125.7mm 125 

 
The results from the investigation done can be seen in figure 6 as a surface plot for the dimensionless bearing 

load and the bearing length with the obtained bearing load on the z-axis. As can be seen the maximum bearing 
load for having a bearing length equal to half of the cylinder diameter and dimensionless bearing load of 2.0 
gives a bearing load of approximately 1013N. This corresponds to having a film thickness ratio of 3 according to 
figure 2 with the bearing number approaching the infinity (very high sliding speed and a small minimum film 
thickness).  

 

 

Figure 6. Bearing load as a function of dimensionless bearing load and bearing length, L. 
 

A 2D-plot from the surface plot in the figure above, having the dimensionless bearing load and the bearing 
length on the axis and the colour scale representing the bearing load can be seen in figure 7. As can be seen in 
the figure, all colours represent a bearing load higher than 157N (needed for centre the translator). This is thus a 
representation of the minimum combinations of dimensionless bearing load and bearing length, L that is needed 
in order to achieve enough dynamic lifting force for centring the translator.  

 



 

Figure 7. Dimensionless bearing load and bearing length, L for bearing loads (represented by the colour 
bar) higher than 157N. 

 
In order to have a film thickness ratio of 3, the dimensionless bearing load is approximately 1.0 according to 

figure 2 for a modified bearing number value of approximately 8 or higher. This represents a bearing length of 
39mm according to figure 7. 

So for a needed centring force of 157N for the translator bearing a film thickness ratio of 3 is the most 
appropriate. This means that the bearing number has to be approximately 8 or higher and the effective bearing 
length L has to be at least 39mm. A bearing length of 39mm corresponds to approximately 31% of half of the 
cylinder diameter. To achieve these numbers, the translator diameter has to be increased so that more than 31% 
of half the diameter will carry the load, and according to figure 4 the minimum film thickness has to be 3µm or 
less in order to have a modified bearing number higher than 8. But since a film thickness of 3µm is in the slip 
flow regime, it is not investigated what will actually happen. Also, the achieved centring force does not have the 
same direction as the applied load since they act as effective components around the translator circumference. 
Therefore the bearing length has to be longer than the calculated values. 



Appendix  3. Needed centring force 

This appendix describes the centring force needed in order to keep the translator from getting in to contact 
with the cylinder wall. The force is derived from a previous study made by the University of Sheffield [1]. 

Figure 1 shows how large the radial force become when the translator is displaced eccentrically for both a 
ferromagnetic and a titanium magnet supporting tube. 

 

 

Figure 1. Radial force as a function of eccentric displacement. 

The force is considered as linear up to a displacement of 0.7mm which means that a formula for the radial 
force can be written as:  

mkxy +=      (1) 
The m can be set to zero, and the x- and y-values can be read from figure 1 wherefore equation (1) can be 

rewritten as: 
26

3 /1014.7
107.0

5000 mN
x
yk ⋅=

⋅
== −  

And y thus becomes: 
26 /1014.7 mNxy ⋅=  

Since the force is expressed per unit length of the translator and it was decided to plot the eccentric 
displacement in an interval from 0 to 0.1mm with a length of 0.16m in Matlab. As can be seen in the plot in 
figure 2, the maximum force is 114N. 

 

 

Figure 2. Radial force as a function of eccentric displacement of the translator. 

[1] David Howe, Jiabin Wang and Yacine Amara, Design Optimisation (III) of Linear Machine for Free Piston 
Energy Converter, 2003. 



Appendix 4. GT-power model, translator 

This appendix describes the model used in GT-power in order to calculate the centring force and energy 
consumption of the static part of the air bearing.  

The model is a simplification of the real system and is a one dimensional assumption of the system where all 
of the parameters can be varied. A layout of the model representing a bearing with two sets of air pockets can be 
seen in figure 1. The air is supplied by two air tanks (1) and is then leading into a chamber (2) with the same 
measurements as one half of the translator. From the chamber the air is lead trough round pipes (3) representing 
the air feeding tubes to a volume (4) which is a representation of the air pockets. From the air pockets there are 
rectangular passes (5a, 5b) connecting the pockets on the same side to each other, there are also rectangular 
passes (6a, 6b) leading to either the bounce chamber (7) or the ambient area (8) on the other side of the 
translator. In order to simulate radial displacement of the translator and thereby be able to calculate the centring 
force for the bearing the height of the passes (5a, 6a, 5b and 6b) are varied. The with of the passes is set constant 
to one sixth of the translators circumference since that will correspond to a section of the air gap between the 
translator and cylinder wall covering one pocket of the translator. A list of all part in the model can be seen in 
table 1. Simulations has also been done on a model representing a bearing with three sets of air pockets, that 
model is built up in the exact same way as the one in figure 1 but with an extra air supply and all of the parts up 
till the rectangular pipe.  

 

 

Figure 1. Layout for the simulation model. 
 

Table 1. List of components in simulation model. 

Part number Description 
1 Air supply tank with infinitely large volume and variable pressure. 
2 Tank with the same dimensions as half translator volume. 
3 Round pipe with variable length and diameter. 
4 Variable volume with branches. 
5a Rectangular pipe with variable length, with and height. 
5b Rectangular pipe with variable length, with and height. 
6a Rectangular pipe with variable length, with and height. 
6b Rectangular pipe with variable length, with and height. 
7 Open environment with variable pressure. 
8 Open environment with atmospheric pressure. 

 
In order to be able to calculate the centring force caused by be bearing the height of the rectangular pipes (5a, 

5b, 6a, 6b) are changed and by that a radial displacement are simulated and a pressure difference between the 



upper and lower part of the model occurs. The difference in pressure at each section of the bearing are then 
multiplied with the area of that section of the bearing and by that the centring force can be calculated. By 
calculating the centring force in this way that is consider the difference in pressure of two systems with two flat 
surfaces with the same clearance as the lowest respectively highest in the translator to cylinder wall system and 
with the same area as one sixth of the translator to calculate the centring force. This will give a slightly lower 
value than the actual one for the centring force, by using those values for designing the bearing it will have a bit 
higher centring force than what’s needed and will function as an extra safety margin in the design process. 

Another interesting output from the simulations was the volumetric flow of the air, by multiplying it with the 
feeding pressure the energy consumption of the bearing could be calculated. 



Appendix 5. Simulation 1 

This appendix describes the first simulation run in GT-power; this simulation was run with two sets of air 
pockets and a radial displacement of 75µm. All of the geometry parameters were changed in the simulation with 
a wide interval in order to get guidelines for the design of the bearing, the parameters and values for them can be 
seen in table 1. Figure 1 shows the results from the simulation and describes the influence of feeding tube 
diameter and high bounce chamber pressure on the centring force. In every group with the same tube diameter 
the different peaks represents maximum feeding pressure and the difference in centring force is almost entirely 
due to the bounce chamber pressure, this means that pocket volume and length of feeding tube has negligible 
influence on the centring force for the bearing.  

 

 
Figure 1. Centring force as a function of iteration number. 

 

Table 1. Varied parameters with its intervals and number of steps. 

Parameter Min Max Number of steps 
Supply pressure (bar) 5 20  4 
Bounce chamber pressure (bar) 1 60 4 
Diameter of feeding tube (mm) 0.4 2 5 
Length of feeding tube (mm) 4 8 5 
Pocket volume (mm3) 20 100 4 

 



Appendix 6. T40 material data 

 
This appendix shows the engineering data for the material Turcon T40, carbon fibre compounded Teflon. 

Figure 1 show the exact information about the material retrieved from Trelleborg sealing solutions. 
 

 

Figure 1. Engineering data on Turcon T40. 



Appendix 7. Bearing prototype drawings 

Figure 1 and figure 2 shows drawings of the bearing prototype with and without aerodynamic step. 
 

 
Figure 1. Drawing of bearing prototype without aerodynamic step. 

 
Figure 2. Drawing of bearing prototype with aerodynamic step. 



Appendix 8. GT-power model, bearing prototype 

This appendix describes the model used in GT-power in order to calculate the theoretic pressure distribution 
in the air film of the prototype test piece, and by that determine the possible lifting force. The model is built up 
as a representation of the test piece dimensions and in the same way as for the model representing the static part 
of the translator. Figure 1 shows a layout of the model and table 1 contains a list of the parts in the model. The 
air is supplied by a air tank (1) and are divided in to two round pipes (3) representing the air supply channels, the 
air is then lead into volumes (4) representing the air pockets and there from into channels (5) and (6) which is a 
representation of the air film in the bearing; the air is finally lead into the end environment (7).  
 

 

Figure 1. Layout for the simulation model. 
 

Table 1. List of components in simulation model. 
Part number Description 

1 Air supply tank with infinitely large volume and variable pressure. 
2 Split connection. 
3 Round pipe with same length and diameter as the feeding tube. 
4 Volume with same values as for the air pocket. 
5 Rectangular pipe with same geometry as for the air film between the pockets. 
6 Rectangular pipe with same geometry as for the air film between the pocket and the outlet. 
7 Open environment with atmospheric pressure. 

 
  



Appendix 9. Static rig test results for the bearing prototype. 

This appendix shows the results from static test rig and comparisons made with the results simulated in GT-
Power. Figure 1 and figure 2 shows the measured mean film thickness at all measured feeding pressures with 
side leakage as function of load for both with and without step.  
 

 
Figure 1. Film thickness as function of load, test piece with step. 

 
Figure 2. Film thickness as function of load, test piece without step. 



Figure 3 – figure 10 shows the dispersion of measured film thickness from the static tests with side leakage 
for all test pieces with 7 bar feeding pressure.  

 
Figure 3. Film thickness as function of lifting force, test piece 1 with step. 

 
Figure 4. Film thickness as function of lifting force, test piece 1 without step. 



 
Figure 5. Film thickness as function of lifting force, test piece 2 with step. 

 
Figure 6. Film thickness as function of lifting force, test piece 2 without step. 



 
Figure 7. Film thickness as function of lifting force, test piece 3 with step. 

 
Figure 8. Film thickness as function of lifting force, test piece 3 without step. 



 
Figure 9. Film thickness as function of lifting force, test piece 4 with step. 

 
Figure 10. Film thickness as function of lifting force, test piece 4 without step. 

 
 
 
 
 
 
 
 
 
 
 



Figure 11 and figure 12 shows the simulated results and the experimental measured values in the static test 
rig both with and without side leakage for one test piece without step at 5 respectively 7 bar feeding pressure.  
 

 
Figure 11. Film thickness as function of lifting force at 5 bar feeding pressure. 

 
Figure 12. Film thickness as function of lifting force at 7 bar feeding pressure. 

 
Table 1 and 2 shows all measured film thicknesses for prototype without respectively with step.



 

 

Table 1. Measured film thickness for bearing prototype without aerodynamic step. 

Supply 
pressure 
(bar) 
 

Load 
(N) 
 
 

Measured 
film thickness 
prototype 1 
(µm) 

Measured film 
thickness 
prototype 2 
(µm) 

Measured 
film thickness 
prototype 3 
(µm) 

Measured 
film thickness 
prototype 4 
(µm) 

1 5,5 9 3 2 32 29 31 23 27 28 32 29 28 
1 13,7 6 1     2 1  1 1  
1 21,5 1            
1 33,9             
1 42,4             
1 54,6             
1 55,2             
1 61,4             

1,5 5,5 2   43 4 41 31 37 36 41 37 36 
1,5 13,7 12 9  14 12  15 16  17 17  
1,5 21,5 4 7 4    1      
1,5 33,9 1 3           
1,5 42,4             
1,5 54,6             
1,5 55,2             
1,5 61,4             

2 5,5 27   51 48 49 38 44 44 48 45 43 
2 13,7 2 23  27 25  26 26  28 27  
2 21,5 9 11 6    5 4  6 5  
2 33,9 5 6 1          
2 42,4 1  1          
2 54,6             
2 55,2             
2 61,4             

2,5 5,5 33   57 54 54 44 49 49 53 5 49 
2,5 13,7 27 3  32 32  32 31  33 33  
2,5 21,5 2 24 15 19 2  19 2  22 21  
2,5 33,9 9 9 2    1 1     
2,5 42,4 3 2 3          
2,5 54,6             
2,5 55,2             
2,5 61,4             

3 5,5 38   64 6 6 49 55 55 6 56 54 
3 13,7 33 35  38 38  37 36  38 39  
3 21,5 26 32 27 26 27  24 26  3 29  
3 33,9 12 13 5 5 5  16 14  9 1  
3 42,4 5 5 6    1      
3 54,6             
3 55,2             
3 61,4             



3,5 5,5 44   69 65 65 53 6 6 64 61 59 
3,5 13,7 38 4  43 43  41 41  42 43  
3,5 21,5 31 39 33 32 33  29 31  35 33  
3,5 33,9 2 16 14 22 21  21 21  2 2  
3,5 42,4 8 8 9    2 1     
3,5 54,6             
3,5 55,2             
3,5 61,4             

4 5,5 49   74 71 7 59 65 65 69 66 64 
4 13,7 43 45  47 47  45 44  46 47  
4 21,5 36 43 39 37 38  34 36  39 38  
4 33,9 27 24 21 28 26  26 26  24 24  
4 42,4 12 12 13    9 5  5 4  
4 54,6 2 2 1    1 1     
4 55,2             
4 61,4             

4,5 5,5 54   81 77 76 63 7 7 74 71 69 
4,5 13,7 48 49  51 5  48 48  5 51  
4,5 21,5 4 48 44 41 42  37 4  42 41  
4,5 33,9 32 31 26 33 29  3 3  28 28  
4,5 42,4 16 16 16 16 15  19 17  19 18  
4,5 54,6 4 4 5 5 1  15 14  3 7 1 
4,5 55,2             
4,5 61,4             

5 5,5 59   87 83 82 69 75 75 8 76 74 
5 13,7 51 53  54 54  51 51  53 53  
5 21,5 44 51 48 45 46  41 43  45 44  
5 33,9 36 36 3 36 35  35 34  32 32  
5 42,4 22 21 21 22 23  23 21  22 21  
5 54,6 12 11 12 22 22  18 2  12 15 21 
5 55,2 3 3     4 2     
5 61,4             

5,5 5,5 65   93 87 87 72 79 8 85 81 79 
5,5 13,7 54 58  58 57  55 54  56 57  
5,5 21,5 48 57 51 47 48  44 46  48 48  
5,5 33,9 4 42 34 4 38  37 37  35 35  
5,5 42,4 26 27 25 26 27  27 25  26 25  
5,5 54,6 16 16 16 25 26  23 24  13 16 23 
5,5 55,2 4 4  9 1  13 1  12 11  
5,5 61,4       2  1    

6 5,5 7   99 93 92 77 85 85 9 86 83 
6 13,7 58 6  61 61  59 57  6 61  
6 21,5 51 64 55 51 52  46 49  51 5  
6 33,9 44 47 37 44 42  4 41  38 38  
6 42,4 3 29 29 3 31  31 29  3 29  
6 54,6 19 19 19 29 3  27 28  17 2 26 
6 55,2 8 8  18 2  18 16  18 17  
6 61,4 5 8  7 7  12 9 13 11 9  

6,5 5,5 75   15 99 98 82 89 9 95 9 88 



6,5 13,7 62 63  65 65  62 61  63 64  
6,5 21,5 53 65 58 53 54  49 51  54 53  
6,5 33,9 47 51 41 46 44  43 43  4 41  
6,5 42,4 33 32 32 34 36  34 32  32 32  
6,5 54,6 22 21 21 34 34  3 31  2 23 29 
6,5 55,2 12 11  22 23  22 19  2 2  
6,5 61,4 1 12  18 19  17 13 17 17 15  

7 5,5 8   111 19 11 86 94 94 11 95 93 
7 13,7 64 67  69 68  65 64  66 67  
7 21,5 6 69 62 56 6  51 54  56 55  
7 33,9 6 55 48 5 47  45 45  43 43  
7 42,4 36 35 35 37 38  36 34  35 35  
7 54,6 25 24 24 37 37  32 34  23 26 33 
7 55,2 15 15  25 26  25 22  24 23  
7 61,4 12 14  21 21  2 17 2 2 19  

 

Table 2. Measured film thickness for bearing prototype with aerodynamic step. 

Supply 
pressure 
(bar) 
 

Load 
(N) 
 
 

Measured 
film 
thickness 
prototype 1 

 

Measured film 
thickness 
prototype 2 
(µm) 

Measured film 
thickness 
prototype 3 
(µm) 

Measured 
film thickness 
prototype 4 
(µm) 

1 5,5 21 21 17 17 21 21 2 18 
1 13,7 1 1     4 3 
1 21,5         
1 33,9         
1 42,4         
1 54,6         
1 55,2         
1 61,4         

1,5 5,5 34 35 27 27 34 32 31 31 
1,5 13,7 4 3 4 3 1 2 8 9 
1,5 21,5         
1,5 33,9         
1,5 42,4         
1,5 54,6         
1,5 55,2         
1,5 61,4         

2 5,5 43 46 35 34 44 42 4 41 
2 13,7 16 15 15 14 17 18 19 18 
2 21,5       3  
2 33,9         
2 42,4         
2 54,6         
2 55,2         
2 61,4         

2,5 5,5 5 53 41 4 5 48 49 48 
2,5 13,7 26 25 22 21 25 28 29 27 
2,5 21,5      1 7 5 



2,5 33,9         
2,5 42,4         
2,5 54,6         
2,5 55,2         
2,5 61,4         

3 5,5 56 59 46 45 55 55 54 54 
3 13,7 34 32 28 27 34 36 37 35 
3 21,5 2 2 15 16 18 17 19 2 
3 33,9         
3 42,4         
3 54,6         
3 55,2         
3 61,4         

3,5 5,5 61 65 51 49 61 6 59 6 
3,5 13,7 4 38 31 31 39 42 42 4 
3,5 21,5 3 31 18 19 28 25 27 26 
3,5 33,9 2 2   2 1 2 4 
3,5 42,4         
3,5 54,6         
3,5 55,2         
3,5 61,4         

4 5,5 67 71 56 54 67 66 65 65 
4 13,7 44 43 36 36 45 47 47 45 
4 21,5 33 35 24 24 33 31 33 33 
4 33,9 16 16 12 11 16 13 16 16 
4 42,4         
4 54,6         
4 55,2         
4 61,4         

4,5 5,5 73 77 58 59 71 72 7 7 
4,5 13,7 49 47 4 4 51 52 52 5 
4,5 21,5 39 41 28 28 38 35 39 38 
4,5 33,9 23 23 2 18 23 2 24 22 
4,5 42,4         
4,5 54,6         
4,5 55,2         
4,5 61,4         

5 5,5 79 83 62 63 77 78 76 76 
5 13,7 53 51 44 43 55 55 56 54 
5 21,5 44 45 31 31 43 4 43 42 
5 33,9 27 27 22 2 28 25 27 27 
5 42,4     3 3 6 3 
5 54,6 1        
5 55,2         
5 61,4         

5,5 5,5 84 88 67 67 82 83 82 81 
5,5 13,7 57 55 46 46 59 59 59 57 
5,5 21,5 48 49 34 34 47 44 47 46 
5,5 33,9 32 33 25 24 33 3 32 31 



5,5 42,4 1 13 11 11 14 12 14 9 
5,5 54,6 4 3     1 2 
5,5 55,2         
5,5 61,4         

6 5,5 91 94 71 72 88 89 87 86 
6 13,7 6 58 5 49 63 63 63 61 
6 21,5 51 53 37 37 5 46 5 49 
6 33,9 37 37 29 27 37 34 36 35 
6 42,4 2 2 15 15 21 2 2 17 
6 54,6 11 8 11 12 12 12 14 14 
6 55,2         
6 61,4         

6,5 5,5 99 1 75 76 93 94 92 92 
6,5 13,7 64 62 53 52 66 67 67 64 
6,5 21,5 54 56 39 4 53 5 53 52 
6,5 33,9 4 41 31 3 4 37 39 38 
6,5 42,4 26 25 19 18 25 24 26 22 
6,5 54,6 17 13 15 14 19 19 2 2 
6,5 55,2     2 2  1 
6,5 61,4         

7 5,5 14 15 8 79 98 11 97 97 
7 13,7 67 67 57 55 68 7 7 68 
7 21,5 56 58 42 42 56 53 56 56 
7 33,9 43 44 34 32 44 4 42 41 
7 42,4 3 3 23 22 29 28 3 27 
7 54,6 21 19 17 16 23 22 24 24 
7 55,2 11 6 8 6 7 1 12 1 
7 61,4         

 



Appendix 10. Dynamic rig test results for the bearing prototype. 

This appendix shows the results from the dynamic test rig. All values received for friction coefficient and 
contact both unfiltered and filtered and for both prototypes is plotted in three dimensions with each output as 
function of duration and a mean of the stroke in each trace; these can be seen in figure 1-8. For the plots 
describing contact and filtered contact the z-axis values are 0 for none contact and 1 for contact. Figure 9-16 
shows two dimensional plots of measured load, speed, temperature, contact frequency at mid stroke, contact 
frequency at turning point, friction at mid stroke, friction at turning point and mean friction as function of 
duration. Contact frequency is a mean of how many of the measured points where the bearing prototype is in 
contact respectively not in contact with the counter surface during the test.  

 

 
Figure 1. Friction coefficient as function of duration and sampled values during stroke, bearing 

prototype without aerodynamic step. 



 

Figure 2. Filtered friction coefficient as function of duration and sampled values during stroke, 
bearing prototype without aerodynamic step. 

 
Figure 3. Contact as function of duration and sampled values during stroke, bearing prototype without 

aerodynamic step. 



 
Figure 4. Filtered contact as function of duration and sampled values during stroke, bearing prototype 

without aerodynamic step. 

 
Figure 5. Friction coefficient as function of duration and sampled values during stroke, bearing 

prototype with aerodynamic step. 



 
Figure 6. Filtered friction coefficient as function of duration and sampled values during stroke, 

bearing prototype with aerodynamic step. 

 

 
Figure 7. Contact as function of duration and sampled values during stroke, bearing prototype with 

aerodynamic step. 



 
Figure 8. Filtered contact as function of duration and sampled values during stroke, bearing prototype 

with aerodynamic step. 

 

 
Figure 9. Load as function of duration. 



 
Figure 10. Speed as function of duration. 

 
Figure 11. Temperature as function of duration. 



 
Figure 12. Contact frequency at mid stroke as function of duration. 

 
Figure 13. Contact frequency at turning point as function of duration. 



 
Figure 14. Friction coefficient at mid stroke as function of duration. 

  

 
Figure 15. Friction coefficient at turning point as function of duration. 



 

Figure 16. Mean friction coefficient as function of duration. 


