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Abstract

With today’s striving towards reduction of fuel consumption it is more
important than ever to understand the function of different components
in the internal combustion engine. There is a need to develop and use
tools to investigate and predict the result of specific design changes
made on the components. In this work, the mechanics and the tribology
of the power cylinder unit and more specifically the operation of the
piston rings was investigated both numerically and experimentally. The
objectives of the numerical part of this thesis were to develop simulation
tools that can be used to quantify design changes to the TLOCR and
the cylinder liner. Such as the dimensions of the ring itself but also ring
tension, running land profile, out of roundness of the cylinder liner and
surface texture of dimple type applied on the cylinder liner. Numerical
simulation models were developed and used to investigate operation of a
twin land oil control ring (TLOCR). TLOCR are typically used in heavy
duty diesel engines (HDDE). The TLOCR plays a very important role in
the engine since it is supposed to distribute the correct amount of oil on
the liner to lubricate the other rings. It is important that the TLOCR
does not leave too much oil on the liner for the two top rings since it
could lead too high oil consumption. In a HDDE the piston assembly
is the largest contributor to frictional losses where the piston ring pack
accounts for the major part of this. The oil control ring is the largest
contributor to frictional losses in the piston ring pack therefore making
it very interesting to study from a fuel consumption perspective. One of
the models developed in this work accounts for the tribological interface
of the TLOCR against the cylinder liner and piston ring groove as well
as the elastic deformation of the ring and the ring dynamics within the
piston ring groove. The actual ring cross section was modelled in order
to account for the full three dimensional elastic deformation of the ring.
By solving all of these problems as a coupled system, the entire operation
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of the oil control ring can be understood in a better way than earlier
and this opens up new optimisation possibilities for the TLOCR. Since
the cylinder liner in an engine will always have some deviation from
perfectly round this is important. The full ring is modelled in order to
account for out of round cylinder liners. The model can therefore be
used to investigate the effect on oil distribution by reduced ring tension
which will affect the frictional losses of the system. It was found that the
reduction in tangential force on the TLOCR with kept sealing capability,
enabled by reduced out-of-roundness, could result in friction reduction
of 40 % at mid-stroke.

Because of the complexity, a multi-physics model of this type in-
troduces difficulties with convergence. Especially when implementing
a mass conserving cavitation model and solving for the reversal of the
piston ring. Implementation and numerical verification of a mass con-
serving cavitation model was therefore performed. A method for dealing
with the convergence problem close to reversal was implemented and dis-
cussed.

A model considering texture, of dimple type, on the cylinder liner
was also developed to find dimple dimensions optimal for reduced fuel
consumption. Since the dimples are modelled in a deterministic manner,
only a periodic section of one land of the TLOCR was considered. The
model takes mixed lubrication and inertia of the ring into consideration
and a mass conserving cavitation algorithm were implemented. The
results from the model predict friction reduction of approximately 40 %
at mid-stroke speeds.

The objective of the experimental part of this thesis is to develop
a novel test method for evaluation of piston ring friction at realistic
speeds. The test-rig was designed and constructed during the first half
of the project. The rig was designed so that standard HDDE production
piston rings and cylinder liners could be easily mounted, and so that
piston ring friction could be measured without influence from piston
friction. Both cylinder liner and oil tank were equipped with heaters,
where the oil supply resembles that in an actual engine. Repeatability
of the results was found to be good. Influence on friction by different
cylinder liner surface roughness and coatings were investigated. Various
piston ring designs, ring tension and coatings were also investigated. It
was found that friction of the TLOCR could be reduced with close to
50 % with kept sealing capability by reduced ring tension and different
geometry on the lands in contact with the cylinder liner. The numerical



simulation model governing the full cross section of the TLOCR was
validated against measured piston ring friction data at a number of
different speeds and excellent correlation was found.
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Chapter 1

Introduction

Reducing fuel consumption and consequently CO2 emissions is of top
priority in automotive industry today. In a UK based trucking operation
the cost for fuel accounts for about 30 % of the operational cost [1].
Reducing friction and wear in engine and drive train components are
also highly prioritised and according to [2], it could save the US economy
as much as US$120 billion per year. According to Holmberg et al. [3] 180
billion litres of fuel are used to overcome friction in heavy duty vehicles
every year.

This chapter contains information about the power cylinder unit
(PCU) in a heavy duty diesel engine (HDDE). It describes the different
components in the PCU and their purpose. It also contains information
on how to reduce the frictional losses and the effects that needs to be
considered when reducing the losses. It briefly highlights some previous
work done in the field, research gaps are identified and objectives for
this work is defined.

1.1 Components in the PCU of a HDDE

The PCU consists of a cylinder liner and a piston assembly. The piston
assembly consist of a piston with piston rings. In most HDDE there are
three piston rings mounted on the piston. Figure 1.1 shows a schematic
view of the PCU components in a typical HDDE.

The cylinder liner of a HDDE is typically a loose part made out of
cast iron that is mounted in the engine block by clamping it between
the engine block and the cylinder head. There are two main mounting
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Figure 1.1: Schematic view of the components in the PCU.

techniques for cylinder liners, top-stop and mid-stop mounting, these
mounting techniques can be seen in Figure 1.2. The different mounting
techniques affect the liner in different ways. The mid-stop mounting will
result in more distortion of the liner since a larger part of the cylinder
liner is compressed. The advantage of the mid-stop mounting is that it
gives the opportunity to cool the liner closer to the top.

The cylinder liner is typically plateau honed resulting in a smooth
load bearing area of the surface with deep valleys, called honing grooves.
An image of a typical cylinder liner surface can be seen in Figure 3.2.
The honing grooves can act as a reservoir for the lubricant and together
with the plateau sections they can also act as micro bearings in the
contact [4]. The micro bearing effect can generate more hydrodynamic
pressure [5] thus increasing the oil film thickness resulting in less friction
and risk of wear in the contact. Plateau honed cylinder liner typically
leads to decreased oil consumption and risk of scuffing and wear on both
cylinder liner and piston ring [6].

A cylinder liner will never be perfectly round. Even if the deviation
from round, i.e. the out-of-roundness (OoR), from machining the com-
ponent is small, some OoR will be present while engine is operating.
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Figure 1.2: Schematic view of different cylinder liner mounting techniques.
Left: top-stop mounting, right: mid-stop mounting.

Deviations from perfectly round can occur for several reasons, e.g.

• Imperfections in machining,

• Mechanical stresses from clamping the liner in the engine block,

• Thermal deformation,

• Combustion gas forces, and

• Piston slap.

The OoR is typically defined with a Fourier series as:

∆rN (θ) =
N
∑

n=1

An cos(nθ + ϕ), (1.1)

where n represents the order of OoR, An is the Fourier coefficient, θ is
the polar angle of the bore and ϕ is the phase shift. Illustrations of OoR
amplitude and order can be seen in Figure 1.3. The OoR is not constant
throughout the stroke in the axial direction. The cylinder liner wall will
also deviate from a perfectly straight axial line.

1.2 Operation of the PCU

The piston assembly moves in a reciprocating manner against the cylin-
der liner while engine is operating due to combustion. The combustion
chamber needs to be sealed from the crank case and this is the main pur-
pose of the piston rings. During the combustion stroke the high pressure
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Figure 1.3: Illustrations of OoR amplitude and order, in blue.

combustion gases should act on the piston thus generating mechanical
work. If not adequately sealed, excessive amounts of combustion gases
will leak through the ring pack resulting in reduced efficiency of the en-
gine. During operation the piston ring - cylinder liner (PRCL) contact
will generate friction. In order to reduce friction losses and the wear as
well, an oil needs to be supplied to lubricate the sliding contacts between
the rings and the liner. The oil is also acting as a coolant for the PCU.
The piston ring pack should therefore keep the combustion gases in the
combustion chamber at the same time as it prevents the lubricant from
entering the combustion chamber. The piston rings can also be designed
help to remove heat from the piston to the cylinder liner.

The main function of the top compression ring is to seal the com-
bustion chamber. The compression ring is loaded against the cylinder
liner by internal spring force from fitting in the liner, in addition, com-
bustion gases acting on the back of the ring acts to increase the sealing
capability where it is most needed.

The second compression ring, sometimes called scraper ring, should
both act as a seal for the combustion pressure but also scrape oil down-
wards along the liner thus keeping the oil consumption at a minimum.

The oil control ring (OCR) act as a first barrier for the crank case
from which the oil is supplied to the PCU. It is constantly supplied with
oil from the crank case, which is either sprayed with nozzles or thrown
up by the crank shaft. The OCR distributes oil onto the liner to provide
the correct amount of lubricant for the other two rings. It is a crucial
component for restriction of oil consumption. If the OCR leaves too
much oil, the oil consumption will be high, especially when the second
compression ring flutters. In a typical HDDE the OCR has two lands
and is therefore referred to as a twin land oil control ring (TLOCR). The
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TLOCR is loaded against the liner with a loose spring on the back side
of the ring. This means that, the spring tension is constant throughout
the engine operation, and this usually leads to that the TLOCR, is the
ring which carries highest average load in the piston ring pack.

1.3 Friction losses in the PCU

The most widely used reference on how friction is partitioned in the
PCU is the review by Richardson [7]. In this review, it is suggested that
the PCU accounts for the largest part of the frictional losses in a HDDE
and, in particular, that the piston rings are responsible for the largest
part of the PCU losses. This was also suggested by Hoshi in [8]. In the
piston ring pack the OCR is responsible for approximately 50 % to 75
% of the frictional losses [7, 9]. The peak friction force caused by the
top compression ring is by far the largest especially around TDC during
combustion stroke. However, when this occurs, the piston velocity is
low which results in small contribution to friction power loss. Since the
TLOCR operates with constant high ring tension the total power loss
due to friction is larger than for the other rings [10]. Wong and Tung
recently wrote a review paper [11] on automotive friction focusing on
the reduction of such. The review by Richardson [7] was still at this
date used to quantify breakdown of frictional losses in HDDE. Wong
and Tung also concluded that in general the relative friction losses of
an engine can be reduced by increasing the engine load. This is since
the load on the engine has low influence on the friction power losses.
Increasing the load often means changing gear ratio such that the engine
runs at lower RPM, while still providing the same vehicle speed. This
can be beneficial also because the friction power loss is highly dependent
on velocity and can be reduced with lower engine speed.

1.4 Possibilities for friction reduction

The friction force is normally defined as:

F = µ · N, (1.2)

where µ is the coefficient of friction (COF) and N is the load. This gives
two possibilities for reduction of friction. Either by lowering the COF or
the load. Friction would be decreased by reducing the force which loads
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the piston ring against the cylinder liner. This could, however, cause
problems with conformability between the piston ring and the cylinder
liner and thus compromise the sealing capability. More precisely, if the
piston rings are unable to conform to the liner, both oil consumption
and blow-by could become unacceptably large. It is therefore important
to characterise the effects of low load on the piston rings in combina-
tion with different amount of OoR. If the benefits are large enough,
improvements to the entire engine design fulfilling the requirements can
be motivated.

The other way to reduce friction is to lower the COF. This could be
done by applying carefully designed surface texture on the cylinder liner.
If, e.g., the surface texture increased the separation between the surfaces
it would result in lowered friction losses. The increased separation could
be achieved in different ways. Figure 1.4 shows a schematic view of a
piston ring sliding over texture features with different dimensions. A
texture feature with small depth can contribute to the generation of hy-
drodynamic pressure that leads to increased separation between the pis-
ton ring and the cylinder liner plateau surface, suggesting lower friction
losses. A texture with large depth might result in lower film thickness
between the piston ring and the cylinder liner plateau surface leading to
larger friction in these sections without texture features. However, the
increased average film thickness, caused by the surface texture itself,
could lead to a total reduction of friction. Unfortunately, this would
likely lead to a larger wear rate. Cavitation is another factor which in-
fluences the friction in the PRCL contact. More precisely, the cavitation
occurring in the dimple will reduce the amount of lubricant shear in this
region thus reducing friction in the contact.

All in all, this suggests that when applying the surface texture on
the cylinder liner, it should be designed differently over the length of
the stroke. In this way, the overall performance could be improved with
lowered friction in the mid-stroke where the power losses are high and
with preserved sealing capability and low wear around reversal zones.

1.5 Lubrication regimes

The lubrication regimes are often illustrated by the Stribeck curve, ex-
emplified in Figure 1.5. Even though the Stribeck curve was originally
developed for journal bearings it is considered applicable to other lubri-
cated systems [12], since it is a good representation on how the lubrica-
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Figure 1.4: Schematic view of a piston ring passaging a deep and a shallow
texture feature.

tion regimes depends on speed, lubricant viscosity and load. Due to the
reciprocating motion of the piston, for which the speed is varying from
0 up to over 10 m/s the PRCL contact operation covers a major part of
the Stribeck curve.

When focusing on friction reduction it is important to keep in mind
what will affect the frictional losses in terms of power. Even though
the PRCL contact most likely enters the boundary lubrication regime
around the reversal zones at the dead centres, with high friction force
as a result, the power loss will be more or less unaffected, since the
speed is low in those regions. After the reversal, the piston accelerates
and it is believed the PRCL contact leaves the boundary lubrication
regime and enters the mixed lubrication regime. When the conditions
are sufficiently favourable, the contact may even enter the full film hy-
drodynamic regime. Notice that, the integrated losses over the mixed
and possibly full film hydrodynamic range of piston motion can be sub-
stantially higher than for the boundary lubrication operation, due to
the much higher speeds encountered. According to previous studies in
floating liner engine test by Wakuri et al. [13], component rig test by
Johansson [6] and numerical model by Hoshi et al. [8] the majority of
the frictional power loss occurs in hydrodynamic lubrication.

1.6 Simulation of the piston ring contact

Many simulation models have been previously developed in order to
study PRCL interaction. The PRCL contact is one of the most ex-
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Figure 1.5: The Stribeck curve defining the lubrication regimes as it depicts
friction as a function of the Hersey parameter.

tensively studied contacts in the field of tribology. This section is not
intended to be a comprehensive summary of all models that exist in the
literature. It is meant to highlight a few studies, which provide the basis
for most of the modern models that are being developed today. A few
modern models of special interest for this work are also mentioned.

Most of the simulation models have one thing in common; they use
the Reynolds equation to describe the hydrodynamic flow between the
surfaces, and most of the models which consider direct contact uses the
asperity contact model developed by Greenwood and Tripp [14]. For
consideration of roughness effects on hydrodynamic flow, most models
uses the flow factor method developed by Patir and Cheng [15]. The
model developed 1979 by Dowson et al. [16] is a friction model for PCU,
where the Reynolds equation is utilised to investigate hydrodynamic
lubrication and study film thickness, lubrication transport and viscous
friction in the PCU, this is very similar to most of the models developed
today. In [17] Dowson et al. investigated whether elastohydrodynamic
effects influence the lubricating conditions in the PRCL contact and
relatively strong effects close to top dead centre was observed. In the
afore mentioned models, the ring and the liner surfaces were assumed
to be perfectly smooth. In 1980, Rhode et al. [18] developed one of
the first mixed lubrication models that includes surface roughness, by
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using the Patir-Cheng flow factor method and Greenwood-Tripp asperity
contact model. They showed that surface roughness significantly affect
the performance of the PRCL contact.

Most of the existing simulation models focus on the top compression
ring. One of the first models studying the TLOCR in detail is the one
developed by Ruddy et al. presented in [19]. In this model, the lubrica-
tion of the ring lands and the twist of the TLOCR were coupled. Later,
Tian and Wong [20] presented a model including interaction between
TLOCR and piston ring groove. Neither one of the models developed
by Ruddy and Tian did, however consider the deflection of the cross
section itself, the ring was also assumed to perfectly conform to the
cylinder liner during the full cycle and no consideration to the ring gap
was taken.

1.7 Simulation of out of round cylinder liners

Among the models available, only a few take OoR into consideration.
Of course, it is not necessary to include the OoR in situations where
the loading of the ring is large enough to make the ring fully conform
to the liner. In order to fully optimise the PCU for low friction it is,
however, an important feature that must be studied. In a recent review
by Gangopadhyay [21], it was stated that the key to reduce piston ring
friction is reducing cylinder liner OoR in order to enable reduction of oil
control ring tension without effecting the oil consumption.

Some investigations on piston ring conformability have been con-
ducted. Two frequently used conformability criteria are those suggested
by Hill and Newman [22] and Tomanik [23]. These conformability cri-
teria define the maximum amplitude for a specific order of OoR that a
piston ring can conform to.

In a study by Ma et al. [24] the Hill and Newman conformability
criteria was employed in the analysis of influence of out of round cylinder
bores. In [25], Rahmani et al. tested both Hill and Newman criteria and
the Tomanik criteria, and it was concluded that the Tomanik criteria is a
better representation of conformability. When using the conformability
criteria it is typically assumed that the ring takes a shape for a specific
OoR according to the criteria and never deflects from this.

In [26], Liu and Tian developed a model to study conformability
of piston rings by applying beam theory to model the deformation of
the piston ring. In a later publication by Tomanik [27], the simulation
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model developed by Liu was used to develop a formula for conformability
against several orders of OoR at once.

A lot of the existing models that deal with conformability of the
rings against out of round cylinder liners uses the beam theory for elas-
tic deformation of the ring, two examples are the models developed
by Ejakov [28] and Liu and Tian [26]. In a study by Dunaevsky and
Alexandrov [29] a three-dimensional conformability model for split-less
rings with theory for thin curved rods was developed. A split-less model
means that no consideration to the ring gap is taken and the ring is
seen as a closed circular component. It was concluded that this type of
model does not provide any information about the behaviour of the pis-
ton rings, other than the critical amplitude of OoR to which the piston
ring can conform. It was also concluded that it should mainly be used
when comparing different piston ring design effects on conformability.

Two similar models considering the full circumference of the piston
ring are developed by Hu et al. [30] and the earlier mentioned model
developed by Liu and Tian [26]. Both models calculate the hydrody-
namics of the PRCL interface with a one-dimensional (1D) hydrody-
namic pressure solver based on the Reynolds equation. Due to the 1D
representation, the model does not account for any circumferential flow
of the lubricant. The effect of surface roughness and mixed lubrication
were considered with the Greenwood-Tripp asperity contact model and
Patir-Cheng flow factor method. In the study by Liu and Tian [26] the
effects of ring twist and piston tilt motion on lubrication and oil trans-
port were studied. Fourth order OoR was studied with an amplitude of
up to 10 µm, and it was concluded that both up and down scraping of
oil by the top ring are increased with increased OoR. However, investi-
gation showing how the oil control ring conforms to the liner were not
presented by Liu and Tian but it is was assumed that the oil control
ring would conform well to distorted bores due to narrow land width,
low bending stiffness and high tension.

If the objective is decreased friction losses from the oil control ring
by decreased ring tension, the conformability needs to be studied, and
therefore there is a need for a model that can characterize these ef-
fects. A drawback with most of the existing models is the use of the
Greenwood-Tripp contact model, which is based on the assumption that
the asperities on a surface are hemispheres with the same radius. More-
over, the distribution of the asperities must obey Gaussian statistics.
Due to the way it is machined, a plateau honed surface exhibits a sur-
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face height distribution which is negatively skewed with properties that
differs from what Gaussian statistics predicts. This means, e.g. that it
is difficult to accurately describe the surface in that way and the contact
stiffness curve might be incorrect. Another drawback of the Greenwood-
Tripp contact model, is that it assumes that each asperity deforms in-
dependently and thus neglect the influence from load on neighbouring
asperities.

To the author’s knowledge, there exist no model in the research field
for prediction of PRCL friction that describes the elasticity of the full
cross section of the TLOCR, including surface roughness. Neither is
there any existing model for TLOCR which couple the dynamic motion
(inertia), complete macro scale elastic deformation (conformability) and
tribological interfaces of a complete ring.

1.8 Textured cylinder liners

The effect of the honed cylinder liner surface has been analysed in many
studies. Jocsak et al. [5], performed simulations investigating the effect
on friction for different honing parameters. They used the Patir-Cheng
flow factor method [15] and varied the parameters in the Greenwood-
Tripp asperity contact model [14] to describe the effect on the system by
varying the honing angle. It was concluded that decreasing the honing
angle decreases the piston ring pack friction. Blockage of the pressure
driven flow increases the lubricants effective viscosity increase the oil
film thickness during most parts of the stroke. In [4, 31], Chen et al.

developed a model with focus on the contact between one land of the
TLOCR and the cylinder liner. This model dealt with the hydrodynamic
flow problem by deterministically solving for it on a surface segment for
a range of different separations. Curve fitting was then used in order to
investigate full engine stroke. In this way, the inter asperity cavitation
was integrated in the model. It was also here concluded that, lower
honing angles, i.e., a liner surface with honing grooves which are more
transverse to the sliding direction could reduce the friction. One draw-
back with this approach is that the squeeze effect and the inertia of the
ring are not included. Spencer et al. [32], developed a semi determinis-
tic model, in which plateau roughness was considered by means of flow
factors while the honing grooves were modelled deterministically. This
was found to be an efficient method since the full stroke could be solved
for with time dependence in a reasonable time frame.
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Another kind of surface texture which has been frequently studied
recently, is texture that resemble dimples imprinted on the surface, e.g.,
by a laser texturing technique. As mentioned earlier in this section, it is
advantageous to place the texture on the cylinder liner surface because
of the possibility to adapt it specifically for the different speeds and
lubrication regimes at the different locations on the stroke. Some stud-
ies have showed that texture can act as a reservoir for lubricant which
could reduce the amount of boundary lubrication [33,34]. Johansson [6]
showed that deep dimples could improve the PCU system by facilitat-
ing the removal of abrasive particles from the contact zone and by that
contribute to a low wear rate. The deep dimples investigated experi-
mentally by Johansson also showed potential for friction reduction but
uncertainties in how they would affect oil consumption still remains.

Applying surface texture to an otherwise not modified system could
reduce friction in two different ways, which both are related to increased
oil film thickness. Shallow textures acting as micro bearings which in-
crease the separation between the piston ring and cylinder liner plateau
surface is one of the ways. Deep textures which could decrease the fric-
tion by the enforced increase in average film thickness is the other one.
Even though the minimum separation could be decreased and thus lo-
cally increase the friction on the plateau areas, the overall friction could
be decreased because of the large separation between the bottom of
the dimples and the piston ring. A texture could be beneficial also in
combination with a lubricant with lower viscosity because of the micro
bearing effect that will generate the same hydrodynamic lift as with a
higher viscosity lubricant.

Regarding optimum parameters of the dimples many studies have
been performed. Etsion et al. [35], investigated spherically shaped tex-
tures in mechanical face seals and concluded that depth over diame-
ter is the most important parameter for load carrying capacity. Other
work [36,37], have shown that the area density, i.e., the ratio of surface
covered by texture had a large impact on the result. In the work by
Yan et al. [38], it was concluded that the area density of dimples is the
most important parameter for reduction of friction and large reduction
of friction was found.

Yu et al. [39] performed numerical simulations with a model based
on stationary Reynolds equation using the half Sommerfeld solution to
model the effect of cavitation. Investigations on three different types
of texture were made, i.e., round, elliptical and of triangular shape.
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It was found that the triangularly shaped dimples should be placed
with one of the sides perpendicular to the sliding direction. It was also
found that the longest dimension of the elliptically shaped dimple should
be placed perpendicular to the sliding direction. All the calculation
were performed for a single dimple only and it was stated that further
studies considering more than one single dimple needs to be carried out
to be able to draw reliable conclusions on the effects caused by dimples
in real applications. Yu et al. [40], found that the dimple generated
hydrodynamic effect is the largest contributor to the load capacity at
low loads and high speeds.

Checo et al. [41], simulated texture placed on the cylinder liner in
contact with a slider thought of as a piston ring with a mass conserving
cavitation model. The model by Checo et al. did, however, not consider
the mechanical contact between the surfaces. They found that the tex-
ture will only provide for friction reduction when the piston ring radius
is large. Biboulet and Lubrecht [42], did also simulate a textured liner -
piston ring contact by means of a 1D model. Their results also showed
that large radius of the piston ring land is necessary to be able to detect
texture induced friction reduction. In other words, the more parallel
the contacting surfaces are the higher the contribution to hydrodynamic
lift caused by the dimple in relation to the lift caused by the curvature
of the piston ring will be. In a recent review by Gropper et al. [43], it
was stated that there are no general guidelines on how to design sur-
face texture. This means that the texture design has to be optimised
specifically for each and every tribological system and for its operating
conditions. Hua et al. [44], investigated the effect of laser imprinted
dimples on cylinder liners in a fired single cylinder engine. The dimples
were approximately 40 µm in diameter, depth was varied between 6 and
8 µm and between 8 and 12 % of the surface was covered with dimples.
Lower fuel consumption was noted when compared to a standard liner,
however some uncertainty remains regarding whether the effect came
from the texture itself or from the polishing of the liner after applying
the texture. Howell-Smith et al. [45], investigated laser textured and
coated cylinder liners in a fired single cylinder engine. It was stated
that texture could be beneficial for fuel consumption and also that the
optimisation of geometry, distribution and shape of dimples should be
performed with numerical analysis.

A number of studies have been performed where the textures were
placed on the moving part. Ronen et al. [46], simulated dimples in a pis-
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ton ring like contact and found that 30 % friction reduction was possible
with texture on the moving part, with an optimum area density between
5 and 20 %. Gadeschi [47], performed similar numerical simulations of
texture on the piston ring using half Sommerfeld to model cavitation
and found that optimum area density was 60 %. In [48], Etsion and
Sher showed potential of reducing fuel consumption with 4 % in a 2.5 l
diesel engine when the original piston rings were replaced with partially
textured piston rings. However, the textured and original rings did not
have the same ring land curvature, therefore, it is uncertain if the benefit
in friction was because of the texture.

1.9 Experimental methods

Many different test methods have been developed and used for mea-
surement of piston ring friction. The types of experimental equipment
typically used can be divided into two different categories.

• Component test-rig

• Full engine test

In the following subsections, these two main types of experimental equip-
ment will be discussed.

1.9.1 Component test-rig

The component test-rigs are designed to investigate performance of sin-
gle components with as little influence from other things as possible.
Usually, a segment cut out of a cylinder liner in contact with a section
of a piston ring is used. One of the most frequently used component
type of test-rig is the commercial Cameron-Plint TE 77. See [49] for
a description of this test-rig. The TE 77 and other similar equipment
with various features but the same basic design has been employed to
study friction in reciprocating contacts, see e.g. [50–57]. Advantages
with using segments of cylinder liner in the test set-up, are fast replace-
ment of specimens and easily variable load. Typically, component type
of test-rigs can only be used to simulate reciprocating motion at rather
low sliding speeds, often merely at a few m/s. The low sliding speeds
in combination with the often relatively high loading capacity makes
the tests suitable for simulation of reversal zone effects. However, these
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test methods are far from optimal, for evaluation of friction reducing
concepts and validation of numerical engine simulation models. This is
because the low sliding speed is too low to be in parity with the oper-
ating speed at mid-stroke of an actual engine, where most of the power
loss occur. There are also often problems with instabilities when simu-
lating low load situation associated with the contact pressure typical for
the compression rings at mid-stroke, and the oil control ring during the
entire stroke. When using only a segment of the cylinder liner the align-
ment of the components become critical, time consuming and arduous at
the same time. The reason for the low test speed restriction, is usually
related to imbalance caused by the reciprocating motion. With increased
speed, inertia from the reciprocating assembly generate noise, which at
some speed will be large enough to completely obscure the friction sig-
nal. Other problems with using sections of cylinder liner are that the
actual way of loading the piston ring will differ from the real application.
Moreover when cutting out the section it will to some amount become
distorted and this will have a direct impact on the friction performance
of the simulated contact.

1.9.2 Full engine test

A typical way of measuring friction in the full engine test is to use the
floating liner method. This can be done in a modified engine and it is
often implemented in a single cylinder representation of a multi cylinder
production engine. The floating liner technique means that the cylinder
liner is suspended with force transducers in the axial direction. The
force transducers are thereby measuring the friction in between the pis-
ton assembly and cylinder liner. The floating liner technique has been
used by the authors in [10, 58–65]. This is an excellent way of measur-
ing friction since it is direct measurement with the actual components.
However there are some drawbacks, the testing becomes time consuming
and also expensive. The largest challenge with the floating liner method
is, according to Furuhama [58], to seal the combustion chamber. The
seals will always have some leaks which will influence the friction signal.
Friction measurements can be done in a motored configuration without
combustion and by that remove the problems with leaking combustion
gases. In a motored test when using a typical piston assembly it is hard
to measure friction from one or more piston rings individually, since the
piston itself will influence the result in this case. This particular prob-
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lem is discussed in the paper by Liao et al. [66]. In that work, Liao et

al. measured friction from the piston without rings and subtracted it
from the piston assembly friction in order to obtain an estimate of the
piston ring friction. This is one way of handling it, but some uncertainty
in how the piston rings affect the friction of the piston itself remains.
Kunkel et al. [67], ran motored tests with a passenger car engine modi-
fied for floating liner measurement to investigate the running-in of twin
land oil control rings. It was shown that the combustion, in general, has
a secondary role for the friction losses for the oil control ring and that
its friction power loss is mainly dependent on temperature, tangential
load and speed. Kunkel et al. stated that when studying oil control
ring friction, tests are usually made motored in pressure less condition
to maintain acceptable repeatability.

Another way to measure friction from single components is to use
a so called strip down method. This means that one component at
the time is removed and the difference in friction from each removal is
registered. The strip down method can be used with a floating liner
engine but also with an unmodified engine equipped with some kind of
torque measurement.

One way to measure friction in a fired engine is to use an indirect
measurement technique. More precisely, flywheel torque is measured and
recalculated to a pressure, i.e., brake mean effective pressure (BMEP).
The combustion chamber pressure is measured simultaneously. This is
referred to as indicated mean effective pressure (IMEP). The difference
between IMEP and BMEP results in what is referred to as the friction
mean effective pressure (FMEP). The indirect measurement of friction
does have a large error margin, which makes it time consuming and ex-
pensive to use for evaluating improvements for the power cylinder unit.
Deuss et al. [68], used the FMEP method for comparison of fired oper-
ation and externally pressurised combustion chamber tests. As Kunkel
et al. did, Deuss et al. also concluded that the top compression ring is
subjected to the vast majority of effect from combustion pressure. The
externally injected compressed air for simulation of combustion pressure
showed the same difference in friction as in fired operation when varying
the height of the top compression ring. Effectively, this means that ring
load is well represented by external pressure. However, when evaluating
the engine in fully this was said to be the only type of test where ex-
ternal pressure testing is applicable since heat from the combustion will
influence the result. It was shown that FMEP was mostly dependent
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on speed and almost no dependence on load was found when running
the engine with combustion. In the tests with external pressure a high
dependence of FMEP on both load and speed was found. The same
relation was found in the work by Allmaier et al. [69], who also used
the FMEP method to measure piston ring friction in a 13 litre heavy
duty diesel engine and compare fired operation to motored operation
with externally pressurised combustion chamber. When running fired
tests and varying the load from approximately 30 % to 80 % almost
no influence on FMEP was found. Interestingly, in general FMEP as
a function of load was found to be close to symmetric at around 50 %
load. This means that similar FMEP was found at low load (<30 %)
increasing with decreased load and high load (>80 %) increasing with
increased load. This can be explained by increased temperature the oil
in the contact due to combustion. Also Allmaier et al. showed that
when running with externally pressurised combustion chamber FMEP
was significantly affected by the load which again suggests that exter-
nal pressure is good for isolating the effect from top compression ring
loading but not for representation of combustion effects.

1.10 Objectives

As it was detailed in the preceding sections, particularly in Section 1.3
and 1.4, the PCU accounts for the largest part of the frictional losses
in a HDDE and it is in the PRCL contact where most of those losses
occur. Investigating the mechanisms related to friction losses in the
PRCL contact, focusing on the reduction of such was, therefore, defined
to be the main objective of this work. Is is believed that this can enable
reduction of fuel consumption and consequently CO2 emissions by a few
percent. From the main objective the following research questions were
defined:

• How much is cylinder liner OoR affecting the frictional losses in
the engine?

• What is the influence on the friction losses from surface texture?

• How can piston ring friction be measured at engine like conditions
in a simpler way than in an actual engine?

To acquire the understanding required to answer the above mentioned
research questions, both numerical and experimental tools, for simula-



42 Chapter 1. Introduction

tion of piston ring friction will be developed and utilised for friction
estimation.

1.10.1 Simulation tools

The TLOCR is responsible for the majority of the piston ring frictional
losses and is, therefore, the main focus in the numerical simulation part
of this thesis. Simulation models enabling investigation of the effect on
friction from:

• Out of round cylinder liners,

• Full engine cycle operation, and

• Textured cylinder liners

will be developed, implemented and used to increase the understanding
about the associated effects and possibly also provide for design changes
that ultimately can lead to reduction of friction power losses.

There was no model available in the literature where the TLOCR
is modelled fully in 3D and with consideration to elastic deformation of
the ring, motion inside the ring groove, and the tribological interfaces
against both the cylinder liner and the piston ring groove. Therefore,
this was specified as the objectives for investigating the effect from cylin-
der liner OoR.

To achieve accuracy in predicting friction losses of the TLOCR con-
sideration to mass conserving cavitation will be implemented. Moreover,
in order to predict the friction power loss from the TLOCR the entire
engine cycle needs to be simulated.

For investigating effects caused by textured cylinder liners, there was
no previous model available where mass conserving cavitation, inertia of
the TLOCR and mixed lubrication were considered. For the numerical
investigation of the effects of cylinder liner texture, an objective is set to
develop a simulation model considering all these factors simultaneously.

1.10.2 Experimental test equipment

There was no equipment available exhibiting the features required to find
the answers to the research questions of this thesis work. Therefore, a
novel test method which fits in the gap between a typical component
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test-rigs and full engine tests will be designed and built with the follow-
ing specifications:

• Operation at realistic engine speeds,

• Mounting of piston rings similar to real engine,

• Direct measurement of friction from one or more piston ring with-
out influence of piston,

• Fast replacements of specimens in the form of standard piston rings
and cylinder liners without modification,

• Heated cylinder liner and oil, and

• Oil supply similar to real engine.

The objective of the test-rig is two-fold, i.e, it should be used for valida-
tion of numerical simulation models and to investigate the influence on
the tribological system from:

• Different piston ring design, coating and tangential load, and

• Cylinder liner roughness and coating.
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Method

In this chapter the methods used for developing the simulation tools and
the experimental method are presented.

2.1 Numerical simulation

Throughout this work the commercially available multiphysics software
COMSOL has been used for the development of the numerical models.
This is a finite element software and the reason for choosing such a tool
is the relatively straight forward implementation of complex geometries.
It also provides a sophisticated and efficient, yet simple way of coupling
different physics, which has been of outermost importance for the de-
velopment of these models. Flow factors, used to model the micro scale
effects related to the cylinder liner plateau roughness, computed with
available MATLAB routines has also been utilized to implement the
effect of roughness in the multiphysics models.

2.1.1 Twin land oil control ring geometry

The TLOCR is modelled fully in 3D, however, all design features of a
real ring cross section are not included in the geometry because of the
generation and density of the mesh required. An image of the modelled
cross section compared to the one of a real ring can be seen in Figure
2.1. In Paper A the cross section is revolved 359 degrees leaving a
gap in the ring. It is meshed around the whole circumference, to be
able to implement effects of out of round liners in the model. In Paper
B, the model constructed relies on axially symmetry and, therefore,

45
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Figure 2.1: Illustration of modelled cross section geometry.

only a small segment of the ring is modelled and the entire mesh in
circumferential direction consist of one element. By modelling the full
cross section of the ring it is possible to capture the relative twist between
the ring lands. The cross section of a typical TLOCR is stiff and will
not have a large internal deflection of the cross section. If the lands
on the TLOCR are smooth and without any curvature the twist of the
ring itself and the internal twist between the lands is the only thing
generating a converging gap for hydrodynamic pressure generation. It
should be added that, regardless of the surface roughness or texture, ring
twist and deformation could have significant influence on hydrodynamic
pressure generation.

2.1.2 Hydrodynamic lubrication

The model primarily governs the tribological interfaces between the pis-
ton ring and cylinder liner. The thin film approximation is assumed
to adequately reflect the lubricant flow situation and the well-known
Reynolds equation is, therefore, employed to describe the flow field and
pressure build-up. When solving for the full ring the Reynolds equation
needs to be expressed in 2D. With time dependence and the motion of
the surfaces only in x-direction it can be written as:
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where x and y are the space coordinates, t is the time, ρ is the density,
η is the dynamic viscosity, p is the pressure, U is the piston speed and h
is the separation of the two surfaces. The left hand side of the equation
describes the Poiseuille terms which represent the pressure driven flow.
The first term on the right hand side is the Couette term, describing
the shear driven flow. The second term on the right hand side is called
the squeeze term and it balances the mass-flow continuity for a time
dependent flow situation. For the interface between the TLOCR and
the piston ring groove, the Reynolds equation is also solved. Notice
that the velocity of the ring in radial direction is assumed to have a
negligible influence and the Couette term representing shear flow in the
y-direction of the TLOCR and piston ring groove interfaces is, therefore,
omitted. The squeeze term and thus the pressure dependence on the
time variation of the separation, which models the damping effect of the
oil in the interface when the ring moves axially within the groove, is
however, included.

To account for surface roughness the Luleå Mixed Lubrication Model
(LMLM) is implemented. The LMLM calculates correction factors with
a homogenization method applied on the Reynolds equation. This is
done in order to solve for the fluid flow through the rough aperture be-
tween the contacting surfaces, without adding the complex local scale
roughness directly in the global model. If the local scale roughness would
be applied to the global scale model the mesh would have to be much
finer than what is practically possible to solve for in an acceptable time
frame. The LMLM is a result from previous work coordinated from
the Division of Machine Elements at Luleå University of Technology.
The development of the LMLM is documented in a number of papers,
including [32,70–91], co-authored by Almqvist, Dasht, Essel, Fabricius,
Furustig (f.d. Andersson), Isaksson, Jonsén, Larsson, Lundström, Mark-
lund, Persson, Sahlin, Shirzadegan, Spencer and Wall, from Luleå Uni-
versity of technology. A comprehensive description of the LMLM is given
in the PhD thesis [92] by Almqvist and in the two part paper [89,90] by
Sahlin et al.. In the LMLM local scale cell problems for a real surface
measurement are solved for and the outputs are the correction factors:
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, c11 and d11. (2.2)

The coefficients a12 and a21 are the cross flow terms describing the pres-
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sure induced flow perpendicular to the piston sliding direction. For a
texture that is perfectly symmetric in both the x- and y-direction, these
are, as shown in [78], identical to zero. For the plateau honed roughness
of the surfaces of investigation in this work, the cross flow terms are not
identical to zero, but several orders of magnitude smaller compared to
the diagonal terms a11 and a22. Similarly b22 is much smaller than b12.
Therefore a12, a21 and b22 are omitted in the simulations performed in
this work. This is, actually the same strategy as Spencer used in [93],
since the cross flow terms do not affect the solution by any significance
but cause convergence problems for the model due to the increased com-
plexity. The coefficients c11 and d11 are the friction correction factors,
which are described in detail by Almqvist [70]. With the correction
factors implemented, the equation used for solving the hydrodynamic
pressure in the piston ring - cylinder liner interface takes the following
form:

∂

∂x

(

ρa11

12η

∂p

∂x

)

+
∂

∂y

(

ρa22

12η

∂p

∂y

)

=
U

2

∂(ρb12)

∂x
+

∂(ρh)

∂t
, (2.3)

where h is the average separation with consideration to surface rough-
ness.

2.1.3 Hydrodynamic cavitation

Hydrodynamic cavitation is a complex phenomenon occurring when the
lubricant pressure falls below the cavitation pressure. In general, the
cavitation pressure is different than zero. However it is typical, in piston
ring simulation, to assume the cavitation pressure to be the same as the
ambient pressure at the boundary of the solution domain [94], taken as
zero in the following. The low pressure of the lubricant typically occurs
when the lubricant is flowing through a gap which increases in size, i.e. a
diverging gap. The low pressure act as a tensile pressure on the lubricant
which it cannot sustain, and therefore cavitation occurs. If the Reynolds
equation, without any modification for consideration of cavitation is
solved for the parabolic shaped TLOCR land profile depicted in Figure
2.2, the pressure solution would be anti-symmetrical with equally large
positive and negative parts, for which the load carrying capacity would
be zero. This is referred to as the full Sommerfeld solution, depicted in
Figure 2.3 and this clearly shows the need for treatment of cavitation.
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Figure 2.2: The parabolic shape of a typical TLOCR running land profile.
Notice the scale (≈200:1) used in the figure.

Figure 2.3, shows the pressure result for the Reynolds equation so-
lution with different boundary conditions.

The easiest way to treat cavitation is to apply the half Sommerfeld
solution, which means that the part with negative pressure is replaced
with zeros. This is the method used in Paper A in this work. The
drawback of using that method is that the load carried by the ring is
underestimated and mass continuity of flow is not fulfilled. A better
way to treat the cavitation is to apply the JFO (Jakobsson-Floberg-
Olsson) boundary conditions developed in [95] and [96], which say that
∂p/∂x = 0 at the cavitation rupture boundary. Several methods have
been developed to incorporate cavitation in the Reynolds equation. The
commonly used method developed by Elrod in [97], used a switch func-
tion for terminating pressure gradient in the cavitated region with a
variable describing the fractional film content. A similar model with
a different more rigorous derivation of the fractional film content vari-
able was presented by Vijayaraghavan and Keith [98]. A more refined
cavitation model similar to Elrod [97] was developed by Sahlin et al.

in [87], which included measured lubricant properties in the fractional
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Figure 2.3: Hydrodynamic pressure with different treatment of cavitation
for one land of a typical TLOCR land profile.

film content variable. In [99], Giacopini et al. formulated a linear com-
plementarity problem (LCP) for the cavitation problem based on the
incompressible Reynolds equation. Another derivation of the LCP for-
mulated problem was performed by Almqvist et al. [77]. The latter
model extended the one developed by Giacopini et al. to consider fluids
obeying the constant bulk modulus model of compressibility. Moreover,
the derivation was made from the expression of the mass flow instead
of directly implemented in the Reynolds equation. The LCP formula-
tion of the problem makes the solution much more stable around the
cavitation boundary but according to Spencer [93], it unfortunately in-
creases the computational time, and is also difficult to implement an
LCP model coupled with deformation and dynamics. The LCP problem
can be solved separately in an iterative process with the other physics
but this would further increase the computational time.

Another method to deal with cavitation is a density modification
scheme which is similar to the method suggested by Elrod [97]. This
method has been used in tribological simulations before, some examples
are work by Kumar and Booker [100], T. Almqvist et al. [101] and Isaks-
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son et al. [102]. As the method in [97], it is assumed that the density
of the lubricant is reduced in the cavitation zone, which is also physi-
cally reasonable. In [101] and [102] the density of the lubricant in the
cavitated zone is described with a polynomial in terms of the lubricant
pressure.

In [103], Häggström introduced an extension of the density modi-
fication model. More precisely, in that work it was assumed that the
viscosity of the lubricant reduces at the same rate as the viscosity in
the cavitated region. This turned out to be a very effective way of mod-
elling cavitation in a multi physics model. The strategy developed by
Häggström [103] is therefore used in Paper B and Paper D in this work.
This cavitation model is based on the assumption that when the solution
for lubricant pressure becomes negative the density and viscosity will be
reduced and therefore the negative pressure will be avoided. This is a
good way to deal with cavitation since this somewhat physically correct
assumption means that the model will be mass conserving and fulfil the
JFO rupture and reformation boundary conditions. To apply this to the
model, a scaling polynomial for density and viscosity is formulated as:

f(p) =















1 p > 0

3
(

p+β
β

)2

− 2
(

p+β
β

)3

0 p ≤ −β

−β < p ≤ 0 (2.4)

where β is the factor for the transition zone of the scaling function.
By means of (2.4) the pressure dependence of the density and viscosity
becomes:

ρ =
f(p) + α

1 + α
ρ0 (2.5)

η =
f(p) + α

1 + α
η0 (2.6)

The parameter α is set to 0.01 and is used to avoid zero density and vis-
cosity and therefore improve convergence of the model. Since the density
and the viscosity pressure dependence is identical, the Poiseuille term
in the Reynolds equation will be identical to the for an incompressible
and Newtonian model. As a validation of this cavitation model, it is
compared to the LCP formulated model by Giacopini [99]. Figure 2.4
shows the hydrodynamic pressure for a double parabolic slider, enabling
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Figure 2.4: Comparison of the pressure solutions obtained with the LCP
formulated model and the Häggström model, for a double parabolic slider
bearing.

comparison between the two models. The sliding velocity was set to 10
m/s, the dynamic viscosity was set to 0.01 Pa·s and the β-parameter was
set to 2 · 105. It can be seen that the Häggström model gives the same
solution as the LCP model in the region where no cavitation occurs.
The Häggström model allows for small negative pressure to occur in the
cavitated zone but it still fulfils mass continuity, as it produce the same
pressure increase under the second parabola as under the first one. If
these negative pressures are discarded when equating the load balance,
the model provides a highly accurate solution to the cavitation problem.
It should be noted, that if the β-parameter is set to a lower value, then
the magnitude of the negative pressures will be reduced, but this will
also compromise the convergence of the numerical solution procedure.
The influence of the β-parameter on the pressure solution is discussed
in detail in Paper B.
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2.1.4 Mixed lubrication

Since mechanical contact caused by direct asperity interaction between
the surfaces will occur during piston ring - cylinder liner lubrication
there is a need to include a load sharing model for the load carried by
the hydrodynamic- and the asperity contact pressure. The Luleå Mixed
Lubrication Model employed in this work includes a Boundary Element
contact Model (BEM) for calculating the asperity contact pressure. This
model is based on Boussinesq-Cerruti elastic half-space theory and in-
clude an linear elastic-perfectly plastic material model. The input to
this model is the same surface topography measurement as for the cor-
rection factors in the modified Reynolds equation. Since the contact
model takes real surface topography into consideration, there is no need
to characterise the surface with average asperity parameters, which is
the way it is done in piston ring simulation models, implementing load
sharing by means of a Greenwood-Trip type of asperity model. The out-
put of the model is a contact stiffness curve as a function of the average
interfacial separation, h̄. A typical contact stiffness curve for a cylinder
liner surface against a perfectly flat surface can be seen in Figure 2.5. In
reality, the piston ring surface is much smoother than the liner and this
single sided roughness type of configuration is therefore used throughout
this work.

2.1.5 Friction

Assuming the thin film approximation to be valid, the total amount of
hydrodynamic friction can be calculated as:

F =

ˆ

Ω

h

2

∂p

∂x
+

ηU

h
dA, (2.7)

where Ω is the integration domain and A is the area of the domain.

The LMLM model builds on the assumption that the component
geometry scale and the surface topography scale are separable. In other
words, it is a so-called two-scale model where the global scale represents
the component geometry and the local scale the surface topography. In
this case the hydrodynamic friction is modelled by:

Fh =

ˆ

Ω

(

h

2
− d11

)

∂p

∂x
+ ηU

(

1

h
+ 6c11

)

dA, (2.8)
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Figure 2.5: Mean asperity contact pressure as a function of average sepa-
ration.
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where c11 and d11 are two (of the earlier mentioned) correction factors
for hydrodynamic friction calculated with the LMLM.

The boundary friction component is for most of the stroke, as will be
detailed below, calculated by multiplying a boundary friction coefficient
µb with the integrated contact pressure, Pc. Since the ring is free to
move axially in the ring groove the reversal zone makes it difficult to find
convergence for the load balance. If the half Sommerfeld assumption is
applied instead of the Häggström model, the complexity of the model
is still low enough to achieve a converged load balance. But in order to
include the more physically correct JFO boundary condition a relaxation
of the friction force around the reversal zone turned out to be necessary.
More precisely it was found that by introducing a scaling of the boundary
friction force close to the reversal zone, convergence could be achieved
with the JFO rupture and reformation boundary conditions. A similar
technique is used in the EXCITE Power Unit software developed by
AVL [104]. In the present model a parameter ulim is introduced to
specify in which piston speed interval the boundary friction component
should be scaled. In terms of the ulim parameter the scaling function
for the boundary friction is formulated as:

g(U) =

{

1
U

ulim

|U | > ulim

|U | 6 ulim

. (2.9)

By means of g(U) the boundary friction can be calculated as:

Fc = g(U) · µb

ˆ

Ω

PcdA, (2.10)

where the boundary coefficient of friction µb is set to 0.1 in this study.
The scaling function g will affect the dynamics of the ring close to re-
versal since it affects the forces on the ring there. The motion pattern
of the ring is however not lost and the friction estimation is not affected
other than by the scaling itself. Fortunately, this has a negligible effect
on the frictional power loss. The effect of the scaling g is discussed in
detail in Paper B.

2.1.6 Forces acting on the ring

In Paper A and Paper B in this work the full cross section of the TLOCR
is modelled. A schematic view of the ring cross section and the forces
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Fh+Fc

Ph+Pc
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Figure 2.6: Schematic view of the twin land oil control ring and the forces
acting on it. Fh and Fc are hydrodynamic friction and contact friction
respectively, Ph and Pc are hydrodynamic pressure and contact pressure
respectively, Rt is normal force on the piston ring, Ps is the axial load from
the ring groove and U is the piston velocity.

acting on it can be seen in Figure 2.6. The ring tension from the spring
on the back of it is applied as normal a force equally distributed on
the backside of the ring. The friction forces, hydrodynamic pressure,
contact pressure and and axial load are applied element wise on the ring.
The axial load on the piston ring, Ps, consists of two components, the
mechanical contact between the piston ring groove and piston ring and
the hydrodynamic pressure, caused by piston ring movement within the
groove. The roughness of the contacting surfaces in this interface was not
measured and the contact stiffness curve for this particular interface, was
calculated on the inversed cylinder liner topography depicted in Figure
3.2. This results in a stiffness curve that provides a contact, which
is less stiff, than the contact against the cylinder liner and facilitates
convergence of the model. This is of course a subject for further analysis
where resemblance with the solutions from running the same simulations
with a stiffness curve originating from the actual contacting surfaces,
should be investigated.

The piston ring groove height is specified to be 100 µm larger than
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the piston ring, meaning that the piston ring will be free to move inside
the groove only restricted in axial direction by the ring groove contact.
The axial gap between the piston and piston ring is assumed to be
filled with oil and by solving the Reynolds equation for the squeeze in
this interface the viscous damping in the contact is accounted for. The
negative pressures encountered when the ring is moving away from the
groove are neglected and only the pressures from compression of the oil
are considered. This damping is required to achieve a converged solution
of the model close to reversal zone. Including the viscous damping in
the axial contact between the piston ring and the piston groove also
makes the model more physically correct. Since the oil control ring in
a HDDE is typically supplied with a constant oil spray from the crank
case, the assumption that the gap is fully filled, is assumed to be correct
for the reversal of the ring at BDC. At TDC this assumption might not
be completely valid but it is believed that there is a substantial amount
of oil in the contact to make the assumption reasonable. Friction in the
axial interface with respect to radial motion of the ring is not considered
in the model.

2.1.7 Lubricant properties

The lubricant viscosity is an important parameter for the hydrodynamic
pressure generation. The temperature of the cylinder liner is varying
throughout the stroke and will therefore affect the viscosity of the lubri-
cant. The temperature of the lubricant in the contact is assumed to be
the same as the liner temperature at the specific stroke position. The
viscosity is modelled with the well-known Vogel equation which describes
the temperature viscosity dependence as:

η0 = η00 · exp

(

Bt

T0 + T

)

, (2.11)

where η00, Bt and T0 are oil specific parameters and T is the lubricant
temperature.

2.1.8 Boundary conditions

The boundary conditions for the pressure are constant, zero, throughout
the stroke on all of the TLOCR boundaries.

The ring lands are assumed to be fully flooded at all time due to the
constant supply of oil from the crank case.
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Figure 2.7: Schematic view of different layout and boundary conditions. No-
tice that the ring land depicted here, correspond the zig-zag configuration,
with period 2×c-c. The portion of the ring land for the in-line configuration
has period c-c.

The ring is constrained in such way that it is not allowed to rotate
since it would give the model to many degrees of freedom and finding
convergence would be much too difficult.

2.1.9 Textured cylinder liners

Texture in the form of spherical dimples on the cylinder liner was in-
vestigated numerically. Dimples, shaped as sections of a sphere, were
applied on the surface in an in-line and in a zig-zag pattern. These
different patterns are depicted in Figure 2.7.

Mixed lubrication was considered by employing the averaged Reynolds
equation (2.3) for the hydrodynamic part and the contact stiffness curve
showed in Figure 2.5 for the mechanical contact part. Since the dimples
are placed on the cylinder liner, the ring will move over new dimples
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continuously and this will cause dynamical effects to be generated. A
fully time dependent analysis considering the dynamic effects generated
by the texture, is therefore, required. Mass conserving cavitation was
implemented by using the Häggström model described earlier. Motion
in radial direction of the ring section was also considered. Inertia in
radial direction was implemented by expressing the load balance as:

W = m · z̈ +

¨

Ω

(p + Pc) dA, (2.12)

where W is the applied load, m is the ring section mass and z̈ is the ring
acceleration in radial direction. In (2.12) Pc = Pc(x, y) is the asperity
contact pressure and p = p(x, y) is the oil film pressure. These quan-
tities are integrated over the computational domain, for the ring land
section, Ω. If the ring speed is constant, the transients caused as the
ring passes the dimple pattern will, dependent on the inertia, after some
time turn into a periodic time variation reflected in pressure, film thick-
ness, friction and other dependent variables of the model. To this end,
the simulations were run until the ring had passed enough of dimples for
the pressure solution to exhibit repetitive behaviour, up to a specified
tolerance. Since the focus in this work is effect on friction losses, close to
typical mid-stroke speeds were investigated. Dimples imprinted near to
the reversal zones could be interesting for effects associated with wear,
but it will introduce risk of increased oil consumption and because of
the low impact it would have on friction power loss, it is also outside
the scope of this work.

2.2 Experimental test development

In order to run experiments at realistic engine speed with standard
production components and for validation of simulation models, an ex-
perimental test was developed. The test method was designed from
scratch, meaning that the equipment first had to be designed and built.
It was known that the typical component test-rigs operate at a rather
low speed. Because of the vibration from inertia causing noise in the
signal at high speed, much of the design focuses on low vibration crank
device. An inline six cylinder engine from a passenger car was selected
because of this. A schematic view of the test-rig can be seen in Figure
2.8. On one of the pistons of the base crank device a rod was fitted
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where the holder for the piston rings subjected to testing can be fitted.
A linear bearing was implemented as a guide for the rod ensuring that
only the piston rings will be in contact with the cylinder liner. On the
other five pistons, balancing masses were placed to compensate for the
mass of the piston ring holder and it’s connecting rod. The cylinder
liner was mounted on and supported by piezo electric load cells, thus
mimicking the floating liner technique for measuring friction. The other
end of the load cell was connected to a foundation built around the base
crank device. Two heating elements clamped around the circumference
was mounted to be able to heat the cylinder liner. Thermocouples was
mounted on three, equally spaced, circumferential positions of the cylin-
der liner so that temperature could be monitored and regulated. On each
of the three circumferential positions three thermocouples were mounted
at different axial positions, close to TDC, mid-stroke and BDC, making
it a total of nine thermocouples on the liner. The oil was supplied to
the test PRCL via a separate oil pump from underneath the piston rings
through oil nozzles mimicking the supply in an actual engine. This oil
was heated in a separate tank regulated by measuring temperature just
before it exits the afore mentioned oil nozzles. The oil is then gravity fed
back to the heated oil tank and recirculated in the system. The crank
shaft is driven by an electric motor via a tire coupling and the crank
angle was monitored with an angular position sensor. The software for
temperature control and data sampling was written in LabView. An
image of the actual test-rig can be seen in Figure 2.9.

Since the test-rig is motored and the cylinder liner is open to the
atmosphere there are no gases loading on any of the piston rings. All of
the force which loads the piston rings against the cylinder liner comes
from the internal spring force from clamping the rings. For the oil control
ring this is close to the real operating condition since it sees low amount
or no gas loading in operation. For the two compression rings this is far
from the real operating condition close to TDC during the compression
stroke leading to the expansion stroke. However, since the large amounts
of gas loading occur close to TDC, at low speed and only during part of
the compression and expansion stroke an indication of effect on power
loss for these components could still be found to some extent. The
low influence on friction power by load on the engine was stated by
Hoshi et al. [8], who used a numerical tool and found small differences in
friction power loss when comparing motored pressure less conditions to
fired conditions. The same conclusion regarding similar friction power
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Figure 2.8: Schematic view of the test-rig.

Figure 2.9: The test-rig.
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loss in motored pressure less condition and fired condition was found
experimentally with motored and fired engine tests by both Deuss et

al. [68] and Allmaier et al. [69]. It should however be noted that heat
from the combustion contributed to reduction of hydrodynamic losses
in the fired tests which was part of the similarity when comparing the
results to the motored tests.
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Results

This chapter presents a short summary of selected results which are
presented fully in the appended papers. In order to make it easier to
distinguish between them, the numerical simulation results and experi-
mental results has been separated into different sections.

3.1 Numerical simulation results

This section describes the results found from the numerical simulation
part of this work. First, the inputs and results for the full cross sec-
tion models are described. Then the results found with the model for
textured cylinder liner surfaces are shown.

3.1.1 Model inputs for full cross section models

For all of the results presented in Paper A and B where the full cross
section of the TLOCR was investigated, the same cylinder liner temper-
ature variation was used. Figure 3.1 shows the temperature as function
of stroke position. The lowest temperature is located around mid-stroke,
this is because of the water cooling jacket being located in this region.
The ring lands are 250 µm wide with a parabolic profile and has a change
in height of 1.2 µm, this profile was showed earlier in Figure 2.2.

The engine parameters used for all simulations presented here can
be seen in Table 3.1.

The correction factors and the stiffness curve for contact pressure
are calculated on the plateau for a surface measurement from an actual
cylinder liner surface, seen in Figure 3.2.

63
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Figure 3.1: Cylinder liner temperature as a function of stroke position.

Table 3.1: Engine parameters used.

Stroke length 160 mm

Bore diameter 130 mm

Con rod length 255 mm
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Figure 3.2: The measured cylinder liner topography used for calculation of
correction factors and contact stiffness curves.

3.1.2 Stationary results for out of round cylinder liner

The model has been used to simulate effect of OoR for stationary con-
ditions, representing those close to mid-stroke at 1100 RPM against out
of round cylinder liners. The mid-stroke position is chosen since most
of the friction power loss occur around this point. With typical HDDE
oil the dynamic viscosity is ≈ 0.01 Pa·s under the prevalent conditions.
It should be noted that the treatment of cavitation in these results are
done with the half Sommerfeld assumption thus underestimating the
hydrodynamic load carrying capacity and thus overestimating the hy-
drodynamic contribution to friction.

The OoR data used to create these results is based on “AVL glide
user’s manual” [105] maximum recommended OoR, seen in Table 3.2.
All of the orders with respective amplitude are added to the cylinder
liner OoR. Circumferential displacements between the different orders
are also added to separate them and not add up the peaks and by those
getting unrealistically large amplitudes of OoR. The simulation is then
performed with a scaling factor at a six different fixed values (0 to 1 in
increments of 0.2), which is multiplied with the maximum recommended
amplitudes of OoR. The tangential force is varied in four steps, 56 N,
46 N, 36 N and 26 N where the highest load is used to represent the
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Figure 3.3: Total friction force and average minimum separation for the
scaled maximum recommended OoR.

situation in a typical HDDE.

Table 3.2: Maximum recommended amplitude for the different orders of
OoR, according to [105]

Order 2 3 4 5 6 8

Maximum amplitude (µm) 32.5 20.8 15.6 7.8 5.2 3.9

The results are presented as friction integrated over both ring lands.
Average minimum separation, meaning the minimum separation across
the ring lands in the piston sliding direction is averaged around the
circumference. The results from these simulations can be seen in Figure
3.3.

The results show that the friction force is not very much affected by
the different scaling of the OoR, but there is a clear trend of reduced fric-
tion with less amount of OoR. The separation is much more affected by
the OoR, and as expected separation decreases with increased load and
decreased OoR. It is known that the largest tangential force simulated is
typical for the HDDE under investigation. It could be assumed that the
same HDDE operates with 100 % of the maximum recommended OoR.
In this case it would be of interest not to decrease the ability of the ring
to conform to the liner and thus maintain the amount of oil passing the
oil control ring at the same level. This means that the average minimum
separation must be maintained under 1.5 µm. By studying the results
in Figure 3.3, the tangential force required for achieving this for the
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Table 3.3: The tangential force required to maintain an average separation
of 1.5 µm and the corresponding friction force with the different scaling of
the maximum recommended OoR.

Scaling 100% 80% 60% 40% 20% 0%

Required tangential force (N) 56 47.7 40.7 35.3 32 31

Total friction force (N) 16.4 13.9 11.9 10.4 9.4 9.2

different scaling of the maximum recommended OoR can be extracted.
By studying the results for friction force it can be seen how much this
reduction of tangential force could decrease friction. In Table 3.3 a com-
pilation of the possible friction reduction by OoR reduction is shown.
Even though the numbers predicted with the model might not be exact
it shows that the model captures the expected trend and also that it can
be beneficial to have low amount of OoR.

3.1.3 Implementation of cavitation and full engine cycles

The cavitation model employed for the simulation of full engine cycles
is, described in Section 2.1.3. It include the factor for the transition zone
β, which needs to be decided since it will affect the results. According
to the definition in (2.4), an as low value on the β-parameter is wanted
as this will lead to the most accurate solution. However, a low value
on the β-parameter will make it harder for the model to converge and
therefore a trade-off between accuracy and stability has to be made.
To illustrate the influence of the β-parameter, two stationary conditions
were investigated, i.e., one at mid-stroke and one close to the reversal
zone.

For a reduction of the computational time the ring geometry is re-
duced to only a small segment of the ring with periodic boundary condi-
tions thus reducing the problem from 3D to 2D, allowing for application
of the 1D Reynolds equation. The results from this parameter study,
where β was varied over four orders of magnitude, from 103 to 107, can
be seen in Figure 3.4. The accuracy in the predicted load was mea-
sured as the percentual difference between the load predicted for a given
β-value and the load predicted for the lowest β-value that rendered a
converged solution. It can be seen that a low value of the β-parameter
is more important close to reversal zone than at the mid-stroke posi-
tion. This is because the total load carrying capacity is lower around
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Figure 3.4: Difference in load carrying capacity for the two positions tested
as a function of the β-parameter.

the reversal zone and therefore the relative error becomes larger.

Parts of the objectives of this work were to include the ring motion
in the ring groove, elastic deformation and the tribological interfaces
of the TLOCR and simulate friction over the entire engine cycle. It
is clear that this render a highly complex model and it is difficult to
find convergence especially around the reversal zone. It was, however,
found that a method for achieving convergence around the reversal zones
was to implement the scaling of boundary friction presented in (2.10)
found in Section 2.1.5. To this end, investigations on how to select
the ulim-parameter and its impact on the result was performed. When
carrying out the investigation, the density and viscosity modification
was switched off and the half Sommerfeld method was applied. This
made it possible to obtain the solution without scaling the boundary
friction. A full engine revolution was simulated with an engine speed
of 1200 rpm and ulim was varied from 0 to 0.5 with increments of 0.1.
No effect on the results for friction force could be noted other than the
effect from the scaling itself. The scaling of the friction does, however,
affect the dynamics of the ring close to the reversal zones. Figure 3.5
shows the minimum separation for both ring lands close to BDC and it
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can be seen that there is a big spike for the case where ulim = 0. This is
because of the sudden change in force direction at reversal. This spike
is not seen for the cases where the boundary friction is scaled and is not
something that would occur in a real engine during operation. Actually,
in a real engine, the speed of the ring during reversal is lower than the
speed of the piston itself, since the ring moves within the clearance in
the piston ring groove. This suggests that a value for ulim > 0 is a
better physical representation of real engine conditions than ulim = 0.
A schematic illustration of ring twist, at four intermediate time-steps
during ring reversal, can be seen in Figure 3.6. The reason for that
the film thickness drastically changes around the reversal point is that
the twist of the ring forced by the moment caused by the friction force
and the axial force from the piston ring groove changes direction. This
is illustrated by boxes 1-2 in 3.6. Since the scaling of the boundary
friction makes the force direction switch occur over a larger interval the
twist change will start earlier and end later. The bump occurring after
the reversal of the ring is caused by the sudden moment change on the
piston ring. It is not damped enough due to the low viscosity of the
oil in this region, approximately 0.0067 Pa·s at BDC and 0.0036 Pa·s
at TDC. The ring is over twisted a small amount (box 3 in Figure 3.6)
before it sets against the liner (box 4 in Figure 3.6). It can in Figure
3.5 also be noticed that the bump in the film thickness which is positive
for the land that becomes trailing has almost the exact same shape in
negative direction for the land that becomes leading after the reversal.
This suggests that this is mainly due to twist of the entire ring. The
internal elastic deformation of the ring is very small for this set up. The
value on the ulim-parameter affect this bounce of the piston ring which
needs to be taken into consideration when studying the reversal zone
in detail. However when studying effects on friction loss and oil left on
the liner for the entire cycle this will have an insignificant effect on the
results.

3.1.4 Textured cylinder liners

Dimensions of the land of TLOCR investigated were measured on a
production component to a width of 150 µm with a curvature of 70 mm.
The curvature in the axial direction was symmetric and the radius results
in an inlet and exit height of 40 nm. Three different sliding speeds were
investigated; 5, 7.5 and 10 m/s. The load applied to the ring was kept
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Figure 3.5: TLOCR minimum oil film thickness close to BDC as function
of crank angle degree for upper land (solid lines) and lower land (dashed
lines) with different values on the ulim-parameter.
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Figure 3.6: A schematic illustration of ring twist during reversal with highly
exaggerated twist amplitude for clarification purposes.
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constant during the entire investigation and set to give a nominal contact
pressure of 1.5 MPa. Optimum dimple parameters for friction reducing
effect for these specific operating conditions was found. The diameter of
the dimple should be approximately twice the width of the slider, 300
µm in this case. The optimum depth found to be close to 3 µm in this
case, which is about twice the minimum film thickness for the untextured
case. This is a generalisation and it actually depends on the amount of
surface covered by the dimples. This is discussed more in detail in Paper
D. Figure 3.7 shows typical results for film thickness and hydrodynamic
pressure generation for a surface with dimples. Simulation parameters
were set to depth: 5 µm, diameter: 300 µm, sliding speed: 7.5 m/s and
area density: 40 %. One period is the time it takes for the slider to move
from the centre of one dimple (Period=0) to the centre of the next dimple
(Period=1). At location 1 in Figure 3.7, where the slider is centred over
a dimple, the minimum film thickness is low and the hydrodynamic load
support is rather small. As the slider moves towards location 2, the
film thickness reduces to its minimum. The hydrodynamic pressure is,
however, starting to regenerate due to that the slider moves towards the
converging part of the dimple. While the slider moves towards location
3, even more pressure is generated as it slides over the converging part
of the dimple. The film thickness continues to increase until location 4,
where only a small part of the slider is still over the dimple and the film
thickness attains its maximum value. As the slider leaves the dimple
behind itself, which happens slightly after location 4, the film thickness
decreases and the slider moves on the plateau surface towards the next
dimple. At location 5, the leading edge of the slider has travelled in over
the diverging part of the next dimple and the film thickness continues to
decrease while moving towards location 1 where the behaviour is then
repeated.

Studies on effect by the amount of surface area covered by the tex-
ture where also performed. Figure 3.8 shows the friction reduction for
the textured surface compared to an untextured surface, as a function
of area density for different sliding speeds. Mass was measured on the
same production component mentioned earlier and scaled for the section
size and single land approach. The results are for the full measured ring
mass and for half of that mass applied to the ring section. It can be seen
that with the measured and scaled mass at 10 m/s and with the larger
area densities of 60 % and 80 % the trends start to deviate. This was
found to be related to the asperity stiffness. With these parameters, the
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Figure 3.7: Typical effect on film thickness and hydrodynamic pressure
caused by dimples.
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Figure 3.8: Friction reduction compared to the untextured case as a function
of area density for different speeds. Dimple depth and diameter are 3 µm
and 300 µm in this case and dimples are positioned in the in-line pattern.
Measured ring mass (solid lines) and half of the measured ring mass (dashed
lines).

slider moves in over a new dimple with a frequency close to the eigenfre-
quency associated with the mechanical contact. When performing the
simulation with half of the measured mass, this deviation disappears.
Trends in the other regions are fairly similar for both ring masses. It
can be noted that small or no benefit in friction is achieved by increasing
area density over 40 %, and the reduction even decrease with increasing
area density at larger sliding speeds.

Simulations with the zig-zag pattern were also performed. A compar-
ison between in-line and zig-zag pattern in friction reduction compared
to the untextured case as a function of area density for different sliding
speeds can be seen in Figure 3.9. For low area density the results are
similar, at higher area density the friction reduction increases almost
linearly for the dimples in the zig-zag pattern. This needs to be studied
more in detail for better understanding of this trend. Figure 3.10 shows
the friction and film thickness results for dimples in zig-zag pattern with
diameter 300 µm, depth 3 µm and area density 60 % at a sliding speed
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Figure 3.9: Friction reduction compared to the untextured surface as a
function of area density for different speeds. With dimple depth 3 µm,
diameter 300 µm, in-line pattern (solid lines) and zig-zag pattern (dashed
lines).

of 7.5 m/s. It can be seen that the minimum film thickness is always
lower and that the average film thickness is always larger compared to
the untextured case. This is because the layout of the dimples means
that there is never only plateau area perpendicular to the sliding direc-
tion. This means that most of the hydrodynamic pressure built up while
passing a dimple is lost since the slider moves in over the next dimple
much earlier as compared to the case with dimples placed in the in-line
pattern. It can also be seen that the average film thickness is always
kept at a high level because of this. This leads to lower friction than
in the case with dimples in the in-line pattern, since both friction com-
ponents are always significantly lower compared to the untextured case.
Even though placing the dimples in the zig-zag pattern potentially could
reduce friction even further, it should be noted that it would increase
the risk of wear compared to placing the dimples in the in-line pattern.
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Figure 3.10: Film thickness and friction results for dimples in zig-zag pattern
with diameter 300 µm, depth 3 µm and area density 60 % at a sliding speed
of 7.5 m/s. Dashed lines are results for an untextured surface.

3.2 Experimental results

The crank angle resolved results shown in this section are, if not oth-
erwise stated, filtered with a moving average filter. This is done to
facilitate the analysis and to make it easier for the reader to distinguish
between curves in the same graph and more easily identify variations
during the stroke. Crank angle resolved results shows the friction force
averaged for each crank angle throughout the entire test. The aver-
age friction power loss shown, is calculated for the sampled data on all
recorded strokes and then averaged over the entire test. Repeatability
of the test method has been investigated by first running a test then
disassemble and reassemble the cylinder liner and piston ring assembly
and running the same test again. The tests were performed with stan-
dard piston rings and plateau honed cast iron cylinder liner from a heavy
duty diesel engine at 1200 RPM with temperature for both the oil and
cylinder liner set to 80oC. The piston rings were tested in three different
configurations, two top rings, only oil control ring and all three rings
at once. Results for friction power averaged over each stroke for the
entire test duration can be seen in Figure 3.11, and the averaged values
are listed in Table 3.4. The tests before and after reassembly are re-
ferred to as Assembly 1 and Assembly 2. In some of the tests performed
for Assembly 1, only the piston ring holder was disassembled and then
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reassembled without removing the cylinder liner from the rig. These
different set-ups are referred to with an additional index as Assembly
1.i, where i describes how many times the piston ring holder has been
reassembled. For the test with only the two top rings the repeatabil-
ity was excellent. Actually, it was less than 0.3 % difference in friction
power in this case. For the tests with only a TLOCR, it can be observed
that two distinct levels of friction power were recorded. While running
assembly 1.2, the friction level switched from low in the beginning to
high at the end. This most likely has to do with the spring which loads
the TLOCR against the cylinder liner. It is believed that the spring
gets stuck in one or several of the lubrication holes or in the ring gap
of the TLOCR and therefore does not distribute the load evenly around
the circumference. Since the friction increased during the test for As-
sembly 1.2 it seems reasonable to assume that the spring was initially
stuck in the TLOCR and then broke free resulting in a more evenly dis-
tributed load. If the load is not evenly distributed it could potentially
cause the friction to be high at some sections of the ring contact and
very low in other sections resulting in a total reduction of friction. With
this assumption the low level friction condition would also let more oil
pass the TLOCR since it must have a greater mean separation around
the circumference compared to the high friction level. The assumption
is further strengthened when comparing difference in the levels for the
tests with all of the rings tested at once. The difference is smaller for the
test with only TLOCR which means that during the low friction level
more oil is distributed to the two top rings resulting in lower friction
for those as well. This also indicates that the TLOCR starves the lubri-
cation of the two top rings. This is further strengthened by comparing
friction power for tests with all rings at once to summing up the friction
from tests in which the rings are tested separately. That is, the friction
for all rings at once, is actually larger than the sum of the friction for
each ring separately. With the knowledge of the different friction levels,
the repeatability of the test-rig itself should be made within the same
friction level. Expected error margin in friction power for tests with only
TLOCR is therefore 1.3 % and 0.6 % when testing all rings at once.

A number of different components have been tested at various op-
erating conditions. Reducing ring tension on the oil control ring could
significantly affect the fuel consumption for the engine. A standard pro-
duction TLOCR, called Eu6, was compared to another TLOCR with
lower ring tension and different land profile, called stepped land. Inter-
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Figure 3.11: Average friction power for each stroke as a function of test
duration for the repeatability tests.

Table 3.4: Mean friction power for the repeatability tests.

Set-up Mean friction power (W) Level

Two top rings Assembly 1 40.8 -

Two top rings Assembly 2 40.7 -

TLOCR Assembly 1 65.4 High

TLOCR Assembly 1.1 59.9 Low

TLOCR Assembly 1.2 62.4 Low and High

TLOCR Assembly 1.3 65.9 High

TLOCR Assembly 2 65.1 High

All rings Assembly 1 126.1 High

All rings Assembly 1.1 115.8 Low

All rings Assembly 2 115.3 Low
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esting observations were made when running tests with the piston rings
in different configurations. The two compression rings used in these
tests were standard production components for a Eu6 engine. Table 3.5
specifies the piston ring types used and ring tension of those. All of
the piston rings used had been subjected to fired operation in an engine
previous to this testing in order to run them in. The configurations
in which the piston rings were tested together with the measured fric-
tion power averaged over the entire test are listed in Table 3.6. These
tests were run at 80oC with standard 10W30 oil at 900 and 1200 RPM
against a standard production plasma coated cylinder liner. The cylin-
der liner was unused before this test and was run in at low speed, in the
rig used in this work, until stable friction reading was observed. Figure
3.12 shows results for the crank angle resolved friction force averaged
over the entire test. Also here the friction power with all of the rings
mounted on the piston ring holder was compared to the sum of the com-
ponents from running the two compression rings and the oil control ring
individually. With both oil control rings and at both speeds the sum of
the components showed less friction than when testing all of the rings
at once. This indicates that the amount of oil supplied to the two com-
pression rings is significantly reduced by the oil control ring. When the
oil control ring is mounted the compression rings have less oil available
resulting in less hydrodynamic lubrication and therefore larger friction
losses. The oil retaining ability or amount of starvation provided by
different oil control rings can therefore be indicated in this way. By
having a good reference like the standard production Eu6 ring pack in
this study, the effect on oil consumption in an actual engine can be indi-
cated. As can be noted in the results, the stepped land oil control ring
reduced the frictional power loss with close to 50 % at 1200 RPM, likely
because of the lower ring tension. Comparison and difference between
sum of the components and all of the rings mounted at once can be
seen in Table 3.7. The difference for the ring pack with stepped land
shows similar values as the ring pack with all Eu6 rings. It should be
noted that with larger speed the difference is a bit less for the ring pack
with the stepped land. This seems reasonable since the percental reduc-
tion in friction was greater at the larger speed. This also indicates that
the rate of increase in film thickness is larger for the stepped land ring.
Nevertheless, the differences are fairly similar at both tested speeds for
the two ring pack and its components. This means that friction losses
from the OCR could be reduced significantly, close to halved, with kept
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Table 3.5: Piston rings used.

ID Piston ring Type Ring tension (N)

TCR1 Standard Euro 6 TCR 33.2

SCR Standard Euro 6 2ndCR 25

OCR1 Standard Euro 6 2 piece OCR 56

OCR2 Stepped land 2 piece OCR 28.3

Table 3.6: Tested piston ring - cylinder liner configurations and measured
average friction power.

Piston ring ID’s Friction power (W)

900 RPM 1200 RPM

TCR1, SCR, OCR1 97 162

TCR1, SCR, OCR2 79 124

TCR1, SCR 34 50

OCR1 44 70

OCR2 25 37

sealing capability. The results need to be verified in real engine tests
but shows a great potential.

Validation of the developed simulation model considering the entire
stroke was also performed at different speeds. In the simulations only a
contact stiffness curve was used to consider mixed lubrication. I.e. no
correction factors were used. The contact stiffness curve was provided
by Scania CV. The coefficient for boundary friction was set to 0.1. The
temperature used in the simulations was the same as the set temperature
in the test, 80oC. The cylinder liner used was the same plasma coated
standard production liner mentioned earlier. Crank angle resolved sam-
pled friction force averaged over the entire test and mean friction power
compared to the simulated values can be seen in Figure 3.13. Good
correlation can be seen between the simulated and measured results. In
the crank angle resolved friction it can be seen that the model captures
the general trend and friction behaviour in a good way. At 900 and
1200 RPM the result for friction power is almost identical but at 1500
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Figure 3.12: Friction force VS Crank angle for different piston ring config-
urations mounted on the ring holder.

Table 3.7: Comparison of complete ring pack friction power and components
of it.

Top compression ring Eu6 Eu6

2nd compression ring Eu6 Eu6

Oil control ring Eu6 Stepped land

900 RPM 1200 RPM 900 RPM 1200 RPM

All rings mounted 97 162 79 124

Sum of components 78 120 59 87

Difference 19 42 20 37
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Figure 3.13: Comparison of simulation results with experiments.

RPM some deviation can be seen. This could be an effect from friction
heating in the contact resulting in lower viscosity and therefore less fric-
tion in the experimental test. Another reason for the deviation could
be caused by the large amount of noise in the measured signal causing
a shift towards lower friction.
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Conclusions

The work done in this doctoral thesis includes development and usage
of both numerical simulation tools and experimental test equipment.
A numerical simulation model for investigation of the effect on friction
losses associated with out of round cylinder liners was developed. First,
a simplified model was developed fully in 3D for stationary conditions.
It was found that friction around mid-stroke could be reduced with ap-
proximately 40 % by reducing the tangential force of the TLOCR, still
with kept sealing capability, enabled by reduced OoR.

The complexity of modelling the ring fully in 3D with consideration
to elastic deformation, motion inside the ring groove and inertia caused
problems for implementing consideration to mass conserving cavitation
and simulation of the full engine cycle. Cavitation was therefore imple-
mented with a model not seen in piston ring simulation before. This
model showed to be a very effective way of implementing cavitation by
fulfilling the JFO boundary conditions as well as mass continuity. The
trade-off that has to be made in load carrying accuracy and convergence
stability of the model has been discussed in the thesis. Simulation of
the full engine cycle was achieved by implementing a relaxation of the
boundary friction forces. The largest influence is close to reversal and
mainly moves the locations at which the change in ring twist occur which
is an obvious effect from scaling the forces with different intervals. It can
also be concluded that a small relaxation of boundary friction around
reversal is more physically correct than not having a scaling at all. This
is because the ring moves within the clearance of the piston ring groove
during the reversal of the piston. The scaling was also showed to not
affect the results for friction or separation for most part of the stroke

83
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meaning that it is an applicable method to use for studying the effect on
fuel consumption. Caution must however be taken when analysing the
results close to reversal zone. Overall this was found as an acceptable
method for dealing with the convergence issues.

A model investigating cylinder liner with dimple type textures ap-
plied to it was also developed and used. Two mechanisms for reduction
of friction with textured surfaces were found. Firstly, increased mini-
mum separation between the surfaces caused by hydrodynamic pressure
increase which results in reduction of both boundary and hydrodynamic
friction. Secondly, enforced average separation by the removal of plateau
area, which is an effect from a dimpled surface. This can lead to locally
increase in friction on the small amount of plateau area left, however, it
can result in total reduction of friction because of the absence of plateau
area where the friction is generated. Optimum texture parameters for
friction reduction were found for typical TLOCR situated in a HDDE.
Optimum diameter for friction was found to be close to twice the width
of the slider. The optimum depth of the dimples was found to be ap-
proximately twice the minimum separation to achieve friction reduction
by increased minimum separation. In some cases friction can be reduced
even further by deeper dimples, which increases the average separation.
Optimum area density for friction is dependent on sliding speed. In gen-
eral high area density is favourable at low sliding speeds (5 m/s). As
the speed increases optimum area density is reduced and was found to
be 40 % for sliding speeds between 7.5 and 10 m/s. This suggests that if
texture would be applied on a cylinder liner, the area around mid-stroke
should have lower area density than the surface in between mid-stroke
and reversal zones. Different layouts of dimples were investigated. The
layout was showed to have small effect on the friction results when the
area density is kept low. When area density is increased the layout of
the dimples can have significant effect on the result, both in friction and
separation between the surfaces. It was found that placing the dimples
in the zig-zag pattern will increase the risk of wear more than placing
them in the in-line pattern. Up to 40 % reduction in mid-stroke friction,
caused by adding the surface texture, was predicted with the model.

A novel component test with operating speeds close to those of a
real engine was developed. Repeatability when replacing components in
the test was showed to be good. It was proven that with typical HDDE
components the oil control ring significantly starves the two compres-
sion rings. It can therefore be concluded that a starvation model is
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necessary when studying compression rings with numerical simulation
models. A method for comparing sealing capability of oil control rings
was presented. Increased viscosity in the experiment was shown to be
an acceptable method for simulation of higher operating speeds, how-
ever, influence from squeeze effects must be considered when analysing
the data. Surface roughness of the cylinder liner influenced the fric-
tion force. With standard type piston rings, friction was reduced with
smoother cylinder liner surfaces. However, with DLC coated rings and
TLOCR with low tangential load and thin lands, the standard honed
cylinder liner showed slightly less friction than the smoother liner which
showed lower friction with the standard type piston rings. It was also
shown that the ring tangential force has a direct impact on the fric-
tion losses for an oil control ring. Friction of the oil control ring could
be reduced with almost 50 % while still indicating small difference in
oil supplied to the top compression rings, enabled by reduced tangen-
tial force in combination with different ring land profile. The numerical
model simulating the full engine cycle of a TLOCR was validated and
showed good correlation with the measured data.
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Future work

Some of the research issues that need further attention are described in
this section.

Various TLOCR designs needs to be investigated, such as, other ring
land profiles and cross section geometries in combination with varying
tangential load. This would preferably be performed in a combined
numerical and experimental study. In order to fully understand the
possibilities to reduce fuel consumption, all of the three rings needs to
be modelled. It is important to get an idea of the sealing capability of
the two top rings since that will affect oil consumption and blow by.
Even though the oil left by the TLOCR affects the oil consumption,
the oil has to pass the top rings to be consumed. In order to simulate
the two top rings some oil availability model needs to be implemented
and there is a definitive need to consider the high pressure in the ring
lands. The simulation results obtained for textured surfaces needs to
be validated experimentally. Other types and shapes of dimples needs
to be investigated. Also, the influence from different plateau surface
roughness in combination with texture should be the studied in detail.
The method for investigation of oil control ring sealing capability in the
component test needs to be validated in full engine tests. Moreover, a
method for measuring OoR of cylinder liners and the influence of such
in the developed test equipment needs to be implemented.
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Abstract

This paper describes a numerical simulation model for prediction of the
tribological effects of an oil control ring running against an out-of-round
cylinder liner in a heavy duty diesel engine. The model considers the
full 3D geometry of the oil control ring and includes the effect of both
surface roughness and global deformation. Results that test the models
ability to do this under stationary conditions are presented. Further-
more, stationary results for prediction of the friction reduction possible
by reduced ring tension in combination with reduced out-of-roundness
are given. The model predicts the friction for the oil control ring at mid
stroke to be 78% larger in an out-of-round cylinder liner compared to a
perfectly cylindrical one.

Keywords
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duty diesel engine
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A.1 Introduction

Reduction of fuel consumption is of top priority in the automotive in-
dustry today. The power cylinder unit is responsible for 1-6% of the
total losses in a heavy duty diesel engine [7]. The oil control ring is re-
sponsible for 50-75% of the total ring pack friction under some operating
conditions [7]. It is therefore of interest to study the operation of the oil
control ring. The cylinder liner in an operating heavy duty diesel engine
is not perfectly cylindrical. This will affect the rings ability to conform
to the liner and by that the performance of the system will be different
from a system where the liner is perfectly cylindrical. One of the most
fundamental ways to reduce friction in the power cylinder unit is to de-
crease the ring tension. However, if the liner is not sufficiently circular
the rings will then not be able to conform and this could result in un-
wanted effects such as increased oil consumption and blow-by. This will
also affect the generation of hydrodynamic pressure in the lubricated in-
terface between the ring and the liner. Compared to a perfectly circular
liner the separation between piston ring and cylinder liner, in an out-of-
round liner, will vary around the circumference and this will influence
the lubrication regime that the system operates in. In this work these
effects are investigated by means of numerical simulations. A model has
been developed that considers the effects of an out-of-round cylinder
liner. The model considers not only hydrodynamic and contact pressure
in the interface between piston ring and cylinder liner but also piston
ring deformation to investigate the conformability to the cylinder liner.
Similar models have been developed before but have typically been used
to study the top compression ring and these use a conformability factor
for ring deformation [24, 25]. Investigations made in [106] showed that
the shape of the cylinder liner will affect the lubrication and friction of
the system even at very small amplitudes of out-of-roundness. In [29], a
3D conformability model for split-less rings with theory for thin curved
rods was developed. It was concluded that this type of model does not
provide any information about the behaviour of the piston rings other
than critical amplitude of out-of-roundness to which the piston ring can
conform and should mainly be used when comparing different piston
ring design effects on conformability. Another example of a model in-
vestigating the entire piston ring is an FEM model describing the ring
deformation with beam elements, coupled with a 1D hydrodynamic pres-
sure solver [26]. Due to the 1D hydrodynamic solver the model does not
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account for any circumferential flow of the lubricant. The investigations
in [26] were made on the two top piston rings and to model the effect
of surface roughness and mixed lubrication the Greenwood and Tripp
contact model was used. The model was tested with parameters for a
light duty diesel engine and effects of ring twist, bore distortion and pis-
ton tilt motion on lubrication and oil transport were studied. 4th order
out-of-roundness was studied with an amplitude of up to 10 μm and it
was concluded that both up and down scraping of oil by the top ring
are increased with increased out-of-roundness. No investigations on how
the oil control ring conforms to the liner was performed in [26] but it is
claimed that the oil control ring will conform well to distorted bores due
to narrow land width, low bending stiffness and high tension. However,
if the goal is to decrease the friction losses from the oil control ring by
decreased ring tension the conformability needs to be investigated and
there is a need for a model that can characterise these effects. In this
study, investigations are performed on how different orders and ampli-
tudes of out-of-roundness on the cylinder liner in the heavy duty diesel
engine affects friction and sealing capability of the twin land oil con-
trol ring. Furthermore, investigations are made with consideration to
by industry acceptable out-of-roundness. Possible friction reduction by
reduced ring tension are investigated. To maintain the sealing capabil-
ity this is investigated in combination with reduction of the acceptable
out-of-roundness.

A.2 The model

The model in this work is designed to enable investigations of the con-
formability and frictional losses between the oil control ring and cylinder
liner in a heavy duty diesel engine. The model is built in the commercial
finite element tool COMSOL Multiphysics. The entire ring is modelled
and studied since it gives the opportunity to include real measurements
of cylinder liner distortion in the simulation. It also makes it possible to
study the effect of the ring gap. Also, since the entire ring is modelled
in 3D instead of using beam elements it is possible to investigate twist
and deformation of each land separately. The deformation is modelled
by linear elasticity theory. Influence of cylinder liner surface roughness
is included. The surface of a piston ring is typically much smoother
than the cylinder liner surface [56]. In [64] it is claimed that the friction
between the oil control ring and the liner are affected mainly by the liner
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micro geometry and the ring face macro geometry. However, the macro
geometry of the cylinder liner, i.e., out of roundness, also affects fric-
tion, since it determines the piston ring’s ability to conform to the liner.
This is the aim of this study and, therefore, the piston ring is assumed
to be perfectly smooth during the simulations. Both the generation
of hydrodynamic pressure in the oil film and asperity contact pressure
are included. In order to do this, the Luleå Mixed Lubrication Model
(LMLM) is implemented in the model. With the LMLM the local effects
due to surface roughness, may be incorporated in the global model with-
out adding complexity. So called flow factors are calculated, hereafter
called correction factors. These are used to calibrate the Reynolds equa-
tion for accurate hydrodynamic pressure according to asperity effects.
The correction factors originates from a homogenization method applied
to the Reynolds equation. The LMLM also includes an asperity contact
pressure model which is based on a boussinesq-type elasto-plastic contact
mechanic model. This is used to generate a stiffness curve for average
asperity contact pressure as a function of average interfacial separation
between the mating surfaces [71]. This model takes into account the
real surface topography instead of statistical properties of the asperities
which is typically used in these types of simulation models.

The LMLM is described in detail in [89]. The homogenized, iso-
viscous, Reynolds equation can be written as

∇A0∇p0 = 6ηU∇B0, (A.1)

where p0 is the homogenized film pressure, η is the dynamic viscosity,
U is the speed and A0 and B0 are the correction factors.

A0 =

(

a11 a12

a21 a22

)

and B0 =

(

b12

b22

)

(A.2)

The correction factors a12 and a21 are the cross flow terms describing
the pressure induced flow perpendicular to the piston sliding direction.
For a texture that is perfectly symmetric in both the x- and y-direction,
these are identical to zero [78]. For the investigated surface, the cross
flow terms are not identical to zero but much smaller compared to the
diagonal terms a11 and a22. Similarly b22 is much smaller than b12.

The friction consists of two different components, boundary contact
friction and hydrodynamic friction. The contact friction is calculated
with
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Figure A.1: Schematic view of the twin land oil control ring and the forces
acting on it at an arbitrarily position on the stroke. Fh and Fc are hydrody-
namic friction and contact friction respectively, Ph and Pc are hydrodynamic
pressure and contact pressure respectively, Rt is normal force on the piston
ring, Ps is contact pressure from the ring groove and U is the piston velocity.

Fc = µb

ˆ

Ω

PcdA, (A.3)

where µb is the boundary coefficient of friction, taken as 0.1 in these sim-
ulations. Pc is the average asperity contact pressure. The hydrodynamic
friction is calculated with

Fh =

ˆ

Ω

(

h

2
− d11

)

∂p

∂x
+ ηU

(

1

h
+ 6c11

)

dA, (A.4)

where h is the film thickness, p is the oil film pressure and d11 and c11

are the friction correction factors described in [70].

The ring is constrained in such a way that it is not allowed to rotate
around the axis in line with piston velocity direction, however it is free
to move, deform and twist in all other directions. A schematic view of
a cross section of the ring together with the forces acting on it is shown
in Figure A.1.
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It is assumed in the model that both lands on the oil control ring
are fully flooded at all times due to the large amount of oil continuously
supplied at the bottom of the cylinder liner.

The pressure on the ring lands boundaries are assumed to be atmo-
spheric.

Cavitation is dealt with by the half-Sommerfeld condition meaning
that all pressures in the oil film lower than saturation pressure are dis-
carded. Compared to a more physically correct assumption such as
the JFO boundary conditions this simplifies the model and reduces the
computational time. The absolute value of the hydrodynamic pressure
is affected but not the relative comparison of different out-of-roundness.
The general assumption [94] that the cavitation pressure equals the at-
mospheric pressure is adopted here.

A.2.1 Model inputs

The engine simulated is a typical heavy duty diesel engine with a bore
of 130 mm and a stroke of 160 mm.

The ring lands modelled are 250 μm wide with a parabolic profile
and a change in height of 1.2 μm as shown in Figure A.2. In this study
a static calculation for one single operating point is performed with
varying cylinder liner out-of-roundness and ring tension. The operating
point chosen is at mid-stroke with an engine speed of 1100 RPM, typical
for a truck at cruising speed. This gives a piston speed of 9.6 m/s. The
mid-stroke position is chosen for the analysis. It is around this point that
most of the frictional power losses occur. The Vogel equation is adopted
to model the dynamic viscosity of the 10W30 oil typically used in heavy
duty diesel engines. The temperature is typically 95oC at mid-stroke
which gives the oil a dynamic viscosity of 0.0104 Pa·s. The density of
the oil used in the study is 888 kg/m3

By studying the effects of different orders and amplitudes of out-of-
roundness and ring tension on friction and ring-liner separation at this
operating point, conclusions on the effect on fuel consumption and oil
passage can be made. Even though separation does not fully describe
oil passage, it will give a good idea of how it is affected.

The correction factors and the contact pressure are calculated for a
surface measurement from an actual cylinder liner surface, seen in Figure
A.3.
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Figure A.2: Shape of oil control ring lands.

Figure A.3: Surface used for correction factors and contact pressure calcu-
lation.
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Figure A.4: A schematic description of the order of out-of-roundness in-
cluding the definition of the amplitude, ∆r.

A.2.2 Simulated parameters

The effect of out-of-roundness is studied in two steps.

First a parameter study of second, third, fourth and fifth orders
with amplitudes up to 50 μm is performed. The ring tangential force is
varied in four steps where the highest load is corresponding to typical
load used in truck engines. A schematic description of the order of
out-of-roundness including the definition of the amplitude is depicted
in Figure A.4. The maximum amplitudes investigated are much larger
than what is expected in a heavy duty diesel engine especially at the
higher orders. These large values are however interesting to study since
it tests the models capability to capture effects of out-of-round bores. It
can also give better understanding of the out-of-round effect by studying
highly exaggerated values.

The second step is based on the “AVL glide user’s manual” [105] max-
imum recommended out-of-roundness, seen in Table A.1. In this step all
of the orders with respective amplitude are added to the cylinder liner
out-of-roundness. A circumferential displacement between the different
orders are also added to separate them and not add up the peaks and
by that getting unrealistically large amplitudes of out-of-roundness. The
simulation is then run with a scaling factor at a six different fixed values
(0 to 1 in increments of 0.2) and the tangential force varied in the same
interval as for the first part of the study. The scaling factor is multiplied
with the maximum recommended amplitudes of out-of-roundness.
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Table A.1: Maximum recommended amplitude for the different orders of
out-of-roundness [105].

Order 2 3 4 5 6 8

Maximum amplitude (μm) 32.5 20.8 15.6 7.8 5.2 3.9

A.3 Results and discussion

The results are presented as ring friction and average minimum sepa-
ration, meaning the minimum separation across the ring lands in the
piston sliding direction averaged around the circumference. It is impor-
tant to consider the effects on separation between the piston ring and
cylinder liner since it will have an effect on how much oil is left behind
for the scraper ring. If the oil control ring is not able to conform well
to the bore it will lead to increased oil consumption [107]. It must be
remembered that the piston ring systems main function is to act as a
seal and therefore the focus should be to secure a high sealing capability.

In Figures A.5 and A.6 results from the first part of the study are
showed. Here only the amplitude of out-of-roundness was varied for the
different loads and orders of out-of-roundness. The results are plotted
as function of amplitude of out-of-roundness.

It can be seen that neither total friction force or average minimum
separation is significantly affected by amplitudes of second order out-
of-roundness lower than 50 μm. However, the expected reduction in
friction and the increased separation with decreased ring tension can
be seen. The results in Figures A.5 and A.6 shows that the average
minimum separation is nearly unaffected by the change in amplitude for
the second order type of out-of-roundness. In other words, this means
that the ring will conform very well to a cylinder liner with second order
out-of-roundness amplitudes up to 50 μm. Friction can be significantly
reduced by lowering the ring tension, but the increase in separation
between the piston ring and cylinder liner must be taken into account
when doing this.

For third order out-of-roundness both the total friction force and
average minimum separation are affected by the amplitude of out-of-
roundness, but not to any great extent. Only a minor increase in sepa-
ration and total friction force is noticed, and the results are very similar
to second order out-of-roundness.

Fourth order out-of-roundness affects the results much more than
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(a) Second order out-of-roundness
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(b) Third order out-of-roundness
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(c) Fourth order out-of-roundness
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(d) Fifth order out-of-roundness

Figure A.5: Average minimum separation for second, third, fourth and fifth
order out-of-roundness for the different tangential forces.
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(a) Second order out-of-roundness

0 10 20 30 40 50

8

10

12

14

16

18

Amplitude of out of roundness (µm)

F
ric

tio
n 

fo
rc

e 
(N

)

 

 

26N
36N

46N
56N

(b) Third order out-of-roundness
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(c) Fourth order out-of-roundness
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(d) Fifth order out-of-roundness

Figure A.6: Total friction force for second, third, fourth and fifth order
out-of-roundness for the different tangential forces.
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(a) Boundary friction component
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(b) Hydrodynamic friction component

Figure A.7: Friction force components for the different loads as a function
of amplitude for fifth order out-of-roundness.

the third and second order. A significant increase in average minimum
separation is seen, especially for lower tangential force. And the total
friction force is increased for all of the simulated tangential force.

From the results for the fifth order out-of-roundness it can be seen
that the amplitude effects both friction and average minimum separation
to an even higher extent. The change in the average minimum separation
grows faster as the load decreases which implies that the ring conforma-
tion is less with higher order out-of-roundness. The total friction force is
increased with increased amplitudes especially at high tangential force.
This is due to the increase in boundary friction force with increased am-
plitude. As can be seen in Figure A.7 the hydrodynamic friction force
decreases and the boundary friction force increases with increased am-
plitude of out-of-roundness. As the ring loses conformity to the cylinder
liner the hydrodynamic friction is decreased due to the local increase in
film thickness at the concave regions of the distorted bore. At the same
time the boundary friction is increased due to the local decrease in film
thickness at the convex regions of the distorted bore.

The results based on the scaled maximum recommended bore dis-
tortion can be seen in Figure A.8. The total friction force is not that
much different for the different scaling factors but it is shown that fric-
tion is increased with larger amplitude of out-of-roundness and increased
tangential force as for the results from the first part of the study. The re-
sults for average minimum separation shows that the ring conforms less
to the liner with decreasing tangential force and higher amplitude of out-
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Figure A.8: Total friction force and average minimum separation for the
scaled maximum recommended out-of-roundness.

Table A.2: The tangential force required to maintain an average separation
of 1.5 μm and the corresponding friction force with the different scaling of
the maximum recommended out-of-roundness.

Scaling 100% 80% 60% 40% 20% 0%

Required tangential force (N) 56 47.7 40.7 35.3 32 31

Total friction force (N) 16.4 13.9 11.9 10.4 9.4 9.2

of-roundness. To interpret the results in a useful sense, it is assumed
that the current state of a heavy duty diesel engine is the point with
100% of the maximum recommended out-of-roundness and the maxi-
mum tangential force investigated. This tangential force is very close to
the actual tangential force used in the engine. It can then be assumed
that it is of interest not to decrease the ring conformation to the liner and
maintain the amount of oil passing the oil control ring at the same level.
This means that the average minimum separation must be maintained
under 1.5μm. By studying the results in Figure A.8 the tangential force
required for achieving this for the different scaling of the maximum rec-
ommended out-of-roundness can be extracted. By studying the results
for friction force it can be seen how much this reduction of tangential
force could decrease friction. In Table A.2 a compilation of the possible
friction reduction by out-of-roundness reduction is shown.
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A.4 Conclusions

A model that considers the effects of oil control rings against out-of-
round cylinder liners has been developed. The model takes into account
the effects of surface roughness and ring deformation. The model seems
able to capture the expected trends caused by out-of-round cylinder lin-
ers. Friction reduction can be achieved by reducing the tangential force
on the oil control ring. The results have shown that the ring will conform
well to a cylinder liner with lower order out-of-roundness. When the or-
der of out-of-roundness is increased the conformability of the piston ring
decrease, especially at low loads. This means that if the tangential force
on the ring is lowered, then the amplitude of out-of-roundness must also
be lowered in order to achieve an equal degree of confirmation. More
boundary friction will occur locally with larger amplitudes and higher
order out-of-roundness and this probably increase the wear. At the same
time the maximum separation will increase locally, reducing the hydro-
dynamic friction but also the sealing capability.

The model predicts that the friction is 78% (16.4 N against 9.2 N)
higher for the oil control ring at midstroke with today’s standard accept-
able out-of-round bore compared to a perfectly round one. This increase
in friction is a result of the increase in the tangential force required to
achieve a 1.5 μm average separation between the ring and the liner, i.e,
to maintain the assumed wanted conformability of the ring.
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Abstract

A simulation model for predicting performance of a twin land oil con-
trol ring (TLOCR) in a heavy duty diesel engine (HDDE) has been
developed. The simulation model takes into account the tribological in-
terfaces of the TLOCR both against the cylinder liner and the piston
ring groove. It also accounts for the elastic deformation of the ring cross
section as well as the dynamics of the TLOCR. This work describes
the model and discusses the challenges and compromises that had to be
made. Included are also examples of the models capability to quantify
design changes of the TLOCR.
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B.1 Introduction

With today’s striving towards reduction of fuel consumption it becomes
more important to understand how components function in the internal
combustion engine. There is a need for tools that can investigate and
predict the outcome of specific design changes on the components. In
heavy duty diesel engines (HDDE) twin land oil control rings (TLOCR)
are typically used. The TLOCR plays a very important role in the en-
gine since it is supposed to distribute the correct amount of oil on the
liner to lubricate the other rings. It is important that the TLOCR does
not leave too much oil on the liner for the two top rings since it could
lead too high oil consumption. In a HDDE, the piston assembly is the
largest contributor to frictional losses where the piston ring pack ac-
counts for the major part of this. The oil control ring has the largest
contribution to frictional losses in the piston ring pack [7, 9] making it
very interesting when focusing on reduction of fuel consumption. Much
work has previously been made on trying to understand the piston ring
operation. Much of the focus has, however, been on the sealing capa-
bility which is the main function of the piston ring pack and therefore
most of the earlier models are focusing on the top rings. One of the
first models of the TLOCR is the one developed by Ruddy et al. [19]
which includes twist and radial force equilibrium coupled with a hydro-
dynamic model. Later a more extensive model including dynamics and
interaction between TLOCR and the piston ring groove was developed
by Tian and Wong [20]. The model developed by Tian and Wong in-
cluded torsional stiffness of the ring by estimating the torsional stiffness
of the cross section to be the same as for a rectangular ring but with
a scaling parameter for correction of the assumption of a solid rectan-
gular. Tian and Wong concluded that the torsional stiffness of the ring
might be as critical as the ring tension for bore sealing which means
that there is a need of including the elastic deformation of the ring as
accurately as possible. There are many other simulation models consid-
ering piston ring lubrication available in the literature, some examples
are [4, 26, 56, 108, 109]. However, none of the models mentioned earlier
in this section have fully considered the deformation of the ring cross
section coupled with all in this section previously mentioned reaction
forces and effects. The model developed in this paper accounts for the
tribological interface of the TLOCR against the cylinder liner and piston
ring groove as well as the elastic deformation of the ring and the ring
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dynamics within the piston ring groove. The actual ring cross section
is modelled in order to account for the elastic deformation of the ring
cross section and is therefore capable of capturing the relative twist dif-
ference of the two running lands. By solving all of these problems as a
coupled system it is believed that the entire operation of the oil control
ring could be understood in a better way than earlier and open up new
optimisation possibilities for the TLOCR.

There are many types of axial ring land geometries for the TLOCR.
On some TLOCR the geometry of the ring lands are curved, when new,
but as the lands wear the curvature can be reduced and the lands become
more flat. In some engines the ring land is close to perfectly flat. On
the global scale a flat running land would not be able to generate any
hydrodynamic pressure. The twist of the ring and the individual twist
of the ring lands are therefore important to study since it will affect
the hydrodynamic pressure generation between the land and cylinder
liner. By modelling the full ring cross section the model will also take
consideration of the global scale EHL effects which were proven to be
important close to the reversal zone by Dowson [17].

Consideration to lubricant cavitation in the piston ring contact is
also important [94]. The JFO (Jakobsson-Floberg-Olsson) boundary
condition should be fulfilled in order to predict the correct pressure gen-
erated in the oil film and ensure mass conservation. Several methods has
been developed to incorporate cavitation in the Reynolds equation. The
commonly used method developed by Elrod [97] used a switch function
for terminating pressure gradient in the cavitated region with a variable
describing the fractional film content. A similar model with a different
more rigorous derivation of the fractional film content variable was pre-
sented by Vijayaraghavan et al. [98]. A more refined cavitation model
similar to Elrod [97] was developed by Sahlin et al. [87] which included
measured lubricant properties in the fractional film content variable.
In [99], Giacopini et al. formulated a linear complementarity problem
(LCP) for the cavitation problem based on the incompressible Reynolds
equation. Another derivation of the LCP formulated problem was per-
formed by A. Almqvist et al. [77]. Their model extended the previously
developed one in [99] to encompass fluids obeying the constant bulk
modulus model of compressibility. Moreover, the derivation was made
from the expression of the mass flow instead of directly implemented in
the Reynolds equation. The LCP formulation of the problem makes the
solution much more stable around the cavitation boundary but accord-
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ing to Spencer [93] it increases the computational time. Unfortunately,
it is difficult to implement an LCP model coupled with deformation and
dynamics. The LCP problem can be solved separately in an iterative
process with the other physics but this would further increase the com-
putational time.

Another method to deal with cavitation is a density modification
scheme which is similar to the method suggested by Elrod [97]. This
method has been used in tribological simulations before, two examples
are work by T. Almqvist et al. [101] and Isaksson et al. [102]. As the
method in [97], it is assumed that the density of the lubricant is reduced
in the cavitation zone, which is also physically reasonable. In [101]
and [102] the density of the lubricant in the cavitated zone is described
with a polynomial in terms of the lubricant pressure.

In [103], Häggström introduced an extension of the density modi-
fication model. More precisely, in that work it was assumed that the
viscosity of the lubricant reduces at the same rate as the density in
the cavitated region. This turned out to be a very effective way of
modelling cavitation in a multi physics model. The strategy used by
Häggström [103] is therefore used in the model presented in this paper.

B.2 Method

In this paper a model of the TLOCR is developed by taking the following
into account:

• Full engine cycle

• Elastic deformation of the full cross section

• Dynamic motion of the TLOCR within the piston ring groove

• Tribological interfaces considering the surface topography

– TLOCR against cylinder liner with mass conserving cavita-
tion model

– TLOCR against piston ring groove

The model developed in this paper is meant to show ways of over-
coming convergence problems that occur when considering all of this in
the same model.
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B.2.1 Finite element model

A small segment of the TLOCR is modelled in the multiphysics finite
element software COMSOL 4.4 [110]. Since only a segment of the ring
is modelled the ring is assumed to be axisymmetric. Therefore periodic
boundary conditions are used which means that the ring gap is not con-
sidered. The reason for only modelling a small section is that it reduces
the computational time of the model drastically. Also, only a small
section is modelled since the aim of this paper is to present methods
that can be used in order to model the full TLOCR cross section which
consideration to all earlier mentioned physics. The deformation of the
ring segment is assumed to be linear elastically deformed and the ma-
terial of the TLOCR is assumed to be isotropic. The dynamic motion
of the TLOCR inside the ring groove is considered by employing New-
ton’s second law: F = m ·a together with moment and force equilibrium
equations in the model. The ring segment is constrained so that it is
free to move and tilt within the piston ring groove only restricted by the
cylinder liner and piston ring groove interfaces. The model is fully cou-
pled meaning that all equations are solved simultaneously. The solution
is found by using a solver based on non-linear damped Newton method
implemented in the finite element software Comsol. A schematic view
of the ring cross section used in this study and the external forces from
the different interfaces acting on it can be seen in Figure B.1.

B.2.2 Boundary conditions

In this study the ring lands are assumed to always be fully flooded with
oil. The pressure on the ring land boundaries in the axial direction
are assumed to be atmospheric. The viscosity η0 is modelled with the
Vogel equation, the oil parameters used are for a 10W30 oil typically
used in HDDE. The temperature of the liner is assumed to be 150◦C at
top dead centre (TDC), 95◦C at mid-stroke and 115◦C at bottom dead
centre (BDC), the temperature distribution in the liner axial direction
is interpolated through these points with a piecewise cubic spline. The
temperature data was provided by Scania. The normal force acting on
the backside of the piston ring Rt is the representation of the spring that
is mounted on the backside of the ring in the real engine.
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U Rt

Fh+Fc

Fh+Fc

Ph+Pc

Ph+Pc

Ps

Figure B.1: Schematic view of the twin land oil control ring and the external
forces acting on it. Fh and Fc are hydrodynamic friction and contact friction
respectively, Ph and Pc are hydrodynamic pressure and contact pressure
respectively, Rt is normal force acting on the piston ring, Ps is force from
the ring groove and U is the piston velocity.
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B.2.3 TLOCR against cylinder liner interface

In the tribological interface between TLOCR and cylinder liner both
the hydrodynamic pressure and the contact pressure are considered.
The hydrodynamic pressure is calculated with the well known Reynolds
equation. To account for surface roughness in the interface between the
TLOCR and cylinder liner, the Luleå Mixed Lubrication Model (LMLM)
is implemented. The LMLM is described in detail by Sahlin et al. [89].
The LMLM calculates correction factors, a11, b12, d11 and c11 as a re-
sult from the application of a homogenization method to the Reynolds
equation. This is done in order to correctly solve for the fluid flow on a
rough surface without adding the complex local scale roughness directly
in the global model. The correction factors output from the LMLM
are film thickness dependent variables. Surface roughness is considered
in the hydrodynamic solution by substituting the film thickness in the
classic Reynolds equation with the correction factors. The LMLM also
includes a contact mechanics part which is based on a Boussinesq-type
elasto-plastic contact mechanic model, the reader is again referred to
Sahlin et al. [89]. The advantage of this contact model compared to
others is that it uses the actual measured surface topography for the
calculation and not statistical parameters deduced from the measure-
ment. The contact mechanics model output is a contact stiffness curve
that describes the relation between average contact pressure and average
separation for the measured surface topography. The contact stiffness
curve corresponding to the measured cylinder liner topography used in
this work can be seen in Figure B.2.

The surface used for calculation of the correction factors and contact
stiffness curve is a typical HDDE plateau honed cylinder liner surface.
The time dependent homogenized Reynolds equation in 1D with the
correction factors implemented can be written as [89]:

∂

∂x

(

a11ρ

12η

∂p

∂x

)

=
U

2

∂ρb12

∂x
+

∂ρh

∂t
, (B.1)

where ρ is the density, η is the dynamic viscosity p is the pressure, U is
the piston speed, h is the film thickness and a11 and b12 are the earlier
mentioned correction factors. This equation is used in the interface
between the TLOCR lands and the cylinder liner.
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Figure B.2: Mean asperity contact pressure as a function of average sepa-
ration.

B.2.4 Cavitation

Since the ring land contact against the cylinder liner typically include
both a converging and diverging gap there is a need for treatment of
cavitation in the model to find the correct hydrodynamic pressure. The
cavitation model is based on the assumption that when the solution for
lubricant pressure becomes negative the density and viscosity will be
reduced and therefore the negative pressure will be avoided. This is a
good way to deal with cavitation since this somewhat physically correct
assumption means that the model will be mass conserving and fulfil the
JFO rupture and reformation boundary conditions. To apply this to the
model a scaling polynomial for density and viscosity is formulated as:

f(p) =















1 p > 0

3
(

p+β
β

)2

− 2
(

p+β
β

)3

0 p ≤ −β

−β < p ≤ 0 (B.2)
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where β is the factor for the transition zone of the scaling parameter
which is then implemented as:

ρ = (f(p) + α) ·
ρ0

1 + α
(B.3)

η = (f(p) + α) ·
η0

1 + α
(B.4)

The parameter α is arbitrarily set to 0.01 to avoid zero density and
viscosity which improve convergence of the model. As long as α is kept
well below unity it has a negligible effect on the result. This is the same
cavitation model as the one used by Häggström [103].

B.2.5 TLOCR against piston ring groove

The axial force on the piston ring Ps consists of two components, the
mechanical contact between the piston ring groove and piston ring and
the hydrodynamic pressure, caused by piston ring movement within the
groove. The roughness of this interface was not measured and the con-
tact stiffness curve for this particular interface was calculated on an
upside down cylinder liner surface. The reason for this was to obtain a
contact which is less stiff than the contact against the cylinder liner since
this facilitates convergence of the model. The contact becomes less stiff
since the honing groove bottom will then act as the top of the surface.
The honing grooves cover only a small part of the total surface area and
will come in contact with the counter surface first when turned upside
down. The piston ring groove height is specified to be 100 μm larger
than the piston ring, meaning that the piston ring will be free to move
inside the groove, only restricted in axial direction by the ring groove
contact. The axial gap between the piston and piston ring is assumed
to be filled with oil, schematically showed in Figure B.3, by solving the
Reynolds equation for the squeeze in this interface the viscous damping
in the contact is accounted for. The mass conserving cavitation model is
not employed here since the flow through this contact is not investigated
in this study. The radial velocity is not considered in the axial gap since
it very small and has a negligible effect on the solution and therefore the
Reynolds equation for this interface can be written as:

∂

∂y

(

ρh3

12η

∂p

∂y

)

=
(∂ρh)

∂t
, (B.5)
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Figure B.3: Schematic view of the TLOCR in the piston ring groove.

The negative pressures encountered when the ring is moving away
from the groove are neglected and only the pressures from compression of
the oil are considered. This damping is required to achieve a converged
solution of the model close to reversal zone. Including the viscous damp-
ing in the axial contact between the piston ring and the piston groove
also makes the model more physically correct. The assumption that the
gap is fully filled is assumed to be correct for the reversal of the ring at
BDC, since the oil control ring in a HDDE is typically supplied with a
constant oil spray from the crank case. At TDC the assumption might
not be completely valid but it is believed that there is a substantial
amount of oil in the contact to make the assumption reasonable.

B.2.6 Friction

The contact friction is calculated with:

Fc = g(U) · µb

ˆ

Ω

PcdA, (B.6)

where µb is the boundary coefficient of friction set to 0.1 in this study
and Pc the contact pressure. The domain of integration, Ω represents an
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element and A is the area of this element. The hydrodynamic friction
component is calculated with:

Fh =

ˆ

Ω

(

h

2
− d11

)

∂p

∂x
+ ηU

(

1

h
+ 6c11

)

dA, (B.7)

where d11 and c11 are the friction correction factors calculated with the
LMLM which are described in [70].

B.2.7 Scaling of boundary friction

Since the ring is free to move axially in the ring groove the reversal
zone makes it difficult to find convergence for the load balance. If the
half Sommerfeld assumption is applied instead of the Häggström model,
the complexity of the model is still low enough to achieve a converged
load balance. But in order to include the more physically correct JFO
boundary condition a relaxation of the friction force around the reversal
zone turned out to be necessary. More precisely it was found that by
introducing a scaling of the boundary friction force close to the reversal
zone, convergence could be achieved with the JFO rupture and reforma-
tion boundary conditions. A similar technique is used in the EXCITE
Power unit software developed by AVL [104]. In the present model a
parameter ulim is introduced to specify in which piston speed interval
the boundary friction component should be scaled. In terms of the ulim

parameter the scaling function for the boundary friction is formulated
as:

g(U) =

{

1
U

ulim

|U | > ulim

|U | 6 ulim

(B.8)

B.3 Results and discussion

The general parameters of the engine simulated in this study are; stroke
length: 160 mm, bore diameter: 130 mm and con rod length: 255 mm.

B.3.1 Evaluation of cavitation model parameter effect

As a validation of the cavitation model used, it is compared to the LCP
formulated model by Giacopini [99]. Figure B.4 shows the hydrodynamic
pressure for a double parabolic slider, enabling comparison between the
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Figure B.4: Comparison of the pressure solutions obtained with the LCP
formulated model and the Häggström model, for a double parabolic slider
bearing.

two methods for treatment of cavitation. The sliding velocity was set to
10 m/s, the dynamic viscosity was set to 0.01 Pa·s and the β parameter
was set to 2 · 105. It can be seen that the Häggström model gives the
same solution as the LCP model in the region where no cavitation occurs.
The Häggström model allows for small negative pressure to occur in the
cavitated zone but it still fulfils mass continuity and captures the second
pressure increase as well. If these negative pressures are discarded in the
load balance it will provide good accuracy for the hydrodynamics of the
model. It should be noted that if the β-parameter is set to a lower value
there will be less negative pressure allowed for in the solution but it will
cause more difficulties in the convergence of the model. The parameter β
used in the cavitation model must be chosen carefully since it will have an
effect on the hydrodynamic pressure generation. A parameter study for
different β and different curvature on the ring land is performed for two
stationary conditions, one close to mid-stroke and one close to reversal
zone. The ring land curvature has a parabolic shape and is defined
with the height difference over the land width called land opening as
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Figure B.5: Definition of parameter land opening defining the ring land
curvature.

shown in Figure B.5. The reason for not including zero land opening
in this parameter study is that a perfectly flat land would not contain
a converging and a significant diverging gap at the same land, other
than the deflection caused by deformation. Therefore at one land there
can be close to only cavitation or close to no cavitation on the entire
land. The global deformation is small in comparison to ring twist and
therefore it is not affecting the gap significantly. The results from this
parameter study can be seen in Figure B.6. The error in load carried by
the ring refers to the load carried for the lowest value of the β parameter.
By studying the results it can be observed that a large value of the β
parameter has a larger impact on the load carried for the lowest value
of the land opening parameter and for the condition close to reversal
zone. The total load carried is lower for those parameter values and
therefore it will have a larger impact on the relative error. It would of
course be most correct to choose a very low value for the β parameter
thus ensuring that the Reynolds boundary condition is not violated.
However, choosing it too low will cause problems with convergence since
the Couette term contains ∂ρ

∂x
which can get very large if the transition

zone in f(p) is too small. Therefore a trade-off in hydrodynamic pressure
generation accuracy and convergence stability has to be made. Some
negative pressures will always be present in the solution but by ignoring
them in the load applied to the ring it is possible to get a load accurate
enough and still manage convergence.
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Figure B.6: Difference in load carrying capacity for different ring land profiles
as a function of the β parameter.
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B.3.2 Evaluation of effect from scaling the boundary fric-

tion

Investigations of how to select the ulim parameter and it’s impact on
the result was also performed. In order to vary this parameter the den-
sity and viscosity modification was switched off and the half Sommerfeld
boundary conditions was applied, making it possible to solve the case
without any scaling of the boundary friction. This means that mass con-
servation is not fulfilled but it should still be good enough for evaluation
of the effect from varying the parameter. ulim was varied from 0 to 0.5
m/s with increments of 0.1. A full engine revolution was simulated with
an engine speed of 1200 rpm and the land opening parameter set to 1.2
μm. When studying the total friction on both lands it was found that
the effect on hydrodynamic friction result is negligible by these values
of the ulim parameter. The boundary friction is neither affected by the
ulim other than the scaling effect itself around the reversal zone. If the
scaling function g(U) is excluded in a post processing calculation of the
boundary friction the result is negligibly affected by the ulim parameter.
There must however be an effect on the ring dynamics around reversal
zone since the forces acting on it are modified. To investigate this the
lands are studied individually. For illustration of the effect of the ulim

parameter the minimum oil film thickness (MOFT) for both running
lands are shown in Figure B.7. It can be seen that there is a bump after
the reversal of the ring for all tested values. Similar results have been
reported for three piece oil control rings in [109], where it was concluded
that the ring will have this behaviour due to the dynamics around re-
versal zone for low engine speeds around 1000 RPM. The major part
of the stroke is not affected by the boundary friction scaling. Typically
for engine development, friction and oil left on the liner is what is most
interesting to optimise the TLOCR for and if this is significantly unaf-
fected as these results show the method is acceptable. The bump in the
MOFT results can be studied further, Figure B.7 also shows results close
to reversal zones both at BDC and TDC. It can be noticed that there
is a big spike for the case where ulim = 0 this is because of the sudden
change in force direction at reversal. This spike is not seen for the cases
where the boundary friction is scaled. The spike is not something that
would occur in an actual engine during operation. The reversal of the
ring is slower than the reversal of the piston since the piston ring can
move axially in the groove. In the real application the ring is forced
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to move by interaction with the piston. In most models like this one,
the ring is simulated to be forced by the liner interaction. Therefore
the force would change direction instantaneously without this scaling
which is a bad representation of the engines real operating conditions.
It is therefore assumed that a value for ulim > 0 is a better physical
representation of real engine conditions than ulim = 0. A schematic
step by step image with numbered boxes for the reversal zone can be
seen in Figure B.8, the twist is exaggerated to clarify the motion. The
film thickness drastically changes around the reversal point, the twist
of the ring forced by the moment caused by the friction force and the
axial force from the piston ring groove changes direction and the ring is
twisted in the other direction (box 1-2 in Figure B.8). Since the scaling
of the boundary friction makes the force direction switch occur over a
larger interval the twist change will start earlier and end later. The
bump occurring after the reversal of the ring is caused by the sudden
moment change on the piston ring. It is not damped enough due to the
low viscosity of the oil in this region, approximately 0.0067 Pa·s at BDC
and 0.0036 Pa·s at TDC. The ring is over twisted a small amount (box
3 in Figure B.8) before it sets against the liner (box 4 in Figure B.8). It
can be noticed that the bump in the film thickness which is positive for
the land that becomes trailing has almost the exact same shape in nega-
tive direction for the land that becomes leading after the reversal. This
suggests that this is mainly due to twist of the entire ring. The internal
elastic deformation of the ring is very small for this set up. The value on
the ulim parameter effects this bounce of the piston ring and this needs
to be taken into consideration when studying the reversal zone in detail.
However when studying effects on friction loss and oil left on the liner
for the entire cycle this will have a insignificant effect on the results. It
might be possible for some special case that the ring bounce will cause a
large amount of oil left behind the ring at TDC reversal zone. Another
numerical experiment was set up with the same parameters except for
the viscosity of the lubricant, which was increased and kept constant at
0.03 Pa·s throughout the stroke. The results for MOFT around TDC
with the high viscosity are shown in Figure B.9. The bump is signifi-
cantly reduced and therefore shows that a higher viscosity will reduce
the dynamic twist motion of the ring. Reduction of viscosity in a typi-
cal HDDE could lead to reduction of friction, and also increase the risk
of asperity contact. This study also shows that the risk of ring flutter
increases at reversal zones if viscosity is reduced.
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Figure B.7: Minimum oil film thickness as function of crank angle degree for
upper land (solid lines) and lower land (dashed lines) with different values
on the ulim parameter.
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Figure B.8: Schematic step by step view of ring twist close to reversal zone
with highly exaggerated twist and deformation amplitude for clarification
purposes.
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Figure B.9: Minimum oil film thickness for upper land (solid lines) and lower
land (dashed lines) close to TDC for the high viscosity test with different
values on the ulim parameter.

B.3.3 Friction prediction of model

To demonstrate the friction prediction of the model simulations was
performed with the land opening parameter set to 1.2μm, the ulim pa-
rameter set to 0.4, the β parameter set to 2·105 and an engine speed of
1200 RPM. These exact values were used for the β and ulim parameter
since it were found that they provided enough accuracy without compro-
mising convergence stability. The results for friction force and frictional
mean effective pressure (FMEP) with these parameters can be seen in
Figure B.11 and B.10. These figures show the friction components which
are calculated with the assumption that the result for the small section
is valid around the full circumference of the TLOCR. The FMEP results
are similar to those presented by Spencer [93] which indicates that the
friction output of the model is reasonable.

B.4 Conclusions

A model for describing the TLOCR in a HDDE has been developed.
The model considers elastic deformation of the ring cross section and
dynamic motion of the ring inside the piston ring groove. It also con-
tains a mixed lubrication model for both the axial contact against the
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piston ring groove and the radial contact against the cylinder liner. A
mass conserving cavitation model in the piston ring to cylinder liner in-
terface is implemented. The compromise that has to be made between
load carrying accuracy and convergence of the model are showed and
discussed. To achieve convergence close to reversal zone a relaxation of
the boundary friction force applied to the ring was implemented. The
effect of this relaxation method on the result are showed and discussed.
The relaxation of the force showed no effect on friction or film thick-
ness result for the major part of the stroke. But it has an effect on the
dynamics around reversal zone since the forces applied to the ring is
altered. This effect is discussed in the paper and it can be concluded
that one must be careful with this scaling when studying the motion of
the ring around reversal zone. However the motion pattern for the twist
of the ring is still captured by the model but the amplitudes and exact
location on the stroke will be slightly affected.

Acknowledgement

The author would like to thank Scania, AB Volvo, Energimyndigheten,
and the Energy Efficient Vehicle programme for funding this work.





Paper C

Component test for

simulation of piston

ring-Cylinder liner friction

at realistic speeds

131





133

Tribology International vol. 104, pp. 57-63, 2016.

Component test for simulation of piston ring-Cylinder

liner friction at realistic speeds

M. Söderfjäll, A. Almqvist and R. Larsson

Luleå University of Technology, Division of Machine Elements,

Luleå, SE-971 87 Sweden

Abstract

The piston ring cylinder liner contact is a large contributor to mechanical
friction losses in internal combustion engines. It is therefore important
to have methods and tools available for investigations of these frictional
losses. This paper describes the design of a novel component test rig
which is developed to be run at high speeds with unmodified production
piston rings and cylinder liners from heavy duty diesel engines. A sim-
plified floating liner method is used and the test equipment is developed
to fill the gap in between a full floating liner engine and typical compo-
nent bench test equipment. The functionality and repeatability of the
test are investigated and an unexpected behaviour of the twin land oil
control ring is found.
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C.1 Introduction

Fuel consumption is of high priority for today’s engine manufacturer.
The frictional losses in a Heavy Duty Diesel Engine (HDDE) are re-
sponsible for between two and five percent of the fuel consumption in
normal driving cycles. For these frictional losses, the piston and piston
rings are responsible for approximately half [7]. Therefore it is of great
importance to have tools available for evaluation of friction in the inter-
face between piston ring and cylinder liner. In this paper such a tool,
a new test rig, is described. The test rig can be used for investigation
of effects from different components and running conditions but also
for validation of numerical simulation models. In [94], Priest suggested
that future progress in simulation of the piston ring contact, specifically
with consideration to the complex modelling of the cavitation problem,
must be based on combined theoretical and experimental approaches.
Many different component test rigs has been previously developed and
used [50–57]. These types of test rigs usually operate at low speeds
which is not optimal for evaluation of friction benefits that can affect
fuel consumption. Low speed test rigs are best used for investigating
operation close to reversal zones. Examples of this are [111, 112] where
different low speed reciprocating rigs were used to simulate wear and
scuffing behaviour of piston rings at TDC. According to the author’s
knowledge, today’s fastest operating component test rig is the one de-
veloped by Akalin and Newaz [54] which has a stroke of 84 mm and
maximum rotational speed of 750 RPM. These component test rigs uses
sections of cylinder liners and piston rings, this makes the changing of
components very fast and also makes it convenient to vary the load from
the piston ring on the cylinder liner. However there are a few drawbacks
with these types of set-ups. The alignment between the mating compo-
nents is crucial and time consuming. Also the loading of the piston ring
against the cylinder liner will differ from the real engine and the real
ring gap effect will not be represented. There are, however many test
rigs that can be used to investigate the friction of the complete piston
rings. Among these we find the so called floating liner engines, often in
a single cylinder configuration. Some example of studies where floating
liner test rigs has been used are [10, 58–65]. These test rigs represents
the engine very well and advanced systems for measuring oil film thick-
ness and piston ring dynamics in realistic conditions can be added such
as in the work by Kirner et al. [113]. However the full scale engines re-
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sults in rather expensive testing and investigating a variety of different
components can be much more time consuming than in a component
test rigs. According to Furuhama et al. [58] the main challenges of the
floating liner is the to prevent the gas pressure from leaking out from
the combustion chamber. Another difficulty with the floating liner en-
gine is that the gas pressure and dynamic forces will disturb the friction
measurement to some extent. The component test rig described in this
paper is developed as something in between the commonly used cylinder
liner segment type component test rigs and the floating liner test rig.
This gives the possibility to quickly investigate friction between different
sets of piston rings and cylinder liners with standard HDDE components
at engine like operating conditions.

C.2 Design of the test rig

This section describes the fundamental design of the test rig and shows
the implemented features. The test rig is designed with the requirement
to operate with piston speeds close to those of a typical HDDE, also
standard production parts should be mounted without extensive modi-
fication or machining. A picture of and a schematic view of the entire
test rig can be seen in Figure C.1 and C.2 respectively.

C.2.1 Base crank device

The high speed required will generate large dynamic forces compared to
the relatively small friction forces that are measured and therefore it is
important to have as little vibrations as possible. The test rig uses an
inline six cylinder engine as a crank device due to the low vibrations of
such. In theory, an inline six perfectly balances the first two orders of
vibrations which is approximately 98% of the vibrations for most engine
designs. The engine selected to act as the base for the test rig is a Volvo
B6304 [114]. This engine has a bore of 83 mm, a stroke of 90 mm and an
effective con rod length of 139.5 mm. The cylinder head was removed
from the engine block and the oil supply that would lubricate the cam
mechanism was closed since the rig should be rotated with an electric
motor instead of combustion. A shaft with a flange was machined and
bolted to the engine crankshaft together with the flywheel.

The crank shaft assembly was dynamically balanced to an unbal-
ance of 0.13 g at 1300 RPM. The engine block was then connected via
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Figure C.1: The test rig.

Figure C.2: Schematic view of the test rig.
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Figure C.3: Coupling of crank device to electric motor.

the shaft to an electric motor with a rubber tire coupling in order to
transmit as little as possible from potential misalignment of the shafts.
See Figure C.3 for visualisation of the connection of electric motor to
crankshaft. An angular position sensor was mounted on the crankshaft
for sampling of the crankshaft angle during testing. Lubrication of the
crank device is done with the integrated standard oil pump of the en-
gine. The engine block will not be heated other than from the internal
frictional heating, which means that the oil will be close to room tem-
perature during the test. Because of this a special lubricant was used in
the crank device. This oil was a fully additivated special low viscosity
lubricant. At room temperature the special oil has the same viscosity
as the engine’s standard motor oil at normal operating temperature.

C.2.2 HDDE piston ring holder

In order to perform measurements on the HDDE piston rings a steel
rod was mounted on the crank device piston closest to the electric mo-
tor. On this rod a piston ring holder machined from a HDDE piston
was mounted. In order to keep the balance of the engine, extra weight
was added to the other pistons equivalent to the weight of the entire
piston ring holder assembly with all the piston rings. A thin layer of
polyurethane was cast into the top of each of the six pistons to spread
the load of the mounting bolts and holes were drilled through the piston
top. The rod and the balancing weights were then bolted from inside of
the pistons with special washers against the load spreading polyurethane
cast it the pistons. Figure C.4 shows the crank device pistons with the
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Figure C.4: Crank device pistons with piston ring holder and balancing
weights mounted.

entire ring holder assembly and balancing weights mounted.

Since the test rig is supposed to only measure friction in the piston
ring - cylinder liner contact a linear guide was machined for the rod
connecting the crank device piston with the piston ring holder to keep
the ring holder from contacting the liner. The linear guide was made
from PTFE filled with 25 volume % carbon fibre with a fibre diameter
and length of 10 µm and 150 µm respectively. The linear guide with
holder mounted on the crank device can be seen in Figure C.5.

C.2.3 Cylinder liner assembly

The cylinder liner is mounted upside down in the test rig by clamp-
ing the upper part of the liner between two steel discs. The cylinder
liner assembly was mounted on three piezo electric load cells which were
mounted on a steel plate. The steel plate which can be moved to centre
the cylinder liner against the piston ring holder is then mounted on a
foundation built around the crank device. The cylinder liner assembly
is only supported by the load cells thus mimicking the floating liner
method of measuring friction.

The HDDE piston rings and cylinder liner are lubricated by an oil
spray from underneath of the piston ring holder in order to mimic the
lubrication of the piston rings in a real engine. The lubrication system
for the HDDE piston rings and cylinder liner is completely separated
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Figure C.5: Linear guide with holder mounted on the crank device.
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Table C.1: Components in measuring system.

Component Type

Thermocouples Type K

Load cells PCB 208C02

Signal conditioner PCB 442B104

Angular position sensor Fritz Kübler 8.58

Controller NI cRIO-9068

from the lubrication of the crank device. It consists of a heated oil tank
with a pump that distributes oil to the test cylinder which are then lead
back to the heated oil tank. The temperature of the oil is regulated
by measuring the temperature of the oil close to the exit inside of the
spraying nozzle.

The cylinder liner is heated by two ceramic heating elements clamped
around the circumference. In total, nine thermocouples are fitted on the
outside perimeter of the cylinder liner on three different locations, top-
, mid- and bottom- part of the stroke, three on each stroke location
evenly distributed around the circumference. The average temperature
around the circumference at the top- and bottom- part of the stroke is
then used for regulation of the heating elements. The thermocouples
on the mid- part of the stroke is only used for measurement of the
temperature. A cylinder liner assembly mounted on the foundation with
heating elements and thermocouples mounted can be seen in Figure C.6.

C.2.4 Measuring system

Table C.1 shows a specification of the components used in the measuring
system. The software for temperature control and sampling of data was
written in LabView.

C.3 Experimental parameters

In order to test the the capability of the test rig a number of different
experiments were performed. In a typical HDDE three piston rings are
mounted on each piston, two compression rings at the top and one twin
land oil control ring (TLOCR) at the bottom. In one of the test of
the test rig capability the amount of piston rings was varied. Tests
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Figure C.6: Cylinder liner with heating elements and thermocouples
mounted.
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were performed with three different configurations; both compression
rings, only the twin land oil control ring and all of the piston rings
mounted. All these tests were performed with the same cylinder liner
and piston rings. The test was run at 1200 RPM with the temperature
set to 80oC for both the cylinder liner and the oil spray. All three ring
configurations was performed with two different assemblies where the
entire cylinder liner assembly and piston ring holder was disassembled
and then reassembled in between the tests in order to find the accuracy
and repeatability of the test. Hereafter the two different assemblies are
referred to as Assembly 1 and Assembly 2. In some of the tests performed
at Assembly 1, only the piston ring holder was disassembled and then
reassembled without removing the cylinder liner from the rig. These
different set-ups are referred to with an additional index as Assembly
1.i, where i describes how many times the piston ring holder has been
reassembled.

A test where the speed was varied from 300 RPM to 1500 RPM with
300 RPM increments was also performed. In this test all three piston
rings were mounted on the ring holder. Before running the tests showed
in this work, run-in of the components was performed at low speed, 300
RPM, until the friction converged to a constant level.

C.4 Results and discussion

This section shows the results from the measurements. In all test results
shown in this section, the initial part of the sampled data is discarded.
This is because the friction stabilises some time after starting the test
and comparison between different tests are better made with results from
when the friction has stabilised. When filtered data are shown the data
is processed with the moving average method which is the same method
as used by Kikuchi et al. [59].

C.4.1 1200 RPM

Figure C.7 shows the crank angle resolved friction force for Assembly 1
and 2 for the two top rings, both sampled raw data and filtered data
are showed. The friction force in the figures are the mean force at each
location of the stroke for the test. As can be seen in the figure the
repeatability is very good in-between the assemblies, especially around
the mid-stroke region.
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Figure C.7: Friction force as a function of crank angle degree for both
assemblies with the two top rings mounted on the piston ring holder.
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For the test with only TLOCR two different friction levels was ob-
served. Because of this several tests were performed with different set-
ups at Assembly 1 with reassembly of only the piston ring holder. Figure
C.8 shows the average friction power at each stroke as a function of test
duration for four different set-ups at Assembly 1 and one at Assembly
2. The two different levels of friction for the TLOCR are very distinct
and in Assembly 1.2 both levels were observed in the same test. The
reason for the different friction levels is believed to be caused by the
spring which is forcing the ring against the cylinder liner. The spring
can get stuck at one or several of the lubrication holes or ring gap of
the TLOCR and therefore not distribute the load evenly around the cir-
cumference. Since the friction increased during the test for Assembly
1.2 it seems reasonable to assume that the spring was initially stuck in
the TLOCR and then broke free resulting in a more evenly distributed
load. If the load is not evenly distributed it could potentially cause the
friction to be high at some sections of the ring contact and very low
in other sections resulting in a total reduction of friction. With this
assumption the low level friction condition would also let more oil pass
the TLOCR since it must have a greater mean separation around the
circumference compared to the high friction level. Figure C.9 shows the
crank angle resolved mean friction force for the TLOCR tests. It can
be seen that the friction around midstroke is lower and friction around
bottom reversal zone (180oCrank angle) are higher for the low friction
level test which would strengthen the theory of the load being unevenly
spread around the circumference.

The crank angle resolved mean friction force result for the test with
all of the rings mounted on the ring holder are showed in Figure C.10.
These results are of course affected by the different friction levels of
the TLOCR. Also here the piston ring holder was disassembled and
reassembled in-between Assembly 1 and Assembly 1.1. It can be noticed
that the result for Assembly 1.1 and Assembly 2 are very similar to each
other while the result from Assembly 1 shows higher frictional losses.
This is believed to be an effect from the different friction levels found
for the TLOCR.

In order to compare the difference in friction power from the different
ring set-ups, all of the earlier showed results are compiled into Figure
C.11. This figure shows the mean value for the average friction power
at each stroke as a function of test duration. The mean values for the
friction power results showed in this section can be seen in Table C.2.
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Figure C.8: Friction power as a function of test duration for tests with only
TLOCR mounted on the piston ring holder.

From the results it can be noted that the repeatability is superb for the
tests with the two top rings, less than 0.3 % difference in friction power
between the two assemblies. If one consider only the difference at the
same level of friction the repeatability is acceptable for the tests with
only TLOCR and all of the rings mounted as well. For the TLOCR high
level friction power Assembly 2 showed the lowest friction and Assembly
1.3 the highest, the difference between those tests was approximately 1.2
%. When comparing the difference for the results with all of the rings at
the same level (low) the difference was approximately 0.6 %. This is in
between the difference for the configuration with two top rings and only
TLOCR which would be the expected result. This indicates that the
repeatability of this test method is good. However when the TLOCR is
mounted the test is less repeatable than with the two top rings but still
within a reasonable range for future investigations. Another interesting
result is that when adding the highest friction power measured for the
TLOCR to the friction power for the two top rings the sum, 106.7 W
is still far from the lowest friction power measured with all of the rings
mounted at the same time, 112.7 W. Because the friction with all of the
rings mounted is higher than the sum of adding the two components,
it is indicated that the TLOCR significantly affect the amount of oil
available for the two top rings.
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Figure C.9: Friction force as a function of crank angle degree with only
TLOCR mounted on the piston ring holder.
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Figure C.10: Friction force as a function of crank angle degree with all of
the rings mounted on the piston ring holder.



148 Paper C. Component test

Test duration (s)
0 500 1000 1500 2000

F
ric

tio
n 

po
w

er
 (

W
)

40

50

60

70

80

90

100

110

120

130

All rings

TLOCR

Two top rings

Figure C.11: Average friction power for each stroke as a function of test
duration for all of the results shown in subsection C.4.1.

When studying the results even further it can be noticed that the
difference between the two levels of friction is greater for the tests with
all of the rings compared to the test with only TLOCR. This furthermore
strengthen the assumption that the spring of the TLOCR is distributing
the load unevenly around the circumference during the low friction level
tests. Thus more oil is able to pass the TLOCR in the low friction
level tests. This results in reduced friction also for the two top rings
in the test with all rings. The difference in the friction levels for the
different ring set-ups is also another indication that the two top rings
are significantly affected by the oil left from the TLOCR. Which again
implies that the two top rings operate in starved lubrication conditions
in these tests. This would also indicate that when performing numerical
simulations of piston ring friction an oil availability model is necessary
for the two top rings.

C.4.2 Varied speed

The sampled and filtered friction force as a function of crank angle with
all of the rings mounted on the piston ring holder for different speeds can
be seen in Figure C.12. As expected the friction force at mid stroke in-
creases and decreases close to the reversal zone which indicates that more
hydrodynamic lubrication and less boundary lubrication takes place with
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Table C.2: Mean friction power for all of the tests showed in subsection
C.4.1.

Set-up Mean friction power (W) Level

Two top rings Assembly 1 40.8 -

Two top rings Assembly 2 40.7 -

TLOCR Assembly 1 65.4 High

TLOCR Assembly 1.1 59.9 Low

TLOCR Assembly 1.2 62.4 Low and High

TLOCR Assembly 1.3 65.9 High

TLOCR Assembly 2 65.1 High

All rings Assembly 1 126.1 High

All rings Assembly 1.1 115.8 Low

All rings Assembly 2 115.3 Low

increased speed.

C.5 Conclusions

A novel component test rig has been developed, the test rig can operate
at high speeds close to actual engine running conditions. Repeatability
of the test rig has been investigated and good capability for this was
showed. The deviation in friction result from removing and remounting
the cylinder liner was showed to be 0.3 % when running the two top
rings, 0.6 % when running all three rings and 1.3 % when running only
the oil control ring. It was found that the oil control ring is significantly
affected by the contact with the spring loading it against the cylinder
liner. If the spring sticks in the back of the ring, friction of the oil control
ring and oil left for the two top rings are affected. Because the oil left
for the two top rings is affected, the friction of the two top rings is also
affected by the spring sticking in the back of the oil control ring. The
results from the different ring configuration tests furthermore showed
that the oil control ring significantly affects the running condition of the
two top rings. Because of these results it can be concluded that an oil
availability model is necessary when the two top rings are studied by
the means of numerical simulations.
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Figure C.12: Friction force as a function of crank angle with all of the rings
mounted on the piston ring holder



C.5. Conclusions 151

Acknowledgement

The authors would like to thank Scania, AB Volvo and Energimyn-
digheten and the Energy Efficient Vehicle programme for founding this
work. The authors would also like to thank Statoil Fuel & Retail Swe-
den AB for providing lubricant for the crank device and Key Laboratory
of Materials-oriented Chemical Engineering at Nanjing Tech University,
China for providing the material for the linear bearing. Finally the
authors would like to thank The Swedish research council.





Paper D

Texture induced effects

causing reduction of

friction in mixed

lubrication for twin land oil

control rings

153





155

Accepted for publication in: Proceedings of the Institution of

Mechanical Engineers, Part J: Journal of Engineering Tribology

Texture induced effects causing reduction of friction in

mixed lubrication for twin land oil control rings

M. Söderfjäll, R. Larsson and A. Almqvist

Luleå University of Technology, Division of Machine Elements,

Luleå, SE-971 87 Sweden

Abstract

The piston rings are responsible for a major part of the frictional losses
in a heavy duty diesel engine. Applying texture such as dimples on the
cylinder liner surface could reduce these losses. This paper investigates
the effect on friction between a land of the oil control ring and a tex-
tured cylinder liner by the means of numerical simulation. A simulation
model considering inertia and mixed lubrication together with a mass
conserving cavitation model is developed. The model is used to find the
dimple parameters which result in the lowest friction for a specific heavy
duty diesel engine oil control ring.
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D.1 Introduction

Reduced fuel consumption is of high priority in the automotive industry
today. Mechanical friction is a large contributor to fuel consumption in a
heavy duty diesel engine (HDDE). The piston and piston ring pack is re-
sponsible for about half of these frictional losses [7]. The largest amount
of frictional losses from a single component is the twin land oil control
ring (TLOCR) [7,9]. The TLOCR is a two piece piston ring where one
piece is the spring, situated on the backside of the ring, forcing it against
the cylinder liner. The other piece is the ring itself which has two lands
that are in contact with the cylinder liner. In order to investigate the
potential for friction reduction, this study is focusing on contact between
a single land of the TLOCR and cylinder liner. Applying surface texture
on the cylinder liner surface could reduce these losses. The textures in
this investigation are of dimple type. Yu et al. [40] stated that micro
hydrodynamic effects are the most dominant load carrying effect from
surface texture at low loads and high speeds. This is the conditions that
a TLOCR typically operates in especially around mid-stroke where also
the frictional power losses are the greatest. The TLOCR land which is
in contact with the cylinder liner surface is in many cases almost parallel
to the cylinder liner surface with a tiny wedge, this gives good possibil-
ity for increasing the hydrodynamic lift by surface texture. The more
parallel the contacting surfaces are the more hydrodynamic lift can be
generated by implementing surface texture [42]. If the wanted outcome
from a textured surface is lower friction, the aim should be either to
increase the average film thickness between the ring and liner which re-
duce shearing of the oil and amount of mixed lubrication or reduction
of viscous shear by the cavitation taking place in the diverging part of
the dimple. This could be done by designing the dimples to affect the
system in two different ways. One way to achieve this is to increase the
generation of hydrodynamic lift by having low depth texture which in
some cases can act as micro bearings on the surface and thus increase
the film thickness. Another way of achieving this is to have deep tex-
ture without lifting force that decreases the separation between plateau
of cylinder liner surface and piston ring but increases the average global
film thickness due to the deep valleys. The texture with low depth that
contributes to the hydrodynamic pressure build up could also improve
the system ability to go from boundary lubrication into mixed and hy-
drodynamic closer to the reversal zones. The friction of the TLOCR
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could be affected in the same way without adding texture to the cylin-
der liner, instead making the ring land radius smaller thus increasing
the hydrodynamic pressure generation. This would however affect the
operation of the TLOCR around the reversal zones as well, leading to a
risk of increased oil consumption. There are also studies showing that
texture can act as a reservoir for lubricant and by that decrease the
amount of starved lubrication [33, 34]. Johansson [6] showed that deep
textures could improve the power cylinder unit operation by acting as
a pick up for abrasive particles and by that contribute to a low wear
rate. The deep textures investigated experimentally by Johansson also
showed potential for friction reduction but uncertainties in how they
would affect oil consumption still remains. Etsion et al. [35] investi-
gated spherical shape textures in mechanical face seals and concluded
that depth over diameter is the most important parameter for load car-
rying capacity. Other work [36,37] showed that the area density, ratio of
surface covered by texture had a large impact on the result. In the work
by Yan et al. [38] it was concluded that the area density of dimples is the
most important parameter for reduction of friction and large reduction
of friction was found. The conclusion to draw from earlier studies is
that depending on the operating conditions different types of textures
are optimal.

A number of studies have been performed where the textures were
placed on the moving part. Ronen et al. [46] simulated dimples in a pis-
ton ring like contact and found that 30 % friction reduction was possible
with texture on the moving part, with an optimum area density between
5 and 20 % . Gadeschi [47] performed similar numerical simulations of
texture on the piston ring using half Sommerfeld boundary condition
for cavitation and found that optimum area density was 60 %. In [48]
Etsion and Sher showed potential of reducing fuel consumption with 4 %
in a 2.5 l diesel engine when the original piston rings were replaced with
partially textured piston rings. However, the textured piston rings had
a different profile than the original ring which makes it uncertain if the
texture was the cause of the benefit. Placing the texture on the moving
part also means that operation on the entire stroke is influenced, with
no possibility to tailor the texture geometry for different parts of the
stroke. Having one texture design for the entire stroke means that the
benefits for friction might not be fully employed. Also, since the texture
is present in the contact close to the reversal zones it could have negative
effect on sealing capability thus influencing oil consumption and blow
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by.

Yu et al. [39] performed numerical simulations with a model based
on stationary Reynolds equation with half Sommerfeld boundary con-
dition. Investigations were made for three different types of texture:
round, elliptical and triangular shape. It was found that the triangular
dimples should be placed with one of the sides perpendicular to the slid-
ing direction. Also the longest dimension of the elliptical dimple should
be placed perpendicular to the sliding direction. All performed calcula-
tions were on a single dimple and it is stated that further studies needs
to be done considering more than one single dimple in each calculation.

Jocsak et al. [5] performed simulations investigating the effect on
friction for different honing parameters and came to the conclusion that
decreasing the honing angle decreases the piston ring pack friction. This
was explained to be a function of blockage of the pressure driven flow
which increases the lubricants effective viscosity and delays the transi-
tion from hydrodynamic to mixed lubrication. Jocsak et al. also stated
that the oil film thickness is increased during most of the stroke with a
lower honing angle. Checo et al. [41] simulated texture placed on the
cylinder liner in contact with a slider thought of as a piston ring with a
mass conserving cavitation model. All simulations were performed with
the same Stribeck parameter, S = ηU

W
= 10−3, i.e only one speed, viscos-

ity and load combination was used. This corresponds to an unreasonable
high speed to load relation in any typical engine. The investigation was
performed with different texture geometries and radius on the slider.
The textures of investigation had ellipsoid and spherical shapes and it
was found that there are no drawbacks with spherical shape compared
to the ellipsoid shape. It was shown that the more flat a piston ring is
the more friction reduction possibility exists from applying surface tex-
ture on the cylinder liner. With radii close to those of a top compression
ring a very small benefit in friction was observed. With an almost flat
slider such as the land of a TLOCR the friction reduction was simu-
lated to be 73 % in the best case. The largest friction reduction was
found with dimples stacked as close as possible together, diameter equal
to slider width and depth of 10 µm. The model used by Checo et al.

utilised the 2D Reynolds equation and simulated a section of a cylinder
liner - piston ring pair with periodic boundary conditions in circumfer-
ential direction. All the dimples were placed in-line with each other in
the sliding direction. The model by Checo did however not consider
any mechanical contact. Typical surface roughness of a cylinder liner
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will influence the interface significantly on most part of the stroke for a
TLOCR. It is necessary to include consideration to mechanical contact
in a model investigating cylinder liner - piston ring contact. Biboulet
and Lubrecht [42] also simulated a textured liner in contact with pis-
ton rings with a 1D model. They also found that large radius of the
piston ring land is necessary for any significant friction benefit from tex-
ture. The TLOCR is typically designed with almost flat lands to keep
the oil distribution at an appropriate level. Conclusions from earlier
work [41, 42] on the importance of large slider radius means that there
are great potential for reducing TLOCR friction with texture. Because
of the earlier mentioned large portion of friction power loss from this
component it could provide significantly decreased fuel consumption.

In a recent review by Gropper et al. [43] it was stated that previous
work in the the area shows that it is impossible to give a universal
guideline on how to design texture. This means that the texture design
has to be individually optimised for every specific tribological system
and operating conditions.

Most models presented in literature which are investigating the effect
of texture either considered the dimples to be placed on the moving
part or other types of texture such as honing parameters or geometries
other than piston ring against cylinder liner. The reason for focusing on
textured piston rings is believed to be because of its simplicity compared
to applying texture on the inside of a cylinder liner. The honing of
the cylinder liner has to be performed and therefore most studies has
been focusing on optimisation of this procedure. Because it is an easier
solution than implementing another manufacturing process that applies
other types of texture on the surface.

The few studies available on textured cylinder liners has some short-
comings and there are therefore room to further investigate this effect.
Some of the simulation models present in literature does not include a
mass conserving cavitation model. This is necessary when studying the
effect from dimples. Some models does not consider inertia or mechan-
ical contact, also this is important when studying these effects. Some
investigations are performed in 1D thus neglecting side leakage which in
effect means that infinite long honing grooves transversal to the sliding
direction are simulated and not dimples. No model available in literature
includes consideration to all of the following:

• 2D fluid flow with influence from surface roughness
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• Mass conserving cavitation model

• Contact mechanics model for mixed lubrication

• Inertia of the piston ring

The model developed and used in this paper includes all that. It is in this
work used to investigate texture consisting of spherical shaped dimples
on a cylinder liner surface against a TLOCR. Optimum parameters for
friction reduction in a typical HDDE were found. Placing the texture on
the cylinder liner gives possibility to optimise the texture differently for
different parts of the stroke. A section of the piston ring - cylinder liner
interface in circumferential direction is modelled. A mass conserving
cavitation model is used for the macro geometry. Correction factors
and contact mechanics model are used to model the influence of plateau
surface roughness. Effects from both different layout and geometry of the
texture are investigated with consideration to surface roughness effect on
both hydrodynamic and mixed lubrication. Typical mid-stroke HDDE
conditions are simulated, the reasons for focusing on the texture effect
only around mid-stroke are:

• A large portion of the friction power loss occurs around mid-stroke
because of the high speed.

• Textures close to the reversal zone increase the risk of more bound-
ary lubrication in these regions.

• Minimised increase of oil consumption which is a risk if texture is
placed close to the top reversal zone.

D.2 The model

The contact of study in this work is a segment of one TLOCR land.
A schematic view of an oil control ring in contact with a cylinder liner
and close up on the simulated contact can be seen in Figure D.1. The
cylinder liner is modelled as a flat surface with roughness and texture
applied to it and the TLOCR land segment only have a curvature in
the direction of motion, R in Figure D.1. This means that the round
shape of the bore is neglected. In the circumferential direction, peri-
odic boundary conditions are applied, thus neglecting the influence of
the piston ring gap. Since this study is investigating the effects on a
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relatively small scale this is assumed adequate. The model developed
in this work considers both hydrodynamic and boundary lubrication in
the contact. The surface roughness effects for both the fluid flow and
also the mechanical contact are considered. This consideration is done
with the Luleå Mixed Lubrication Model (LMLM) described in detail by
Sahlin et al. [89]. By applying a homogenisation method to the Reynolds
equation the LMLM can be used to calculate roughness correction fac-
tors. These correction factors are then implemented in the Reynolds
equation in the global model to solve for the fluid flow with the influ-
ence of local scale roughness. This is crucial since implementation of
the actual roughness and solving it deterministically would be very time
consuming. Correction factors for hydrodynamic friction are also calcu-
lated with the LMLM, these are described in detail by Almqvist in [70].
The LMLM also includes a contact mechanics model which is based on a
Boussinesq-type elasto-plastic model, also described in detail by Sahlin
et al. [89]. The advantage of using this contact model compared to the
typically used models is that the stiffness of the contact is calculated on
an actual surface measurement and not based on statistical parameters.
The surface used for calculation of the correction factors and stiffness
curve is a measured section of a plateau honed cylinder liner. The stiff-
ness curve derived from the calculation can be seen in Figure D.2 and
describes the mean asperity contact pressure as a function of average
separation between the mating surfaces. The surface of the piston ring
was assumed to be perfectly smooth since it is much smoother than the
cylinder liner surface in a typical engine.

The film thickness is expressed as:

h = h0 + ht + hR + hr, (D.1)

where h0 is the global separation found from the load balance in Equa-
tion D.9 and hr is the roughness of the cylinder liner. The dimples were
modelled as indents from a perfect sphere, where the radius of the dim-
ples was adapted to fit the depth and diameter specified for each specific
case. Geometry of the dimples forming the texture is expressed as:

ht =
√

R2
d − y2

t − x2
t − Rd + dt, for y2

t + x2
t < r2

t , (D.2)

where xt and yt are the space coordinates parallel with the plateau
surface and origo centred in the dimple. dt is the texture depth and rt
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Figure D.1: Schematic view of the simulated contact. Where U is the piston
speed, lw the land width and R the radius of the ring land.
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Figure D.3: Reynolds and friction correction factors.

is the radius of the dimple on the plateau surface. The radius of the
sphere giving the dimple shape is expressed as:

Rd =

r2

t

dt
+ dt

2
(D.3)

The geometry of the ring land is expressed as:

hR = R −
√

R2 − x2
R, (D.4)

where R is the radius of the ring land described schematically in Figure
D.1 and xR is the position in the travel direction with origo in the centre
of the ring land.

The lubricant was assumed to be incompressible with constant vis-
cosity and pressure through the film thickness. The texture was con-
sidered to be placed on the cylinder liner meaning that the texture is
moving relative to the solution domain. Therefore the time dependent
Reynolds equation was used to account for hydrodynamic effects. The
homogenized time dependent Reynolds equation in 2D with the correc-
tion factors implemented can according to the work by Sahlin et al. [89]
be written as:

∂

∂x

(

a11ρ

12η

∂p

∂x

)

+
∂

∂y

(

a22ρ

12η

∂p

∂y

)

=
U

2

∂ρb12

∂x
+

∂ρh

∂t
, (D.5)
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where ρ is the density, η is the dynamic viscosity, p is the pressure,
U is the piston speed, h̄ is the film thickness and a11, a22 and b12 are the
earlier mentioned Reynolds correction factors. As stated by Checo [41]
a mass conserving model for consideration of cavitation is necessary.
Therefore the Häggström [103] cavitation model is applied, its validity
has been showed by the authors [115]. The cavitation model is based on
the assumption that if the lubricant pressure falls below zero both the
density and viscosity is reduced. A scaling polynomial for both density
and viscosity is defined as:

f(p) =















1 p > 0

3
(

p+β
β

)2

− 2
(

p+β
β

)3

0 p ≤ −β

−β < p ≤ 0 (D.6)

where β is the factor for the transition zone of the scaling parameter
which is then implemented as:

ρ = (f(p) + α) ·
ρ0

1 + α
(D.7)

η = (f(p) + α) ·
η0

1 + α
(D.8)

The parameter α is arbitrarily set to 0.01 to avoid zero density and
viscosity which improve convergence of the model. This cavitation model
allows for some negative oil film pressure but as showed [115], by select-
ing the value for β correctly and ignoring the negative pressures the
model provides mass conserving, accurate results with negligible differ-
ence compared to the LCP method used by Giacopini et al. [99] and
Almqvist et al. [77].

Load balance includes inertia of the ring section in radial direction
and is defined as:

W = m · z̈ +

¨

Ω

(p + Pc) dA, (D.9)

where W is the applied load, m is the ring section mass and z̈ is
the ring acceleration in radial direction. Pc is the asperity contact pres-
sure found from the result presented in Figure D.2 and p is the oil film
pressure found from Equation D.5. Ω and A are the ring land section
domain and area respectively.
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Friction from mechanical contact is calculated with:

Fc = µb · Pc, (D.10)

where µb is the boundary coefficient of friction set to 0.1 in this study,
this is the same as used by Spencer et al. in [32] who simulated the same
type of liner surface. The authors have also performed measurements
with test equipment described in [116] and found this to be a good rep-
resentation of boundary friction coefficient for the type of surface under
investigation here. The hydrodynamic friction component is calculated
as [70]:

Fh =

(

h

2
− d11

)

∂p

∂x
+ ηU

(

1

h
+ 6c11

)

, (D.11)

where d11 and c11 are the friction correction factors mentioned ear-
lier. The correction factors used in this work, derived from calculation on
the earlier mentioned plateau honed cylinder liner surface, as a function
of average separation can be seen in Figure D.3(b).

D.2.1 Simulated parameters

The TLOCR land studied is 150 µm wide with a curvature radius, R, of
70 mm which results in an inlet height of around 40 nm at the edge of
the ring land. The radius of 70 mm was derived from measurement on
a slightly run-in standard production TLOCR land. The load applied
to the ring corresponds to a nominal contact pressure of 1.5 MPa. The
area density of the dimples were varied by changing the distance between
the dimples, c-c, explained schematically in Figure D.4. Also different
layout of the dimples were investigated, called in-line and zig-zag, these
patterns and the boundary conditions are schematically described in
Figure D.4. The mass assigned to the ring is the actual mass, 15 g, of a
standard production TLOCR with spring, with a diameter of 131 mm.
The mass for the ring section in the simulations is scaled for the length
of the simulated section and divided by 2 in order to compensate for
only simulating one of the two lands.

The viscosity of the oil, ρ0, used in the simulation was set to 0.01
Pas.

The equations were solved fully coupled with a commercially avail-
able finite element software [117]. The speed was kept constant through-
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Figure D.4: Schematic view of different layout and boundary conditions.

out each separate calculation. All calculations were started with the
slider facing untextured surface before it moves into the textured region
where it passes a number of dimples according to the parameter specifi-
cation of each case. The calculations were ended when enough dimples
had been passed to make the effect from starting at untextured surface
vanish in the solution. The calculations were performed on a desktop
computer with Intel Xeon E5-2650 v2 2.6 GHz processor. The solution
time was approximately 30 minutes for each parameter setting.

D.3 Results and discussion

First, some typical results, obtained in this work, are presented. This
is to introduce the reader to the effects on the system caused by the
dimples. Figure D.5(a) shows the minimum film thickness for the slider
travelling one period. In the beginning of a period the slider is centred
over one dimple (at 0) and then it travels to be positioned centred over
the next dimple at the end of the period (at 1). Figure D.5 also shows
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snap shots of the oil film thickness and hydrodynamic pressure obtained
by the model at the five different marked locations. The simulation pa-
rameters used in Figure D.5 are; 7.5 m/s sliding speed, dimple diameter
of 300 µm, dimple depth of 3 µm and area density of 40 %. At location
1 in Figure D.5(b) the slider is centred over the dimple, here the mini-
mum film thickness is low and there is small amount of hydrodynamic
support. As the slider moves to location 2 D.5(c) the film thickness
has dropped to the lowest point but as can be noticed hydrodynamic
pressure is starting to generate in the converging gap of the dimple.
Moving towards location 3 D.5(d) more pressure is generated because of
the converging gap in the dimple. The separation continues to increase
until location 4 D.5(e), where only a small part of the dimple is left in
the contact and the film thickness peaks. As the dimple exits the con-
tact, after location 4, the film thickness decreases and the next dimple is
beginning to enter the contact. At location 5 D.5(f) only the diverging
part of the next dimple has entered the contact and the film thickness
continues to decrease while moving towards location 1 again where the
behaviour is then repeated.

It was also investigated if the ring mass had any significant influence
on the results. A large influence on results caused by the mass assigned
to the ring section was observed. As expected the response of the ring
is slower with a larger mass because of the greater inertia. However,
when performing simulations with high area density and high speed,
the results given by the model are unexpected. Figure D.6 shows the
minimum film thickness for the slider travelling one period. The results
shown in Figure D.6 are for dimples in the in-line pattern, with a sliding
speed of 10 m/s, area density of 79 %, 60 %, 40 % and 20 %, and the
dimple depth and diameter set to 3 µm and 300 µm respectively. The
figure shows results for different masses where full mass represents the
measured mass and half mass is half that mass. The film thickness for
the untextured case is also shown for comparison. For the case with the
79 % area density it can be seen that the results are very different when
a different mass is assigned to the ring section. With the larger mass
the film thickness grows significantly more from passing the converging
gap of the dimple. The cases with smaller area density do not show the
same large difference in the results. These results are more expected as
the ring shows a slight delay in the response with the larger mass. The
reason for the different behaviour for different mass at 79 % area density
is thought to be caused by the stiffness of the mechanical contact. The
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ring operates in mixed lubrication in these simulations and therefore
some amount of mechanical contact is always occurring. In the case
with larger area density the dimples are entering the contact more often
than in the low area density case. In this case with a dimple diameter
of 300 µm and area density of 79 %, c-c is 300 µm. With a sliding speed
of 10 m/s, dimples are entering the contact with a frequency of 33.3
kHz. Treating the system as an undamped spring mass configuration
the natural frequency of the mechanical contact can be calculated as:

f =
1

2π

√

k

m
, (D.12)

where k is the stiffness of the spring and m is the mass of the ring
section. The stiffness of the contact can be found by differentiate the
mean asperity contact pressure with respect to the average separation
showed in Figure B.2 and then multiplying it with the ring land area as:

k =
dPc

dh̄
· lw · 2 · π · D, (D.13)

where lw is the ring land width and D is the diameter of the ring.
The expression is multiplied by two since the oil control ring has two
lands. The stiffness k of the contact close to an average separation of
1.2 µm, which is the minimum separation for the untextured case, was
found to be 6.33 · 108 N/m. Inserting this into Equation D.12 together
with the measured mass of the ring, 15 g, the natural frequency of the
system was found to be: 32.7 kHz. The natural frequency is very close
to the the frequency of which the dimples appear into the contact, which
could amplify the oscillating motion of the ring as dimples are entering
and leaving the contact. Therefore it is believed that this is the reason
for the large increase in film thickness showed in Figure D.6 for full mass
and area density of 79 %. This is important to remember when further
studying the results in this work.

Simulations for dimples with different diameters and depth were per-
formed in order to investigate its influence on the results. These were
performed with dimples in the in-line pattern. The diameter was var-
ied from 100 µm to 700 µm and the depth was varied from 1 µm to
9 µm. The influence of dimple depth and diameter was performed at
three different speeds, 5, 7.5 and 10 m/s where the area density is kept
constant at 20 %. Additional simulations with the different diameters
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and depths were also performed for area densities of 40 and 60 % with
the speed kept at 7.5 m/s. Figure D.7 shows friction reduction for the
different simulated dimples compared to the untextured case. It can be
seen that for most of the operating conditions a depth around 3 µm and
a diameter between 200 µm and 300 µm performs best in terms of fric-
tion reduction. For the case with a speed of 7.5 m/s and area density of
60 % the results look a bit different. In this case the optimum depth for
friction reduction is larger than for the other operating conditions, apart
for a dimple diameter of 150 µm. With those parameters the dimples
are appearing in the contact with a frequency of 43 kHz which is fairly
close to the natural frequency discussed earlier. It is therefore assumed
that this outlier in the results is because of that. It should be noted
that the optimum depth is not directly related to the diameter of the
dimple. The optimum depth seems to be related to the minimum sep-
aration between the surfaces. As displayed in Figure D.8 the minimum
separation is approximately 1.2 µm and the optimum depth on the dim-
ples are found at around twice this value in most of the results presented
in Figure D.7. The optimum depth for friction with 60 % area density
was different, this is discussed later in the paper when those results are
analysed more in detail.

To further study these results and understand the phenomena caus-
ing the friction reduction a more detailed study of a single dimple con-
figuration at one operating condition were studied. Figure D.8 shows
minimum and average film thickness and also the contribution to hydro-
dynamic and boundary friction for dimple diameter and depth of 300 µm
and 3 µm respectively with a sliding speed of 7.5 m/s and area density
of 20 %. It can be noticed that the minimum film thickness is lower for
the textured surface compared to the untextured case when the dimple
enters the contact, creating a diverging geometry. The minimum film
thickness continues to decrease and is kept lower than the untextured
case until it enough lift from the converging geometry is generated as
the dimple is passing through the contact, which lifts the ring section.
The minimum film thickness increases until the dimple exits the contact,
then the film thickness starts to decrease again when only plateau area
enters the contact. When the next dimple enters the contact the rate of
film thickness reduction becomes larger and the behaviour is repeated.
Important to notice is that even though the minimum film thickness is
lower at some instances for the textured surfaces compared to the un-
textured surface, the average film thickness for the entire contact has a
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untextured case for different dimple diameter and depth.
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Figure D.8: Detailed results for dimple diameter and depth of 300 µm and
3 µm respectively with a sliding speed of 7.5 m/s and area density of 20 %.
Dashed lines are results for an untextured surface.

different behaviour. The average film thickness has its maximum around
the point when the ring land is centred over a dimple, as a result of the
dimple geometry itself. Even though the contact boundary friction, lo-
cally, is much larger than for the untextured case since the ring rides
on the small amount of plateau surface available, the absence of plateau
surface in a large part of the contact results in a total reduction of
boundary friction. The same goes for the hydrodynamic component of
friction, it is large locally in the sections with low film thickness but the
total friction generated in the entire contact is smaller because of the
enforced large film thickness due to the dimple even when the dimple
is generating none or small amount of lift. It should also be noted that
the local decrease in film thickness may increase the risk of wear in the
contact.

As discussed earlier regarding the results showed in Figure D.7, op-
timum depth for friction was larger with the large area density of 60
%. Figure D.9 shows the results for friction and oil film thickness for
dimple diameter of 300 µm and and a depth of 3 µm and 5 µm respec-
tively with a sliding speed of 7.5 m/s and area density of 60 %. It can
be seen that the mechanism behind friction reduction in this case differ
slightly from the results with 20 % area density. The minimum film
thickness drops more while the dimple is close to the area where it is
centred in the contact. This is because of the smaller amount of plateau
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area available to support the ring land and the lack of hydrodynamic
support at this point. Because of this the total boundary friction for the
entire contact is significantly larger compared to the untextured case in
this region. It should be noted that the boundary friction was never
showed to be larger than the untextured case for the lower area density
of 20 %. However, hydrodynamic losses are significantly lower because
of the enforced increased film thickness in the majority of the contact
area. When the dimple has travelled far enough into the contact, lift is
generated and the boundary friction is reduced until the hydrodynamic
pressure is decreased by the next dimple moving into the contact. In
this case with 60 % area density and diameter of 300 µm of the dimples
the shortest distance between the dimples are only 43 µm which means
that there are always at least one dimple present in the contact. This is
what makes the film thickness have a more sinusoidal shape over time
when comparing it to the case with 20 % area density where the ring
land can slide on only plateau area for some distance. When comparing
the different dimple depths in Figure D.9 it can be noted that the lower
depth of 3 µm, provide more hydrodynamic lift than the larger dimple
depth of 5 µm. Resulting in larger minimum separation between the
surfaces and lower amount of boundary friction. However, because of
the enforced film thickness with larger dimple depth of 5 µm, the hy-
drodynamic component of friction is reduced more. This result in less
total amount of friction for the deeper dimples even though the hydro-
dynamic support of those is less. This effect is not found for the low
area density case where the lowest friction was found with the dimples
which provided the most lift. The reason for this is believed to be that
the slider has more plateau area to slide on between the dimples and
by that making use of the extra lift generated. Because of the inertia
and damping in the contact the separation in the contact is slowly re-
duced towards the separation of an untextured surface as it slides on the
plateau area in-between the dimples. In the case with high area den-
sity there are very little amount of plateau area in-between the dimples
and the increased separation generated by a dimple disappears almost
immediately as the next dimple enters the contact.

To further study the influence on friction by area density and speed
additional simulations were performed. The dimple dimensions were
set to a diameter of 300 µm and depth of 3µm. The slider speed was
varied at 5, 7.5 and 10 m/s and area density was varied from 20 to 79
%. Simulations were performed with two different masses assigned to
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Figure D.9: Detailed results for dimple diameter of 300 µm, comparing
depth of 3 µm and 5 µm, with a sliding speed of 7.5 m/s and area density
of 60 %. Dashed lines are results for an untextured surface.

the ring, the measured mass of the ring and half of the measured mass.
The results from this investigation can be seen in Figure D.10. When
studying the results for full mass, effect from the natural frequency can
be noticed at high speed and high area density. If these results are
disregarded a trend for optimal area density at different speeds can be
found. The benefits in friction for the higher speed drops off when
increasing the area density over 40 %. For the medium sliding speed
the optimum for friction is found to be around 40 % but the benefit in
friction does not drop as much with increased area density as it does with
the high sliding speed. At the low sliding speed the, optimum is found
at higher area density. This trend is because of the effect of inertia and
damping in the contact discussed earlier. Since these are time dependent
effects they will be affected by sliding speed. In order to make use of the
extra lift generated by a dimple there must be enough time for the slider
on plateau area in-between the dimples. This means that at high sliding
speed this distance between the dimples needs to be larger (lower area
density) than at low sliding speeds in order to achieve the lowest possible
friction. If texture is applied to the cylinder liner it would be beneficial
for friction reduction to use lower area density around mid-stroke than
in the area between mid-stroke and reversal zone. These conclusions on
sliding speed influence on optimum area density are further strengthen
by the results where half of the measured mass is assigned to the ring
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section.
Investigations on how different layout of the dimples effect the results

were also performed by positioning the dimples in the zigzag pattern ex-
plained earlier in Figure D.4. The results for friction reduction where
the zigzag pattern is compared to the in-line pattern can be seen in
Figure D.11. For low area density the results are similar, at higher area
density the friction reduction increases almost linearly for the dimples in
zigzag pattern. This needs to be studied more in detail for better under-
standing of this trend. Figure D.12 shows the friction and film thickness
results for dimples in zigzag pattern with diameter 300 µm, depth 3 µm
and area density 60 % at a sliding speed of 7.5 m/s. It can be seen that
the minimum film thickness is always lower and that the average film
thickness is always larger compared to the results for an untextured sur-
face. This is because the layout of the dimples means that there is never
only plateau area in the direction perpendicular to the sliding direction.
This means that most of the hydrodynamic pressure built up in a dim-
ple is lost since the next dimple appear much earlier compared to the
case with dimples placed in the in-line pattern. It can also be seen that
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Figure D.11: Friction reduction compared to the untextured surface as a
function of area density for different speeds. With dimple depth 3 µm,
diameter 300 µm, in-line pattern (solid lines) and zig-zag pattern (dashed
lines).

the average film thickness is always kept at a high level because of this.
This in turn leads to lower friction than in the case with dimples in the
in-line pattern, since both friction components are always significantly
lower compared to the untextured case. Even though placing the dim-
ples in the zig-zag pattern potentially could reduce friction even further
it may increase the risk of wear compared to having the dimples in the
in-line pattern. This is because of the previously mentioned difference
in minimum separation between the ring and cylinder liner roughness.

D.4 Conclusions

Two mechanisms for reduction of friction with textured surfaces have
been showed. Firstly, increased minimum separation between the sur-
faces by hydrodynamic pressure increase leads to reduction of both
boundary and hydrodynamic friction. Secondly, enforced average sep-
aration caused by the removal of plateau area which is an effect of a
dimpled surface. This can lead to local increase in friction on the small
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Figure D.12: Film thickness and friction results for dimples in zigzag pattern
with diameter 300 µm, depth 3 µm and area density 60 % at a sliding speed
of 7.5 m/s. Dashed lines are results for an untextured surface.

amount of plateau area left. However, it can also result in total reduc-
tion of friction because of the absence of plateau area where the friction
is generated.

The model suggests that the optimum diameter for friction is close
to twice the width of the slider. The optimum depth of the dimples was
found to be approximately twice the minimum separation to achieve
friction reduction by increased minimum separation. In some cases fric-
tion can be reduced even further by deeper dimples, which increases the
average separation.

For the operating conditions and geometries investigated in this work
the model suggested that optimum area density for friction is dependent
on sliding speed. In general high area density is favourable at low sliding
speeds (5 m/s). As the speed increases the optimal area density is
reduced and was found to be 40 % for sliding speeds between 7.5 and
10 m/s. This suggests that if texture would be applied on a cylinder
liner, the area around mid-stroke should have lower area density than
the surface in between mid-stroke and reversal zones.

Different layouts of dimples were investigated. The layout was showed
to have small effect on the friction results when the area density is kept
low. When area density is increased the layout of the dimples can have
significant effect on the result, both in friction and separation between
the surfaces. Friction reduction might be greater with the zig-zag pat-
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tern, but it was also found that placing dimples in the zig-zag pattern
will increase the risk of wear more than placing them in the in-line pat-
tern.
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Abstract

Reduction of fuel consumption in heavy duty diesel engine is of high
importance. The piston rings are responsible for a large part of the
mechanical losses influencing the fuel consumption. In order to reduce
these losses the friction mechanisms need to be fully understood and
tools for evaluating friction reducing concepts need to be developed and
used accurately. In this work a high speed component test rig for eval-
uation of piston ring friction is used. A number of different piston rings
and cylinder liners are evaluated based on their friction performance.
Also shear thinning of a typical multi grade oil is investigated by com-
paring it to a single grade oil. Experimental simulation of high speeds by
decreased viscosity is also evaluated. A method for indication of effects
on oil consumption, without combustion, for different oil control rings is
presented. Finally, a numerical simulation model for the oil control ring
is validated by comparing with experimental results.



184 Paper E. Experimental study on HDDE power cylinder unit

E.1 Introduction

Increasing demands for reduced fuel consumption is driving the vehi-
cle manufacturers towards more optimisation of their components and
systems. Frictional losses in a heavy duty diesel engine (HDDE) sig-
nificantly contribute to the fuel consumption of a truck. According to
Holmberg et al. [3] 180 billion litres of fuel are used to overcome fric-
tion in heavy duty vehicles every year. Friction losses in the engine are
responsible for 4 to 15 % of the fuel consumption [7]. The losses from
the power cylinder unit (PCU) are responsible for approximately half of
those frictional losses. Included in the PCU are the piston with rings in
contact with the cylinder liner and also the connecting rod. The piston
with rings is responsible for approximately 75 % of the losses, where the
piston rings are responsible for more than half of those losses. Therefore
there is great potential for reduction of fuel consumption by improve-
ment in the piston ring to cylinder liner interface. In order to reduce
these losses the interaction between piston ring and cylinder liner needs
to be well understood. Tools for evaluating different friction reduction
concepts need to be developed and used properly in order to achieve
understanding of the system. Simulation models can be a fast and in-
expensive way to do the investigations but accuracy of such need to be
experimentally evaluated [94]. A great number of experimental stud-
ies on friction reduction possibilities have been made. Rejowski [118]
showed that by replacing the conventional cast iron liner with a DLC
coated cylinder liner, one can reduce friction by 2.5% at low engine
speeds. This claimed to be because of reduced amount of mechanical,
metal - metal, friction. Sato [65] also showed friction reduction by DLC
coated cylinder liners. It was claimed to be because of less axial scratches
created in the harder DLC compared to a cast iron liner thus providing
better state of lubrication. Sato also showed that a rough surfaces can be
beneficial for friction in the mid stroke region under some specific condi-
tions. Spencer et al. [56] investigated a top compression ring in contact
with different liner variants in a Plint reciprocating tribometer. They
found that smoother cylinder liner surface could provide lower friction.
The test conditions were numerically simulated and good correlation
was found at some operating conditions. Liao et al. [10] investigated the
friction of a twin land oil control ring (TLOCR) with various tangen-
tial loads at different temperatures in a floating liner test engine. In [64]
and [66] the same floating liner test engine was used and the results were
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compared with a simulation model. It was found that by selecting the
surfaces used in the simulation model carefully, decent correlation could
be found. Difficulties regarding measurement of piston ring friction in
the floating liner engine were discussed. The lateral stops and friction
from the piston makes it difficult to extract friction from the piston ring
only. This is not an issue with the test rig used in this work since the
piston ring holder is linearly guided and thus only the piston ring is
contacting the cylinder liner. In the work by Akalin and Newaz [119] a
model for top compression ring friction developed in [120] was validated.
The correlation between simulation and experiments showed the same
trends for roughness and load variation. However, the predicted fric-
tion force differed some from the measured value. Gore et al. [121] also
validated a simulation model of top ring friction with a floating liner
motorcycle engine. The results showed that the model needed further
development. The simulation model used by Gore et al., Akalin and
Newaz and Liao and Chen uses the same contact model, the well-known
Greenwood - Tripp model, which uses statistical parameters of a surface
to estimate asperity contact pressure as a function of separation, called
stiffness curve. The contact model used in this work calculates the stiff-
ness curve for the actual surface measurement. In addition it includes
elastic deformation of the ring cross section and motion of the ring in-
side the piston ring groove caused by inertia and friction forces. In the
work by Hoshi et al. [8] a numerical tool was used, small differences in
friction power loss were found when comparing motored pressure less
conditions to fired conditions. Deuss et al. [68] used the FMEP method
for comparison of fired operation and externally pressurised combustion
chamber tests. It was concluded that the top compression ring is sub-
jected to the vast majority of effects by combustion pressure. They also
showed that external combustion pressure in the form of compressed air
shows the same difference in friction when varying the height of the top
compression ring. Effectively this means varying ring load which is well
represented by external pressure. However, when evaluating the engine
in fully this was said to be the only type of test where external pres-
sure testing is applicable since heat from the combustion will influence
the result. It was showed that FMEP was mostly dependent on speed
and almost no dependence on load was found when running the engine
with combustion. In the tests with external pressure a high dependence
for FMEP on load and speed was found. The same relation was found
in the work by Allmaier et al. [69] who also used the FMEP method
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to measure friction on a 13 litre heavy duty diesel engine and compare
fired operation to motored operation with externally pressurised com-
bustion chamber. When running fired tests and varying the load from
approximately 30% to 80% almost no influence on FMEP was found.
Interestingly, in general FMEP is a function of load and was found to
be close to symmetric at around 50 % load. This means that similar
FMEP was found at low load (<30%) increasing with decreased load
and at high load (>80%) increasing with increased load. This was con-
cluded to be an effect of increases oil temperature in the contact due
to combustion. Also Allmaier et al. showed that when running with
externally pressurised combustion chamber FMEP was significantly af-
fected by the load which again suggests that external pressure is good
for isolating the effect from top compression ring loading but not for
representation of combustion effects. Kunkel et al. [67] run motored
tests with a passenger car engine modified for floating liner measure-
ments to investigate run in of twin land oil control rings. It was also
here shown that in general, combustion has a secondary role in friction
losses for the oil control ring; its friction power loss is mainly dependent
on oil viscosity, tangential load and speed. Kunkel stated that when
focusing on oil control ring friction tests are usually made in motored
condition because of the difficulty in repeatability otherwise. This is the
approach used in this work, the test equipment does not include any
combustion or other external pressures for loading of the compression
rings. Because of conclusions from previous work mentioned earlier in
this section the method used in this work could be seen as an appro-
priate way of evaluating friction for the entire ring pack. However care
must be taken when analysing the friction force of the compression rings.
Even though previously mentioned work has showed that operation at
low pressure without combustion result in similar friction power to fired
highly loaded conditions, the lack of heat and pressure from combustion
will result in different conditions. For evaluation of oil control ring fric-
tion the pressure less condition is as earlier mentioned an appropriate
approach.

There are few previous studies where effect on TLOCR friction by
different ring geometry and tangential load were investigated. To the
authors knowledge no studies exists where the friction of piston rings
were measured without influence from the piston at engine like speeds.
In this paper, this is investigated by utilising experimental equipment
developed by the authors in [116]. An extensive primarily experimental
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study was performed for several investigations:

• Friction measurement for a number of different piston rings and
cylinder liners at different speeds,

• Effect on oil supplied to the top compression rings by changing the
tangential load of the oil control rings,

• Accuracy of simulating different speeds in the experiment from
varying the lubricant viscosity with temperature,

• Shear thinning effect on multi grade oil was by comparing friction
with it to single grade oil at similar Hersey parameters, and

• Validation of a numerical simulation model developed by the au-
thors [115].

E.2 Method

This section describes the test method and it also lists the components
which were investigated and the operating conditions used. A num-
ber of different piston rings and cylinder liners were investigated at a
few operating points. Then, two selected component combinations and
two different oils were tested at several operating conditions in order to
produce Stribeck like curves.

E.2.1 Test equipment

In this work the test equipment developed and described by the authors
in [116] was used. A schematic view of the test rig can be seen in Figure
E.1. The rig consists of an inline six cylinder engine block acting as
a base crank device. On one of the pistons in the base crank device,
a rod with a piston ring holder is mounted. On the other five pistons,
balancing masses are mounted in order to compensate for the piston ring
holder mass and keep the balancing of the inline six crank train. The
rod connected to the piston ring holder is guided with a linear bearing
to avoid contact between the test cylinder liner and ring holder. This
means that the piston ring friction can be isolated from other friction
sources. The test cylinder is supported only via load cells in the same
style as a floating liner type of test rig. The test rig is driven by an
electric motor via a tire coupling. The crank angle is measured with an
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Figure E.1: Schematic view of test rig.

angular position sensor mounted on the front end. The oil system of the
test cylinder liner is separate from that of the base crank device. The oil
is heated in an oil tank and then sprayed in underneath the piston ring
holder which mimics the oil supply in a full engine. The temperature
of the oil is measured and regulated close to the exit of the oil nozzles.
The test cylinder liner is also heated via two cylindrical heating elements
clamped on the outside perimeter of the liner. Temperature of the liner
is regulated by measuring the temperature with thermocouples mounted
on three different positions of the stroke. On each stroke position three
thermocouples are mounted around the liners circumference with a 120o

spacing, meaning that a total of nine thermocouples are mounted on the
test liner. The rig is designed to fit standard production HDDE cylinder
liners and piston rings.

E.2.2 Component variation tests

A number of different piston rings and combinations of these were tested.
A list of the piston rings under investigation can be seen in Table E.1,
an identifier (ID) for each ring is set in order to be more easily referred
to. Measured profiles of these piston rings can be seen in Figure E.2.
The piston rings had been run in prior to these tests in a HDDE un-
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Table E.1: Piston rings used in the investigation.

ID Piston ring Type Ring tension (N)

TCR1 Standard Euro 6 TCR 33.2

TCR2 DLC coated TCR 30.2

SCR Standard Euro 6 2ndCR 25

OCR1 Standard Euro 6 2 piece OCR 56

OCR2 Stepped land 2 piece OCR 28.3

OCR3 DLC coated 2 piece OCR 27

OCR4 Loose rails 3 piece OCR 65.2

der fired conditions. Three different cylinder liners were also tested.
Two liners where one is a typical plateau honed cast iron type and one
plasma coated cast iron liner were taken direct from production. The
third liner used was also a cast iron liner without coating which was
honed to a much smoother surface finish than a typical plateau honed
liner. These liners are hereafter referred to as, "Cast iron", "Plasma"
and "Smooth". Measured topography together with roughness param-
eters for these cylinder liner surfaces can be seen in Figure E.3. The
piston rings were tested in ten different configurations together with the
plasma coated liner. Two of those different configurations were tested
with the two cast iron and smooth liner. Table E.2 shows a list of the
different ring configurations tested together with each cylinder liner.

All three liners were broken in only in the test rig by running the
rig at low speed, 300 RPM, with the temperature set to 80oC. The
run-in was performed until the friction reading was stable. The test
configurations listed in Table E.2 were run at 900 RPM and 1200 RPM
with the temperature set to 80oC. The oil used was a 10W30 supplied
by the engine manufacturer, measured viscosity and density for this oil
can be seen in Table E.5.

E.2.3 Stribeck curves

The tests performed in order to produce the Stribeck like curves are
listed in Table E.3 which shows the combination of components and oils.
Test one and two were performed to investigate the difference between
two different set of piston rings. Test one used a standard Euro 6 piston
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Figure E.2: Measured profiles of the piston rings used.
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(a) Plasma (b) Cast iron

(c) Smooth (d) Roughness parameters

Figure E.3: Surface measurement of the cylinder liners used.
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Table E.2: Tested piston ring - cylinder liner configurations.

Ring Plasma Cast iron Smooth
configuration Piston ring ID’s Liner Liner Liner

RC1 TCR1, SCR, OCR1 X X X

RC2 TCR1, SCR, OCR2 X

RC3 TCR2, SCR, OCR1 X

RC4 TCR2, SCR, OCR2 X

RC5 TCR2, SCR, OCR3 X X X

RC6 TCR1, SCR, OCR4 X

RC7 TCR1, SCR X

RC8 OCR1 X

RC9 OCR2 X

RC10 OCR4 X

Table E.3: Components used to produce Stribeck curves.

Test Cylinder liner Piston rings Oil

1 Cast iron Standard Euro 6 (RC1) 10W30

2 Cast iron DLC top & OCR (RC5) 10W30

3 Pre worn Cast iron Standard Euro 6 (RC1) 10W30

4 Pre worn Cast iron Standard Euro 6 (RC1) SAE30

ring set, RC1 in Table E.2, and in test two the top compression ring
and oil control ring were replaced with DLC coated components, RC5
in Table E.2. Both test one and two were performed with the 10W30
oil and with the cast iron liner used in previous tests. Test three and
four were performed with the same piston ring set as in test one. Also,
test three and four were performed with a cast iron liner which was
pre worn in a 500 h fired engine test. These tests were performed in
order to investigate differences between the multi grade 10W30 oil (test
three) and the single grade SAE30 oil (test four), measured viscosity
and density for these oils can be seen in Table E.5.

All tests were performed at different speeds and temperatures. The
maximum rig speed used in these tests was 1200 RPM. The test rig has
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Table E.4: Operating conditions used in test one and two.

Rig speed Temperature Viscosity Equivalent truck
(RPM) (oC) (mPa·s) engine speed (RPM)

150 80 15.5 125

225 80 15.5 188

300 80 15.5 250

300 66 23.7 383

300 56 33.5 545, Test 2

600 77 16.9 545

900 80 15.5 750

1200 80 15.5 1000

1200 70 20.9 1350

1200 60 29.0 1870

900 52 38.8 1870, Test 2

a stroke of 90 mm but the truck engine from which the test components
are taken from has a stroke of 160 mm. In order to simulate the effect
on friction at a typical engine speeds for a truck with a rig speed of 1200
RPM, the temperature was varied. Reducing the temperature results
in increased viscosity, this was used to simulate higher piston velocities
in the test. A Hersey parameter is typically calculated as v·µ

N
, where v

is the speed, µ is the viscosty of the lubricant and N is the load. In
this study v is defined as the average absolute value of the piston speed
for the entire stroke. Since the typical operating temperature of the
truck engine under investigation is known to be 95oC, the equivalent
truck engine speed can be calculated. The viscosity was calculated with
the Vogel relationship, where constants for the viscosity - temperature
dependency were given by the engine manufacturer. Table E.4 shows the
operating conditions used in test one and two. Two of the equivalent
truck engine speeds, 545 and 1870 RPM were run at two different rig
speeds and temperature settings in order to investigate the accuracy
of simulating higher speed with increased viscosity. These tests were
performed only for the components in test two, marked "Test 2" in the
table.

Test three and four were run at different conditions. In order to have
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Table E.5: Measured viscosity and density for the two oils.

10W30 SAE30

Viscosity @ 40oC (mm2/s) 61 105

Viscosity @ 100oC (mm2/s) 9.3 12.1

Density @ 20oC (kg/m3) 862 886

Density @ 40oC (kg/m3) 851 873

Table E.6: Operating conditions used in test three and four.

Rig speed Temperature Equivalent truck
(RPM) (oC) engine speed (RPM)

10W30 SAE30 10W30 SAE30

300 300 70 81 340

600 600 70 81 670

1200 900 80 81 1000

1200 1200 70 81 1350

1200 1200 62 74 1750

1200 1200 56 69 2160

a fair comparison between the two oils, viscosity and density was mea-
sured. The results can be seen in Table E.5. The density was assumed
to be linear dependent on temperature. Since it was only possible to
measure the viscosity at two temperatures, the Reynolds temperature
- viscosity relationship was used to find operating conditions resulting
in the same equivalent truck engine speed for the two oils. Operating
conditions used in test three and four can be seen in Table E.6.

E.2.4 Validation of simulation model

The numerical model described by the authors in [115] was used for
the simulations performed in this work. The Euro 6 OCR (RC8) was
simulated at three speeds, 900 RPM, 1200 RPM and 1500 RPM. The
model is built in a commercially available finite element software [117].
A 3D segment of the OCR is modelled with periodic boundary conditions



E.3. Results and discussion 195

in tangential direction. This means that the ring gap is not considered
and the cylinder liner and piston ring is assumed to be perfectly circular.
The Reynolds equation with a mass conserving cavitation model is solved
on the ring lands in contact with the cylinder liner and also on both
surfaces in contact with the piston ring holder. The ring segment is
free to move, tilt and elastically deform within the ring holder groove.
Inertia of the ring segment is taken into account. A contact model
is also included in order to take the effects of mixed lubrication into
consideration. The contact model is a stiffness curve calculated on a
measured section of a cylinder liner surface. The stiffness curve used
was provided by Scania CV. There are some differences compared to
the model described in [115]. In the simulations performed in this work
no correction factors were used either for the Reynolds equation or in
the calculation of hydrodynamic friction. The coefficient for boundary
friction was set to 0.1. The temperature used in the simulations was the
same as the set temperature in the test, 80oC.

E.3 Results and discussion

This section shows the results obtained in this work. If not otherwise
stated the results showing crank angle resolved friction are filtered with
a moving average filter. The crank angle resolved friction force is always
displayed as the mean friction force at each crank angle for the entire
test.

E.3.1 Component variation tests

For an easier overview of component variation test listed in Table E.2
the results for friction are divided into Figure E.4, E.5 and E.6. In these
figures the filtered data for friction force as a function of crank angle de-
gree is shown together with the result for average friction power during
the entire test. The result for average friction power is also summarised
in Table E.7. Figure E.4 shows the result for friction with the three
different liners. It can be noted that with all three liners, friction is
lower with ring configuration 5 (DLC) compared to ring configuration 1
(Eu 6). This is expected since the ring tangential force is significantly
lower for the OCR3 in RC5 compared to OCR1 in RC1. It can also
be noted that with ring configuration 1 (Eu 6 rings) the smooth liner
shows the lowest friction, the plasma liner showed highest friction and
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the friction reading for the cast iron liner was in between those two.
This was true for both 900 RPM and 1200 RPM. The trends were dif-
ferent with ring configuration 5 (DLC rings). The plasma liner did still
show the highest friction losses at both speeds. However, the results
for cast iron liner showed lower friction than the smooth liner at both
speeds. Even though the difference in friction is small when comparing
the cast iron liner to the smooth liner with RC5 thus making it hard to
make definitive conclusions, the trend is completely different compared
to the results with RC1. The difference in friction for cast iron liner
and smooth liner with RC1 was expected. Typically a smoother plateau
surface will result in lower friction, which was clearly found in these tests
with RC1, since the degree of full film lubrication increases. There are
several differences between ring configurations 1 and 5. One difference is
the DLC coating on the top compression ring and the slightly lower ring
tension compared to the Eu6 compression ring. In the results showed in
Figure E.5 and summarised in Table E.7 it can be noted that replacing
only the top compression ring in RC1 to the DLC top compression ring
(RC3) the friction was reduced by 10 W with the plasma liner at both
900 and 1200 RPM. The other difference between RC1 and RC5 is the
lower tangential load, DLC coating and thinner lands on OCR3 in RC5.
When comparing friction for the plasma liner with RC3 and RC5 where
the Eu6 OCR has been replaced with the DLC OCR a reduction in fric-
tion power of 5 W and and 29 W can be noted at 900 RPM and 1200
RPM respectively. The lower ring tension and DLC coating on the OCR
had much larger impact at higher speed. This will be studied further
later in this paper when the Stribeck curves are shown. Further obser-
vations can be made when studying the results in Figure E.5. OCR2
(stepped land) significantly reduces friction in configuration 2 and 4 for
both tested speeds. Interesting observations can be made when compar-
ing results for RC1, RC2, RC3 and RC4. Adding up the reduction in
friction from replacing individual components in RC1 (Eu6) to stepped
land OCR (RC2) and DLC TCR (RC3) is almost the same as the reduc-
tion in friction when replacing both components. This shows that the
Eu6 and DLC top compression ring has the same response to the OCR
replacement. The results for RC6 (Eu6 TCR and SCR with loose lands
3 piece OCR) showed the significantly largest friction among the tested
configurations. More mixed or even boundary lubrication close to rever-
sal zones was introduced, as can be seen in Figure E.5. At 900 RPM this
trend is much larger than at 1200 RPM which further strengthen the
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assumption of transition into mixed lubrication towards the boundary
regime. This is because of the larger ring tension in combination with
the more narrow lands. The results in Figure E.6 shows friction from
individual components. By first comparing friction from RC7 and RC8
which are the two top rings and OCR respectively from RC1 it can be
noted that the OCR is contributing more to friction losses than the two
top rings. Also when comparing the sum of friction from the individual
component test RC7 and RC8 to RC1 it can be noted that the friction is
significantly larger with all rings mounted on the ring holder. This indi-
cates that the OCR significantly reduces the amount of oil that reaches
the two top rings, introduces starved lubrication and is the cause of the
increased friction. This means that an indication of the sealing capa-
bility of an OCR, restriction of oil left for the compression rings, can
be evaluated in this way. This trend has been found previous by the
authors in [116] and is an additional reason why it can be beneficial to
use a complete cylinder liner instead of segments with a part of the cir-
cumference. By making the same comparison with the other two OCR’s
tested individually an estimate of the sealing capability can be made
for these as well. A summary of this comparison can be seen in Table
E.8. The difference column shows the increase in friction power with all
rings mounted on the ring holder compared to the sum of the two com-
ponents (both top compression rings and oil control ring respectively).
The difference for RC1 can be seen as a baseline for acceptable amount
of difference. These are standard production components providing an
acceptable amount of oil consumption in an engine. A large difference
in this comparison means larger sealing capability of the OCR. At 900
RPM the difference is almost the same for the Eu6 and stepped land oil
control ring while the loose rails OCR shows a larger difference. This is
because of the previously mentioned larger ring tension in combination
with the more narrow lands for the loose rails OCR. Even though the
stepped land OCR has half the ring tension compared to the Eu6 OCR it
still shows close to the same amount of sealing capability. At 1200 RPM
it can be noticed that the difference for the loose rails OCR and stepped
land OCR is reduced compared to the Eu6 OCR. The loose rails OCR
show almost the same difference as the Eu6 OCR. The stepped land
OCR shows a little bit less difference than the Eu6 OCR indicating that
the sealing capability reduces somewhat with increased speed. However
the differences are still quite similar and further studies preferably in
real engine tests are needed to evaluate the real effect on oil consump-
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Table E.7: Average friction power (W) for the tested piston ring - cylinder
liner configurations.

Cylinder liners
Piston rings Plasma Cast iron Smooth

TCR SCR OCR

900
R

P
M

1200
R

P
M

900
R

P
M

1200
R

P
M

900
R

P
M

1200
R

P
M

RC1 Eu6 Eu6 Eu6 97 162 88 141 83 128

RC2 Eu6 Eu6 Stepped land 79 124

RC3 DLC Eu6 Eu6 87 152

RC4 DLC Eu6 Stepped land 71 112

RC5 DLC Eu6 DLC 82 123 71 106 73 112

RC6 Eu6 Eu6 Loose rails 136 179

RC7 Eu6 Eu6 - 34 50

RC8 - - Eu6 44 70

RC9 - - Stepped land 25 37

RC10 - - Loose rails 75 86

tion. Nevertheless, the stepped land oil control ring showed close to 50
% less friction than the typical Eu6 OCR with an indication of similar
sealing capability.

E.3.2 Stribeck curves

Figure E.7 shows the mean friction force as a function of equivalent
truck engine speed for RC1 (Eu6) and RC5(DLC) running against the
cast iron liner, test 1 and 2 in Table E.3, at the operating conditions de-
scribed in Table E.4. Mean friction force is deduced from the calculated
friction power. The average friction power for the entire test is calcu-
lated and then divided with the mean piston ring speed. In that way
the mean friction force is describing the contribution to power loss and
is more representative for effects on fuel consumption. Figure E.8 shows
the crank angle resolved friction for all of the equivalent truck engine
speeds in test 1 and 2. It can be noted that RC5 showed lower mean
friction in all of the tested points. At the lowest speed tested, equivalent
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Figure E.4: Friction results for RC1 (EU6 rings) and RC5 (DLC rings)
running against the Cast iron, Plasma and Smooth cylinder liner.
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Figure E.5: Friction results for ring configurations RC1 to RC6 running
against the Plasma cylinder liner.
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Figure E.6: Friction results for ring configuration RC1 and breakdown of
ring friction with configurations RC7 to RC10 running against the Plasma
cylinder liner.
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Table E.8: Comparison of complete ring pack friction power (W) and com-
ponents of it.

Top compression ring Eu6 Eu6 Eu6

2nd compression ring Eu6 Eu6 Eu6

Oil control ring Eu6 Stepped land Loose rails

900 1200 900 1200 900 1200
RPM RPM RPM RPM RPM RPM

All rings mounted 97 162 79 124 136 179

Sum of components 78 120 59 87 109 136

Difference 19 42 20 37 27 43

truck engine speed 125 RPM, the DLC ring pack shows lower friction
on a large part of the stroke close to the reversal zones. This is because
of the low speed which means that boundary and mixed lubrication are
present. At equivalent truck engine speed of 188 RPM the difference
is very small between the two ring packs. Here a tendency of hydro-
dynamic lubrication can be seen around mid stroke and the difference
in friction close to reversal almost disappears because of the considera-
tion to friction power when calculating the mean friction force. As the
equivalent truck engine speed increases more and more hydrodynamic
lubrication appears. The hydrodynamic losses are much larger for RC1
(Eu6) which indicates a lower film thickness. Studying the results at
equivalent truck engine speed of 545 and 1870 RPM more closely gives
an idea of the accuracy of simulating higher speeds with increased vis-
cosity. It can in Figure E.7 be seen that there is a small difference in the
results, where the higher friction is the result from the lower rig speed
in both cases. This can be explained by the squeeze effect; at higher
rig speed the oil film thickness becomes larger around mid-stroke, this
in combination with the quicker travel to and from reversal results in
larger film thickness over the entire stroke. This larger separation close
to mid-stroke as well results in less friction close to reversal for a higher
rig speed. In all, this seems to be a good way to simulate higher piston
ring speeds as long as the squeeze effect is taken into account.

Results for the different oils under investigation, test 3 and 4 in
Table E.3 with operating conditions described in Table E.6 are presented
in Figure E.9 and E.10. By studying the results in Figure E.9 some
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Figure E.7: Stribeck curve.
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Figure E.8: Crank angle resolved friction force at the different equivalent
truck engine speeds showed in Figure E.7. Test rig speeds can be seen in
legends.
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observations can be made. At equivalent truck engine speed 1350 and
2160 the results have some deviation but overall the results for mean
friction force are almost identical for the two oils. When studying the
crank angle resolved friction results in Figure E.10 it can be seen that
the difference between the two oils are very small in most of the tested
operating conditions. The largest difference is at equivalent truck engine
speed 1000 RPM, this is the point where the smallest difference in mean
friction force was found. This is because the test point was run with
different rig speeds. The test with lower speed shows higher friction
around the reversal zones and less friction around mid stroke compared
to the test at higher speed. Nevertheless, this point showed an excellent
correlation in mean friction power even though friction during the stroke
differed. The small difference between the multi grade 10W30 and single
grade SAE30 indicates none or small amount of shear thinning. This
is probably because of the low viscosity of the 10W30. At 100oC the
viscosity was measured to be 9.3 mm2/s which is on the lower boundary
for a 10W30 oil. This indicates that a low amount of polymers, viscosity
improver, are present in the oil which would result in none or small
amounts of shear thinning in the contact.

E.3.3 Validation of numerical model

The sampled friction force measured in the test rig compared to the
simulation results can be seen in Figure E.11. The simulated results
show good correlation with the measured data. At 900 RPM and 1200
RPM the mean friction power is almost identical for the test rig and
simulation. At 1500 RPM some deviation can be seen. Because of the
results showed earlier comparing single grade with multi grade oil this
is probably not because of shear thinning effects. The difference at 1500
RPM could be caused by heating of the oil in the contact leading to
slightly lower viscosity and therefore lower friction in the test rig. An-
other reason for the difference could be caused by the large amount of
noise in the signal. Nevertheless, a good match in the crank angle re-
solved friction force for all speeds, excellent correlation in friction power
at 900 RPM and 1200 RPM suggests that the method of simulation is
acceptable.
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Figure E.9: Stribeck curve.
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Figure E.10: Crank angle resolved friction force at the different equivalent
truck engine speeds showed in Figure E.9. Test rig speeds can be seen in
legends.
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E.4 Conclusions

An extensive experimental investigation with different piston rings, cylin-
der liners and two oils has been performed. Smoother plateau surface
cylinder liner surfaces was proven beneficial for friction compared to a
typical standard honed cylinder liner with a typical HDDE ring pack.
With DLC coated rings and TLOCR with low tangential load and thin
lands, the standard honed cylinder liner showed slightly less friction
than the smoother liner. It was also shown that the ring tangential load
has a direct impact on the friction losses for a oil control ring. For one
of the tested components, friction for the oil control ring was reduced
by almost 50 % while still indicating small difference in oil supplied to
the top compression rings. Stribeck like curves has been produced in
order to simulate higher speeds with increased viscosity. The method
was proven to be acceptable, but squeeze effects must be taken into ac-
count. Two different oils were compared, a single grade SAE30 and a
multigrade 10W30. Small amount or no shear thinning effect was found.
A numerical model developed previously by the authors has also been
validated. The model showed good correlation with the measured data.
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Figure E.11: Comparison of simulation results with experiments.
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