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Abstract 
 

The thermal regime of a gearbox is of considerable importance to its performance. Several significant 

gearbox parameters, such as the efficiency and fatigue life of its components, are temperature 

dependent. It is thus important to be able to determine the temperatures of the gearbox components 

during operation, but they are difficult to measure experimentally. A simulation model capable of 

predicting these temperatures would therefore be a valuable tool.  

The objective of this master’s thesis was to create a model capable of simulating the thermal regime of 

a truck gearbox during operation. To do this, mechanical losses in the gearbox, heat exchange with the 

surroundings, as well as heat transfer between components had to be accounted for. The model was 

created using the 1D simulation software LMS Imagine.Lab Amesim 14.0, and is based on a 

combination of mechanical and thermal networks. Details of the mechanical and thermal interactions 

between components are calculated using empirical and analytical formulas for mechanical losses and 

heat transfer.  

The result of the thesis is a model which can be used to simulate either real or idealised load cases, 

from which temperatures of gear wheels, shafts, bearings, housing and gearbox oil may be studied, as 

well as gearbox losses and heat transfer.  

Comparisons between simulated and measured gearbox efficiencies show good correlation. It is also 

shown that the model can predict oil temperatures which agree with in-vehicle measurements. Due to a 

lack of measurement data, most simulated component temperatures cannot be compared to measured 

values. However, temperature measurements performed for one of the gear wheels indicate that the 

model can be used to predict their temperature. In order to demonstrate the capabilities of the model, 

example results from both real and idealised load cases are presented.  
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Nomenclature 
The parameter notations and component abbreviations used in the report are listed below. 

Parameter Description 
𝑎 Working centre distance of mating gear wheels [m] 
𝐴 General area for heat transfer [m2] 
𝐴𝑓𝑙𝑜𝑤  Channel flow area [m2] 
𝑐 Specific heat [J/(kg K)] 
𝑐𝑝 Specific heat at constant pressure [J/(kg K)] 
𝑐𝑣  Specific heat at constant volume [J/(kg K)] 
𝐶𝑚𝑎  Coefficient to calculate churning losses from gear wheel teeth [-] 
𝐶𝑚𝑑 Coefficient to calculate churning losses from gear wheel sides [-] 
𝐶𝑠𝑖𝑑𝑒  Churning torque losses from gear wheel sides [Nm] 
𝐶𝑡𝑒𝑒𝑡ℎ Churning torque losses from gear wheel teeth [Nm] 
𝐷 General diameter [m] 
𝐷ℎ Hydraulic diameter [m] 
𝐷𝑚 Bearing mean roller diameter [m] 
𝑒 Bearing characteristic ratio between axial and radial loads [-] 
𝑒ℎ Oil thickness in gear contact [m] 
𝐸 Modulus of elasticity [Pa] 
𝐸𝑒𝑞  Equivalent modulus of elasticity [Pa] 
𝑓𝑔 Slipping coefficient [-] 
𝑓0 Bearing frictional factor dependent on speed [-] 
𝑓1 Bearing frictional factor dependent on radial load [-] 
𝑓2 Bearing frictional factor dependent on axial load [-] 
𝐹𝑎 Axial force [N] 
𝐹𝑛 Normal force [N] 
𝐹𝑛𝑢 Normal force per unit length [N/m] 
𝐹𝑟 Rolling force [N] or Radial force [N] 
𝐹𝑡  Tangential force [N] 
𝐹𝑟 Froude number [-] 
𝑔 Gravitational acceleration [m/s2] 
𝑔𝑎 Length of recession [m] 
𝑔𝑓 Length of approach [m] 
ℎ𝑐𝑜𝑛𝑣  Convective heat transfer coefficient [W/(m2K)] 
ℎ𝑓 Relative immersed height [-] 
ℎ𝑖 Immersed height of gear wheel [m] 
ℎ𝑛𝑜𝑚 Nominal convective heat transfer coefficient [W/(m2K)] 
ℎ𝑟𝑎𝑑 Equivalent radiative heat transfer coefficient [W/(m2K)] 
ℎ𝑡  Gear wheel teeth height [m] 
ℎ𝑡0 Scale factor for gear wheel teeth height [m] 
ℎ𝐴 Effective heat transfer coefficient [W/K] 
𝑘 Thermal conductivity [W/(m K)] 
𝑙 Pitch point coordinate on the action line [m] 
𝐿 General length [m] 
𝐿𝑎 Length of action of gear contact [m] 
𝐽𝑎𝑥 Axial clearance between rings in synchronizer [m] 
�̇� Mass flow rate [kg/s] 
𝑛 Amount / Number of [-] 
𝑁 Rotational speed [RPM] 
𝑁𝑢 Nusselt number [-] 
𝑃𝑐ℎ𝑢𝑟𝑛  Power loss by gear wheel churning [W] 
𝑃𝑓𝑙𝑜𝑤  Channel flow perimeter [m] 
𝑃𝑔 Power loss by slipping in gear contact [W] 
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𝑃𝑟  Power loss by rolling in gear contact [W] 
𝑃0  Bearing equivalent static preload [N] 
𝑃1 Bearing equivalent dynamic load [N] 
𝑃𝑟 Prandtl number [-] 
𝑞 Heat flux [W/m2] 
𝑞𝑔𝑒𝑛  Heat generation [W/m3] 
𝑄 Heat transfer rate [W] 
𝑟, 𝑅 General radius [m] 
𝑅𝑎 Gear wheel tip radius [m] 
𝑅𝑏 Gear wheel base radius [m] 
𝑅𝑓 Gear wheel root radius [m] 
𝑅𝑝 Gear wheel pitch radius [m] 
𝑅𝑝𝑤 Gear wheel working pitch radius [m] 
𝑅𝑟𝑖𝑛𝑔 Synchronizer ring radius [m] 
𝑅𝑒 Reynolds number [-] 
𝑠𝑓 Scale factor [-] 
𝑡 Time [s] 
𝑇 Temperature [°C] or General torque [Nm] 
𝑇𝐶𝐶 Thermal contact conductance [W/(m2K)] 
𝑉 General velocity [m/s] 
𝑉𝑔 Slipping velocity in gear contact [m/s] 
𝑉𝑝  Immersed volume of gear wheel [m3] 
𝑉𝑟  Rolling velocity in gear contact [m/s] 
𝑉0 Oil volume in the gearbox [m3] 
𝑤 General width [m] 
𝑤𝐻𝑧  Hertzian contact width [m] 
𝑤𝑟𝑖𝑛𝑔  Width of synchronizer ring contact area [m] 
𝑤𝑡  Gear wheel teeth width [m] 
𝑤0 Effective width of gear contact [m] 
𝑥 Axial position [m] 
𝑋𝑒𝑞  Equivalent curve radius in gear contact [m] 
𝑋1, 𝑋2  Curve radius for gear wheel [m] or Bearing dynamic load coefficient [-] 
𝑌1, 𝑌2 Bearing dynamic load coefficient [-] 
𝑧 Gear wheel teeth number [-] 
  
𝛼 Thermal diffusivity [m2/s] or General angle [rad] 
𝛼𝑁  Gear wheel normal pressure angle [°] 
𝛼𝑇 Gear wheel transverse pressure angle [°] 
𝛼𝑇𝑤 Gear wheel working transverse pressure angle [°] 
𝛽 Gear wheel helix angle [°] or General angle [rad] 
𝛾 Angle that teeth of an immersed gear wheel travel from oil sump to contact [rad]  
𝜀 Emissivity [-] 
𝜃 General angle [rad] 
𝜃𝑟𝑖𝑛𝑔 Synchronizer half cone angle [°] 
𝜇 Dynamic viscosity of oil [Pa s] 
𝜇𝑠 Dynamic viscosity of oil, evaluated at surface temperature [Pa s] 
𝜈 Kinematic viscosity of oil [m2/s] or Poisson’s ratio [-] 
𝜈𝑝𝑖𝑒𝑧𝑜 Piezo viscosity coefficient of oil [1/Pa] 
𝜌 Density [kg/m3] 
𝜎 Stefan-Boltzmann constant [W/(m2K4)] 
𝜏 Time for teeth of an immersed gear wheel to travel from oil sump to contact [s] 
𝜑 General angle [rad] 
𝜓 Parameter used to calculate heat transfer from immersed gear wheels [-] 
𝜔 Rotational speed [rad/s] 
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Notation Component 

BIF Bearing supporting the input shaft  

BIM Bearing connecting input and main shafts 

BLF Bearing supporting the front of the layshaft 

BLR Bearing supporting the rear of the layshaft 

BMR Bearing supporting the rear of the main shaft 

BO Bearing supporting the output shaft 

CB Bearing supporting crawler gear wheel on main shaft 

CL Crawler gear wheel on layshaft 

CM Crawler gear wheel on main shaft  

EY End yoke 

H1 Front housing 

H2 Rear housing 

H3 Bearing housing 

IS Input shaft 

LB Bearing supporting low split gear wheel on main shaft 

LI Low split gear wheel on input shaft 

LL Low split gear wheel on layshaft 

LS Layshaft 

MS Main shaft 

OS Output shaft 

P Planetary gear 

PP Planet gear wheels 

PR Ring gear 

PS Sun wheel 

RB Bearing supporting reverse gear wheel on main shaft 

RI Reverse intermediate gear wheel 

RL Reverse gear wheel on layshaft 

RM Reverse gear wheel on main shaft 

1B Bearing supporting 1st gear wheel on main shaft 

1L 1st gear wheel on layshaft 

1M 1st gear wheel on main shaft 

2B Bearing supporting 2nd gear wheel on main shaft 

2L 2nd gear wheel on layshaft 

2M 2nd gear wheel on main shaft 

3B Bearing supporting 3rd gear wheel on main shaft 

3L 3rd gear wheel on layshaft 

3M 3rd gear wheel on main shaft 

 

For the public version of this report, some confidential information has been censored. This includes 

some numerical values being replaced by “XX”, and the omission of axes in certain graphs. 
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1 Introduction 
The background and purpose of the project, along with its goals and delimitations, are described in 

this chapter. 

 

1.1 Background 
Excessive temperatures can be devastating to the performance of a gearbox. The life times of gear 

wheels, bearings, synchronizers, seals and oil are strongly influenced by their temperatures. 

Additionally, since oil viscosity rapidly decreases with increasing temperature, efficiencies of 

lubricated machine elements are also dependent on this. For instance, while a decrease in viscosity 

causes oil shearing losses in bearings to decrease, gear teeth friction losses may instead increase due to 

thinner film thicknesses in the gear contacts.  

The thermal regime of a gearbox (by which is meant the temperature of its components) is time-

varying and determined by several mutually dependent parameters, such as the load case (engine 

speed, engine torque and active gear), component efficiencies, heat exchange with the surroundings 

and gearbox cooling system, as well as heat transfer between the components. The many parameters 

and physical phenomena (large number of components, mechanical losses and heat transfer 

mechanisms), and the long time scales of interest (on the order of hours), makes detailed discretisation 

methods like FEM (Finite Element Method) and CFD (Computational Fluid Dynamics) too 

computationally demanding to simulate the overall thermal behaviour of a gearbox. It is furthermore 

difficult to measure the temperature of most components; in fact, most Scania gearboxes do not have a 

temperature sensor. In those that do, a resistance thermometer is used to measure the temperature of 

the gearbox oil. While it may thus seem difficult to study gearbox component temperatures, it is 

fortunately a problem well suited for 1D simulation methods.  

1D simulation refers to methods where the actual geometry of components is not resolved; instead a 

network is created whose elements correspond to the real components. The elements are defined by 

physical models and parameter values which describe the corresponding real components. Examples 

are a rotary shaft being defined by its inertia and stiffness, a gear wheel by number of teeth, module 

and teeth width (and more), and a thermal capacity by mass and specific heat. The network is created 

as the elements are connected to each other, e.g. two gear wheels make a meshing pair. Mechanical 

losses occur as one gear wheel drives the other, and these may be sent as heat to thermal capacities, 

whose temperatures may thus represent those of the gear wheels. Here the benefits of a multi-domain 

simulation software become apparent, since both mechanical and thermal aspects must be modelled. 

One of the benefits of 1D simulation is that these kinds of networks can be created fairly easily 

(compared to e.g. FEM models which require a discretised version of the actual geometry) and may be 

built to represent nearly any physical system, as long as the utilised software has a sufficient library of 

physical models. Another large benefit is the low computational cost, which means that e.g. several 

hours of gearbox operation may be simulated in minutes on a desktop computer.  

With increased understanding of the gearbox thermal regime it is easier to identify load cases and 

regions within the gearbox where problems such as overheating are likely to occur. It also facilitates 

the determination of how long a truck may be run at high load and low gears before local or global 

temperatures become too severe. This can not only assist in the analysis of existing systems, but also 

be a useful tool in the early design stage of new concepts.  
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1.2 Goals and purpose 
The primary objective of the project is to develop a simulation model of a truck gearbox which would 

enable an evaluation of the thermal regime (in the form of temperature evolution in e.g. gears, shafts, 

bearings, and oil) during operation. The general aim at the end of the thesis is thus to have a model 

capable of predicting the temperature in different parts of the gearbox for various driving conditions. 

Generic inputs to the model should be engine speed and torque, active gear, ambient temperature, and 

characteristics of the gearbox cooling system. These inputs should be readily changeable so that the 

model can be used for varying operating conditions. 

To further specify the work to be done, a few sub-objectives were defined: 

• Creation of a gearbox simulation model that considers mechanical losses and heat exchange.  

• Development of a way to parse real world data (e.g. in-vehicle or rig measurements of input 

speed and torque, active gear, ambient temperature, and working conditions of the gearbox 

cooling system) as input to the model.  

• Validation of simulation results through comparison with measurements.  

• Investigation of the effect of input parameter variation, and an evaluation of thermal regimes 

for different driving conditions.  

• Completion of the model and project report, and final presentations at LTU and Scania.  

 

Furthermore, the student also defined the following questions of interest: 

• In which components do the highest temperatures occur? 

• How do component temperatures scale with engine speed and torque? 

• What is the relation between different forms of external heat transfer from the gearbox (e.g. 

how much is cooled via the cooling system and how much by convection from the housing)? 

 

Finally, some general learning goals for the student were itemised as follows: 

• Increased knowledge of the operational characteristics of a truck gearbox, and the general 

subject of thermal simulation.  

• Experience in using a commercial 1D simulation software. 

• Increased experience in planning and follow-through of a relatively large project.  

• Practice in writing a technical report, as well as in presenting one’s work.  
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1.3 Delimitations 
As Scania has licences, a support contract, and in-house knowledge of it, the multi-domain 1D 

simulation software LMS Imagine.Lab Amesim 14.0 (henceforth denoted “Amesim”) will be used to 

create the model. This program has previously been used by Scania to model e.g. gearbox losses and 

oil system flow, and has shown itself to be highly capable of modelling powertrain systems. As 

Amesim is a 1D simulation software, the geometry of each component will not be directly resolved, 

machine elements are instead defined as described in Section 1.1. A related aspect of this is that 

temperatures will generally not be resolved finer than on a machine element level; e.g. the oil sump 

and bearings are assumed to be isothermal, which is in line with the common approach of using 

lumped masses for simulating large thermal networks. 

The model will consist of the gearbox, from input to output shaft. Mechanical boundary conditions 

will be engine speed and torque, and active gear (variable during simulation). Thermal boundary 

conditions will consist of temperatures of the surrounding structure and air, and characteristics of the 

gearbox cooling system. The project will be focused on modelling one type of gearbox, which does 

not have a retarder (further explained in Section 2.2). 

When possible and applicable, the intrinsic capabilities of Amesim for calculating power losses and 

heat transfer (which are based on either analytical or empirical formulas) will be used. In areas where 

Amesim lacks inherent physical models (e.g. convection from an immersed gear wheel to an oil 

sump), empirical formulas found in literature will be used. If no such formulas are found, values may 

have to be based on other simulation models or tuned from comparison with measurements. 

The model will be validated by comparing results from it with in-vehicle and test rig measurements for 

corresponding real cases. 
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2 Frame of reference 
Existing knowledge on which this work is based, such as similar research, gearbox characteristics, 

and the fundamentals of mechanical losses and heat transfer, is summarised in this chapter. 

 

2.1 Literature review 
The thermal behaviour of gearbox components has been an area of study for some time. A thermal 

network model of a six-speed manual gearbox, where both power losses and component temperatures 

were investigated, was created by Changenet et al. [1]. When the thermal behaviour of the gearbox 

was accounted for, simulated and measured efficiencies were shown to be in close agreement. 

Unfortunately, comparisons between simulated and measured temperatures were not presented; it is 

believed by the author that this was due to difficulties in performing the measurements. 

Using the same approach, Durand de Gevigney et al. [2] modelled the thermal regime of an FZG gear 

test rig (the rig is described in detail by Öun et al. [3]). This model could accurately predict 

temperatures of e.g. the oil sump (within about 2°C of measured values) and pinion (within about 5°C 

of measured values). While such a test rig is a significantly simpler system than an entire gearbox, 

these results still show the applicability of the thermal network approach. In a similar vein, Prakash del 

Valle [4] investigated the same type of rig, with a detailed description of the entire modelling process.  

Several internal Scania models and investigations were also found to be of interest. Gearbox loss 

models such as those created by Birgersson [5] and Settersjö [6] were useful to confirm that the 

current model is able to accurately predict losses. Furthermore, Scania gearboxes include an internal 

oil system for lubrication and cooling of its components. The details of this system were modelled by 

both Eriksson [7] and Birgersson [8], from which useful data were obtained for the current model. To 

model the cooling system for the gearbox oil, various product data sheets, measurement reports, and 

calculation reports (detailed in Section 3.4) were used.  

In addition to the references mentioned above, many articles and reports were studied to increase the 

overall understanding of the system to be modelled. An interesting observation was that other than [1], 

no investigations of complete gearbox thermal regimes, resolved on the component level, were found. 

Unless there are several investigations which were not found during the literature review, it would thus 

seem that there is still much work to be done in this area of research.  

 

 

2.2 Scania truck gearbox components 
The main components of the Scania GRS905 gearbox are described briefly in this section. While 

Scania provides several different gearbox configurations, with e.g. varying numbers of gear wheel 

pairs and optional auxiliaries, the main layout is rather similar for the entire product range.  

Figure 1 shows a simplified section cut of the gearbox, with component notations that are used both in 

this report and the simulation model. When specifying positions, front means towards the engine (to 

the left in Figure 1), and rear means towards the end yoke, which connects to the propeller shaft (to the 

right in Figure 1). 
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Figure 1, Simplified vertical section cut of a GRS905 gearbox. 

The components included in the model are introduced in the following subsections, along with their 

notations and some brief comments. 

 

Shafts 

The gearbox contains the following shafts: 

Input shaft, IS. One gear wheel, supported by a needle bearing, is attached to this shaft. It is connected 

to the engine output shaft via the clutch. 

Layshaft, LS. Six gear wheels are permanently fixed to this shaft (three by press fit, the rest are 

directly cut from the shaft during manufacturing). It is approximately 40 % radially submerged in the 

oil sump during standstill. 

Main shaft, MS. Five gear wheels are attached to this shaft, one by a double row tapered roller bearing 

and the rest by needle bearings. Furthermore, the sun wheel of the planetary gear is fixed to this shaft 

via splines. 

Output shaft, OS. The front end of this shaft acts as the carrier in the planetary gear. Its rear end is 

connected to the end yoke via splines. 

 

Gear wheels 

The gearbox contains six pairs of gear wheels between the input/main shafts and the layshaft. Their 

notations are chosen to indicate Low split (L), High split/3rd (H/3), 2nd (2), 1st (1) Crawler (C) and 

Reverse (R) gears. For reverse gear, the rotation of the main shaft is reversed by utilising an 

intermediate gear wheel between the layshaft and main shaft, denoted RI in Figure 1.  

In addition to the ordinary gear wheel pairs, the connection between the main and output shafts is 

made via a planetary gear. This consists of a sun wheel (fixed to the main shaft by splines), five planet 
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gear wheels, a planet carrier (the front end of the output shaft), and a ring gear (which can be fixed to 

either the sun wheel or the housing, depending on gear selection).  

 

Synchronizers 

The gear wheels on the input and main shafts are supported by bearings, so that they may rotate at 

different speeds than the shafts with minimal losses when inactive (not transferring torque). When a 

gear is selected to be active, this rotational speed difference must first be reduced, which is a function 

performed by synchronizers through the use of friction surfaces. When the speed difference has been 

sufficiently reduced, a shift sleeve (which is a subcomponent of the synchronizer) couples the gear 

wheel to the shaft, thereby enabling torque transfer. Synchronizers are utilised for all gears (including 

the planetary gear) except for crawler and reverse, which use dog clutches instead. 

 

Shaft bearings 

The shafts are supported by bearings which are mounted in the housing (except for the one denoted 

BIM, which is encased by the rear end of the input shaft and surrounds the front end of the main 

shaft). Five of these (BIF, BLF, BLR, BIM, BMR) are single-row tapered bearings, and one (BO) is a 

single row ball bearing. 

 

Housing 

The gearbox housing is partitioned into three components, denoted the front (H1), rear (H2) and 

bearing (H3) housing. The front and bearing housing consist of aluminium, while the rear housing is 

made from cast iron.  

Apart from its shaft connections, the gearbox is externally supported at two points. The front housing 

is horizontally connected to the flywheel cover, and the top of the rear housing is vertically connected 

to a support beam which connects to the chassis. Both connections are made with bolted joints.  

 

Oil sump and system 

There is an oil sump at the bottom of the gearbox, which nominally contains 13.5 L of oil. The 

layshaft (along with its bearings and gear wheels) is partially submerged in this, which causes oil to be 

splashed around the gearbox during operation. The powertrain of Scania trucks has a nominal angle of 

5°, so the front of the gearbox is higher than the back (this is not the case for All-Wheel Drive trucks, 

whose powertrains are level). This influences the distribution of the oil, and causes the layshaft to be 

more immersed at the rear than at the front. 

A positive displacement pump is located at the front of the layshaft. This is used to pump oil from the 

sump, first through a filter and then into the front housing, input shaft, and onward through the main 

shaft, after which it is expelled at the sun wheel. As oil travels through the input and main shafts, 

radial openings transport some of it to the gear wheel and shaft bearings, which lubricates and cools 

them. Some gearboxes are fitted with a Pt100 resistance thermometer which measures the temperature 

of the oil. This sensor is placed within the oil system, just before the filter. The oil system may also be 

used to transfer heat from the gearbox, by diverting the oil flow from the pump through a cooler. 

There are three variations of gearbox cooling available: no cooler (only used for trucks with light 

loads), liquid cooler and air cooler. 

When using a gearbox cooler, oil is led through it after the filter and before reaching the input shaft. A 

liquid cooling system utilises the same cooling medium as the engine, so this system can also be used 
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to heat the oil during cold start-up and when operating at low loads in cold climates. With an air 

cooling system, the gearbox oil is diverted to the front of the truck, where it is cooled by the ambient 

air. This system has approximately twice the maximum cooling power of the liquid system, but cannot 

be used to heat the oil. To avoid reducing the temperature of the gearbox oil too much at low loads, the 

air cooling system utilises a thermostat which is closed at low oil temperatures. 

 

Optional components not included in the model 

Because a gearbox is a highly complex system with many components, some simplifications have 

been made in the modelling process. As a part of this, some optional gearbox components have not 

been included in the model. Those that may be deemed most interesting (from a thermal modelling 

point of view) are listed briefly below. 

Retarder: A retarder is a hydraulic auxiliary brake which utilises viscous drag forces caused by oil 

flow between stationary and rotary vanes. If present, it is connected to a gear wheel at the output shaft 

(between the planetary gear and the output shaft ball bearing). It may be used to assist the main 

friction brakes during deceleration, and to maintain a desired speed during descent (to prevent 

excessive temperature increase and wear of the main brakes). As it is an optional component and it is 

not believed to be easily modelled, the current model does not include a retarder. However, since it is 

relevant for the thermal regime of trucks that experience prolonged durations of descent, it would be of 

interest to add a retarder to future versions of the model. To understand this, it is helpful to know that 

the maximum power that can be braked by a Scania retarder is approximately XX kW (comparable to 

the power output of Scania’s largest truck engines). This means that even though the retarder is cooled 

separately from the rest of the gearbox, if even a few percent of the heat generated in it are transmitted 

to the gearbox, it is comparable with the entire gearbox losses for a high load case (explained in 

Section 2.4). Furthermore, losses in the contact between the gear wheels at the output shaft and in the 

retarder would also be relevant.  

Power take-off: Auxiliaries such as cranes and winches may draw power from the powertrain, and for 

some configurations losses related to this lead to heat generation in the gearbox. As this is generally 

not done during normal truck operation, and is a very specific load case, it is currently not included in 

the model. 

Layshaft brake: During an upgrade of Scania’s gearbox product line, a multi-disc brake positioned at 

the front of the layshaft was introduced. It is used to brake the layshaft, and assists during gear change 

by reducing the mechanical energy that needs to be absorbed by the synchronizers. While oil 

temperature and cooling properties are critical for its operation and service life, the brake is not 

believed to greatly affect the temperature of other components, because of the relatively low 

mechanical energy which is converted to heat in it. For a common gear change, only about 1 kJ of 

mechanical energy is dissipated, and for a very harsh gear change (which is rare) the figure is about 3 

kJ [9]. These values are on the order of the total gearbox losses for one second of driving with 

relatively light load (shown in Section 2.4). 

 

 

2.3 Gear selection 
The complete GRS905 gearbox may be considered to consist of three simpler gearboxes which are 

serially connected: the splitter, main gearbox, and range unit. The splitter may transfer torque from the 

input shaft to the layshaft over either the L or H/3 gear wheel pairs (low or high split). Torque transfer 

in the main gearbox may occur from the layshaft to the main shaft over gear wheel pairs H/3, 2, 1, C 

or R. For the range unit, which is the planetary gear, the ring gear may either be locked to the sun 
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wheel for high range, or be fixed to the gearbox housing for low range. Note that when the gearbox is 

run on high split and 3rd gear, power is not transferred to the layshaft; it instead goes directly from the 

input to the main shaft.  

Utilising the combinations listed above, a total of 2 ⋅ 1 + 2 ⋅ 3 ⋅ 2 = 14 forward and 2 reverse gears 

may be chosen (Crawler and Reverse are not possible at high range), and the total ratio of the GRS905 

spans from 16.406:1 (Low split, Crawler, Low range) to 1:1 (High split, 3, High range, a direct drive 

gear). Table 1 lists the numbers (-2 to 14) used in the model for the possible active gears, and 

corresponding short hand notations. 

Table 1, Active gear depending on split, main gearbox and range unit selections. 

Main gearbox Low range High range 

 Low split High split Low split High split 

Reverse -2 / RL -1 / RH - - 

Crawler 1 / CL 2 / CH - - 

1 3 / 1L 4 / 1H 9 / 4L 10 / 4H 

2 5 / 2L 6 / 2H 11 / 5L 12 / 5H 

3 7 / 3L 8 / 3H 13 / 6L 14 / 6H 

 

 

2.4 General gearbox operating conditions 
So that the reader may get a feel for reasonable parameter values, some examples of general operating 

conditions are shown below. 

The maximum power that can go through the gearbox depends on which engine the truck is fitted 

with, and Scania truck engine powers range from approximately 210 to 540 kW [10]. The maximum 

input torque from a truck engine to a GRS905 gearbox is XX Nm [11], but test rigs may expose the 

gearbox to even higher loads. An additional limiting factor at the lowest gears is the maximum 

allowed torque on the propeller shaft [12]. 

Representative operating parameters for a 40-ton truck cruising at 85 km/h are an engine speed and 

torque of 1300 RPM and 950 Nm, resulting in a power input of approximately 130 kW to the gearbox 

[13]. Cruising is done on the highest gear, which for a GRS905 means that the power goes straight 

through the gearbox, without being transferred over gear wheel pairs. The total gearbox efficiency for 

a case such as this is in the vicinity of XX, leading to power losses of about XX kW. This load case 

corresponds to a large portion of the driving conditions of many trucks (long haulage trucks may 

spend more than 90 % of the time on the highest gear [5]). However, several load cases are 

significantly harsher for the gearbox, requiring higher input torque and lower gears (often due to 

inclined roads), and the gearbox must be able to maintain sufficiently low temperatures even when a 

truck experiences these conditions. The highest temperature that the gearbox may be operated at is 

based on the temperature of the oil sump [14]. 

For very high loads (on the order of 500 kW) at low gears (where power is transferred over gear wheel 

pairs at the split, main and range units, which reduces the efficiency), gearbox losses may be as large 

as XX kW. Such power losses generally exceed the maximum rate of heat transfer to the cooling 

system, so these load cases should only be run for shorter periods of time to avoid overheating the 

gearbox oil. Moreover, component temperatures can be expected to rise faster than the oil temperature, 

further limiting the time that should be spent on very high loads. 
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2.5 Thermophysical properties and dimensionless numbers 
The behaviour of the thermal network representing the gearbox depends on multiple factors, such as 

heat generation in the mechanical elements, heat transfer to the surroundings, and heat exchange 

between components. The thermophysical properties of the components are fundamental to this 

behaviour, and convective heat transfer is often calculated by using empirical formulas relating 

dimensionless numbers. These properties and parameters are described briefly below, based on the 

descriptions by Bergman et al. [15]. 

Density, 𝝆 [kg/m3] 

The density of a material is the ratio between its mass and volume, and depends on both pressure and 

temperature. The dependency is strong for gases (seen from e.g. the ideal gas law), but for solids and 

liquids it is commonly so weak that the density may be considered constant (in the model presented in 

this report, the density of solids does not directly factor in and the density of oil is assumed to only 

depend on the temperature).  

Specific heat, 𝒄 [J/(kg K)] 

The specific heat of a substance defines how much energy is needed to change its temperature. It may 

either be defined at constant pressure, 𝑐𝑝, or at constant volume, 𝑐𝑣. These parameters differ 

considerably for gases, but for solids and nearly incompressible fluids (such as oil) they are nearly 

equivalent. 

Thermal conductivity, 𝒌 [W/(m K)] 

Thermal conductivity is defined by Fourier’s Law (further explained in Section 2.7). It describes how 

efficiently a material transports heat via conduction, and it is generally significantly higher for metals 

than for other materials.  

Thermal diffusivity, 𝜶 [m2/s] 

By combining the thermal conductivity, density and specific heat, the thermal diffusivity of a material 

may be expressed as 𝛼 =
𝑘

𝜌𝑐
. This parameter describes the ability of a material to conduct heat 

compared to how well it can store thermal energy.  

Dynamic viscosity, 𝝁 [Pa s] 

The dynamic viscosity of a fluid is a measure of its ability to resist shearing. For an idealised situation 

in which two parallel plates, separated by a fluid, are moving tangentially to each other (denoted 

Couette flow), the dynamic viscosity may be defined as a constant of proportionality between the ratio 

of shear stress applied to the fluid and the resulting velocity gradient in the fluid (perpendicular to the 

movement of the plates). The dynamic viscosity of oil generally decreases rapidly with increasing 

temperature.  

Kinematic viscosity, 𝝂 [m2/s] 

The kinematic viscosity (also denoted momentum diffusivity) of a fluid is the ratio between dynamic 

viscosity and density, i.e. 𝜈 =
𝜇

𝜌
. It can be described as a measure of the effectiveness of momentum 

transport in the fluid. 

Emissivity, 𝜺 [-] 

The emissivity of a material is essentially a scale factor, ranging from 0 to 1, which describes how 

efficiently it emits and absorbs energy via radiation. Its impact on radiative heat exchange is shown in 

Section 2.7. 
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Prandtl number, 𝑷𝒓 

The Prandtl number is defined as the ratio of kinematic viscosity to thermal diffusivity, i.e. 𝑃𝑟 =
𝜈

𝛼
. It 

is thus a fluid property which describes the ratio of momentum diffusivity to thermal diffusivity; a 

large Prandtl number (generally the case for oil) means that energy transport is dominated by fluid 

motion rather than conduction. 

Reynolds number, 𝑹𝒆 

The Reynolds number depends not only on fluid properties, but also on the specific flow case, as it is 

formed from a combination of a characteristic velocity 𝑉, a characteristic length 𝐿, and the kinematic 

viscosity, 𝑅𝑒 =
𝑉𝐿

𝜈
. It describes the ratio between inertial and viscous forces, and can (among other 

things) be used to predict if a flow is laminar or turbulent.  

Nusselt number, 𝑵𝒖 

The Nusselt number is used in empirical expressions which attempt to quantify heat transfer by 

convection (described in Section 2.7). It is defined from the convective heat transfer coefficient ℎ𝑐𝑜𝑛𝑣, 

a characteristic length, and the thermal conductivity of the fluid, 𝑁𝑢 =
ℎ𝑐𝑜𝑛𝑣𝐿

𝑘
. It describes the ratio of 

heat transfer by convection to purely conductive heat transfer at the interface between a surface and a 

fluid, and it is commonly expressed as a function of the Reynolds and Prandtl numbers.  

 

 

2.6 Mechanical losses 
There are several different mechanisms by which mechanical losses occur in a gearbox. This section 

aims only to introduce a sample of them, the specifics of all the losses accounted for in the model are 

detailed in Section 3.2. 

The total losses in a gearbox is the sum of the component losses, which can be broadly classified into 

two categories: load (or torque) dependent and load independent. An important example of load 

dependent losses is friction work due to relative motion between meshing gear wheel teeth, where the 

contact pressure (and thus the losses) scales with the transferred torque. When the gearbox is operating 

with high input torques and at low gears, these losses tend to dominate other types. As they occur in 

the contact between gear wheel teeth they are furthermore heavily localised, which may cause 

significant local increases in temperatures. 

Load independent losses include e.g. oil shearing in bearings (where mechanical energy is expelled to 

break the chemical bonds of the oil) and churning losses (as gear wheels rotate while submerged in an 

oil sump). These types of losses tend to be significantly lower than the load dependent ones at high 

loads, and they are not as localised; therefore they do not tend to cause severe increases of 

temperature. They are however present for all load cases, and they especially dominate in the common 

case when the gearbox is run at a direct drive gear (which means that torque is not transferred over 

gear wheel pairs). 
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2.7 Modes of heat transfer 
Heat transfer primarily occurs by three separate mechanisms which are briefly described below, based 

on the introduction by Bergman et al. [15]. The specifics of all the mechanisms that are accounted for 

in the model are described in detail in Section 3.3. 

 

Conduction 

Conduction is the mechanism by which heat is transferred internally through solids (in fluids, heat 

transfer is aided by bulk motion as well). Its physical basis is the connection between molecular 

activity and temperature. In brief, high temperature is associated with high molecular energy, and as 

molecules at different energy levels interact, energy is transferred between them. On a macroscopic 

scale, this is observed as conductive heat transfer. 

Conduction may be quantified by the general form of Fourier’s Law, which states that heat flux by 

conduction 𝑞𝑐𝑜𝑛𝑑 in a material occurs in a direction perpendicular to an isothermal surface, and is 

proportional to the thermal conductivity 𝑘 of the material. Mathematically this can be written (with 𝑘 

assumed constant, 
𝜕𝑇

𝜕𝑛
 being the temperature gradient, and 𝒏 the unit normal vector) 

𝑞𝑐𝑜𝑛𝑑𝒏 = −𝑘
𝜕𝑇

𝜕𝑛
𝒏         (1) 

 

By analysing a differential control volume and applying the concept of conservation of energy, another 

equation of interest can be derived, which is the heat diffusion equation. It takes the following form in 

a Cartesian coordinate system with constant 𝑘 (where 𝑞𝑔𝑒𝑛 is heat generation, 𝜌 density, 𝑐𝑝 specific 

heat at constant pressure, and 𝑡 time).  

𝜕2𝑇

𝜕2𝑥
+

𝜕2𝑇

𝜕2𝑦
+

𝜕2𝑇

𝜕2𝑧
+

𝑞𝑔𝑒𝑛

𝑘
=

𝜌𝑐𝑝

𝑘

𝜕𝑇

𝜕𝑡
        (2) 

 

To see how Eq (1) and (2) are used for a simple case, one can assume that a body is isothermal in the 

y- and z-directions (
𝜕2𝑇

𝜕2𝑦
=

𝜕2𝑇

𝜕2𝑧
= 0), there is no heat generation (𝑞𝑔𝑒𝑛 = 0), and steady state conditions 

apply (
𝜕𝑇

𝜕𝑡
= 0). Eq (2) then reduces to 

𝑑2𝑇

𝑑𝑥2 = 0  =>   
𝑑𝑇

𝑑𝑥
= 𝑐𝑜𝑛𝑠𝑡𝑎𝑛𝑡        (3) 

 

By combining Eq (1) with the result of Eq (3), and multiplying with the cross-sectional area 𝐴𝑥 

(assumed constant), the rate of heat transfer by conduction 𝑄𝑐𝑜𝑛𝑑 between two points at temperatures 

𝑇1 and 𝑇2, separated by a distance 𝐿 along the x-axis, can be calculated as  

𝑄𝑐𝑜𝑛𝑑 = −𝑘𝐴𝑥
𝑑𝑇

𝑑𝑥
=

−𝑘𝐴𝑥

𝐿
(𝑇2 − 𝑇1)       (4) 

 

Eq (4) is a simple and useful formula that can be used to calculate the rate of conductive heat transfer 

based on material properties, geometry, and temperature difference. 



12 

Convection 

Convection occurs at fluid-surface interfaces at which there are temperature gradients, as well as 

internally in fluids. It has its physical basis in a superposition of energy transfer due to diffusion 

(random molecular motion) and bulk motion of a fluid. It can furthermore be divided into two distinct 

types: free or forced.  

Free convection occurs when heat transfer between a surface and a fluid causes a temperature gradient 

in the fluid, which leads to density variations and fluid motion due to gravitational forces. In free 

convection, fluid motion is thus caused by heat transfer. In forced convection, fluid instead flows over 

a surface due to an external factor, such as a pressure difference in the fluid or movement of the 

surface. This generally leads to significantly higher relative velocities than for free convection, and 

more efficient heat transfer. 

The convective heat flux between a surface and fluid 𝑞𝑐𝑜𝑛𝑣 can be described as (with subscripts 𝑠 and 

∞ indicating surface and bulk fluid, respectively) 

𝑞𝑐𝑜𝑛𝑣 = ℎ𝑐𝑜𝑛𝑣(𝑇𝑠 − 𝑇∞)        (5) 

 

While Eq (5) may look simple, the calculation of the convective heat transfer coefficient ℎ𝑐𝑜𝑛𝑣 is 

certainly not. It not only depends on fluid properties such as 𝜌, 𝑐, 𝑘 and 𝜈 (which are state dependent), 

but also on the surface geometry and flow conditions. 

The complexity of convection makes analytical expressions of ℎ𝑐𝑜𝑛𝑣 extremely hard or even 

impossible to define. The standard approach is instead to rely on empirical expressions to calculate 

approximate values for specific cases; some common dimensionless numbers used for this were 

described in Section 2.5. It should however be noted that while these kinds of empirical expressions 

allow one to calculate reasonable values of the convective heat transfer coefficient, the uncertainties 

are still large. A rule of thumb [15] is that even for simple cases, such as parallel flow over a flat plate, 

uncertainties as high as 25 % may be expected when using generic empirical formulas.  

 

Radiation 

All matter with nonzero temperature emits electromagnetic radiation. In brief, the physical basis is the 

conversion from thermal to electromagnetic energy as interactions between charged particles lead to 

the emission of photons. As photons from one body reach an opaque surface of another body they may 

be absorbed, which reverses the energy conversion process. Macroscopically, this is observed as 

radiative heat exchange between different objects.  

If a body at absolute temperature 𝑇1 is enveloped by surroundings which are at 𝑇2, the net radiative 

heat flux from the body 𝑞𝑟𝑎𝑑 can be calculated by the following equation (where 𝜀 is the emissivity of 

the body and 𝜎 the Stefan-Boltzmann constant). 

𝑞𝑟𝑎𝑑 = 𝜀𝜎(𝑇1
4 − 𝑇2

4)         (6) 

 

Eq (6) shows that radiation is strongly dependent on the absolute temperature of the objects. A simple 

calculation in Section 3.3 demonstrates that, except for in the exchange between the outside of the 

gearbox housing and the surroundings, radiation may be safely neglected in the current model due to 

the relatively low temperatures.  
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3 Model definition 
The creation of the model and definition of its parameters are described in detail in this chapter. 

 

The general operating principle of the model is that signals of rotational speed and torque representing 

output from an engine is sent through mechanical powertrain components which represent the 

gearbox. Losses occur as power is transferred between components, and these are sent as heat to 

corresponding thermal masses. The masses are thermally connected, and heat is transferred between 

them by means of e.g. radial conduction from gear wheels to shafts or convection from gear wheels to 

the oil sump. In this way, a thermal network of the gearbox components is created.  

The boundary conditions (BCs) of the model are: 

• Engine speed, Engine torque, Active gear, Cooler properties / Oil sump temperature 

• External temperatures (Surroundings, Engine output shaft, End yoke, Flywheel cover, Beam) 

The mechanical BCs can vary over the course of a simulation, so e.g. real driving cases may be 

simulated by using measured values as input. External temperatures are generally set as constants in 

the model, but if time-varying values are known or should be approximated, they can be inserted 

through either simple piecewise linear functions or from files of measured values. Figure 2 shows the 

model layout, as it is seen in Amesim. Instructions of how to use the model are given in Appendix 1.  

 

Figure 2, Amesim model layout. Green components correspond to Powertrain / Mechanical, brown, blue and 

pink to Thermal, orange and blue to Thermal Hydraulic and red to Signal, Control libraries. 
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The following sections describe the different aspects of the model. The general modelling of the 

gearbox components in Amesim is presented first, followed by a description of the losses occurring in 

the gearbox and the equations used to describe them. The third section details the modes of heat 

transfer in the gearbox and how they are simulated. Following this is a section which describes how a 

simplified gearbox cooling system was incorporated into the model. 

 

 

3.1 Elements and parameters in the model 
As Amesim is capable of modelling multiple domains of physics, it contains a large number of 

different physical models (also called “components” or “elements”). To facilitate the modelling 

process, the available components are divided into different libraries, such as Mechanical, Electrical 

Basics or Hydraulic. More specific types of libraries also exist, e.g. Air-Conditioning and Vehicle 

Dynamics. This makes it easy for the user to delimit which components are of interest for a specific 

problem.  

The libraries used in the model are Powertrain and Mechanical (for the mechanical aspects of the 

gearbox), Thermal (for the thermal network), Thermal Hydraulic and Thermal Hydraulic Resistance 

(for the oil system) and Signal, Control (for user-defined functions and sending data between 

elements).  

In conjunction with the elements used to build the model, around 500 numerical parameters are needed 

to define it. Most of these define the geometry of the gearbox components (e.g. gear wheel data 

needed for loss calculations), but boundary conditions, cooling system characteristics etc. are also set 

by them. To enable an easy overview of these parameters, nearly all of them are set using Amesim’s 

“Global Parameters” utility.  

The primary components in the model, along with their icons, usage, and some notes, are listed in the 

following subsections. 
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Powertrain / Mechanical 
Table 2, Amesim Powertrain and Mechanical components. 

Amesim component Icon Usage / Notes 

Gear wheel  

 

Layshaft gear wheels (fixed to 

shaft) 

Idle gear wheel 

 

Input and main shaft gear wheels 

(supported by bearings) 

Synchronizer 

 

Input and main shaft 

synchronizers 

Multi-disc clutch 

 

Not in real gearbox, but used to 

facilitate gear changing logic* 

Roller bearing, single shaft 

 

Shaft bearings fixed to housing 

Roller bearing, dual shafts 

 

Shaft bearing which connects 

input and main shafts 

Complete planetary gear train 

 

Planetary gear  

Oil properties and volume 

 

Definition of oil mechanical 

properties, see Appendix 2 

Rotary inertia 

 
 

Inertia of rotating components 

*Multi-disc clutches are utilised in the model to lock the planetary ring gear to either the sun wheel or 

the gearbox housing. 
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Thermal 
Table 3, Amesim Thermal components. 

Amesim component Icon Usage / Notes 

Thermal mass  

 

Thermal mass of machine 

elements (stores temperatures) 

Temperature source 
 

Fixed temperature BCs 

Thermal properties 

 

Definition of material properties 

Conductive exchange 
 

Conduction 

Convective exchange 
 

Convection 

Convective exchange, piloted 
 

Convection, manually defined 

equation 

 

In general, one real machine element corresponds to one component in the model, with one thermal 

mass. Some exceptions are made though, both to improve the accuracy through finer discretisation, 

and to more easily define heat exchange mechanisms such as linear or radial conduction. These 

separations (where several thermal masses are used for one machine element) are:  

• Input shaft: Divided at the bulk, at the shaft bearing, and at the low split gear wheel.  

• Layshaft: Divided at each gear wheel (6) and shaft bearing (2). 

• Main shaft: Divided at each gear wheel (5), shaft bearing (2) and at the sun wheel. 

• Output shaft: Divided as planetary carrier, at the bulk, at the shaft bearing, and towards the 

end yoke. The shaft divisions are visualised in Figure 3. 

• Input and main shaft gear wheels: Divided into teeth and bulk. This was done to utilise heat 

transfer coefficients proposed by CFD analysis, and to be able to compare simulated and 

measured temperatures. 

• Planetary gear: Divided into sun wheel, planet gear wheels, and ring gear. Furthermore, the 

planetary carrier is a part of the output shaft.  

Component masses were measured from the CAD (Computer-Aided Design) geometry. For several 

components, primarily the housing, a significant number of connected auxiliary parts, e.g. pipes and 

bolts, were not resolved in the model. To still obtain representative thermal inertias in the model, their 

masses were added to the components which were modelled.  

 

Figure 3, Approximate positions of thermal masses representing different parts of the shafts. 
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Thermal Hydraulic / Thermal Hydraulic Resistance 
Table 4, Amesim Thermal Hydraulic and Thermal Hydraulic Resistance components. 

Amesim component Icon Usage / Notes 

Tank, variable liquid height  

 

Oil sump 

Ideal fixed displacement pump 

 

Control of flow distribution in oil 

system 

Circular pipe with friction and 

heat exchange 

 

 

Input and main shaft flows, 

intrinsic Amesim heat transfer 

equations 

Channel with friction and heat 

exchange 

 

 

Bearing and planetary gear flows, 

manually set heat transfer 

equations 

Thermal hydraulic fluid 

properties 
 

 

Definition of oil thermal 

properties, see Appendix 2* 

*The gearbox oil must be defined separately for the mechanical and thermal hydraulic calculations, 

and the viscosity and density are needed for both oil definitions. As there is only one type of oil in the 

real gearbox, the same values are used for both definitions. 

 

Signal, Control 
Table 5, Amesim Signal, Control components. 

Amesim component Icon Usage / Notes 

Signal source  

      

BCs, set either by piecewise 

linear functions or read from files 

PID controller 

 

Engine torque BC* 

First order lag 

 

Smooths signals during gear 

change  

Function 

      

Various equations 

Transmitter / Receiver 
       

 

Transmits data between elements 

*Engine speed and torque cannot both be set at the front of the gearbox in the model, because that 

would make it overconstrained (each port of the Powertrain elements can take either speed or torque 

as input, not both). To circumvent this problem, the torque input signal is set at the back of the 

gearbox, after the output shaft. The difference between this signal and the torque measured by a 

sensor at the front is sent into a PID controller. The controller thus works to set the torque at the back 

of the gearbox to a value which will cause the torque at the front of the gearbox to be equal to the 

input signal (i.e. to reduce the “error” to zero).  
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3.2 Mechanical losses 
The calculation of losses is described in this section, with subsections divided by the mechanisms by 

which they occur. To clarify where the losses occur in the model, each subsection starts with a note of 

which components experience them. The loss formulas used are all intrinsic to Amesim [16], so the 

user only needs to supply parameters such as gear wheel geometry, bearing parameters, oil properties 

etc.  

During model validation, it was found that certain losses tended to be overestimated by the model, 

specifically those relating to gear contact friction. To obtain a correct thermal behaviour despite of 

this, heat generation scale factors were introduced both for ordinary gear contacts (Section 4.1) and the 

planetary gear (Section 4.2). 

 

Gear contact slipping losses, torque dependent 

Usage: Active gear wheel pairs, planetary gear included 

In gear wheel pairs which transfer torque, power is lost due to friction as slip occurs in the contact. 

The power loss by slip in the gear contact 𝑃𝑔 is calculated via linear integration over the line of action 

𝐿𝑎, 

𝑃𝑔 =
1

𝐿𝑎
∫ 𝐹𝑛𝑓𝑔𝑉𝑔𝑑𝑙

𝐿𝑎

0
         (7) 

 

The components of the integrand are the normal force 𝐹𝑛  

𝐹𝑛 =
𝐹𝑡

cos 𝛼𝑁 cos 𝛽
          (8) 

 

the slipping coefficient 𝑓𝑔 

𝑓𝑔 = 0.0127 log10 (
0.02912𝐹𝑛𝑢

𝜌𝜇𝑉𝑔𝑉𝑟
2 )        (9) 

 

as well as the slipping velocity 𝑉𝑔 

𝑉𝑔 = 𝜔2|𝑙 − 𝑔𝑓| (1 +
𝑧1

𝑧2
)        (10) 

 

In the above equations, 𝐹𝑡 is the tangential force, 𝛼𝑁 the normal pressure angle, 𝛽 the helix angle, 𝐹𝑛𝑢 

the normal force per unit length, 𝜌 the oil density, 𝜇 the oil dynamic viscosity, 𝑉𝑟 the rolling velocity, 

𝜔2 the rotary velocity of the driven gear wheel, 𝑙 the pitch point coordinate on the action line, 𝑔𝑓 the 

length of approach, and 𝑧1 and 𝑧2 the gear wheel teeth numbers.  

Inspection of Eq (7) to (10) shows some interesting trends. 𝑃𝑔 is directly proportional to the load 

through 𝐹𝑛, but also scales logarithmically with it through 𝑓𝑔; it thus scales slightly faster than linearly 

with increasing torque. 𝑃𝑔 is also directly proportional to the rotary velocity through 𝑉𝑔 in the 

integrand, but once again 𝑓𝑔 introduces a nonlinearity, as it scales with the logarithm of the third 

negative power of 𝜔2 (𝑉𝑟 depends linearly on 𝜔2, shown in Eq (16)). Furthermore, 𝑓𝑔 scales with the 

logarithmic inverse of the oil density and absolute viscosity. The oil density only varies a few percent 
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over the temperature range of interest, but the absolute viscosity rapidly decreases with increasing 

temperature. This shows that higher temperatures increase the losses in the gear contact, and thereby 

also the heat generation. 

The remaining variables which affect 𝑃𝑔 are directly determined by the gear wheel pair geometry, such 

as radii and teeth angles. The equations relating them are displayed below.  

𝐿𝑎 = 𝑔𝑓 + 𝑔𝑎          (11) 

 

𝑔𝑓 + 𝑅𝑝1 sin 𝛼𝑇 = 𝑅𝑎1 − 𝑅𝑏1        (12) 

 

𝑔𝑎 + 𝑅𝑝2 sin 𝛼𝑇 = 𝑅𝑎2 − 𝑅𝑏2        (13) 

 

In the above equations, 𝑔𝑎 is the length of recession, 𝑅𝑝 the pitch radius, 𝛼𝑇 the transverse pressure 

angle, 𝑅𝑎 the tip radius, and 𝑅𝑏 the base radius.  

The primary result of the formulas shown in this subsection is that the power loss due to slipping 

scales slightly faster than linearly with increasing torque, but slightly slower than linearly with 

increasing speed. 

 

Gear contact rolling losses, torque dependent 

Usage: Active gear wheel pairs, planetary gear included 

The power loss by rolling in the gear contact 𝑃𝑟 is also calculated via linear integration, 

𝑃𝑟 =
1

𝐿𝑎
∫ 𝐹𝑟𝑉𝑟𝑑𝑙

𝐿𝑎

0
         (14) 

 

The components of the integrand are the rolling force 𝐹𝑟 (where 𝑤0 is the effective width of the gear 

contact) 

𝐹𝑟 =
9⋅107𝑒ℎ𝑤0

cos 𝛽
          (15) 

 

as well as the rolling velocity 𝑉𝑟 

𝑉𝑟 = 2𝜔2𝑅𝑝1 sin 𝛼𝑇𝑤 + 𝜔2|𝑙 − 𝑔𝑓| (1 −
𝑧1

𝑧2
)      (16) 

 

The working transverse pressure angle 𝛼𝑇𝑤 is calculated as 

𝛼𝑇𝑤 = acos (
𝑅𝑏1+𝑅𝑏2

𝑎
)         (17) 

 

where 𝑎 is the distance between the centres of the gear wheels. The oil thickness in the contact 𝑒ℎ is 

calculated as 
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𝑒ℎ = 𝑋𝑒𝑞 ⋅ 2.65 (
𝜇𝑉𝑟

2𝐸𝑒𝑞𝑋𝑒𝑞
)

0.7

(𝜈𝑝𝑖𝑒𝑧𝑜𝐸𝑒𝑞)
0.54

(
𝐹𝑛𝑢

𝐸𝑒𝑞𝑋𝑒𝑞
)

−0.13

    (18) 

 

where 𝜈𝑝𝑖𝑒𝑧𝑜 is the piezo viscosity coefficient of the oil. The equivalent modulus of elasticity 𝐸𝑒𝑞 is 

calculated as  

𝐸𝑒𝑞 =
2

1−𝜈1
2

𝐸1
+

1−𝜈2
2

𝐸2

          (19) 

 

where 𝐸1, 𝐸2, 𝜈1, 𝜈2 are gear wheel moduli of elasticity and Poisson’s ratios. The equivalent curve 

radius for the gear contact 𝑋𝑒𝑞 is calculated as  

𝑋𝑒𝑞 =
𝑋1𝑋2

𝑋1+𝑋2
          (20) 

 

Finally, the curve radii for the gear wheels 𝑋1 and 𝑋2 are calculated as 

𝑋1 =
cos 𝛼𝑇

cos 𝛽 cos 𝛼𝑁
(𝑅𝑝1𝑤 sin 𝛼𝑇𝑤 + 𝑙 − 𝑔𝑓)      (21) 

 

𝑋2 =
cos 𝛼𝑇

cos 𝛽 cos 𝛼𝑁
(𝑅𝑝2𝑤 sin 𝛼𝑇𝑤 − 𝑙 + 𝑔𝑓)      (22) 

 

Eq (14) to (22) show that 𝑃𝑟 is only weakly dependent on the load (by the normal force per unit length 

𝐹𝑛𝑢
−0.13), but increases faster than linearly with the rotary velocity through 𝑉𝑟. It is furthermore 

dependent on both gear wheel material and oil properties. 

While the equations in this subsection detail how the rolling losses are calculated during simulation, 

output from the model shows that values of 𝑃𝑟 are only on the order of 1 W (which is negligible), and 

this power loss is thus of little interest in the model. The value is so small that it was first assumed that 

some input to the model was wrong. However, Amesim examples also show the same order of 

magnitude on the rolling losses, and when the software support was contacted about this potential 

issue they found no error in the program. This means that while the sum of the gear contact losses is 

nearly equal to measured values (this agreement is further investigated in Section 4.1), they are 

completely dominated by slipping losses. 
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Gear wheel churning 

Usage: Gear wheels immersed in oil, heat is sent to oil sump 

As immersed gear wheels rotate in an oil sump, work is performed to displace the oil, and thus power 

is lost. The power loss by churning 𝑃𝑐ℎ𝑢𝑟𝑛 is calculated as the sum of the torque losses due to churning 

by the side 𝐶𝑠𝑖𝑑𝑒 and the teeth 𝐶𝑡𝑒𝑒𝑡ℎ, multiplied by the rotary velocity of the gear wheel 𝜔. 

𝑃𝑐ℎ𝑢𝑟𝑛 = (𝐶𝑠𝑖𝑑𝑒 + 𝐶𝑡𝑒𝑒𝑡ℎ) ⋅ 𝜔        (23) 

 

The torque losses are calculated as follows (where 𝑤𝑡 and ℎ𝑡 are the gear wheel teeth width and 

height, respectively).  

𝐶𝑠𝑖𝑑𝑒 = 𝜌𝜔2𝑤𝑡𝑅𝑎
4𝐶𝑚𝑑        (24) 

 

𝐶𝑡𝑒𝑒𝑡ℎ = 𝜌𝜔2𝑤𝑡𝑅𝑝
3ℎ𝑡𝐶𝑚𝑎        (25) 

 

Eq (23) to (25) show that 𝑃𝑐ℎ𝑢𝑟𝑛 scales linearly with the oil density and with the third power of the 

rotary velocity, but also with the empirical variables 𝐶𝑚𝑑 and 𝐶𝑚𝑎. Their calculation depends on 

corresponding Reynolds and Froude numbers, immersed volume (relative to the entire oil sump) and 

gear wheel geometry, and the corresponding equations are displayed at the end of this subsection. 

When the model is run, a warning is displayed, which states that some variables are out of the domain 

of validity for the churning calculations. The main deviation is with regards to gear wheel widths, for 

which the empirical formulas are only defined up to 14.4 mm, although widths of the immersed gear 

wheels range from 32 to 61.5 mm in the model. This was investigated by Birgersson [5], whose 

comparison with measured values found that while the simulated losses were reasonable, Amesim 

consistently predicted lower losses than were found in measurements. Table 6 [5] shows measured and 

simulated torque losses due to churning, as well as their relative differences.  

Table 6, Measured and simulated churning losses. 

IS speed [RPM]  

Churning losses [Nm] 

600 900 1200 1500 2000 

Measured XX XX XX XX XX 

Simulated XX XX XX XX XX 

Simulated/Measured 0.91 0.75 0.70 0.67 0.73 

 

To obtain the correct thermal behaviour despite this discrepancy, a scale factor for how much of the 

churning losses should be converted to heat is implemented in the model. Its value is calculated from 

the entries in Table 6 in the following way. 

𝑠𝑓𝑐ℎ𝑢𝑟𝑛 𝑡𝑜 ℎ𝑒𝑎𝑡 =
1

𝑚𝑒𝑎𝑛(
𝑆𝑖𝑚𝑢𝑙𝑎𝑡𝑒𝑑

𝑀𝑒𝑎𝑠𝑢𝑟𝑒𝑑
)

=
1

𝑚𝑒𝑎𝑛(0.91+0.75+0.70+0.67+0.73)
= 1.33   (26) 

 

The following equations (where 𝑔 is the gravitational acceleration, ℎ𝑖 the immersed height of the gear 

wheel, 𝑉𝑝 the immersed volume of the gear wheel, 𝑉0 the oil volume in the gearbox and ℎ𝑡0 a scale 

factor for the gear wheel teeth height) show how 𝐶𝑚𝑑 and 𝐶𝑚𝑎 are calculated. 
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𝑅𝑒𝑠𝑖𝑑𝑒 =
𝜔𝑅𝑎

2

𝜈
,     𝐹𝑟𝑠𝑖𝑑𝑒 =

𝜔2𝑅𝑎

𝑔
,     𝑅𝑒𝑡𝑒𝑒𝑡ℎ =

𝜔𝑅𝑝ℎ𝑡

𝜈
,     𝐹𝑟𝑡𝑒𝑒𝑡ℎ =

𝜔2𝑅𝑝
2

𝑔ℎ𝑡
    (27) 

 

𝐶𝑚𝑑 = 0.97 ⋅ 𝑅𝑒𝑠𝑖𝑑𝑒
−0.31𝐹𝑟

𝑠𝑖𝑑𝑒

−(0.464+
0.037𝑅𝑎

ℎ𝑖
)

(
𝑉𝑝

𝑉0
)

−0.576
(

𝑤𝑡

𝑅𝑎
)

−0.124
(

ℎ𝑖

𝑅𝑎
)

0.74
     

𝑖𝑓 𝑅𝑒𝑠𝑖𝑑𝑒 ≥ 2250         (28) 

 

𝐶𝑚𝑑 = 2.63 ⋅ 𝑅𝑒𝑠𝑖𝑑𝑒
−0.6𝐹𝑟𝑠𝑖𝑑𝑒

−0.25 (
𝑉𝑝

𝑉0
)

−0.73
(

𝑤𝑡

𝑅𝑎
)

−0.4
(

ℎ𝑖

𝑅𝑎
)

1.5
     

𝑖𝑓 𝑅𝑒𝑠𝑖𝑑𝑒 < 2250   𝑎𝑛𝑑   𝑅𝑒𝑠𝑖𝑑𝑒
−0.6𝐹𝑟𝑠𝑖𝑑𝑒

−0.25 < 8.7 ⋅ 10−3     (29) 

 

𝐶𝑚𝑑 = 4.57 ⋅ 𝑅𝑒𝑠𝑖𝑑𝑒
−0.6𝐹𝑟𝑠𝑖𝑑𝑒

−0.25 (
𝑉𝑝

𝑉0
)

−0.5
(

𝑤𝑡

𝑅𝑎
)

−0.4
(

ℎ𝑖

𝑅𝑎
)

1.5
     

𝑖𝑓 𝑅𝑒𝑠𝑖𝑑𝑒 < 2250   𝑎𝑛𝑑   𝑅𝑒𝑠𝑖𝑑𝑒
−0.6𝐹𝑟𝑠𝑖𝑑𝑒

−0.25 ≥ 8.7 ⋅ 10−3     (30) 

 

𝐶𝑚𝑎 = 5623 ⋅ 𝑅𝑒𝑡𝑒𝑒𝑡ℎ
−0.88𝐹𝑟𝑡𝑒𝑒𝑡ℎ

−0.78 (
ℎ𝑡

ℎ𝑡0
)

−1.5
(

𝑤𝑡

ℎ𝑡0
)

−0.36
   𝑖𝑓 𝑅𝑒𝑡𝑒𝑒𝑡ℎ

0.23 𝐹𝑟𝑡𝑒𝑒𝑡ℎ
0.32 ≥ 12   (31) 

 

𝐶𝑚𝑎 = 616.6 ⋅ 𝑅𝑒𝑡𝑒𝑒𝑡ℎ
−0.64𝐹𝑟𝑡𝑒𝑒𝑡ℎ

−0.46 (
ℎ𝑡

ℎ𝑡0
)

−1.66
(

𝑤𝑡

ℎ𝑡0
)

−0.46
   𝑖𝑓 𝑅𝑒𝑡𝑒𝑒𝑡ℎ

0.23 𝐹𝑟𝑡𝑒𝑒𝑡ℎ
0.32 < 12  (32) 

 

The expressions for 𝐶𝑚𝑑 are valid for  

10 < 𝑅𝑒𝑠𝑖𝑑𝑒 < 36000,   1.6 < 𝐹𝑟𝑠𝑖𝑑𝑒 < 1400,   0.025 <
ℎ𝑖

𝑅𝑡
< 1.0,     

0.006 <
𝑤𝑡

𝑅𝑡
< 1.0,   0.1 <

𝑉𝑝

𝑉0
< 0.25       (33) 

 

The expressions for 𝐶𝑚𝑎 are valid for  

7 < 𝑅𝑒𝑡𝑒𝑒𝑡ℎ < 2110,   22 < 𝐹𝑟𝑡𝑒𝑒𝑡ℎ < 3112,     

0.45 <
𝑤𝑡

ℎ𝑡0
< 1.8,   1.0 <

ℎ𝑡

ℎ𝑡0
< 1.6       (34) 
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Shaft bearing losses, partially torque dependent 

Usage: All six shaft bearings 

Bearing losses occur both due to rolling friction (which is torque dependent since it scales with gear 

contact forces) and oil shearing. The bearing torque losses are calculated as the sum of these, i.e. 

𝑇𝑠ℎ𝑎𝑓𝑡 𝑏𝑒𝑎𝑟𝑖𝑛𝑔 = 𝑇𝑜𝑖𝑙 + 𝑇𝑟𝑎𝑑𝑖𝑎𝑙 𝑙𝑜𝑎𝑑 + 𝑇𝑎𝑥𝑖𝑎𝑙 𝑙𝑜𝑎𝑑      (35) 

 

The different losses are calculated in the following ways: 

𝑇𝑜𝑖𝑙 = 𝑓0𝐷𝑚
3 (𝜈𝜔)

2

3 ⋅ 9.78 ⋅ 10−2   𝑖𝑓 𝜈𝜔 ≥ 2000      (36) 

 

𝑇𝑜𝑖𝑙 = 𝑓0𝐷𝑚
3 (2000)

2

3 ⋅ 9.78 ⋅ 10−2   𝑖𝑓 𝜈𝜔 < 2000     (37) 

 

𝑇𝑟𝑎𝑑𝑖𝑎𝑙 𝑙𝑜𝑎𝑑 = 𝑓1(𝑃0 + 𝑃1)𝐷𝑚        (38) 

 

𝑇𝑎𝑥𝑖𝑎𝑙 𝑙𝑜𝑎𝑑 = 𝑓2𝐹𝑎𝐷𝑚         (39) 

 

In the above equations, 𝐷𝑚 is the mean roller diameter and 𝑓0, 𝑓1, 𝑓2, 𝑃0 and 𝑃1 are bearing loss 

calculation parameters, whose values are summarised in Table 7. 

Table 7, Parameters for bearing loss calculations. 

Parameter Tapered bearings Ball bearing Source / Reason 
𝑓0 XX XX Birgersson [5] 
𝑓1 XX XX ISO recommendation [17] 
𝑓2 0 0 Not cylindrical and no lips [16] 
𝑃0 0 0 No preload during mounting [16] 
𝑃1 Eq (40) Eq (40) SKF-catalogue [18] 
𝑒 0.55 0.22 SKF-catalogue 
𝑋1 1 1 SKF-catalogue 
𝑌1 0 0 SKF-catalogue 
𝑋2 1.2 0.56 SKF-catalogue 
𝑌2 1 2 SKF-catalogue 

 

Since the bearings are mounted without preload, 𝑃0 is set to 0. While this may change during operation 

due to thermal expansion, it is not accounted for here. 𝑃1 has the following dependency on the axial 

and radial forces 𝐹𝑎 and 𝐹𝑟 and the bearing parameters 𝑋1, 𝑋2, 𝑌1, 𝑌2 and 𝑒 (which were found from 

product catalogues for similar bearings [18]). 

𝑃1 = 𝑋1𝐹𝑟 + 𝑌1𝐹𝑎   𝑖𝑓
𝐹𝑎

𝐹𝑟
≥ 𝑒,   𝑒𝑙𝑠𝑒   𝑃1 = 𝑋2𝐹𝑟 + 𝑌2𝐹𝑎     (40) 

 

The reason that 𝑓2 is set to zero is that according to the Amesim documentation [16], this parameter is 

generally only finite for cylindrical roller bearings or tapered bearings with lips. 
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Gear wheel bearing losses 

Usage: Idle gear wheels on input and main shafts 

Five of the gear wheels on the input and main shafts are supported by needle bearings, so that they 

may rotate freely from the shaft when inactive (for active gear wheels, there is no relative motion 

between shaft and gear wheel, and the gear wheel bearing losses trend toward zero). The bearing 

supporting the high split/3rd gear wheel is not a needle bearing, but a double row tapered roller 

bearing. However, because there is no intrinsic facility in Amesim to model this type of gear wheel-

supporting bearing (only needle or journal bearings may be chosen), it is treated in the same way as 

the needle bearings in the model. 

In contrast to the shaft bearings, the gear wheel bearings do not support the loads from the gear 

contacts. Their corresponding torque losses are therefore modelled as purely dependent on oil 

shearing, and Eq (36) and (37) are used to calculate these as well. The value of 𝑓0 for the needle 

bearings was set to XX, based on Birgersson’s [5] work. 

 

Synchronizer ring losses 

Usage: Idle gear wheels connected to synchronizers 

Inactive idle gear wheels only have a small axial gap between the friction rings of the synchronizer, 

which rotate at different speeds. This leads to torque losses due to oil shearing between the surfaces. In 

the model, this loss is calculated as 

𝑇𝑟𝑖𝑛𝑔 = 𝑛𝑟𝑖𝑛𝑔

2𝜋𝜇𝑅𝑟𝑖𝑛𝑔
3 𝑤𝑟𝑖𝑛𝑔

𝐽𝑎𝑥 sin 𝜃𝑟𝑖𝑛𝑔
        (41) 

 

where 𝑛𝑟𝑖𝑛𝑔 is the number of synchronizer rings, 𝑅𝑟𝑖𝑛𝑔 is the mean ring radius, 𝑤𝑟𝑖𝑛𝑔 is the effective 

width of the contact area, 𝐽𝑎𝑥 is the axial clearance between the rings, and 𝜃𝑟𝑖𝑛𝑔 is the half cone angle. 

Eq (41) shows that the torque losses are proportional to the number of rings in the synchronizer, as can 

be expected since the number of contact interfaces increase. To obtain the power loss, the torque is 

multiplied by the difference of rotational speed between the shaft and the gear wheel. 

 

Oil pump losses 

Usage: Layshaft rotary inertia, heat is sent to oil sump 

During operation, oil is pumped by a positive displacement pump which is rotationally locked to the 

layshaft. The pump torque losses 𝑇𝑝𝑢𝑚𝑝 were measured by Arnelöf [19] and approximated by 

Birgersson [5] as being linearly dependent on the layshaft rotational speed in the following way.  

𝑇𝑝𝑢𝑚𝑝 = XX 
𝑁𝑚

𝑅𝑃𝑀
         (42) 

 

Eq (42) shows that the oil pump losses are rather small. If the layshaft is rotating at 1000 RPM the 

predicted torque loss is XX Nm, which corresponds to a power loss of only XX W.  
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Miscellaneous information about loss modelling 

In Amesim, contact losses in a gear wheel pair are only calculated in one of the meshing gear wheel 

elements. If this power loss signal would be sent directly to the corresponding thermal mass, it would 

lead to an incorrect thermal behaviour, since in reality both gear wheels absorb heat from the contact 

losses. Furthermore, losses due to the bearing and synchronizer connected to the gear wheel are 

calculated in the gear wheel element as well. To obtain the correct thermal behaviour, the losses from 

the gear wheel element are distributed in the following way: 

If the gear wheel pair is active (meaning torque is being transferred over it), gear contact losses are 

relevant and bearing and synchronizer losses trend toward zero (since there is no relative motion 

between the shaft and the gear wheel). The power loss signal is then distributed evenly between the 

meshing gear wheels, and it is modified by a scale factor to obtain the correct heat generation 

(described in Section 4.1). If the gear wheel pair is inactive, it is instead the gear contact losses that 

trend toward zero, and the bearing and synchronizer losses which are relevant. As described earlier in 

this section, these losses occur due to oil shearing, and they are therefore sent as heat to the oil sump. 

For all these gear wheel loss calculations, the oil sump temperature is sampled as input temperature, as 

it is assumed this was done during the derivation of the empirical formulas.  

As mentioned in Section 3.1, the planetary gear is split into three thermal masses; one for the sun 

wheel, one for the planet gear wheels, and one for the ring gear. The planetary gear losses are sent to 

these elements unevenly, based on a rule of thumb reported by Looman [20]. This rule is used to 

approximate the efficiency of planetary gears, and when previously used by Scania [21] it was 

estimated that the losses are twice as large in the contact between the sun wheel and planet gear 

wheels as between the planet gear wheels and the ring gear. Simplified, the physical principle is that 

external-internal contacts (such as planet gear wheels to ring gear) have larger areas of contact than 

external-external contacts (such as sun wheel to planet gear wheels), leading to lower losses due to 

lower contact pressures. By adhering to this rule, it is estimated that two thirds of the planetary gear 

losses occur at the sun wheel – planet gear wheel contacts, and one third at the planet gear wheel – 

ring gear contacts. At each interface, the losses are assumed to be distributed equally into the gear 

wheels. The sun wheel thermal mass thus receives 
1

2
⋅

2

3
=

1

3
, the planet gear wheels thermal mass 

receives 
1

2
⋅

2

3
+

1

2
⋅

1

3
=

1

2
, and the ring gear thermal mass receives 

1

2
⋅

1

3
=

1

6
 of the heat generated by the 

planetary gear losses. 

Synchronizers are currently modelled using the lowest complexity available in Amesim. Because of 

this, the details of gear changes are not resolved (e.g. gradual reduction of relative speed between gear 

wheels and shafts through friction work, followed by rotational locking via the shift sleeve). The 

choice of synchronizer complexity was primarily done to simplify the creation of the model, by 

reducing the complexity of the mechanical network. This choice has little effect when running the 

model at a fixed gear, but it introduces a problem when shifting gears, as it leads to brief but large 

peaks in losses. The reason for this is that gear changes are made in a single time step, as gear wheels 

are either locked or free from the shafts by a binary signal from the synchronizers (in the real world, 

this would be akin to forcing an instantaneous gear shift without synchronization before rotational 

locking). As gears are changed, the rotational inertias are thus briefly subjected to extremely high 

accelerations, which leads to high torques throughout the mechanical system, and corresponding high 

losses. To avoid a disturbance in the thermal network from these loss peaks, a first order lag is 

introduced on the signals sent from the mechanical to the thermal elements. Figure 4 displays a 

comparison between mechanical losses and heat sent to the thermal network for a simulation where all 

gears (from RL to 6H) are run consecutively for 100 s each. The peaks in the mechanical losses are 

seen clearly, but they are not transferred to the thermal network.  
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Figure 4, Visualisation of filtering of loss peaks when changing gears. 

 

Loss mechanisms not modelled 

Some loss mechanisms that occur in gearboxes but are not included in the model are discussed briefly 

below. 

Windage, i.e. drag losses from shafts and gear wheels rotating in air, is not modelled, and there are no 

intrinsic Amesim capabilities for modelling this phenomenon. Although it would be possible to 

manually insert loss functions for it, this has not been done because windage is assumed to be 

negligible compared to other losses. That this is reasonable is most easily realised by comparing it to 

oil churning losses, since the density of oil is nearly three orders of magnitude larger than that of air.  

As described in the previous subsection, synchronizers are modelled with a low complexity, and the 

synchronization work is therefore not resolved in the model. However, because the synchronization 

work during gear change is relatively small (on the order of 1 kJ, as it is comparable to the work 

performed by a layshaft brake, mentioned in Section 2.2), it would not greatly influence the thermal 

network.  

While the planetary gear is not immersed in the oil sump more than a few millimetres, oil is still 

displaced within it due to the oil system flow. This should induce churning-like losses, which are not 

included in the model. Furthermore, losses from the bearings supporting the planet gear wheels are not 

modelled. While this may lead to a slight underestimation of the planetary gear losses, it should not be 

significant at low range gears (where gear contact losses dominate, and the losses are furthermore 

adjusted as described in Section 4.2).  
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3.3 Heat transfer 
The heat transfer calculations are described in this section, with subsections divided by mechanisms 

and utilised equations. To clarify between which components heat exchange occurs, each subsection 

starts with a list of the included components. 

 

Conduction, linear 

Usage: Input shaft to engine output shaft temperature BC 

Output shaft to end yoke temperature BC 

Front housing to flywheel cover temperature BC 

Rear housing to support beam temperature BC 

Front housing to rear housing, rear housing to bearing housing 

Along the shafts (which are split into several thermal masses) 

The rate of heat transfer by linear conduction 𝑄𝑙𝑖𝑛𝑒𝑎𝑟 between two elements at temperatures 𝑇1 and 𝑇2 

is calculated by direct application of Fourier’s law for 1D heat transfer in linear geometry, i.e. 

𝑄𝑙𝑖𝑛𝑒𝑎𝑟 = 𝑘𝐴𝑥
𝑇2−𝑇1

𝑥2−𝑥1
         (43) 

 

where 𝑘 is the thermal conductivity, 𝐴𝑥 the cross-sectional area between the elements, and 𝑥 their 

positions.  

For shaft segments, areas are directly calculated from corresponding diameters, and the axial positions 

are defined to coincide with the centres of mass of the components for which the segmentations were 

created (e.g. bearings and gear wheels, see Figure 3). The cross-sectional areas of the housing vary 

slightly in the lengthwise direction, so representative values are obtained from the CAD geometry. 

Axial positions (x-values) of the housings are taken at their respective centres of mass. 

 

Conduction, radial 

Usage: Input and main shaft gear wheel teeth to bulk  𝑠𝑓 = 1 (see explanation below) 

Layshaft gear wheels to layshaft (press fit or cut)  𝑠𝑓 = 1 

Gear bearings to shafts and gear wheels   𝑠𝑓𝑛𝑒𝑒𝑑𝑙𝑒 = 0.12,   𝑠𝑓𝑡𝑎𝑝𝑒𝑟𝑒𝑑 = 0.2 

Shaft bearings to shafts and housing   𝑠𝑓𝑡𝑎𝑝𝑒𝑟𝑒𝑑 = 0.22, 𝑠𝑓𝑏𝑎𝑙𝑙 = 0.12 

Planet gear wheels to carrier (via bearings)  𝑠𝑓 = 0.18 

Sun wheel to main shaft (spline)    𝑠𝑓 = 0.4 

 

The rate of heat transfer by radial conduction 𝑄𝑟𝑎𝑑𝑖𝑎𝑙 between two elements at temperatures 𝑇1 and 𝑇2 

is calculated by the classic formula 

𝑄𝑟𝑎𝑑𝑖𝑎𝑙 =
𝑘⋅2𝜋𝑤

ln(
𝐷𝑒𝑥𝑡𝑒𝑟𝑛𝑎𝑙
𝐷𝑖𝑛𝑡𝑒𝑟𝑛𝑎𝑙

)
(𝑇2 − 𝑇1) ⋅ 𝑠𝑓       (44) 
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where 𝑤 is the width over which heat transfer occurs, 𝐷𝑒𝑥𝑡𝑒𝑟𝑛𝑎𝑙 and 𝐷𝑖𝑛𝑡𝑒𝑟𝑛𝑎𝑙 the representative 

diameters of the elements, and 𝑠𝑓 a scale factor (detailed below).  

The widths used in Eq (44) are obtained either from drawings or the CAD geometry. For the 

diameters, representative values are chosen in the following ways: 

For the bulks of the input and main shaft gear wheels, as well as for the press fitted layshaft gear 

wheels (L, H/3 and 2), the representative diameter is chosen as the mean of the gear wheel base and 

inner diameters. The same approach is used for gear wheels cut directly into the layshaft (1, C and R), 

but the inner gear wheel diameters for these are approximated as 70 % of the base diameter. The 

representative diameter of the gear wheel teeth is taken as the mean of the tip and root diameters. 

Heat transfer from gear wheels on the input and main shafts to their respective shafts goes through the 

supporting bearings. To resolve the bearing temperatures, two conductive exchanges are defined; one 

from the bulk of the gear wheel to the bearing, and another from the bearing to the shaft. The 

diameters used in Eq (44) for these calculations are the inner diameter of the gear wheel, the mean 

bearing diameter, and the outer diameter of the shaft. Representative diameters are chosen in the same 

way for the shaft bearings. 

Since radial conduction over bearings is significantly less effective than through solid material (and Eq 

(44) assumes solid material if 𝑠𝑓 = 1), a scale factor is introduced to account for this. Its value is 

estimated as one third of the volume fraction inhabited by the rollers (compared to if there would be a 

massive cylinder there instead). Values of scale factors are listed in parentheses in the usage list (due 

to the spline contact between the sun wheel and main shaft, a scale factor is introduced there too).  

 

Thermal contact conductance 

Usage: Between active gear wheels (including planetary gear) 

Based on consultation with a gear wheel specialist, a representative Hertzian contact width 𝑤𝐻𝑧 

between active gear wheels is set to 0.8 mm. The length of the contact is assumed to be 90 % of the 

teeth width 𝑤𝑡. Furthermore, the thermal contact conductance 𝑇𝐶𝐶 between two solids generally falls 

between 2000 to 200 000 W/(m2K) [22], and is strongly dependent on the contact pressure. Here, due 

to the large contact pressures, a representative value of 100 000 W/(m2K) is assumed. The heat 

transfer over the gear contact can then be calculated as  

𝑄𝑔𝑒𝑎𝑟 𝑐𝑜𝑛𝑡𝑎𝑐𝑡 = 𝑇𝐶𝐶 ⋅ (0.9𝑤𝑡) ⋅ 𝑤𝐻𝑧 ⋅ (𝑇1 − 𝑇2)      (45) 

 

While the parameters in Eq (45) rest on several uncertain assumptions, heat transfer by this 

mechanism is small, and therefore does not have a large influence on the thermal network. For 

example, with a nominal contact width of 0.8 mm, gear wheel width of 40 mm, and a thermal contact 

conductance of 100 000 W/(m2K), only 3.2 W/K is transferred over the contact. This shows that even 

if a large relative error would be introduced by these assumptions, the effect on the thermal network 

would be small.  
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Convection, immersed cylindrical bodies rotating in oil 

Usage: Layshaft gear wheels and reverse intermediate gear wheel to oil sump 

Layshaft bearings to oil sump 

Heat transfer coefficients for cylindrical bodies rotating in oil are calculated with standard correlations 

(also used by Durand de Gevigney et al. [2] and Prakash del Valle [4]) to calculate average Nusselt 

numbers.  

𝑁𝑢 = 0.4 ⋅ 𝑅𝑒
1

2 ⋅ 𝑃𝑟
1

3   𝑖𝑓 𝑅𝑒 < 2.5 ⋅ 105      (46) 

 

𝑁𝑢 = 0.238 ⋅ 𝑅𝑒
4

5 ⋅ 𝑃𝑟
3

5   𝑖𝑓 𝑅𝑒 > 3.2 ⋅ 105      (47) 

 

Reynolds numbers for the gear wheels are calculated based on their pitch radii and rotational speeds, 

𝑅𝑒𝑔𝑒𝑎𝑟 𝑤ℎ𝑒𝑒𝑙𝑠 =
𝑅𝑝

2𝜔

 𝜈
         (48) 

 

The immersed areas of the gear wheels are approximated as the sum of their immersed perimeters, 

sides, and teeth surfaces by the following equation. 

𝐴𝑔𝑒𝑎𝑟 𝑤ℎ𝑒𝑒𝑙𝑠 = 𝜃𝑅𝑝𝑤𝑡 + 𝜙𝑅𝑖𝑛𝑤𝑖𝑛 + 𝑅𝑝
2(𝜃 − sin 𝜃) − 𝑅𝑖𝑛

2 (𝜙 − sin 𝜙) +
𝑧ℎ𝑡𝑤𝑡𝜃

cos(𝛽)⋅𝜋
  (49) 

 

The angles 𝜃 and 𝜙 are defined from the pitch radius, inner radius 𝑅𝑖𝑛 (inside of which there is solid 

material, and no contact with oil) and immersed height in the following way. 

𝜃 = 2 acos (1 −
ℎ𝑖

𝑅𝑝
)         (50) 

 

𝜙 = 2 acos (1 −
𝑅𝑖𝑛−(𝑅𝑝−ℎ𝑖)

𝑅𝑖𝑛
)        (51) 

 

The geometrical parameters in Eq (49) to (51) are visualised in Figure 5 (the gear wheel teeth are not 

included in the figure, and the inner width 𝑤𝑖𝑛 is zero for gear wheels 1L, CL and RL).  
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Figure 5, Visualisation of geometrical parameters used to calculate immersed gear wheel areas. 

The layshaft bearings are also partially immersed in the oil sump, and Reynolds numbers for them are 

calculated using half the diameter of the roller centres as the characteristic length, and the rotational 

speed of the shaft as the characteristic speed, 

𝑅𝑒𝑏𝑒𝑎𝑟𝑖𝑛𝑔𝑠 =
𝐷𝑚

2 𝜔𝑠ℎ𝑎𝑓𝑡

4𝜈
         (52) 

 

The bearing areas immersed in oil are calculated as the sum of the internal perimeters of the rings, and 

the perimeters of the rollers, scaled by the relative immersion height ℎ𝑓. 

𝐴𝑏𝑒𝑎𝑟𝑖𝑛𝑔 = 𝜋(𝐷𝑖 𝑟𝑖𝑛𝑔 + 𝐷𝑜 𝑟𝑖𝑛𝑔 + 𝑛𝑟𝑜𝑙𝑙𝑒𝑟𝐷𝑟𝑜𝑙𝑙𝑒𝑟) ⋅ 𝑤𝑏𝑒𝑎𝑟𝑖𝑛𝑔 ⋅ ℎ𝑓    (53) 

 

where 𝐷𝑖 𝑟𝑖𝑛𝑔 is the diameter of the inner ring, 𝐷𝑜 𝑟𝑖𝑛𝑔 that of the outer ring, 𝑛𝑟𝑜𝑙𝑙𝑒𝑟 the number of 

rollers, 𝐷𝑟𝑜𝑙𝑙𝑒𝑟 the diameter of the rollers and 𝑤𝑏𝑒𝑎𝑟𝑖𝑛𝑔 the width of the bearing.  
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Convection, centrifugal fling-off from immersed gear wheels 

Usage: Layshaft gear wheels and reverse intermediate gear wheel to oil sump 

Because of the gear wheel teeth geometry, centrifugal fling-off will occur as gear wheels rotate in the 

oil sump. To model this, the following empirical formulas reported by Blok [23] are used to calculate 

effective heat transfer coefficients ℎ𝐴. 

ℎ𝐴 =
1.14⋅𝑧𝑤𝑡ℎ𝑡𝑘𝑜𝑖𝑙𝜔√𝜏

𝜋√𝛼
   𝑖𝑓 𝜓 < 0.68       (54) 

 

ℎ𝐴 =
(1.55−0.6𝜓)⋅𝑧𝑤𝑡ℎ𝑡𝑘𝑜𝑖𝑙𝜔√𝜏

𝜋√𝛼
   𝑖𝑓 0.68 < 𝜓 < 1.5     (55) 

 

The dimensionless parameter 𝜓 depends on gear wheel geometry, oil properties and rotational speed in 

the following way (where 𝛼 is the thermal diffusivity of the oil). 

𝜓 = (
𝑅𝑝𝛼(𝜏𝜔)2

𝜈ℎ𝑡
)

1

4
         (56) 

 

𝜏 represents the time it takes for a gear wheel tooth to leave the oil sump and come into contact with 

the mating gear wheel, and is calculated as 

𝜏 =
𝜋−𝛾

𝜔
           (57) 

 

with 𝛾 depending on immersion height and working pitch radius, 

𝛾 = cos−1 (1 −
ℎ𝑖

𝑅𝑝
)         (58) 

 

Note that Eq (54) and (55) calculate the combination of heat transfer coefficient and area, so the area is 

directly included (Blok [23] actually defines a thermal resistance, the reciprocal of ℎ𝐴).  
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Convection, rotating parts not immersed in oil  

Usage: Input and main shaft gear wheel teeth to oil sump 

Planetary ring gear to oil sump at high range gears 

Output shaft to oil sump 

During gearbox operation, oil is flung from the sump onto the input and main shaft gear wheels, which 

are rotating. The flow is primarily induced by the rotation of the layshaft, and oil is moreover directed 

towards the gear wheels by a screen. The flow case is thus complicated and specific to Scania 

gearboxes, which means that no empirical formulas are defined for it. To resolve this issue, an ansatz 

is made to define the heat transfer coefficient ℎ𝑐𝑜𝑛𝑣 as the product of a nominal value ℎ𝑛𝑜𝑚 and a 

scale factor which accounts for the gear wheel rotational speed 𝑁𝑔𝑒𝑎𝑟 𝑤ℎ𝑒𝑒𝑙 (higher speed increases the 

“effective flow rate” at the gear wheels, and thereby the effectiveness of the heat exchange). The 

proposed formula is thus 

ℎ𝑐𝑜𝑛𝑣 = ℎ𝑛𝑜𝑚 ⋅ (
𝑁𝑔𝑒𝑎𝑟 𝑤ℎ𝑒𝑒𝑙

𝑁𝑛𝑜𝑚
)

0.6
        (59) 

 

The exponent in Eq (59) is partially based on how the Nusselt number varies with the speed for other 

empirical convection formulas, e.g. Eq (46) and (47), but also on the speed dependency seen in 

measurements (Section 4.3). The value of 𝑁𝑛𝑜𝑚 is chosen to be 1000 RPM, as this is deemed a 

characteristic speed for the main shaft gear wheels.  

To support the choice of ℎ𝑛𝑜𝑚, a representative mean value of 250 W/(m2K) for all the main shaft gear 

wheels was reported from a CFD investigation. However, this value was obtained for a single case 

with a heavily tilted truck (16 % inclination). It was furthermore reported to be rather uncertain, as the 

boundary layer of the oil at the gear wheels may not have been well resolved. To further support the 

choice of ℎ𝑛𝑜𝑚, a comparison between simulated and measured gear wheel teeth temperatures was 

therefore made, which is presented in Section 4.3. This comparison indicated that a ℎ𝑛𝑜𝑚 value of 325 

W/(m2K) agreed with measurements better, and this was therefore chosen. 

The area subjected to oil differs between gear wheels. Figure 6 shows that the sides of gear wheels LI, 

3M, 2M and 1M are nearly completely covered by each other (or synchronizers). The sides of gear 

wheels CM and RM are free though, and therefore subjected to oil splash.  

 

Figure 6, CAD geometry of input and main shafts, and respective gear wheels and synchronizers. 
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For gear wheels with covered sides, only the circumferential area (with the teeth taken into account) is 

included for the convective heat transfer, 

𝐴𝑐𝑜𝑣𝑒𝑟𝑒𝑑 𝑠𝑖𝑑𝑒𝑠 = 2 (𝜋𝑅𝑝𝑤𝑡 +
𝑧ℎ𝑡𝑤𝑡

cos(𝛽)
)       (60) 

 

For the other gear wheels, an additional term was added to include the sides as well, 

𝐴𝑓𝑟𝑒𝑒 𝑠𝑖𝑑𝑒𝑠 = 2 (𝜋𝑅𝑝𝑤𝑡 +
𝑧ℎ𝑡𝑤𝑡

cos(𝛽)
) + 2𝜋(𝑅𝑝

2 − 𝑅𝑖𝑛
2 )     (61) 

 

At high range gears, the planetary ring gear is rotating, and is subjected to oil splash in a similar way 

as the gear wheels. The same approach is therefore used for this as well, but the area subject to oil is 

directly measured from the perimeter of the ring gear in the CAD geometry. Finally, a part of the 

output shaft is also subjected to oil being thrown around. The corresponding area is calculated as for a 

corresponding cylinder, i.e. 

𝐴𝑂𝑆 𝑜𝑖𝑙 = 𝜋𝐷𝑂𝑆 𝑜𝑖𝑙  𝐿𝑂𝑆 𝑜𝑖𝑙        (62) 

 

Convection, oil splash to bearings  

Usage: All shaft bearings except for BIM to oil sump 

As oil is splashed around the gearbox, it is also thrown onto the shaft bearings, lubricating and cooling 

them. The formula reported by Harris [24] for heat transfer between the inside of a bearing and oil is 

used to quantify the corresponding heat transfer coefficient. 

ℎ𝑏𝑒𝑎𝑟𝑖𝑛𝑔 = 0.0986 (
𝜔𝑠ℎ𝑎𝑓𝑡

𝜈
⋅ (1 −

𝐷𝑟𝑜𝑙𝑙𝑒𝑟

𝐷𝑚
))

1

2

⋅ 𝑘𝑜𝑖𝑙 ⋅ 𝑃𝑟
1

3     (63) 

 

The corresponding area is the equivalent internal area of the bearing, calculated as the sum of the 

circumferential parts of the rollers, inner and outer rings (same as in Eq (53) without the relative 

immersion height). 

𝐴𝑏𝑒𝑎𝑟𝑖𝑛𝑔 = 𝜋(𝐷𝑖 𝑟𝑖𝑛𝑔 + 𝐷𝑜 𝑟𝑖𝑛𝑔 + 𝑛𝑟𝑜𝑙𝑙𝑒𝑟𝐷𝑟𝑜𝑙𝑙𝑒𝑟) ⋅ 𝑤𝑏𝑒𝑎𝑟𝑖𝑛𝑔    (64) 
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Convection, stationary components in contact with oil 

Usage: Front, rear and bearing housing to oil sump 

Planetary ring gear to oil sump at low range gears 

The ISO recommendation [17] of a constant average heat transfer coefficient of 200 W/(m2K) between 

oil sump and housing is adhered to in the model. This value is verified by comparison with Figure 7, 

where results from a CFD analysis [25] indicate an average value of 189 W/(m2K) over the entire 

internal housing area.  

 

Figure 7, Heat transfer coefficients between housing and oil sump from CFD analysis. 

The total internal housing area reported from the CFD analysis, 1.9 m2, is used here as well. It is 

assumed that 90 % of it is covered in oil, which is somewhat indicated by the heat transfer coefficients 

in Figure 7. The front, back and bearing housings were approximated to constitute 50, 35 and 15 % of 

the total internal oil-covered area. To further demonstrate that nearly all of the internal gearbox 

surfaces are covered in oil during operation, Figure 8 shows images from a gearbox in which a 

transparent housing side has been installed. 

       

Figure 8, Gearbox with a transparent housing, at standstill (left) and during operation (right). 

Since the planetary ring gear is stationary at low range gears, the same heat transfer coefficient is 

assumed for this as for the housing.  
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External convection and radiation 

Usage: Front, rear and bearing housing to surroundings 

The gearbox housing exchanges heat externally via a combination of free and forced convection with 

the air and radiative heat transfer with the surrounding structure. This heat exchange has been the 

subject of a previous investigation, and Table 8 lists representative data for two load cases which were 

used in this study [25] [26]. 

Table 8, Load cases which were run to simulate external heat transfer from the gearbox. 

Load case 1, 1300 RPM  

100 % engine load 

2, 1300 RPM  

70 % engine load 

Vehicle speed [km/h] 30 85 

Cooling fan speed [RPM] 1250 250 

Temperature ambient air [°C] 25 25 

Air velocity around gearbox [m/s] Figure 9 Figure 9 

Temperature around gearbox [°C] Figure 10 Figure 10 

 

Calculated flow fields and air temperature distributions around the gearbox (from CFD analysis) are 

visualised in Figure 9 and Figure 10 (where the white zones are the boundary of the gearbox).  

     

Figure 9, Air velocity around the gearbox. Load case 1 left, 2 right. 

 

     

Figure 10, Air temperature around the gearbox. Load case 1 left, 2 right. 

A representative value for the average heat transfer coefficient between housing and air of 10 

W/(m2K) was reported from the study (varying from around 8-13 W/(m2K) for different loads). As a 

comparison, simulations utilising intrinsic Amesim expressions for flat plates predicted corresponding 

values of about 15-20 W/(m2K), when the air velocity was 5 m/s. Since the assumption of flat plates is 

a rather large simplification, the indicated value reported from the previous study was used.  

For the radiation calculations, the previous study assumed an emissivity of 0.8. This agrees with ISO 

recommendations [17], and was also used in the current model.  
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To at least partially resolve the temperature field around the gearbox, heat exchange between its 

perimeter and surroundings is partitioned into two convective and two radiative exchanges for each 

housing component (H1, H2 and H3). For each component, one convective and one radiative 

exchange is set with respect to a high surrounding temperature, and the other to a relatively low 

temperature. These temperatures are boundary conditions to the model, and representative values are 

seen in Figure 10. 

The total areas of the front, back and bearing housing were measured from the CAD geometry (seen in 

Figure 11) as 2.4, 1.7 and 0.7 m2 respectively, and half of the total areas are assumed to be subject to 

external heat exchange. While this may lead to a slight overestimation of the actual housing areas 

(nearly half of the area is internal, and some is covered), auxiliaries connected to the housing also 

contribute with some area, so this is still considered reasonable.  

 

Figure 11, CAD geometry of the gearbox housing. 
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Some notes on the oil system modelling 

For the current model, the oil system (i.e. the system which transports oil through the gearbox via an 

oil pump) is only of interest for its impact on heat transfer. The system is therefore simplified to 

facilitate the modelling process, as described below.  

The flow rate distribution to different components were extracted from Birgersson’s detailed 

isothermal oil system model [8]. The total flow rate in that model, as well as the distribution to 

different components, is shown as a function of the layshaft speed in Figure 12. Based on what is seen 

in the figure, the flow rates are assumed to be linearly dependent on the layshaft speed in the current 

model.  

 

Figure 12, Flow rate distribution in the oil system. 

Another simplification is that flows to different components are separated. For the real system, oil first 

flows through the input shaft, then through the main shaft etc. In the model, flow to each component is 

instead separated and directly controlled by ideal pumps. The main reason for this simplification is 

that the geometry must be simplified to use Amesim thermal hydraulic elements which incorporate 

heat exchange between the fluid in the circuit and the surrounding structure (Birgersson’s model [8] 

utilises e.g. annular and centrifugal pipes, which do not support such heat transfer). If the flow would 

not be separated, it would thus be very difficult to obtain both correct flow rate distributions and heat 

exchange.  

A consequence of the separation of flow is that oil heating in the input and main shafts before it 

reaches the bearings and sun wheel is neglected. However, simulations show that the oil temperature 

generally changes less than 1°C in the shafts (even for high loads), so this error tends to be small. 

Another result is that the pressure distribution in the oil system is slightly erroneous, with pressures of 

approximately 2 bar throughout the system (in reality there are pressure gradients). However, for 

nearly incompressible fluids such as oil, the thermophysical properties may safely be assumed to be 

independent of pressure (seen from the plots in Appendix 2), so this is not significant for the heat 

transfer calculations. With the above caveats in mind, heat exchange between components and the oil 

system is described in the following subsections. 
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Internal convection, circular pipes 

Usage: Input and main shafts to oil system 

The heat transfer due to oil flow through the input and main shafts is calculated through standard 

formulas for flow through circular pipes, which Amesim calculates intrinsically using the following 

empirical equations [16] 

𝑅𝑒 =
4

𝜋

�̇�

 𝜇𝐷
          (65) 

 

𝑁𝑢𝑙𝑎𝑚𝑖𝑛𝑎𝑟 = max (3.66,   1.86 (
𝑅𝑒𝑃𝑟

𝐿

𝐷

)

1

3

⋅ (
𝜇

𝜇𝑠
)

0.14
)     (66) 

 

𝑁𝑢𝑡𝑢𝑟𝑏𝑢𝑙𝑒𝑛𝑡 = 0.027 ⋅ 𝑅𝑒
4

5 ⋅ Pr
1

3 ⋅ (
𝜇

𝜇𝑠
)

0.14
      (67) 

 

ℎ𝑐𝑜𝑛𝑣 = 𝑁𝑢
𝑘𝑜𝑖𝑙

𝐷
          (68) 

 

where �̇� is the oil mass flow rate, 𝐷 the pipe diameter, 𝐿 the pipe length and 𝜇𝑠 the oil viscosity 

evaluated at the surface temperature. Investigations performed by Eriksson [7] showed that, with the 

exception at an expansion in the main shaft, the flow in the oil system is normally laminar everywhere. 

This is also true in the current model, which means that Eq (67) is generally not used.  

 

Internal convection, generic geometry, calculated heat transfer coefficient 

Usage: Needle bearings to oil system 

Shaft bearings BIM and BMR to oil system 

To calculate the heat transfer due to oil flow through bearings connected to the oil system, some 

simplifications are made. The approach is to approximate the flow through each bearing as flow 

through multiple parallel channels, which are divided by the rollers and (for needle bearings) the 

carriers. Figure 13 displays the CAD geometry of a needle bearing, and the geometrical parameters 

from which the channel areas and perimeters are calculated. 

      

Figure 13, Needle bearing geometry and parameters. 



39 

The flow areas and perimeters of the needle bearing channels are calculated as 

𝐴𝑓𝑙𝑜𝑤 𝑖𝑛𝑛𝑒𝑟 =
𝜋

𝑛𝑟𝑜𝑙𝑙𝑒𝑟
(𝑟2𝑖

2 − 𝑟1𝑖
2 ) − (𝛼𝑟𝑟

2 − 𝑟𝑟 sin 𝛼 ⋅ (𝑟𝑟 − (𝑟2𝑖 − 𝑟1𝑖)))   (69) 

 

𝑃𝑓𝑙𝑜𝑤 𝑖𝑛𝑛𝑒𝑟 =
2𝜋

𝑛𝑟𝑜𝑙𝑙𝑒𝑟
(𝑟1𝑖 + 𝑟2𝑖) + 2𝑟𝑟(𝛼 − sin 𝛼)      (70) 

 

𝐴𝑓𝑙𝑜𝑤 𝑜𝑢𝑡𝑒𝑟 =
𝜋

𝑛𝑟𝑜𝑙𝑙𝑒𝑟
(𝑟2𝑜

2 − 𝑟1𝑜
2 ) − (𝛽𝑟𝑟

2 − 𝑟𝑟 sin 𝛽 ⋅ (𝑟𝑟 − (𝑟2𝑜 − 𝑟1𝑜)))   (71) 

 

𝑃𝑓𝑙𝑜𝑤 𝑜𝑢𝑡𝑒𝑟 =
2𝜋

𝑛𝑟𝑜𝑙𝑙𝑒𝑟
(𝑟1𝑜 + 𝑟2𝑜) + 2𝑟𝑟(𝛽 − sin 𝛽)     (72) 

 

The angles 𝛼 and 𝛽 are obtained from the radii in the following ways: 

𝛼 = acos (
𝑟𝑟−(𝑟2𝑖−𝑟1𝑖)

𝑟𝑟
)         (73) 

 

𝛽 = acos (
𝑟𝑟−(𝑟2𝑜−𝑟1𝑜)

𝑟𝑟
)         (74) 

 

The shaft bearings which are connected to the oil system only have carriers at the end of the rollers, 

and these are therefore neglected for the channel calculations. Figure 14 shows the CAD geometry of a 

shaft bearing and the geometrical parameters used to calculate channel areas and perimeters. 

      

Figure 14, Shaft bearing geometry and parameters. 

The corresponding expressions for flow areas and perimeters are as follows. 

𝐴𝑓𝑙𝑜𝑤 =
𝜋

𝑛𝑟𝑜𝑙𝑙𝑒𝑟
(𝑟𝑜

2 − 𝑟𝑖
2) − 𝜋𝑟𝑟

2        (75) 

 

𝑃𝑓𝑙𝑜𝑤 =
2𝜋

𝑛𝑟𝑜𝑙𝑙𝑒𝑟
(𝑟𝑖 + 𝑟𝑜) + 2𝜋𝑟𝑟        (76) 
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As shown by Eriksson [7], the flow in the bearings is laminar, and a simplification is made here by 

assuming that this flow is also fully developed. Bergman et al. [15] shows that the Nusselt number 

becomes constant for fully developed laminar channel flow (it is then only dependent on the aspect 

ratio of the channel). All bearing flow channels are assumed to have high aspect ratios (easily seen for 

the needle bearings, and reasonable for the shaft bearings due to their concave shape). Tabulated 

values [15] for aspect ratios trending towards infinity are therefore used, and the corresponding 

Nusselt number then becomes  

𝑁𝑢 =
ℎ𝑐𝑜𝑛𝑣𝐷ℎ

𝑘𝑜𝑖𝑙
= 7.54         (77) 

 

By rewriting Eq (77), the convective heat transfer coefficients in the bearings are calculated as 

ℎ𝑐𝑜𝑛𝑣 = 7.54
𝑘𝑜𝑖𝑙

𝐷ℎ
         (78) 

 

The hydraulic diameters of the channels are calculated using the standard formula  

𝐷ℎ = 4
𝐴𝑓𝑙𝑜𝑤

𝑃𝑓𝑙𝑜𝑤
          (79) 

 

Finally, the area for heat exchange between bearings and oil becomes 

𝐴ℎ𝑒𝑎𝑡 𝑒𝑥𝑐ℎ𝑎𝑛𝑔𝑒 = 𝑃𝑓𝑙𝑜𝑤 ⋅ 𝐿𝑟𝑜𝑙𝑙𝑒𝑟 ⋅ 𝑛𝑟𝑜𝑙𝑙𝑒𝑟      (80) 
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Internal convection, generic geometry, imposed heat transfer coefficient 

Usage: Sun wheel, planet gear wheels and ring gear to oil system 

As Figure 12 shows, approximately half of the flow in the oil system reaches the sun wheel, and thus 

goes into the planetary gear. The oil is used both to lubricate the gear wheels (as these are not in direct 

contact with the oil sump) and to cool them. This cooling effect is highly relevant for the model, but 

unfortunately it is difficult to determine accurately. The problem is to find an appropriate value for the 

heat transfer coefficients, which is challenging because of several reasons: 

• No empirical formulas were found for planetary gears to an oil system such as the one 

employed in Scania’s gearboxes.  

• The flow within the planetary gear cannot reasonably be approximated as channel flow (as 

was done for the bearings).  

• There are no temperature measurements that can be used to tune the heat transfer coefficients 

by comparing temperatures.  

• Heat transfer coefficients in the planetary gear are not currently resolved by CFD calculations 

performed at Scania.  

Because of these problems, the effectiveness of the heat transfer can only be estimated. The heat 

exchange area is approximated by considering all outer surfaces of the gear wheels (i.e. teeth flank, 

face, top land and bottom land) to be covered in oil, and none of the sides. An assumed heat transfer 

coefficient is imposed between these surfaces and the oil. Its value is partially based on the nominal 

value for the main shaft gear wheels (detailed earlier in this section), but assumed larger due to 

increased oil coverage and more contact zones. The representative value chosen is 750 W/(m2K). 

Because of the significant uncertainties in this assumption, a parameter study is performed in which 

the value is varied, detailed in Section 5.5. 

It should be noted that the heat exchange between the planetary gear and oil is highly relevant when 

operating at low range gears, but not as important at high range. The reason is that at low range, the 

planetary gear losses are large, on the order of half the total gearbox losses. This gear should 

preferably only be used for short periods of time, such as when starting or climbing a steep hill, and it 

is thus not designed to be operated at a thermal steady state. At high range, the losses in the planetary 

gear are low, since the sun wheel and ring gear are rotationally locked, and power is not transferred 

over gear wheel pairs. The planetary gear will therefore have nearly the same temperature as the oil 

flowing through it at high range (when a thermal steady state has been reached). 

 

Radiative heat transfer inside the gearbox 

Except for between the housing and the surroundings, radiative heat transfer is currently neglected in 

the model. To demonstrate that this is reasonable, an equivalent radiative heat transfer coefficient can 

be defined [15], which can be compared to convective heat transfer coefficients. A simple calculation 

shows that the radiative heat transfer coefficient ℎ𝑟𝑎𝑑  between a surface at 110°C with 𝜀 = 0.5 

(representative for unpainted steel covered in oil [17]) and an environment at 90°C is 

ℎ𝑟𝑎𝑑 = 𝜀𝜎(𝑇1
2 + 𝑇2

2)(𝑇1 + 𝑇2) = 0.5 ⋅ (5.67 ⋅ 10−8)(383.152 + 363.152)(383.15 + 363.15) = 5.9 𝑊/(𝑚2𝐾) (81) 

 

If this value of ℎ𝑟𝑎𝑑 is compared to convective heat transfer coefficients between the oil and gearbox 

components, which generally are at least 200 W/(m2K), it is seen that radiation within the gearbox can 

safely be neglected.  
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3.4 Oil cooling system 
The operation of the cooling system for the gearbox oil is rather complex and depends on several 

parameters outside of the gearbox, and is therefore simplified in the model. The chosen approach is to 

approximate the rate of heat transfer from the gearbox oil to the cooling system with a function which 

depends on the type of cooler, the oil sump temperature, the inner flow rate (gearbox oil), and the 

outer flow rate (liquid cooling medium or external air).  

A Scania gearbox may be supplied with no cooler, a liquid cooler, or an air cooler, and the following 

inputs were used to model each of them:  

• No cooler: Cooling power equal to zero. 

• Liquid cooler: Cooling medium temperature, effective heat transfer coefficient (ℎ𝐴)𝑒𝑓𝑓 as a 

function of inner and outer flow rates, maximum heat transfer rate from oil to cooler, and 

maximum heat transfer rate from cooler to oil. 

• Air cooler: Ambient air temperature, effective heat transfer coefficient as a function of inner 

and outer flow rates, maximum heat transfer rate from oil to cooler, and thermostat behaviour. 

The information needed to set the above parameters is summarised below: 

The liquid cooler utilises the same cooling circuit for both the engine and the gearbox oil. This means 

that the temperature of the cooling medium (water + glycol) is primarily determined by heat transfer 

from the engine (as it is generally orders of magnitude larger than from the gearbox). This also means 

that the liquid cooler system can be used to heat the gearbox during start-up or low loads in cold 

climates. According to technical specifications [27], the maximum cooling capacity is generally 

around XX kW, and here it is assumed that the maximum heating capacity is equally large. The 

dependency of the effective heat transfer coefficient on the flow rates may be obtained from product 

data sheets which lists the thermal output of the cooler (in Watt) as a function of flow rates at specific 

gearbox oil and cooling medium temperatures. By dividing the thermal output by the temperature 

difference, the effective heat transfer coefficient of the cooler is obtained, which is visualised in Figure 

15 for data obtained from [28]. 

 

Figure 15, Effective heat transfer coefficients for a liquid cooler. 

As mentioned earlier, the inner flow rate is approximated in the model as being linearly dependent on 

the layshaft speed (based on what is seen in Figure 12). Furthermore, as stated in e.g. [29], the outer 

flow rate can be approximated as being linearly dependent on the engine speed (and thus the input 

shaft speed in the model). In this way, the effective heat exchange in the liquid cooler can be 

calculated from known parameters in the model. The temperature of the cooling medium must be set 

as a boundary condition though. If this is not known for a load case which is to be run, representative 

values may be estimated from thermal control specifications (e.g. [30]) or measured distributions such 

as can be found in e.g. [31]. 
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When using an air cooler, the gearbox oil is diverted to the front of the truck, where it passes through a 

heat exchanger which is cooled by air flow. The maximum cooling capacity of the air cooler is about 

XX kW [27], and since it utilises ambient air, it cannot heat the gearbox oil. The same approach as for 

the liquid cooler, i.e. using tabulated values of the thermal output for a specific temperature difference 

to obtain the effective heat transfer coefficient, is used here as well. Representative values are 

visualised in Figure 16, obtained from the group working with Cooling and Performance Analysis 

[32]. 

 

Figure 16, Effective heat transfer coefficients for an air cooler. 

As previously mentioned, the total oil flow rate is known in the model from the layshaft speed. 

However, to avoid cooling to unnecessarily low temperatures (which would lead to increased losses), 

the oil flow to the air cooler is also controlled by a thermostat, which opens at oil temperatures 

between XX and XX°C [33]. In the model, a simplification is made in that the rate of heat transfer is 

assumed to be linearly dependent on the thermostat opening between these two temperatures. The 

temperature measured by the thermostat is not the same as the oil sump temperature in the model 

though, because the thermostat is in contact with both the oil flowing into and out of the cooler. To 

account for this, the temperature which controls the thermostat in the model 𝑇𝑜𝑖𝑙 𝑡ℎ𝑒𝑟𝑚𝑜𝑠𝑡𝑎𝑡 is 

calculated by subtracting the temperature decrease incurred by the cooler (calculated as the cooling 

power 𝑄𝑐𝑜𝑜𝑙𝑒𝑟 divided by the total oil mass flow rate �̇�𝑜𝑖𝑙 and the specific heat 𝑐𝑝 𝑜𝑖𝑙) from the oil 

sump temperature 𝑇𝑜𝑖𝑙 𝑠𝑢𝑚𝑝.  

𝑇𝑜𝑖𝑙 𝑡ℎ𝑒𝑟𝑚𝑜𝑠𝑡𝑎𝑡 = 𝑇𝑜𝑖𝑙 𝑠𝑢𝑚𝑝 −
𝑄𝑐𝑜𝑜𝑙𝑒𝑟

�̇�𝑜𝑖𝑙𝑐𝑝 𝑜𝑖𝑙
       (82) 

 

It should also be noted that according to measurements [34], in some cases all the oil flow may not go 

through the cooler, even when the thermostat is fully open. This introduces an uncertainty in the inner 

flow rate, which may thus have to be reduced. 

The outer flow rate for an air cooler is primarily determined by the operation of the cooling fan at the 

front of the truck, and secondarily by the truck velocity. These dependencies are visualised in Figure 

17 for one type of truck cabin (the outer flow rate also depends on the type of cabin) [32]. 
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Figure 17, Outer flow rates for an air cooler. 

The activation and speed of the cooling fan is primarily a function of the temperature of the engine 

cooling medium, but it is also controlled by other external parameters. Because these parameters 

cannot be directly coupled to the operation of the gearbox, no attempt is currently made to control the 

cooling fan in the model (this is further discussed in Chapter 7). If measured values are not available 

for an operation to be simulated, representative values may be obtained from graphs such as Figure 17. 

The temperature of the air at the heat exchanger is also set as a boundary condition in the model. This 

temperature is slightly higher than that of the ambient air due to recirculation, and the difference 

depends on the vehicle speed. Previous simulations [35] indicate that the air with which heat is 

exchanged is approximately 9°C warmer than ambient at 15 km/h, 2°C at 50 km/h, and <1°C at 85 

km/h. This shows that except for at very low truck velocities, the ambient air temperature is a good 

approximation for that of the air at the heat exchanger.  

Based on the above reasoning, the equation which describes the rate of heat transfer between the 

gearbox oil and the cooler takes the following form (note that 𝑠𝑓𝑡ℎ𝑒𝑟𝑚𝑜𝑠𝑡𝑎𝑡 ≡ 1 for a liquid cooler and 

that it increases linearly from 0 to 1 for oil temperatures between XX and XX°C for an air cooler). The 

saturations were set (with slightly larger values than those reported in [27]) to avoid the potential of 

unreasonably high cooling power in the model. 

𝑄𝑐𝑜𝑜𝑙𝑒𝑟 = (ℎ𝐴)𝑒𝑓𝑓 ⋅ (𝑇𝑜𝑖𝑙 − 𝑇𝑐𝑜𝑜𝑙𝑖𝑛𝑔 𝑚𝑒𝑑𝑖𝑢𝑚) ⋅ 𝑠𝑓𝑡ℎ𝑒𝑟𝑚𝑜𝑠𝑡𝑎𝑡  

0 𝑘𝑊 ≤ 𝑄𝑎𝑖𝑟 𝑐𝑜𝑜𝑙𝑒𝑟 ≤ 𝑋𝑋 𝑘𝑊        − 𝑋𝑋 𝑘𝑊 ≤ 𝑄𝑙𝑖𝑞𝑢𝑖𝑑 𝑐𝑜𝑜𝑙𝑒𝑟 ≤ 𝑋𝑋 𝑘𝑊   (83) 

 

As an alternative to a cooler, there is an option in the model to keep the oil sump at a constant 

temperature. This is useful both for evaluating component temperatures for idealised load cases, and to 

compare results with rig measurements where the oil temperature is often held constant. 

Finally, an option that eliminates the uncertainties in the modelling of the cooling system is to instead 

set a measured oil temperature as a boundary condition. While this reduces the predictive powers of 

the model (as measurement data must be available), it can be useful for evaluating component 

temperatures after a test has been performed. A drawback with this approach is however that the 

change in oil temperature due to the cooler is not accounted for, so e.g. the oil flowing into the input 

shaft is at the same temperature as the oil sump.  
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4 Model validation 
As the model was created, outputs from it were compared to measurements performed in both test rigs 

and vehicles. A summary of these comparisons is described in this chapter. 

 

This chapter presents four different ways in which the model has been validated, by investigating how 

well it agrees to measurements and existing models. The first two sections concern power losses and 

efficiencies, and it is shown that by rescaling the losses in the model, a good agreement is obtained 

with both measurements and existing Scania loss models. Following this is a section where simulated 

teeth temperatures of a main shaft gear wheel is compared to measurement values. The fourth section 

displays two comparisons between measured and simulated oil sump temperatures for a long haulage 

truck.  

 

 

4.1 Validation 1, losses and efficiency on high range gears 
Measurements that have been performed to evaluate the cooling system of a gearbox test rig [36], 

where the total power losses in the gearbox were also measured, are used here to evaluate simulated 

losses (primarily due to gear friction) and efficiencies. Eight test cases where the oil sump temperature 

was held constant at 100°C and the input speed and torque were varied are presented in Table 9.  

Table 9, Load cases for loss comparisons. 

Case Pin [kW] Nin [RPM] Tin [Nm] Fraction of total loss which is due to gear 

friction in the model (Scaled*) [%] 

1 341 1303 2500 89 

2 403 1541 2500 88 

3 477 1303 3500 91 

4 498 1904 2500 86 

5 546 1303 4000 91 

6 565 1541 3500 90 

7 645 1541 4000 91 

8 654 2498 2500 87 

*Scaled values of both gear friction and total losses were used. This scaling is explained below. 

The active gear was 4L (a high range gear) for all measurements, which meant that the planetary gear 

losses were small. Furthermore, since all the measurements were performed at high loads, the load 

dependent losses (primarily gear friction) dominated, which is also seen in Table 9.  

Figure 18 shows measured and simulated total losses and efficiencies for the gearbox for each case 

listed in Table 9. It is clearly seen that the simulation overestimates the gearbox losses, on average by 

approximately 30 %. This discrepancy is fairly constant among all the load cases, although it is 

slightly lower for cases 4 and 8 (which have the highest input speeds).  
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Figure 18, Total gearbox losses and efficiencies. 

As mentioned in Section 3.2, a scale factor was introduced on the gear friction losses to obtain the 

correct thermal behaviour. The value chosen for this, 𝑠𝑓𝑔𝑒𝑎𝑟 𝑐𝑜𝑛𝑡𝑎𝑐𝑡 𝑡𝑜 ℎ𝑒𝑎𝑡 = 0.75, was found by 

matching simulated and measured losses in plots such as the one shown above. The losses and 

efficiencies obtained when utilising this scale factor are also plotted in Figure 18, where it is seen that 

they correspond well to the measured values.  

It should be noted that a similar trend (Amesim overestimating gear friction losses) was observed by 

Birgersson [5] at low loads. He reported that the total gearbox losses were approximately 20 % too 

high at 500 Nm input torque and low speeds, when gear friction losses constituted about 75 % of the 

total losses; this shows that the scale factor approach is reasonable even for low loads. The reason that 

Amesim overestimates the gear friction losses is believed to be that the empirical formulas used to 

calculate the slipping losses were developed by Benedict and Kelley in 1961 [37]. Advances in gear 

wheel manufacturing since then (e.g. surface finishing) has likely reduced the contact friction losses.  

 

 

4.2 Validation 2, efficiency on low range gears 
When performing simulations on low range gears, it was observed that Amesim overestimated the 

planetary gear losses. These losses are important for both the planetary gear temperature and that of 

the entire gearbox, as they may constitute approximately half the total losses.  

To quantify this overestimation, simulated gearbox efficiencies for 30 combinations of input speed and 

torque at gear 3H were compared to those predicted by an existing Scania gearbox loss model. This 

model (denoted “HS model” here) is presented in the form of grids of total gearbox efficiencies for 

different gears, input speeds, and torques [6]. Gear 3H was chosen because for this gear, torque is not 

transferred over gear wheel pairs in the split and main gearboxes, so the gear contact friction there 

becomes negligible. The influence of any potential difference between the models with regards to 

these gear contacts is thus removed. The studied input speeds, torques and powers are displayed in 

Table 10. 

Table 10, Input speeds (horizontal), torques (vertical) and powers [kW] (grid) which were studied. 

Nin [RPM] 

Tin [Nm] 

1000 1200 1400 1600 1800 2000 

1000 105 126 147 168 188 209 

1500 157 188 220 251 283 314 

2000 209 251 293 335 377 419 

2500 262 314 367 419 471 524 

3000 314 377 440 503 565 628 
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It should be mentioned that the HS model was created for a GRS895 gearbox (not the GRS905 which 

is modelled here). The main difference between these gearboxes is that the GRS895 does not have a 

crawler gear. Therefore, the comparisons in this section were made with the losses from the crawler 

gear set to zero.  

By comparing the gearbox efficiencies between the current and existing models, a scale factor for how 

much of the planetary losses should be converted to heat was obtained. The value which was found to 

produce the best match in efficiencies was 𝑠𝑓𝑝𝑙𝑎𝑛𝑒𝑡 𝑡𝑜 ℎ𝑒𝑎𝑡 = 0.80. Figure 19 shows plots of unscaled 

and scaled Amesim efficiencies, and corresponding values from the HS model. It is seen that the 

unscaled Amesim efficiencies are significantly smaller (the losses are on average 16 % larger) than the 

HS model. The scaled Amesim efficiencies are on average slightly larger (the losses are on average 

1.3 % smaller) than those of the HS model. This agreement is considered good, although the trend of 

increasing efficiency at increasing input speed is stronger in the HS model than in Amesim. It may be 

noted that on average for all 30 cases, 73 % of the losses occurred in the planetary gear before scaling, 

and 69 % after. 

 

Figure 19, Total gearbox efficiencies at gear 3H. 

When the value of 𝑠𝑓𝑝𝑙𝑎𝑛𝑒𝑡 𝑡𝑜 ℎ𝑒𝑎𝑡 had been found, a comparison was made between scaled losses 

from the current model and those from the HS model for gear 1H as well. For this gear, the ratio 

before the planetary gear is 2.444 (the total ratio is 9.164), and this comparison was done to confirm 

that the employed approach would yield reasonable losses for cases where the torque going into the 

planetary gear was larger, and the speed lower. The obtained efficiencies are shown in Figure 20 (the 

unscaled efficiencies have also been included for comparisons sake). Unscaled efficiencies are once 

again seen to be too low (the losses are on average 12 % larger than in the HS model). The agreement 

between the scaled efficiencies and the HS model values is considered good though (the rescaled 

losses are on average 0.9 % larger, and the trends are similar). The scale factor approach thus leads to 

a good agreement between heat generation in the current model and losses in the HS model.  

 

Figure 20, Total gearbox efficiencies at gear 1H. 
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4.3 Validation 3, gear wheel teeth temperatures 
To check the validity of the approach used to estimate heat transfer coefficients from the input and 

main shaft gear wheels to the oil sump, a comparison was made with measurements of gear wheel 

teeth temperatures. These measurements were performed by inserting two thermocouples below the 

teeth flanks (with the tips at the pitch circle) of the low split/3rd main shaft gear wheel [38]. The oil 

sump temperature was held constant at 100°C, and measurements were performed at steady state 

conditions. The signals from the thermocouples were averaged to obtain the final value, and the 

accuracy was reported to be within 1-2°C.  

The measurements were performed on a GRSO905 gearbox at the 6H gear, which meant that torque 

was transferred over the high split and low split/3rd gear wheel pairs (for the GRSO905, low and high 

split gears are inverted, and 6H is an overdrive gear with a total ratio of 0.8:1). Four different input 

speeds (1000, 1300, 1600 and 1900 RPM) were used, and the input torque was held constant at 2000 

Nm.  

Figure 21 shows measured teeth temperatures together with simulated values for different nominal 

heat transfer coefficients.  

 

Figure 21, Measured and simulated gear wheel teeth temperatures. 

The indicated mean nominal heat transfer coefficient proposed by CFD (250 W/(m2K), mentioned in 

Section 3.3), is seen to cause the simulated temperature to be overestimated by 3.4°C on average. A 

value of 325 W/(m2K) agrees well with measurements though. The value of 400 W/(m2K) was 

included to verify that the trend stays similar as the heat transfer coefficient is increased further. 

As explained in Section 3.3, the exponent in Eq (59) was partially chosen to obtain a similar behaviour 

between simulated and measured teeth temperatures. Figure 21 displays that while the speed 

dependency is not perfectly resolved (the temperature is slightly underestimated at intermediate 

speeds), the difference is between 1°C at all speeds when the nominal heat transfer coefficient is 325 

W/(m2K), which is within measurement accuracy.  

Some limitations in the comparisons performed here should be stated. The measurements were 

performed in 2008, when a higher gearbox oil level was used, and the screen used to increase the oil 

flow to the input and main shaft gear wheels (seen to the left in Figure 8) had not yet been 

implemented. However, the oil level reduction was implemented at the same time as the screen was 

introduced, and comparative measurements of gear wheel temperatures were performed. The 

differences were generally seen to be less than 2°C for nominal angles [39], so the investigated case is 

still considered to be representative for the current gearbox. It would however be beneficial to test 

more gear wheels, input torques and active gears, to further validate and refine the approach used to 

estimate this heat transfer coefficient.  
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4.4 Validation 4, long haulage truck oil temperature 
To investigate the model’s ability to simulate the operation of a real truck, two load cases for a long 

haulage truck [40] are studied, and measured and simulated oil temperatures are compared. It should 

be noted that the gearbox in the corresponding real truck is fitted with a retarder (this component is 

described in Section 2.2), which is not included in the model. However, the load cases studied here 

only include little downwards inclination and few stops (the typical conditions in which the retarder is 

activated), so this discrepancy is neglected here. 

The thermal boundary conditions used for these cases are listed in Table 11 (engine speed and torque, 

active gear, and initial gearbox temperature were obtained from the measurement files). The operation 

of the gearbox cooler is modelled as described in Section 3.4, with values of the effective heat transfer 

coefficient read from a file for a liquid cooler. The temperatures of the surroundings were 

approximated from previous simulations (see Table 8).  

Setting the boundary conditions on the surroundings presents a difficulty for load case 1 (Figure 22) 

though, as it is a highly transient case (the gearbox oil temperature starts from 33.5°C, seen in Figure 

23). The surrounding temperatures are therefore also modelled as time-varying, by setting them to 

increase linearly from the initial gearbox temperature to their final values during the time it takes for 

the gearbox oil to reach an approximate steady state (2000 s). The cooling medium temperature is 

assumed to start at the same temperature as well, but to reach a steady state in 1000 s.  

In load case 2 (Figure 24), the load is high during the first hour as the truck is ascending, but 

significantly lower after this. Because the gearbox oil starts from a relatively high temperature 

(68.3°C, seen in Figure 25), the temperatures of the surroundings are approximated as constant. 

Because of the varying load, the temperature of the cooling medium is set to vary though (starting at 

80°C, rising to 100°C in 1000 s, staying at 100°C for 2000 s, decreasing to 90°C over 500 s).  

Table 11, Thermal boundary conditions used for the simulations. 

Boundary condition Load case 1 Load case 2 

Temperature Engine output shaft [°C] 33.5-90 100 

Temperature Flywheel cover [°C] 33.5-90 100 

Temperature Support beam [°C] 33.5-80 90 

Temperature End yoke [°C] 33.5-80 90 

Temperature Hot surroundings [°C] 33.5-90 100 

Temperature Cold surroundings [°C] 33.5-40 60 

Temperature Cooling medium [°C] 33.5-80 80-100-90 

 

The above description highlights the uncertainties in setting the thermal boundary conditions for a case 

in which the cooling medium temperature is unknown (it was not available for the cases presented 

here). A proposition for how this could be avoided by expanding the model is described in Chapter 7.  
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Load case 1, level running, high gears, high velocity, low load 

The parameters representing this load case (engine speed, engine torque, active gear, engine power, 

truck velocity and vertical position) are depicted in Figure 22. This is a light load case, representative 

for cruising, as the truck is running at low torque, primarily on the highest gear, on a fairly level 

surface, and at high velocity. Corresponding measured and simulated oil temperatures are plotted in 

Figure 23. 

 

Figure 22, Parameters representing load case 1. 

 

Figure 23, Measured and simulated oil temperatures for load case 1. 

Figure 23 shows measured and simulated values in rather good agreement. The initial transient 

behaviour is captured well, and the differences are generally small. At 2000 s a near-steady state has 

been reached, and while the simulated values are about 2°C higher than the measured ones, the trends 

are similar. It should however be emphasised that the boundary conditions of the external temperatures 

are uncertain, as described at the start of this section.  
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Load case 2, uphill climb, low gears, varying velocity, high load 

The second load case is represented by the parameters seen in Figure 24. It starts with an 

approximately 900 m ascent in the first hour of driving (with a mean inclination of 2 %), at high 

torque, low gears (with significant time spent at low range gears), and low velocity. The oil 

temperatures for this load case are plotted in Figure 25. 

 

Figure 24, Parameters representing load case 2. 

 

Figure 25, Measured and simulated oil temperatures for load case 2. 

Simulated and measured oil temperatures show some discrepancies for this load case. The simulated 

temperature displays some more inertia than the measured one (especially in the beginning) and while 

the same trends are seen for both temperatures, the variations are more pronounced in the measured 

values. A possible explanation for this is that while the model assumes that the oil sump is isothermal, 

the measurement is done locally, at one point. For a case which is as severe as this one (with large 

losses and thus rapidly varying heat generation) it is reasonable that this should lead to some 

differences. The main trends are still captured by the model though, and simulated values are generally 

within 4°C of measurements. It should however once again be noted that there are uncertainties in the 

boundary conditions on the external temperatures.   
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5 Results and discussion 
The primary result of this thesis is the model that was created. In this chapter, examples of results that 

may be extracted from it are displayed. Discussion and observations are interspersed among these 

results. 

 

The model may be used to simulate either real or idealised load cases, and the user may choose which 

outputs are of interest. To demonstrate what can be studied, examples of outputs from several load 

cases are presented in this chapter. The first two sections show results from real truck operations. This 

is followed by a study of steady state gear wheel temperatures for different speeds and torques, and a 

visualisation of the axial temperature distribution in the layshaft. Finally, a demonstration of the 

impact of variations of the heat transfer coefficients from two gear wheels and the planetary gear is 

displayed.  

 

 

5.1 Long haulage truck component temperatures and heat transfer 
A selection of component temperatures for the load cases displayed in Section 4.4 are presented 

below. For the second load case, external heat transfer and heat generation is also displayed. 

 

Load case 1, level running, high gears, high velocity, low load 

Temperatures of the components at the low split gear, the planetary gear, and the shaft bearings are 

shown in Figure 26 to Figure 28, for the load case defined in Figure 22. Since the truck is run almost 

exclusively on direct drive gear, the losses are low and not localised. This is reflected in the figures, 

which show that the components have nearly the same temperature as the oil sump. Some of the shaft 

bearing temperatures deviate slightly from that of the oil sump, but the difference is at most only about 

3°C. The primary result seen here is thus that when a gearbox is primarily operated on the direct drive 

gear with low loads, one can expect the temperature of the oil sump to be representative for the 

components as well.  

 

Figure 26, Temperatures of the components at the low split gear. 
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Figure 27, Temperatures of the planetary gear components. 

 

 

Figure 28, Temperatures of the shaft bearings. 

 

Load case 2, uphill climb, low gears, varying velocity, high load 

For the load case defined in Figure 24, the gearbox is run at low gears and high torque for extended 

periods of time, with resulting large and localised losses. This load case is therefore studied in some 

more detail than the one in the previous subsection. Temperatures of components at the low split and 

2nd gears, the planetary gear, the shaft bearings and the housing are displayed, as well as heat 

generation and external heat transfer. 

Figure 29 displays the temperature of the components at the low split gear. Because these temperatures 

vary rapidly, only the first 20 minutes of operation are plotted. 
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Figure 29, Temperatures of the components at the low split gear. 

The dynamics of temperature increase during torque transfer, and temperature decrease as the gear 

becomes inactive, are clearly seen in the figure. The change in temperature is especially rapid for the 

input shaft gear wheel teeth, which is expected due to their low mass (and thereby low thermal inertia). 

On the input shaft side of the contact, heat is transferred radially inwards from the teeth to the bulk of 

the gear wheel, to the gear wheel bearing, and into the shaft itself. The resulting radial temperature 

distribution may thus be observed.  

The gear wheel on the layshaft cannot be directly compared to its counterpart on the input shaft, as it is 

not segmented into teeth and bulk. However, it can still be seen that its temperature rise over the oil 

sump is significantly smaller than that of the input shaft gear wheel, generally only about 60 % as 

large. This is partially because the layshaft gear wheel is approximately twice as heavy as the one on 

the input shaft (so it has more thermal inertia), but it is also cooled more efficiently since it is partially 

immersed in the oil. It is furthermore seen that the temperature of the layshaft segment closely follows 

that of the gear wheel, which illustrates the efficient radial heat transfer between them.  

The temperatures of the components at the 2nd gear are displayed in Figure 30. 

 

Figure 30, Temperatures of the components at the 2nd gear. 
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The trends seen here are similar to those observed for the low split gear, although there are some 

important differences. For instance, here the layshaft gear wheel reaches higher temperatures than the 

bulk of the main shaft gear wheel. This primarily happens due to a different proportion in dimensions; 

at this gear the mass of the main shaft gear wheel is approximately twice as large as the one on the 

layshaft. A related effect is that the main shaft gear wheel has a larger area than the one on the 

layshaft, which affects how efficiently heat is transferred to the oil. It is thus seen that while the same 

general trends occur at different gears, the details may differ. An observation which may be drawn 

from both Figure 29 and Figure 30 is that gear wheel temperatures are highly dependent on how long a 

specific gear is active, since steady state conditions are generally not reached during this operation. 

The temperatures of the components of the planetary gear are shown in Figure 31. Because the truck 

only runs on low range gears with significant power input during the first hour of the simulation (seen 

in Figure 24), only this time span is plotted. 

 

Figure 31, Temperatures of the planetary gear components. 

The figure shows that the components in the planetary gear reach high temperatures in the simulation, 

with peaks nearing 140°C for the sun wheel. The dynamics of temperature change can also be studied. 

As the sun wheel is administered one third of the losses but has significantly lower mass than the other 

components, its temperature increase is especially rapid. The planet gear wheels also reach high 

temperatures (they receive half of the planetary gear losses in the model). Compared to the other 

components, the ring gear reaches fairly moderate temperatures, owing to its relatively large mass and 

that it only receives one sixth of the planetary gear losses in the model.  

As mentioned in both Section 3.3 and Section 3.4 the modelling of the planetary gear is rather 

uncertain, both with regards to loss distribution (based on a rule of thumb), and heat transfer to the oil 

system (with a presumed heat transfer coefficient). These factors, combined with lack of measurement 

data, makes it difficult to determine the validity of the simulated temperatures. They may seem high, 

although it is important to note that this load case is very severe for the planetary gear (due to the long 

time spent on low range gears with high power input). To give a sense of the uncertainties in these 

temperatures, the effect of varying heat transfer coefficients between the planetary gear components 

and the oil is studied in Section 5.5. 

Figure 32 shows shaft bearing temperatures during two hours of simulation.  
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Figure 32, Temperatures of the shaft bearings. 

With few exceptions, the shaft bearing temperatures follow that of the oil sump within 5°C. Some 

small but relatively rapid oscillations may be seen though, as the bearing losses vary with both the 

corresponding shaft speeds and the forces acting on the bearings. The fact that the shaft bearing 

temperatures closely follow that of the oil is significant, since it means that they can be reasonably 

approximated from a measured oil temperature. 

The final temperatures that will be presented for this load case are those of the gearbox housing, which 

are plotted in Figure 33.  

 

Figure 33, Temperatures of the gearbox housing. 

Similar to what was seen for the shaft bearings, the housing temperatures are seen to follow the trends 

of the oil sump. The housing components are heavy though, and the effect of the large thermal inertias 

are clearly seen here. This is especially evident during the first hour of operation, as there is a 

significant lag in the increase of housing temperatures relative to the oil sump. Something that may be 

unexpected is that the different housing components have virtually the same simulated temperatures, 

which is largely an effect of the oil sump being modelled as isothermal. For the housing, the heat 

exchange with the oil sump is significantly more efficient than the other mechanisms (i.e. heat transfer 

to the surroundings and conduction to shaft bearings), so their temperature is primarily dictated by this 

interaction. 
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The heat generation in the gearbox (or equivalently, the rescaled mechanical losses) between 800 and 

2400 s is shown in Figure 34. 

 

Figure 34, Heat generation in the gearbox. 

The plots clearly show that the dominant mechanisms of heat generation are gear friction (between 

gear wheels in the splitter and main gearbox) and planetary gear losses. This demonstrates why the 

temperature increase in the gear wheels and planetary gear is so much more severe than in e.g. the 

shaft bearings. The gearbox is never run on the direct drive gear during the interval shown here (seen 

in Figure 24), but if it would be, both gear friction and planetary gear losses would trend toward zero, 

significantly reducing the total losses.  

Finally, the external heat transfer from the gearbox is presented in Figure 35. 

 

Figure 35, External heat transfer from the gearbox. 

The figure shows that the external heat transfer is dominated by the cooler operation. Convection and 

radiation from the housing also leads to a small contribution, but conduction through the supporting 

structure and shafts is negligible. The negative heat transfer which occurs during the first 500 s is due 

to the cooling medium being warmer than the gearbox oil.  
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5.2 Mining truck component temperatures 
To display an additional example of component temperatures predicted by the model for a real truck 

operation, a load case corresponding to the operation of an off-road mining truck [41] is displayed in 

this section. The gearbox on this truck is not a GRS905, but a GRSO935R, which is specifically 

designed for demanding conditions such as mining (the dimensions of e.g. its gear wheels and shafts 

are larger than for other gearboxes). It is furthermore an overdrive gearbox, which means that the gear 

selection logic is different from that of a GRS905 (the selection of low and high split gears is reversed, 

this logic can be set in the model with a global parameter).  

This gearbox is fitted with a retarder, and as the truck is used in a mine, it is expected to experience 

significant durations of downhill running (measurement data of the vertical position was not available 

for the run which is simulated here though). In contrast to the load cases studied in Section 5.1, it can 

thus be expected that the retarder is active often enough for it to be relevant to the thermal network. As 

discussed in Section 2.2, this means that the model cannot accurately resolve the “global” gearbox 

temperature for this case, because heat generation and transfer from the retarder is not simulated. To 

account for this and ensure that the global gearbox temperature becomes correct, the measured oil 

temperature is used as an input to the model, to allow a study of the component temperatures. It should 

however be mentioned that the disturbance of the retarder should also be relevant to component 

temperatures near the rear of the gearbox (primarily the bearing housing and output shaft), as it is 

mounted there. 

Figure 36 shows the engine speed and torque, active gear and oil temperature which were used as 

input to the model. The truck runs up and down a mine several times (the first full ascent is seen to 

start at approximately 1600 s), so the operation may be considered to be cyclical. During ascent, the 

engine torque is seen to be high, and considerable time is spent on low gears. During descent, the 

gearbox experiences a negative torque from the engine, presumably corresponding to engine braking.  

 

Figure 36, Parameters which define the operation of a mining truck, used as input to the model. 



59 

Since the truck operation is cyclical, the temperature plots in this section only show one cycle, lasting 

from 5800 to 7000 s. To avoid excessive repetition of what was shown in the previous section, 

temperatures are only presented for components corresponding to the 2nd gear and the planetary gear.  

Figure 37 displays the temperature of the components at the 2nd gear. 

 

Figure 37, Temperatures of the components at the 2nd gear. 

The behaviour displayed here is similar to what was seen for the same components in the previous 

load case (Figure 30). This is not unexpected, since the load cases are somewhat alike for the time 

spans plotted (high torque and low gears). However, one difference is that the needle bearing and main 

shaft segment tend to deviate slightly more from the oil sump here than in the previous load case. 

While this is not unreasonable as the load cases are different, there is an additional reason for this 

which is explained at the end of this section.  

Figure 38 shows the temperatures of the components comprising the planetary gear. 

 

Figure 38, Temperatures of the planetary gear components. 

The trends seen here agree with what was seen for the previous load case in Figure 31, with the sun 

wheel temperature rising faster and further than the other ones. The temperatures of the planetary gear 

components never fall below that of the oil sump here though (as they did in Figure 31), the reason for 

this is explained below.  
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The results in this section are primarily shown to demonstrate that the model can be used with 

measured oil temperatures as an input. This allows users to investigate trends in component 

temperatures that have occurred during real load cases, without having to know the specifics of the 

cooling system operation or the external temperatures. However, since the temperature change of the 

oil flowing through the cooler is unaccounted for (as mentioned in Section 3.4), some errors are 

introduced in the temperatures of the components in contact with the oil system. This can for example 

be seen by comparing Figure 31 and Figure 38; in the former, component temperatures go below that 

of the oil sump when operating at high range gears, but in the latter they level out a few degrees above 

it. This discrepancy should be kept in mind if simulated oil temperatures are used as input.  

 

 

5.3 Variation of engine speed and torque 
To show how the model may be used to compare component temperatures for different simple load 

cases, the steady state temperatures of the low split gear wheels for 16 different combinations of input 

speed and torque, when the gearbox is run at gear 4L and the oil sump is held at 100°C, are shown in 

Figure 39.  

 

Figure 39, Steady state temperatures of the low split gear wheels. 

The figure shows clear trends of how the temperatures vary with the load. It is seen that the 

temperature difference between the gear wheels and the oil sump increases nearly linearly with 

increasing torque. This is expected, as the losses increase nearly linearly too, but the simulated heat 

transfer does not become more efficient. The temperatures are only weakly dependent on the speed 

though, since the losses increase slower than linearly with increasing speed, and the heat transfer 

coefficients increase as well. It is furthermore seen that the steady state temperatures of the gear wheel 

on the input shaft are approximately 50 % higher (relative to the oil sump) than those of the layshaft 

gear wheel, primarily owing to more efficient heat transfer from the immersed gear wheel to the oil.  

Similarly to what was done in this section, the model may be used to investigate the temperatures of 

other components and load case variations as well. In this way, it can be a useful tool to promote 

understanding of how different component temperatures vary with different loads. 
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5.4 Layshaft axial temperature distribution 
Since the shafts are divided into segments (seen in Figure 3), the axial temperature distributions in 

them may be studied. This is visualised for the layshaft in Figure 40 over the course of a one hour 

simulation, where the initial temperature is 20°C, the engine speed and torque are held at 1300 RPM 

and 2000 Nm, and the active gear is 4L. 

 

Figure 40, Axial temperature distribution in the layshaft. 

Since the active gear is 4L, torque is transferred over the low split and 1st gears. The corresponding 

axial segments are situated at 39 and 273 mm from the segment at the front layshaft bearing (BLF), 

whose axial position is at 0 mm here. The figure shows that there is a distinct elevation of temperature 

at these positions, especially at the 1st gear, where the temperature is nearly 20°C higher than at the 

adjacent segments. This illustrates that significant axial temperature gradients may occur in the shafts, 

and that it is important to divide them into segments to correctly resolve their thermal behaviour.  
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5.5 Variation of convective heat transfer coefficients 
This section shows an investigation of how the temperatures of the input and main shaft gear wheels at 

the low split and high split/3rd gears, as well as the planetary gear components, vary when the 

corresponding heat transfer coefficients to the oil are varied. A similar investigation of how gear wheel 

teeth temperatures vary with the heat transfer coefficient was displayed in Figure 21.  

Figure 41 shows the temperature of the gear wheels of the low split and high split/3rd gears for a case 

where the gearbox is run with engine speed and torque 1300 RPM and 1000 Nm for 10 minutes at gear 

4L, followed by 10 minutes at gear 4H. The oil sump temperature is held constant at 100°C, and the 

heat transfer coefficient is set to 80, 100 or 120 % of its nominal value. 

 

Figure 41, Gear wheel temperatures with varying heat transfer coefficients. 

As the heat transfer coefficient is changed by 20 %, the temperature increase over the oil sump 

changes by approximately 10 % for both gear wheels when steady state conditions are approached (i.e. 

at 600 and 1200 s). However, the difference is significantly smaller at the start of the transient 

behaviour, as the rate of convective heat transfer (which increases linearly with the temperature 

difference over the oil sump) is significantly smaller than the losses (which for this case are constant 

in time for each gear) then. The reason that the gear wheel temperatures fall below that of the oil sump 

is that part of the cooling is due to heat transfer to the supporting bearings, which are cooled by the oil 

system flow.  
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Figure 42 shows the temperature of the planetary gear components for a case where the gearbox is run 

with engine speed and torque 1300 RPM and 1000 Nm for 10 minutes at gear 3H (low range), 

followed by 10 minutes at gear 4L (high range). The oil sump temperature is once again held at 100°C, 

and the heat transfer coefficient is set to 80, 100 or 120 % of its nominal value.  

 

Figure 42, Planetary gear component temperatures with varying heat transfer coefficients. 

The behaviour of the planetary gear components is similar to that of the gear wheels, although the 

variations are slightly more pronounced. As the heat transfer coefficient is changed by 20 %, the 

temperature increase over the oil sump changes by approximately 15 % (slightly less for the ring 

gear). Once again, the difference is smaller at the start of the transient. Here it should be noted that the 

sun wheel and planet gear wheels are not in contact with the oil sump in the model, as it is the oil 

flowing through the oil system that cools them (the ring gear is in contact with both the oil system and 

the sump).  

The results shown in this section are meant to display to which extent that uncertainties in the heat 

transfer coefficients affect the component temperatures. How these uncertainties can be reduced is 

discussed in Chapter 7.  
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6 Conclusions 
Conclusions drawn during the master’s thesis, in general as well as from model creation and analysis 

of its outputs, are summarised in this chapter.  

 

A model capable of simulating the operation of a gearbox for either real or idealised load cases has 

been developed. The primary output of the model is component temperatures (gear wheels, shafts, 

bearings, housing and oil), but it may also be used to study gearbox losses and external heat transfer. 

Examples of applications for the model are: to identify problematic load cases (e.g. where there is risk 

of excessive temperatures), to study how the thermal regime varies with different input parameters, 

and to predict how adjustments made to the gearbox affect the temperatures of its components.  

It has been shown that for light load cases, the component temperatures closely follow that of the oil 

sump. For high load cases, the highest temperature occurs in either the sun wheel or the gear wheel 

teeth. The thermal behaviour of the gear wheels is generally highly transient during real load cases 

though, and their temperatures rapidly decrease as they become inactive. Both shaft bearing and 

housing temperatures tend to follow that of the oil sump within a few degrees, even for high load 

cases.  

The capabilities of using the model to study how steady state component temperatures vary with 

engine speed and torque have been displayed. For the gear wheel pair which was studied, temperature 

differences over the oil sump increased nearly linearly with increasing torque, but only slightly with 

increasing speed. Axial temperature gradients which may occur in the shafts have also been visualised.  

It was shown that for a high load case, the external heat transfer from the gearbox is dominated by the 

cooling system. Convection and radiation from the housing can also have a small impact, but 

conduction to supports and via shafts tends to be negligible.  

The primary uncertainty in the model is believed to be the convective heat transfer coefficients from 

the gear wheels and the planetary gear to the oil. The impact of varying them has been displayed, and 

how the modelling of them can be further validated and refined is discussed in Chapter 7. 

  



65 

7 Future work 
Creating a 1D model of an entire truck gearbox necessitates several simplifications, and the modelling 

can be performed with different levels of complexity. This chapter means to describe some of the ways 

in which the model can be refined and expanded to increase its accuracy and applicability. 

 

Convection from the gear wheels (especially those on the input and main shafts) and planetary gear to 

the oil is currently calculated using simple expressions for the heat transfer coefficients. It would be 

beneficial to study this heat transfer further, both to confirm the validity and enable more detailed 

modelling. This could be done by either CFD analysis or measurements (preferably both). The 

proposed approach would be to study how the heat transfer coefficients vary for several cases of 

engine speeds, active gears and gearbox inclinations. With regards to CFD, this has not yet been done 

primarily because it is difficult to resolve the behaviour of the oil in the gear contacts with the 

discretisation methods currently employed at Scania. Some new calculation methods which are 

currently being investigated show potential to alleviate this problem though. Alternatively, 

measurements of component temperatures would enable further tuning of the model. However, the 

standard method used to measure gear wheel temperatures at Scania [42] cannot be used to indicate 

the actual temperatures, only relative differences. Additional thermocouple measurements (like those 

presented in Section 4.3) would thus be beneficial, although this may not be possible for all gear 

wheels.  

It would be preferable to avoid scale factors for how much of the mechanical losses should be 

converted to heat (which is done for churning and gear contact losses), and instead simulate the 

mechanical losses correctly. Two possible approaches for this are to either manually program the loss 

calculation with validated formulas, or to use tabulated efficiencies based on measurements.  

The model could be expanded by adding both a retarder and a power take-off system. These systems 

are temperature-sensitive, and prolonged use of them may even cause overheating, so it would be of 

interest to include them in the model. Furthermore, synchronizer temperatures are currently not 

resolved in the model. Refining the model by including these would both increase the accuracy and 

allow their temperatures to be studied.  

The oil cooling system is essential for the global temperature of the gearbox, as it directly affects the 

temperature of the oil sump, which is in contact with nearly every component of the gearbox. As 

described in Section 3.4, the characteristics of the cooler are currently simplified in the model. A 

cooling system model which resolves the actual flow and physical heat exchange in the cooler could 

be implemented. It would also be of interest to model the heat transfer from the housing to the 

surroundings in more detail, e.g. by investigating more variations of the cases presented in Table 8. 

Furthermore, some gearboxes have heat shields to block the hot engine air from heating the gearbox. 

Provided that sufficient data of the external air flow is known, the influence of such a heat shield could 

also be included in the model.  

The external heat transfer from the gearbox (both through the cooler and from the housing to the 

surroundings) is dependent on the operation of the engine, cooling fan, and the truck cooling system. 

An expansion of the model to include these would thus be beneficial, as it would lessen the need for 

boundary conditions prescribing e.g. the temperature of the cooling medium. Naturally, modelling the 

engine and truck cooling system could potentially be a large project, and depending on what level of 

complexity is chosen, such a model could certainly be more complicated than the one presented here. 

However, if this would be done, the resulting model could be used to simulate the thermal regime of 

the entire powertrain.  
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When performing a mechanical steady state run (constant engine speed, torque, and active gear), the 

simulation time until a thermal steady state is approximately 10 s on a desktop computer (slightly 

longer if starting from low temperatures), which is considered fast. When gear changes are included, 

the simulation time increases by a few seconds for each change though, as the time step of the solver 

must be temporarily reduced to resolve this. Furthermore, when measurement data is used as input to 

the model, it is generally rather noisy (especially torque signals), and the standard sample frequency is 

100 Hz. At each sample, there is a discontinuity in the signal, which forces the solver to take small 

time steps, and causes the solution time to increase. To alleviate this problem, input data used for the 

runs presented in this report was smoothed by use of spline interpolation at one second intervals. The 

solution time still becomes somewhat high for these cases though, for instance, a 3 h run of the mining 

truck presented in Section 5.2 takes approximately 1.5 h to solve on a desktop computer. It could thus 

be of interest to investigate possible optimisations with regards to the solution time. This could be 

realised by separating the calculations in the mechanical and thermal networks in order to use a longer 

thermal time step, or possibly by smoothing the input signals further.  
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Appendix 1, Using the model 
The program LMS Imagine.Lab Amesim version 14.0 is needed to run the model. Version 15.0 has 

also been tested, and works if the model is updated (which can be done automatically by the software).  

To make it easy for the user to find which model parameters to set to study a specific case, the 

following three “Global Parameters” folders are dedicated to this: 

• The parameters in “Load case” define active gear, engine speed, and engine torque. The user 

can define these as constants, via simple piecewise linear functions, or as data read from a file.  

• The parameters in “Temperature ICs and BCs” define the initial temperature of the gearbox, as 

well as temperatures of the surroundings.  

• The parameters in “Cooler properties” define which type of oil cooling system to use, or if the 

oil sump temperature should be held constant, or if the oil temperature should be read from a 

file.  

The corresponding parameters are displayed in the figure below.  

 

To use files to define a load case, .txt or .data-files of engine speed, engine torque and gear selection 

are selected as inputs to the dynamic time tables FileN, FileT and FileG respectively. Similarly, if a 

measured oil temperature is to be used as input, it is set in the dynamic time table FileTemp. When 

using measured signals as input to the model it is recommended to filter them, e.g. by only using one 

value per second (i.e. a 1 Hz signal). This is because each new value read by the program introduces a 

discontinuity that forces the solver to reduce its time step, which increases the computing time.  

Tabulated cooler properties are inserted using the FileCoolerCT1 (liquid) and FileCoolerCT2 (air) 

functions.  
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All the folders which contain global parameters in the model are displayed in the figure below. 

 

To facilitate viewing of results, some graphs have been predefined and are available in the “Plot 

Manager”. These include temperatures at each gear (i.e. L, H/3, 2, 1, C and R), the planetary gear, 

shaft bearings and housing, as well as the external heat transfer and the heat generation in the gearbox.  
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Appendix 2, Oil properties 
The temperature dependency of the mechanical properties of the oil are set via tabulated values seen 

below. Values for other temperatures are obtained through linear interpolation (while the kinematic 

viscosity is presented in steps of 20°C below for brevity, the table read by the model has values at 

every integer temperature value from -20 to 140°C). Values at 1000°C were included to avoid the risk 

of Amesim linearly extrapolating from the last two values, because for very high temperatures this 

could lead to negative values of the piezo viscosity coefficient, which would cause the simulation to 

abort. For simulations run with reasonable parameters, oil temperatures do not exceed 140°C though, 

so this has no effect on the results.  

Temperature [°C] Density [kg/m3] Kinematic viscosity [cSt] Piezo viscosity coeff. [10-9/Pa] 

-20 896.438 9486.0 - 

0 885.902 1397.0 - 

20 875.366 337.6 24.0 

40 864.830 115.0 21.6 

60 854.294 49.9 19.3 

80 843.758 25.8 16.9 

100 833.222 15.2 14.7 

120 822.686 9.84 12.0 

140 812.150 6.84 - 

1000 359.102 1.00 1.00 

 

The thermophysical properties of the oil, used for some of the convection calculations, are displayed 

in graphs obtained from the Amesim documentation [16] below. Note that the thermal conductivity is 

independent of pressure, and that the pressure dependency of the specific heat is very weak.  

 

 


