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Abstract

The journal bearing is a critical machine element typically used to support rotating motion in high
speed machinery. Through the generation of a hydrodynamic pressure in its thin lubricant film,
which is usually in the order of 10-100μm thick depending on the diameter of the journal itself, the
bearing is able to withstand large loads, both statically and dynamically, while having a very low
rate of wear. It is of course essential that these components provide for a safe operation with as little
wear and frictional losses as possible and it is therefore of great interest to develop simulation models
of constantly increasing accuracy. Typical relevant quantities when designing a bearing are the load
carrying capacity, metal/oil temperature, minimum film thickness, stiffness, damping and power
loss. Classical lubrication theory builds upon the Navier-Stokes equations which, with the thin film
approximation, can be reduced to a single equation which governs the hydrodynamic pressure build
up in the lubricant. Since the problem now has been reduced to solving a single non linear partial
differential equation in 2 dimensions, a significant advantage in terms of simulation time compared
to the full set of Navier-Stokes equations can be enjoyed with an, in most cases, insignificant error of
approximation. However, with time, as the need for bearings capable of operating at higher loads,
speeds and with new designs involving more complex geometries, such as, for example, textured
surfaces, the applicability of classic thin film theory should not be taken for granted, especially not
when there is an increasing amount of turbulence involved.
The purpose of the work contained in this thesis is to develop and asses the performance of a state
of the art 3D TEHD model using the commercial finite element multi physics software COMSOL
Multiphysics. Of special interest is the assessment of the Menter Shear Stress Transport (SST)
turbulence model, which is a widely used, standard, 2-equation RANS eddy viscosity model, in
predicting characteristic values for a bearing operating in the transition range between laminar and
turbulent flow. A comparative study is carried out where the present model is benchmarked against
experimental data on a large 4 pad tilting pad journal bearing. The present model is also compared
to one of the classic models based on thin film theory. The present model is also used to study the
influence of the geometry that constitutes the leading edge groove in a tilting pad journal bearing
on the turbulence levels. Finally the possibility of using a shear thinning lubricant for reducing the
bearing power loss is investigated. The calculations were all performed using the resources of the
super computer cluster at HPC2N at Ume̊a University. The results clearly show the inadequacy of
the SST turbulence model when performing calculations on a bearing operating in the transition
range between laminar and turbulent flow. Moreover, the model predicts slightly higher average
values of turbulence in a leading edge grooved bearing compared to a conventional one, yet a higher
maximum value in the latter.
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Chapter 1

Background

This chapter contains a brief introduction to the concept of a fluid film journal bearing along with
a short introduction of the thesis project followed by an overview of the essential features of the
tilting pad journal bearing. Lastly, the concept of Thermo-Elasto-Hydrodynamic (or simply TEHD)
is introduced.

1.1 Introduction

The work in this thesis has been a part of an EU-collaboration under the name FLEXTURBINE,
with the overall goal of advancing the existing power plant turbine technology in such a manner
that the ever growing need for energy within the EU can be sustained over the next ∼50 years until
the next generation power plant technologies have been established. More specifically, the focus on
this thesis has been on the turbine bearings, which are of the type fluid film journal bearings. This
particular machine element is used to constrain the motion of a rotating shaft in the radial direction
via a thin lubricant film, typically in the range of 10−4 − 10−6m, between the shaft and bearing
inner surface. It plays an integral part in the safe and efficient operation of any steam turbine where
a bearing failure can have a devastating effect on the turbine and will at best halt the operation
until replaced by a new bearing. The mechanism which enables it to separate the rotating shaft
from the bounding surfaces is called ”hydrodynamic action”. This phenomenon occurs when the
lubricant, through the motion of the shaft, is drawn into a converging gap between the shaft and
inner surface of the bearing and it will generate a pressure in the lubricant which, for a given value
of the film thickness in the converging gap, will increase with speed and normally lies in the range
of 1-4 MPa. Integrating the vertical component of this pressure distribution over the shaft-lubricant
interface area will yield the load carrying capacity of the bearing, which of course should be equal
to the applied load. To characterize the level of load on a bearing, which of course will control the
pressure induced in the lubricant, a quantity called the ”specific load” is used. It is defined as P

LD ,
where P is the total applied load the bearing has to support, L is its axial length and D its diameter.
Typical numbers for this quantity ranges from 1-3.5 MPa.
Fluid film journal bearings are favored in high speed applications such as large turbines engines due
to their low wear rate and ability to withstand vibrations. The low rate of wear is obtained only at
rotational speeds high enough for the hydrodynamic pressure to completely separate the shaft from
its surrounding surfaces; this regime of lubrication is usually referred to as the ”full film lubrication”
regime. Since turbine shafts typically rotate under extensive periods of time without any stop and
start up procedures, where wear may occur due to lack of pressure in the lubricant, the full film
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journal bearing makes a very good candidate for usage.
Naturally, it is of key interest to have the turbine operating at the lowest possible frictional losses
while still retaining enough load carrying capacity and film thickness to prevent any type of contact
between the surfaces in relative motion. However, since tackling this type of problem with a trial
and error approach, i.e testing and running bearings until they break, is a wonderful way of wasting
time and resources, simulation tools which can provide a ”virtual test rig” for the bearings is indeed
of great use to any person faced with the task of designing a safe and efficient bearing. Now, the art
of developing simulation models for modern high speed application bearings is indeed a complicated
business since one must be able to capture complex flow patters, i.e turbulence, of the, possibly non
Newtonian, lubricant, which may also cavitate, with heat transfer and the structural dynamics of
the bounding surfaces; additionally there are also great uncertainties when it comes to the boundary
conditions for the thermal calculations. Moreover, when faced with the task of studying the tilting
pad journal bearing, yet another problem arises; owning to the necessity of finding the equilibrium
angle of tilt for the pads. Another not so pleasant feature is that the problem is highly coupled and
one must simultaneously solve for all the above physics. An analysis that includes all the major
physics, i.e fluid dynamics, heat transfer and structural dynamics, is commonly referred to as a
”TEHD” analysis, which is an abbreviation that will be explained in more detail shortly.

1.2 The Tilting Pad Journal Bearing

Although the plain, or fixed geometry journal bearing, is associated with higher load supporting
capacity and lower power losses compared to the tilting pad journal bearing, the latter one has
superior stability properties. The fixed geometry journal bearing is still susceptible to instabilities
and may at some critical speeds rotate with a large vibrational amplitude, making it less suitable
for high speed applications compared to the tilting pad journal bearing, here after abbreviated by
TPJB. In the TPJB, these instability problems have been more or less eliminated due to the fact
that the pads are allowed to freely rotate around its pivot. The basic geometry of the TPJB is
determined by the pad radius of curvature Rp, the shaft diameter 2Rs and the bearing radius Rb as
illustrated in Fig. 1.1.

2



Figure 1.1: Schematic illustration of a Kingsbury pivoted five shoe tilting pad journal bearing,
reproduced from Kingsbury Inc. [1]

Of course, the number of pads may vary. If the pad is not symmetrical about its pivot point
then this asymmetry is referred to as the ”pad offset”. Moreover, dynamic coefficients and overall
performance of the bearing correlates with a quantity called ”preload”, which is basically a mea-
surement of how much the pads have been moved in radially towards the bearing center during the
installment. The preload is defined using the following relations

Cp = Rp −Rs, Cb = Rb −Rs, preload = 1− Cb

Cp

where Cb and Cp are called the bearing and pad clearance respectively. Furthermore, as illus-
trated in Fig. 1.2a and 1.2b respectively, the pad configurations are divided into two categories: the
”load on pad” and the ”load between pad”-configuration
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(a) Load on pad configuration. (b) Load between pad configuration.

Figure 1.2: Two different bearing configurations; on the left is the ”load on pad”-configuration and
on the right is the ”load between pad”-configuration. Figures a) and b) were reproduced from [3]
and [124] respectively.

1.3 Lubricant supply methods

One of the main concerns in bearing design is to make up for the side leakage of lubricant and making
sure the temperature does not get too high. To meet these ends, new oil is continuously supplied
into the bearing and how this is done has a direct impact on the resulting bearing temperature and
power loss. The usual method of supplying oil is through holes in the spaces between the pads, see
Fig. 1.3b. This is often referred to as ”conventional lubrication”. Another alternative is to supply
the fresh oil from an inlet in a groove located near the leading edge on the pads themselves. This
type of groove, which is referred to as a ”leading edge groove”, or simply, LEG, is illustrated in Fig.
1.3a. One also separates between ”flooded” and ”starved” lubrication. In the sooner of these two
extreme cases, as the name suggests, lubricant is supplied at such a rate that the bearing is flooded
with lubricant; in the latter method, one only supplies the minimal amount of oil that is required to
maintain an adequate load carrying capacity. While the ”flooded” method will ensure that enough
lubricant will be present to form the necessary load carrying thin film it is also associated with
higher power losses due the increased amount of lubricant that is moving and shearing. On the
other hand, the ”starved” method will have lower power losses but at the same time come with a
higher risk of bearing failure.
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(a) Tilting pad with a leading edge groove for
the oil supply

(b) Conventional lubrication of a TPJB
through an inlet in the groove between the pads

Figure 1.3: An illustration of two different oil feeding mechanisms: a) Leading edge groove(LEG),
b) Conventional type. Figures a) and b) were reproduced from [30]

1.4 Thermo-Elasto-Hydrodynamic lubrication

As previously mentioned, accurate modeling of bearings operating at high speeds and loads is a
highly coupled multi physics problem. The name ”Thermo-Elasto-Hydrodynamic”, here after ab-
breviated as TEHD, has two additional words in front of ”Hydrodynamic”, namely ”Thermo” and
”Elasto”. The sooner implies that the analysis takes into account the effects of heat generation
within the lubricant; the most prominent effect of a temperature raise is the drop in lubricant vis-
cosity which can be almost of an order of magnitude in severe cases, the second most prominent
effects is that of thermal deflections of the bounding surfaces, including the rotating shaft. The tem-
perature dependence of other material quantities such as density, heat conductivity, specific heat
capacity, elastic modulus etc. are usually ignored. As for the word ”Elasto”, it implies that elastic
deformation of the bearing metal parts due to the lubricant pressure generated by the hydrodynamic
action are considered in the analysis. The governing equations for the physics in a TEHD model can
thus be categorized into three different parts: Fluid flow, Heat generation/transfer and Structural
deformation. Solving the general equations which governs these physics form the cornerstones of
any TEHD model and is more than often subject to simplifications to reduce the complexity where
the most important(and common) simplification one can make is the assumption of a thin film since
this enables the problem of solving for the flow to be reduced to that of solving a single equation.
The equations presented in this section will, however, be given in a general, spatial, form, without
any simplifying assumptions.

Now, for the fluid flow, the governing equations are those that state the conservation of linear
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momentum and conservation of mass:

ρ
Dui

Dt
= ρFi + σij,j (1.1)

Dρ

Dt
+ ρui,i = 0 (1.2)

where ρ is the fluid density, ui, Fi, σij the components of the velocity, body forces and Cauchy stress
tensor respectively. Moreover, D

Dt denotes the material time derivative and the comma sign denotes
differentiation with respect to the coordinate axes.
The equations governing the heat generation and transfer is the one stating the first law of thermo-
dynamics, i.e conservation of energy:

ρ
De

Dt
= −pui,i + τijui,j + (kT,i),i (1.3)

e = cvT (1.4)

where e is the internal energy per unit mass, p is the pressure, τij are the components of the viscous
stress tensor, k is the heat conductivity(which can assume quite complex forms in some turbulence
models), T is the temperature and cv is the volume specific heat capacity. The connection between
the components of the Cauchy stress tensor σij , pressure p and components of the viscous stress
tensor τij is such that σij = −pδij + τij , where δij is the Kroenecker delta. Moreover, when ui = 0,
Equation 1.3, with Equation 1.4, reduces to the familiar formula

ρ
DcvT

Dt
= (kT,i),i (1.5)

which governs the heat transfer in solids. The equations governing the motion in the bearing solids
are the same as those governing the fluid flow, e.g. Equations 1.1-1.2. Clearly the components of the
Cauchy stress tensor σij in the solids will be different from the ones in Equation 1.1. The thermal
deformations of an isotropic solid are governed by the relation

εTij = αδijΔT (1.6)

where εTij is the thermal expansion part of the strain tensor, δij is the Kroenecker delta and α is the
thermal expansion coefficient.
The equation of motion for the fluid and solids, defined by Equation 1.1 is made complete by
specifying constitutive relations between the stresses and strains. If the concept of a viscosity is
used in the constitutive model for an isotropic fluid, then generally it has the form

μ = μ(γij , T, p) (1.7)

where μ is the fluid viscosity, γij are the components of the rate of strain tensor, T is the temperature
and p is the pressure. An increase in temperature will generally lower the viscosity, this effect can
be rather profound and should not be neglected. The pressure will have a quite modest influence of
the viscosity at pressures encountered in most journal bearings, i.e. in the range ∼1-4 MPa; such
is not the case in, for example, roller bearings where the pressures may be in the order of 1 GPa.
Here, the pressure will increase the viscosity by several orders of magnitude as the lubricant more
and more will start to resemble that of glass. Finally, the rate of shear may affect the viscosity of
the fluid, either by so called ”shear thinning” which will decrease the viscosity as the rate of shear
increases, or by ”shear thickening” which is the opposite of the sooner.
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1.5 A brief note on turbulence

When the Reynolds number within the lubricant reaches some critical value, the flow becomes more
or less chaotic; this is commonly referred to as a turbulent flow. Even though an analytical solution
to the equations governing the conservation of mass, momentum and energy would describe the
flow, at an arbitrary Reynolds number, in the most exact form currently known, no such one has
yet been found. As such, one has to use a numerical method to solve these equations, but as it
turns out, and which should not come as a surprise, the level of discretization needed to resolve
the details of turbulence in this brute force manner is a task barely suitable for a modern day
supercomputer. This method, called ”Direct Numerical Simulation(DNS)”, is therefore not
a viable option in the majority of cases. To circumvent this issue, a tremendous amount of work
has been put into the field of turbulence modeling, where one tries, through understanding of the
physics of turbulence, to find approximate solutions that does not require such an extreme level
of discretization as the DNS-method. By the usage of filtering functions to model the smallest
scales of turbulence one can approximate the DNS-method and reduce the level of discretization
needed, this method, which is the second most accurate next to DNS, is called ”Large Eddy
Simulation(LES)”. The two numerical methods mentioned above are the most accurate ones that
one has to choose from. However, the amount of computational power that they require make them
unpractical for industrial usage. A third way of simulating turbulence is through time averaging of
the primary variables where the latter is replaced by its temporal mean plus a random fluctuation, the
resulting equations are commonly called the Reynolds Averaged Navier-Stokes equations, or simply
”RANS”. This procedure naturally introduces unknown quantities in terms of the fluctuations
which enter the equations as stresses. These, so called, ”Reynolds stresses” need to be modeled.
One way of doing so is through the concept of an eddy(turbulent) viscosity where the Reynolds
stresses are, analogous to the laminar stresses, said to be proportional to the gradient of the mean
rate of strain with the eddy viscosity as proportionality constant. The eddy viscosity would in this
case account for the increased rate of momentum diffusivity that is present in turbulence by adding
it to the standard(laminar) viscosity. The number of extra equations that is used to model the eddy
viscosity generally determines its relative accuracy and also its numerical complexity. Perhaps the
most famous turbulence model is the k − ε-model, which is a two equation eddy viscosity RANS
model using two extra equations to determine the auxiliary variables k and ε, i.e. the turbulent
kinetic energy and dissipation which are used to calculate the eddy viscosity at each point in the
fluid/gas. Although the eddy viscosity concept is inherently unable to describe general turbulence,
it has been proven very useful in thin film bearing applications. Moreover, in the presence of
turbulence, not only the momentum transfer is increased, but also the heat transport. The analogue
to eddy diffusivity of momentum in the energy equation is the eddy heat diffusivity and the ratio
between them is commonly referred to as the ”Turbulent Prandtl number”. As is the case with
the eddy viscosity concept, the notion of a turbulent Prandtl number is not suited for general flows
but has proven very useful in many simpler cases, such as e.g. boundary layer flows. This quantity,
which generally exhibits a spatial variation, may be specified a priori or calculated via some empirical
formula. However, in most cases this number has a value relatively close to unity, which is known
as the Reynolds analogy.
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Chapter 2

Review of existing lubrication
theory

In this chapter, the theory of lubrication is reviewed in the context of journal bearings. Starting
from the classical Reynolds equation, the development of bearing modeling theory is followed until
the current state of the art is reached. Unless otherwise stated, the underlaying coordinate system
used to represent the equations is Cartesian.

2.1 Fluid flow equations

This section presents the most classic equation in the field of lubrication, namely the Reynolds
equation, which governs the pressure build up in the lubricant. Since first presented, this equation
has been augmented and generalized to include effects from spatially varying viscosity and density,
along with the effects of turbulence and film rupture (cavitation). A nice feature is that most theories
aiming at generalizing the equation still allows it to retain its original form.

2.1.1 Reynolds equation

In his famous paper from 1886 [105], O. Reynolds provided the core theory of hydrodynamic thin
film lubrication by deriving one single equation governing the pressure distribution in the lubricant.
This classic equation reads:

∂

∂x

(
ρh3

12μ

∂p

∂x

)
+

∂

∂y

(
ρh3

12μ

∂p

∂y

)
=

U

2

∂

∂x
(ρh) (2.1)

where p is the lubricant pressure, h is the local film thickness, μ and ρ are the dynamic viscosity and
density of the lubricant, U is the velocity of the moving surface in the circumferential(x) direction
and y is the axial coordinate. The situation of a single tilting pad under a rotating shaft which
shows the quantities h and U is illustrated in Fig. 2.1.
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Figure 2.1: A tilting pad(blue) together with a rotating shaft(red) creates a film thickness h(θ) along
the circumferential co ordinate θ. Moreover, the shaft rotates with a surface velocity of U .

. Equation 2.1 is typically derived under the following assumptions:

(1) The radius of curvature of the bearing is large in comparison to the film thickness.
(2) The lubricant behaves as a Newtonian fluid.
(3) Viscous and pressure forces dominate over inertia and body forces.
(4) The velocity gradients across the film thickness are large compared to other directions.
(5) No slip conditions prevail at the fluid-solid interfacces.

The first closed form solution to the Reynolds equation was given by Sommerfeld, in [114], where
he assumed an infinitely long bearing. However, for bearings of finite dimensions, the Reynolds
equation is solved numerically. Equation (2.1) was derived for an isothermal, laminar case, with
no spatial variation of the lubricant properties. Although those assumptions were justifiable at the
time, they are not acceptable in todays standard when it comes to predicting bearing performance.
In 1962, Dowson [33] presented a modified version of Equation (2.1) to take into account the spatial
variation of the lubricant properties. The equation he derived is often referred to as the generalized

9



Reynolds equation and is here given as presented in [43]:

∂

∂x

(
F2

∂p

∂x

)
+

∂

∂y

(
F2

∂p

∂y

)
=

∂

∂x

(
F3

F0
U

)
(2.2)

F0 =

ˆ h

0

1

μ
dz (2.3)

F2 = ρ

ˆ h

0

z

μ

(
z − z̄

)
dz (2.4)

F3 = ρ

ˆ h

0

z

μ
dz (2.5)

z̄ =
F3

ρF0
(2.6)

where z is the cross film coordinate. Equation (2.2) was simplified by Fowles [50] in 1970 where he
modified it so there were no density gradients. An extension to Dowsons equation which allowed for
boundary slip was proposed in 1979 by Verma [128].

2.1.2 Turbulent lubrication

In cases where the assumption of a laminar flow is no longer justified, such as in large, high speed,
bearings, one has to use theories which accounts for turbulence in the lubricant to accurately model
the bearing behavior. The two most prominent theories for turbulent lubrication was developed by
Constantinescu in [18–20,22,23] and by Ng, Pan and Elrod in [40,99,100]. Constantinescu expressed
the velocities and pressure as their mean value plus a fluctuation, the so called Reynolds average
procedure, and then used the Prandtl mixing length theory to obtain expressions for the turbulent
stresses, the results were in good agreement with experimental data [18]. In later papers, e.g. [20],
he extended his model to include inertia effects and concluded together with Galetuse in [23], where
they performed a numerical simulation on a journal bearing, that they could be more or less ignored
for Reynolds numbers Re= ρUc

μ < 10000, where c is the bearing clearance.
The second model, attributed to Ng, Pan and Elrod also used Reynolds averaged velocities and
pressures, along with the concept of an eddy viscosity and the ”law of the wall”. Their theory has
been applied to fluid film bearings by e.g. [62–65, 106]. A third model, built on empirical bulk flow
properties relative to the bounding surfaces is attributed to Hirs [68, 69]. Although he managed to
produce results in good agreement with experimental data, his model is heavily reliant on empirical
data and will not be mentioned in further detail here.
Comparisons between these models have been made and, in [122], the authors found that the models
of Constantinescu, Hirs and Ng-Pan-Elrod gave similar results but that the model of Ng-Pan-Elrod
gave the best predictions. All three of the models gave unsatisfactory predictions in the transition
region between laminar and turbulent flow. The Constatinescu and Ng-pan-Elrod models were later
augmented to give satisfactory predictions in the whole range of flow regions, i.e laminar, transition
and fully turbulent [24, 25, 51, 115]. One of the nice features of these models are that they retain
the same form as Equation 2.2, i.e the laminar Reynolds equation, and the turbulence is accounted
for in the functions F0, F2, F3, which will have a different appearance depending on the value of
some conveniently defined Reynolds number to model the behavior in the different flow regimes.
Moreover, the methods used to extend the governing equation of flow to the whole range of flow
regions all follow the same basic idea, and as such, because of its simplicity, only the method used
by Suganami and Szeri [115] will be layed out here in detail. Since the effective viscosity consists
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of the sum of the laminar(molecular)-and an eddy(turbulent) viscosity, a scaling factor γ, which
terminates the turbulent part in the laminar regime and gradually increases to include 100% of the
turbulent part in fully turbulent regime, was introduced according to:

μe = μ

(
1 + γ

εm
ν

)
, (2.7)

with

γ =

⎧⎪⎪⎪⎪⎨
⎪⎪⎪⎪⎩

0 for Remax < ReL

1−
[
ReH − Remax

ReH − ReL

] 1
8

for ReL ≤ Remax ≤ ReH

1 for ReH < Remax

(2.8)

where ν is the kinematic viscosity, εm is the eddy viscosity, Remax = ρuh
μ is the maximum local

Reynolds number in the fluid and u is the local circumferential velocity. Moreover, ReL is the critical
local Reynolds number for the onset of transition flow between laminar and turbulent operation and
ReH is the threshold for the onset of turbulence. It should be noted that these threshold values for
the different flow regimes are not universal constants and has been given several different values in
previous literature. Suganami and Szeri [115] used ReL = 400 and ReH = 600 for a TPJB, based
on experimental data from Gardner and Ulschmid [54], while Tanaguchi et al. [121] used ReL = 800
and ReH = 1500, also for a TPJB. Another example is He [65], who used ReL = 500 and ReH = 1000
for conventional bearings and ReL = 200 and ReH = 500 for a LEG TPJB where he suggests that
the lower transition values could be due to the difference in geometry induced by the LEG itself,
although this has yet to be confirmed.
A later comparison [11] of, the now augmented, Constantinescu, Ng-Pan and Ng-Elrod models,
concluded that they all gave similar results and that the Constantinescu model should be used
because it is simpler to implement. All the models, however, over predicted temperatures in the
laminar state. For a more comprehensive summary of these three different turbulence model, the
reader is encouraged to consult e.g. [119].
Now, some of the key effects that comes with turbulence can be summarized as:

• An increase in viscosity

• An increase in thermal mixing

• An increase in friction

Moreover, apart from experimental evidence on the transition phenomena in terms of critical dimen-
sionless groups such as the Reynolds number, Li has, for example, shown in [82], by performing a
stability analysis of flow between two concentric cylinders, that a positive outward radial temperature
gradient has a destabilizing effect on the flow.

2.1.3 Cavitation

When the pressure at some region in the fluid film reaches a certain threshold value, often referred
to as the cavitation pressure pcav, the flow is no longer a single phase flow but generally a mixture
of fluid, vapor and gas that was previously dissolved within the liquid. Since most liquids can only
withstand relatively small amounts of tensile stresses, the cavitation pressure if often set to zero.
Cavitation can, according to [13,14,35], be divided into the three categories outlined below

11



• Gaseous cavitation: Occurs when dissolved gases in the liquid falls out due to the pressure
falling below their respective saturation pressure.

• Pseudo cavitation: This is the case when the gas bubbles expand due to depressurization
of its surroundings without any gas mass diffusion from the liquid to the gas phase.

• Vaporeous cavitation: When the pressure falls below the vapor pressure of the liquid at
the present temperature the liquid goes through a phase change and vapor filled cavities will
form. These bubbles also collapse in an explosive manner which can cause damage to adjacent
surfaces. This type of cavitation is more probable to occur in dynamically loaded bearings
than in those operating under steady state conditions.

There has been a great effort within the field of lubrication theory to model the cavitation phenomena
and its effect on the pressure and temperature field. The early theories consisted of boundary
conditions coupled with the Reynolds equation. The first attempt is that of Gumbel, also known
as the ”half Sommerfeld solution”, which simply says that the pressure in the divergent part of the
film profile, i.e where ∂h

∂θ > 0, is equal to some reference value. An improvement to this model,
accredited to Swift and Stieber, reads

∂p

∂θ
=

∂p

∂z
= 0 at the film rupture boundary (2.9)

p = pref in the cavitated region. (2.10)

These two models unfortunately lack the mass conserving property required to accurately model
the transition from the cavitated zone to the full film region (commonly referred to as reformation)
and are thus inherently un physical. A set of boundary conditions that does fulfill conservation of
mass at the reformation interface was developed by Jacobsson, Floberg and Olsson (JFO) [73,101].
This model is able to predict both the rupture and re-formation zone and typically assumes that
the cavitation zone consists of a number of lubricant streamers, separated by vapor and/or gas,
as seen in Fig. 2.2. Unfortunately, this model is rather hard to implement numerically. Later,
Elrod [38,39] developed his famous, mass conserving, model which consisted of a modified Reynolds
equation where cavitation effects were included by the use of a void fraction variable and a switch
function. This model was further improved by Vijaraghavan and Keith [129, 130]; like the JFO
model, the Elrod-Adams-Vijaraghavan model assumes a cativation region that consists of a number
of separated streamers according to Fig. 2.2.
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Figure 2.2: Cavitation pattern in a journal bearing as predicted by JFO theory. The journal motion
is from bottom to top, reproduced from [35].

More recent refinements to the Elrod-Adams model can be found in e.g. [8,104,107] where meth-
ods for including compressibility effects and viscosity variations are presented and a new numerical
solution method is proposed. Another mass conserving, more recent, approach for solving cavitating
thin film flows is to formulate the governing equations as a LCP(linear complementary problem) as
in [57] and [4]. The complementary variables are then the pressure and fractional void content. In
this theory, the pressures in the cavitated region are strictly equal to zero, unlike the J.F.O and
Elrod-Adams theory which allows for slightly negative pressures.

Another mass conserving model is the one used by Häggström and Söderfjäll [59] [113]; this model
uses a function f , similar to the switch function introduced by Elrod, to modify both the viscosity
and the density when the pressure becomes sufficiently low. The mathematical representation is
given by

f(p) =

⎧⎪⎨
⎪⎩
1 p > 0

3
(
p+β
β

)2−2(p+β
β

)3 −β < p ≤ 0,

0 p ≤ β

(2.11)

where β determines the steepness of the transition between f = 1 and f = 0. Moreover, the density
and viscosity are modified using f through

ρ = (f(p) + α)
ρ0

1 + α
(2.12)

η = (f(p) + α)
η0

1 + α
, (2.13)

where α is a parameter which is set to something small, e.g. α = 0.01, to avoid zero density. Further,
ρ0 and η0 are the full film values of the density and viscosity. Moreover, from the observation that
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cavitation bubbles in dynamically loaded bearings, once formed, do not completely redissolve when
the pressure again becomes positive, Feng and Hahn [44, 45] modeled the fluid as a homogeneous
two phase mixture where the density and viscosity were expressed in terms of the pressure and the
mole fraction of the non condensable gas to the liquid at supply entry.

2.2 Fluid film bearing studies

It is a well known fact that the viscosity of the lubricant has a strong dependence on the temperature.
Relatively early work by Hughes et al. [71], presented a solution to an adiabatic one dimensional
energy equation. They compared the results to the isothermal case to provide bounds on the
bearing load carrying capacity. Shortly thereafter, Hunter et al. [72] showed that the cross film
viscosity variation is by no means negligible and provided a brief explanation as to why the use of an
constant effective viscosity fails to accurately predict bearing performance. Since Dowson derived his
generalized version of the Reynolds equation which allows for a 3D variation of lubricant properties,
more accurate predictions of the bearing performance were made possible. A full solution would
involve solving the general 3D energy equation coupled with a 2D generalized Reynolds equation
using proper boundary conditions for the heat transfer to the surroundings. Due to the complexity
and computational cost of the solution procedure of such a task, simplifying assumptions concerning
the energy equation were often made to reduce the computational burden, see for example [62]. In
1966, Smalley and McCallion [112] performed a study on a journal bearing where they compared the
influence of temperature on viscosity to the bearing performance. They solved an energy balance
equation where they neglected heat conduction and employed a simple mixing equation for the inlet
oil temperature. Further, they argued for neglecting the temperature influence on density and heat
capacity. In another paper from 1966, Dowson et al. [36] performed experiments on the thermal
distribution in a circular journal bearing for various loads and speed. Their results suggested that
the shaft could essentially be treated as an isothermal component and that significant temperature
gradients in the circumferential direction occurs in the bushing. Moreover they concluded that
most of the generated heat is carried away by the oil itself and by radial and circumferential heat
conduction in the bushing. Axial temperature gradients in the bushing were found to be negligible.
Finally they concluded that the adiabatic, or insulated, boundary condition is not accurate and
that the solution should lie in between the isothermal and adiabatic case. Dowson and March
used those results in a following paper and performed an THD analysis of a journal bearing where
they assumed constant temperature in the axial direction [34]. They included heat transfer to the
bounding solids where the shaft temperature was equated to the mean temperature of the bushing
and the heat flow to the bushing was modeled using an empirical expression. A similar analysis
was performed in 1970 by McCallion et al. [91]. In their paper, to save computational time, the
Reynolds equation was uncoupled from the energy equation by neglecting the pressure influence on
the temperature distribution. Another THD analysis, focusing on a slider bearing, was performed
by Ezzat and Rohde [43] in their paper from 1973, where they solved a 3D energy equation assuming
constant axial temperature and no heat conduction tangential to the motion. They also assumed
a shaft temperature approximately equal to the oil inlet temperature and were able to justify this
through an inequality equation. In their paper from 1974 Szeri and Safar performed a THD analysis
on a TPJB in the turbulent regime [106]. Using the theory presented in [99] they modeled the
turbulent shear stresses by means of an eddy viscosity and solved a 2D energy equation, extended
to include turbulence effects by the use of an eddy diffusivity of heat. They assumed constant axial
temperature and a shaft temperature equal to the mean of the temperature in the surrounding
pads. Moreover the circumferential heat transfer in the bearing pads was neglected, which makes it
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so that the heat conduction equation in the pad surface can be integrated directly and the resulting
temperature profile can be substituted into the remaining boundary conditions. By adopting this
approach the matching conditions at the fluid-pad interface were replaced with a homogeneous
boundary condition represented by a single equation. The energy equation was then solved together
with boundary conditions for the pad inlet and outlet and the homogeneous boundary condition.
In 1975, Hall and Neal [60] investigated the influence of temperature boundary conditions on the
performance of a slider bearing. They compared the two extreme cases of adiabatic and insulated
conditions to a case in between these to and found that the intermediate case does not have to be
bounded by the other two and that the results depend on film thickness and sliding speed. In 1978
Bowen and Medwell performed a THD analysis of journal bearings under turbulent conditions based
on the work of Constantinescu [21]. Moreover they obtained the temperature in the oil film using
a simple energy balance where the friction heat is carried away by convection and the temperature
across the film is taken as a mean value. In 1979, Suganami and Szeri [115] performed a THD analysis
of a TPJB using the turbulence theory developed by Ng and Pan [100]. As mentioned previously,
they extended this theory to the transition region between laminar and turbulent flow, also known as
superlaminar, by introducing a scaling factor for the eddy diffusivity of momentum transfer. They
used the values 400 ≤ Remax ≤ 600 for the transition region, where Remax is the maximum local
Reynolds number in the pad clearance, and obtained a smooth transition through the superlaminar
region with good agreement against experimental data. For the thermal calculations they solved a
2D energy equation, modified for turbulence effects, with assumed constant axial temperature were
they avoided the fluid-pad boundary conditions by using the homogeneous boundary equation as
in [106]. Both the pressure and the energy equation were solved with finite elements as opposed to
the, at the time, more commonly used finite difference method. One of their conclusions was that
at laminar flow, the constant shaft temperature assumption is appropriate while at transition flow
the locally insulated condition is the appropriate assumption. In 1980 Ettles [42] performed a 1D
TEHD analyis on a tilting pad journal bearing. He approximated the axial pressure distribution by
expressing it in terms of the bearing centerline pressure and used the effective turbulent viscosity
from Constantinescu theory to account for turbulence. Moreover, he solved a simplified version of
the energy equation and acquired the pad deformations through beam theory. In solving for the film
temperature he used a groove mixing theory to obtain the inlet temperature for the leadning edge.
The following year, Choudhury and Barth [28] measured oil temperatures in a TPJB and concluded
that the oil film temperature is much higher and much more sensitive to speed and load changes than
the discharge oil. In 1983, Ferron et al. [46] performed a 3D THD analysis along with experiments
on a plain journal bearing where they obtained good agreement between theory and measurements,
they did, however, conclude that the effects of thermal deformation of the pads, shaft and bushing
should be included for more accurate predictions. In the same year, Mitsui et al. [93] performed
a THD analysis of a journal bearing using a mixing coefficient and an equation for conservation
of mass to study the effects of inlet temperature. They observed that the occurrence of backward
flow in the cavitated regions seemed to contribute significantly to the cooling in that area. In [94],
published in 1986, the same authors conducted experimental work and compared the results with the
those obtained theoretically in [93]. They concluded that the maximum bearing surface temperature
increased significantly with speed, viscosity and diminishing clearance and that the same trends could
be seen in the maximum film temperature. Moreover, their theoretical results from 1983 were in
good agreement with their experimental data. In 1988, Knight et al. [77] performed a THD analysis
of a TPJB where they used a second order polynomial to model the cross film temperature. Their
models included other simplifications as well, and with it, they investigated the influence of inlet
lubricant temperature on the operating characteristics. A THD analysis on a journal bearing from
1986 by Khonsari et al. [76] yielded good agreement between theory and experiments. The authors
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noted that the temperature gradients in the radial direction were much larger than those in the
circumferential direction. Three years later, Hopf and Schler [70] published experimental results
and theoretical predictions on a large TPJB operating at different speeds and loads. They showed,
among other results, that the pads did indeed exhibit significant thermal bending as the speed and
load increased. In 1990, Mittwollen et al. [95] performed a thorough 3D THD analysis, including
laminar to turbulent transition effects, of a multi lobe journal bearing. For the flow transition they
used Constantinescu theory and the mixing of oil in the grooves was modeled by boundary layer
theory. During the nineties, a variety of papers on THD analysis, including turbulence, of journal
bearings were written, e.g. [53,84,85,102,120,121]. An attempt to generalized the performance of a
five shoe TPJB was made by Fillon et al. [47], where they compared solutions for adiabatic boundary
conditions to conductive boundary conditions. One of their results showed temperature to increase
with the pad pre-load. In [109], Santos et al. investigated the effects of radial oil injection through
multiple orifices in the pad and found the cooling effect to be most effective at low rotational speed
and injection pressures. Fillon et al. studied the effects of pad deformations in TPJBs in both 2D
and 3D using finite elements for the displacement field [32, 131], and performed transient TEHD
analyses along with experimental work in [48, 96, 98]. Thermal deformation of the pads and shaft
was considered and it was shown to decrease the radial bearing clearance by up to 20 percent. Pivot
flexibility was also included. The comparison against experimental data was very good. There seems
to be a general consensus in that mechanical deformations play an important role when analyzing
bearing behavior. The thermal deformations dominate under normal circumstances while under
severe conditions the deformations due to the high pressures become significant. Dmochowski et
al. [29] performed a TEHD analysis of a leading edge TPJB and compared it to a conventional one.
The results showed a clear advantage in reducing the bearing operating temperature, an effect they
attributed to the mechanism of feeding cool oil directly to the pad leading edge, thus reducing the
effect of hot oil carry over. Gadangi and Palazzolo [52] performed a transient analysis of a 5-pad
TPJB and showed that the inclusion of thermal effects on the viscosity was small compared to the
effect of pad deformations, which significantly affected the journal orbit and minimum film thickness.
A study by Bouchoule et al. [12] compared TEHD theory with experiments for three TPJB:s with
different pivot position and preload ratio and measured pad and oil bath temperatures along with
power loss as a function of rotational speed. The power loss was found to vary quadratically with the
speed and at sufficiently high surface velocity, the theory failed to accurately predict the results, this
the authors contributed to the transitional character of the flow, which their model did not take into
account. A finite element based TEHD solution for a TPJB along with an experimental investigation
was peformed by D.Sudheer et al. [80] where they used a global pad approach to calculate stiffness
and damping coefficients. Their theoretical results were in good agreement with the experimental
data. In 2000, Monmousseau and Fillon [97] performed a thorough transient TEHD analysis along
with experiments on a TPJB to determine the mechanics which lead to bearing failure during start
up. They solved the heat equation to obtain temperatures in the shaft, pads and housing. They
found that an increase in oil inlet temperature, time of acceleration and radial bearing clearance
can, individually, have a positive effect on preventing bearing seizure by raising the minimum film
thickness such that full hydrodynamic lubrication is achieved. The main cause of bearing failure
was said to be the decrease of radial bearing clearance due to the thermal expansion of the shaft
and pads. Chang et al. [16]performed a static TEHD finite element analysis on a TPJB solving a
3D energy equation for the fluid film and a 3D heat transfer equation for the pad temperatures. He
et al. [64] investigated the effects of oil starvation on a leading edge grooved TPJB and found the
peak temperature to increase with decreased oil flow. However, the power loss did indeed decrease
with reduced oil flow. Another very interesting paper by He et al. [63] involving TEHD analysis of a
leading edge grooved TPJB showed that the superior cooling properties of a LEG TPJB compared

16



to a conventionally lubricated TPJB might be due to an early onset of turbulence because of the
LEG itself. They obtained close agreement with experiment by using a mixing model, tailored for a
conventional TPJB using a lowered critical Reynolds number; the latter modification seemed to be
the key to their excellent results. As discussed by He et al. [62], adequate values of Reynolds numbers
used to model the flow transition are very important for accurate TEHD modeling. They emphasize
that these values are bearing specific. In their paper from 2007, Bukovnik et al. [15] used a non-
Newtonian model for the viscosity and performed a TEHD simulation of an engine journal bearing
by taking the shear thinning of the lubricant into account. Their simulations showed a decrease in
power loss by 30% compared to standard viscosity models without any shear thinning. A study on
the effects of variable density and specific heat on a plain journal bearing using THD analysis with
turbulence accounted for by Constantinescu theory [17], was made by Chun in 2004. He showed that
under high operating speeds, the effects of variable density and specific heat can not be ignored.
In their papers from 2010 and 2013, Varela, Haugaard et al. [61, 126, 127] investigated the effects
and possibilities of controllable lubrication. To save computational time, they used modal reduction
analysis to model the pad and pivot deflections. In their two papers [117,118] from 2015, Suh et al.
performed a detailed time dependent 3D finite element TEHD analysis of a TPJB. They accounted
for inhomogeneous shaft deformation and misalignment while using modal analysis to calculate the
motion of the pads. They did, however, not consider any turbulence effects. Hagemann et al.
performed a thorough analysis of a large TPJB using the Constantinscu turbulence theory. By
comparing their model predictions to experimental data they concluded that the influence of pad
deformations in the axial direction could not be ignored and argued that these, in general, should be
included in the analysis of large bearings which operate under considerable thermal and mechanical
load.

2.3 Difficulties involving thermal calculations

The complexities involved with the thermal boundary conditions are still not fully understood and
thus associated with some deal of uncertainty. It is nonetheless crucial to realistically model these
since they greatly impact the overall performance of the bearing component. The inlet temperature
of the lubricant in a downstream pad is determined by the temperature of the lubricant at the trailing
edge of the upstream pad and thus, one needs to know the history of the lubricant temperature.
This especially makes accurate analysis of the temperature field in the cavitated regions necessary
since it is most likely to occur at the trailing where the film profile starts to diverge.

2.3.1 Inlet mixing temperature

Accurate prediction of the lubricant inlet temperature remains an important issue in the field of
THD bearing analysis. To determine this temperature one must model the complicated process of
upstream lubricant mixing with supply lubricant at the downstream towards, or at, the pad inlet.
The fundamental aspects of lubricant mixing theory are well described by Heshmat and Pinkus
in [66]. In this paper the authors analyzed the mixing process in an axially grooved journal bearing
and described it according to Fig. 2.3, where the occurrence of back flow from the pressurized
groove is to be noted. Moreover, they also argued that the lubricant completely adheres to the
journal surface when exiting the upstream pad and is carried at a constant temperature until it
reaches the downstream pad where it mixes with the supply lubricant, see Fig. 2.4.
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Figure 2.3: Schematic image of the groove mixing between upstream lubricant and supply lubricant
in a journal bearing, [66].

In Fig. 2.3, θE marks the end of the cavitated zone and θ1 the beginning of the full film zone.
If the inlet pressures in the grooves are high enough, back flow will occur which further complicates
the mixing process, this is further illustrated by Fig. (2.5)
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Figure 2.4: Schematic image of the upstream lubricant completely adhering to the journal surface
where it travels at a constant temperature until it reaches the mixing groove. More details are given
in [66].
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Figure 2.5: Schematic image of the inlet mixing in a journal bearing with back flow. Again, more
details can be found in [66].

Several models have been developed over the years to capture the mixing of supply flow and
re-circulating flow for fluid film bearings, e.g. [10, 29, 41, 49, 63, 66, 93]. The model used by Fillon et
al. [49] uses a mixing coefficient of 85% and a balance of heat to yield the following expression for
the inlet temperature of a conventional TPJB

Tin =
Qi

sTs + αrQ
i−1
out T

i−1
out

Qi
s +Qi−1

out

, (2.14)

where Q and T denotes flow and temperature, the indices s, out, i− 1and i denotes supply, trailing
edge, previous and present pad. Lastly, αr is the mixing coefficient which takes on values between 0
and 1. Ma and Taylor [88] modeled the groove mixing in an plain journal bearing by satisfying mass
and energy conservation. Especially, the occurrence of back flow in the grooves was accounted for and
they achieved excellent agreement between the predicted and measured temperature. Dmochowski
et al. [29] presented two models for determining the inlet temperature in a TPJB, one for the
conventional design and one for the LEG, given by

Tin =
Qi−1

out T
i−1
out + (Qi

in −Qi−1
out )Ts

Qi
in

(2.15)

for the conventional TPJB, where Qi
in is the flow at the leading edge, and

Tin =
Qi

sTs + (Qi
in −Qi

s)T
i−1
out

Qi
in

(2.16)
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for the LEG design. He et al. [63] claimed to use the above expressions in their THED analysis of
a LEG TPJB, however, since they also mentioned the use of a mixing coefficient, it is more likely
that they used the following formula which can also be found in [65] for the conventional design

Tin =
λQi−1

out T
i−1
out + (Qi

in − λQi−1
out )Ts

Qi
in

, (2.17)

where 0 < λ < 1 is the hot oil carry over factor, usually λ ≥ 0.7. They compared three different
models: A, B and C, in model A they utilized Eq. (2.16) to determine the inlet temperature
and showed numerically that this model was unable to match the experimentally observed results
of a low temperature gradient in the circumferential direction of the pads and subsequently gave
relatively large errors in the peak temperature. In model B they performed the TEHD analysis
for the case of a stratified inlet cross film temperature profile and a parabolic, both with a mean
value given by Eq. (2.15). This method also gave unsatisfactory results that did not match well
with the experimental data. Finally, in model C, they lowered the transitional Reynolds values
ReL, ReH from (500,900) to (200,500); it should also be mentioned that they used Eq. (2.15) to
calculate the inlet temperature. This choice was justified by experimental data showing the LEG
and conventional TPJB to have similar inlet temperatures. The idea behind this lowering of the
transition thresholds was, as mentioned in the previous section, to try and capture the effects of an
early onset of turbulence triggered by the presence of the LEG. The results of model C was in good
agreement with the experimental data. This is indeed an intriguing result. Another model is given
in [117] where

Tin =
Qi−1

out T
i−1
out + (Qi

in −Qi−1
out )Ts

Qi
in

if ηQi
in > Qi−1

out (2.18)

Tin =
ηQi

inT
i−1
out + (Qi

in − ηQi
in)Ts

Qi
in

if ηQi
in ≤ Qi−1

out . (2.19)

Here, η is a compensation factor, or mixing coefficient, to prevent the cases Qin − Qout ≤ 0 and
Qin −Qout = 0 from happening. In the study cited they used a value of η = 0.8.

2.3.2 Thermal analysis in the cavitated zones

The contents and shape of the cavitated region is of a highly complex nature which seems to depend
on many factors, including rotation speed. Heshmat and Pinkus [66, 67] argued, based on exper-
imental observations, that in a cavitated region the lubricant sticks to the bearing surface in the
shape of thin strips while forming a sublayer on the journal surface that completely covers it, see
Fig. 2.6. The flow exiting the upstream pad from the cavitated region then completely adheres to
the journal and is carried over to the downstream pad as illustrated by Fig. 2.4. Moreover, they
argued that the observations of a more or less constant lubricant temperature in the cavitated region
is due to the low rate of viscous dissipation in this region.
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Figure 2.6: Schematic image of the cavitated shape of the lubricant, notice the sublayer stuck to the
moving journal, reproduced from [66].

Another type of cavitation is the one where the fluid separates and travels either above or below
the cavity, see Fig. 2.7

Figure 2.7: Schematic image of the cavitated shape of the lubricant, where the fluid is traveling
under the cavity, reproduced from [13].

.

One of the more popular methods to include cavitation in the THD analysis is the so called
”Effective length”, or simply EL, model [10, 15, 29, 64, 121]. This model uses an effective axial
length of the fluid in the cavitated regions to compensate for the surrounding cavities such that flow
continuity is preserved. The main advantage with this model is that the flow can be model as a
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single phase flow throughout the whole bearing. Knight and Niewiarowski [78] compared the EL
model to a ”Gas Bubble”, or GB, model where the film is modeled as a homogeneous mixture of
liquid and gas. This approach requires that the density must be allowed to vary within the cavitated
region and thus a local density is defined. Other quantities such as specific heat and viscosity are
also modified, see e.g. [103,132], through weighted averages of each individual phase using the value
of the film volume fraction. The authors compared the predictions of these two models, applied to
an axially grooved journal bearing, to experimental data and found that the GB model gave similar,
and satisfactory, predictions to the EL model in the loaded region; however, in the unloaded region
the predictions of the GB model were in much closer agreement with the experimental data than
the EL model. Shortly after, Knight and Ghadimi [79] used the shape seen in Fig. 2.6 to develop
two new methods for improving the EL model since previously there had been no consideration of
the sublayer attached to the journal surface. The first model considered the height of the cavitation
bubbles between the streamer to remain a constant fraction of the local gap height; the other
model assumed that the fluid layer adhered to the journal surface had a constant thickness. After
performing a parametric study on the parameters governing the shape of the bubbles they managed
to predict temperatures in close agreement with the experimental data although the discrepancy
with the GB model from [78] was relatively low. Ma and Taylor [89] managed to obtain an excellent
fit between predictions and experiments by using a separation model with the following assumptions
in the cavitated region:

• There was no energy dissipation.

• The cross-film temperature distribution was quadratic.

• The divergent sections were fully filled with lubricant.

In a recent paper from 2015 by Suh and Palazzolo, [117], the heat dissipation was set to zero in
the cavitated areas and the conductivity of the lubricant was set to be equal to that of air. A
similar approach can be found in [37], where the authors used weighted averages based on fluid
volume fraction content to modify the thermal properties of the lubricant and assumed zero viscous
dissipation in the cavitated region. Moreover, it is mentioned in [13] that the Swift-Stieber and
Gumbel conditions for locating the onset of film rupture give acceptable predictions when calculating
the load carrying capacity but when it comes to predicting temperature and power losses they give
very different output compared to the more advanced, mass conserving, models. Despite this fact,
the Swift-Stieber and Gumbel conditions are still commonly encountered while reviewing more recent
papers dealing with THD analyses of journal bearings, e.g. [64, 117,125,126].

2.3.3 Journal temperature boundary conditions

The heat flux conditions at the fluid-shaft interface are non trivial due to the fact that the shaft is
rotating at a very high speed, it is thus desirable to make some kind of simplification. The usual
assumption is that the journal surface temperature is constant in the circumferential direction. This
temperature can then be prescribed to an experimentally obtained value or calculated through some
phenomenological equation, the most usual ones being the following:

Ts =
1

2π

ˆ 2π

0

T (θ)dθ, (2.20)

where θ is the circumferential coordinate. In the above equation, the journal surface temperature
is calculated as the circumferential average of the film temperatures. Another common assumption,
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perhaps more physically sound, which also postulates a constant journal surface temperature, is that
the global heat exchange at the fluid-shaft interface is zero, i.e

ˆ 2π

0

∂Ts

∂r

∣∣∣∣
r=Rj

dθ = 0. (2.21)

where here, a constant coefficient of heat conduction has been assumed. Suganami and Szeri [115]
concluded in their paper that the isothermal shaft model, expressed mathematically by Eq. (2.20),
is suitable for laminar conditions while a locally insulated shaft, i.e. zero normal heat flux along
each point on the fluid-shaft interface, is more suitable for transitional flow. If one wishes to solve
for the journal temperature field without invoking any simplifying assumptions then one should of
course perform a time dependent study and enforce continuity of temperature and heat flux at each
time step to obtain the (non constant) temperature in the shaft. Also, the dilemma of specifying
proper boundary conditions outside the bearing arises since they depend on the whole bearing-shaft
assembly and its surroundings. In some applications for example, there is an inward heat flux
through the journal which feeds energy to the bearing. The authors in [58,116,117,123] used a shaft
length of seven times the bearing length and put convective boundary conditions at the ambient
temperature on the circumferential surfaces outside the bearing. On the lateral faces of the shaft,
either both of them were subjected to convective conditions at ambient temperature or one of them
was subjected to an adiabatic(insulated) condition and the other to the former condition.

2.4 Computational fluid dynamics in lubrication theory

An alternative to the classical thin film theory is to solve the full set of equations governing the
conservation of linear momentum, mass and energy. Although the computational cost is greatly
increased, solving these equations allows one to solve for complex geometries where the thin film
approximation might not be suitable, with the added benefit of a more accurate solution since no
terms governing the flow has been omitted. The following is a very brief review of some works where
these equations have been solved using computational fluid dynamics(CFD). Khonsari et al. [75]
used the Navier-Stokes equations to perform a time dependent THD analysis of a plain journal
bearing with axial oil grooves where the shaft temperature was calculated by means of continuity of
the heat fluxes between the liquid- and solid interface rather than imposing an empirical boundary
condition. The pressure and temperature in the groove was set to a fixed value. Moreover, cavitation
was accounted for by modifying the fluid properties according the fluid/vapor fraction. Deligant et
al. [31] analyzed a turbocharger journal bearing using a half Sommerfeld cavitation model. Gertzos
et al. [56] modeled a Bingham fluid in a journal bearing using the half Sommerfeld cavitation model.
Shenoy et al. [110] and Liu et al. [87] used fluid-structure interaction(FSI) to perform an EHD
analysis of a circular journal bearing where the former used the Gümbel cavitation model while
the latter used both the Gümbel model and a phase change boundary condition. Lin et al. [86]
performed a transient TEHD analysis on journal bearings with a varying amount of grooves using
FSI. Cavitation was solved for using the phase change boundary condition and a low Re k-ε model
was used for turbulence. The phase change cavitation model uses the vapor fraction to modify the
fluid properties. The fraction itself is modeled to vary linearly with pressure between the evaporation
and condensation pressure. It is supposedly mass conserving, and suitable for modeling dynamic
cavitation. The pressure distributions produced by the two models were virtually identical. Another
EHD analysis by means of FSI is that of Li et al. [83] where they studied the performance of a
missaligned journal bearing using the so called ”full cavitation model” [111]. The ”full cavitation
model” takes into account
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• The formation and transport of vapor bubbles

• The turbulent fluctuations of pressure and velocity

• The magnitude of noncondensible gases, which are dissolved or ingested in the operating liquid

and was found to give predictions in excellent agreement with experimental data [111]. It is also
applicable to both 2D and 3D flow. However, this model, at least as given in the above reference, is
unfortunately limited to isothermal flows.

Moreover, a CFD approach also opens up the opportunity to use a wide range of turbulence mod-
els. For example, Bendaoud et al. [9] performed an EHD analysis of a plain journal bearing for a
wide range of operating speeds using a k − ε-model while Armentrout et al. [7] compared the SST
k−ω-model [92] to the classic turbulence theory of Ng-Pan-Elrod in a water lubricated plain journal
bearing operating in a highly turbulent regime. Almqvist et al. performed CFD simulations on
EHL bearings and studied, among other things, the influence of surface roughness as well as com-
paring results obtained using the Reynolds equation with results obtained solving the Navier-Stokes
equations, see eg. [5, 6, 108]. Cupilard et al. performed CFD studies on textured journal bearings
in [26, 27]. Moreover, Manshoor et al. [90] compared the performance of three different turbulence
models in a journal bearing. The models compared were the standard k-ε-model, the realizable k-
ε-model and the RSM(Reynolds stress model) and they were found to give very similar predictions
so the standard k-ε-model was recommended due to better convergence properties.

2.5 Outlook

Possibilities of using robust FEM/CFD methods to solve general governing equations, without any
thin film assumptions, on realistic geometries are emerging with the increase of software quality
and hardware capacity. Since a TEHD study using the full set of conservation equations, given by
Equations 1.1-1.6, using a general1 3D turbulence model has to the authors best knowledge never
been performed, it is of course of interest to assess the relative performance of such a model to a
classic thin film model. Of special interest is to explore the possibility of using one of the more
general eddy viscosity models to model bearing performance in the transition regime. This notion
is not too far fetched since the eddy viscosity, if adequately formulated, will reduce to zero in the
laminar regime and smoothly increase as the flow becomes increasingly more turbulent. Moreover,
the phenomena observed theoretically by He et al. in [63] which implies a destabilizing effect on the
flow in the presence of a LEG should be further investigated. Studies on the general influence of a
LEG on the flow are in all cases, unfortunately, very scarce.
With this background, the core purpose of this thesis can be outlined by the following research
objectives:

• Assess the performance of a general 3D TEHD model by comparison against experimental
data and classic theory based on thin film assumption.

• Assess the performance of a general 3D eddy viscosity model perform in the transition regime.

• Investigate how the presence of a LEG affect the turbulence levels in a flow.

1General in the sense that it is not a slave under the assumptions of thin film theory
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• Use the developed TEHD model to investigate the possibility to further increase bearing effi-
ciency while maintaining an adequate load carrying capacity by using a shear thinning lubricant
in a large TPJB.
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Chapter 3

Current model

This chapter presents the model used in the current work. As opposed to the traditional way of
modeling TEHD lubrication, the current model solves all the governing equations in three dimensions
without any thin film assumptions. Lastly, a case study on the effects of a shear thinning lubricant
in a large TPJB is presented.

3.1 Fluid flow

The Menter Shear Stress Transport (SST)-model [92] is used to describe the flow in all regimes, i.e
laminar, transitional and turbulent. The model itself is widely used and is in essence a combination
of the well known and commonly used k− ε- and k−ω-models. One nice aspect of this model is the
fact that the eddy viscosity goes to zero as the flow becomes increasingly more laminar, it is thus
not unreasonable to believe that the model would be capable of describing transitional flow. The
governing equations consists of the usual RANS equation coupled with two transport equations for
k and ω.

ρŪ ·∇Ū +∇ · (ρu′ ⊗ u′) = ∇Pk +∇ · μ(∇Ū + (∇Ū)T ) (3.1)

ρ∇Ū = 0 (3.2)

(ρu′ ⊗ u′) = −μT (∇Ū + (∇Ū)T ) +
2

3
ρk (3.3)

μT =
ρa1k

max(a1ω, Sfv2)
(3.4)

ρŪ ·∇k = Pk − ρβ∗0kω +∇ · ((μ+ σkμT )∇k) (3.5)

ρŪ ·∇ω =
ργ

μT
Pk − ρβω2 +∇ · ((μ+ σωμT )∇ω) +

2(1− fv2)ρσω2

ω
∇ω ·∇k (3.6)

Here, Ū is the mean velocity vector, which is then related to the real velocity vector u by

u = Ū + u′ (3.7)

where u′ are random turbulent fluctuations of the velocity. Moreover, ω, k and μT are the specific
rate of dissipation, turbulent kinetic energy and eddy (turbulent) viscosity. For further details on the
model and its parameters, see e.g. [92] and [2]. If the pressure drops below a certain threshold then the
flow cavitates and becomes a mixture of gases and lubricant. This phenomenon is typically modeled
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through a mass conserving density gradient model. In this work the model used by e.g. [59, 113],
which modifies both the density and viscosity, has been used, it reads

f(p) =

⎧⎪⎨
⎪⎩
1 p > 0

3
(
p+β2

β2

)2−2(p+β2

β2

)3 −β2 < p ≤ 0,

0 p ≤ β2

(3.8)

where p is the pressure and the parameter β2 determines the steepness of the transition between
f = 1 and f = 0. Moreover, the density and viscosity are modified by f through

ρ = (f(p) + α)
ρ0

1 + α
(3.9)

μ = (f(p) + α)
μ0

1 + α
, (3.10)

where α is a parameter which is set to something small, e.g. α = 0.01, to avoid zero density. Further,
ρ0 and μ0 are the full film values of the density and viscosity.

3.2 Heat transfer

Due to the high amount of shearing in the lubricant, large amount of thermal energy will be produced.
This is what causes the lubricant to have a drop in its viscosity and the bearing surfaces to suffer
thermal deformation. The governing equation for the temperature in the lubricant is the classic
energy equation.

ρCpŪ ·∇T̄ = ∇ · ((λ+ λT )∇T̄ ) + τ̄ij : S̄ij (3.11)

Note that in Equation 3.11, the variable T̄ is the mean temperature which is defined in the same
way as Ū , i.e. T = T̄ + T ′. The turbulent conductivity λT is defined as λT =

μTCp

PrT
where the

turbulent Prandtl number, PrT , is calculated according to the theory of Kays and Crawford [74] as

PrT =

(
1

2PrT∞

0.3CpμT√
PrT∞λ

−
(
0.3CpμT

λ

)2)(
1− exp(

−λ
0.3CpμT

√
PrT∞

)

)−1

(3.12)

The temperature in the solids is also governed by Equation 3.11, but here the velocities are zero and
thus the resulting equation becomes

λs∇2T = 0 (3.13)

where λs is the conductivity in the solids. The viscosity dependence on temperature is modeled
through the classic Vogel equation

μ(T ) = A exp(
B

T − C
) (3.14)

where the constants A, B and C are lubricant specific. In the case of a cavitating flow, the thermal
conductivity and heat capacity are re-calculated as a weighted sum of the respective properties of
the gas phase and the fluid using the fluid fraction function f(p).

The thermal boundary conditions are such that a constant journal surface temperature is assumed
and then calculated using Equation 2.21, i.e

ˆ 2π

0

k
∂Ts

∂r

∣∣∣∣
r=Rj

dθ = 0 (3.15)
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where the lateral faces of the shaft are assumed to be thermally insulated, thus, heat only enters or
leaves the journal at the journal/fluid interface. Moreover, at the axial ends of the fluid domain and
at the trailing edge outflow, a zero normal gradient of flux is prescribed and at the pad lateral faces,
convective boundary conditions are used at prescribed temperatures and coefficients of convective
heat transfer. Continuity is assumed at the fluid/pad interface. The temperature at the pad inlet is
calculated using either a slightly modified version of Equation 2.14, given by

Tin =
QsTs + αrQ

i−1
out T

i−1
out

Qin
(3.16)

Qs = Qi
in − αrQ

i−1
out (3.17)

for the conventionally lubricated bearing, or Equation 2.16

Tin =
Qi

sTs + (Qi
in −Qi

s)T
i−1
out

Qi
in

(3.18)

in the case of a LEG bearing.

3.3 Film thickness and pad deformations

The film thickness in any tilting pad journal bearing can be predicted by the following equation,
which is derived from geometrical considerations.

hi(θ) = C̃p + (C̃p − C̃b) cos(θ −Ψi)− ex cos(θ)− ey sin(θ)

− (Ra + d)δi sin(θ −Ψi) + ue
n + uT

n

(3.19)

where C̃p, C̃b, Ra, d and Ψi are bearing specific constants, ex, ey are the eccentricity components
of the journal center, δi is the pad tilting angle and ue

n, u
T
n are the elastic and thermal normal

displacements of the bounding solids, i.e. journal and pads. Moreover, the index i indicates which
pad is being considered. Since the pads are free to tilt around their pivot, a stationary solution must
require that the pads are balanced. This is ensured by requiring that the law of moment balance is
satisfied for each pad, that is:

ˆ
Ai

p · (d+Ra) sin(θ −Ψi)dA = 0 (3.20)

where p is the pressure acting on the area Ai of pad i. Moreover, d and Ra are the pad thickness and
journal radius respectively. Note here that the contributions to the moment from the viscous stress
tensor are ignored since they are usually small compared to the hydrodynamic pressure. Moreover,
the pressure also gives rise to elastic deflections of the pads, these are simply governed by the
equations of mechanical equilibrium along with Hooke’s constitutive law relating the stresses σ to
the elastic strains ε.

σji,j = 0 (3.21)

σij = Cijklεkl (3.22)

where i, j, k, l = 1, 2, 3, 4. Moreover, the tensor quantity Cijkl represents the constitutive matrix,
which for linear isotropic elasticity is a function of only two parameters: The elastic modulus E
and the Poisson ratio ν. Moreover, since the bearing surfaces will experience a relatively high
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temperature rise, there will be noticeable thermal deflections and these have to be included when
calculating the total deformation. The thermal strains are calculated as

εkk = αTΔT (3.23)

where αT is the coefficient of thermal expansion and ΔT is the temperature difference relative to
the initial state. Note that the thermal expansion is assumed to not give rise to any shear strains.
If the elastic and thermal strains are denoted εE and εT respectively, then the total strain is given
by

ε = εE + εT (3.24)

3.4 Case study of a shear thinning lubricant

This section contains a short case study of a shear thinning lubricant and its effect on temperature,
pressure and power loss. For the majority of results obtained through out this thesis, the reader is
instead referred to the appended papers.
Now, reducing the viscosity of the lubricant will generally reduce shear friction and thus also the
bearing power losses. Although one should be aware of that a reduced viscosity will render the
lubricant more susceptible to turbulence, which will yet again increase the friction; moreover, re-
ducing the viscosity will also lower the load carrying capacity. One theoretical possibility to reduce
the lubricant viscosity is by using one that exhibits a shear thinning behavior. There are of course
several ways of modeling the relation between rate of shear and the resulting viscosity, most typically
a power law relation is used. In this work, the model presented in [55] is used, where the following
equation to represent the effects of rate of shear on the viscosity is suggested for multi grade engine
oils:

μ(γ̇) = μ1
β + γ̇μ2

β + γ̇μ1
(3.25)

In Equation 3.25, γ̇ is the pythagorean magnitude of the rate of shear, β is a material parameter
and μ1, μ2 are the two viscosities at γ̇ → 0 and γ̇ → ∞ respectively. In the following example,
a theoretical1 lubricant with a shear thinning property is compared with a standard ISO VG 32
lubricant. The two viscosities μ1, μ2 are here taken so that μ1(T ) equals that of the ISO VG 32
viscosity and μ2(T ) = 0.8μ1(T ), where T is the absolute temperature. The parameter β controls the
shear thinning behavior and data for its determination is taken from [55], where multi grade engine
oils of type 10W40 were considered. The viscosity μ1 is modeled by the Vogel equation and β by
a two parameter exponential function. The resulting viscosity as a function of shear rate for four
different temperatures is given in Fig. 3.1 :

μ1(T ) = A1 exp(B1/(T − C1)) (3.26)

β(T ) = A2 exp(TB2) (3.27)

1Theoretical, meaning it only(to the authors best knowledge)exists in theory at the current moment.
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Figure 3.1: Effects of shear rate and temperature on the dynamic viscosity of a theoretical shear
thinning lubricant modeled by Equation 3.25.

To investigate the effects of this lubricant, the current TEHD model described in this section,
together with the constitutive equation 3.25, is implemented into the commercial multi physics FE
software COMSOL Multiphysics and applied to the large 4 pad TPJB, subject to moderate loading,
previously investigated by Taniguchi et al. in [121]. Results in terms of pad surface temperature,
pressure, film thickness and power loss are given in Figures 3.4-3.7. Moreover, the geometry and
element mesh is illustrated in Figures 3.2-3.3. Note that only the lower pads, denoted with numbers
3 and 4 in Fig. 3.2, are carrying any load. Also, all simulations were carried out on the high perfor-
mance computing cluster HPC2N at Ume̊a University. For a detailed description of the simulation,
the reader is referred to Paper A.
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Figure 3.2: Geometry of the 4 pad large TPJB investigated in [121].
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Figure 3.3: Finite element mesh of the geometry in Fig. 3.2. Note the fine layers of elements near
the walls in the fluid domain at the last zoom in.
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Figure 3.4: Comparison of mid plane pressure profiles on pads 3 and 4 between a standard ISO VG
32- and a shear thinning lubricant.
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Figure 3.5: Comparison of mid plane Temperature profiles on pads 3 and 4 between a standard ISO
VG 32- and a shear thinning lubricant.
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Figure 3.6: Comparison of mid plane film thickness profiles on pads 3 and 4 between a standard ISO
VG 32- and a shear thinning lubricant.
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Figure 3.7: Comparison of bearing power loss at speeds ranging from 2000-3200 rpm between a
standard ISO VG 32- and a shear thinning lubricant.

The results illustrated in Figures 3.4-3.7 show that it would indeed be possible to lower the bearing
power loss and temperature without any substantial drop in minimum film thickness. To further
illustrate the results of the comparison, key numbers in terms of maximum values are presented in
Table 3.1.

Table 3.1: Comparison of extreme values for the whole bearing where pmax, Tmax and hmin are the
extreme values of pressure, temperature, film thickness respectively. The quantity P denotes the
bearing power loss.

ISO VG 32 Shear thinning lubricant Diff. (%)
pmax [MPa] 3.37 3.4 0.88
Tmax [K] 347.6 346.2 0.4
hmin [μm] 161 152 5.6
P@3000rpm[W] 192674 179604 6.78
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Chapter 4

Summary

A compact summary of the simulations performed in papers A and B as well as the case study on a
shear thinning lubricant is presented.

The main results, in view of the research objectives, from the simulations performed with this
model throughout the time working on this thesis can be summarized as follows:

• The proposed TEHD model gives, when compared to experimental data and classic thin film
theory, satisfactory predictions in terms of pressure and film thickness. It does however give
significantly worse predictions in terms of temperature. This is attributed to the fact that
the turbulence model used in this work is not fully capable of handling rapid transition from
turbulent to laminar flow, as is commonly encountered towards the trailing edge of a loaded
pad. The equations used in classic theory does however use turbulence models which are
specifically tailored to capture this type of phenomena. Moreover, it is believed that should
the current TEHD model be applied to a bearing operating under conditions such that large
thermo-mechanical deformations along with fully turbulent, or laminar, flows are present, the
outcome would favor it over the less sophisticated thin film theories which typically does not
calculate deformations at such a high accuracy as that offered by general elasticity theory.

• The pressure spike typically encountered at the leading edge of a loaded pad seems to increase
the maximum pressure. An effort towards accurately modeling it should be made.

• THD simulations on a LEG pad versus a conventional one predicts higher mid plane turbulence
levels and a higher overall maximum of turbulence in the conventional pad but a slightly
higher volume averaged value in the LEG. Moreover, the shape and size of the LEG seems
to have a rather small influence on key operating variables such as pressure, temperature etc.
Experimental validation is needed to assess the validity of the model.

• Using a shear thinning lubricant with a second viscosity at 80% of the standard ISO VG 32
turbine lubricant seems capable of lowering the power loss by ∼6.5% compared to when using
a plain ISO VG 32 lubricant, while still retaining a similar load carrying capacity.

• The amount of effort and computational burden often times required to perform simulations
with the current model, where simulation times extending 24 hours on the modern computing
cluster HPC2N at Ume̊a University is not unusual, should perhaps not be overlooked from an
industrial perspective.
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Chapter 5

Future work

In light of the current work, this chapter points out possible new research objectives for future efforts.
The reader is advised to read the appended papers before reading this chapter.

One of the most obvious shortcomings with the current model, int terms of results, is its inabil-
ity to accurately predict the behavior in flows which are in between being completely laminar and
fully turbulent, i.e transition flow. If one wishes to keep using a 3D CFD framework, then a tran-
sition model for the flow, e.g. the Re − γ-model [81], should be used when the Reynolds/Taylors
numbers are such that a transition flow would be expected.
Predictions of the inlet conditions at the trailing edge of a pad could probably be greatly improved
by calculating the mixing of lubricant in the between-pad-pockets in a direct manner, i.e extending
the fluid domain to the mentioned area. Doing so would also allow one to include the experimentally
observed pressure spike at the inlet of each pad, i.e the ram pressure, which tends to increase the
maximum pressure on each pad.
Moreover, the results obtained in paper A should be verified experimentally to conclude whether or
not there are any physical arguments to the successful method, used by He et. al [63], of lowering
the critical Reynolds number in the turbulence model when calculating the temperature profile in a
LEG pad.
Further improvements on the current model could be done by also including the effects of a flexible
pivot support. This should be fairly straight forward to implement.
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Thermal turbulent flow in leading edge grooved and
conventional tilting pad journal bearing segments- A

comparative study

P. Croné, A. Almqvist, R. Larsson
Division of Machine Elements, Luleå University of Technology, 971 87 Luleå, Sweden

Abstract

Acomparative study between a conventional- and leading edge grooved (LEG) tilting pad journal bearing
(TPJB) segment is performed. The developedmodel uses the Shear Stress Transport (SST) turbulencemodel,
coupled with the energy equation and a partial differential equation for the fluid domain mesh displacement
to predict the thermal flow characteristics. Instead of using an effective boundary condition to determine
the inlet temperature of the LEG pad and excluding the additional LEG portion, as is common practice,
the whole geometry of the LEG is modeled. Several sizes of the LEG portion is investigated and it is
shown to have quite a small influence on pressure, temperature, film thickness and turbulence intensity.
Moreover, the results also show that the conventional pad gives rise to higher levels of turbulence in the
mid plane compared to its LEG counterpart, while the latter has a marginally higher value of turbulence
when the volume average value is computed. The maximum value of turbulence is however present in the
conventional model.

1 Introduction
The leading edge groove (LEG) design has been proven more effective in reducing temperature and power
losses in tilting pad thrust bearings in comparison to other methods of lubrication, as shown in e.g. Mikula
et al. [1, 2]. Studies on the benefits of a LEG in tilting pad journal bearings (TPJBs) has, however, been
less conclusive, see e.g. [3, 4]. Though generally speaking, it seems to be the consensus that the LEG TPJB
operates under lower metal temperatures and power losses than its conventional counterpart. When it comes
to modeling the LEG TPJB, it has traditionally been done by assuming an effective mixing model for the inlet
temperature at each pad, see e.g. [5,6]. He et al. [7] also considered different profiles across the film thickness
for their inlet temperature but could not match their experimental data until they lowered their transitional
Reynolds number for turbulence in their model, implying that the LEG introduces a disturbance to the flow
which causes an onset of turbulence to occur. Very few studies can be found where the actual geometry of the
LEG has been modeled and they are either in 2D or do not involve any turbulence model, e.g. [8,9]. The latter
article did however present an interesting work on controllable ("smart") lubrication in a LEG TPJB.While the
study of turbulence in journal bearings typically uses classic thin film theory, see e.g. [10–13], more advanced
models are now being implemented as CFD becomes more of a mainstream tool, see e.g. [14,15]. Armentrout
et al. [16] performed a comparison between a classic thin film turbulence model with a Shear Stress Transport
(k − ω) model in a water lubricated TPJB. The results showed an initial discrepancy which was reduced as
the model constants for the simpler model were updated and the grid refined in the radial direction. They
did, however, not take any temperature effects into account. Further, there exist several experimental studies
on large TPJB:s, similar in size to the one considered in this article, see e.g. [17, 18], where the results in
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the latter article indicated that turbulence effects need to be considered at a rotational speed of around 2500
rpm for a moderate load. With this background, the current work is a first step towards assessing whether
or not modeling the actual geometry of a LEG portion gives rise to any significant discrepancies between
results when compared to the traditional way of modeling the LEG, i.e with an effective temperature boundary
condition at the inlet and ignoring the additional geometry that is the LEG portion. To simplify the analysis,
no deformations of the surrounding solids are included, although they have been shown to play a significant
role in the performance of bearings [17,19]. More specifically, the work in this article also seeks out to answer
the notion of triggered turbulence from [7]. Generally, high levels of turbulence in a bearing is something
that is unwanted due to the increase of friction power losses. A successful, realistic, model of a LEG would
also be useful in terms of being able to perform any meaningful shape optimization of the LEG geometry. To
the authors best knowledge, the model presented in this work represents the state of the art when it comes to
multi physics modeling of a LEG TPJB.

2 Geometry
Two different concepts, or geometries, are investigated and compared in this study. The first geometry concept
is referred to as "Pad A" and the second one "Pad B", they represent the conventional- and LEG pad design
respectively, as is illustrated in Figure 1. Note the inlet hole in the LEG of Pad B, marked with blue color.

Figure 1: 3D view of Pad A (left) and Pad B. Note the inlet hole in the LEG of Pad B, marked with blue color.

Note that in Figure 1, only half of the axial length is modeled due to symmetry reasons. The two pads
are of the exact same size and the only thing separating them, geometrically speaking, is the additional LEG
portion seen on Pad B. Throughout this article, the term "LEG portion" will refer to the total geometry of the
LEG and the small pad section that precedes it. For extra clarity, Figure 2 shows the fluid and solid domains
of the pads highlighted in blue and gray respectively, while the additional geometry of the LEG portion is
further illustrated in Figure 3.
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Figure 2: 3D view of Pad A (left) and Pad B where the fluid- and solid domain of each pad has been marked
with blue and gray color respectively.

Figure 3: Close up on the LEG portion of Pad B with the characteristic dimensions L1, L2, L3. Note that
only half of the axial length is modeled due to symmetry.

The spatial position and orientation of the pad with respect to a right-handed xyz coordinate system is
shown in Figure 4. Moreover, the LEG portion does not follow the pad radius of curvature but is simply
an extrusion normal to its adjacent pad surface. Although this was done to simplify the geometry and the
corresponding meshing, it is still not an un-realistic design since some LEG pads are manufactured in this
manner.
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Figure 4: View of Pad B in the xy-plane.

3 Model
All the equations presented below are in their steady state form for an incompressible fluid. The only material
parameter that is assumed non constant, but changes with temperature, is the molecular dynamic viscosity μ.
As for the geometry, the shaft eccentricity is fixed throughout the simulations. A schematic 2D view of the
pad geometry is illustrated in Figure 1. Moreover, all equations presented in this article are solved using the
FE software COMSOL Multiphysics.

3.1 Fluid Dynamics
The characteristics of the flow are governed by the Reynolds Averaged Navier Stokes (RANS) Shear Stress
Transport (SST) turbulence model [20, 21]. This model combines the free stream predictions of the k − ε-
model with the robust near wall predictions of the k − ω-model. Moreover, it is based on the eddy viscosity
concept and uses, apart from the RANS equations, two additional PDE:s for k and ω to calculate this turbulent
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(eddy) viscosity. The main equations of the model are given below.

ρŪ ·∇Ū +∇ · (ρu′ ⊗ u′) = ∇P +∇ · μ(∇Ū + (∇Ū)T (1)
ρ∇Ū = 0 (2)

(ρu′ ⊗ u′) = −μT (∇Ū + (∇Ū)T ) +
2

3
ρk (3)

μT =
ρa1k

max(a1ω, Sfv2)
(4)

ρŪ ·∇k = P − ρβ∗0kω +∇ · ((μ+ σkμT )∇k) (5)

ρŪ ·∇ω =
ργ

μT
P − ρβω2 +∇ · ((μ+ σωμT )∇ω) +

2(1− fv1)ρσω2

ω
∇ω ·∇k (6)

In Equations (3)-(6), Ū is the temporal mean velocity vector, u′ is the turbulent velocity fluctuation vector, k
and ω are the turbulent kinetic energy and specific dissipation rate respectively, ρ is the fluid density and μT is
the dynamic turbulent viscosity. Further, P is the turbulent production term, S =

√
SijSij is a characteristic

magnitude of the mean rate of strain tensor S̄, fv1, fv2 are interpolation functions and a1, β∗0 , σk, σω2, σω, β, γ
are model constants. More details on the model can be found in the references given above. Further, no
cavitation model was considered in this work since only positive pressures were encountered.

3.2 Thermal equations
The temporal mean temperature in the fluid film is governed by the Reynolds Averaged energy equation of
the following form (see e.g. [22])

ρCpŪ ·∇T̄ = ∇ · ((λ+ λT )∇T̄ ) + τ̄ : S̄ (7)

λT =
μTCp

PrT
(8)

PrT =

(
1

2PrT∞
+

0.3CpμT√
PrT∞λ

−
(
0.3CpμT

λ

)2(
1− exp(− λ

0.3CpμT

√
PrT∞

)

))−1

(9)

In Equations (8)-(9), T̄ is the temporal mean temperature, Cp is the specific heat capacity, λ, λT are the
laminar and turbulent heat conductivity respectively, τ̄ is the viscous stress tensor based on the mean rate of
strain tensor S̄, PrT is the turbulent Prandtl number and PrT∞ is the turbulent Prandtl number in the far field,
see [23], with PrT∞ = 0.85. The molecular viscosity-temperature dependence in the fluid is modeled by the
Vogel equation:

μ(T ) = A exp(
B

T − C
) (10)

Moreover, the heat conduction in the solids is governed by the classic Laplace equation:

λs∇2T = 0 (11)

where, λs is the heat conductivity in the solid materials.

3.3 Dynamic meshing
Since the pad is free to rotate around its pivot, the fluid domain will deform as a function of the tilt angle δ.
This deformation is taken care of by using the Moving mesh interface in COMSOL. The shape of the fluid
domain is completely determined by the film thickness which is given by

h(θ) = C̃p + (C̃p − C̃b) cos(θ −Ψ)− ex cos(θ)− ey sin(θ)− (Ra + d)δ sin(θ −Ψ) (12)

5



where C̃p, C̃b are the radial pad- and bearing clearances respectively, d is the pad thickness, Ra is the journal
radius and ex, ey are the journal x and y eccentricities respectively. Moreover, Ψ is the angular position of
the pivot, see Figure 4. This film thickness is imposed in COMSOL by adding a mesh displacement equal
to −d0 + h(θ) in the normal direction to the pad surface on the top surface of the fluid domain(fluid-shaft
interface). The parameter d0 is arbitrary but should be of the same order as h. It represents the (constant)
film thickness of the original geometry. To find the tilt angle δ, an equation for the moment balance around
the pivot is added to the set of governing equations, it has the form∫

A

p · (d+Ra) sin(θ −Ψ)dA′ = 0 (13)

where p is the hydrodynamic pressure andA is the surface area of the fluid domain. Note that in Equation (13),
no contribution from viscous forces has been included. Moreover, to deform the mesh inside the boundaries
with prescribed displacement, the Yeoh smoothing method was used with a stiffening factor of 100, see
e.g. [24]

3.4 Boundary conditions
The terminology used here for the boundary conditions is the one that COMSOL Multiphysics uses, for more
information the reader is referred to [24]. For all the physics, the axial symmetry in the model was ensured
by using a condition of zero gradient in the direction normal to the symmetry plane.
Fluid flow
A zero pressure inlet condition is put on the inlet at the leading edge and a zero pressure outlet condition on
the outlets of the fluid domain. In the LEG, a velocity condition normal to the inlet hole is used, the value
of this velocity is such that the supply flow Qs is satisfied given the area of the inlet which is determined by
its radius ri. Moreover, the pressure in the domain of the LEG portion adjacent to the imaginary shaft was
constrained to zero, this is further illustrated in Figure 5. A non-slip sliding wall condition was put on the
fluid-shaft interface and on the fluid-bearing interface a stationary wall condition was used. The turbulence
variables k and ω were prescribed at the inlets by specifying a turbulent length scale and intensity at the
default values that COMSOL suggests. As a test, simulations were performed using both zero and a high
turbulence intensity with a negligible difference results wise.

Figure 5: Further illustration of the zero pressure constraint that was put on the fluid film at the top of the
LEG portion.

Thermal
Constant temperatures Ti2 and Ti were prescribed at the fluid domain leading edge inlet and at the LEG
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injection hole respectively. Outflow conditions were put on the outlets and a convection condition was used
on the pad external surfaces at temperature Tc and convection coefficient hc. As for the fluid-shaft interface,
the locally insulated condition from [25] was used, stating that∇T̄ ·n = 0 at each point along the fluid-shaft
interface boundary, where n is its outward normal. For the inlet temperature in Pad A, the simple mixing
formula from [6] was used.
Mesh deformation
As mentioned earlier, the fluid-shaft surface was prescribed a normal displacement of −d0 + h(θ). The fluid
domain outlets and leading edge inlet were constrained to deform with a zero normal displacement.

4 Simulation
The numerical values for the bearing characteristic parameters are summarized in Table 1.

Table 1: Bearing characteristic parameters

Rb 0.25 [m] Bearing radius
L 0.350 [m] Bearing axial length
tp 0.075 [m] Pad thickness
tb 0.002 [m] Babbit thickness
m 0.25 [] Pad preload
kr 1.28 ‰ Relative clearance
β 72 ° Pad arc length
p 0.6 [] Pivot offset
ex 0 [m] Journal x-eccentricity
ey -2·10−4 [m] Journal y-eccentricity
N 3000 s−1 Journal revolutions per minute
Ti 320 [K] Lubricant injection temperature
Ti2 320 [K] Lubricant leading edge inlet temperature
Tc 323.15 [K] Convection temperature for the external pad surfaces
hc 400 [ W

m2K ] Convection coefficient for the pad external surfaces
Ψ 225 ° Pivot position in the circumferential coordinate θ
Qs 0.00175 [m

3

s ] LEG supply flow
L1 0.04 [m] Original length of the LEG
L2 0.05 [m] Original length of the pad portion preceding the LEG
L3 0.0462 [m] Original depth of the LEG = 0.6(tp + tb)

ri
L1

4 [m] Radius of the circular inlet hole in the LEG

Moreover, the parameters for the lubricant are those typically associated with the standard ISO VG 32.
Explicit values are given by A = 0, 0000736317, B = 797.7122, C = 177.3562. These values were also
used in e.g. [26].

Finite Element Mesh

The mesh consists of brick elements in the fluid domain with the exception of the LEG where tetrahedal
elements were used along with brick elements clustered to the wall, as illustrated in Figure 6.
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Figure 6: Finite element mesh of Pad B and a close up on the boundary layer and tetrahedal mesh in the LEG,
highlighted by the red circle in the upper of the two images.

The babbit coating was meshed with brick elements and the remaining, bulk part, of the pad was meshed
with tetrahedal elements. Only linear shape functions were used. Since the turbulence variables k and
ω proved very sensitive to the wall resolution in the groove, a total of 20 layers were used with an initial
thickness of 1μm and a stretching factor of 1.3. Using this mesh, the maximum y+ values was always such
that y+ < 11, which is typically considered as a well resolved boundary layer. More specifically, the mesh
on the bulk part of the pad was made up by 101509 tetrahedals and 3255 pyramids; The babbit coating
mesh consisted of 6510 hexahedral elements; The mesh in the LEG consisted of 34973 tetrahedals, 1107
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pyramids, 38352 prisms and 13100 hexahedrals; Finally, the deforming part of the fluid domian consisted of
45360 hexahedrals with 12 elements, most of them close to the walls as illustrated in Figure 6, across the
film thickness, 160 elements along the circumferential direction with a higher density closer to the inlet and,
finally, 18 elements across (half) the axial length. To assess the grid independence of the simulations, this
mesh was refined by using twice the amount of elements in the axial and circumferential direction and 16
elements across the film thickness. The mesh in the LEG was also refined, by cutting the maximum element
size in half. This refinement was only done for the fluid domain with the exception of the upper LEG domain,
adjacent to the journal, where the number of elements in the circumferential direction could not be increased
without causing the meshing algorithm to crash; It was however deemed that this part of the mesh was already
fine enough. With this refined mesh, the relative differences between maximum temperature- and pressure
were 0.4% and 3.5% respectively, or, in absolute terms,1.5K and 0.24 MPa. Due to the rapid increase in
computational burden with the finer mesh, the original mesh was deemed as an acceptable trade of between
accuracy and numerical efficiency. Moreover, the relative tolerance level was put to 0.01. The reason for this
relatively high value was that the convergence rate was very slow while still the solution monitoring probes
exhibited a more or less steady state behavior well before a relative solution error of 0.01 was passed. This
indicates that it is probable that the solution was converged in an averaged sense. Moreover, a schematic
scheme of the iteration process is outlined in Figure 7. In each update block, the variables are solved for
simultaneously using a damped Newton algorithm.

Figure 7: Structure of the numerical iteration scheme that was used in the present study.
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5 Results and discussion
In section 5.1, the results from the simulations on the original geometry of Pad B are compared, in terms of
surface coating temperature, pressure, film thickness and turbulent through molecular viscosity ratio in the
mid (symmetry) plane, with those from Pad A. In section 5.2 and 5.3, in order to study the influence of the
LEG geometry, the same type of results are presented for Pad B as the size of the LEG portion is step wise
reduced to a more realistic one. Finally, in section 5.4, the rotational speed of the journal is increased to see
if the potential flow disturbances, here quantified by turbulent through molecular viscosity ratio, caused by
the LEG becomes increasingly pronounced as the speed increases. The reason for starting with a some what
over sized LEG portion is because it allowed for a much better convergence of the Newton algorithm that
COMSOL uses. Also note that the circumferential coordinate in the following plots start from the leading
edge of Pad A.

5.1 Pad A vs. Pad B

Figure 8: Comparison of results between Pad A and B, including laminar results: a) pressure b) surface
temperature c) film thickness d) ratio of turbulent through molecular viscosity. All plots are versus the local
pad circumferential coordinate at the symmetry plane.

As can be seen from Figure 8 a), excluding the LEG geometry from the model (Pad A) estimates a lower load
carrying capacity and a somewhat lower maximum pressure. It is also noted that the Pad B models (LEG)
manages to capture some of the ram pressure feature that is commonly observed at the inlet of tilting pad
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bearings; this is even more notable for the laminar model than the turbulent. From Figure 8 b) it is observed
that the Pad A model (no LEG) yields approximately a 5◦C higher inlet temperature. It does however predict
a lower maximum mid plane pad surface temperature that the Pad B model (LEG) due to the lower slope
of the curve towards the trailing edge of the pad. The higher temperature slope towards the trailing edge,
predicted by the Pad B model (LEG), is typically associated with a transition from turbulent to laminar flow
with an accompanying lower heat conduction within the lubricant. This phenomena has also been discussed in
e.g. [17]. Now, although the maximum pad surface temperature decreases with increased turbulence, relative
to the laminar case, it should be clear that the average temperature in the lubricant increases with increased
turbulence due to the increased amount of viscous dissipation. With the above discussion in mind, it would
thus be expected that the degree of turbulence, here measured as the ratio between eddy(turbulent) viscosity
and molecular viscosity, would be higher in the case of Pad A (no LEG) compared to Pad B (LEG). Although
small, it is evident from Figure 8 d) that such is the case. Moreover, the laminar model predicts a higher
inlet temperature and a slightly higher maximum temperature than the turbulent one. The film thicknesses
are pretty much equal between the models, however, the Pad B model (LEG) does predict a lower minimum
thickness than the Pad A model (no LEG), as is seen from Figure 8 c).

5.2 Modified Pad B- Shrinking the length of the LEG portion
The parameters for the new geometry cases are given in Table 2. Moreover, the different cases considered are
numbered in ascending order where Case 1 corresponds to the original geometry. Further, the groove depth
L3 and the inlet radius ri were here kept constant atX m (see Table 1 for input data). The different cases are
denoted as "Geometry 2-6" in Figure 9.

Table 2: Bearing characteristic parameters for the shrunken LEG portion

Case: 2 3 4 5 6
L1 [m] 0.03 0.025 0.025 0.025 0.025
L2 [m] 0.04 0.035 0.025 0.02 0.015
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Figure 9: Comparison of results between the different geometry cases (Case 1-6) where the lengths of the LEG
geometry (L1 andL2) are step wise diminished: a) mid plane pressure b) mid plane surface temperature c) film
thickness d) ratio of turbulent through molecular viscosity. All plots are versus the local pad circumferential
coordinate.

As seen in Figure 9 a), the mid plane pressure profiles show a very similar behavior across the different
cases. One notable difference is that of the inlet pressures where the effect of the ram pressure diminishes as
the LEG portion gets smaller, this also has the effect of reducing the maximum pressure. From Figure 9 b),
a somewhat lower inlet temperature and a lower gradient, accompanied by a a lower maximum temperature,
towards the trailing edge is obtained as the LEG portion shrinks. The latter agrees with the results in Figure 9
d) where the level of turbulence towards the trailing edge gets higher as the dimensions of the LEG decreases.
Moreover, as seen in Figure 9 c), the film thicknesses across the geometry sweep all but coincides. From
Figure 9 as a whole, it is evident that changing the parameters determining the length of the LEG geometry to
some more realistic values does not have a significant impact on the simulation results in terms of pressure,
temperature, film thickness and level of turbulence.
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5.3 Modified Pad B- Shrinking the depth of the LEG
Two different depths, controlled by the parameter L3, are investigated, see Table 3, while L1 and L2 are kept
constant at L1 = 0.025 m and L2 = 0.015 m, which corresponds to Case 5 from section 5.2. These two new
cases are denoted Case 7 and 8, moreover, they are denoted in Figure 10 as "Geometry 7" and "Geometry 8"
respectively.

Table 3: Different values for the parameter L3 which sets the depth of the LEG

Case: 7 8
L3 [m] 0.0308 0.0154

From Figure 10 a) it is observed that the mid plane pressure profile remains almost the same as the groove
depth is diminished. The same observation is made concerning the mid plane surface temperature profile in
Figure 10 b), the film thickness profile in Figure 10 c) and the turbulent to molecular viscosity ratio in Figure
10 d). However, a somewhat peculiar result is spotted in Figure 10 d) where the level of turbulence first
reduces, relative Geometry 6, when the groove depth is set to L3 = 0.0308 only to increase again when the
depth is further reduced to L3 = 0.0154; the difference is however, as previously mentioned, very small.
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Figure 10: Comparison of results with a varying groove depth (L3) for constant L1 and L2: a) mid plane
pressure b) mid plane surface temperature c) film thickness d) ratio of turbulent through molecular viscosity.
All plots are versus the local pad circumferential coordinate.
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5.4 Modified Pad B vs Pad A- Increasing the rotational speed
Finally, the rotational speed of the journal was varied between 3000-3400 rpm in order to study its influence
on the turbulence levels. The geometry used was the one defined by L1 = 0.025, L2 = 0.015, L3 = 0.0462
which corresponds to Case 5 (Geometry 6).

Figure 11: Comparison of turbulent to molecular viscosity ratio between Pad A and Pad B for different values
of rotational speed. The geometry corresponds to Geometry 6.

From Figure 11, observing the ratio of turbulent to molecular viscosity as a function of rotational speed,
it seems as the Pad A model inherently generates more turbulence compared to the Pad B (LEG) model. This
is in direct contrast to the notion of He et al. [7] that the LEG portion causes an increase of turbulence.

5.5 Turbulence levels as a function of axial position
So far, only the turbulence levels in the mid plane(symmetry plane) have been studied. As it turns out, when
the same ratio, i.e. μT

μ , is plotted at axial positions z = 0.14875 m and z = 0.175 m(i.e. at the axial end), an
interesting feature, which is illustrated in Figure 12, reveals itself. The geometry used for the LEG in Pad B
correspond to its original geometry.
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Figure 12: Comparison of turbulent to molecular viscosity ratio between Pad A (left) and Pad B(LEG) (right)
for different values of the axial coordinate z corresponding to z = 0 m, z = 0.14875 m,z = 0.175 m. The
geometry used in Pad B corresponds to its original geometry.

As can be seen from Figure 12, the turbulence levels in Pad B(LEG) show an increasing trend when
plotted further away in the axial direction from the mid plane while the opposite is true for Pad A. Moreover,
when the volume average of the ratio μT /μ is calculated in the two pads, Pad B(LEG) actually has a slightly
higher value than Pad A, although they only differ by about 4.5%. More specifically, the calculated volume
average values of the ratio μT /μ are 0.66 and 0.63 for Pad B(LEG) and Pad A respectively. When instead of
the original geometry, the more realistic geometry Geometry 6 is used, then Pad A has the highest volume
averaged value of μT /μ. The differences are however very small, differing by∼3%. This supports the notion
indicated by He et. al. [7] but is certainly not convincing. However, the maximum value of μT /μ in both
of the pads is found in Pad A for each case and it is located in the mid plane. These maximum levels are
3.6 versus 3.1 for Pad A and Pad B(LEG) respectively, hence differing by roughly 14%. The reason for the
increasing levels of turbulence towards the axial ends in Pad B(LEG) is believed to be due to the presence of
the corner in the LEG, which presents a severe geometrical disturbance to the flow.

The reason as to why the LEG geometry seems to have a dampening effect on the mid plane turbulence
in this model compared to the case of the no LEG model is a bit unclear to the authors; one explanation
however may be given by considering the lubricant stream lines in the LEG. From Figure 13, it seems as
the lubricant settles into what looks like a swirling, vortex like, flow in the LEG. This type of swirling flow
pattern, although in 2D, was also obtained by DeCamillo et. al. [8] in their CFD analysis of the LEG. Now,
this "ordering" of the flow may be the reason as to why the turbulence, or loosely speaking, "randomness" is
predicted to decrease in the mid plane when a LEG is present compared to the case where it is not. Another
interesting feature is the presence of the inlet ram pressure in the LEG pad which is not present in the case
of no LEG pad even though it does exist in these cases, as shown experimentally by e.g. [27]. It is possible
that including this phenomena would have a notable effect on the downstream flow characteristics. Lastly,
it should also be mentioned that the simulation results obtained here are only as good as the turbulence
model used, which, although sophisticated compared to standard lubrication theory, is subject to a number of
simplifications which makes it hard to evaluate the validity of the results quantitatively, or even qualitatively,
without comparing with experimental data. As such, the investigation carried out in this paper should be taken
more as an attempt to shed some light on the highly complex business of turbulence in tilting pad journal
bearings in the presence of a LEG and it is recognized that the need for corresponding experimental data is a
necessity. Hence, the authors make no claims that the results presented in the present study are valid in the
general case. However, the results from the two models(which are design to model the same bearing) still
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show a rather big difference in terms of temperature and pressure; this in itself is believed to be an important
result for the continued modeling of more and more realistic fluid film bearing geometries.

Figure 13: Flow patterns in the original geometry (Case 0). The lubricant flows from right to left and mixes
in the LEG before traveling along the pad towards the trailing edge. Note that this is only half of the pad in
the axial coordinate (axial symmetry).

6 Conclusions
The simulations show that, in essence:

• The effective temperature boundary condition in Pad A seems to overestimate the inlet temperature
compared to Pad B. The difference is quite small however.

• The LEG pad is predicted to have a lower level of turbulence than the conventional pad in the mid plane,
the difference becomes even larger as the speed increases. It is however predicted to have a slightly
higher value of turbulence when looking at the volume average compared to the Pad A. Moreover, the
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maximum value of turbulence levels is found in the mid plane of Pad A. This makes it so that any
conclusion regarding the hypothesis put out by He et. al. [7] cannot be stated without a serious amount
of skepticism and so this research question cannot be resolved based on the findings of the present study.

• The LEG pad yields a higher maximum pad surface temperature due to the typical transition from
turbulent to a laminar flow towards the trailing edge being more prominent than in the no LEG case.
This result is further supported by considering Figure 8 d) which shows that the level of turbulence is
indeed somewhat lower for the LEG pad towards the trailing edge.

• The dimensions of the LEG portion has a surprisingly modest influence on the downstream flow
characteristics.

• In future similar investigations, the ram pressure should be accounted for in the model for the conven-
tional (no LEG) pad since this might have an notable impact on the down stream flow characteristics.

• As with any attempt to simulate turbulent flow, the findings of the present study must be used with great
cation until more refined studies and/or experimental data are available for comparison.
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Static TEHD analysis of a Large TPJB using CFD/FEM

P. Croné, A. Almqvist, R. Larsson

Abstract
A 3D TEHD analysis of a large Tilting Pad Journal Bearing using the Shear Stress Transport (SST)

turbulence model is performed and compared to previous experimental data and computational results. The
content of the current analysis suggest that the SST-model produces results which differ significantly in
comparison to the simpler turbulence model, based on Reynolds equation, that is typically used in fluid
film bearing analyses. The reason for this is thought to be due to the fact that the simpler turbulence model
is calibrated towards journal bearings working in both transitional and fully turbulent conditions while the
SST-model, although theoretically more sophisticated, is not.

1 Introduction
Simulations on the performance of journal bearings have been performed since the early 1900’s with an
increasing complexity of models and accuracy of results. However, with the harsh operating conditions
in modern industry, i.e high speeds and large shafts, the capability of predicting turbulent flow and heat
transfer characteristics is of utmost importance for an accurate simulation. The fundamental theory that is
most often used for analyzing turbulence in journal bearings was developed by Constantinescu, NG and Pan
in e.g. [8–10, 31, 32], which was later further developed to include the transition range, e.g. [11, 36]. A
contribution was also made by Hirs, e.g. [20], although his theory is less popular in terms of usage due to its
strong dependency on experimental calibration. To assess the relative performance of these theories, Fillon
et al. made a comparative study in [5] where they compared the results against the experimental data in [38]
and concluded that there was no significant difference between the models; overall good agreement with the
data was achieved. More sophisticated models were included into the comparison to the aforementioned
theories in [41] where hybrid models using a low Re k − ε-model and the Algebraic Reynolds Stress model
were shown to perform better than previous models. Feng et al. [22] compared four of the classic thin film
turbulence models to each other and found that they gave similar results in terms of bearing damping but quite
different results in terms of stiffness. Manshoor et al. performed a transient CFD simulation on a journal
bearing where they compared the k−ε, Realizable k−ε and Reynolds Stress model to each other to conclude
that they gave very similar results. Armentrout et al. [3] compared the theory of Ng-Pan to the Shear Stress
Transport (k − ω)-model [28] in a water lubricated tilting pad journal bearing. Although the discrepancy
was large initially, they managed to improve the simpler models performance by refining the grid in the cross
film dimension and tuning its parameters to measurements specifically from journal bearings. Bendaud et
al. [4] used the k− ε-model to perform an EHD analysis of a journal bearing using CFD techniques. Deligant
et al. [12] performed a laminar thermal CFD analysis of a turbocharger journal bearing, Gertoz et al. [17]
performed a laminar isothermal CFD study on a Bingham lubricant in a journal bearing, Shenoy et al. [34]
used CFD to perform a laminar isothermal transient Fluid Structure Interaction study on a journal bearing,
another case is the work of Keogh et al. [24] where the authors performed a laminar transient thermal CFD
study on a grooved journal bearing. Moreover, Gardner et al. and Hopf et al. has contributed with excellent
experimental data on turbulence in large tilting pad journal bearings (TPJB’s), e.g. [16, 21]. As for TEHD
studies on journal bearings, Ettles [13] performed a TEHD analysis of a TPJB using a 1D version of a laminar
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Reynolds-and heat equation where turbulence effects instead was accounted for by reducing the inlet mixing
temperatures based on empirical formulas; the pad deflections were obtained by solving a 1D approximation
from beam theory. Monmousseau et al. [30] performed a transient 2D laminar study of a TPJB. Reynolds
equation was used to calculate the pressure and analytical formulas were used for the pad, housing and pivot
deformations. They concluded that the thermoelastic deflections were significant. Chang et al. [7] performed
a static laminar 3D finite element (FE) analysis of a TPJB where Reynolds equation was used to calculate the
pressures. He et al. [19] performed a 2D analysis of a TPJB using the turbulence model from [32, 36]. They
included deformations using a FE procedure where the curvature of the pads were ignored; the housing thermal
expansion and pivot deflections were included in the analysis. Varela et al. [40] assessed the feasibility of a
simplified TEHD model and performed a laminar 2D analysis of a TPJB where they focused on reducing the
computational burden of calculating the heat transfer between the lubricant and pads. Hagenmann et al. [18]
performed simulations on a large TPJB based on the work of [9,29]. They compared the effect of using a full
3D FE approach for calculating deformation vs. a simplified one and concluded that when the deformations
are large, such as in large turbine bearings, the more comprehensive methods should be used. Suh et al. [37]
performed a detailed transient laminar 3D analysis of a TPJB focusing on the dynamic properties. They
used modal reduction analysis to speed up the process of calculating the pad deformations. Tong et al. [39]
performed a similar analysis to predict the effects of the so called "Morton effect" where instabilities occur
over time due to uneven heating of the shaft. Linjanmaa et al. [27] used a 3D structural mechanics solver
coupled with a laminar Reynolds equation under the assumption of a mean fluid temperature to assess the
influence of different polymer liners. Though advanced and thorough, none of the these studies contain a
full 3D CFD FEM TEHD solution with a more sophisticated turbulence model, in fact, to the authors best
knowledge, there does not exist such a study at present which has been published. The work in this article
aims at performing such a "state of the art" analysis using the work by Taniguchi et al. [38] as a benchmark
as previously done by e.g. Fillon et al. in [14]. The authors in [38] used the turbulence and heat transfer
model by [32, 36] to perform a THD analysis of a large 4-pad tilting pad journal bearing; they also provided
experimental data on the bearing to compare their results against. It is also the goal of the current study to
assess the performance of the Menter Shear Stress Transport (SST) turbulence model in making predictions
on a bearing operating in the transitional regime, such as the one in Taniguchi et al.

2 Model
The commercial finite element software COMSOL Multiphysics is used to create the bearing model which,
as is typical for a TEHD analysis, involves fluid dynamics, heat transfer and solid mechanics. For further
mathematical details on the boundary conditions used in this work, see e.g. [1]

2.1 Fluid flow
The Menter Shear Stress Transport (SST)-model [28] is used to describe the flow in all regimes, i.e laminar,
transitional and turbulent. The model itself is widely used and is in essence a combination of the well known
and commonly used k− ε- and k−ω-models. One nice aspect of this model is the fact that the eddy viscosity
goes to zero as the flow becomes increasingly more laminar, it is thus not unreasonable to believe that the
model would be capable of describing transitional flow. The governing equations consists of the usual RANS
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equation coupled with two transport equations for k and ω.

ρŪ ·∇Ū +∇ · (ρu′ ⊗ u′) = ∇Pk +∇ · μ(∇Ū + (∇Ū)T ) (1)
ρ∇Ū = 0 (2)

(ρu′ ⊗ u′) = −μT (∇Ū + (∇Ū)T ) +
2

3
ρk (3)

μT =
ρa1k

max(a1ω, Sfv2)
(4)

ρŪ ·∇k = Pk − ρβ∗0kω +∇ · ((μ+ σkμT )∇k) (5)

ρŪ ·∇ω =
ργ

μT
Pk − ρβω2 +∇ · ((μ+ σωμT )∇ω) +

2(1− fv2)ρσω2

ω
∇ω ·∇k (6)

Here, Ū is the mean velocity vector, which is then related to the real velocity vector u by

u = Ū + u′ (7)

where u′ are random turbulent fluctuations of the velocity. Moreover, ω, k and μT are the specific rate of
dissipation, turbulent kinetic energy and eddy (turbulent) viscosity. For further details on the model and its
parameters, see e.g. [28] and [2]. If the pressure drops below a certain threshold then the flow cavitates and
becomes a mixture of gases and lubricant. This phenomenon is typically modeled through a mass conserving
density gradient model. In this work the model used by e.g. [35], which modifies both the density and
viscosity, has been used, it reads

f(p) =

⎧⎪⎨
⎪⎩
1 p > 0

3
(
p+β2

β2

)2−2(p+β2

β2

)3 −β2 < p ≤ 0,

0 p ≤ β2

(8)

where p is the pressure and the parameter β2 determines the steepness of the transition between f = 1 and
f = 0. Moreover, the density and viscosity are modified by f through

ρ = (f(p) + α)
ρ0

1 + α
(9)

μ = (f(p) + α)
μ0

1 + α
, (10)

where α is a parameter which is set to something small, e.g. α = 0.01, to avoid zero density. Further, ρ0 and
μ0 are the full film values of the density and viscosity.

Boundary conditions

A zero pressure inlet condition is used at each pad inlet and outflow conditions are used on the remain-
ing boundaries, except for the symmetry boundary where a symmetry condition is used. The shaft surface is
modeled as a sliding no-slip wall and the pad surface is modeled as a stationary no-slip wall.

2.2 Heat transfer
Due to the high amount of shearing in the lubricant, large amount of thermal energy will be produced. This is
what causes the lubricant to have a drop in its viscosity and the bearing surfaces to suffer thermal deformations.
The governing equation for the temperature in the lubricant is the classic energy equation.

ρCpŪ ·∇T̄ = ∇ · ((λ+ λT )∇T̄ ) + τ̄ij : S̄ij (11)
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Note that in Equation 11, the variable T̄ is the mean temperature which is defined in the same way as Ū , i.e.
T = T̄ + T ′. The turbulent conductivity λT is defined as λT =

μTCp

PrT
where the turbulent Prandtl number,

PrT , is calculated according to the theory of Kays and Crawford [23] as

PrT =

(
1

2PrT∞

0.3CpμT√
PrT∞λ

−
(
0.3CpμT

λ

)2)
(1− exp(

−λ
0.3CpμT

√
PrT∞

))−1 (12)

The temperature in the solids is also governed by Equation 11, but here the velocities are zero and thus the
resulting equation becomes

λs∇2T = 0 (13)

where λs is the conductivity in the solids. The viscosity dependence on temperature is modeled through the
classic Vogel equation

μ(T ) = A exp(
B

T − C
) (14)

where the constantsA,B andC are lubricant specific. In the case of a cavitating flow, the thermal conductivity
and heat capacity are re-calculated as a weighted sum of the respective properties of the gas phase and the
fluid using the fluid fraction function f(p).

Boundary conditions

To model the mixing of lubricant in the pockets between the pads, the model from [15] is used with a
hot oil carry over coefficient αr = 0.85, the expression reads:

Tin =
Q0Ts + αrQ

i−1
out T

i−1
out

Qin
(15)

Q0 = Qi
in − αrQ

i−1
out (16)

Equation (15) is the result of a simple energy balance in the mixing pocket assuming adiabatic conditions
whereas Equation (16) describes the flow continuity. The temperature of the rotating shaft surface is calculated
by imposing a global heat flux balance at the fluid-shaft interface, as done in e.g. [15]. The other surfaces of
the shaft is treated as insulated. An outflow condition is put on the fluid domain boundaries which are not
inflow boundaries. Convection conditions are put on the external surfaces of each pad with a coefficient of
350 W

m2K for the back surface and 115 W
m2K for the rest. The convection temperature for the trailing edge pad

surfaces is taken to be Tin of the succeeding pad and Tin of the current pad is used on the rest; this is exactly
what Taniguchi et al. used.

2.3 Film thickness and pad deformations
The film thickness in any tilting pad journal bearing can be predicted by the following equation, which is
derived from geometrical considerations.

hi(θ) = C̃p + (C̃p − C̃b) cos(θ −Ψi)− ex cos(θ)− ey sin(θ)

− (Ra + d)δi sin(θ −Ψi) + ue
n + uT

n

(17)

where C̃p, C̃b, Ra, d and Ψi are bearing specific constants, ex, ey are the eccentricity components of the
journal center, δi is the pad tilting angle and ue

n, u
T
n are the elastic and thermal normal displacements of the

bounding solids, i.e. journal and pads. Moreover, the index i indicates which pad is being considered. Since
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the pads are free to tilt around their pivot, a stationary solution must require that the pads are balanced. This
is ensured by requiring that the law of moment balance is satisfied for each pad, that is:

∫
Ai

p · (d+Ra) sin(θ −Ψi)dA = 0 (18)

where p is the pressure acting on the area Ai of pad i. Moreover, d and Ra are the pad thickness and journal
radius respectively. Note here that the contributions to the moment from the viscous stress tensor are ignored
since they are usually small compared to the hydrodynamic pressure. Moreover, the pressure also gives rise
to elastic deflections of the pads, these are simply governed by the equations of mechanical equilibrium along
with Hooke’s constitutive law relating the stresses σ to the elastic strains ε.

σji,j = 0 (19)
σij = Cijklεkl (20)

where i, j, k, l = 1, 2, 3. Moreover, the tensor quantity Cijkl represents the constitutive matrix, which for
linear isotropic elasticity is a function of only two parameters: The elastic modulusE and the Poisson ratio ν.
Moreover, since the bearing surfaces will experience a relatively high temperature rise, there will be noticeable
thermal deflections and these have to be included when calculating the total deformation. The thermal strains
are calculated as

εkk = αTΔT (21)

where αT is the coefficient of thermal expansion and ΔT is the temperature difference relative to the initial
state. Moreover, no summation is implied with regards to the index k appearing twice. Note that the thermal
expansion is assumed to not give rise to any shear strains. If the elastic and thermal strains are denoted εE

and εT respectively, then the total strain is given by

ε = εE + εT (22)

Boundary conditions

The film thickness of the upper, unloaded pads, are prescribed at C̃b/2 to make sure a convergent solu-
tion can be found, the deformations are therefore only calculated in the lower (loaded) pads. Moreover, the
bearing load is purely vertical and is applied in the downward direction between pad 1 and 2, cf. Figure 2.
Lastly, the pads are constrained in movement according to Figure 1, which means the pads are free to bend
around the pivot support plane but the pivot itself is fixed in the radial direction, similar to the conditions used
in [37]. Effects of a flexible support has been studied previously in e.g. [6, 25, 30, 33].
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Figure 1: Bearing geometry with highlighted boundary conditions for the deformations u in blue (roller) and
red (fixed).

3 Simulation
3.1 Geometry
The parameters for the bearing geometry can conveniently be found in [38] and will thus not be repeated
here. Now, the geometry model used in these simulations is illustrated in Figure 2. Note theat due to axial
symmetry, only half of the bearing length is modeled.
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Figure 2: Bearing geometry. The numbers identifies each pad.

3.2 Meshing and convergence
The mesh in the fluid domains consists of 10 linear brick elements in the axial direction, 120 in the circum-
ferential and 22 across the film thickness. On the surface of the shaft adjacent to the fluid, twice as many
elements as in the fluid domain are used and the rest of the shaft is meshed with linear tetrahedal elements.
The pad liner is meshed with 10 linear brick elements in the axial direction, 120 in the circumferential and 3
across its thickness. Finally, the pads are meshed with linear tetrahedal elements. To increase the near wall
resolution in the fluid domain, the elements across its thickness are clustered towards the walls. The mesh, at
different length scales, is illustrated in Figure 3. To make sure the solution is grid independent, the number of
elements in the circumferential, axial and cross film direction were increased to 150, 20 and 26 respectively
while the others were kept at their original values to keep the number of degrees of freedom down. The result
of this converge study is summarized in Table 1.

Table 1: Relative change in maximum pressure and temperature when increasing the circumferential elements
(Elx) from 120-180, the axial (Ely) from 10-20 and the cross film (Elz) from 22-26.

Elx Ely Elz
Tmax 0.6% 0.05% 0.06%
pmax 5.4% 0.7% 0.7%
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Figure 3: Finite element mesh in three different length scales as indicated by the red marker

With these results in mind, the original mesh was deemed as acceptable. The relative tolerance for the
solution residual was set to 0.01 due to a very slow convergence rate at low values of the residual. However,
since pseudo time stepping was used, the residuals were often well below this value of 0.01 at the time the
CFL ratio became equal to unity. Also from monitoring the probe solutions as a function of Newton iterations
for maximum pressure, temperature and minimum film thickness, the solution was more or less converged
even at this somewhat high tolerance. To obtain any convergence, the solution has to be performed step by
step and the total simulation time from the zero solution to the full TEHD solution was approximately 25
hours, using the resources of the computing cluster of HPC2N at Umeaå University.

3.3 Results and Discussion
Results from the current TEHD and THD simulations are presented and compared to the experimental and
theoretical results from Taniguchi et al. [38], henceforth referred to as the Taniguchi model, in Figures 4-9. A
THD simulation using the same inlet- and shaft temperature as in [38] is also presented in Figures 10-13.
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Figure 4: Comparison of results from the current TEHD and THD models, the Taniguchi model and experi-
mental data from Tanigucgi et al. in terms of mid plane pressure: Pad 3

Figure 5: Comparison of results from the current TEHD and THD models, the Taniguchi model and experi-
mental data from Tanigucgi et al. in terms of mid plane pressure: Pad 4
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Figure 4 and 5 illustrate the mid plane pressure profiles in pad 3 and 4, as predicted by the current TEHD
and THDmodel, the Taniguchi model and the experimental data from Taniguchi et al. It is obvious that neither
of the models are able to capture the ram pressure effects which occurs at the leading edge of the pads and are
responsible for the notable pressure spikes. This might also explain why themodels consistently underestimate
the peak pressure. They also fail to capture the sharp gradient towards the trailing edge. Moreover, the models
all give acceptable predictions of the pressure profile and no notable difference can be seen between them.

Figure 6: Comparison of results from the current TEHD and THD models, the Taniguchi model and experi-
mental data from Tanigucgi et al. in terms of mid plane surface temperature: Pad 3
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Figure 7: Comparison of results from the current TEHD and THD models, the Taniguchi model and experi-
mental data from Tanigucgi et al. in terms of mid plane surface temperature: Pad 4

Figure 6 and 7 illustrate the mid plane surface temperature distribution in pad 3 and 4, as predicted by
the current TEHD and THD model, the Taniguchi model and the experimental data from Taniguchi et al.
Here, the difference in predictions between the current models and the Taniguchi model becomes very clear.
The current THD model consistently over predicts the temperature compared to the TEHD model. Both are,
however, in very poor agreement with the experimental data compared to the Taniguchi model. One possible
explanation for this discrepancy is that the boundary conditions differ by quite a bit. In the current model,
considering the TEHD solution, the calculated temperatures at the leading edge of pad 3 and 4 differed by
∼9 and ∼2◦ C respectively compared to the Taniguchi solution. This discrepancy between inlet temperature
at pad 3 can be explained in part due to the fact that the film thickness of the upper, un loaded, pads can
not be calculated but needs to be prescribed and the value used in the current work was hupper = Cb/2,
which should be compared to the value hupper = Cb from Taniguchi et al. The reason for not using the same
value as in the work of Taniguchi et al. is that using hupper = Cb was causing severe convergence issues.
Moreover, the shaft surface temperature was calculated to 66.5◦ C in the current TEHD model, which should
be compared to a value of 50.2◦ C obtained by Taniguchi et al. This is indeed a rather big difference in terms
of temperature boundary conditions. On a side note, Fillon et al. [14] obtained a value of 60◦ C for the shaft
surface in their analysis.
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Figure 8: Comparison of results from the current TEHD and THD models, the Taniguchi model and experi-
mental data from Tanigucgi et al. in terms of film thickness: Pad 3

Figure 9: Comparison of results from the current TEHD and THD models, the Taniguchi model and experi-
mental data from Tanigucgi et al. in terms of film thickness: Pad 4
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Figure 8 and 9 illustrate the film thickness profiles of pad 3 and 4, as predicted by the current TEHD and
THD model, the Taniguchi model and the experimental data from Taniguchi et al. In this case, one would
expect the TEHD model to better capture the film thickness profile of the experiments due to the inclusion
of elastic and thermal deformations, which, in these type of large bearing applications, are not negligible by
any means. The results however, indicate that the THD models are in better agreement with the experimental
data. It also seems as the TEHD model is over predicting the effect of thermal crowning of the pads, possibly
explaining the larger values of film thickness. Moreover, it is noted that the current models fail to capture the
sudden increase in film thickness close to the trailing edge as seen from the experimental data. Since this is
true also for the current THD model, the differences also stem from a discrepancy between tilt angles.

Figure 10: Comparison of results from the current THD(*) models, the Taniguchi model and experimental
data from Tanigucgi et al. in terms of midplane pressure: Pad 3. The model THD (*) uses the same inlet-
and shaft temperature as the Taniguchi model
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Figure 11: Comparison of results from the current THD(*) models, the Taniguchi model and experimental
data from Tanigucgi et al. in terms of midplane pressure: Pad 4. The model THD (*) uses the same inlet-
and shaft temperature as the Taniguchi model

Figure 10 and 11 illustrate the mid plane pressure on pad 3 and 4, as predicted by the current THD (*)
theory, the Taniguchi model and the experimental data from Taniguchi et al. Now, the THD (*) model differs
from the previous one in that it uses the same values for the temperature at the inlet of the pad leading edge
and at the shaft/fluid interface as the Taniguchi model does. Clearly, despite now using the same thermal
boundary conditions, the pressure profiles are still quite far from coinciding with each other.
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Figure 12: Comparison of results from the current THD(*) models, the Taniguchi model and experimental
data from Tanigucgi et al. in terms of midplane surface temperature: Pad 3. The solution THD (*) uses the
same inlet- and shaft temperature as the Taniguchi model
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Figure 13: Comparison of results from the current THD(*) models, the Taniguchi model and experimental
data from Tanigucgi et al. in terms of midplane surface temperature: Pad 4. The solution THD (*) uses the
same inlet- and shaft temperature as the Taniguchi model

Figure 12 and 13 illustrate the mid plane surface temperature on pad 3 and 4, as predicted by the current
THD (*) theory, the Taniguchi model and the experimental data from Taniguchi et al. Now, with the additional
results from Figure 10-13, it would not be farfetched to attribute the discrepancies between the Taniguchi and
the current model to the different turbulence models that were used. The current turbulence model (SST)
seems to over predict the level of turbulence with a resulting temperature gradient that is much lower than it
should be. The turbulence model used in the Taniguchi model, which has its origin in the work of Ng and
Pan [31] [32] and Suganami and Szeri [36], manages, however, to capture the turbulent to laminar transition
and is thus able to predict the temperature profile in a very accurate manner. Another key factor is that the
turbulence model used by Taniguchi et al. is calibrated from applications of close resemblance to that of
journal bearings while the turbulence model used in the current work, the SST model, is calibrated for a
much broader range of applications. Specifically, it is not a transition range type of turbulence model like, for
instance, the γ −Re model [26], which is similar to the SST model but also keeps track of the region of flow
through the variable γ. However, since there are no general formulae to determine the exact state of the flow,
the γ − Re model is also heavily reliant on correlations. Indeed, it would be relevant to instead use a model
such as the one mentioned above.

4 Summary and conclusions
A static CFD FEM TEHD analysis of the large 4-pad tilting pad journal bearing from Taniguchi et al. is
performed using the SST turbulence model for predicting pressure and velocity and the Kays-Crawford model
for calculating the turbulent Prandtl number. The simulation results are compared to experimental data and
the following conclusions may be drawn:
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• The results from the current TEHD analysis matches the experimental data decently in terms of pressure
and film thickness, although the ram pressure at the inlet is not captured.

• The current TEHD and THD analysis show rather poor agreement with the experimental data in terms
of the temperature profiles. This is true even when the inlet and shaft temperatures from the THD
analysis of Taniguchi et al. are used.

• The current TEHD analysis gives overall better predictions than the current THD analysis but they both
perform worse than the THD analysis of Taniguchi et al.

The poor agreement in terms of temperature can be explained in part due to the fact that the film thickness
of the upper, un loaded, pads can not be calculated and hence the inlet temperature of Pad 3 is off by almost
10◦ C. There is also a notable discrepancy between calculated shaft temperatures where, in the current work,
for the TEHD model, it was calculated to be 66.5◦ C ; this is significantly higher than the value of 50.2◦ C
obtained in Taniguchi et al. but not so much different from the value 60◦ C, obtained by Fillon et al. [14].
However, both the inlet- and shaft temperatures are of secondary importance to the downstream temperature
gradient which is governed predominantly by the flow characteristics. The experimental temperature profiles
in Figures 6-7 initially have a rather low slope only to increase towards the pad outlet which is typical when
the flow goes from turbulent to laminar. This is accurately captured by the model of Taniguchi et al. since
their turbulence model is designed and tailored to handle these types of flows. The SST model seems un
capable of predicting the transition from turbulent to laminar and overestimates the level of turbulence, hence
the almost constant slope at a value much lower than it should be. It is thus the conclusion of this paper that
the SST turbulence model does not perform well at predicting flow characteristics in a large TPJB operating
in the transitional regime and, if one wishes to use more sophisticated, commercially available, turbulence
models, should perhaps be replaced with a model that has been designed to handle transitional flow, such as
e.g. the Re− γ-model.
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