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ABSTRACT 
 

Among renewable energy sources, hydropower plays an important role by providing 
approximately 60% of the global renewable electricity. The installed capacity of renewable 
energy sources is currently increasing globally. This growth, along with energy policies to 
reduce greenhouse gas emissions, has promoted the development of alternative renewable 
energy sources, such as solar and wind power. The penetration of intermittent energy sources 
seriously impacts the energy balance as well as the stability of the electrical grid. Therefore, 
guaranteeing a smooth integration of this share of renewable energy into existing power grids 
is required. Hydraulic power plants are one of the key components for stabilizing the electric 
grid. As a result, the extended operations and flexibility of hydraulic turbines have increased, 
and hydraulic turbines are subjected to unstable flow conditions and unfavorable load 
fluctuations during off-design operations. A better understanding of the off-design and 
transient effects, particularly in full-scale hydraulic turbines, has the potential to provide new 
methodologies to predict the sources of load fluctuations on the runner and to mitigate the 
associated issues. Such knowledge can increase turbine refurbishment time intervals and 
prevent structural failures in extreme cases. 

This thesis aims to develop methodologies (i.e., experimental and numerical) to assess flow 
conditions and flow effects on the structure under different operational conditions in Kaplan 
turbines. The work is divided into two parts: an experimental measurement campaign 
performed on a full-scale Kaplan turbine (the Porjus U9 turbine), and a numerical 
investigation of the fluid-structure interaction in the corresponding model turbine. In the 
measurement campaign, several operational conditions, ranging from start-up, speed-no-load, 
steady-state, load variations, emergency shutdown, runaway, and stop are examined. Steady-
state and load variation measurements are conducted under on-cam and off-cam conditions. 
The main objective of this work is to investigate the effect of the operation conditions on the 
pressure and stain fluctuations on the runner, as well as the strain variations on the shaft. 
This information would lead to the proposal of a measurement methodology in which the 
blade loading can be predicted by strain measurements on the shaft. The pressure and strain 
measurements on the runner show that different sources of fluctuations corresponding to a 
specific operating condition, e.g., part load and start-up, result in load fluctuations on the 
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runner blade. The region in the proximity of the runner blade hub is observed as the most 
critical in terms of the high strain value. During a start-up sequence, the strain measurement 
on the shaft reveals that both the guide vane opening and runner blade’s angle have a great 
effect on the strain value on the shaft. A correlation between the blade and the shaft 
measurements seems to exist. 

The numerical simulations performed on the Porjus U9 model demonstrate that the added 
inertia and damping are important, whereas the stiffness is negligible. The dimensionless 
added polar inertia is 23%–27% of the reference value (𝜌𝑅5). Added damping significantly 
contributes to the moment at low excitation frequencies, whereas the inertia becomes 
dominant at higher frequencies. Considering the presence of multiple perturbations in the 
simulations, the added polar inertia could be assumed to be independent, whereas the 
interaction of the harmonics modifies the added damping value, particularly at high 
perturbation frequencies. 
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CHAPTER I 

Introduction 
 

This chapter presents an overview and background of the thesis work. In addition, the 
motivation and objectives of the work are discussed. 

 

1.1 Energy content 

The installed renewable energy capacity has been increasing, reaching 2,378 GW at the 
end of 2018, and provides 26.2% of the global electricity generation [1], as shown in Figure 
1.1. Among the renewable energy sources, hydropower plays an important role and provides 
approximately 60% of the renewable electricity, accounting for 4,210 TWh in 2018 [1].  

 
Figure 1.1: Estimated renewable energy share of global electricity production. Reproduced from [1] 

Figure 1.2 shows the global composition of installed power capacities for different energy 
sources from 2008 to 2018. A growing trend in the capacity of renewable energy sources (not 
including hydropower) can be seen. This trend coincides with energy policies concerning the 
reduction of greenhouse gas emissions, which has promoted the development of alternative 
renewable energy sources, such as solar and wind power. The penetration of intermittent 
energy sources has seriously impacted the energy balance and the stability of the electrical 
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grid. Therefore, guaranteeing a smooth integration of this share of renewable energy into 
existing power grids is required. Hydraulic power plants are key components for stabilizing 
the electric grid. Consequently, off-design operations of hydraulic turbines have increased and 
are subjected to unstable flow conditions and unfavorable load fluctuations. These events can 
impact the turbine refurbishment time and can even cause structural failure in extreme cases. 

 
Figure 1.2: Global power generating capacity. Reproduced from [1] 

Similar to the global trend, the share of renewable energy electricity production in Sweden 
continued to increase, reaching approximately 58% in 2017 [2]. Hydropower was the largest 
source of energy production, accounting for 65 TWh, which was more than nuclear power 
electricity generation, see Figure 1.3. 

 
Figure 1.3: Electricity generation in Sweden. Reproduced from [2] 

1.2 Kaplan turbine 

Hydraulic turbines are power units that allow for the transformation of kinetic and 
potential energy of water into mechanical energy. Hydraulic turbines have existed for a long 



1.2 Kaplan turbine 5 

 

 

 

time, with their simplest form being the waterwheel used in ancient Greece. The first hydraulic 
turbine was designed by British-American engineer James B. Francis in 1849, known as the 
Francis turbine. In 1913, Austrian professor Viktor Kaplan developed the Kaplan turbine, a 
propeller turbine with adjustable blades, to maintain an optimum efficiency over a wide range 
of discharges and heads. Figure 1.4 presents the operation ranges for different types of 
turbines.  

 
Figure 1.4: Operation ranges of four major hydraulic turbines, discharge versus head; power lines are obtained 

assuming 𝜂 = 0.8. Reproduced from [3]

Kaplan turbines are classified as double-regulated reaction turbines because the flow 
conditions are controlled by both adjustable guide vanes and the runner blades’ stagger angle. 
The main parts of a Kaplan turbine are the spiral case, stay vanes, guide vanes, runner, and 
draft tube, as illustrated in Figure 1.5. The water is delivered from the penstock to the spiral 
casing. The spiral casing then distributes the water as evenly as possible to the distributor, 
which includes the stay vanes and guide vanes, imparting a degree of swirl to the flow. The 
opening of the guide vanes controls the discharge through the runner. The flow swirl then 
becomes a free vortex after leaving the guide vanes [3]. The angular momentum of the flow is 
recovered by the runner and transformed into mechanical momentum, rotating the shaft where 
the generator is attached. Finally, the flow is led downstream through a draft tube where the 
remaining flow kinetic energy is recovered and transformed into static pressure. 
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Figure 1.5: The main components of a Kaplan turbine. Reproduced from [4] 

1.3 Previous studies 

The following two themes within the hydropower industry are interconnected. On the one 
hand, the flexibility of hydropower plants due to the rapidly increasing share of intermittent 
renewable energy sources strictly enforces the off-design operations of hydraulic turbines. On 
the other hand, the refurbishment and modernization of the aging facilities lead to more 
powerful machines [5]. 

Regarding the first theme, the off-design operations of hydraulic turbines, ranging from 
turbine start-up to full load and turbine shut-down, involve considerable complexity in the 
flow, such as flow separation and vortex breakdown. The undesirable flow phenomenon 
induces load fluctuations on the runner blades, which can affect the structural and 
rotodynamic behavior of the turbine. Nevertheless, hydraulic turbines are designed to operate 
at a certain operating point for a specific head and discharge, known as the best efficiency 
point (BEP). The rotor-stator interaction (RSI), rotating vortex rope (RVR), guide vane 
wakes, flow separation on the runner, vortex breakdown, hub vortices, and tip vortices are 
examples of disturbances that result in periodic excitation forces [6-9]. The effect of transients, 
load fluctuations, and the flow interaction on the hydraulic turbine’s runner was reviewed in 
[10-12]. Fatigue-related problems, such as wear and tear on the turbine components, and 
vibration issues may arise from the load fluctuations, which can result in severe failures [13-
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16]. The performance and lifetime of the turbine bearings can be significantly influenced by 
the periodic and random load fluctuations [17, 18].  

More recently, researchers have devoted more attention to the load variation, startup, 
stop, speed-no-load, and runaway, which are categorized as off-design operations. These 
operations are more critical for the turbine’s lifetime. Numerical analyses and experimental 
investigations have been performed on model and prototype turbines. Pressure, strain, and 
acceleration measurements on the rotating components, e.g., runner blades, and on the 
stationary components, e.g., the draft tube wall, are accepted experimental methods for 
investigating the flow characteristics and structure response. Optical methods, such as laser 
Doppler anemometry (LDA) and particle image velocimetry (PIV), are also used to determine 
the flow velocity inside hydraulic turbines. Among these methods, performing measurements 
on the stationary components is relatively easy to implement. Numerous experimental studies 
have been performed using commercial and open-source software, such as Ansys CFX and 
OpenFOAM. More effort has been focused on model turbines than prototypes, as it is more 
easy and cost-effective to utilize models.  

In 2016, a research group in the Polytechnic University of Catalonia, in collaboration with 
university and industrial partners, performed a measurement campaign on a prototype 
medium-head Francis turbine located in British Columbia, Canada. This turbine has a rated 
power of 444 MW and a runner diameter of 5.4 m. The study aimed to propose an optimized 
strategy for field tests regarding the best suitable sensor locations on the turbine’s rotating 
and stationary components [19]. Unit instrumentation consisted of different transducers: 
pressure transducers and strain gauges were installed on the runner blades; pressure 
transducers were installed on the draft tube cone, the spiral case, and the penstock; torsion 
strain measurements were obtained on the shaft; proximity sensors were utilized to obtain the 
shaft displacement; and accelerometers were located in the turbine bearings, draft tube wall 
and spiral casing wall. Different turbine operations were investigated, and different 
phenomena, such as the vortex rope, cavitation, the runner mechanical resonance, and 
hydraulic resonance were detected. Part load operation and load variation in two prototype 
Francis turbines (one vertical and one horizontal) were experimentally investigated via 
pressure measurement at the draft tube wall [20]. Higher pressure fluctuations were observed 
at the part load operation compared to the BEP operation. In the same measurement 
campaign, the pressure fluctuations during the load increase from 50% to 70% was 1.6 times 
larger than that obtained during steady-state operation at a 50% load [21]. A measurement 
on a 200 MW prototype Francis turbine showed that the shaft oscillation increased at a part 
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load operation when the pressure fluctuations were intense in the draft tube [22]. Different 
start-up sequences were examined on a prototype propeller turbine by performing strain 
measurements on the runner blade [23]. Although the maximum strain in the runner blade 
did not decrease at the optimized start-up sequence, the strain fluctuation decreased at the 
beginning of the cycle. Gagnon et al. [24] demonstrated that reducing the guide vane opening 
rate can reduce the crack propagation rate on the runner blades of a prototype Francis turbine. 
Jansson [25] performed strain measurements on the shaft of a prototype Kaplan turbine during 
turbine start-up. A wide-band frequency at a low-frequency region (approximately 0-5 Hz) 
with a high intensity occurred prior to the synchronous speed.  

Amiri [26] performed an experimental investigation on the Porjus U9 Kaplan turbine 
model during steady-state and load variation operations under off-cam conditions. Pressure 
measurements were conducted on the runner blade and draft tube wall. Flow velocity 
measurements were performed using LDA at three different locations during steady-state 
operations. The RVR formation and mitigation were studied, and the corresponding frequency 
spectra were obtained. In addition, the effect of the operating conditions on the flow 
characteristics after the draft tube bend were investigated using PIV measurements.  

At the Water Power Laboratory at the Norwegian University of Science and Technology 
(NTNU), a series of measurements were conducted on a Francis turbine model during turbine 
steady-state and load variation operations [27-30]. A wide range of turbine operations, ranging 
from start-up, speed-no-load, load variation, runaway, and shutdown, were investigated. The 
measurements mainly consisted of pressure measurements on the runner blades, draft tube 
wall, and vaneless space of the turbine. Pressure fluctuations on the runner blades during 
start-up and shutdown were twice as large as those during the BEP operation. In addition, 
the runaway operation was observed to be a more damaging operation, in which higher 
pressure fluctuations up to 2.6 times those during BEP operation were detected on the runner 
blade. 

Optical methods have been used in the draft tube of model Kaplan and Francis turbines 
to investigate the flow conditions in the presence of a vortex rope [31-37]. The influence of the 
turbine discharge on the vortex rope parameters and structure was studied by Favrel et al. 
[36] using 2-D PIV measurements. It was observed that RVR parameters, such as the 
trajectory, the coherence and the strength of the vortex, have a direct impact on the amplitude 
of the synchronous pressure pulsations. The same authors performed LDV measurements in 
the draft tube of a model Francis turbine and observed that the synchronous axial velocity 
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fluctuations are negligible compared to the velocity fluctuations induced by the vortex 
precession [38]. As mentioned earlier, researchers have focused on the transient phenomena 
that occur during load variation. For example, the formation and mitigation of the vortex 
rope during load variations, i.e., from part load to BEP, was studied by performing 2-D PIV 
measurements [37]. The development of the stagnation region at the draft tube cone center 
and the high axial velocity gradient along the draft tube centerline was suggested as the origin 
of the vortex rope formation.  

Regarding the second theme mentioned at the beginning of this section, the off-design 
operation of hydraulic turbines and the modernization of aging facilities can alter the dynamic 
behavior of the hydraulic turbines. Runner modifications, e.g., a weight reduction by lowering 
the thickness of the blades and the runner hub size, is an approach for increasing the efficiency 
and power output. Nevertheless, geometry modifications add complexity to the dynamic 
response and stability of the runner, notably to the fluid-structure interaction (FSI) related 
issues, particularly during off-design operations [39]. Moreover, transient loads resulting from 
off-design operation induce strong FSI coupling and high-stress regions, which increase fatigue 
and failures [40-44]. 

Generally, the dynamic response analysis of hydraulic turbines is performed under 
stationary conditions in a water tank [45-48]. More experimental studies to assess the fluid 
effect have been conducted on hydrofoils than on turbine runners, as hydrofoils can be treated 
as a runner blade. However, the effects of some important components of hydraulic turbines, 
such as rotation, joints, welded parts, seals, and even neighboring blades, have not been 
considered.  

Efforts are ongoing to develop reliable and faster numerical methods to evaluate the fluid-
added parameters and evaluate the dynamic response of hydraulic turbine runners. Currently, 
three main numerical approaches are used: modal analysis, fluid-structure coupled simulations, 
and computational fluid dynamics (CFD) simulations combined with a motion equation. The 
combination of CFD simulations with a single-degree-of-freedom (SDOF) motion equation is 
an approach for studying the dynamic response of a submerged structure in still or flowing 
water. The dynamic behavior of any structure can be estimated by investigating the 
vibrational response, which results from an applied perturbation. The applied perturbation 
can either be an impact or a harmonic input. Using the perturbation method, another 
assumption is required to calculate the added stiffness [49]. It is mathematically difficult to 
simultaneously determine the fluid-added mass and stiffness without any assumption when 
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using this approach because of the interaction of the added mass and stiffness in the vibration 
equation. However, the added damping is directly estimated because there is no interaction 
with other parameters. Different assumptions have been made to address this issue. Some 
studies have simply assumed the effect of one or two parameters as zero for a range of 
frequencies or a linear behavior of the fluid-added parameters for small perturbation frequency 
values. All of these approaches can only consider a single vibration mode of the structure. 
However, assuming a multidegree-of-freedom system and taking the influence of other modes 
into account can reveal the modal damping ratio and added mass for each nodal diameter. 
Münch et al. [50] performed unsteady Reynolds-averaged Navier–Stokes (URANS) simulations 
combined with an SDOF vibration model and a complex transfer function to predict the fluid-
added moment of inertia, damping, and stiffness. The fluid-added stiffness and damping were 
assumed to be negligible at high frequencies because the transfer function displayed an 
asymptotic behavior that could be explained by the fluid-added moment of inertia. Therefore, 
the added moment of inertia was estimated and assumed to be independent of the motion 
frequency. Then, the added stiffness was obtained using the calculated added moment of 
inertia and the real part of the transfer function. In the last step, the fluid-added damping 
was determined by the imaginary part of the transfer function as a function of the reduced 
frequency. The fluid-added polar inertia and damping of the Hölleforsen Kaplan runner were 
estimated by Karlsson et al. [33]. The URANS simulations were performed with the code 
OpenFOAM and coupled with the SDOF vibration equation. A sinusoidal perturbation with 
an amplitude of 4 × 10−6 rad and a frequency range of approximately 100–350 Hz was applied 
to the runner angular displacement. The runner was considered to be rigid, and the added 
stiffness was simply assumed to be negligible.  

In view of the lack of sufficient informative findings regarding prototype hydraulic 
turbines, i.e., the flow interaction on the runner blades, attention must be given towards the 
identification of flow characteristics, as well as the structure response. Prototype turbine 
measurements are prohibitively expensive and time consuming. Therefore, alternative 
measurement methodologies, e.g., measurements on the shaft, for prototype machines are 
required to predict the flow characteristics and the impact of the operating conditions on the 
runner structure. In addition, not all characteristics of the prototype turbines would be 
predicted by reduced scale turbine model measurements, which are performed to verify the 
performance characteristics of the newly designed full-scale turbines before installation. For 
example, the pressure fluctuation amplitude, i.e., the synchronous component of the vortex 
rope, can be considerably damped or amplified depending on the hydraulic system [51, 52]. 
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Therefore, an experimental investigation of prototype hydraulic turbines during design and 
off-design operations is required for the safe and long-term operation of the machine. 

1.4 Scope of the thesis 

The primary goal of this thesis is to investigate the interaction of the flow, the turbine 
runner blade and the shaft on a Kaplan protype, Porjus U9, under different operating 
conditions. To achieve this goal, a measurement campaign is performed for several operational 
conditions, ranging from start-up, speed-no-load, steady-state, load variation, runaway, 
emergency shutdown, and shutdown. Note that only limited data are presented in this thesis 
due to the limited time for the data analysis. Furthermore, numerical simulations have been 
performed on the corresponding model turbine to evaluate the fluid-added parameters. The 
objectives of this work are as follows: 

Investigate the start-up operation of the Porjus U9 prototype turbine and its 
consequences on the runner blade and shaft 
Elucidate the vortex formation and mitigation during load variation under an off-
cam operation of the Porjus U9 prototype Kaplan turbine 
Review the available methods to assess the fluid-added parameters in hydraulic 
turbines 
Estimate the fluid-added polar mass, damping, and stiffness on the Porjus U9 
Kaplan turbine model runner using CFD simulations 
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CHAPTER II 

Experimental Setup and Numerical Modeling 
 

In this chapter, an overview of the experimental setup, including the turbine description, 
data acquisition system, installed transducers, and the operating conditions, are presented. 
Thereafter, the numerical modeling description, including the test case and boundary 
conditions, are explained. 

 

2.1 Porjus U9 prototype 

Experimental measurements were conducted on a full-scale Kaplan turbine, the Porjus U9. 
This turbine is located along the Lule river in Sweden. It is part of the Porjus Hydropower 
Center and is primarily used for research and educational purposes. The Lule river, with 15 
hydropower plants (total capacity of 4.3 GW), makes the largest contribution to hydropower 
electricity production in Sweden, producing approximately 14.6 TWh of the total 65 TWh 
produced in 2017 [2, 53]. This turbine was designed by Kvaerner Turbine AB, Sweden, in the 
late 1990s. The turbine is composed of 6 runner blades, 20 equally spaced guide vanes, and 18 
unequally distributed stay vanes with a runner diameter of 1.55 m. The runner is located 
approximately 7 m below the tailwater. The penstock has a total length of approximately 67.1 
m with three elbows. The diameter of the penstock varies between 10.5 m at the penstock 
inlet and 2 m before the spiral case inlet. The draft tube length is approximately 11 m. Table 
2.1 presents the nominal operating parameters of this turbine. 

Table 2.1 Nominal operating parameters of the Porjus U9 prototype Kaplan turbine 

Parameter Value Unit 
Head (H) 55.5 [m] 
Power (P) 10 [MW] 
Discharge (Q) 20 [m3s-1] 
Rotational speed (n) 600 [RPM] 
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2.2 Porjus U9 reduced scale model 

Numerical simulations were performed on a model Kaplan turbine. The model turbine is 
a 1:3.1 reduced scale of the Porjus U9 prototype Kaplan turbine. This model turbine was 
previously installed on the test rig at the Vattenfall research and development (VRD) facility 
in Älvkarleby, Sweden. This model is geometrically similar to the corresponding prototype 
with a runner diameter of 0.5 m and operates in a closed-loop configuration. Table 2.2 presents 
the nominal operating parameters of this turbine model. 

Table 2.2 Nominal operating parameters of the Porjus U9 Kaplan turbine model 
Parameter Value Unit 
Head (H) 7.5 [m] 
Discharge (Q) 0.71 [m3s-1] 
Rotational speed (n) 696.3 [RPM] 

2.3 Instrumentation 

Different types of transducers were installed on the rotating and stationary components 
of the prototype turbine: pressure transducers and strain gauges on an individual runner blade, 
strain gauges on the turbine shaft, accelerometers in the runner cone, proximity transducers 
close to the turbine guide bearing, and an optical encoder to measure the turbine rotational 
speed. A unique data acquisition system was designed and employed to collect and store the 
data. 

2.3.1 Data acquisition system 

The analog signals from the transducers were collected by a data acquisition system 
composed of two rotating and one stationary slave chassis and one master computer. Each 
slave had an NI cRIO-9014 embedded real-time controller. The signals from the rotating slave 
chassis were transmitted to the wireless network connected to the master computer. One of 
the rotating slave chassis was installed on the top of the turbine shaft where the pressure 
transducers and strain gauges on the runner blade were connected to this unit. An NI 9205 
module and five NI 9237 modules were installed on this unit. The NI 9205 (±10 V, 16-bit) 
was configured for differential measurement; therefore, 16 channels were available. Each 
NI 9237 module had four channels with a resolution of 24 bits. An excitation of 5 V was used 
for each NI 9237. A small slip ring was designed to power the rotating slave chassis. The other 
rotating slave chassis was installed on the shaft between the generator guide bearing and the 
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turbine guide bearing to digitize the signals from the strain gauges installed on the shaft. It 
consisted of two NI 9237 modules. The shaft was instrumented with a slip ring to power the 
rotating slave chassis. The stationary slave chassis acquired the turbine operational 
parameters, such as the guide vane opening, runner blade opening angle, power output, 
headwater level, tailwater level from the turbine control room. The signals from the distance 
transducers, installed near the turbine guide bearing to acquire the shaft displacement, and 
an optical encoder were also digitized by the same unit. The signals were oversampled at 
5 kHz and then digitally downsampled to 2.5 kHz. Figure 2.1 and Figure 2.2 present the 
location and view of two rotating slave chassis installed on the shaft and top of it.  

 
(a) 

  
(b) 

Figure 2.1: The rotating slave chassis installed (a) on the turbine shaft, (b) on top of the shaft 
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Figure 2.2: Schematic of the Porjus U9 prototype Kaplan turbine and the location of the rotating slave chassis 

2.3.2 Blade surface preparation and wiring 

Proper surface preparation is an essential prerequisite for adhesive bonding. Prior to blade 
instrumentation, two runner blades with a 180° spacing were sandblasted. One blade was 
chosen for instrumentation, and the other one was used to avoid the hydraulic and mass 
imbalance resulting from the weight of the applied epoxy on the instrumented blade. Two 
different types of epoxies were applied on the runner blade. Two-component Belzona 1311 was 
applied on the blade as the base epoxy, and two-component Belzona 1341 was used as the 
anti-cavitation coating. Table 2.3 presents the characteristics of the epoxies applied to the 
runner blade. 

The high strength base epoxy was used due to the high shear and normal forces on the 
blade. The anti-cavitating agent was applied to the base epoxy when the base layer was cured 
to decrease the roughness of the surface. However, the local pressure disturbances generated 
by the epoxy surface roughness was unavoidable. Finally, an equal amount of epoxy applied 

Spiral case
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Stay vaneGuide vane

Runner cone

cRIO (Rotating DAQ system)
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to the target blade was applied to the other blade in order to achieve hydraulic and mass 
balance. Figure 2.3 shows a view of the two runner blades. 

Table 2.3 Specifications of the applied epoxies to the runner blade 
 Parameter Value Unit 
Belzona 1311 Mixing ratio by weight (Base:Solidifier) 5:1 - 
 Mixed density 2.36-2.52 [𝑔/𝑐𝑚3] 
 Tension shear (applied to stainless steel) 19  [𝑀𝑃𝑎] 
 Compressive strength 56.8 [𝑀𝑃𝑎] 
Belzona 1341 Mixing ratio by weight (Base:Solidifier) 100:70 - 
 Mixed density 1.42 [𝑔/𝑐𝑚3] 
 Tension shear 24.8 [𝑀𝑃𝑎] 
 Compressive strength 57.2 [𝑀𝑃𝑎] 

 

 
(a) 

 
(b) 

Figure 2.3: The prepared runner blades: (a) the suction side of the blade used to achieve hydraulic and mass 
balance, (b) the suction side of the instrumented blade with pressure transducers and strain gauges. The 

hydraulic hose mounted to protect the electrical cable is visible on the right of each picture. 

Kaplan turbine runner blades are adjustable during turbine operation, with considerable 
movement during turbine start-up. One of the main challenges with the instrumentation is 
having a variable cable length in order to consider the blade rotation and protect the cables 
from the high fluid velocity. All the cables followed the blade surface, passed over the blade 
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at the leading edge, and reached the blade suction side close to the hub. Then the cables were 
guided through a hydraulic hose to enter the runner cone. Thereafter, all the cables passed 
through the hollow shaft and reached the top of the generator. Figure 2.4 shows the hydraulic 
hose and its installed location on the turbine. Insulated cables (4×UBA3219 TAU) 
manufactured by Industrifil, were used. The linear resistance of this cable was 0.5 𝑂ℎ𝑚/𝑚.  

 
(a) 

 
(b) 

Figure 2.4: The hydraulic hose to guide the cables from the blade surface to the runner cone and hollow shaft: 
(a) one end of the hydraulic hose is attached to the runner blade hub, (b) and the other end of the hydraulic hose 

attached to the runner cone  

2.3.3 Pressure measurement on the runner 

Transient pressure measurements were performed on the runner blade pressure and suction 
side. The piezo-resistive pressure transducers were encapsulated to be easily installed on the 
blade and isolate the transducers and their connection from the applied epoxy. Twelve 
miniature pressure transducers manufactured by Kulite (LL-080 series) were used. The 
operating range of the pressure transducers is 0-700 kPa, and their natural frequency is 
380 kHz. Six pressure transducers were installed on the pressure side (P-PS-1 to P-PS-6) and 
six on the suction side (P-SS-1 to P-SS-6) of one runner blade. The first letter of the transducer 
name denotes the quantity measured, i.e., the pressure P. The second part describes the 
location of the measurements, e.g., the blade pressure side (PS) or the suction side (SS). The 
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numbering begins with the transducer installed near the leading edge and tip and proceeds to 
the one close to the trailing edge hub. The transducers were installed at the intersection of 
imaginary circles that pass through 1/3 and 2/3 of the blade’s span and 1/4, 1/2, and 3/4 of 
the blade’s chord lines. The locations were obtained from the pressure measurement performed 
by Amiri [26] on the corresponding U9 Kaplan model. Eight pressure transducers were 
connected to the NI 9237 module and four other pressure transducers were connected to the 
NI 9205 module. Figure 2.5 shows the position of the pressure transducers on the runner 
blade’s pressure side. 

 
Figure 2.5: Position of the pressure transducers on the runner pressure side [54] 

2.3.4 Strain gauge measurement on the runner 

Following a preliminary one-way fluid-structure coupled simulation and modal analysis, 
three points on the runner blade were spotted to install the strain gauges: one near the leading 
edge, one close to the runner blade hub, and the third close to the trailing edge. The region 
close to the runner blade hub is generally subjected to a high stress. Higher structural 
deflection can be observed near the blade’s trailing edge. Two uniaxial strain gauges (K-LY41-
6/350-3-2M manufactures by HBM) were installed at each point in the tangential and radial 
direction on the blade pressure and suction side, respectively. Therefore, twelve uniaxial strain 
gauges were installed on the runner blade. The resistance and gauge factor of the strain gauges 
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were 350 ± 0.35% and 2.07 ± 1%, respectively. Figure 2.6 shows the position and 
arrangement of the strain gauges on the runner blade pressure side. The strain gauges were 
named in a manner similar to that used for the pressure transducer. The first letter denotes 
the measurement quantity, i.e., strain. The second part describes the location of the 
measurements, e.g., the blade pressure side (PS) or suction side (SS). The numbering begins 
with the transducer installed near the blade leading edge on the pressure side and proceeds to 
the one close to the trailing edge on the suction side. The last letter denotes the direction of 
the strain gauge, e.g., the radial direction (R) or tangential direction (T). The transducer 
S-PS-2R corresponds to the strain gauge located on the pressure side at point 2 close to the 
blade hub in the radial direction. Material expansion due to the surrounding flow temperature 
is compensated in the selected strain gauges. The strain gauges were calibrated on-site using 
the shunt calibration technique.  

 
Figure 2.6: Position and arrangement of the strain gauges on the runner pressure side [54] 

2.3.5 Strain gauge measurement on the shaft 

The axial strain, bending strains in two directions, and torsional strain were obtained 
using six strain gauges installed on the turbine shaft surface between the generator guide 
bearing and the turbine guide bearing. Four uniaxial strain gauges, the same type used for 
the strain measurements on the blade, were installed in the axis direction with a 90° spacing 
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to measure the axial strain and the bending strain in two directions. The shaft torsional strain 
measurement was performed using two torsion strain gauges (K-XY41-6/350-3-2M 
manufactures by HBM) installed on the same shaft section in the axis direction with 180° 
spacing. The resistance and gauge factor of the torsional strain gauges were 350 ± 0.35% and 
2.08 ± 1%, respectively. Figure 2.7 presents the arrangement of the axial and torsion strain 
gauges on the shaft. 

 
Figure 2.7: The arrangement of the strain gauges on the turbine shaft 

2.3.6 Accelerometer  

The vibration measurement in the rotating frame was performed on the bottom cover of 
the hub inside the runner cone using two accelerometers (7253D Triaxial IEPE Accelerometer 
manufactured by Endevco) with different sensitivities and operational ranges. The transducers 
were screwed on the plate in the radial direction. The operational range of the accelerometers 
was ±50 𝑔 (sensitivity 100 𝑚𝑉 /𝑔) and ±500 𝑔 (sensitivity 10 𝑚𝑉 /𝑔). The results of the 
vibration measurement are not presented in this thesis. Figure 2.8 shows the position of the 
installed accelerometers on the bottom cover of the turbine hub. 
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Figure 2.8: Position of the accelerometers on the bottom cover of the hub inside the runner cone 

2.3.7 Proximity transducers  

The shaft’s lateral displacement was monitored by two proximity probes (DW-AD-509-
M12 manufactured by Contrinex) installed close to the turbine guide bearing with a 90° 
spacing. The sensing range was 0-6 mm. The results of the proximity probes are not presented 
in this thesis.  

 
Figure 2.9: Position of the proximity probes installed close to the turbine guide bearing. 
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2.3.8 Measurement of the turbine’s general parameters 

As mentioned earlier, all the provided turbine operational parameters from the turbine 
control system (e.g., guide vane opening, runner blade opening angle, power output, headwater 
level, and tailwater level) were simultaneously obtained. In addition, the guide vane opening 
was measured by a wire-type distance transducer installed on the guide vane hydraulic 
servomotor to acquire the linear movement of the guide vanes. Figure 2.10 shows the distance 
transducer mounted on the servomotor. The runner blade angle and the guide vane angular 
opening range of this unit is +10° to -17° and 0-35° (0—100% opening), respectively. An optical 
encoder was installed close to the shaft to measure the turbine’s rotational speed, and the 
accuracy of the optical encoder was 3°. 

 
Figure 2.10: Distance transducer to measure the guide vane opening 

2.4 Measurement program 

The experimental investigation of the turbine was performed at several operational 
conditions, ranging from start-up, speed-no-load, steady-state, load variation, emergency 
shutdown, runaway, and shutdown. The steady-state and load variation measurements were 
conducted under on-cam and off-cam conditions. During the on-cam operation, the runner 
blade angle is automatically adjusted by the governor according to the predefined hill chart 
determined from the index test. However, the blade angle is set to a prescribed angle and held 
constant during the off-cam operation and the turbine is operated as a propeller turbine. Three 
guide vane openings were selected under the on-cam condition and are referred to as OP1, 
OP2, and OP3. For the load variation operations, the guide vane opening was changed from 
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one steady point to the other. The guide vane opening rate was controlled by the governor. 
Six possible load variations between the steady-state operating points were performed. In 
addition, two propeller curves were used to investigate the off-cam operation: runner blade 
angles of +3.9  (OP4-OP8) and -4.3  (OP9-OP13). All possible load variations between the 
operating points of each off-cam condition were investigated except for the load variations 
that involved OP5 and OP7 in the first off-cam operation and OP10 and OP12 in the second 
off-cam operation. Table 2.4 presents the specifications of the investigated operating 
conditions during the measurement campaign. 

Table 2.4 Specification of the investigated operating conditions  
Operating point GV opening [%] Runner blade angle [°]  

OP1 43 -13.5 
On-cam operation OP2 63 -4.3 

OP3 83 +3.9 
OP4 66 +3.9 

First off-cam operation 
OP5 74 +3.9 
OP6 83 +3.9 
OP7 91 +3.9 
OP8 98 +3.9 
OP9 44.5 -4.3 

Second off-cam operation 
OP10 55.6 -4.3 
OP11 64 -4.3 
OP12 72 -4.3 
OP13 80 -4.3 
OP14 15 -13.5 Speed-no-load condition 
OP15 From 0 -7 Start-up 
OP16 From 30.2 From -17.1 Runaway condition 
OP17 From 49.2 From -9.9 
OP18 From 15.7 From -17.1 Emergency shutdown 
OP19 From 63 From -4.3 

Shutdown OP20 From 91 From +3.9 
OP21 From 72 From -4.3 

The measurements began with the on-cam operation and proceeded with the first and 
second off-cam operations. Thereafter, the performed measurements were repeated once. Thus, 
each steady-state and load variation was repeated at least four times to ensure repeatability 
of the measurements and obtain a good quality of the results. Nevertheless, it was very difficult 
to repeat an exact operating point in this machine, as the governor was adjusting the runner 
blade angle and guide vane opening. Finally, the speed-no-load, runaway, and emergency 
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shutdown conditions were conducted. The shutdown operation was performed during the 
on-cam and off-cam measurements. 

2.5 Computational modeling 

As mentioned earlier, the Porjus U9 Kaplan turbine model was considered for the 
numerical simulations. Numerical simulations were performed to investigate the fluid-added 
inertia, damping, and stiffness at the BEP operation. The operating parameters are presented 
in Table 2.5. The computational model and mesh were obtained from Mulu et al. [55]. A 
hexahedral mesh was created in all the domains. The computational domain was comprised 
of three sub-domains; guide vanes, runner, and draft tube. The spiral casing and stay vanes 
were not included in the computational domain. Hub and tip clearances were considered with 
5–10 cells in the radial direction for both regions. Approximately 17 million elements were 
used in the computational domain. The quality of the computational grid was evaluated by 
Mulu et al. [55]. The transient rotor-stator interface model was adopted at the interface of 
the rotating and stationary domains. 

Table 2.5 Nominal operating parameters of the Porjus U9 Kaplan turbine model at BEP 
Parameter Value Unit 
Head (H) 7.5 [m] 
Discharge (Q) 0.71 [m3s-1] 
Guide vane angle ( ) 26 [°] 
Rotational speed (n) 696.3 [RPM] 

The three-dimensional flow analysis was performed by using the commercial software 
Ansys CFX 16.2. The URANS equations were solved by the finite volume method. The 

continuity and momentum equation advection terms were discretized by the high-resolution 
scheme. The standard 𝑘 − 𝜀 turbulence model with a scalable wall function was chosen to 
perform the simulations based on a comparative study of the turbulence models performed 
on the same test case by Mulu et al. [55]. The advection term in the turbulence equation 

was discretized by the first-order upwind scheme. A time step of 3.6 × 10−4 s, corresponding 
to approximately 1.5° of the runner revolutions, was used for the simulations. 

The guide vane inlet and draft tube outlet were considered as the computational domain 
inlet and outlet, respectively. For the boundary condition, a mass flow rate at the inlet and 
the average static pressure at the outlet were imposed. Angular velocity was imposed on the 
runner assuming a no-slip boundary at the runner fluid interface. The simulations were run 
until a periodic flow was achieved at specific monitor points. Thereafter, a prescribed harmonic 
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perturbation ∅̇́
𝑠 was applied to the constant angular velocity of the turbine ∅̇.̅ The total 

angular velocity of the turbine ∅(̇𝑡) can be expressed as 

∅(̇𝑡) = ∅̇(̅𝑡) + ∅̇́
𝑠(𝑡) = 𝜔0 + 𝐴. 𝑠𝑖𝑛(𝑘. 𝜔0. 𝑡) (2.1) 

where 𝐴, 𝑘 and 𝑡 are the perturbation amplitude, perturbation frequency factor and time, 
respectively. The subscript 𝑠 denotes a single perturbation. It was assumed that the unsteady 
perturbations induced by different sources can be characterized by a harmonic perturbation 
with a constant amplitude and frequency. In the simulations, the perturbation frequency factor 
varied in the range of 0.5-10.1, and the perturbation amplitude was 0.5% of the constant 
angular velocity of the runner. Twenty-one transient simulations were performed for the 
following values of the perturbation frequency factor k: 0.5, 1, 1.5, 2, 2.5, 2.9, 3, 3.01, 3.1, 3.5, 
4, 4.5, 5, 5.5, 6, 7, 8, 9, 9.9, 10 and 10.1. The perturbation frequency factors were spaced at 
intervals of 0.5 from 0.5 to 5.5 and at intervals of 1 from 6 to 10, with five additional values 
included: 2.9, 3.01, 3.1, 9.9 and 10.1. The total moment of the turbine was obtained from the 
simulations and used for the fluid-added parameters calculation, which will be discussed in 
section 3.5.  

To investigate the effect of multiple perturbations on the fluid-added parameters, the 
harmonic perturbation was defined as 

∅̇́
𝑚(𝑡) = 𝜔0 + 𝐴. (𝑠𝑖𝑛(𝑘1. 𝜔0. 𝑡) + 𝑠𝑖𝑛(𝑘2. 𝜔0. 𝑡 + )) (2.2) 

where 𝜑 is the phase shift between the perturbations. Subscripts 1 and 2 refer to the first and 
second applied perturbations, respectively, and the subscript 𝑚 denotes multiple 
perturbations. Seven test cases were studied with different frequency combinations, phase 
shifts, and perturbation amplitudes, as presented in Table 2.6. 

Table 2.6 The detail of applied perturbations in the numerical simulations 
Test case 𝑘1and 𝑘2 𝜑 [°] 𝐴 
1 4 and 7 0 5 × 10−3 

2 4 and 10 0 5 × 10−3 

3 7 and 10 0 5 × 10−3 

4 4 and 7 30 5 × 10−3 

5 7 and 10 60 5 × 10−3 
6 4 and 7 0 10 × 10−3 
7 7 and 10 0 10 × 10−3 
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CHAPTER III 

Data Analysis 
 

This chapter presents the analysis methods used for the experimental and numerical 
results. First, the methods applied to the steady-state and load variation data obtained from 
the experiments are explained. Then, the methodology of the fluid-added polar inertia, 
damping, and stiffness calculation are given in detail.  

 

3.1 Time-average 

Averaging the acquired pressure and strain data during steady-state and load variation is 
performed using the MATLAB Savitzky–Golay smoothing filter. A polynomial order of 2 and 
a window size of 5 s are used after a sensitivity analysis. The signal fluctuating component is 
obtained by subtracting the time-averaged value from the original signal. 

�̃�(𝑡) = 𝑋(𝑡) − �̅̅̅̅�(𝑡) (3.1) 

where �̃� is the fluctuating component, 𝑋 is the instantaneous value, �̅̅̅̅� is the 
time-averaged value obtained with the Savitzky–Golay smoothing filter, and 𝑡 is the time. 
The fluctuating component is used for the spectral analysis. The arithmetic mean of the 
time-averaged value is determined for the steady-state data. Figure 3.1 presents the 
normalized pressure data obtained from the P-PS-2 during a load increase. The white line 
indicates the time-averaged value. The pressure data is normalized with respect to the initial 
pressure value in the turbine chamber before running the measurement (𝑃𝑟𝑒𝑓). However, 

absolute strain values are reported.  
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Figure 3.1: Transient normalized pressure variation on the runner blade (P-PS-2) during a load increase; gray 

dots: instantaneous data; white line: time-averaged data 

3.2 Spectral analysis (steady-state measurement) 

The spectral analysis of the steady-state data is performed to determine the dominant 
frequencies of the flow. Welch’s method with a Hanning window is applied to the fluctuating 
component of the pressure and strain data. The steady-state data is divided into six segments, 
and an overlap of 50% is considered between the segments. The frequencies are normalized as 

𝑓𝑛 =
𝑓

𝑁
 (3.2) 

where 𝑓 is the frequency component and 𝑁  is the rotational frequency of the runner. 

3.3 Spectral analysis (load variation measurement) 

A MATLAB program was developed to investigate the frequency spectrogram of the 
transient data during load variations and to detect the variation of the dominant frequency 
intensity during the guide vane movement. The analysis is performed using the short-time 
Fourier transform (STFT). A 95% overlapping Hamming window and a window size of 7.15 s 
are selected based on a sensitivity analysis. The power spectral density obtained from the 
spectral analysis is modified by the following equation 

𝑃𝑆𝐷𝑙𝑜𝑔 = 10 × 𝑙𝑜𝑔 (10 × 𝑃𝑆𝐷) (3.3) 



3.4 Peak-to-peak value 29 

 

 

 

3.4 Peak-to-peak value 

The standard deviation is a tool to quantify the dispersion of data. The time-averaged 
peak-to-peak value is calculated by considering 2𝜎, which encompasses approximately 95% of 
the highest peak of the data within the sliding window, in order to investigate the fluctuating 
amplitude of the pressure and strain data during the steady-state and load variations. A 
sliding window size of 0.1 s is chosen. 

3.5 Fluid-added mass, inertia, and stiffness  

The fluid-added polar inertia, damping, and stiffness are determined for the runner of the 
Kaplan turbine model by performing numerical simulations at the BEP. As mentioned earlier 
in equations (2.1) and (2.2), a prescribed harmonic perturbation is applied to the angular 
velocity of the turbine. The torsional moment of the turbine is obtained from the numerical 
simulations. The runner of the turbine is modeled as a rigidly rotating disk to formulate the 
torsional vibration. The forced torsional vibration equation with an SDOF is as 

𝐽𝑓∅(̈𝑡) + 𝐶𝑓(∅(̇𝑡) − 𝜔0) + 𝐾𝑓(∅(𝑡) − 𝜔0𝑡) = 𝑀(𝑡) (3.4) 

where ∅(𝑡), 𝜔0 and 𝑀(𝑡) are the angular displacement, mean runner angular velocity and 
torsional moment of the turbine, respectively. The added polar inertia 𝐽𝑓 , damping 𝐶𝑓 , and 

stiffness 𝐾𝑓  are parameters given by the interaction of the runner with the surrounding water. 

The added inertia, damping, and stiffness are in phase with the acceleration, velocity, and 
displacement, respectively. Due to the applied harmonic disturbances, an additional moment 
𝑀𝑠

́ (𝑡) will affect the turbine. When the single perturbation is applied, the vibration equation 
can be written as 

𝐽𝑓∅̈́
𝑠(𝑡) + 𝐶𝑓∅̇́

𝑠(𝑡) + 𝐾𝑓∅́𝑠(𝑡) = 𝑀𝑠
́ (𝑡) (3.5) 

It is assumed that the additional torsional moment can be described as  

𝑀𝑠
́ (𝑡) = 𝑀1 𝑠𝑖𝑛(𝜔. 𝑡) + 𝑀2 𝑐𝑜𝑠(𝜔. 𝑡) (3.6) 

where 𝜔 = 𝑘. 𝜔0 is the perturbation angular velocity. The moment function is estimated to a 
harmonic signal using the least-squares method in MATLAB. The last two periods are used 
to obtain the fitted curve. The curve fitted to the moment is presented in Figure 3.2. 
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Figure 3.2: Moment and fitted curve obtained from the numerical simulation and MATLAB, respectively. The 

perturbation factor (𝑘) is 6. 

The added properties can be obtained from equations (2.1), (3.5), and (3.6) as 

(𝜔2𝐽𝑓 − 𝐾𝑓) =
𝑀2𝜔

𝐴
 (3.7) 

𝐶𝑓 =
𝑀1

𝐴
 (3.8) 

The added polar inertia and stiffness are dependent variables in equation (3.7), while the 
added damping is independent in equation (3.8). Therefore, an assumption is required to 
obtain the added polar inertia and stiffness. Two main approaches are adopted. First, the 
added stiffness effect is considered to be negligible, which was previously proposed for a 
Francis turbine runner [56]. In the second approach, the added mass and stiffness are defined 
to be constant over a frequency interval 𝛥𝜔; for instance, 𝐾𝑓(𝜔) = 𝑐𝑜𝑛𝑠𝑡𝑎𝑛𝑡 and 𝐽𝑓(𝜔) =

𝑐𝑜𝑛𝑠𝑡𝑎𝑛𝑡 for 𝜔 − 𝛥𝜔/2  𝜔  𝜔 + 𝛥𝜔/2. Therefore, two equations are obtained for 𝐽𝑓  and 𝑘𝑓 , 

and an appropriate frequency interval  should be selected. Theoretically, a smaller interval 
will yield a better result. An interval of 𝑘 = 𝜔0 is selected after performing a sensitivity 
analysis.  

Considering the multiple perturbations instead of the single perturbation, as shown in 
(2.2), the additional moment can be decomposed into four components and expressed as 

          𝑀�́�(𝑡) = 𝑀1 𝑠𝑖𝑛(𝑘1. 𝜔0. 𝑡) + 𝑀2 𝑐𝑜𝑠(𝑘1. 𝜔0. 𝑡)                    

+ 𝑀3 𝑠𝑖𝑛(𝑘2. 𝜔0. 𝑡) + 𝑀4 𝑐𝑜𝑠(𝑘2. 𝜔0. 𝑡) 
(3.9) 
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Assuming a negligible fluid-added stiffness, the fluid-added polar inertia and damping can be 
found from the following equations for each test case. 

𝐽𝑓1
= 

𝑀1

𝐴. 𝑘1. 𝜔0

, 𝐽𝑓2
= 

𝑀2

𝐴. 𝑘2. 𝜔0

 (3.10) 

𝐶𝑓1
= 

𝑀3

𝐴
,𝐶𝑓2

= 
𝑀4

𝐴
 (3.11) 
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CHAPTER IV 

 Summary of Results 
 

This chapter focuses on the key conclusions obtained within this thesis. As previously 
mentioned, two main topics have been approached. First, the main results of the measurement 
campaign performed on the Porjus U9 prototype Kaplan turbine are presented. Then, the key 
results of the numerical simulations, which have been performed to estimate the fluid-added 
parameters of the Porjus U9 model Kaplan turbine runner, are discussed. 

 

4.1 Prototype Kaplan turbine measurement campaign 

As previously mentioned in section 2.4, various operating conditions were investigated 
during the measurement campaign. However, due to the limited time, only two operating 
conditions are presented in this thesis. First, the start-up operation was investigated, which 
included the acceleration, speed-no-load, generator magnetization, and load increase phases. 
Thereafter, vortex rope formation and mitigation during the load variations under the off-cam 
condition were evaluated. 

4.1.1 The start-up operation 

1. The start-up operation of the Porjus U9 prototype Kaplan turbine, as with other Kaplan 
turbines, was associated with the simultaneous movement of the runner blades as well 
as guide vane which affected the strain values on the shaft and, notably, the axial strain. 
The strain measurements on the shaft showed that the axial, torsion and bending strains 
followed the guide vane opening during the start-up, except for the first phase 
(acceleration phase). The results showed that the axial strain on the shaft was directly 
proportional to the guide vane opening and inversely proportional to the runner blade 
opening. The minimum time-averaged axial, bending, and torsion strain were obtained 
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under the speed-no-load condition, which had strain values of approximately 15, 2, and 
10 𝜇 𝑚 𝑚⁄ , respectively. The torsion strain value at the speed-no-load mainly reflects the 
losses in the turbine bearings and ventilation losses in the generator. The bending strain 
peak-to-peak average value during the start-up was approximately three times larger 
than the axial strain peak-to-peak average value. This may cause issues in the turbine 
bearings due to the nonuniform load distribution. Moreover, higher fluctuations were 
observed in the torsion strain compared to the axial and bending strains. In addition, 
the torsion strain peak-to-peak value reached 12 times its corresponding value at a 61% 
guide vane opening (steady-state phase at the end of the start-up operation). 

2. The pressure data obtained on the runner blade indicated that closing the runner blades 
during the acceleration phase decreased the pressure fluctuations amplitudes. In addition, 
increasing the runner blade angle after the magnetization phase substantially decreased 
the pressure fluctuation amplitude for all the pressure transducers, except for S-SS-3 
installed on the blade suction side trailing edge close to the shroud. A large peak was 
observed for S-SS-3 at a guide vane opening of approximately 55% during the load 
increase, which was more than 10 times larger than those during the steady-state 
operation (61% guide vane opening). 

3. The strain measurement on the runner blade showed that not only a higher strain but 
also a higher strain fluctuation occurs at the location close to the blade hub. Stochastic 
behavior of the time-averaged strain values was observed for strain data obtained close 
to the blade hub and the trailing edge on the suction side during the start-up operation. 

4. The spectral analysis of the pressure and strain data obtained from the runner blade and 
shaft demonstrated that there was a clear connection between the dominant frequencies. 
Low-frequency fluctuations were observed in the normalized frequency range of 0—1.5 
(0—15 Hz) for the pressure data on the runner blade and the strain data on the shaft.  

5. A dominant normalized frequency of 𝑓𝑛 = 0.93 appeared in the axial and torsion strain 
data on the shaft as well as the pressure transducer P-PS-4 installed on the blade pressure 
side leading edge close to the hub. This frequency corresponds to the rotating stall being 
linked to vortical flow structures in the vaneless space at the speed-no-load [57]. The 
number of these structures can be altered by the guide vane opening, as described in [58], 
which can result in different dominant frequencies. In addition, an identical dominant 
frequency was observed for S-SS-5R (strain gauge installed on the blade suction side close 
to the hub in the radial direction) and S-SS-4T (strain gauge installed on the blade 
suction side close to the leading edge in the tangential direction) in the speed-no-load 
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and generator magnetization, respectively. This outcome indicated a fluid phenomenon 
that was initially oscillating in the radial direction close to the hub and then in the 
circumferential direction in the leading edge. 

6. Most of the energy in the spectrogram of the torsion strain was accumulated around the 
region within 𝑓𝑛 = 2.5~4. These fluctuations appeared at the beginning of the start-up 
and lasted until the runner blade angle increased at the load increase phase. Thereafter, 
the high-intensity region narrowed and appeared around 𝑓𝑛 = 3.2. This frequency 
corresponded to the first torsional mode of the shaft. In addition, 𝑓𝑛 = 1.6 was observed 
during the magnetization phase. This frequency could be attributed to the magnetic 
stiffness and the stiffness of the stator considering a rigid body motion. 

7. An evolving dominant frequency was observed for the torsion and bending strain data 
obtained from the shaft, as well as the pressure data from the blade pressure side and 
the strain gauges installed on the leading edge and close to the blade hub. This frequency 
followed the runner rotational frequency and reached 𝑓𝑛 = 1 at the end of the 
acceleration phase. Moreover, the RSI frequency was not detected for the pressure 
transducers during the start-up operation. It was shown that the guide vane opening has 
to reach a certain level (approximately 45%) to observe the RSI frequency.  

4.1.2 Rotating vortex rope formation and mitigation 

1. The experimental investigation of the prototype Kaplan turbine runner was performed 
during steady-state and load variations in order to investigate the effect of the RVR as 
well as its formation and mitigation effect. The effect of load variation was studied during 
load changes either from or to low discharge under the off-cam condition. The dominant 
frequencies of 𝑓𝑛 = 0.17 and 𝑓𝑛 = 0.83 were obtained at OP1 (low discharge) for all the 
pressure transducers, which corresponded to the synchronous and asynchronous 
components of the vortex rope, respectively. The strain measurement on the blade 
showed that the strain fluctuation mainly arose from the asynchronous component, and 
the effect of the synchronous mode was negligible. 

2. The normalized pressure fluctuation during load variations remained approximately 
within ±0.2𝑃𝑟𝑒𝑓  for all the pressure transducers installed on the blade pressure side and 

was even slightly lower during the transient cycle. Higher pressure fluctuations were 
observed on the blade suction side, approximately 4 times higher than that of on the 
pressure side. 
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3. The spectral analysis of the pressure data showed that the synchronous component 
appeared before the asynchronous component during the load reduction and it lasted 
longer during the load increase. These frequencies slightly changed during the load 
variation. In the load increase operation, the synchronous mode frequency 𝑓𝑛 = 0.83 
changed to 𝑓𝑛 = 0.87 and the frequency of the asynchronous mode 𝑓𝑛 = 0.17 dropped to 
𝑓𝑛 = 0.13. It was also observed that the intensity of the runner frequency (𝑓𝑛 = 1) and 
its second harmonic tended to increase by increasing the load and the mitigation of the 
vortex rope. Moreover, a noticeable wide-band frequency starting from nearly zero and 
covering all of the spectrogram with a significant amplitude was observed during the load 
variations at P-SS-3 located on the blade suction side close to the trailing edge and the 
shroud. This wide-band occurred approximately 20—30 s during the load increase and 
40-50 s during the load reduction, where a sharp increase of the peak-to-peak value of 
the pressure fluctuations was observed. These high fluctuations occurred while the vortex 
rope formation and the mitigation process took place. Comparing the results of P-PS-3 
and P-SS-3 showed that this wide-band frequency affected the characteristics of the 
vortex rope frequencies at this location. 

4. Unlike pressure transducers, the stress variations in the transient period did not follow 
the guide vane linear movement: either there was a delay in the response of the structure 
to the guide vane change or the strain reached the final value corresponding to the end 
operating point of the load variation operation. The strain peak-to-peak amplitude was 
5—10 𝜇𝑚 𝑚⁄  and 10—35 𝜇𝑚 𝑚⁄  for the strain gauges installed close to the blade’s leading 
edge and trailing edge, respectively. The maximum peak-to-peak amplitude occurred 
close to the blade hub: 70—85 𝜇𝑚 𝑚⁄  for S-SS-5T and 30—40 𝜇𝑚 𝑚⁄  for S-SS-5R. This 
result showed that both a high strain value and a high strain fluctuation occur on the 
blade close to the hub. 

4.2 Fluid-added parameters of the Porjus U9 Kaplan turbine model 

runner 

1. Twenty different perturbation frequencies in a range of 0.5–10.1 times the runner 
rotational frequency (5.8—117.3 Hz) were applied on the rotational speed of the runner 
in the numerical simulations of the Porjus U9 Kaplan turbine model to estimate the 
fluid-added polar inertia, damping, and stiffness. In the proposed methodology (non-zero 
fluid-added stiffness), the influence of the rotor dynamic parameters was defined as 
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constant within a small perturbation frequency interval, which was equal to the 
rotational speed of the turbine.  

2. In general, all fluid-added properties increased with the perturbation frequency in the 
studied range. Nonlinear effects appeared at the high perturbation frequencies (larger 
than 40 Hz) in the obtained moment, which caused uncertainty in the determination of 
the added properties.  

3. A comparison between the effect of each fluid-added parameter in terms of its relative 
contribution to the additional moment indicated that the added stiffness did not play a 
significant role; thus, the simplified estimation with zero stiffness is applicable. Fluid-
added damping significantly contributed to the moment at low excitation frequencies, 
whereas the inertia became dominant at higher frequencies. 

4. Compared to the reference polar inertia of the runner (𝜌𝑅5), the fluid added 23%-27% 
more inertia depending on the excitation frequency. The obtained fluid-added damping 
was rather constant (approximately 25 𝑁.𝑚.𝑠

𝑟𝑎𝑑 ) at perturbation frequencies below 35 Hz 

and increased to 97 𝑁.𝑚.𝑠
𝑟𝑎𝑑  at the higher frequencies.  

5. The results obtained from the numerical simulations considering multiple perturbations 
illustrated that the added polar inertia could be assumed to be independent of the 
presence of multiple perturbations, as small deviations from the reference values were 
observed. On the other hand, the interaction of the harmonics modified the added 
damping value, particularly at high perturbation frequencies. The added damping was 
increased by 14—65%. As the results illustrated, any effects of the phase shift and 
amplitude were not observed in the added properties. Therefore, the increase in the added 
damping could be attributed to the presence of multiple perturbations and not a different 
phase shift or amplitude. 
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CHAPTER V 

Future Work 
 

A measurement campaign was performed on the prototype Porjus U9 Kaplan turbine using 
different measurement techniques in order to investigate the flow condition and its impact on 
the runner blade and the shaft under various operating conditions. Another aspect of the flow 
impact on the runner, known as the fluid-added parameters (added inertia, damping, and 
stiffness), was numerically investigated. Numerical simulations were performed on the Porjus 
U9 Kaplan turbine model at the BEP to estimate the fluid-added parameters. According to 
the work presented in this thesis, the following suggestions can be prospected. 

5.1 On the prototype turbine measurement investigation 

From an experimental perspective, a better understanding of the transient effects in 
full-scale hydraulic turbines has the potential to provide new measurement procedures for 
predicting the sources of load fluctuations and to mitigate the associated issues. This 
information would lead to the proposal and development of a measurement methodology 
in which the blade loading could be predicted by strain measurements on the shaft. Such 
knowledge can thus increase turbine refurbishment time intervals and prevent structural 
failures in extreme cases. The experimental data provided by this measurement campaign 
may allow for further investigations to achieve this goal. In addition, the suggested 
methodology can also be examined in the model turbines.  
A flow phenomenon was captured during the start-up operation, beginning at the 
speed-no-load phase, with a dominant frequency of 𝑓𝑛 = 0.93. As previously discussed, 
this phenomenon is believed to be related to the rotating stall being linked to the vortical 
flow structures in the vaneless space, which were detected in the pressure and strain 
measurement on the runner blade as well as in the axial and torsion strain measurement 
on the shaft. This phenomenon can be investigated in the corresponding model turbine 
together with CFD simulations on the investigated prototype turbine. 
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The fluid-structure interaction is an inherently complex phenomenon that is even more 
complicated for such geometries as that of a prototype turbine runner. One of the most 
fundamental questions concerning an FSI simulation of hydraulic turbines is which type 
of coupling (partially or fully coupled simulation) is needed? The simultaneous pressure 
and strain measurements performed in this measurement campaign provide an extensive 
database for the validation of CFD and FSI simulations. Then, the proper coupling 
methodology can subsequently be proposed to evaluate the fluid and structure interaction. 
The main part of the data from the measurement campaign has not been analyzed due 
to the limited available time. Specifically, non-nominal turbine operating conditions, such 
as the emergency shut down, runaway, and stop operation, can be investigated. 

5.2 On the fluid-added parameters 

The confinement of a hydraulic turbine runner, especially the radial and axial gaps, has 
an important effect on the fluid-added mass and damping. Therefore, the full geometry 
of hydraulic turbines has to be included in the numerical simulations. In addition, the 
fluid-added parameters are not only affected by the runner axial and radial gaps and the 
relative position of the runner blades but also by the turbine operating conditions. 
Generally, a turbine runner is exposed to various excitation sources, and the contribution 
of each source varies with the operating conditions. For example, the amplitude of the 
rotor–stator interaction force differs at part load, the BEP, and high load operations. 
Moreover, natural frequencies and damping variations at transient operating conditions, 
such as start-up, shut-down, speed-no-load, load acceptance, and rejection, have yet to 
be investigated. Hence, evaluations of the fluid-added mass and damping under different 
operating conditions are needed.  
The fluid and structure interaction can alter the pressure fluctuation on the runner. 
Inaccurate pressure loading results in inaccurate fluid-added mass and damping. 
Therefore, a validated FSI coupled simulation can help to perform an accurate estimation 
of the fluid-added parameter. 
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Abstract: An increase in the start/stop cycles of hydraulic turbines due to the penetration of
intermittent renewable energy sources is important. Hydraulic instabilities that occur in hydraulic
turbines during start/stops may cause structural issues in the turbine components. High-stress
fluctuations on the runner blades are expected during start-ups due to the unsteady pressure loading
on the runner blades. This paper presents experiments performed on a 10 MW prototype Kaplan
turbine at the Porjus Hydropower Center during a start-up cycle. Synchronized unsteady pressure
and strain measurements on a runner blade and axial, bending (in two directions) and torsion strain
measurements on the shaft were performed. In addition, the general parameters of the turbine
(e.g., rotational speed, guide vane opening and runner blade angle) were acquired. Low-frequency
fluctuations (0–15 Hz) were observed in the pressure data on the runner blade after opening the guide
vanes from the completely closed position. A higher strain value was observed on the strain gauges
installed on the runner blade near the hub (200–500 µm/m ) compared to the ones near the shroud at
the leading and trailing edge. The strain fluctuation level on the shaft decreased after loading the
generator by further opening the guide vanes. Higher fluctuations were observed in the torsion strain
compared to axial and bending strain. In addition, the torsion strain peak-to-peak value reached
12 times its corresponding value at 61% guide vane opening.

Keywords: prototype Kaplan turbine; start-up; pressure measurement; strain measurement;
axial strain; bending strain; torsion strain

1. Introduction

Hydraulic turbines are widely used for flexible electricity generation, including frequency control,
because the amount of produced electricity from intermittent renewable energy sources has considerably
increased. Consequently, these turbines operate under a larger range of discharge values and undergo
more transient operations than what they were initially designed for. Transient operations consist
of load variation, start, stop, speed-no-load, runaway and emergency shutdown, where the last
two operations represent non-normal operation. Severe hydrodynamic conditions may provoke
high-pressure fluctuations in the turbine, particularly on the runner blades [1]. This outcome directly
affects the unit operational lifetime and imposes more regular refurbishment requirements [2,3].

During the start-up cycle, the runner accelerates from zero to synchronous speed, which is called
speed-no-load operation. After the runner speed is stabilized, the generator is magnetized, and the
guide vane opening increases to the set value. The unsteady flow leaving the runner has a large swirl
during the start-up operation [4]. Low-frequency transient loads that occur on the runner blades induce
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slow cycle fatigue [5]. In addition, high amplitude vibrations can occur due to the resonance between
the low frequencies developed during the start-up operation and the natural frequencies of the runner.
The runner blades experience random and periodic stress that is induced by stochastic and periodic
flow during the start-up cycle [5–7]. The damage to the runner blade caused by one start-up cycle to a
runner blade was observed to be equivalent to thirty years of turbine operation under a partial load
operating condition, approximately 60% of the best efficiency point where the pressure pulsations in
the draft tube are maximum [8]. In addition, no clear correlation between pressure pulsations in the
draft tube and strain values on the runner blade was observed.

Guide vane opening limit and opening rate are two parameters that can influence pressure
fluctuations in the turbine during the start-up operation. A start-up operation creates a complex
flow and stochastic pressure loads in the turbine due to the change in the runner speed and transient
pressure variation. The startup and shutdown scheme are defined during the turbine commissioning
and can be changed during the refurbishment in power plants. An optimized start-up and shutdown
scheme can reduce the damage and increase the life expectancy [9]. Nevertheless, this operation
should be performed on a case-by-case basis because each turbine exhibits a unique behavior during
a start-up cycle, and general methods have not yet been proposed [10]. An optimized start-up
sequence was obtained by performing strain measurements on the runner blade of a prototype
propeller turbine during the turbine commissioning [10]. Different start-up strategies were investigated.
The optimization was based on maximizing the fatigue reliability during the lifetime of the runner.
Although the maximum strain in the runner blade did not decrease during the optimized start-up, the
strain transient fluctuation decreased at the beginning of the cycle. Another study showed that the
reduction in the guide vane opening rate could reduce the crack propagation rate on the runner blades
of a prototype Francis turbine [11]. In addition to fatigue issues, different natural frequencies can be
excited during the start-up process by the initial hit of the water on the runner blades and later by the
rotor-stator interaction [12]. High amplitude pressure fluctuations were observed in the draft tube of
two prototype Francis turbines during the guide vane opening from a closed position to the generator
synchronization [13]. Moreover, the pressure amplitudes increased during the synchronization process.
Axial and torsion strain measurements were performed on the shaft of a prototype Kaplan turbine
during a start-up operation [14]. A wide-band frequency (high intensity of approximately 0–5 Hz for a
short period of time) was observed before reaching the synchronous speed.

A series of measurements were performed on a Francis turbine model installed at the Water Power
Laboratory (WPL), Norwegian University of Science and Technology, Norway. Unsteady pressure
measurements on the runner blades, in the vaneless space, and in the draft tube of a high head
Francis turbine model were carried out during start-up and shut down cycles in an open-loop test
rig [15]. Three start-up and three shut down guide vane opening schemes were examined. The pressure
fluctuations in the runner during the rapid start-up scheme were observed to be approximately 1.5 times
their corresponding values during the slow opening scheme. Another study on the same facility was
performed to investigate the speed-no-load condition [16]. High-pressure fluctuations were obtained
compared to the normal operating point, i.e., the best efficiency point. Goyal et al. [4] performed
synchronized flow measurements using particle image velocimetry and pressure measurements during
the start-up operation. An asymmetric flow concentrating towards the right wall of the draft tube
was observed during the initial phase of the start-up. Amiri et al. [17] showed that the asymmetry in
the flow after the runner is associated with the Dean vortices that appear after the draft tube elbow.
The strength of these vortices can be altered by the swirl leaving the runner. Recently, Coulaud et al. [18]
investigated the start-up sequence of a bulb turbine model by considering three different guide vane
opening speeds in a closed-loop circuit at the Hydraulic Machine Laboratory, Laval University, Canada.
One of the main challenges in a closed-loop model test is to maintain the turbine head using air
injection in the upstream reservoir [19]. Unsteady pressure measurements on the runner blade were
performed, and the pressure field was estimated using an interpolation technique. It was observed
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that the guide vane opening rate was an important parameter that affected the pressure distribution on
the runner blade.

It is difficult to simulate the start-up or shutdown of a prototype turbine due to the computational
cost attributed to the wide range of time scales that arise from the turbine operational time, which can be
as high as 30–40 s, and as low as 0.01 s for the rotor-stator interaction. Moreover, boundary conditions
(e.g., transient inlet and outlet of the turbine, guide vane movement, variable rotational speed
and variable runner blade) have to be carefully treated in numerical simulations. Nicolle et al. [20]
performed numerical flow simulations of a low head Francis turbine during the start-up. Two start-up
scenarios were studied. The obtained pressure value on the blade leading edge showed that although the
maximum pressure was captured, the pressure fluctuation was damped compared to the experimental
data. Later, structural analysis was performed on the same test case [21]. An overall trend of the
mean strain was correctly predicted but the strain fluctuations were not obtained. Recently, one-way
fluid-structure coupled simulations were performed on a medium head Francis turbine to investigate the
stochastic strain on the runner blade [22]. The synchronous speed was overpredicted by approximately
10%. The stochastic loads were only partially captured on the leading edge. It was mentioned that
two-way coupling was needed to obtain the correct blade loading at the trailing edge. In addition,
cavitation was not included in the analysis. A prototype pump-turbine was numerically investigated
during the start-up operation [23]. At the beginning of the start-up, the flow after the guide vanes
formed a ring-shaped structure that became very strong at speed-no-load. The results showed that
the pressure fluctuations close to the stay vanes and in the draft tube during the speed-no-load could
reach 3.8–8 times that at full load. In addition, the fluctuation of radial and tangential forces on the
runner increased by reaching the synchronous speed, which implied the non-uniform flow on the
runner blades.

Compared with prototype turbines, the numerical simulations of model turbines, including flow
simulations and fluid-structure coupled simulations, are affordable during the start-up operation [24–27].
Numerical simulations showed an overestimation of the synchronous speed by 5% for a bulb turbine
model during speed-no-load [26]. One-way fluid-structure coupling was used to predict the strain
value on the runner blade. The mean strain value was correctly captured while the strain fluctuations
were underestimated by a factor of two. A pump-turbine model was numerically investigated during
the start-up [27]. Pressure fluctuations at the guide vane outlet were in a good agreement with the
experimental results. The dynamic strain amplitude obtained from the simulations was consistent
with the experimental results.

Prototype measurements are costly. Therefore, few results are published in the literature but their
detailed results are valuable. The majority of published studies are on strain measurements on the
runner blades and on pressure measurements in the draft tube. There are no published investigations on
simultaneous pressure and strain measurements on the blades and shaft during the start-up operation
of a prototype Kaplan turbine. Such measurements are of interest to correlate the flow acting on the
runner blade with its effect on the remaining rotating and stationary domains. This information may
help assess the condition in which the runner operates by performing relatively simple measurements
on the shaft. Furthermore, the runner blade movement during the start-up operation can be optimized
to reduce the pressure fluctuation on the runner blades. In this study, the start-up operation of
the prototype Kaplan turbine, Porjus U9, was experimentally investigated. Unsteady pressure and
strain measurements were performed on the runner blade, and axial, bending and torsional strain
measurements were performed on the shaft. The strain and pressure fluctuations, particularly at low
frequency, are discussed during different sequences of the start-up.
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2. Experimental Setup and Instrumentation

2.1. Prototype Turbine Description

This study was carried out on the Porjus U9 Kaplan turbine prototype, which belongs to the
Porjus Hydropower Center located in the old Porjus hydropower plant on the Lule River. This turbine
features a runner with a diameter of 1.55 m and six blades. The runner is located approximately
7 m below the tailwater. The penstock has a total length of approximately 67.1 m with three elbows.
The diameter of the penstock varies between 10.5 m at the penstock inlet and 2 m before the spiral case
inlet. The draft tube length is approximately 11 m. The rated rotational speed and net head are 600 rpm
and 55.5 m, respectively. The distributor has 18 unequally distributed stay vanes and 20 equally spaced
guide vanes. The rated output power and flow discharge are 10 MW and 10 m3s−1, respectively.

2.2. Instrumentation

Different types of transducers were installed on the rotating and stationary components of the
turbine. Figure 1 shows the schematic view of the turbine as well as the location and view of two
rotating slave chassis on the shaft. A brief description of the installed transducers and data acquisition
system is provided here. Additional details on the transducer installation on the blade and data
acquisition system are provided in [28].
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Figure 1. Prototype Kaplan turbine (Porjus U9) schematic and the location of two rotating slave
chassis (left), rotating slave chassis installed at the top of the shaft (right-top) and rotating slave chassis
installed on the shaft between the generator guide bearing and turbine guide bearing (right-bottom).

2.3. Measurement on the Runner Blade

Miniature piezo-resistive pressure transducers (Kulite LL-080 series) were used. Six pressure
transducers were installed on the pressure side (P-PS-1–P-PS-6) and six on the suction side
(P-SS-1–P-SS-6) of one runner blade. The first letter in the transducer name stands for ‘Pressure’, and the
second part shows the location of the measurements, e.g., blade pressure side (PS) or suction side (SS).
The transducers were located at the intersection of imaginary circles that pass through 1/3 and 2/3 of the
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blade’s span and 1/4, 1/2 and 3/4 of the blade’s chord lines. According to the preliminary finite element
analysis, three points were selected on the blade for mounting strain gauges; one strain gauge was
mounted close to the leading edge, the second one was mounted near the runner blade hub, and the
third one was mounted close to the trailing edge. Two uniaxial strain gauges (K-LY41-6/350-3-2M
manufactures by HBM) were installed at each point in the radial and tangential directions on the
pressure and suction side. Thus, 12 uniaxial strain gauges were installed on the blade. The transducer
S-SS-1T corresponds to the strain measured on the blade suction side at point 1 in the tangential
direction. Figure 2 shows the location of pressure transducers and strain gauges on the runner blade
pressure side.
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Figure 2. Position of the installed transducers on the runner blade pressure side, (a) pressure transducers
and (b) strain gauges.

The uncertainty analysis for the pressure transducers and strain gauges (installed on the runner
blade and shaft) was performed using six nonconsecutive repeated measurements at the part load
operating point (44.5% guide vane opening). Although there was a deviation in the guide vane
opening (approximately 1.3%) and runner blade angle (approximately 0.6◦) in the repetitions, only a
maximum relative variation of approximately 10% was observed between the standard deviations
of individual pressure transducers. The uncertainty for P-PS-2, P-PS-3, P-PS-4, P-PS-6, P-SS-3 and
P-SS-4 was estimated to be approximately 0.05%, 0.14%, 0.06%, 0.05%, 0.02% and 0.06%, respectively.
The maximum uncertainty of 0.01% was calculated for the strain gauges installed on the runner blade
and the shaft.

2.4. Measurement on the Shaft

A total of six strain gauges were installed to the shaft surface between the generator guide bearing
and turbine guide bearing. Four uniaxial strain gauges (K-LY41-6/350-3-2M manufactures by HBM)
were installed in the axis direction with a 90◦ spacing for axial and bending strain measurements.
This configuration allows us to individually calculate the axial strain and bending strain in the X
and Y directions. The rotating coordinate system on the shaft was defined in such a way that the
runner rotates in the clockwise direction around the Z-axis, as shown in Figure 1. Two torsion strain
gauges (K-XY41-6/350-3-2M manufactures by HBM) were mounted on the same shaft section in the
axis direction with a 180◦ spacing.

2.5. Data Acquisition System

The analog signals from the transducers were collected by the data acquisition system composed of
two rotating slave chassis, one stationary slave chassis and one master computer. Each slave included
a NI cRIO-9014 embedded real-time controller. One of the rotating slave chassis was installed on the
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shaft to digitize the signals from the strain gauges installed on the shaft. The other rotating slave
chassis was installed on top of the turbine shaft. The pressure transducers and strain gauges on the
runner blade were connected to this unit. The stationary slave chassis acquired the turbine operational
parameters such as guide vane opening, runner blade opening angle, power output, headwater level
and tailwater level from the turbine control room. The signals from an encoder as well as distance
transducers, which were installed near the turbine guide bearing to acquire the shaft displacement,
were also digitized by the same unit. The encoder signal was digitized by all data acquisition units
(DAQ), which allow postmeasurement synchronization. The signals were oversampled at 5 kHz and
then digitally downsampled to 2.5 kHz.

3. Data Processing

Transient variation and spectral analysis of the pressure and strain signals were carried out.
The time-averaged values of the transient signals were obtained using the Savitzky-Golay method [29].
A polynomial order of two with a frame size of 5 s was selected. The fluctuation component of the
signal can be expressed as:

X̃(t) = X(t) −X(t), (1)

where X̃(t), X(t) and X(t) are the fluctuating component of the signal, the time-averaged value of the
signal, and the acquired raw signal, respectively. The spectral analysis of the data was carried out
using the short-time Fourier transform (STFT) in MATLAB. The fluctuating component of the pressure
and strain signals was considered for the spectral analysis. A window size of 11 s with a 95% overlap
was selected. The power spectral density obtained from the spectral analysis was modified by the
following equation:

PSDlog = 10× log(10× PSD), (2)

The obtained frequencies are normalized by the runner rotational frequency. The pressure data are
normalized with respect to the initial pressure value in the turbine chamber before filling the waterway
(Pre f ).

The time-averaged normalized peak-to-peak value was calculated by considering 2σ, which holds
95% of the highest peak of the data within the sliding window, to investigate the strain and pressure
fluctuation amplitudes during the start-up operation to compare these values to the steady-state
operation with a 61% guide vane opening. A sliding window size of 0.1 s was used. The average value
of each signal at the steady-state operation was used to normalize the peak-to-peak values.

The transient strain data obtained on the shaft showed an interference of the encoder signal in
the rotating slave chassis installed on the shaft. This signal added spikes at a frequency of 10 Hz,
which corresponded to the turbine runner rotational frequency. The spikes appeared at the same time
for all strain gauges. A Savitzky–Golay filter with a polynomial order of two and a frame size of
0.02 s was applied to the strain data. The values of the spikes were replaced by the filtered values at
that location which removed the effect of the encoder signal. By comparing the treated signals with
the original signals, it was determined that the time-averaged value obtained by the Savitzky–Golay
method was not influenced by these spikes.

4. Results and Discussion

Synchronized pressure and strain measurements were performed on the prototype Kaplan turbine
during the start-up operation. Several pressure transducers and strain gauges installed on the runner
blade could not deliver reliable data due to malfunctioning. Therefore, only the data of the pressure
transducers P-PS-2, P-PS-3, P-PS-4, P-PS-6, P-SS-3 and P-SS-4 and strain gauges S-PS-3R, S-PS-3T,
S-SS-4R, S-SS-4T, S-SS-5R, S-SS-5T, S-SS-6R and S-SS-6T will be presented. All strain gauge data from the
shaft will be presented. The need to discard some of the sensors indicates the challenging environment
in the runner and the need to develop simple and efficient methods to assess the health of the turbine.
The variation in the turbine general parameters (e.g., guide vane opening, runner blade angle and



Energies 2019, 12, 4582 7 of 20

rotational speed) is presented. The detailed analysis of the pressure and strain fluctuations was
performed, and the frequency spectral analysis was carried out to assess the frequency development,
particularly in the low-frequency region. Four nonconsecutive repeated measurements at the start-up
were performed to examine the repeatability of the measurement, and similar results were obtained.

The start-up operation of the Kaplan turbine consists of different stages. Figure 3 shows the
variation in the runner blade angle, normalized rotational speed and guide vane opening. The rotational
speed and guide vane opening were normalized by the rated rotational speed and the maximum
guide vane opening, respectively. During the first stage, t0, which is called the acceleration phase,
the guide vanes were opened from the completely closed position with a prescribed opening rate until
the opening limit was reached, i.e., approximately 14% opening. The runner rotational speed increased
with an increase in the flow rate. The angle of runner blades decreased from −7◦ to −17◦ and remained
unchanged until the end of the magnetization phase to further increase the runner angular momentum.
The runner blade angle and the guide vane angular opening range of this unit was +10◦ to −17◦ and
0–35◦ (0–100% opening), respectively. The guide vanes remain unchanged for approximately 25 s.
When the rotational speed reached the fold back speed (approximately 90–95% of the rated speed),
after a slight increase in the guide vane opening, it decreased to fold back opening and remains in
this position for 37 s. This stage is called speed-no-load and corresponded to the period t1 in Figure 3.
The synchronous speed was achieved, and there was no significant variation in the runner blade angle
and guide vane opening during this phase. During the third stage, t2, the generator magnetization was
initiated, and the guide vanes were automatically opened in a limited range and remained unchanged
until t = 120 s, while the runner blades were still at the minimum angle. Thereafter, during the
fourth stage, t3, the guide vane opening increased to the value given by the unit operator (in this case,
61% opening), and the runner blades automatically adjusted to −4.4◦. The power output increased by
further opening the guide vanes.
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angle during the turbine start-up operation; vertical black dashed lines indicate the different stages of
the start-up operation.

Figure 4 presents the variation in the axial strain, torsion strain and bending strain in the X and Y
direction on the shaft. The vertical black dashed lines divide each stage of the start-up operation. In the
first stage, three peaks can be observed in the axial strain. The axial strain increases by opening the
guide vanes, and the first peak occurs when the guide vane opening reaches the opening limit at t = 3 s.
Thereafter, the axial strain decreases because the blade angle and guide vane opening are constant
and the pressure difference between the blade pressure and suction side decreases. By decreasing the
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runner blade angle, the axial strain is increased and the second peak occurs at approximately t = 18 s
where the blade angle reaches the minimum value. This outcome occurs because the projected area of
the runner increases by closing the runner blades. Then, the runner accelerates, and the strain decreases
as the flow stabilizes with the constant guide vane opening and runner blade angle. A small variation
in the strain is observed by changing the guide vane opening at the end of the first stage. During the
second and third stages (i.e., speed-no-load and generator magnetization, respectively), the axial strain
follows the movement of the guide vanes because the runner blade angle is fixed. This continues
during the fourth stage until the runner blade angle increases, which decreases the axial load on the
runner. This outcome shows that the axial strain on the shaft is directly proportional to the guide vane
opening and inversely proportional to the blade angle. The minimum axial strain is obtained under
the speed-no-load condition. Similar to the axial strain, the time-averaged torsion strain variation
follows the guide vane opening except for the first stage, as the rotational speed of the turbine is not
at the rated speed. The torsion strain is increased in the beginning by opening the guide vanes as
the shaft startes to rotate from a still position. Then, the torsion strain is decreased by increasing the
rotational speed where it reaches the synchronous speed at the end of the first stage. The minimum
torsion strain is obtained during the speed-no-load phase at approximately 10 µm/m because there is
no power extracted from the generator. This value mainly reflects the losses in the turbine bearings
and ventilation losses in the generator. The variation of the time-averaged bending strain in the X and
Y directions follows the guide vane opening in all stages except for the first stage as the runner blade
angle is also changed. The bending strain increases in magnitude by increasing the guide vane opening
and decreases by lowering the opening. The bending strain in both directions instantly increases by
opening the guide vane from the completely closed position. Then, it is decreased until the end of
the first stage. This outcome shows that the lateral forces acting on the runner blade are high at the
beginning of the start-up phase compared to those during the speed-no-load condition, which indicates
a nonsymmetrical flow.
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Figure 4. Transient variation of the axial, torsion and bending strain in the X direction, and bending
strain in the Y direction during the turbine start-up operation; gray dots: instantaneous strain; white line:
time-averaged strain; red line: guide vane opening; black line: runner blade angle; vertical black
dashed lines indicate different stages of the start-up operation.

Figure 5 shows the transient variation of the normalized peak-to-peak value of the axial strain,
torsion strain and bending strain in the X and Y directions on the shaft. The strain peak-to-peak values
were normalized using the average value of each strain data obtained during the steady-state operation
reached at the end of the transient. The average peak-to-peak value of axial strain, torsion strain and
bending strain in the X and Y directions in the steady-state operation are 1.25, 2.80, 7.40 and 7.06 µm/m,
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respectively. Large variations in the normalized peak-to-peak value are observed in the torsion strain
compared to the axial and bending strains. A high peak is observed at the end of the first stage during
a small change in the guide vane opening before reaching the speed-no-load phase. The peak-to-peak
value gradually increases after magnetization and reaches the maximum value at t = 133 s, which is
approximately 12 times that of the steady-state, when the guide vanes opening increases and the runner
blades are still at the minimum angle. The level of the strain fluctuation amplitude is considerably
lowered after adjusting the runner blade angle at t = 150 s. No significant bending strain fluctuations
in the X and Y directions are observed during the start-up compared to the steady-state operation.
The axial strain fluctuation level decreases by decreasing the runner blade angle during the first phase
of the start-up. A constant level of fluctuation is observed during the speed-no-load and generator
magnetization phases. Then, it slightly increases by further opening the guide vanes as the runner
blades are at the minimum opening. Thereafter, it reaches the minimum level as the runner blade angle
is adjusted.
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Figure 5. Transient variation of the normalized peak-to-peak value of axial, torsion, bending in the X
direction and bending in the Y direction strain during the turbine start-up operation; red line: guide
vane opening; black line: runner blade angle; vertical black dashed lines indicate the different stages of
the start-up operation.

Figure 6 shows the power spectra of the axial strain data obtained from the shaft during the
start-up operation. Low-frequency fluctuations are observed in the normalized frequency range of
0–1.5 (0–15 Hz) at the beginning of the start-up, 0–10 s. The runner blade angle is constant, −7◦,
and guide vanes are opened from the closed position to 14%. The low guide vane angle creates a large
swirling flow in the vaneless space with recirculation, which might be the cause of these high random
fluctuations. High shear flow and turbulence level occurs during low guide vane opening and runner
blade angle. A dominant normalized frequency of 2 is observed in the spectrogram, which appears
when the runner rotational speed is close to the synchronous speed, at t = 30 s. This dominant
frequency might be attributed to the runner blade configuration consisting of two runner blades;
one blade was instrumented with transducers, and the other blade with only an epoxy to balance
the runner. Except for this frequency, no significant dominant frequency in the low-frequency region
is observed during the speed-no-load operation. A dominant normalized frequency appears after
generator loading ( fn = 0.93), t = 80–120 s; the frequency varies by changing the guide vane opening
and runner blade angle. Later, one can see this dominant frequency in the pressure data on the runner
blade pressure side and strain results on the runner blade. Houde et al. [30] reported a dominant
frequency below the runner rotational frequency ( fn = 0.88), which results from the rotating stall
being linked to vortical flow structures in the vaneless space at speed-no-load. The number of these
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structures can be altered by the guide vane opening, as described in [31], which can result in different
dominant frequencies. The dominant frequency and energy intensity slightly increase at t = 120–150 s.
The variation of this dominant frequency is accompanied by the variation of another low frequency
(approximately fn = 0.12) at the same time period but in the opposite direction, which indicates a
coupling between them.
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Figure 6. Spectrogram of the axial strain data from the shaft during the turbine start-up operation;
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The frequency spectra of the torsion strain data obtained from the shaft are shown in Figure 7. Most
of the energy in the spectrogram is accumulated around the region within fn = 2.5–4. These fluctuations
start from the beginning of the start-up and continues until t = 140 s, where the runner blade angle is
adjusted by the governor according to the given guide vane opening. Thereafter, the high-intensity
region narrows and appears around fn = 3.2. This frequency corresponds to the first torsional mode
of the shaft. Similar to the axial strain spectrogram, the low-frequency fluctuations are observed at
the beginning of the start-up until t = 15 s. Similar to the bending strain spectrogram, an evolving
dominant frequency could be seen that follows the runner rotational frequency and reaches fn = 1 at
the end of the acceleration phase. Dominant frequencies of fn = 0.93 and fn = 2 are observed in the
torsion strain spectrogram starting in the speed-no-load phase and loading the generator, respectively.
These frequencies appear in the axial strain at different times; fn = 0.93 appears during the generator
magnetization phase and fn = 2 appears at the end of the acceleration phase. Similar to the axial strain
results, the dominant frequency of fn = 0.93 changes with the guide vane and runner blade movement
at t = 120 s. As observed in the axial strain spectrogram in Figure 6, the variation of this dominant
frequency is accompanied by another low frequency, approximately fn = 0.12. In addition, fn = 1.6 is
observed during t2 when the generator is loaded. This frequency could be attributed to the magnetic
stiffness and the stiffness of the stator considering a rigid body motion.

Figure 8 presents the spectrogram of the bending strain on the shaft in the X-direction. In the
low-frequency region, the bending strain fluctuations have an evolving dominant normalized frequency
increasing from 0.2 to 1 during the acceleration phase. The dominant normalized frequency of fn = 1
could be seen after reaching the synchronous speed at t = 35 s. A high-intensity region is observed
around fn = 3.2 from the beginning of the start-up until t = 140 s when the runner blades were opened
from the minimum angle. This observation indicates a coupling between the twisting (torsional) and
the bending motion of the runner. Another dominant frequency ( fn = 0.88) appears for a short period
of time, at t = 120–140 s, when the runner blades are slightly opened. Another high-intensity region is
observed around fn = 2.5 during the generator loading, t2. A similar frequency content is observed for
the bending strain in the Y direction. Therefore, it is not presented.
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Figure 9 presents the normalized pressure variation on the runner blade for six pressure transducers.
Regardless of the normalized pressure values, a similar qualitative behavior is obtained for the
transducers on the blade pressure side (P-PS-2, P-PS-3, P-PS-4 and P-PS-6) and S-SS-4 installed on
the suction side. However, the pressure variation for the pressure transducer S-SS-3 is different
and remains constant up to the end of the third phase (end of the magnetization phase), t = 120 s.
Thereafter, the normalized pressure value slightly decreases by increasing the guide vane opening as
well as the runner blade angle, and high amplitude fluctuations are captured around t = 160 s.

Figure 10 shows the pressure normalized peak-to-peak variation for the pressure transducers on
the runner blade. The pressure peak-to-peak values were normalized using the average value of each
pressure data during the last phase of the operation (steady-state operation). The average pressure
peak-to-peak values of 0.075, 0.081, 0.066, 0.081, 0.030 and 0.080 were obtained during the steady-state
operation for P-PS-2, P-PS-3, P-PS-4, P-PS-6, S-SS-3, and S-SS-4, respectively. High amplitude
fluctuations are captured for all the pressure transducers at the beginning of the start-up operation
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by opening the guide vanes while the runner blade angle is approximately −7◦. These fluctuations
are approximately 3–7 times larger than those during the steady-state operation. Closing the runner
blades, while the guide vanes opening is fixed, temporarily decreases pressure fluctuations on the
runner blade during the acceleration phase. No significant changes are observed for the pressure
fluctuations from the speed-no-load stage to the end of the magnetization stage, t = 120 s. Thereafter,
the fluctuation level considerably decreases for all pressure transducers except for S-SS-3 by opening
the guide vane and runner blades around t = 145 s. A large peak is observed at t = 165 s for S-SS-3,
which is more than 10 times larger than those during the steady-state operation.Energies 2019, 12, x FOR PEER REVIEW 12 of 20 
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Figure 11 shows the spectrogram of the pressure transducer P-PS-4 during the start-up.
The frequency content of other pressure transducers installed on the pressure side is similar; therefore,
they are not presented. Two main evolving dominant frequencies are observed in the frequency
spectrum reaching the final value at the beginning of the speed-no-load stage; the runner frequency
is fn = 1 and the other frequency is fn = 0.93 (Figure 11a), which was also observed in the axial
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and torsion strain on the shaft, as shown in Figures 6 and 7. By loading the generator and opening
the guide vanes, the energy of the runner frequency decreases. However, the intensity of the other
frequency ( fn = 0.93) increases, and the dominant frequency value increases after t = 120 s by further
opening the guide vanes. This outcome was also observed in the strain data obtained from the shaft.
Low-frequency fluctuations ( fn < 1) are captured in all pressure transducers installed on the blade
pressure side at the beginning of the start-up, t = 0–10 s, and considerably decrease by reducing
the runner blade angle. Figure 11b shows the frequency content within the expected RSI frequency
region, approximately fn = 20. No dominant frequency is observed during the start-up operation.
The RSI frequency appeares at t = 150 s when the guide vane opening reaches approximately 45%.
Clearly, the wakes of the guides are either weak or not developed enough to reach the runner blades.
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Figure 11. Spectrogram of the pressure transducer P-PS-4 (installed on the runner pressure side leading
edge close to the hub) during the turbine start-up operation: (a) low-frequency range ( fn = 0–3) and
(b) frequency range of fn = 17.5–21.5; vertical black dashed lines indicate the different stages of the
start-up operation; red line: guide vane opening; black line: runner blade angle.

Figure 12 shows the spectrogram of the pressure transducer S-SS-4 during the start-up. The runner
frequency is only captured during the speed-no-load stage. Similar to P-PS-4, low-frequency fluctuations
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( fn < 1) are observed at the beginning of the start-up. No dominant frequency is detected during the
magnetization of the generator in this range. By further opening the guide vane, the varying dominant
frequency appears and is similar to P-PS-4 at t = 120–140 s.
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The transient strain data obtained from the runner blade are shown in Figure 13. The strain
gauges installed on the runner blade pressure side close to the trailing edge (S-PS-3R and S-PS-3T)
experience an increasing strain during the start-up operation as the guide vanes are opened from the
closed position. The strain in the radial direction (S-PS-3R) slightly decreases by opening the runner
blades at t = 140 s, whereas the guide vanes are further opened. The strain value close to the blade
leading edge in the tangential direction (S-SS-4T) has the maximum value at the beginning of the
start-up and then gradually decreases by lowering the runner blade angle during the acceleration
phase. The strain value remains rather unchanged after the turbine reaches the synchronous speed.
However, the strain value at S-SS-4R is rapidly changed from +50 to −150 µm/m by decreasing the
runner blade angle during the first stage of the start-up. Then, the strain values follow the guide vane
movement regardless of the runner blade movement. As expected, the strain gauges installed close
to the hub (S-SS-5R and S-SS-5T) experience higher strain values than those at other locations that
reach approximately −500 µm/m . The stochastic behavior of the time-averaged strain value could be
observed for strain gauges installed close to the blade hub and trailing edge on the suction side at
t = 0–120 s.

The fluctuating component of the strain on the runner blades is an important parameter to
investigate the fatigue life of a turbine. To compare the fluctuation level of the strain signals,
the normalized peak-to-peak values are presented in Figure 14. The strain peak-to-peak values
were normalized using the average value of each strain data during the last phase of the operation
(steady-state operation). The average strain peak-to-peak values of 13.78, 14.96, 8.53, 7.08, 46.74, 108.05,
37.93 and 20.99 µm/m are obtained during the steady-state operation for S-PS-3R, S-PS-3T, S-SS-4R,
S-SS-4T, S-SS-5R, S-SS-5T, S-SS-6R and S-SS-6T, respectively. After reaching the synchronous speed,
the peak-to-peak values for all strain gauges, except for the ones installed close to the blade leading
edge (S-SS-4R and S-SS-4T), have almost the same order of magnitude as those during the steady-state
operation. Large peaks are observed for S-SS-4R and S-SS-4T around t = 135 s during the guide vane
opening when the runner blades are rather fixed. Similar to the pressure results shown in Figure 10,
the peak-to-peak values first increase by opening the guide vanes and then decrease by opening the
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runner blades for all strain gauges as the guide vane and runner blade angle matche to achieve a
smoother operation.

Energies 2019, 12, x FOR PEER REVIEW 15 of 20 

 

movement regardless of the runner blade movement. As expected, the strain gauges installed close 
to the hub (S-SS-5R and S-SS-5T) experience higher strain values than those at other locations that 
reach approximately –500 𝜇 𝑚 𝑚⁄ . The stochastic behavior of the time-averaged strain value could be 
observed for strain gauges installed close to the blade hub and trailing edge on the suction side at t = 
0–120 s. 

The fluctuating component of the strain on the runner blades is an important parameter to 
investigate the fatigue life of a turbine. To compare the fluctuation level of the strain signals, the 
normalized peak-to-peak values are presented in Figure 14. The strain peak-to-peak values were 
normalized using the average value of each strain data during the last phase of the operation (steady-
state operation). The average strain peak-to-peak values of 13.78, 14.96, 8.53, 7.08, 46.74, 108.05, 37.93 
and 20.99 𝜇 𝑚 𝑚⁄  are obtained during the steady-state operation for S-PS-3R, S-PS-3T, S-SS-4R, S-SS-
4T, S-SS-5R, S-SS-5T, S-SS-6R and S-SS-6T, respectively. After reaching the synchronous speed, the 
peak-to-peak values for all strain gauges, except for the ones installed close to the blade leading edge 
(S-SS-4R and S-SS-4T), have almost the same order of magnitude as those during the steady-state 
operation. Large peaks are observed for S-SS-4R and S-SS-4T around t = 135 s during the guide vane 
opening when the runner blades are rather fixed. Similar to the pressure results shown in Figure 10, 
the peak-to-peak values first increase by opening the guide vanes and then decrease by opening the 
runner blades for all strain gauges as the guide vane and runner blade angle matche to achieve a 
smoother operation.  

 

Figure 13. Transient variation of strain on the runner blade during the turbine start-up operation; 
dots: instantaneous strain; white line: time-averaged strain; red line: guide vane opening; black line: 
runner blade angle; black line: runner blade angle; vertical black dashed lines indicate the different 
stages of the start-up operation. 

Figure 13. Transient variation of strain on the runner blade during the turbine start-up operation; dots:
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blade angle; black line: runner blade angle; vertical black dashed lines indicate the different stages of
the start-up operation.
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Four strain gauges were selected on the blade suction side to analyze the frequency content of
their signals; two strain gauges were close to the blade leading edge, and the other two were close to the
blade hub. Figure 15 shows the time-frequency plots of strain gauges S-SS-4R and S-SS-4T. The color
bar range is slightly different for the subfigures. A dominant normalized frequency ( fn = 1) is observed
for both strain gauges starting at the end of the acceleration phase. The dominant varying frequency is
clearly seen for both strain gauges between t = 120 s and t = 140 s, which was previously observed
for pressure sensors in Figures 11a and 12. The main difference between the frequency spectrograms
of the strain gauges in the radial and tangential direction at this location is the appearing time of the
dominant normalized frequency of fn = 0.93 and fn = 2. The dominant frequency of fn = 0.93 appears
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at the beginning of the magnetization phase for the strain gauge S-SS-4T, whereas it only appears for a
short time, t = 50–70 s in the speed-no-load for the strain gauge S-SS-4R. The dominant frequency of
fn = 2 could be observed from the beginning of the fourth stage for S-SS-4R, while it appears in the
speed-no-load for S-SS-4T.
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Figure 16 shows the spectrogram of the strain gauges S-SS-5R and S-SS-5T during the start-up.
A varying dominant normalized frequency (reaching fn = 1) and its harmonics are observed for both
strain gauges reaching their final value at the end of the acceleration phase. The dominant normalized
frequency of fn = 0.93 could be only seen for S-SS-5R appearing in the speed-no-load, approximately
t = 50 s. This outcome indicates a fluid phenomenon that is initially oscillating in the radial direction
close to the hub (S-SS-5R), at t1, and then in the circumferential direction in the leading edge (S-SS-4T),
at t2. A dominant frequency of fn = 2.5 and its harmonics are also observed for both strain gauges.
This frequency could be attributed to the blade’s fundamental mode.
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5. Conclusions

The start-up operation of the prototype Kaplan turbine was experimentally investigated.
The synchronized unsteady pressure and strain measurement on the runner blade and strain
measurement on the shaft were performed. The measurement on the shaft consisted of axial,
torsion and bending strain measurement. The strain gauges on the blade were installed in the radial
and tangential direction. The instrumentation and data acquisition system were briefly mentioned.
The general parameters of the turbine (e.g., runner rotational speed, guide vane opening, and runner
blade angle) were also acquired to differentiate each phase of the start-up operation. The guide vane
opening value and runner blade angle were automatically adjusted by the governor from the beginning
of the operation until the end of the generator magnetization. The runner rotational speed increased
almost exponentially during the first phase.

The strain measurement on the shaft showed that the axial, torsion and bending strains followed
the guide vane opening during the start-up except for the first phase where the runner blade angle
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simultaneously changed with the guide vane opening. The axial strain data showed that the projected
area of the runner blades directly affected the axial strain in the shaft. The bending strain peak-to-peak
value in the X and Y directions was almost three times larger than the axial strain fluctuation.
This outcome may cause problems in the turbine bearing due to the non-uniform load distribution.
Large variations of the normalized peak-to-peak value were observed in the torsion strain compared to
the axial and bending strains. A large torsion strain fluctuation was observed close to the speed-no-load
phase, which was approximately nine times that of the steady-state operation; the fluctuation amplitude
gradually increased from the second phase, and another large peak (approximately 12 times that of
the steady-state operation) was obtained at the beginning of the last phase at t = 133 s, where the
guide vane opening increased and the runner blade angle was still at the minimum angle. The runner
normalized frequency, its second harmonic, and fn = 0.93 appeared in the axial and torsion strain
data. In addition, a varying dominant frequency ( fn = 0.93–1.14) was obtained at the end of the
magnetization phase for approximately 20 s, which was also observed in the pressure and strain data
on the runner blade. A high-intensity region was observed in the spectrogram of the torsion data
within fn = 2.5–4 appearing at the beginning of the start-up. The frequency band became narrow after
increasing the load at t = 140 s.

High amplitude fluctuations were captured for all pressure transducers at the beginning of the
start-up operation. No significant changes were observed for the pressure fluctuations from the
speed-no-load stage to the end of the magnetization stage. A high fluctuation level was obtained
for the pressure transducer installed close to the shroud at the trailing edge during the load increase
at t = 165 s. The RSI frequency was not detected for the pressure transducers during the start-up
operation. It was shown that the guide vane opening has to reach a certain level (approximately 45%)
to observe the RSI frequency. The strain measurement on the runner blade showed that not only a
higher strain but also a higher strain fluctuation occurred at the location close to the blade hub.
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Abstract 

The transient load fluctuations on the runner blades of prototype hydraulic turbines during 
load variations are a main cause of fatigue and eventual structural failure. A clear 
understanding of the dynamic loads on the runner blades is required to detect the source of 
the fluctuations. In this paper, an experimental investigation of vortex rope formation and 
mitigation in a prototype Kaplan turbine, namely Porjus U9, is carried out. Synchronized 
unsteady pressure and strain measurements were performed on a runner blade during steady-
state and load variation under off-cam condition. The normalized pressure fluctuation during 
load variations remained approximately within ±0.2𝑃𝑃𝑟𝑟𝑟𝑟𝑟𝑟  for all the pressure transducers 

installed on the blade pressure side and is even slightly lower during the transient cycle. Higher 
pressure fluctuations were found on the blade suction, approximately 4 times higher than that 
of on the pressure side. The synchronous and asynchronous components of the vortex rope 
were clearly observed at the low discharge operating point and transient cycles. The spectral 
analysis of the pressure signals showed that the synchronous component appears before the 
asynchronous component during the load reduction and it lasts longer during the load increase. 
These frequencies slightly change during the load variation. In addition, the results proved 
that the strain fluctuation component on the runner blade arises from the synchronous 
component of the vortex rope at low discharge while the asynchronous component influence 
is negligible. 

Keywords: Prototype Kaplan turbine, Pressure measurement, Strain measurement, 

Vortex rope 
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 1. Introduction 

Flexible and extended operations of hydraulic turbines increase along with the large 
penetration of electricity generated by intermittent renewable energy sources such as wind 
and solar. This exposes hydraulic turbines to unfavorable load variations at off-design 
operating conditions. In off-design operations, ranging from low load to full load, the prediction 
of the flow in the turbine is essential to avoid fatigue and severe failures [1]. It is also important 
to understand the marginal wear, lifetime decrease, and the implied marginal cost in contrast 
to the marginal revenue from the flexible operation. The amplitude of pressure and strain 
fluctuations on the runner blades and corresponding cycles are two main parameters which 
can be obtained by performing measurement on the runner blades. In particular, part-load 
operating conditions in single regulated hydraulic turbines, such as propeller and Francis 
turbines, lead to large pressure pulsations that can increase the structural fatigue and trigger 
resonance of mechanical structures. It may also result in power swing and poor turbine 
efficiency [2-5]. 

Pressure pulsations at low load in hydraulic turbines arise predominantly from the 
presence of a rotating flow structure in the draft tube cone called part-load vortex rope. The 
high swirl outflow from the runner, obtained away from the best efficiency point, leads to a 
low-flow region at the center close to the runner, where backflow may occur. The vortex rope 
develops around this low-flow region. The vortex rope has a synchronous movement in the 
axial direction (plunging mode) and an asynchronous one in the circumferential direction 
(rotating mode). The presence of the elbow in the draft tube and pressure fluctuations due to 
the rotation of the pressure field were found to be the main cause for the formation of the 
synchronous and asynchronous modes, respectively [6, 7]. Recently, Pasche et al. [8] performed 
a bi-global stability analysis on the mean flow of a Francis turbine operating at part-load. 
The mean flow was obtained from time-dependent numerical simulations. Their analysis 
attributes the vortex rope formation in the draft tube to the development of an unstable 
eigenmode, i.e., the vortex rope is the result of an instability of the swirling flow in the draft 
tube known as vortex breakdown.  

Various active and passive control techniques were proposed to eliminate or reduce the 
vortex rope in model hydraulic turbines. The active methods involve an external energy source 
such as air or water injection with a flow feedback control system. Nevertheless, the flow 
feedback control has not been implemented in most of the investigated so-called active 
methods in the literature. On the other hand, no energy source is used for passive methods. 
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Air and water injection through the wicket gates and runner cone, installation of stabilizer 
vanes on the draft tube, and modification of the runner blades and cone geometry are examples 
of control methods [9-15]. Despite the reasonable success and demonstrated promise in the 
reduction of the pressure pulsation resulting from the vortex rope, the mentioned methods 
have not been thoroughly implemented on prototype turbines yet [16]. This can be due to the 
undesirable constrains of each method on the turbine performance or the lowering of the 
turbine total efficiency. 

Experimental investigations on turbine models are relatively easy-to-perform and cost-
effective compared to prototypes turbines. Several scholars have investigated the vortex rope 
phenomenon during transient operations in hydraulic turbines model through experimental 
measurements to gain some physical insights. Pressure measurements on the rotating 
component, e.g., runner blades, and stationary parts, e.g., draft tube wall, have been 
performed. Amiri et al. [17] have investigated the effect of the load variations on a model 
Kaplan turbine at off-cam mode. Unsteady pressure measurements were performed on the 
runner blades and draft tube wall. The vortex rope formation and mitigation were studied, 
and the corresponding frequency spectrums were obtained. It was observed that the onset of 
the vortex rope induces a wide-band frequency on the blade suction side close to the trailing 
edge resulting from high pressure fluctuations. Moreover, the vortex rope mitigation proceeded 
smoothly compared to its formation. Velocity measurement using laser Doppler velocimetry 
(LDV) and particle image velocimetry (PIV) were mainly carried out on model turbines. The 
vortex rope formation and its mechanism in a Francis turbine model were studied using two-
dimensional PIV [18]. Similar to Amiri et al. [17], the synchronous mode appeared before the 
asynchronous mode during load increase and disappeared after that during load reduction. 
The synchronous mode is related to the recirculation zone in the middle of the draft tube, 
which precedes the vortex rope formation, coupled to the asynchronous mode. Ciocan et al. 
[19] investigated the behavior of the vortex rope in a Francis turbine model through numerical 
simulations and experimental measurements. LDV, PIV, and unsteady draft tube wall 
pressure measurements were performed, and good agreement was achieved between the 
numerical results and experimental data. The evolution of the vortex rope as a function of the 
turbine discharge was investigated using PIV measurements [20]. The amplitude of the 
synchronous pressure pulsations at the precession frequency was found dependent on the 
rotating vortex rope parameters such as the trajectory, the coherence and the strength of the 
vortex.  
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Unsteady strain measurements on hydraulic turbine runner blades are less acknowledged 
than pressure measurement. It is, nevertheless, very essential to estimate the runner blade life 
and fatigue assessment with the changing operating conditions. The force acting on the runner 
blade of a model Francis turbine has been investigated considering strain measurements [21]. 
Measurements showed that the asynchronous mode has a larger impact on the runner than 
the synchronous mode. Strain and pressure measurements on the runner blades of a propeller 
turbine model have been conducted at steady-state conditions [22]. It was confirmed that the 
main stress on the runner blade comes from the asynchronous component of the vortex rope 
at part-load operation. In addition, the cavitation effect was observed on the shaft torque 
fluctuations increasing the synchronous fluctuation amplitude.  

 Higher pressure fluctuations on the draft tube wall were captured for two prototype 
Francis turbines (one vertical and one horizontal) at part-load operation compared to the best 
efficiency point [23]. The amplitude of the asynchronous component was 20 times larger than 
that of the synchronous component in the vertical turbine. However, the amplitude of the 
asynchronous pressure pulsations was 2 times smaller than those of the synchronous 
component in the horizontal turbine. This shows that the orientation of the draft tube 
influences the vortex rope component pulsations. In the same measurement campaign, Trivedi 
et al have observed that the amplitude of the pressure fluctuations during the load increase 
from 50% to 70% was 1.6 times larger than the one obtained during steady-state operation 
(50% load) [24].  

Beside many open questions regarding the numerical simulations of flow in prototype 
hydraulic turbines at low discharge and transient operations, a comprehensive experimental 
data is still scarce. The large part of the studies is related to the characterizations of the 
precessing vortex rope phenomenon on model turbines, particularly on Francis turbines. It is 
essential to scale the guide vane opening rate carefully while performing transient operations 
in a turbine model. Gagnon et al. [25] showed that different schemes of start-up operation 
(guide vane opening schemes) result in various dynamic strain pattern on the runner blades. 
The transposition of pressure fluctuations is established from the model to the prototype while 
there is no significant interaction between the turbine and the hydraulic circuit such as 
penstock and tailrace [26]. In addition, the wave speed variation between the model and 
prototype at different locations such as draft tube and tailrace can make the transposition 
more complex [27]. Thus, the dynamic characteristic transposition should be carefully 
approached in hydraulic turbines, unlike efficiency scale up. As mentioned earlier, many 
studies have focused on the draft tube rather than the turbine runner due to the simplicity of 
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performing measurement on the stationary parts. However, from the design point of view, the 
dynamic load change on the runner blades is more important as it is directly related to stress 
fluctuation and fatigue damage to the blades [28]. The pressure fluctuation on the runner is 
higher than the ones found in the stationary parts. Based on the arguments, prototype turbine 
measurements, particularly pressure and strain measurements performed on the runner blades, 
are essential to understand the behavior of the flow and structure during transient operations 
which can pave the road to establish proper physical insights of vortex rope, develop the 
existing control methods, and establish scale-up formulations.  

In the present study, the vortex rope formation, mitigation and transient phenomena 
occurring at load increase and reduction between two operating points on a propeller curve of 
the 10 MW prototype Kaplan turbine, Porjus U9, are presented and discussed. Pressure and 
strain measurements were performed on a runner blade. The presented results are part of a 
measurement campaign performed on the Porjus U9 unit. This paper is organized in 5 sections. 
Section 2 describes the turbine, instrumentation, and measurement procedure. Section 3 
explains the data analysis method. In section 4, the results of the steady and transient 
measurements are presented. Finally, section 5 discusses the conclusions obtained in this 
study. 

 2. Experimental setup 

2.1. Turbine description 

The measurements were performed on the Porjus U9 Kaplan turbine prototype. The 
turbine is located in the Lule River in the northern part of Sweden and is exclusively dedicated 
to research and development as part of the Porjus Hydropower Center. A schematic of the 
turbine is presented in Figure 1. The distributor has 18 unequally distributed stay vanes and 
20 equally spaced guide vanes. The turbine runner is composed of 6 runner blades and has a 
diameter of 1.55 m. The runner is located approximately 7 m below the tailwater. Table 1 
presents the nominal operating parameters of the unit. 

Table 1: Nominal operating parameters of the Porjus U9 prototype Kaplan turbine 

Parameter Value Unit 
Head (H) 55.5 [m] 
Power (P) 10 [MW] 
Discharge (Q) 20 [m3s-1] 
Rotational speed (n) 600 [RPM] 
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Figure 1: The prototype Kaplan turbine (Porjus U9) schematic and rotating data acquisition systems 

2.2. Instrumentation 

Several transducers were installed on the turbine, especially in the rotating part. Twelve 
piezo-resistive miniature pressure transducers (Kulite LL-080 series) were installed on the 
pressure side (P-PS-1 to P-PS-6) and on the suction side (P-SS-1 to P-SS-6) of a runner blade. 
The operating range of the pressure transducers is 0-700 kPa, and their natural frequency is 
380 kHz. The first part of the transducer name stands for the quantity measured, i.e., the 
pressure P. The second part indicates the location of the measurements, e.g., the blade 
pressure side (PS) or suction side (SS). Similar to the measurements performed on the 
corresponding model [29], the transducers were located on the intersection of imaginary circles 
that passes through 1/3 and 2/3 of the blade’s span and 1/4, 1/2, and 3/4 of the blade’s chord 
lines. The pressure transducers were encapsulated to isolate the transducer and cable 
connections from the applied epoxy on the blade. Figure 2 (a) illustrates the installed 
transducers on the blade pressure side before applying the epoxy and  Figure 2 (b) presents a 
view of the blade suction side after applying the first layer of epoxy. Two different types of 
epoxy were applied on the runner blade; Two-component Belzona 1311 as the base epoxy and 

Spiral case

Main shaft

Draft tube elbow

Stay vaneGuide vane

Runner cone

cRIO (Rotating DAQ system)

Shaft prolongation
cRIO (Rotating DAQ system)
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two-component Belzona 1341 as the anti-cavitation layer. It was required to employ high 
strength epoxy, which typically has a high density, because of high shear and normal forces 
on the blade. The local pressure disturbances generated by the epoxy surface roughness was 
unavoidable. However, applying the anti-cavitation agent reduced the first layer epoxy surface 
roughness. One of the main challenges in this measurement campaign was to protect the wires 
to cover the distance between the runner blade and the runner cone. The instrumentation 
failure risk was high as the wire length changed due to the moving blade during the start-up, 
synchronization, on-cam operations, and shutdown. All the wires followed the blade surface 
and passed through a hydraulic hose to enter the runner cone. The hydraulic hose can be seen 
in Figure 2 (b). All the wires were guided to the hollow main shaft and reached the top of the 
generator.  

 

(a) 

 

(b) 

Figure 2: The installed pressure transducers and strain gauges on the runner blade; (a) the blade pressure side 
before applying the epoxy, (b) the blade suction side after applying the epoxy 

Strain gauges were installed at three points on the runner blade; one close to the leading 
edge, one near the runner blade hub, and the third point close to trailing edge. The second 
and third point were determined according to preliminary structural analysis and literature 
review. They can be subjected to high stress and high deflection, respectively [30-32]. Two 
strain gauges were installed at each point in the radial and tangential directions on the 
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pressure and suction side of the blade, respectively. Therefore, the runner blade was 
instrumented with 12 uniaxial strain gauges (K-LY41-6/350-3-2M manufactures by HBM). 
The transducer S-PS-1R corresponds to the strain measured on the blade pressure side at 
point 1 in the radial direction, i.e., the transducer naming is similar to the pressure 
transducers. Figure 3 shows the location of the strain gauges and pressure transducers on the 
runner blade pressure side. The transducers on the suction side were installed to face the 
transducers on the blade pressure side. Moreover, the torque on the shaft was measured using 
two torsion strain gauges (K-XY41-6/350-3-2M manufactures by HBM) installed 180 degrees 
apart from each other. The strain gauges were calibrated on-site using the shunt calibration 
technique. Material expansion influenced by changes in the surrounding flow temperature is 
compensated in the selected strain gauges.   

The guide vane angular position was measured by a wire type transducer. The transducer 
was installed on the guide vane hydraulic servomotor. The guide vane angular opening range 
of this unit is 0-35 degree (0-100% opening). An optical encoder was installed close to the 
main shaft to measure the shaft rotational position and speed. The resolution of the optical 
encoder was 3°. 

 

(a) 

 

(b) 

Figure 3: Position of the installed transducers on the runner blade pressure-side, (a) pressure transducers and 
(b) strain gauges. 

The data acquisition system was composed of two rotating slave chassis (Figure 4), one 
stationary slave chassis and one master computer. NI cRIO-9014 embedded real-time 
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controller was installed in each slave. One rotating slave chassis was installed on the top of 
the turbine shaft. This slave digitalizes the signals from the pressure transducers and strain 
gauges on the runner blade and transmits them to the wireless network connected to the 
master computer. It consists of a NI 9205 module and five NI 9237 modules. The NI 9205 
(±10 V, 16-bit) was configured for differential measurement and therefore 16 channels were 
available. Each NI 9237 module has four channels with 24 bits resolution. An excitation of 
5 V was used for each NI 9237. Twelve strain gauges and eight pressure transducers were 
connected to the NI 9237 modules and four pressure transducers were connected to the NI 9205 
module. The other rotating slave chassis was installed on the shaft to digitalize the signals 
from the strain gauges installed on shaft and transmit them to the wireless network. It 
consisted of a NI 9205 used for the encoder and a NI 9237 used for the strain gauges installed 
on the shaft. The stationary slave chassis had a NI 9205. It acquired the turbine operational 
parameters such as guide vane opening, runner blade opening angle, power output, headwater 
level, tailwater level from the turbine control room as well as the signals from distance 
transducer and the encoder. The encoder signal is used to synchronize all data acquisition 
units (DAQ) units composing the slave chassis. The signals were oversampled at 5 kHz and 
then down-sample digitally to 2.5 kHz. 

The uncertainty analysis for the pressure transducers and strain gauges was determined 
using six nonconsecutive repeated measurements at OP2 operating point. The detail of the 
operating point is described in section 2.3. Although there was a deviation in guide vane 
opening (around 1.3%) and runner blade angle (around 0.6°) in the repetitions, only a 
maximum relative variation of around 10% was found between the standard deviations of an 
individual pressure transducer. The uncertainty for P-PS-2, P-PS-3, P-PS-4, P-PS-6, P-SS-3, 
and P-SS-4 was estimated around 0.05%, 0.14%, 0.06%, 0.05%, 0.02%, and 0.06%, 
respectively. A maximum uncertainty of 0.01% was calculated for strain gauges installed on 
the runner blade and the shaft.  
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(a) 

 

(b) 

Figure 4: The rotating slave chassis; (a) on top of the generator, (b) on the main shaft 

2.3. Measurement program 

Measurements were performed at several operating points, ranging from low load to full 
load, under on-cam and off-cam conditions. Under on-cam conditions, the blade angle is 
automatically adjusted by the governor according to a table determined from an index test. 
Under off-cam conditions, the blade angle is set to a prescribed angle and held constant, i.e., 
the turbine is operated as a propeller, a single regulated turbine. In this work, two operating 
points were selected to investigate the vortex rope formation and mitigation during load 
variation. The operating points named OP1 and OP2 are located on a propeller curve for a 
fixed blade angle β = −4.15°. The OP1 is located on the left side of the propeller curve at low 
discharge and having vortex rope while the OP2 has higher discharge close to the best 
efficiency point. The operating parameters are listed in Table 2 . Figure 5 presents the 
variation of power output and guide vane opening during hydraulic load variations from and 
to OP1, i.e., increase and decrease of the guide vane opening. The transient operation lasts 
for about ttran = 41.5 s, and transient start time is adjusted to t=15 s for analysis. Apart from 
the long recording time of each investigated operation, each steady and transient operation 
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was repeated at least four times. It was very difficult to repeat an exact operating point in 
this prototype machine because the control software was adjusting the runner blade angle and 
making a fine tuning in the guide vane opening. Therefore, an approximate comparison was 
performed to ensure the repeatability of the measurements. Moreover, the constant headwater 
and tailwater level and turbine rotational speed, which were recording during the 
measurements, can assure the repeatability of the measurements. 

 
(a) 

 
(b) 

Figure 5: Transient variation of the output power and guide vanes opening. (a) load increase, (b) load decrease; 
Gray dots: instantaneous power output; white line: time-averaged power output; black line: Guide vane opening. 
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Table 2. Operating condition parameters 

Operating point Guide vane opening (%) Runner angle (°) Power (MW) 
OP1 44.5 -4.15 4.9 
OP2 79 -4.15 7.15 

 

 3. Data analysis 

MATLAB Savitzky–Golay filter was used to determine the time-averaged value of the 
signals for both steady-state and transient operations. A polynomial order of two and window 
size of 5 s were used after a sensitivity analysis. A measurement time of 160 s and 71.5 s were 
considered for steady-state and load variation signal analysis, respectively. The white line in 
Figure 5 presents the time-averaged output power during load variations. The signal 
fluctuating component was obtained by subtracting the time-averaged value from the original 
signal. 

�̃�𝑋(𝑡𝑡) = 𝑋𝑋(𝑡𝑡) − 𝑋𝑋����(𝑡𝑡) 

where �̃�𝑋 is the fluctuating component, 𝑋𝑋 is the instantaneous value, and 𝑋𝑋���� is the time-
averaged value. The fluctuating component was used for spectral analysis.  

The spectral analysis of the steady-state data was carried out using the Welch method 
with a Hanning window. The steady-state data was divided into six segments and an overlap 
of 50% was considered between the segments. The transient data was analyzed using the 
Short-time Fourier transform (STFT). A 95% overlapping Hamming window and window size 
of 7.15 s was selected after a sensitivity analysis. The color bar in the spectrogram figures has 
a logarithmic scale. The power spectral density obtained from the spectral analysis was 
modified by the following equation: 

𝑃𝑃𝑃𝑃𝑃𝑃𝑙𝑙𝑙𝑙𝑙𝑙 = 10 × log (10 × 𝑃𝑃𝑃𝑃𝑃𝑃) 

The standard deviation is a tool to quantify the dispersion of data. The time-averaged 
peak-to-peak value was calculated by considering 2𝜎𝜎, which holds approximately 95% of the 
highest peak of the data within the sliding window, to investigate the pressure and strain 
fluctuations amplitude during the steady-state and load variations. A sliding window size of 
0.1 s was used.  
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 4. Results and discussion 

Experimental measurements were performed during hydraulic load increase and reduction 
to investigate the vortex rope formation and mitigation as well as its effect on the runner 
blade and turbine performance. The steady-state results of OP1 and OP2 will firstly be 
presented. Thereafter, the results corresponding to the load variations will be discussed. Some 
of the pressure transducers on the runner blade stopped functioning during the measurements. 
Therefore, defective transducers were disregarded and the results of pressure transducers PS2, 
PS3, PS4, PS6, SS3, and SS4 will be presented. The pressure data was normalized with respect 
to the initial pressure value in the turbine chamber before running the measurement (𝑃𝑃𝑟𝑟𝑟𝑟𝑟𝑟). 

All strain gauges data will be presented except gauge S-PS-1R, S-PS-1T, and S-PS-2T which 
gave unreliable signals during the selected measurement time.  

4.1. Steady-state operation 

The normalized average pressure variation on the runner blade for OP1 and OP2 are 
shown in Figure 6. With the opening of the guide vanes, the higher flow rate increases the 
pressure on the blade pressure side, namely OP2, similar to the model measurement at each 
measurement location. The pressure decreases on the suction side close to the trailing edge at 
P-SS-3. Interestingly, the pressure value at location P-SS-4 slightly increased at higher guide 
vane opening. This can be due to the poor flow angle while the machine operates at off-cam 
condition.  

 
Figure 6: Normalized average pressure of each pressure transducer on the runner blade at OP1 and OP2. 
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Figure 7 presents the frequency spectrum of pressure data for OP1. The frequencies are 
normalized as follow: 

𝑓𝑓𝑛𝑛 = 𝑓𝑓
𝑁𝑁

 

where 𝑓𝑓 is the frequency component and 𝑁𝑁  is the rotational frequency of the runner. In 
Figure 7, the y-axis range differs for the small subplot. The dominant frequencies are 
associated with the synchronous and asynchronous modes of the vortex rope which are present 
for all the pressure transducers. The frequency of 𝑓𝑓𝑛𝑛 = 0.17 and 𝑓𝑓𝑛𝑛 = 0.83 corresponds to the 
synchronous and asynchronous modes, respectively. The results showed the dominance of the 
asynchronous mode over the synchronous mode. The effect of the asynchronous frequency is 
dominant in the transducers located on the runner pressure side close to the trailing edge and 
the transducers installed on the blade suction side. The amplitude of the synchronous 
frequency is slightly higher on the runner pressure side. The runner frequency (𝑓𝑓𝑛𝑛 = 1) can 
be observed with a low amplitude. This frequency attributed to a flow asymmetry in the 
turbine. The guide vane passing frequency (𝑓𝑓𝑛𝑛 = 20) related to rotor-stator interaction are 
also captured for the transducers located on the runner pressure side with a lower amplitude 
than for the vortex rope frequencies. The amplitude for 𝑓𝑓𝑛𝑛 = 19 and 𝑓𝑓𝑛𝑛 = 21 is relatively low 
compared to guide vane passing frequency amplitude. Similar results were obtained by Amiri 
et.al [33] and Houde et al. [22] on axial turbine models with different. Amiri et al. [33] 
illustrated that the these two dominant frequencies can be explained by the Bernoulli’s 
equation. The square root of the relative velocity results in these two peaks. In addition, the 
guide vane passing frequency is damped on the runner suction side close to the trailing edge.  

Figure 8 shows the frequency spectrum of the pressure data for OP2. Unlike the results of 
OP1, the dominant frequencies are the runner frequency (𝑓𝑓𝑛𝑛 = 1) and guide vane passing 
frequency (𝑓𝑓𝑛𝑛 = 20) as the turbine operates at high discharge. On the blade pressure side, the 
guide vane passing frequency has a higher amplitude than the blade suction side. The 
amplitude of this frequency is higher at OP2 compared to OP1 for all the pressure transducers 
due to the higher flow rate. The runner frequency is dominant at the locations close to the 
trailing edge on the blade pressure side compared to other locations. The mentioned locations, 
P-PS-3 and P-PS-6, have been affected more by the runner frequency at this operating point 
compared to OP1. Surprisingly, the harmonics of the runner frequency have very small 
amplitudes compared to runner frequency in the frequency spectrums except for the second 
harmonic at OP2. All of the runner frequency harmonics were found with a noticeable 
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amplitudes on the corresponding model studied by Amiri et al. [33]. This shows that the 
dynamic behavior of the model and prototype are different.  

 
Figure 7: Frequency spectrum of pressure data at OP1; the y-axis range is different in the small subplot. 

 
Figure 8: Frequency spectrum of pressure data at OP2. 

The frequency spectrums of the strain data for OP1 are presented in Figure 9. The 
dominant frequencies are in the low frequency region, below 𝑓𝑓𝑛𝑛 = 4. The strain gauge results 
indicate a low response of the blade structure to the synchronous mode frequency at OP1. 
The main part of the stress fluctuation on the blade arises mostly from the asynchronous 
mode with the frequency of 𝑓𝑓𝑛𝑛 = 0.83. A similar conclusion was drawn in previous studies on 
a propeller and Francis model turbines [21, 22]. This means that the asynchronous mode has 
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a larger potential to damage the runner blades and corresponding bearings. A high amplitude 
of the asynchronous component was found close to the blade hub (S-PS-5R, and S-PS-5T). 
These peaks are due to the dominant vortex rope frequency exerted on the runner, as shown 
in the pressure transducer’s results at OP1 in Figure 7. The runner frequency (𝑓𝑓𝑛𝑛 = 1) is 
clearly observed in the signals of transducers S-PS-3T, S-PS-4T, and S-PS-5T. Relative high 
peaks are observed for the second harmonic of the runner frequency in the frequency spectrum 
of S-PS-3T, S-SS-5T, S-SS-6R, and S-SS-6T. In Figure 10, the results of the spectral analysis 
of OP2 show that the dominant frequencies are runner frequency and its second harmonic. 

 
 Figure 9: Frequency spectrum of strain data obtained at OP1; the y-axis range is different in subplots. 

 
Figure 10: Frequency spectrum of strain data obtained at OP2; the y-axis range is different in subplots. 
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4.2. Transient operation (Load increase and load reduction) 

As described earlier, the transient operations were performed to investigate the effect of 
the vortex rope on the runner blade and turbine performance. Normalized pressure variation 
on the runner pressure side at location PS6 during load increase and reduction is presented in 
Figure 11. The pressure on the blade pressure side increase during the load increase cycle. 
While it decreases by decreasing the guide vane opening. As shown before in Figure 5, 
momentary power oscillations were observed immediately after the guide vane opening at load 
increase and close to the end of the load reduction cycle. This can be due to large pressure 
variation on the runner nearby the low discharge operating point which was transferred to 
the shaft. The results of the shaft measurement including the axial strain, bending strain in 
two directions, and torsional strain will be thoroughly presented in another article.  

The normalized pressure fluctuations on the runner blade (P-PS-6, P-SS-3, and P-SS-4) 
are presented in Figure 12 and Figure 13 for load increase and reduction, respectively. The 
pressure fluctuations amplitude and pattern on the blade pressure side are similar and within 
approximately within ±0.2𝑃𝑃𝑟𝑟𝑟𝑟𝑟𝑟 . Therefore, the result of transducer P-PS-6 is only presented. 

The fluctuations amplitude slightly decreases within the transient cycle on the blade pressure 
side. However, it increases during the vortex rope formation and mitigation on the blade 
suction side close to trailing edge, namely SS3. Unfortunately, the pressure sensor, which 
installed on the same location in the model test performed by Amiri [29], was broken. 
Therefore, any comparison could not be drawn. In addition, higher pressure fluctuation 
amplitudes are found at location P-SS-4 at higher guide vane opening. As mentioned before, 
the normalized pressure value at this location was also found slightly higher than that of at 
OP1. 
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Figure 11: Normalized pressure variation on the runner pressure side (P-PS-6); the top figure is for load 
increase and the bottom figure is for load reduction. Gray dots: instantaneous pressure; white dashed line: time-

averaged pressure; black line: Guide vane opening. 

 
Figure 12: Normalized pressure fluctuation on the runner blade during load increase; the vertical black dashed 

lines correspond to the beginning and end time of the transient operation. 
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Figure 13: Normalized pressure fluctuation on the runner blade during load reduction; the vertical black dashed 

lines correspond to the beginning and end time of the transient operation. 

The peak-to-peak value of the pressure fluctuations was obtained considering 2𝜎𝜎 which 
corresponds to approximately 95% of the highest peaks. Figure 14 and Figure 15 show the 
normalized peak-to-peak value of the pressure fluctuations on the runner blade during load 
reduction. A steady behavior of peak-to-peak value can be seen for all pressure transducers 
before and after the transient time. During the transient cycle of both load variations, all the 
pressure transducers show a similar behavior except transducer P-SS-3 which has a sharp 
increase in both load variations. The peak-to-peak value decreases and then increases in the 
transient period for other transducers than P-SS-3. The peak value obtained for P-SS-3 is 
approximately 4 times that of observed for other transducers. This peak value appears while 
the vortex rope mitigation and formation take place; 𝑡𝑡 = 26 s and  𝑡𝑡 = 46 s for load increase 
and reduction, respectively. The large peak values can be explained by a wide-band frequency 
occurring in the mentioned time periods close to the blade trailing edge on the blade suction 
side, which will be discussed later with Figure 22.  

 
Figure 14: Normalized peak-to-peak value of pressure fluctuations on the runner blade during load increase. 
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Figure 15: Normalized peak-to-peak value of pressure fluctuations on the runner blade during load reduction. 

Figure 16 and Figure 17 illustrate the strain development for the installed strain gauges 
on the runner blade during load increase and reduction, respectively. The y-axis range differs 
for each subplot. As expected, the high stress occurs at point S-SS-5R, and S-SS-5T which are 
approximately located in the middle of the chord close to the hub. This is consistent with the 
static stress distribution in Kaplan turbine blades. In all the strain gauges, the absolute value 
of the strain increases during load increase and drops during the load reduction cycle. Unlike 
the pressure transducers, the strain variations for most of the strain gauges during the 
transient time do not follow the linear movement of the guide vanes. Either there is a delay 
in the response of the structure to the guide vane change or the strain reaches the final value 
corresponding to the end operating point of the transient operation. The absolute strain value 
in the tangential direction is larger than the radial close to the blade trailing edge. However, 
close to the leading edge and hub of the blade, the radial component is dominant. The mean 
strain for S-SS-4R is negligible for the both load increase and reduction.  
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Figure 16: Strain variation on the runner blade during load increase; dots: instantaneous strain; the vertical 

black dashed lines correspond to the beginning and end time of the transient operation; white line: time-averaged 
strain; red line: Guide vane opening. 

 
Figure 17: Strain variation on the runner blade during load reductions; dots: instantaneous strain; the vertical 

black dashed lines correspond to the beginning and end time of the transient operation; white line: time-averaged 
strain; red line: Guide vane opening. 

The peak-to-peak amplitudes of the strain fluctuations on the runner blade are very 
important as these fluctuations create dynamic stresses. Figure 18 illustrates the peak-to-peak 
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value of the strain fluctuations during load increase on the runner blade. The strain fluctuation 
amplitude close to the runner leading edge (S-SS-4R and S-SS-4T) is within 510 𝜇𝜇 𝑚𝑚 𝑚𝑚⁄ . 
This parameter is approximately 1035 𝜇𝜇 𝑚𝑚 𝑚𝑚⁄  for the strain gauges installed on the blade 
close to trailing edge. The maximum peak-to-peak amplitude occurs close to the blade hub, 
7085 𝜇𝜇 𝑚𝑚 𝑚𝑚⁄  for S-SS-5T and 3040 𝜇𝜇 𝑚𝑚 𝑚𝑚⁄  for S-SS-5R. This shows that not only high 
strain value, but also high strain fluctuation occurs on the blade close to the hub. This high 
amplitude fluctuation is related to the pressure fluctuations on the runner blade.    

 
Figure 18: Peak-to-peak value of strain fluctuations on the runner blade during load increase; the vertical black 

dashed lines correspond to the beginning and end time of the transient operation. 

Figure 19 presents the peak-to-peak value of the strain fluctuations during load reduction 
on the runner blade. The objective was to keep the runner blade angle constant during the 
experiment and adjust the guide vane angle similarly to the load increase. However, 
approximately one-degree difference in the runner angle and an average of two degrees 
difference in the guide vane angle between OP1 and OP2 during load increase and reduction 
were found. This can explain the difference in the level of the strain fluctuation at different 
locations during load increase and reduction. However, the location of minimum and maximum 
strain fluctuation is similar to load increase. 
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Figure 19: Peak-to-peak value of strain fluctuations on the runner blade during load reduction; the vertical black 

dashed lines correspond to the beginning and end time of the transient operation. 

The spectral analysis of the normalized pressure fluctuations was conducted to highlight 
the transient variation of the frequencies of interest and corresponding amplitudes during the 
load variations. This study enables the investigation of the vortex rope frequencies variation 
during the transient cycle. The spectral analysis result of transducer P-PS-3 and P-SS-4 are 
presented in Figure 20 and Figure 21 during load increase and decrease, respectively. The 
y-axis on the right side of the spectrograms represents the guide vane opening in percent. As 
discussed earlier, the dominant frequencies prior to load increase and after the load reduction 
are the asynchronous and synchronous frequencies. Similar to other studies, the synchronous 
mode appears before the asynchronous mode during the load reduction and disappears after 
the asynchronous mode during load increase. In Figure 20 and Figure 21, the disappearance 
of the asynchronous and synchronous are illustrated with two dashed vertical lines. Each pair 
of dashed vertical lines reflects the uncertainty to determine the exact time of disappearance 
of each mode. The synchronous component lasts approximately 5 seconds longer than the 
asynchronous component during the load increase cycle, see Figure 20. However, there is a 
time delay of 4 seconds in the appearance of the asynchronous component after the 
synchronous component during the load reduction, see Figure 21. Amiri et al. [17] have also 
observed a smaller time delay between the two components of the vortex rope during the load 
reduction cycle. The vortex rope frequencies gradually change as the load changes. In 
Figure 20, the synchronous mode frequency 𝑓𝑓𝑛𝑛 = 0.83 changes to 𝑓𝑓𝑛𝑛 = 0.87 and the frequency 
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of the asynchronous mode 𝑓𝑓𝑛𝑛 = 0.17 drops to 𝑓𝑓𝑛𝑛 = 0.13 during load increase. This change of 
the vortex frequencies occurs in the opposite direction while the load decreases. It can also be 
seen that the intensity of the runner frequency (𝑓𝑓𝑛𝑛 = 1) and its second harmonic tended to 
increase by increasing the load and mitigation of the vortex rope, see Figure 20 (a). On the 
other hand, its amplitude decreases by the development of the vortex rope in the load 
reduction, see Figure 21.  

 
(a) 

 
(b) 

Figure 20: Spectrogram of the pressure transducer during load increase. (a) Pressure side shroud sensor 
(P-PS-3); (b) pressure side hub sensor (P-PS-4). Two successive vertical white dashed lines correspond to the 
estimation of the time of mitigation of the vortex rope components. The white line represents the guide vane 

opening. 
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(a) 

 
(b) 

Figure 21: Spectrogram of the pressure transducer during load decrease. (a) Pressure side shroud sensor 
(P-PS-3); (b) pressure side hub sensor (P-PS-4). Two successive vertical white dashed lines correspond to the 
estimation of the time of mitigation of the vortex rope components. The white line represents the guide vane 

opening. 

The spectrogram of the pressure transducer P-SS-3 during load increase and reduction is 
shown in Figure 22. There is a noticeable wide-band frequency range from nearly zero covering 
all the spectrogram with a significant amplitude observed during the load variations at P-SS-3 
located on the blade suction side close to the trailing edge and shroud. It was not found in 
the signals obtained from other locations, neither on the pressure side nor on the suction side 
close to the hub. This wide-band occurs around 2030 s during the load increase and 4050 s 
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during the load reduction where a sharp increase of the peak-to-peak value of the pressure 
fluctuations was observed. These high fluctuations occur while the vortex rope formation and 
mitigation process take place. Comparing the results of P-PS-3 and P-SS-3 show that this 
wide-band frequency affects the characteristics of the vortex rope frequencies at this location.  

 
(a) 

 
(b) 

Figure 22: Spectrogram of the pressure transducer P-SS-3 during (a) load increase and (b) load reduction; low-
frequency region. The white line represents the guide vane opening. 

Figure 23 shows the PSD of the normalized pressure signal obtained from P-SS-3 
transducer during load increase at 𝑡𝑡 = 15.02 𝑠𝑠 (OP1) and 𝑡𝑡 = 25.75 𝑠𝑠 (the mid-time of the 
wide-band frequency, see Figure 22 (a)). The highest peaks show the synchronous and 
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asynchronous components and the PSD gradually decreases from low to high frequencies. The 
wide-band frequency amplifies the asynchronous and synchronous component amplitudes. 
This wide-band frequency occurring at P-SS-3 was not observed during the turbine on-cam 
operation. 

 
Figure 23: Temporal PSD of the pressure transducer P-SS-3 during load increase at t=15.02 s (OP1) and 

t=25.75 s (the mid-time of the wide-band frequency). 

In order to investigate the vortex rope formation and mitigation effect on the blade 
structure, a spectral analysis of the strain data is performed. Figure 24 presents the 
spectrogram of the strain data at location S-PS-3R and S-PS-3T during load increase, 
respectively. Like the pressure data obtained from P-SS-3, a wide band of frequency appears 
at both load variations. However, the duration of its appearance is not identical to those 
captured by the pressure transducer as well as its power density. One can look for the 
development of the synchronous component frequency in the strain spectrograms to see this 
phenomenon. The wide-band frequency takes place around 30-40 s at location S-PS-3R for 
both load variations, see Figure 24 (a) and Figure 25 (a).  However, Figure 24 (b) and 
Figure 25 (b) show that this occurs around 3247 s and 2540s at location S-PS-3T for the 
load increase and reduction, respectively. One of the main effects of this wide-band frequency 
on the spectrogram of the strain data is its amplification of other dominant frequencies such 
as the vortex rope and runner frequencies. The intensity of the asynchronous component varies 
at location S-PS-3T in the load variation cycle, see Figure 24 (b) and Figure 25 (b). Its 
amplitude decreases after t=25 s and increases after t=30 s for load increase. The same 
happens for load reduction at a different time. Before the load increase cycle, low amplitude 
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of the synchronous component and relatively high amplitudes of the asynchronous component 
are observed from strain data. The harmonics of runner frequency are clearly seen at location 
S-PS-3T during load increase and reduction which load variation cycle could not affect them, 
see Figure 24 (b) and Figure 25 (b). In addition, the intensity of runner frequency and its 
second harmonic increases by vortex rope mitigation and decreases by vortex rope formation 
at location S-PS-3R, see Figure 24 (a) and Figure 25 (a).  

 
(a) 

 
(b) 

Figure 24: Spectrogram of the strain data during load increase; low-frequency region. (a) S-PS-3R strain gauge; 
(b) S-PS-3T strain gauge. The white line represents the guide vane opening. 
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(a) 

 
(b) 

Figure 25: Spectrogram of the strain data during load decrease; low-frequency region. (a) S-PS-3R strain gauge; 
(b) S-PS-3T strain gauge. The white line represents the guide vane opening. 

 5. Conclusion 

An experimental investigation of the prototype Kaplan turbine runner has been performed 
during steady-state and transient operations. The two operating points have been chosen on 
a propeller curve with a runner angle of -4.15°. The effect of load variation on the vortex rope 
formation and mitigation is studied during load changes from or to low discharge in the single 
regulated hydraulic turbine. 



30 

 

The spectral analysis of the pressure signals showed that when the turbine operates at low 
discharge, namely OP1, the dominant frequencies for all the pressure transducers are𝑓𝑓𝑛𝑛 = 0.17 
and 𝑓𝑓𝑛𝑛 = 0.83 corresponding to the synchronous and asynchronous component of the vortex 
rope. The asynchronous component has a higher amplitude in all the pressure transducers 
except for P-PS-2 and P-PS-4 which are located on the blade pressure side at the middle of 
the chord and close to the leading edge, respectively. The dominant frequencies changed to 
the runner frequency 𝑓𝑓𝑛𝑛 = 1, its second harmonic, and the guide vane frequency at higher 
discharge, namely OP2. The strain gauge measurement on the blade showed that the strain 
fluctuation mainly arises from the asynchronous component and the effect of the synchronous 
mode is negligible.  

The normalized pressure fluctuation during load increase and reduction remains 
approximately within ±0.2𝑃𝑃𝑟𝑟𝑟𝑟𝑟𝑟  for all the pressure transducers installed on the blade pressure 

side and is slightly lower during the transient cycle. However, an increase of the pressure 
fluctuation was found at P-SS-3 during both load variations. A peak value was observed at 
P-SS-3 while the vortex rope is formed and mitigated. It was approximately 4 times larger 
than the other transducers. In addition, by increasing the load, the synchronous mode 
frequency 𝑓𝑓𝑛𝑛 = 0.83 changes to 𝑓𝑓𝑛𝑛 = 0.87 and the frequency of the asynchronous mode       
𝑓𝑓𝑛𝑛 = 0.17 drops to 𝑓𝑓𝑛𝑛 = 0.13. A wide-band frequency was found in the spectra of P-SS-3, 
located on the blade suction side trailing edge close to the shroud. This appears in the first 
stage of the vortex rope formation or last stage of vortex rope mitigation. Compared to other 
locations, the vortex rope frequencies appeared at this location with a delay during the load 
reduction cycle and disappeared faster during load increase. Moreover, the asynchronous 
component appears in the spectra while this wide-band frequency occurs. 

Using instantaneous strain data, the high stress was found close to the blade hub both on 
pressure and suction side. Unlike pressure transducers, the stress variations in the transient 
period do not follow the guide vane linear movement. Either there is a delay in the response 
of the structure to the guide vane change or the strain reaches the final value corresponding 
to the end operating point of the transient operation. 
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Luleå University of Technology,
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A Review of Available Methods
for the Assessment of Fluid
Added Mass, Damping, and
Stiffness With an Emphasis on
Hydraulic Turbines
Fluid added mass, damping, and stiffness are highly relevant parameters to consider
when evaluating the dynamic response of a submerged structure in a fluid. The prediction
of these parameters for hydraulic turbines has been approached relatively recently. Com-
plex fluid-structure analyses including three-dimensional flow and the need for experi-
ments during operation are the main challenges for the numerical and experimental
approaches, respectively. The main objective of this review is to address the impact of
different parameters, for example, flow velocity, cavitation, nearby solid structure, and
rotational speed on the fluid added mass and damping of Kaplan/Propeller and Francis
turbine runners. The fluid added stiffness is also discussed in the last section of the paper.
Although studies related to hydraulic turbines are the main objective of this paper, the lit-
erature on hydrofoils is also taken into consideration to provide valuable information on
topics such as individual runner blades. In this literature survey, the analytical, numeri-
cal, and experimental approaches used to determine fluid added parameters are dis-
cussed, and the pros and the cons of each method are addressed.
[DOI: 10.1115/1.4042279]

Keywords: fluid added mass, fluid added damping, fluid added stiffness, Francis turbine,
Kaplan turbine, hydrofoils

1 Introduction

Hydropower, the main source of renewable energy, provides
approximately 17% of the global electricity capacity [1].
Recently, there has been a growing trend toward increasing power
demand in either existing or newly built power plants. Reducing
the runner weight by lowering the thickness of the blades and run-
ner hub size is an approach to increase efficiency and power out-
put, but these changes add complexity to the dynamic response
and stability of the runner, particularly during off-design opera-
tion. In addition, off-design operations and start-stop cycles have
become more frequent due to the increase in intermittent renew-
able energy sources such as wind and solar. These phenomena
increase fluid-structure interaction (FSI) related issues among
which the fluid-to-structure density ratio is particularly notable.
The FSI cannot be neglected as the fluid density is comparable to
the structure density [2], such as in the case of a hydraulic turbine
runner. Moreover, transient loads induce strong FSI coupling and
high-stress regions, which increase fatigue and failures [3–11].

Francis and Kaplan/Propeller are reaction-type hydraulic tur-
bines that represent most of the hydro industry. They operate at
low- to high-head hydro sites, up to 700 m. Guide vane wakes,
periodic rotating vortex rope (RVR), flow separation on the run-
ner, hub vortices, tip vortices, and vortex breakdown [12–15] are
examples of disturbances that produce periodic excitation forces
on the runner and may lead to mechanical resonance [16]. Further-
more, undesirable vibration not only affects the turbine lifetime
and causes structural damage but also decreases turbine effi-
ciency. Considering these factors, the dynamic response of a tur-
bine runner must be characterized during steady and transient
operations to perform adequate rotor dynamic modeling.

The experimental and analytical prediction of the dynamic
behavior of different submerged structures in water have received
extensive attention in recent decades [16–19]. The modal test is
used to study the effect of water on the dynamic response of a
structure. Modal experiments, as a traditional method, have been
used to investigate natural frequencies in water and air and to
study the mode shapes of hydrofoils [20–27] and hydraulic tur-
bines runner [28–31]. Three different excitation techniques are
used to perform modal analysis: the impact hammer test, spark
plug, and piezoelectric patches. The first two methods are suitable
for stationary structures. Therefore, the effect of flow conditions
such as flow velocity, cavitation, vortices, and separation cannot
be investigated. On the other hand, piezoelectric patches can over-
come these challenges.

Modal analysis simulations, coupled FSI simulations, and com-
putational fluid dynamics (CFD) simulations are numerical meth-
ods used to investigate the effect of fluid added parameters.
Modal analysis using the finite element method (FEM) can ana-
lyze stationary and rotating structures. The pressure distribution
obtained from CFD analysis can be applied to the structure, and
the modal behavior can be evaluated. On the other hand, coupled
fluid-structure simulations and CFD simulations take the simulta-
neous mutual effects of the flow and structure into consideration
for structure analysis. Nevertheless, more computational resources
and time are required for coupled simulation compared to modal
analysis. Some studies have combined CFD simulations with a
single-degree-of-freedom (SDOF) vibration model to obtain fluid
added properties [32–34]. These methods were applied to struc-
tures ranging from a simple beam and hydrofoil to a hydraulic tur-
bine runner.

The FSI in Francis turbines has been reviewed, and several
parameters that influence this interaction have been discussed
[35]. The added mass and the damping effect in Francis turbines
were described briefly. A detailed review of those parameters is
still missing. Another paper by Trivedi reviewed studies
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performed on hydrodynamic added damping in Francis turbines
and introduced challenges and concerns in damping measurement
[36]. The main contribution of the present study is to review and
classify all the available methods used for estimating fluid added
mass, damping, and stiffness and to investigate the effects of dif-
ferent parameters on fluid added properties in Kaplan/Propeller
and Francis turbines.

The first section of this work presents all the available methods,
including analytical, numerical, and experimental methods, to
estimate the fluid added parameters of hydraulic turbines as well
as hydrofoils. The advantages and limitations of the methods are
highlighted. Hydrofoils are of particular interest due to their sim-
plicity compared to turbines runner and the availability of relevant
literature. Thereafter, the added mass and the added damping are
reviewed in detail. In Sec. 5, the added stiffness is briefly
discussed.

2 Methods

All the methods used to investigate fluid added parameters have
certain advantages and limitations. To the author’s knowledge, all
the investigations performed on hydraulic turbines, which will be
discussed in detail later, to study the fluid effect on the runner
have assumed that the runner is an isolated rigid body. However,
the runner is directly connected to a shaft, which vibrates [37] as a
function of the turbine operation [38] affecting the runner mode
shapes. Therefore, the runner, as part of turbine assembly, follows
the main shaft’s mode shapes, such as axial, torsion, and bending.
The isolated rigid body assumption may not be thoroughly valid
for more recent light-weight-design runners.

All three approaches employed to assess flow added parameters
are discussed below.

2.1 Analytical Approaches. The only analytical approach
applied to Kaplan runners to address the added mass and damping
is based on Theodorsen’s theory [39]. This method is a classic
approach that resolves the unsteady lift and moment for a heave
and pitch motion of a two-dimensional (2D) oscillating airfoil
undergoing a small amplitude of vibration in an incompressible
potential flow. A review study performed on two-dimensional
unsteady aerodynamics by Peters [40] compares this method with
different approaches. Recently, this analytical method was
coupled with a three-dimensional curved lifting line model to pre-
dict the added mass and damping of a marine propeller [41].

Theodorsen’s unsteady thin-airfoil theory was discussed and
applied to a Kaplan turbine runner [42]. The results were com-
pared with FEM modal analysis. Later, in 2013, the added mass
and damping for three different Kaplan turbine runners consider-
ing axial (heave) and torsional (spin) vibration were estimated
using the same analytical method and compared with those
obtained with FEM analysis [43]. Three Kaplan runners with
varying characteristics such as the blade number, specific speed,
tip clearance, and hub ratio were studied at three different flow
velocities: 10, 20, and 30 m/s. The runner blade was divided into
subsections, and each section was treated as an individual airfoil
in an infinite flow domain. Therefore, the interactions with other
blades and nearby solid structures, such as the hub and shroud,
were not considered.

Another analytical approach, based on momentum exchange
between the fluid flow and the vibrating structure, was employed
to estimate the fluid added damping of a cantilever beam and
hydrofoil [44]. This method was implemented in an in-house code
called DAMPEL, which yielded good agreement with the experi-
mental results obtained [21–23]. In this method, a portion of the
force corresponding to the stiffness was assumed to be zero. The
total force was determined by integrating the force over the struc-
ture surface. The flow velocity was considered as an input that is
simply an average value for a flat plate. Therefore, this method is
not applicable for complex geometries such as a turbine runner

blade, as the flow velocity (the relative velocity) increases along
the blade surface.

2.2 Experimental Approaches. Generally, performing an
experiment in a rotating frame to analyze the dynamic response is
complicated, especially for a hydraulic prototype turbine, because
the sensors must be installed in the proper place and remain there
despite high pressure and shear forces. In addition, transmitting
the acquired signal to a stationary unit is another challenge.
Therefore, hydraulic turbines are generally investigated under sta-
tionary conditions in a water tank [28–31].

Most of the experimental instruments implemented to evaluate
fluid added properties disturb the flow around the vibrating struc-
ture, especially under flowing water conditions. In addition, the
position of the sensors is important to obtain reliable results. Nota-
bly, point measurement may lead to incorrect results, as a vibrat-
ing structure has various mode shapes. For example, the damping
coefficient varies as a function of the location on the structure,
e.g., fan blade [45]. Therefore, the measurement points should be
specified using a numerical simulation result. However, perform-
ing such simulations is costly and time-consuming.

More experimental studies to assess the fluid effect have been
conducted on hydrofoils than on turbines runner, as hydrofoils can
be treated as a runner blade. In these studies, however, the effects
of some important components of hydraulic turbines, such as
joints, welded parts, seals, and even neighboring blade, were not
considered. Furthermore, the relative fluid velocity increases sig-
nificantly along the blade as the inlet circulation is transformed by
the runner into torque.

2.2.1 Impact Hammer and Electrodynamic Exciter. An
impact hammer and electrodynamic exciter are the traditional
instruments used to identify the dynamic behavior of a structure.
These methods are particularly suitable for testing structures in
air. However, their application in water is limited, specifically in
flowing water, as the flow is disturbed. Several aspects must be
considered when these methods are employed. For example, the
method of hanging the target and the material of the string are
important. Additionally, the impact position must be away from
any nodal diameter. Rodriguez et al. [31] showed that the best
impact position on the runner blade is located close to the band
for a Francis runner. However, by applying the impact on only
this position, the torsional mode could not be detected. Conven-
tional modal testing is based on accelerometers. The natural fre-
quencies can also be captured with strain gauges. Strain modal
testing is a method based on strain gauge measurement to deter-
mine the dynamic response of a structure, especially while in
operation. In hydraulic applications, strain gauges have been used
to estimate the strain on the runner and other parts of a turbine at
different operating conditions [10,46,47]. Recently, the use of
strain gauges was assessed by Mucchi and Dalpiaz [48] for a sim-
ple structure, and the results were compared with those obtained
with a conventional modal test using accelerometers. The advant-
age and disadvantages of piezoelectric strain gauges versus accel-
erometers were discussed. It was concluded that this method can
estimate the natural frequencies despite its limitations and diffi-
culties. A prototype Francis turbine runner (444 MW) was experi-
mentally investigated to study the feasibility of using strain
gauges to detect the natural frequencies of hydraulic turbines run-
ner while in operation and still in air [49]. Different turbine opera-
tions were investigated. The results showed that some of the
modes were not detected by the strain gauges in air, which could
be due to either a small displacement at the location of the sensors
or a low excitation force. The natural frequencies of the runner
obtained by strain gauges while in operation were compared with
those obtained in air. A frequency reduction of 50–60% was
obtained depending on the mode shape.

2.2.2 Spark Plug. Another tool to provide an impulse excita-
tion is a spark plug. An immersed spark plug generates a shock

050801-2 / Vol. 70, SEPTEMBER 2018 Transactions of the ASME



wave traveling through the water that can excite a submerged
structure. This method can also be used for dynamic calibration of
sensors [50]. Using this method, the hydrodynamic damping of a
2D symmetric modified NACA 0009 blade was experimentally
investigated in still and flowing water at the �Ecole Polytechnique
F�ed�erale de Lausanne (EPFL) high-speed cavitation tunnel
[51,52]. The response of the blade was captured by a laser Dopp-
ler vibrometer. The measurements were obtained at the trailing
edge (TE). The uncertainty of the results increased with the flow
velocity. It is reported that this method is not suitable for high-
velocity flow.

2.2.3 Embedded Piezoelectric Patches. The use of piezoelec-
tric actuators was first introduced by Crawley and de Luis in 1987
[53]. They studied the static and dynamic behavior of these actua-
tors, which were bounded to the surface of an elastic structure and
embedded in a composite. Later, low-cost piezocomposite actua-
tors that showed high performance were introduced, with a life-
time of 90� 106 electrical cycles [54]. The adoption of
piezoelectric patches has received attention in many different
areas, such as aerospace, mechanical, and civil engineering.
Examples of the use of piezoelectric patches as actuators include
space structures [55], vibration control for gas turbine blades [56],
excitation of thin plates [57], active control of a beam [58], and
active vibration reduction of a helicopter [59]. Recently, Presas
et al. [60] reviewed the application of these patches in submerged
systems. A number of submerged systems and related findings
were discussed and summarized.

These patches are perfectly capable of installation on both sta-
tionary and rotating structures. Measurement with piezoelectric
patches, as a nonintrusive technique to excite structures, has dem-
onstrated consistent results for a rotating blade [61]. Similar to
other sensors, these patches also have certain drawbacks, such as
a complex calibration process (a nonlinear response that relates
the voltage and force), electrical cross-talk at high voltage, sensi-
tivity to temperature, and fabrication from brittle materials [60].
These patches can be either installed directly on the structure
using epoxy resin glue or flush-mounted. For flush-mounted
patches, an amount of material needs to be removed from the
structure, which may change the material damping and mode
shapes of the structure. The use of epoxy on the structure may
change the flow pattern and the forces acting on the structure.

A method was developed to determine the frequency response
function of submerged structures using piezoelectric patches with-
out the previous calibration [62]. A circular disk was instrumented
with these patches. The natural frequencies and the damping ratios
were investigated and compared with the results obtained by a
calibrated force transducer. The authors concluded that using
these patches can overcome the previous difficulties, especially
for submerged complex structures such as hydraulic turbines, to
accurately determine the dynamic response.

A few studies on hydrofoils were performed using piezoelectric
patches at the high-speed cavitation tunnel at EPFL, Switzerland.
The effect of leading edge (LE) cavitation on the added mass was
experimentally studied for a 2D NACA 0009 hydrofoil [25]. Vari-
ous tests were performed: tests without cavitation, in the air, par-
tially (only pressure side) and completely submerged in still
water, and with different sigma (r) values and flow velocities.
Continuing this study, the effect of the lateral wall boundary con-
dition at the proximity of the hydrofoil tip on the added mass
effect of conventional NACA 0009 hydrofoil was numerically and
experimentally investigated [26]. The hydrofoil was partially sub-
merged in water with different water levels. Later, in another
study by the same authors, the shape of the first three modes, i.e.,
the first and second bending (f1 and f3) and torsion modes (f2), of a
cantilevered NACA 0009 hydrofoil, were experimentally deter-
mined using a laser Doppler vibrometer [27]. This study was per-
formed under four different conditions: air, still water, flowing
water, and with LE sheet cavitation. The differences in mode
shapes and the locations of nodal lines were studied.

Andritz Hydro, QC, Canada focused on fluid added damping
prediction using macrofiber composites (MFCs). The fluid added
damping effects on three hydrofoils (plate-formed with a hydrau-
lic profile) due to FSI were determined at different flow velocities
from 0 to approximately 22 m/s [21–23]. A sinusoidal signal was
used to excite the hydrofoil, and the response was obtained by a
laser Doppler vibrometer. The stress distribution and deformation
contours were obtained by FEM simulation. MFC actuators
were installed at the region of maximum deformation and stress.
Figure 1 shows the instrumented hydrofoil (H1) with MFC
patches, strain gauges, and a reflective tape for the laser
vibrometer.

According to the mentioned studies, embedded piezoelectric
patches are suitable for curved surfaces such as hydrofoils or
model turbine runner blades submerged in water. Compared to
other techniques used to excite fully submerged structures, piezo-
electric patches disturb the flow field over the structure less. In
addition, the patches can precisely capture the amplitude and fre-
quency output corresponding to an individual input voltage.

2.3 Numerical Approaches. Efforts are ongoing to develop
reliable and faster numerical methods to evaluate fluid added
parameters. Currently, three main numerical approaches are
modal analysis, fluid-structure coupled simulations, and CFD sim-
ulations combined with a motion equation. These methods are
described and discussed below.

2.3.1 Modal Analysis. Within the scope of this review, the
main objectives of modal analysis are to determine vibration char-
acteristics such as natural frequencies, mode shapes, and the fre-
quency response ratio (FRR), which is the ratio of the difference
in the natural frequency of a structure in air and water to the natu-
ral frequency in air, as described later in detail by Eq. (7) of a con-
tinuous structure both in air and submerged in a fluid. To perform
modal analysis considering FSI coupling, the equation of motion
must be coupled with the Navier–Stokes equations [63]. A con-
servative rotating structural system can be described by the equa-
tion of motion for the multidegree-of-freedom vibration in the
stationary frame of reference

½Ms�f€Xg þ ð Cs½ � þ ½CG�Þf _Xg þ ½Ks�fXg ¼ fFsg (1)

where ½M� is the mass matrix, ½C� is the damping matrix, ½K� is
the stiffness matrix, fFg is the load vector, fXg is the displace-
ment vector of the structure, the overdot indicates time differentia-
tion, and the subscripts s and G denote the structure and
gyroscopic effect, respectively. The gyroscopic matrix can be
obtained by the rotational kinetic energy equation [64]. According

Fig. 1 The hydrofoil (H1) and installed instruments. (Repro-
duced with permission from Seeley et al. [23]. Copyright 2013
by GE).
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to Kumar, a stationary frame of reference is suitable for axisym-
metric structures rotating about their axis and modeled along with
stationary parts such as the rotor–stator configuration [65].

The acoustic wave equation can be derived from the Navier–Stokes
equations based on distinct assumptions to obtain the fluid pressure
distribution, which is known as the Helmholtz equation

r2P� 1

c2

@2P

@t2
¼ 0 (2)

where P is the fluid pressure vector, c is the sonic speed in the
fluid, r2 is the Laplacian operator, and t is the time. In this equa-
tion, the fluid is assumed to be slightly compressible, inviscid,
irrotational, and with no mean flow. In addition, the density and
pressure changes in the fluid domain are assumed to be small [66].

Solving the acoustic wave along with the momentum equation
leads to the following relation [67]:

½Mf �f€pg þ Cf½ �f _pg þ ½Kf �fpg ¼ fFsfg (3)

where p is the nodal pressure, the subscript f denotes fluid and Fsf

is the coupling load vector. The FSI coupled formulation can be
described as

½Ms� ½0�
½Mfs� ½Mf �

" #
€Xf g
€pf g

( )
þ
½Cs� þ ½CG� ½0�
½0� ½Cf �

" #
_Xf g
_pf g

( )

þ
½Ks� ½Kfs�
½0� ½Kf �

" #
Xf g
pf g

( )
¼

Fsf g
0f g

( )
(4)

where the subscript fs indicates the coupled matrix. The coupled
mass and stiffness matrix can be obtained from the coupling load
vector. When modal analysis is performed in a still medium, the
gyroscopic matrix vanishes.

The added mass for a number of Kaplan runners was obtained
using modal analysis and compared with that calculated by Theo-
dorsen’s unsteady thin-airfoil theory [42]. Runners with different
diameters and numbers of blades were investigated. The added
mass of the runner submerged in still water was overestimated
by 15–35% at lower runner reduced frequencies because the circu-
larity effect was not included in the method. For high runner
reduced frequencies, good agreement was obtained between the
numerical and analytical results. The runner reduced frequency
was defined as

j ¼ xc

U
(5)

where x, c, and U are the imposed pulsation, half-chord blade sec-
tion, and upstream velocity, respectively. The fluid domain verti-
cal length was suggested to be at least 2–2.5 times the runner
diameter to avoid any error due to a boundary condition. The
added mass value increased with the number of blades, runner
diameter, and blade pitch angle. A similar study [43] was per-
formed to study three different Kaplan turbine runners considering
axial (heave) and torsional (spin) vibration. The polar, axial-polar,
and axial added mass were made dimensionless by the reference
properties of qR5, qR4, and qR3, respectively. The discrepancies
with the analytical results were 27–33% for polar added mass
(m�uu), 15–21% for axial-polar added mass (m�uz), and �1% to
5.7% for axial added mass (m�zz); see Table 1.

However, the method based on unsteady airfoil theory would
be sufficient in the design stage. The effect of the solid casing
around the runner could be the main source of error, as it is not
included in the method.

Modal analysis of a Kaplan turbine runner was performed to
determine the added mass effect [28]. Infinite absorbing bounda-
ries were chosen for the top and bottom boundaries, which absorb
the pressure and prevent excitation from infinity; see Fig. 2.

The vibration characteristics of a Francis runner were obtained
using modal analysis [66] and compared with the experimental
results of Ref. [31]. Two element types, tetrahedral and hexahe-
dral, were used to discretize the domain. The hexahedral mesh
yielded better convergence than the tetrahedral mesh. The normal-
ized natural frequency was used to test the mesh independence.
To perform the simulation in water, shared fluid-solid nodes were
used to guarantee strong fluid-structure coupling. An absorbing
boundary condition, a rigid wall boundary, and a free surface
boundary were used for the cylindrical surface around the struc-
ture, the bottom surface, and the top surface, respectively. These
boundary conditions were selected according to the experiment in
Ref. [31].

The natural frequencies of a prototype and model Francis run-
ner were investigated with modal analysis [30]. A tetrahedral
mesh type was used for both the structure and acoustic elements.
Using modal analysis, the influence of the clearance between the
crown and the runner chamber and between the band and runner
chamber on the added mass in a Francis turbine was investigated
and compared with the cases without clearance [68]; see Fig. 3.

Liu et al. [69] examined the validity of the modal methodology
for capturing the added mass effect under cavitating conditions
for a hydrofoil. The effects of cavitation location and size were
investigated. Three flow conditions over the hydrofoil were cho-
sen: air, submerged in still water, and cavitating conditions. The
FSI domain, which includes both the fluid and solid domains, was
meshed using hexahedral elements, and a fully reflective bound-
ary was used for the fluid boundaries.

2.3.2 Fluid-Structure Coupled Simulations. Fluid-structure
coupled simulations are more computationally and time demand-
ing than modal analysis. D€orfler et al. argue that “These

Table 1 Dimensionless added masses obtained using
unsteady airfoil theory and modal analysis. (Reproduced with
permission from Puolakka et al. [43]. Copyright 2012 by
Elsevier).

Runner 1 Runner 2 Runner 3

Method m�uu m�uz m�zz m�uu m�uz m�zz m�uu m�uz m�zz

Unsteady
airfoil

0.447 0.859 1.71 0.341 0.741 1.666 0.259 0.583 1.366

Modal analysis 0.344 0.708 1.62 0.256 0.635 1.683 0.205 0.506 1.361
Difference% 30 21 5.7 33 17 �1.0 27 15 0.3

Fig. 2 Meshed fluid and structure domain and specified
boundary conditions. (Reproduced with permission from de
Souza Braga et al. [28]. Copyright 2013 by ABCM).
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simulations have replaced the uncertain ‘rules of thumb’ factors
for the added mass effect and have revealed surprisingly large dif-
ferences between the traditional estimates for frequency reduction
factors and the real behavior.” (Reprinted with permission from
D€orfler et al. [70]. Copyright 2013 by Springer-Verlag London).
Most of the studies that investigate the vibration characteristics of
submerged runners or hydrofoils using fluid-structure coupled
simulations are partially (one-way) coupled, as fully coupled sim-
ulations are excessively time-consuming for complex geometries
such as hydraulic turbines. A comprehensive study is required to
identify when partially or fully coupled simulations should be
considered for hydraulic turbines and to assess the related uncer-
tainty associated with each type of modeling.

Recently, a method using numerical simulation combined with
prescribed harmonic modal motion was employed to quantify the
fluid added damping of a propeller turbine runner [71]. This
method was earlier used by Monette et al. [44]. First, the mode
shapes and corresponding frequencies were obtained for the
immersed runner by modal analysis. Then, the runner structural
stiffness was calculated using modal analysis. The fluid added
stiffness was evaluated according to the fluid force variation for at
least two steady-state Reynolds-averaged Navier–Stokes (RANS)
simulations. Two different modal deflections were considered for
the two simulations, and a linear approximation was assumed for
the modal deflection of the runner and the fluid force. Thereafter,
using the forced harmonic modal motion, which was imposed on
the structure as the boundary condition in unsteady Reynolds-
averaged Navier–Stokes (URANS) simulations, added damping
was calculated according to the work carried out on the structure
by the fluid. In this study, only the first vibration mode was con-
sidered in the analysis, while the interaction of the other modes
would influence the results. In addition, the natural frequencies of
a hydrofoil submerged in flowing water obtained by partially and
fully coupled FSI methods were identical. Thus, fully coupled
simulations can be disregarded for a particular case, such as when
the effect of vortex shedding lock-in is not of interest [72].

Fluid added damping was evaluated for a hydrofoil using fully
coupled FSI simulations [72]. An initial force was applied on the
hydrofoil to excite the first bending mode. Subsequently, by
removing the force, the damping ratio was obtained using the log-
arithmic decrement method by examining the amplitude of vibra-
tion. The importance of the time duration of the applied force was
noted, as was the need to consider the structural time scale. This
hydrofoil was previously experimentally and numerically investi-
gated in Refs. [21] and [44].

A recent study showed that an inverse method using coupled
FSI solvers and limited strain measurements can predict the
unsteady hydrodynamic load distribution on a flexible hydrofoil
[73]. This method includes a forward FSI solver and an optimiza-
tion algorithm. The solid solver, which is based on a FEM, models
the foil using one-dimensional beam elements, and the fluid solver
uses the nonlinear lifting line theory, which approximates a three-
dimensional lifting surface as a one-dimensional discrete load dis-
tribution along the span. Each solver was individually validated

using towing tank experiments at the University of Michigan.
Thereafter, the coupled FSI model was validated against experi-
mental values of a flexible hydrofoil. Good agreements were
achieved for all the validations. This technique has the potential to
be included in real-time monitoring systems for predicting flow
conditions and loads to estimate maintenance cycles accurately.

2.3.3 Computational Fluid Dynamics Simulations. The com-
bination of CFD simulations with an SDOF motion equation is
another approach to study the dynamic behavior of a submerged
structure in still or flowing water. The dynamic behavior of any
structure can be estimated by investigating the vibrational
response resulting from an applied perturbation. The applied per-
turbation can be an impact or a harmonic input.

Using the perturbation method, another assumption is required to
calculate the added stiffness [34,71]. It is mathematically difficult to
determine the fluid added mass and stiffness simultaneously without
any assumption using this approach because of the interaction of
mass and stiffness in the vibration equation. However, the added
damping is directly estimated because there is no interaction with
other parameters. Different assumptions have been made to address
this issue. Some studies simply assumed the effect of one or two
parameters as zero for a range of frequencies or a linear behavior of
fluid added parameters for small perturbation frequency values. All
these approaches can consider only a single vibration mode of the
structure. However, assuming a multidegree-of-freedom system and
taking the influence of other modes into account can reveal the
modal damping ratio and added mass for each nodal diameter.

Unsteady Reynolds-averaged Navier–Stokes simulations com-
bined with an SDOF vibration model and a complex transfer func-
tion were used to predict the fluid added moment of inertia,
damping, and stiffness [32]. The fluid added stiffness and damp-
ing were assumed to be negligible at high frequencies because the
transfer function displayed an asymptotic behavior that can be
explained by the fluid added moment of inertia. Therefore, the
added moment of inertia was estimated and assumed to be inde-
pendent of motion frequency. Then, the added stiffness was
obtained using the calculated added moment of inertia and the
real part of the transfer function. In the last step, the fluid added
damping was determined by the imaginary part of the transfer
function as a function of reduced frequency.

Karlsson et al. [33] conducted a study to estimate the torsional
added inertia and damping of the H€olleforsen Kaplan runner.
URANS simulations were performed with the code OPENFOAM and
coupled with the SDOF vibration equation. A sinusoidal perturba-
tion with an amplitude of 4� 10�6 rad and a frequency range of
approximately 100–350 Hz was applied on the runner rotational
displacement. The runner was considered rigid, and the added
stiffness was simply assumed to be negligible.

A methodology similar to that used in Ref. [33] with a different
frequency range and amplitude of perturbation was employed to
evaluate the fluid added properties for the torsional vibration of
the U9 Kaplan turbine model runner at the best efficiency point
(BEP) [34]. A sinusoidal perturbation with an amplitude of 0.5%

Fig. 3 The FEM model of the Francis turbine with and without clearance. (Reproduced with permission
from Zhongyu and Zhengwei [68]. Copyright 2016 by Wang Zhengwei).
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of the constant angular velocity of the runner and a frequency
range of 6–116 Hz was applied on the runner angular velocity.
The fluid added polar inertia was estimated with and without con-
sidering the fluid added stiffness. The added stiffness was
obtained by assuming constant fluid added properties (polar iner-
tia and stiffness) in a small perturbation interval frequency. Fluid
added damping was directly calculated.

All the research works related to fluid added parameters in
hydraulic turbines are summarized in Table 2.

3 Added Mass

3.1 Added Mass Definition. As stated by Brennen, “The
simplest view of the phenomenon of ‘added mass’ is that it deter-
mines the necessary work done to change the kinetic energy asso-
ciated with the motion of the fluid.” (Reprinted with permission
from Brennen [74]. Copyright 1982 by Brennen, C. E.). In other
words, the fluid added mass is the inertia of the entrained fluid [2].
The added mass prediction is necessary to analyze the dynamic
response of a submerged structure in the most suitable manner.
The added mass of a vibrating structure immersed in a fluid is a
function of the following [2]:

� The geometry of the structure and proximity of surrounding
structures

� The frequency and amplitude of the vibrating structure
� Boundary condition such as the relative position of the struc-

ture to the free or closed surface or proximate structures
� The Reynolds-like number

Mfluid ¼ qF geometry;
X0

D
;
fD2

�

� �
(6)

where X0, �, and D correspond to the amplitude of vibration, the
kinematic viscosity of a fluid, and the characteristic diameter,
respectively.

As described in several studies, the natural frequencies of a sub-
merged structure are lower in water than in air due to the fluid
added mass effect. The FRR is defined as

FRR ¼ 1� ffluid

fair

� �
� 100; fair ¼

1

2p

ffiffiffiffiffiffi
ks

ms

s
;

ffluid ¼
1

2p

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ks þ kf

ms þ mf

s (7)

where fair and ffluid are the natural frequencies of a structure in air
and fluid, respectively, m is the mass, k is the stiffness, and the
subscripts f and s denote parameters corresponding to the fluid
and the structure, respectively.

Determination of the added mass effect and FRR in prototype
hydraulic turbines remains a significant challenge. Lais et al. [30]
showed that the FRR for a model and prototype runner in still
water with no boundaries can be described with the FEM. It was
also shown that the FRR is independent of the runner material and
scale. The damping factor was not considered in their analysis,
and therefore, the damped natural frequency was not investigated.
The damped natural frequency is an important parameter in forced
vibration and may not be difficult to scale from model to proto-
type. In addition, as discussed earlier, the main shaft has an influ-
ence on the dynamic response of the runner, but this influence was
not considered in this study. Another study by Egusquiza et al.
[75] investigated the effect of considering the rotor (shaft and gen-
erator) in the FEM analysis of a prototype pump-turbine. The
increase of 16.4% and 2.2% was found for the 2-ND and 3-ND
modes, respectively, due to the greater stiffness of the system
when the rotor was included in the analysis. It was also reported

Table 2 Summary of analytical, experimental, and numerical studies of fluid added parameters in hydraulic turbines

Methodology Studied parameter(s)

Ref. Application Analytical Experimental Numerical Added mass Added damping Added stiffness

[31] A Francis turbine
model runner

Impact hammer � �

[66] A Francis turbine
model runner

Modal analysis �

[30] A Francis turbine
model runner

Modal analysis �

A Francis turbine
prototype runner

[33] A Kaplan turbine
model runner

CFD simulations
coupled with SDOF
vibration equation

� �

[42] Various Kaplan
turbine prototype
runner

A method based on
unsteady airfoil
theory

Modal analysis � �

[43] Three Kaplan runners A method based on
unsteady airfoil
theory

Modal analysis � �

[28] A Kaplan turbine
runner

Impact hammer Modal analysis �

[68] A Francis turbine
prototype runner

Modal analysis �

[71] A propeller turbine
runner

Modal analysis—
CFD simulation
combined with
prescribed harmonic
modal motion

� � �

[34] A Kaplan turbine
model runner

CFD simulations
coupled with pre-
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that the 0-ND and 1-ND modes were more affected, but these
modes were not observed in the modal tests.

3.2 Importance of Natural Modes and Frequencies. A
vibrating structure can be excited under different modes, and each
mode stores a certain amount of energy. The added mass of a sub-
merged structure is significantly affected by mode shapes [76].
The FRR due to added mass depends on the mode shapes for
Francis runners [31]. This effect was also observed for hydrofoils.
The first bending mode of a 2D NACA 0009 hydrofoil was the
mode most significantly affected by the added mass, followed by
the second bending mode [25]. However, smaller effects were
observed for the torsional mode. An experimental study was con-
ducted to examine the added mass effect on a submerged flat plate
in still water [77]. Similar to the previous studies, the added mass
effect was found to be a function of the individual mode shapes of
the structure and decreased at higher modes.

Nearly all studies on hydraulic turbines and hydrofoils have
assumed identical mode shapes in still water and flowing water.
An experimental investigation was conducted to determine the
mode shapes of a cantilevered hydrofoil under different flow con-
ditions [27]. The hydrofoil was investigated in the air, still water,
flowing water, and with LE sheet cavitation. Flow velocity was
set to 11.8 m/s to obtain a cavity that covers 50% of the hydrofoil
chord. Small variations between individual mode shapes were
observed. Nodal diameter location could be considered as a crite-
rion to compare the mode shapes. The nodal line location changed
by changing the flow condition.

The mode shapes of a Kaplan turbine runner and natural fre-
quencies in air (experimentally and numerically) and still water
(numerically) were investigated [28]. Figure 4 presents the natural
frequencies of the Kaplan turbine runner in air and water. The fre-
quency reduction varies for each mode and increases with the mode
increment. In addition, it was shown that using a composite mate-
rial with lower density (E¼ 0.987 GPa and q¼ 1045.7 kg/m3)
resulted in a smaller FRR at higher nodal diameters than lower
diameters. The FRR was larger for blades of composite material
than for those of steel. The type of composite used in the study was
not mentioned.

Frequency response ratio values of 25% and 38% were obtained
for a Francis turbine runner for the second and fifth nodal diame-
ters, respectively [31]. These values were interpreted as high
deformation in the band modes. The torsional mode was less influ-
enced by the added mass effect, and the natural frequency
decreased by only 11%. Moreover, no significant changes in mode
shape in air and still water were observed.

Using modal analysis, a study performed on a model and proto-
type Francis runner also revealed that the FRR value was higher
at higher nodal diameters [30]. The FRR values were approxi-
mately 20% and 45% for the second mode and the fifth mode,
respectively. The maximum FRR increased to 64% for the seventh
mode of the prototype runner.

In hydraulic turbine runners and hydrofoils, the modes behave
differently. For a turbine runner blade, the added mass is affected
by the proximity of the other blades. A larger added mass effect
was found for counter-phase vibrating blades than for in-phase
vibrating blades. This phenomenon was investigated for the free
vibration of two identical circular plates coupled with bounded
fluid [78]. The direction of fluid movement changed from uniaxial
to a combined motion (radial and axial) as the vibration changed
from in-phase to counter-phase, respectively.

3.3 Effect of Fluid-to-Structure Density Ratio. As dis-
cussed earlier, the fluid-to-structure density ratio is an important
factor for determining the appropriate methodology to investigate
the FSI. The values of this parameter are lower in aerospace appli-
cations than in marine or hydraulic turbines. The fluid added mass
effect is directly proportional to the fluid-to-structure density. The
use of composite materials, which is a growing trend in these
industries, alters this parameter by decreasing the density of the
structure. A study by Young et al. [79] reviewed the modeling,
design, and optimization of adaptive composite marine propulsors
and turbines. They also summarized recent progress and discussed
current challenges.

Bossio et al. [80] investigated the effect of the fluid-to-structure
density ratio for a submerged and confined disk. Coupled simula-
tions considering the fluid added mass and dynamic response of
the acoustic cavity showed that the added mass effect increased
with the fluid-to-structure density ratio. In this study, different
fluid densities with a constant structure density were examined,
and the same results were observed for the inverse procedure of
varying the structure density under constant fluid density.

The effects of material anisotropy and added mass on the free
vibration response of composite plates were investigated using
analytical and numerical (Abaqus/Standard) approaches [81].
Fluid and structural damping were neglected in this study. Com-
pared with the results of other studies, the natural frequencies
obtained in air were predicted accurately; however, the natural
frequencies of the structure in water were overestimated, particu-
larly for higher modes. The results showed that, like other studies,
the mode shapes in air and water are similar except for higher
modes. Combined bending and torsional modes appeared from the
first mode shape due to material anisotropy. A 50–70% natural
frequency reduction was obtained in water for different fiber
angles. Motley et al. [82], using the same numerical methodology,
studied the effect of material anisotropy and proximity to the free
surface and solid boundary on the added mass effect for a com-
posite plate. The results showed that the mode shapes were influ-
enced by the fiber angle and plate geometry. Similar to steel
plates, the natural frequency of a composite plate in the proximity
of a solid wall declined. This effect became negligible for gap
sizes greater than 20% of the plate length. Smaller reductions of
the natural frequency were found for higher modes than for lower
modes.

Coupled bending and torsional modes in flexible hydrofoils,
which occur if the pressure center is away from the elastic axis,
have been studied [83,84]. In some situations, this phenomenon is
unavoidable because the center of pressure depends on the flow
condition. The coupling between the bending and torsional modes
affects the natural frequencies and damping coefficient, particu-
larly at higher fluid-to-structure density ratios, and as a result, the
structure response is modified. Using inviscid and viscous FSI
simulations coupled with the two-degree-of-freedom equation of
motion, the natural frequencies and damping coefficient were
obtained. Among the methods examined, the time-domain invis-
cid and viscous models (k � x shear stress transport turbulence
model) led to better agreement with the experimental measure-
ments. The natural frequencies for both modes tended to decrease
with reduced velocity. However, the damping showed a dissimilar
pattern and increased with reduced velocity. Different fluid-to-
structure-density ratios were investigated by changing the solid

Fig. 4 Natural frequencies of the Kaplan runner in air and
water [28]. The hollow symbols correspond to natural frequen-
cies in water obtained from simulation. The square and dia-
mond solid symbols correspond to natural frequencies in air
obtained from experiment and simulation, respectively. (Repro-
duced with permission from de Souza Braga et al. [28]. Copy-
right 2013 by ABCM).
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density. The natural frequencies tended to increase at higher struc-
ture density, while the damping coefficient decreased. The higher
damping coefficient of flexible hydrofoils is the reason why flutter
is less important for hydrofoils than airfoils [83]. The modes cou-
pling effect for a flexible hydrofoil was accurately predicted by
inviscid FSI simulations, which need less computational effort
than viscous FSI simulations, when the flow is attached and fully
turbulent. However, this method was not valid when the structure
density decreased; under these conditions, viscous FSI simulations
showed better agreement with the experimental measurements. In
this situation, the natural frequency decreases, and the damping
coefficient increases rapidly. Therefore, the flow-induced vibra-
tion will be damped, and the harmonic motion assumption used
for the inviscid FSI simulations is invalid. It should be noted that
the Reynolds number range for the experiments performed by
Chae et al. [83] was 6� 105 � 2:1� 106.

Phillips et al. [85] showed that the fluid added damping for the
first mode of a flexible hydrofoil submerged in water depends on
the excitation amplitude and orientation of the fiber layer. The
damping ratio increased with the excitation amplitude and angle
of the fiber angle in a nonlinear manner.

3.4 Effect of Free-Stream Velocity. Hydraulic turbines are
particularly susceptible to FSI due to the high relative fluid veloc-
ity. The free-stream velocity initiates undesirable external excita-
tion forces on the submerged structure which makes the analysis
more complicated. In addition, the instrumentation of immersed
structures with suitable excitation sources or accurate measure-
ment systems is challenging. An NACA 0009 hydrofoil was
examined at four different conditions in flowing water without
cavitation: flow velocities of 7 m/s and 14 m/s and incidence
angles of 1 deg and 2 deg. The added mass effect was more impor-
tant for the hydrofoil at the lower water velocity and higher inci-
dence angle [25]. However, the difference in natural frequencies
in still and flowing water was very small. Investigations on the
three hydrofoils showed that although a decrease of 10% or less
was found for the natural frequency with water velocity, the error
bars increased at higher velocities [21–23]; see Fig. 5. Therefore,
any conclusion from these results should be drawn cautiously.

The free-stream velocity at the inlet of a hydraulic turbine runner
varies as a function of the operating condition. A one-way FSI anal-
ysis showed that the operating condition of a Francis turbine influ-
ences the added mass effect [86]. Natural frequency reduction
values of 34%, 20%, and 28% were obtained at part load, BEP, and
high load, respectively. There was a discrepancy between the
obtained results and the previous studies because the experiments
were performed in still water. However, the simulations considered
the interaction between the flowing water and the structure. A max-
imum deformation of 1.32 mm occurred at the blade TE near the
crown. Not only does the inlet flow velocity change with the operat-
ing condition, but other flow conditions, such as the appearance of
the RVR, vortex shedding intensity, vortices on the blades, cavita-
tion, and pressure fluctuations from guide vanes, also further
increased the complexity of the dynamics of the system. On the
other hand, most studies have ignored the influence of flow velocity
on the added mass effect in hydraulic turbines runner.

3.5 Effect of Cavitation. Cavitation induces time- and space-
dependent fluid density at the region delimited by the surfaces of
the structure and fluid [87]. The dynamic behavior of many sub-
merged structures, such as hydraulic turbines runner, ship propel-
lers, pump impellers, and hydrofoils, is affected by cavitation
conditions, as fluid properties change dramatically. Several stud-
ies have been performed, e.g., a time-dependent hydroelastic anal-
ysis of a cavitating marine propeller was performed using a 3D
potential-based boundary element method coupled with a 3D
FEM [88,89]. The same methodology was employed to analyze
the response of a tidal turbine subjected to spatially varying inflow
under design and off-design operations [90]. In addition, the

method was validated against a marine current turbine. The natu-
ral frequencies of the blades decreased while operating in water
compared to the natural frequencies of the blades in air due to the
added mass effect. In addition to cavitation, atmospheric ventila-
tion on lifting surfaces, which occurs while a lifting body operates
near the free surface, changes the structure’s stability, natural fre-
quencies, and damping. Recently, Young et al. [91] reviewed the
physics of this phenomenon on lifting bodies and its formation
and elimination. They also discussed the scaling effect on ventila-
tion and associated requirements and challenges. A numerical
analysis of an elastic wing under cavitating conditions was con-
ducted to analyze the vibration performance [92]. The effects of
various factors, such as free-stream velocity, moduli of elasticity,
fluid density, and wing density, were investigated. Another study
[87] showed that the added mass matrix for a rectangle and 2D
airfoil is symmetrical for flow without cavitation, and the results
for the potential theory verified this finding. However, this matrix
becomes asymmetric in cavitating flow and is a function of the
structure’s geometry and flow. The added mass effect decreases
with increasing cavitation length.

An experimental study performed by Ducoin et al. [93] on a flex-
ible hydrofoil (NACA 66312) in cavitating and noncavitating flows
showed that the hydrofoil vibration amplitude increased signifi-
cantly for specific frequencies in cavitating flow that can cause res-
onance conditions. They also observed that increasing the pitch rate
of the hydrofoil while studying a transient regime modified the cav-
ity pattern and consequently increased the structural displacement.

Three parameters that influence the dynamic behavior of a
hydrofoil in a cavitating flow are the cavity location and length and
the sound speed inside the cavity region [69]. In the presence of
cavitation, the added mass effect decreased for a 2D NACA 0009
hydrofoil [24–27]. Similar to other studies, the fluid added mass
declined with cavitation length due to the decrease in the average
density of the surrounding fluid in the presence of air bubbles [25];
see Fig. 6. Various sizes of cavitation are presented in Fig. 7.

When cavitation occurs on one side of a hydrofoil, the pressure
distribution around it could result in added stiffness, which should
be considered in the prediction of the added properties. This added
stiffness is due to the torque caused by the pressure distribution on
the blade [27].

A numerical study was performed on a two-dimensional NACA
0009 truncated hydrofoil studied experimentally by De La Torre
et al. [25] to investigate the change of mode shapes in the pres-
ence of cavitating flow [69]. The obtained numerical results were
consistent with the experimental data. Figure 8 illustrates different

Fig. 5 The natural frequency of the first bending mode for
three hydrofoils (H0, H1, and H3) with respect to flowing water
velocity. (Reproduced with permission from Seeley et al. [21].
Copyright 2012 by IOP Publishing).
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mode shapes of the hydrofoil under various flow conditions. Com-
paring the mode shapes under different flow conditions reveals
that there is no noticeable change in the first bending mode (f1).
For the first torsion mode (f2), the maximum deformation point
moves from the TE on the tip toward the LE on the tip by chang-
ing the flow condition from air to cavitating conditions. For the
second bending mode (f3), the nodal line moves toward the TE,
and the mode shape is asymmetric for the cases with cavitation.
The maximum deformation occurs at the TE. All the mode shapes
were in good agreement with the experiment. f2 and f3 were the
mode shapes that were most affected in cavitating flow.

De La Torre et al. [25] proposed that the relative position of the
cavitation region may influence the added mass coefficient. Dif-
ferent cavity starting points in the range of 0–98 mm in steps of

10 mm from the LE and two cavity lengths (l=c) of 0.318 and
0.054 were selected by Liu et al.; see Fig. 9 [69]. l and c are the
cavity length and hydrofoil chord, respectively. Figure 10 presents
the added mass coefficient variation for different cavitation start-
ing points. For f1, the added mass coefficient increased until the
cavity was placed at 10 mm from the LE and then decreased. This
increase occurred at approximately 60 mm for f2. The added mass
coefficient increased for the second bending mode until a part of
the cavity was beyond the airfoil. The added mass effect
decreased significantly for all three modes when the cavity was
not confined to the hydrofoil surface. Moreover, the added mass
effect decreased as the size and thickness of the cavitation region
increased. The results of this study indicate that as the cavitation
size and location change in hydraulic turbines due to changes in

Fig. 6 Added mass coefficient variation with respect to r/2a for f2 and f3 at the incidence
angles of 1 deg and 2 deg. Cm 5 (fair/ffluid)221 is the added mass coefficient; r 5 (Pr 2Pv )/
(1/2qV 2) is the sigma value, where Pr , Pv , and V represent the pressure at the inlet section,
the vapor pressure, and the free stream velocity at the inlet, respectively. a 5 yt/(yt1yl ) is the
void fraction, where yt and yl are the volume of the cavity in the gas and liquid phases, respec-
tively. (Reproduced with permission from De La Torre et al. [25]. Copyright 2013 by Elsevier).

Fig. 7 Different cavity sizes at a flow velocity of 14 m/s, different sigma values, and incidence angles
of 1 deg (top) and 2 deg (bottom) [25]. l and c are the cavity length and profile chord length, respec-
tively. (Reproduced with permission from De La Torre et al. [25]. Copyright 2013 by Elsevier).
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Fig. 8 Hydrofoil mode shapes at different flow conditions with and without cavitation [69]. CSR 5 l/(2c); CSR is the ratio of
the area of the hydrofoil surface covered by the sheet cavity, l is the cavity length, and c is the profile chord length. (Repro-
duced with permission from Liu et al. [69]. Copyright 2017 by ASME).

Fig. 9 Schematic of a hydrofoil cross section, where ld is the starting point of cavitation from
the LE. The chord of the hydrofoil is 100 mm. (Reproduced with permission from Liu et al. [69].
Copyright 2017 by ASME).

Fig. 10 Added mass coefficient variation of the first three modes for different starting points. (Reproduced
with permission from Liu et al. [69]. Copyright 2017 by ASME).
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the operating point, the fluid added mass will be altered. There-
fore, the added mass must be evaluated at different operating con-
ditions of a hydraulic turbine.

3.6 Effect of Submergence Level. The submergence level in
water turbines is generally interpreted as the water head. How-
ever, considering a blade channel, it can be assumed that part of
the blade channel acts as two plate-like structures standing in front
of each other and bounding a fluid between them. Although this
parameter has not been comprehensively investigated for hydrau-
lic turbines, some studies are available for submerged turbines
runner, cantilever beams, plates, and hydrofoils that can provide
useful insights. In addition, studies regarding two parallel plates
are also relevant to this topic.

Rodrigues et al. [31] studied the effect of water height for a
Francis runner immersed in a tank. The water height did not influ-
ence the natural frequencies above a certain level (0.07 m). A sim-
ilar result was found for a composite plate submerged in water
(plate parallel to the water free surface), and the free surface
effects became negligible at a submerged level of more than 50%
of the plate length [82]. In the case of a partially submerged com-
posite plate (the plate is perpendicular to the water free surface), a
rapid natural frequency reduction (up to 80%) occurred compared
to a steel plate (up to 50%) due to the lower structural mass.
Another reason for the frequency reduction is the coupling
between the bending and torsional modes arising from the mate-
rial anisotropy.

In the case of a half-wetted hydrofoil (pressure side only), natu-
ral frequency reductions of 39.67%, 25.88%, and 33.38% were
obtained for the first bending, torsion, and second bending modes,
respectively [25]. The added mass effect for the half-wetted
hydrofoil was lower than that for the fully submerged hydrofoil in
water.

For an NACA 0009 hydrofoil, the effect of submergence level
was studied by filling the tunnel to obtain a submergence of
0–100% in ten steps [26]. This experiment was performed with
two different orientations, as this hydrofoil is asymmetrical: the
LE or TE is vertically submerged in water. Figure 11 shows that
the added mass effect increased with the submergence level or the
vertically oriented hydrofoil wet area, which can also be described
by the displacement of the submerged portion of the hydrofoil. A
comparison study on the torsion modes for the two hydrofoil ori-
entations showed that an additional added mass effect appeared
when the TE was placed at the bottom side of the test section (TE
orientation). The hydrofoil geometry revealed that the sharper TE

experienced a larger deformation, resulting in a higher added
mass effect.

3.7 Effect of a Nearby Solid Structure (Wall Boundary).
Hydraulic turbines of the Francis and Kaplan/propeller types have
a runner confined in a water-filled rigid casing, with a small gap
between the rotating and stationary parts to avoid rubbing. Tip
leakage flow is induced by the pressure difference between the
pressure and suction sides of the runner blade. The acceleration of
the fluid in this region causes an increase in the added mass [74].
The reflection of the pressure waves from the lateral solid wall is
another parameter that influences the added mass value. The prox-
imity of a solid wall can greatly change the added mass; the closer
to a solid wall a structure is, the greater the added mass [16,94].
Hence, the pressure interaction with a solid wall should be consid-
ered in analyses. In Francis turbines, other clearances, such as lab-
yrinth seals and runner axial gaps, that change the added mass
effect are present [95]. The added mass effect due to a nearby
structure also depends on the operating deflected shape of the
structure since the structure undergoes different deformations cor-
responding to applied forces and the gap changes accordingly.
The shaft deflection also changes this gap, for example, the bend-
ing modes of a Kaplan turbine’s main shaft [96]. A decrease in
the tip clearance might increase the added mass effect.

The natural frequencies of a submerged clamped circular plate
in a tank were obtained for different upper water heights [97]. The
total height of the water in the tank was kept constant (0.16 m).
The added mass effect was higher at lower water height; see
Fig. 12.

Figure 13 presents the normalized natural frequencies of a cir-
cular plate for different lateral gaps [97]. The added mass effect
increases for all modes as the gap decreased. A sudden flow veloc-
ity change occurring at the plate edge causes a natural frequency
reduction.

Gaps with a range from 0.12 mm to 2.12 mm were studied to
investigate the effect of rigid wall boundary near a hydrofoil [26].
Different plates with various thicknesses were placed between the
hydrofoil and the tunnel wall to obtain different gap sizes. The
natural frequencies of the hydrofoil in air were 266.7, 1008.7, and
1628.8 Hz for the first bending (f1), first torsion (f2), and second
bending (f3), respectively. Figure 14 presents the added mass coef-
ficient (CM) values previously introduced in Fig. 6. The numerical
results were consistent with the experimental data, except for the
second bending mode. The second bending mode was underpre-
dicted by a factor of 0.33 for all the gap values. It was concluded

Fig. 11 Added mass coefficient for the first bending mode versus submer-
gence level with TE orientation. (Reproduced with permission from De La Torre
et al. [26]. Copyright 2013 by Elsevier).

Applied Mechanics Reviews SEPTEMBER 2018, Vol. 70 / 050801-11



that the presence of a solid boundary in the proximity of the
hydrofoil tip increases the added mass effect, which can be
described by a second-order polynomial function of the gap.

Valent�ın et al. attributed the difference between the analytical
and experimental results of a rotating submerged circular disk to
the effect induced by the rigid casing around the disk, which was

not considered in the analytical model [98]. The analytical method
was presented by Kubota and Suzuki [99]. In fact, the nearby cas-
ing increased the added mass effect. The effects of different gap
distances between the disk and casing were investigated at a fixed
water height. Figure 15 presents the natural frequency ratio of a
disk for different gap distances. The influence of the radial gap
was more pronounced in the transverse modes than in the radial
mode.

For a rotating disk submerged in water, the effect of the axial
gap (the gap between the disk and upper casing) on the dynamic
response was analytically, experimentally, and numerically inves-
tigated [100]. In this study, the flow velocity was considered in
the calculations. The total height of the water was kept constant

Fig. 13 Effect of a lateral gap on different modes for a circular
plate. The curves with the solid and hollow symbols corre-
spond to zero and one nodal diameter, respectively. The
square, circle, upward-pointing triangle, and downward-
pointing triangle correspond to one, two, three, and four nodal
circles, respectively. (Reproduced with permission from Askari
et al. [97]. Copyright 2013 by Elsevier).

Fig. 14 Experimental and numerical added mass coefficients
versus different gap distances for the first bending mode (a),
first torsion mode (b), and second bending mode (c). (Repro-
duced with permission from De La Torre et al. [26]. Copyright
2013 by Elsevier).

Fig. 12 Natural frequencies of a circular plate function of the
water height (H1 corresponds to the water height over the
plate). From the bottom of the figure, the lines correspond to
nodal diameters of 0, 1, 2, and 3, respectively. (Reproduced with
permission from Askari et al. [97]. Copyright 2013 by Elsevier).
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during the experiments. The results showed that the natural fre-
quencies of the stationary disk submerged in water did not change
in a wide range of axial gaps. However, this parameter had a signif-
icant influence on the difference between the two natural frequen-
cies obtained for the rotating disk submerged in water. For a small
axial gap, the difference between the two frequencies increased.

In the previously discussed study, the upper casing was consid-
ered rigid. However, this assumption may not be correct for some
parts in hydraulic turbines. The natural frequencies of the runner
may be affected by deflection of the nearby boundary. Consider-
ing a nonrigid cover, the effect of the axial gap was experimen-
tally studied and compared with a rigid cover for a disk
submerged in water [101]. Two covers with different masses and
stiffnesses were studied. The results showed that a defined param-
eter called the amplitude ratio (the ratio of the vibration amplitude
of the cover to the vibration amplitude of the disk) remained con-
stant for a rigid cover at different axial gaps, except for the sixth
mode shape, as it was close to the rigid cover natural frequency.
However, this ratio was high at lower axial gap values for the non-
rigid cover. The added mass effect increased at a lower axial gap
for the rigid cover, whereas the nonrigid cover showed the oppo-
site trend, with decreased added mass at a low axial gap. The
damping ratio also tended to decrease at a low axial gap for the
nonrigid cover, in contrast to the rigid cover trend.

The size of the fluid cavity in hydraulic turbines changes with
the radial gap and submergence level. The influence of the differ-
ent geometric parameters on the acoustic natural frequency of the
fluid cavity was investigated for a submerged and confined disk
[80]. Different geometric configurations resulted in different
acoustic natural frequencies. In addition, the speed of the sound
increased the acoustic natural frequency. It was concluded that the
acoustic natural frequency can reduce the structural natural fre-
quency by approximately 25% for applications where water is the
medium and stainless steel is used for the structure.

Considering the clearances (between the crown and the runner
chamber and between the band and the runner chamber) in the
dynamic analysis of a Francis turbine revealed that the added mass
effect was higher than that in the case where only the flow passage
was included [68]. Only four modes were investigated, and maxi-
mum FRR values of approximately 16.7% and 39.4% were
obtained for the cases without and with clearance, respectively.

3.8 Effect of Reduced Frequency and Excitation Fre-
quency. A water turbine runner is exposed to several excitation
sources, such as the rotor–stator interaction originating from the

guide vanes and stay vanes, the RVR at part load operation, blade
TE vortex shedding, and even main shaft vibration. Some of these
sources appear under off-design operating conditions, while some
are always present and influence the dynamics of the runner.
Some studies have investigated the added mass effect as a func-
tion of a parameter called the reduced frequency, which is defined
as the Strouhal number; other studies have directly examined the
influence of the perturbation frequency.

A study on the H€olleforsen Kaplan runner under different oper-
ating conditions revealed that the added polar inertia increased
with perturbation frequency at the BEP and declined under off-
design operating conditions [33]. A reduction of 5–65% in the
eigenfrequency was obtained. It was concluded that the added
inertia depends on the turbine operating condition and the excita-
tion frequency.

Puolakka et al. [43] showed that the dimensionless added mass
increased in the low reduced frequency range for different Kaplan
runners. However, in the reduced frequency range of 1–10, slight
variations of the polar and polar-axial added masses were obtained
compared with the axial added mass.

Similar to Ref. [33], the added polar inertia increased with the
perturbation frequencies at the BEP for a Kaplan turbine runner
[34]; see Fig. 16. A slight variation was observed when the added
stiffness was considered in the equation of motion. The results
were in good agreement with the previous study performed by
Puolakka et al. [43].

Yao et al. showed that the natural frequency of the first bending
and torsion modes of a hydrofoil declines with the excitation fre-
quency [20]. However, the added moment of inertia for a NACA
0009 hydrofoil was found to be independent of the excitation fre-
quency as predicted by potential flow analysis [32].

3.9 Effect of Rotational Speed. The centrifugal force, caused
by the rotation, changes the eigenfrequencies of the turbine run-
ner. These changes are the result of an additional stress field on
the runner due to the centrifugal force [102]. The effect of rotation
on the fluid added properties for a hydraulic turbine runner is not
yet fully understood. A circular disk may be considered a reason-
ably close approximation to model complex turbomachinery sys-
tems such as propellers, fan, compressors, and turbines. Several
studies have been conducted on rotating disks in air and immersed
in water to investigate the natural frequency change.

The effect of circular flow was studied on a confined disk
[103]. A circulating water flow was induced by the rotation of the
tank bottom plate, whereas the disk remained still. Two peaks
were detected in the Bode plot of the second mode; see Fig. 17.
For the rotating disk, the relative velocity of the fluid affected the
propagation speed of the traveling waves (forward and backward),
and two modes appeared. A decreasing trend was observed as the
rotational speed of the ground plate increased. In addition, these
two modes rotated in opposite directions. The lower frequency
mode shape rotated in the opposite direction of the flow rotation,
and the other shape was constant with the flow rotation.

Similarly, Presas et al. [104,105] experimentally, analytically,
and numerically showed that the natural frequencies of a still and
a rotating disk are not identical. A slight increase in the second-
mode natural frequency was obtained in air when the disk was
rotating; see Fig. 18. Two frequencies were detected for a rotating
disk in water, similar to Ref. [103]. The results were in good
agreement with the analytical solution. These two frequencies cor-
respond to two waves traveling in the forward and backward
directions. The relative rotation of the fluid and structure explains
this phenomenon. Other studies also found two frequencies for
other rotating structures and showed that these frequencies change
with rotational speed [106,107]. Thus, the natural frequencies of a
rotating structure depend on its natural frequency at rest and the
rotational speed.

Typically, the fluid rotation effect is not included in structural-
acoustical FSI simulations. The previous test case (rotating disk)

Fig. 15 The natural frequency ratios of different modes for dif-
ferent gap sizes. fw and fa are the natural frequencies in water
and air, respectively. From the bottom, the lines correspond to
second, third, fourth, and fifth bending modes and the radial
mode of the shaft. (Reproduced with permission from Valent�ın
et al. [98]. Copyright 2014 by Elsevier).
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was numerically investigated using this numerical method consid-
ering the fluid rotation effect [108]. The results were in good
agreement with the experimental ones obtained by Presas et al.
[105].

4 Added Damping

4.1 Definition. Severe failure of a hydraulic turbine’s runner
can be attributed in many cases to a resonance of the runner result-
ing from an external excitation frequency near the runner natural
frequency [4]. Therefore, estimating the runner natural frequen-
cies under various operating conditions is of crucial importance to
avoid resonance. On the other hand, fluid added damping can sig-
nificantly reduce the amplitude of the vibration even at resonance.

In general, damping is a dissipation of the energy of a vibrating
structure. Damping is divided into three main categories: fluid

added or hydrodynamic damping, material or hysteretic damping,
and Coulomb or dry friction damping. The vibration of the struc-
ture in a fluid is damped by the surrounding viscous fluid due to
the viscous shear of the fluid and is known as fluid added damping
[109].

Hysteretic damping is caused by friction within the moving
structure itself. This type of damping is directly related to the
material properties of the structure. The friction generated by the
relative motion of the two surfaces at the point of contact is
another origin of energy dissipation called Coulomb damping
[110]. The fluid added damping effect is more significant than
hysteretic and Coulomb damping [21]. In this review, fluid added
damping will be studied for hydrofoils and hydraulic turbines.

Generally, compared to that of other types of added damping,
the contribution of hydrodynamic damping to the response of a
vibrating structure is relatively large [111]. Even aerodynamic

Fig. 16 Added polar inertia as a function of the perturbation frequency obtained with zero
and nonzero stiffness assumption [34]

Fig. 17 Phase and amplitude diagram of the vibrating circular plate for the second mode.
(Reproduced with permission from Hengstler [103]. Copyright 2013 by Johannes A. N.
Hengstler).
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damping, which is smaller than hydrodynamic damping, is consid-
ered a key parameter for controlling flutter in gas turbines or fans
[45]. For a fan blade, a negative value corresponds to added
damping, and a positive value corresponds to blade excitation
[112]. Fluid added damping can be interpreted as an exchange of
work between the vibrating structure and the surrounding fluid
during a cycle of vibration. The key role of fluid added damping
is to control the vibration amplitude and prevent resonance of the
vibrating structure.

The three main parameters that influence aerodynamic added
damping are the fluid density, mode shape of the vibrating struc-
ture, and phase difference between the response of the structure
and excitation force [113]. The viscosity effect is another impor-
tant parameter influencing the aerodynamic damping in high
Mach number flows due to the modified pressure distribution on
the compressor blade resulting from the boundary layer change
[114]. Vortex shedding, the proximity of nearby solid structures,
flow velocity, and viscosity are the other parameters that alter
fluid added damping in a hydraulic turbine [36]. The main concern
in hydraulic turbines is off-design operation, which may appreci-
ably change the fluid added damping due to the change in the flow
conditions induced by, for example, flow separation and RVR.

In hydro applications, fluid added damping is more significant
than structural damping. The relative flow velocity on the runner
blades may reach 50 m/s. Thus, a proper dynamic analysis of a
turbine runner, which can increase the turbine overhaul time,
requires the fluid added damping estimation [21]. The structure
damping can be assumed to be negligible in a fluid added damping
analysis. Experiments in air and still water without any hydraulic
forces confirmed a damping ratio of 0.002 for a hydrofoil, which
were attributed to structural damping [21].

4.2 Effect of Free-Stream Velocity. The hydrodynamic
damping for a blade profile in flowing water was experimentally
shown to linearly increase with the flow velocity [115]. A set of
publications also showed that the damping ratio linearly increases
with the flow velocity for hydrofoil profiles and a maximum value

of approximately 0.25 was achieved at a velocity of 22 m/s for H1
[23]; see Fig. 19(a). The slight variation in the slopes may be attrib-
uted to different hydrofoil profiles [21–23]. A previously described
analytical method was employed to study the same hydrofoil [44].
The results were in good agreement with the experimental data pre-
viously obtained in Ref. [44]; see Fig. 19(b). Using two combined
methods, the damping ratio of the same hydrofoil was evaluated by
including the modal motion of the structure (prescribed harmonic
modal motion and free oscillation of the structure) in CFD simula-
tions. Figure 19(c) compares the results obtained by the two meth-
ods with the experimental data. The insufficient number of
oscillation periods at higher flow velocities was mentioned as a pos-
sible source of deviation between the models.

The effects of flow velocities ranging from 2 to 15 m/s were
investigated experimentally for a 2D symmetric modified NACA
0009 [51]. A noncavitating flow condition was set, and the hydro-
foil was placed at a zero-incidence angle. Using a Hilbert trans-
form and logarithmic decrement equation, the damping was
obtained for both the bending and torsion modes. A linear relation
between the damping and flow velocity for the first bending mode
and the constant damping for the first torsion mode were obtained.
The damping coefficient for the torsion mode in still water was
four times lower than that for the first bending mode.

Liaghat et al. [116] evaluated the effect of flow velocity on the
fluid added damping of a hydrofoil using two-way coupled FSI
simulations. The studied test case was previously investigated
experimentally in Ref. [21]. The comparison showed that even
simulations with smaller time steps overestimated the damping
ratio by 12%. The discrepancies were greater at higher velocities
than at lower ones. However, a linear relation between the damp-
ing ratio and the flow velocity was obtained. Experimental deter-
mination of the added damping is challenging but is the only way
to obtain reliable damping values.

4.3 Effect of Reduced Frequency and Excitation Fre-
quency. As discussed in Sec. 3.8, the runner of a hydraulic tur-
bine runner experiences a broad range of disturbances under

Fig. 18 Natural frequencies and corresponding phases of the disk in air, still water, and rotating in air and water [104]
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different operating conditions due to the presence of different
sources of excitation. The frequency and even the amplitude of
these disturbances change with the operating condition, and as a
result, similar to the fluid added mass, the fluid damping also
changes. The effect of reduced frequency was investigated on the
fluid added damping for three Kaplan runners [43]. The added
damping declined with the runner reduced frequency. Like the
added mass, the added damping also approached a constant value
for reduced frequencies larger than one. In contrast, an increase in
added damping was observed with frequency under all operating
conditions for the H€olleforsen Kaplan runner [33]. The added

damping value was greater at part load than at high load. The BEP
had the minimum added damping value. An increase in damping
ratio of 30–80% was obtained. Recently, a numerical investigation
conducted on the U9 Kaplan runner operating at the BEP showed
that the added damping was rather constant at perturbation fre-
quencies below three times the runner frequency (10 Hz) and
increased at higher frequencies [34].

A numerical analysis was conducted on an NACA 0009 hydro-
foil to evaluate the fluid added damping in a range of reduced fre-
quencies [32]; see Fig. 20. The hydrofoil was subjected to three
flow velocities. The dimensionless fluid damping was found to be
independent of the flow velocity and was a function of only the
reduced frequency.

For safe turbine operation, the vibration amplitude of a runner
blade must be held in a certain limit because it is confined in a
rigid casing. Therefore, the vibration amplitude of a runner blade
is small under a safe operating condition. A numerical investiga-
tion using two different amplitudes of the prescribed modal
motion, 1 and 3 mm, showed that the fluid added damping for a
Kaplan runner can be considered independent of the vibration
amplitude [71]. The obtained fluid damping was approximately
15% of the critical damping for its first vibration mode. The
hydrodynamic damping of a blade profile was also found to be
independent of the oscillation amplitude by Kaminer [115].

4.4 Effect of Rotational Speed. Hydraulic turbines are
designed to operate at a constant rotational speed because genera-
tor is synchronized to the grid. At a constant guide vane opening,
the added damping value remains unchanged over a cycle of rota-
tion. However, changing the guide vane angle results in different
flow swirls and velocities over the blade. In addition, variations in
rotational speed occur during transient operation, such as start and
stop, can influence the damping value. Consequently, it is difficult
to quantify the effect of the time-dependent runner rotational
speed as the flow velocity varies.

One factor that varies during runner speed variation is the cen-
trifugal force. The aerodynamic damping decreased as the centrif-
ugal force increased with the rotational speed for a turbine blade
[117]. Experimental results showed that the damping value was
larger at the blade base than at the blade midspan. This can be
interpreted as an influence of the centrifugal force.

4.5 Effect of Cavitation and Vortex Shedding. Benaouicha
and Astolfi [87] showed that the induced added damping in cavi-
tating flow oscillates with the flow-density change rate between
positive and negative values. Further investigations are needed to
study the effect of cavitation on the added damping effect.

Fig. 19 The damping ratio as a function of flow velocity: (a)
experimental results for the first bending mode for H0, H1, and
H3 hydrofoils (Reproduced with permission from Seeley et al.
[23]. Copyright 2013 by GE), (b) numerical and experimental
results for H0 hydrofoil [44], and (c) results obtained by modal
work and one-DOF methods for H0 hydrofoil [44]. (Reproduced
with permission from Monette et al. [44]. Copyright 2014 by IOP
Publishing).

Fig. 20 Dimensionless added damping as a function of
reduced velocity [32]. l�5 lf /((1/4)qCrefAL2); l� is the dimen-
sionless added damping, lf is the fluid damping, q is the fluid
density, Cref is the upstream velocity, L is the chord length, and
A 5 L3e is the cross-sectional area, where e is the numerical
domain span. (Reproduced with permission from M€unch et al.
[32]. Copyright 2010 by Elsevier).
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Vortex shedding behind a structure induces lift fluctuation
[118], which expedites fatigue damage, followed by severe vibra-
tion and failure. The added damping was calculated for various
prescribed vibration amplitudes of a propeller turbine [71]. Two
different frequencies were observed: the prescribed frequency and
vortex shedding frequency. The amplitude of vortex shedding
showed no dependence on the vibration amplitude. Therefore, the
effect of vortex shedding becomes dominant at lower amplitudes.
However, this effect disappears at higher amplitudes.

Two NACA 0009 hydrofoils with different TE shapes were
experimentally investigated in the EPFL cavitation tunnel [20].
The results showed that the vibration of the hydrofoil with a
Donaldson TE was lower than that of one with a blunt TE. Figure 21
illustrates the damping factor of the first bending and torsion
modes for both hydrofoils. The damping factor remained almost
constant for reduced velocities below 0.15, while a linear increase
in the added damping was found for higher reduced velocities. In
addition, no lock-in frequency was observed for the hydrofoil
with the Donaldson TE, which was previously reported in Ref.
[119]. Nevertheless, a physical explanation for the observed
reduced vibration and high damping factor is still lacking.

5 Added Stiffness

The added stiffness is a component of the fluid force described
by the ratio of the fluid force to the structural displacement. Com-
pared with fluid added mass and damping, fluid added stiffness

has received less attention in hydraulic turbines. Only a limited
number of studies have attempted to investigate the fluid added
stiffness in hydraulic turbines.

Using forced vibration coupled with URANS simulation, the
fluid stiffness was obtained for an NACA 0009 hydrofoil [32]. A
range of reduced frequencies and flow velocities was examined.
Figure 22 presents the fluid added stiffness for a range of reduced
frequencies. According to the results, the dimensionless stiffness
is independent of the upstream flow velocity but linearly depends
on the reduced frequency. In addition, the fluid added stiffness is
negligible at high frequencies.

Using the method described previously in Sec. 2.3.3, the fluid
added stiffness was obtained for a U9 Kaplan turbine runner
model [34]. Comparing the relative contribution of each fluid
added parameter in the additional moment showed that the effect
of added stiffness can be assumed to be negligible in the consid-
ered Kaplan turbine. Gauthier et al. [71] evaluated the fluid added
stiffness using two steady-state simulations. A linear approxima-
tion was assumed for the modal deflection of the propeller runner
and the fluid force. The added modal stiffness was approximately
2% of the structural modal stiffness. The fluid added mass was
3.59 times the runner structural mass.

6 Conclusions and Future Work

The dynamic response of a hydraulic turbine runner varies dur-
ing turbine operation, and when the runner is immersed in still
water or in air. The natural frequencies and damping ratios of the
runner must be determined at the design phase. Inaccurate
assumptions may result in inadequate runner design, leading to
large vibrations and/or catastrophic failure. FSI analysis and the
evaluation of fluid added mass, damping, and stiffness have

Fig. 21 The damping factor as a function of reduced velocity
for Donaldson and blunt TEs. (a) First bending mode and (b)
first torsion mode. (Reproduced with permission from Yao et al.
[20]. Copyright 2014 by Elsevier).

Fig. 22 Dimensionless fluid added stiffness as a function of
reduced velocity [32]. k �5 kf /((1/2)qCrefAL2); k � is the dimen-
sionless added stiffness, kf is the fluid added stiffness, q is the
fluid density, Cref is the upstream velocity, L is the chord length,
and A 5 L3e is the cross-sectional area, where e is the numeri-
cal domain span. (Reproduced with permission from M€unch
et al. [32]. Copyright 2010 by Elsevier).
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recently received significant attention, as many turbines’ runners
are being replaced. The objective of the current work was to
review works performed to determine the fluid added mass, damp-
ing, and stiffness in Kaplan and Francis turbines, with a particular
emphasis on all the available methods. The parameters that affect
the fluid added mass and damping in hydraulic turbines have been
addressed. The fluid added stiffness has also been briefly dis-
cussed. In addition to the literature on hydraulic turbines, several
studies investigating hydrofoils, circular disks, and plates have
also been reviewed, mainly due to the lack of research on hydrau-
lic turbines and the similarity of those test cases to turbine run-
ners. Several studies have sought to evaluate the natural
frequencies of turbine runners in air and immersed in still water.
However, limited investigations have focused on the dynamic
response of turbine runners during operating conditions.

Most studies that have aimed to investigate the fluid added
mass effect in hydraulic turbines have assessed the natural fre-
quency of the runner in air and immersed in still water. The mode
shapes are assumed to be similar in air and water, and each mode
receives an individual FRR value. These studies have shown that
the behavior of the modes differ between hydraulic turbine run-
ners and hydrofoils. The added mass effect is higher at higher
nodal diameters for runners but decreases as the mode number
increases for hydrofoils. The behavior differs because in turbine
runner blade vibration, the blade is affected by the proximity of
other blades. Therefore, there is a need for experimental and
numerical studies on two parallel or partially overlapped
hydrofoils.

According to the literature, fluid added damping is more signifi-
cant than other types of damping in hydraulic turbines. The results
have shown that the added damping increases with the flow veloc-
ity. The confinement of the runner, especially the radial and axial
gaps, has an important effect on damping. In addition, the fluid
added parameters are affected not only by the runner axial and
radial gaps and the relative position of the runner blades but also
by the turbine operating condition. Generally, a turbine runner is
exposed to various excitation sources, and the contribution of
each source varies with the operating conditions. For example, the
amplitude of the rotor–stator interaction force differs at part load,
the BEP, and high load, and the RVR appears only at part load
operation. Moreover, natural frequencies and damping variation at
transient operating conditions such as start-up, shut-down, spin-
no-load, load acceptance, and rejection yet have to be included in
the literature. Hence, evaluations of the fluid added mass and
damping under different operating conditions are needed.

The added stiffness in hydraulic turbines has been assessed in
only a limited number of studies. As noted earlier, an assumption
is needed to evaluate the added stiffness. Most studies have sim-
ply ignored this parameter in the system. Nevertheless, a few stud-
ies have shown that compared with that of the structural stiffness,
the added stiffness effect is very small.

The results of prototype tests are not fully satisfactory, and the
transition from model to prototype is still a significant challenge.
Dynamic similarity between model and prototype turbines does
not exist. What is the relation between the structural response of
the model and that of the prototype turbine runner? To answer this
question, individual tests on models and prototypes are required to
study the scale-up effect for fluid added parameters. Although
some limited studies have been conducted to investigate the natu-
ral frequencies of model and prototype runners, the added damp-
ing remains unknown for prototype runners. One study showed
that the FRR was similar for a model and prototype; however, the
natural frequencies differed.

Fluid-structure interaction is an inherently complex phenom-
enon that is even more complicated for geometries such as that of
a turbine runner. One of the most fundamental questions concern-
ing FSI simulation of hydraulic turbines is as follows: Which type
of coupling (partially or fully coupled simulation) is needed? Sur-
prisingly, this question has not been answered definitively, despite
efforts to investigate the FSI and fluid added parameters. To

address this question, the first step is to provide experimental data
as a benchmark for validating fluid-structure coupled simulations,
which are rather rare, particularly for prototype turbines. A meth-
odology can subsequently be proposed to evaluate the fluid inter-
action and evaluate the fluid added parameters along with the
runner natural frequencies. In addition, a systematic methodology
using nondimensional parameters is required to determine which
method of coupling is appropriate for an individual hydraulic tur-
bine. Establishing these parameters will pave the way toward effi-
cient modeling that avoids unnecessary simulation costs.

Acknowledgment

The study was performed as part of the “Swedish Hydropower
Centre - SVC.” SVC was established by the Swedish Energy
Agency, Elforsk and Svenska Kraftn€at with Luleå University of
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Numerical analysis of fluid-added
parameters for the torsional vibration
of a Kaplan turbine model runner
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Abstract
The impact of fluid on the runner of a hydraulic turbine is a recurrent problem. Fully coupled fluid–structure simulations
are extremely time-consuming. Thus, an alternative method is required to estimate this interaction to perform a reliable
rotor dynamic analysis. In this article, numerical estimations of the added inertia, damping, and stiffness for a Kaplan tur-
bine model runner are presented using transient flow simulations. A single-degree-of-freedom model was assumed for
the fluid–runner interaction, and the parameters were estimated by applying a harmonic disturbance to the angular velo-
city of the runner. The results demonstrate that the added inertia and damping are important, whereas the stiffness is
negligible. The dimensionless added polar inertia is 23%–27% of the reference value (rR5). Damping significantly contri-
butes to the moment at low excitation frequencies, whereas the inertia becomes dominant at higher frequencies.
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Introduction

Hydraulic turbines are typically refurbished approxi-
mately every 40 years. A refurbishment typically
involves new parts, such as the runner, guide vanes,
bearings, and generator, whereas the water ways are
unmodified mainly due to the high cost of replacing
these components. To increase the power output of a
hydraulic turbine in addition to improving the effi-
ciency, the runner hub diameter is decreased to make a
larger amount of water move through the turbine. The
runners are also becoming lighter because of advance-
ments in materials technology. Developments in
numerical simulations and model testing have enabled
the design and installation of more efficient runners.
The changes in design alter the dynamics of the system,
and a rotor dynamic analysis must therefore be per-
formed to determine the natural frequencies of the sys-
tem to avoid potential resonance during operation. The

effect of the surrounding water, which adds mass,
damping, and stiffness to the system, is important for
the rotor dynamic analysis.

The added mass determines the kinetic energy that is
transferred from the structure motion to the fluid.1 In
other words, the added mass or apparent mass is
defined as a part of the surrounding fluid accelerated
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Technology, Luleå, Sweden
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by the movement of the structure with respect to the
fluid.2 The added damping, which reduces the vibration
amplitude, is mainly expressed by the dissipated struc-
tural energy. For example, the bulk of the energy is
expended on generating the trailing edge vortices for a
runner blade, which can be considered as an unsteady
lifting surface.3 The last added parameter, called the
added stiffness, is similar to the added damping and
depends on the motion of the structure and surround-
ing flow.4

Due to recent technological advancements and
increased computational capacity, computational fluid
dynamics (CFD) can now be used to analyze the fluid–
structure interaction. In addition to the stiffness and
damping, the added mass has been studied for simple
objects5 and complex structures, such as pumps6,7 and
off-shore structures.8

Liang et al.9 investigated the fluid–structure interac-
tion of a Francis turbine runner with the finite element
method to determine the dynamic coefficients in still
water and air. The effect of added inertia was studied
by considering the natural frequency, frequency reduc-
tion, and mode shapes under both conditions. A com-
parison of the results can help to determine the
influence of surrounding water on the natural frequen-
cies, damping ratio, and added inertia. The results for
the natural frequencies and mode shapes were consis-
tent with those of earlier experiments.10

Structural analysis with CFD was also performed
for Francis and Pelton runners.11 These investigations9–12

focused on the vibration and mode shapes of the run-
ner instead of the dynamic properties of the entire rotor
system. Researchers have devoted considerable effort
to investigating Francis turbines,9,12–15 whereas Kaplan
turbines have received less attention. The deflection of
the Kaplan turbine runner for different Young’s mod-
uli was simulated using one-way and two-way coupled
fluid–structure interactions.16 De Souza Braga et al.17

performed a modal analysis and an experimental inves-
tigation of a Kaplan turbine runner. The mode shapes
and natural frequencies of the runner in still water and
air were presented and compared.

The rotor dynamic coefficients of hydraulic
machines, for example, Francis and Kaplan turbines,
are leading parameters that have not been comprehen-
sively identified. An experimental study of the effect of
the surrounding water on the hydraulic machines is
extremely challenging due to the size and complex
experimental implementation. Numerical and analytical
methods are useful for gaining insight into the fluid and
structure interactions while avoiding experimental diffi-
culties. Karlsson et al.18 studied the added polar inertia
and damping of a Kaplan turbine model at three differ-
ent operating points via CFD. Only four points were
evaluated at high perturbation frequencies, which were

at least 10 times larger than the rotational frequency of
the runner. The added polar inertia decreased, and the
added damping increased with increases in the pertur-
bation frequency at the off-design operating points.
Both added properties increased at the best efficiency
point (BEP). Both high and low excitation frequencies
are of interest for Kaplan turbines, for example, the
rotating vortex rope frequency is 0.2–0.4 times the run-
ner frequency.

Keto-Tokoi et al.19 presented an analytical method
based on Theodorsen’s unsteady thin-airfoil theory to
quantify the added mass and damping of various
Kaplan runners. The results from the finite element
(FE) simulation and the analytical method were com-
pared. The added mass increased with increases in the
number of blades and runner diameter. Puolakka
et al.20 used the same analytical method to examine
three Kaplan runners with variations in several charac-
teristics, such as the blade number, specific speed, tip
clearance, and hub ratio. The added mass and damping
in the polar, axial, and polar–axial directions for the
runners were compared with the FE simulations. An
increase in added mass in the polar, axial, and polar-
axial coordinates was observed in the studied frequency
range. However, the added damping tended to decrease
with increases in frequency. A similar method, namely,
two-dimensional (2D) thin-airfoil theory with lifting-
line theory, was used to determine the added mass and
damping of a marine propeller.21

The available literature on the influence of runner
rotation and the associated rotating flow field on the
fluid-added properties for torsional vibration is lim-
ited.19 Both numerical and experimental modal analy-
ses, which are used to determine the effect of the added
mass, are intended for stationary objects. Therefore, a
computational tool that considers the effect of the rota-
tion, turbulence, and flow unsteadiness would be useful.
In this work, a wide range of perturbation frequencies
was investigated using transient CFD for a Kaplan tur-
bine model.

This article presents the fluid-added properties for
the runner of a Kaplan turbine model. The runner is
assumed to be rigid, and the main objective is to iden-
tify the added properties that result from the fluid inter-
action. Then, these properties can be used in a rotor
dynamic analysis of the entire rotor system. The runner
operates at a constant rotational speed subjected to per-
turbation frequency, and 20 different perturbation fre-
quencies were considered here. This study considers a
wider range of perturbation frequencies than the study
of Karlsson.18 This study considers frequencies that are
0.5–10.1 times the runner operating frequency. An anal-
ysis method was developed with least squares fitting to
determine all the coefficients. The results are presented
as frequency-dependent coefficients.
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Numerical simulation

The Kaplan model investigated in this work is known
as the Porjus U9 model. The fluid part has been
experimentally and numerically investigated in detail
by Mulu and colleagues22–24, Jonsson et al.25 and
Amiri et al.26–28 This model is a 1:3.1 scale of the
10MW prototype turbine, which has a runner diameter
of 1550mm. The turbine is composed of 18 unequally
distributed stay vanes, 20 guide vanes, and 6 runner
blades. The model runner has a diameter of 500mm,
and its hub-to-tip ratio is 0.52. The runner shroud and
tip solidity are 0.87 and 1.2, respectively.

The computational model used in this study is pre-
sented in Figure 1, which was extracted from the
numerical simulations of Mulu et al.24 The spiral casing
and stay vanes are omitted because their presence is
not required to capture the flow near the runner.

As shown in Figure 1, the complete geometry of the
guide vanes and runner was used for the simulation.

The computational domain includes three domains,
which are connected to one another with general grid
interfaces (GGIs). The mesh used in the simulations
was selected based on the mesh study of Mulu et al.24

Hexahedral-type elements were used for all parts,
including the guide vanes, runner, and draft tube. The
mesh resolution at the hub clearance and tip clearance
is shown in Figure 2. The number of cells in both
regions was 5–10. The total number of elements in this
study was approximately 17million. A 2D view of the
mesh at the mid-span of the runner blade is shown in
Figure 3.

The simulations were performed at the BEP for the
U9 model. The operating parameters are presented in
Table 1.

In this study, the unsteady Reynolds-averaged
Navier–Stokes approach was applied to perform the
simulations using the commercial software ANSYS
CFX 16.2. This software uses an element-based finite
volume method that implements various discretization
schemes. The high-resolution discretization scheme was
applied for the continuity and momentum equation
advection term. Using a blend factor parameter, this
scheme can perform the first-order upwind in a high-
gradient region or the second-order scheme in a low-
gradient region.29 The first-order upwind scheme was
used for the advection terms in the turbulence equa-
tions. This solver is pressure-based and coupled, that is,
the continuity and momentum equations are solved in
a fully coupling manner. The mass flow was discretized
in a manner similar to that suggested by Majumdar,30

who presented a modified version of the Rhie and
Chow’s31 discretization. The simulations require a suf-
ficiently small time step to resolve various phenomena
in the flow. The time step was set to 3.6e24 s, which
corresponds to approximately 1.5� of the runner revo-
lution. The simulations were run until a periodic flow
was achieved at specific monitor points. After reaching

Figure 1. Computational domain comprising the guide vanes,
runner, and draft tube.

Figure 2. Mesh density at the hub clearance near the trailing edge (left) and the tip clearance near the leading edge (right). The
blade is shown in green.
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convergence, the data were recorded for evaluation in
the present investigation.

According to the numerical simulation of Mulu
et al.,24 who investigated many turbulence models
(k2e, re-normalisation group (RNG) k2e, shear stress
transport (SST) and scale-adaptive simulation–shear
stress transport (SAS-SST)) to simulate the Porjus U9
model at the BEP, the standard k2e model with a scal-
able wall function is suitable and was used to perform
the simulations. A scalable wall function can handle
fine meshes near the wall regardless of the Reynolds
number.29 To consider the transient flow characteris-
tics, a transient rotor–stator interface was selected as
the domain interface between the rotating and station-
ary domains. A sliding interface was used between the
domains to resolve the transient interactions. This
model is highly cost-effective because it includes all
transient features.

Modeling of the system

The runner of the Kaplan turbine is modeled as a rigid
disk to formulate the torsional vibration with 1 degree
of freedom. The equation that governs the forced tor-
sional vibration with a single degree of freedom is

Jf
€[ tð Þ+Cf

_[ tð Þ � v0

� �
+Kf [ tð Þ � v0tð Þ=M tð Þ ð1Þ

where [(t), v0, and M(t) are the angular displacement,
runner angular velocity, and torsional moment of the
turbine, respectively. The added polar inertia Jf , damp-
ing Cf , and stiffness Kf are parameters given by the
interaction of the runner with the surrounding water.
The added properties are parameters calculated using
the total moment of the turbine extracted from the fluid
simulation. As shown in equation (1), the added inertia,
damping, and stiffness are in phase with the accelera-
tion, velocity, and displacement, respectively.

We assume that the unsteady perturbations induced
by different sources can be characterized by a harmonic
perturbation with constant amplitude and frequency.
To investigate the added properties, a prescribed har-

monic perturbation
�_[ is applied to the constant angu-

lar velocity of the turbine
�_[. The total angular velocity

_[(t) of the turbine can be expressed as

_[ tð Þ= �_[ tð Þ+ �_[ tð Þ=v0 +A: sin k:v0:tð Þ ð2Þ

where A, k, and t are the perturbation amplitude, per-
turbation frequency factor, and time, respectively. In
the simulation, the perturbation frequency factor varies
in the range of 0.5–10.1, and the perturbation ampli-
tude is 0.5% of the constant angular velocity of the
runner.

A total of 21 transient simulations were performed
for the following values of the perturbation frequency
factor k: 0.5, 1, 1.5, 2, 2.5, 2.9, 3, 3.01, 3.1, 3.5, 4, 4.5, 5,
5.5, 6, 7, 8, 9, 9.9, 10, and 10.1. The perturbation fre-
quency factors used were spaced at intervals of 0.5 from
0.5 to 5.5 and at intervals of 1 from 6 to 10; five addi-
tional values were also included: 2.9, 3.01, 3.1, 9.9, and
10.1. Due to these harmonic disturbances, an additional
moment �M tð Þ will affect the turbine, and the governing
equation is

Jf
�€[ tð Þ+Cf

�_[ tð Þ+Kf
�f tð Þ= �M tð Þ ð3Þ

We assume that the additional torsional moment of
the turbine takes the following form

�M tð Þ=M1 sin v:tð Þ+M2 cos v:tð Þ ð4Þ

where v= k:v0 is the perturbation angular velocity.
The added properties can be obtained from equations
(1)–(4) as

v2Jf � Kf

� �
=

M2v

A
ð5Þ

Cf =
M1

A
ð6Þ

The added damping is independent of the added
inertia and stiffness. Because the added inertia and stiff-
ness appear in the same equation, an assumption is

Table 1. Operational condition parameters for the U9 model.

Parameter Value

Turbine head (m) 7.5
Flow rate (m3/s) 0.71
Runner angular velocity (rad/s) 72.92
Guide vane angle (�) 26
Blade shroud stagger angle (�) 42
Blade tip stagger angle (�) 21

Figure 3. Blade-to-blade view of the inter-blade channel mesh
at the mid-span of the runner blade.
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required to solve the set of equations. According to a
previous study,10 the effect of the added stiffness is neg-
ligible for a Francis turbine runner. In other studies,
the right-hand side of equation (5) is expressed using
only a frequency-dependent added inertia to obtain the
added mass of the Kaplan runner.20 The added inertia
and damping can be calculated directly without consid-
ering the added stiffness in the set of equations.

A simple method to obtain the added polar inertia is
to define it to be constant over the operational range.
According to equation (5), if the second-order polyno-
mial is fit on the right-hand side of the equation, the
added polar inertia can be easily obtained as approxi-
mately 0.277 (Figure 4).

In addition to the aforementioned method, an
approach is proposed to investigate the supposedly
negligible effect of the added stiffness. In this approach,
the added mass and stiffness are defined to be constant
over a frequency interval Dv; for instance,
Kf (v)= constant and Jf (v)= constant for
v� (Dv=2)�v�v+(Dv=2). Therefore, two equa-
tions are obtained for Jf and kf . An appropriate fre-
quency interval Dv should be selected. Theoretically, a
smaller interval will yield a better result. However, the
residuals of the simulations affect the results. Thus, a
sensitivity analysis was conducted for several perturba-
tion frequency factor intervals on the polar inertia for
k = 3. Figure 5 shows the polar inertia function of the
perturbation frequency factor interval. The polar iner-
tia initially converges to a value with slight variations
(below 1%). A further decrease in the frequency inter-
val interrupts the converging trend, likely because of
the numerical uncertainty. An interval of Dk =v0 was
selected.

Fluid simulations were performed for various per-
turbation frequencies to obtain the moment. Then, the
parameters were calculated using the zero-stiffness defi-
nition and developed method.

Results

The simulations were performed with ANSYS CFX,
and the total moment was extracted for the vibrational
analysis. Figure 6 shows the total moment and rota-
tional speed of the turbine. In this case, the perturba-
tion frequency is five times the runner frequency.

Figure 6 shows a phase shift between the angular
velocity and moment. As described in equations (5) and
(6), the phase shift plays a key role in the estimation of
fluid-added properties. The phase shift between the
forced rotational speed and obtained moment is shown
in Figure 7 with respect to the perturbation frequency.
With increasing perturbation frequency, the phase shift
increases to approximately 65�, which indicates that the
forced rotational speed and moment maintain a nearly
constant phase shift at higher frequencies greater than
40Hz. Therefore, the added properties depend more on
the moment amplitude than on the phase shift at higher
perturbation frequencies. A maximum value of 70�
occurs at 70Hz, which corresponds to a frequency fac-
tor of 6.

The last two periods are used to obtain the fitted
curve, and the phase and amplitude of the moment can
be solved. The moment function is estimated to a

Figure 4. Right-hand side of equation (5) as a function of the
perturbation frequency.

Figure 5. Polar inertia sensitivity analysis for the perturbation
frequency factor interval.

Figure 6. Moment and angular velocity for k= 5.
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harmonic signal using the least squares method in
MATLAB. The curve fitted to the moment is presented
with the input in Figure 8.

The moment is not a single harmonic function,
which indicates that the problem is nonlinear. At lower
frequencies, the deviation decreases, and the system is
linear, as shown in Figure 8. However, an error in the
estimation of added properties is expected at higher
perturbation frequencies because of the nonlinearity
and the inaccuracy of the curve-fitting.

Two methods for estimating the added properties,
which are used in this study, are briefly described
below:

� The added inertia and damping can be estimated
at various perturbation frequencies by defining
the added stiffness as zero. If any added stiffness
effectively exists due to the presence of the flow,
the estimated added inertia value will be underes-
timated with such assumption according to equa-
tion (5) (Figure 9).

� In the other method, the stiffness contribution is
considered in the equations. The influence of the
rotor dynamic parameters is defined as constant

within a small perturbation frequency interval.
Hence, the parameters are estimated by compar-
ing the data in an interval Dk =v0.

Although the change in the parameters is not negligi-
ble in the selected perturbation frequency interval, the
estimation error is low. The total error is higher when
the perturbation frequency factors are closer together,
for example, 2.9, 3.01, and 3.1 or 9.9 and 10.1, due to
the higher numerical errors. Therefore, the aforemen-
tioned simulations are not considered in the subsequent
analysis.

In Figure 9, the estimated polar inertia is shown and
compared with the zero-stiffness solution (solid line). If
a zero-added stiffness is assumed to determine the
added inertia, the added stiffness resulting from the
flow will influence the estimated value of the added
inertia (Jest) by

Jest = Jf �
Kf

v2
ð7Þ

where Jf and Kf are the correct added inertia and stiff-
ness without assumption. The results effectively show
an underestimated added inertia, indicated in Figure 9,
assuming a zero stiffness. However, there is only a
small change in polar inertia when the stiffness is
included (\8%), which indicates that the effect of stiff-
ness is negligible. In addition, the added polar inertias
obtained using the two methods are clearly consistent
with the calculated value (Figure 4).

Figure 10 presents the added damping as a function
of the perturbation frequency. As illustrated in
Figure 9, the added polar inertia increases more at the
lower perturbation frequencies than at higher ones
when assuming a stiffness of zero; conversely, the
added damping is constant at perturbation frequencies
below 35Hz and increases at higher frequencies. The
stiffness is shown as a function of the perturbation fre-
quency in Figure 11.

Figure 7. Phase shift as a function of the perturbation
frequency.

Figure 8. Moment and least squares fitted curve for k= 5.

Figure 9. Added polar inertia as a function of the perturbation
frequency.
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Following the zero-stiffness method presented
above, the obtained added polar and damping are com-
pared with the results of the study of Puolakka et al.20

and Karlsson et al.18 in Figures 12 and 13. The added
properties are presented in dimensionless form using
the reference values of rR5 and rR4U for the added

polar inertia and added damping, respectively.20 r, R,
and U are the flow density, runner radius, and blade
tip velocity, respectively. The added polar inertia is rea-
sonably consistent with the study of Puolakka et al.20

There is a significant discrepancy between the findings
of Karlsson et al.18 and our results, despite the similar
qualitative behaviors. This discrepancy may be due to
the smaller number of runner blades, lower head, and
lower flow rate of the investigated turbine.

The obtained added damping increases with the per-
turbation frequency. The results of the study of
Karlsson et al.18 have a similar trend but appear at
higher perturbation frequencies. Nonetheless, both our
results and those of Karlsson et al. have a similar over-
all trend. The magnitude of the added damping is in
good agreement with the findings of Puolakka et al.20

at lower frequencies (5–70Hz) but not at higher pertur-
bation frequencies (.70Hz). As the operating condi-
tions and geometry of the turbines in these two studies
differ from those in our case, differences in the results
are expected.

A comparison of the effect of each parameter in
terms of its relative contribution to the additional
moment indicates the significance of each. Figure 14
illustrates the relative contribution of the added polar
inertia Jf Av, damping Cf A, and stiffness Kf A=v. These
values are made dimensionless by dividing them by the
additional moment caused by the angular velocity
perturbation.

As noted above, similar to Francis turbines, the
added stiffness does not play a significant role in the
Kaplan turbine rotor dynamics, as confirmed by its
contribution to the total moment (Figure 14) compared
to the added polar inertia and damping.

The blade inflow condition significantly affects the
turbine performance and flow structure. For a given
guide vane and runner blade angle, a different rota-
tional speed of the turbine runner results in a different

Figure 10. Added damping as a function of the perturbation
frequency.

Figure 11. Added stiffness as a function of the perturbation
frequency.

Figure 12. Dimensionless added polar inertia as a function of
the perturbation frequency.

Figure 13. Dimensionless added damping as a function of the
perturbation frequency.
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angle of attack and a different blade-relative velocity
magnitude. Therefore, the time-dependent rotational
speed imposed in the simulation is expected to induce a
time-varying flow. The transient results with and
without a perturbation are compared to identify any
difference in the magnitude of the flow velocity in the
inter-blade channel. Figure 15 illustrates the blade-to-
blade velocity contour of the cases with and without
perturbation at the mid-span. The velocity contour of

the case with prescribed perturbation is presented at
three phases: mean value, peak value, and base value of
the perturbation amplitude. The perturbation frequency
is 81.3Hz.

The velocity contour remains qualitatively
unchanged with and without imposed perturbation. A
small difference is observed for the maximum flow
velocity, which occurs on the suction side of the runner
blade, between the cases without perturbation and with
maximal perturbation amplitude. This small velocity
variation does not change the flow field. Vortex shed-
ding behind the runner blade was not observed due to
either the high flow velocity and optimal blade angle at
the BEP, which force the flow to attach to the blade
and leave it smoothly, or/and the grid size, which is not
sufficiently fine behind the runner blade to capture the
vortex shedding. Further grid refinement to capture the
vortex shedding would increase the computational
complexity of the analysis considerably.

Discussion and conclusion

An alternative method to more accurately determine
rotor dynamic parameters is desired in the design of
hydro turbines. These parameters are important and
must be included in the dynamic analysis of

Figure 14. Relative contributions of the polar inertia, damping,
and stiffness to the additional moment.

Figure 15. Blade-to-blade velocity contour of the case with no perturbation (top left), mean value of the perturbation amplitude
(top right), peak value of the perturbation amplitude (bottom left), and base value of the perturbation amplitude (bottom right).
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hydropower rotors. Recent developments in computa-
tional resources, CFD codes, and turbulence modeling
have replaced the ‘‘rules of thumb’’ factors for deter-
mining the impact of added mass with more accurate
estimations.32 In this study, numerical simulations for
various perturbation frequencies have been performed
to estimate the added polar inertia, damping, and
stiffness of a Kaplan turbine model runner. A single-
degree-of-freedom model was assumed for the fluid–
runner interaction, and the added properties were
estimated by applying a harmonic perturbation in the
angular velocity. The resulting moment from the simu-
lations was assumed to be harmonic. This assumption
was shown to give a good approximation at low pertur-
bation frequencies, whereas the error in the assumed
harmonic moment increased at higher frequencies
because of nonlinear effects.

In general, all added properties increase with the
excitation frequency in the studied range. In addition,
nonlinear effects appear at high perturbation frequen-
cies (greater than 40Hz), as shown in Figure 8, which
causes the uncertainty in the determination of the added
proprieties. Furthermore, the parameter analysis indi-
cates that added stiffness is negligible in the model;
thus, the simplified estimation with zero stiffness is
applicable. Comparisons with the reference polar iner-
tia of the runner show that the fluid will add 23%–27%
more inertia depending on the excitation frequency.
The deviation from previous studies may be caused by
the different flow rate, head, and geometry. Therefore,
similar cases should be investigated to validate the
results.

Acknowledgements

The study was performed as a part of the ‘‘Swedish
Hydropower Centre—SVC.’’ SVC was established by the
Swedish Energy Agency, Elforsk, and Svenska Kraftnät with
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of Technology, Luleå, 2012.

23. Mulu BG, Jonsson PP and Cervantes MJ. Experimental

investigation of a Kaplan draft tube—part I: best effi-
ciency point. Appl Energy 2012; 93: 695–706.

24. Mulu B, Cervantes M, Devals C, et al. Simulation-based
investigation of unsteady flow in near-hub region of a
Kaplan turbine with experimental comparison. Eng Appl

Comput Fluid Mech 2015; 9: 139–156.
25. Jonsson PP, Mulu BG and Cervantes MJ. Experimental

investigation of a Kaplan draft tube—part II: off-design
conditions. Appl Energy 2012; 94: 71–83.

26. Amiri K, Cervantes MJ and Mulu B. Experimental inves-

tigation of the hydraulic loads on the runner of a Kaplan

turbine model and the corresponding prototype. J

Hydraul Res 2015; 53: 452–465.
27. Amiri K, Mulu B, Raisee M, et al. Unsteady pressure

measurements on the runner of a Kaplan turbine during

load acceptance and load rejection. J Hydraul Res 2016;

54: 56–73.
28. Amiri K, Mulu B and Cervantes MJ. Experimental inves-

tigation of the interblade flow in a Kaplan runner at sev-

eral operating points using laser Doppler anemometry. J

Fluids Eng 2016; 138: 021106.
29. ANSYS. ANSYS CFX-solver theory guide, release 15.0.

Canonsburg, PA: ANSYS, 2013.
30. Majumdar S. Role of underrelaxation in momentum

interpolation for calculation of flow with nonstaggered

grids. Numer Heat Transfer 1988; 13: 125–132.
31. Rhie C and Chow WL. Numerical study of the turbulent

flow past an airfoil with trailing edge separation. AIAA J

1983; 21: 1525–1532.
32. Dörfler P, Sick M and Coutu A. Flow-induced pulsation

and vibration in hydroelectric machinery: engineer’s guide-

book for planning, design and troubleshooting. Berlin:

Springer Science+Business Media, 2012.

10 Advances in Mechanical Engineering



 

 

 

 

 

 

PAPER E 
 

Fluid added polar inertia and damping for the torsional vibration 
of a Kaplan turbine model runner considering multiple 
perturbations 
 

 

Authors: 

Arash Soltani Dehkharqani, Jan-Olov Aidanpää, Fredrik Engström, and Michel J. Cervantes 

 

Article published in: 

IOP Conference Series: Earth and Environmental Science, 2019 (Reprinted with permission). 

 

 

 

 

 

 

 

 

 

 



 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 



Content from this work may be used under the terms of the Creative Commons Attribution 3.0 licence. Any further distribution
of this work must maintain attribution to the author(s) and the title of the work, journal citation and DOI.

Published under licence by IOP Publishing Ltd

29th IAHR Symposium on Hydraulic Machinery and Systems

IOP Conf. Series: Earth and Environmental Science 240 (2019) 062007

IOP Publishing

doi:10.1088/1755-1315/240/6/062007

1

 
 
 
 
 
 

Fluid added polar inertia and damping for the torsional 
vibration of a Kaplan turbine model runner considering 
multiple perturbations

A Soltani Dehkharqani, J Aidanpää, F Engström, M J Cervantes

Department of Engineering Science and Mathematics, Luleå University of
Technology, Luleå, Sweden

E-mail address: arasol@ltu.se

Abstract. A water turbine runner is exposed to several perturbation sources with different 
frequencies, phases, and amplitudes both at the design and off-design operations. Rotor-stator 
interaction, cavitation, rotating vortex rope, and blade trailing edge vortices are examples of such 
perturbations which can disturb the runner. The rotor dynamic coefficients require being
determined to perform a reliable dynamic analysis. Fluid added inertia, damping, and stiffness 
have previously been investigated for individual perturbation frequencies for the torsional 
vibration of a Kaplan turbine model runner. However, a number of perturbation sources mostly 
take place simultaneously and alter the dynamics of the runner. Soltani et al. [1] have evaluated 
the torsional added parameters for a Kaplan turbine runner using numerical simulations
considering single perturbation frequency. In the present work, the fluid added parameters are 
assessed in the presence of multiple perturbation sources. A similar methodology is used. A 
single-degree-of-freedom (SDOF) model for the dynamic model and unsteady Reynolds-
averaged Navier–Stokes approach for the flow simulations are assumed. Perturbations with 
different frequencies are applied to the rotational speed of the runner to determine the fluid added 
parameters for the torsional vibration. A number of previously investigated frequencies are 
chosen and their combinations are investigated. In addition, two different phase shifts are
considered between the applied perturbations to study the effect of phase. Two more test cases 
with higher perturbation amplitude are also conducted to investigate its influence on the fluid 
added inertia and damping. The results are compared with the previous study and the interaction 
of multiple perturbations on the added parameters is investigated. 

1. Introduction
Among all renewable resources, hydropower is the largest and provides about 17% of the global 
electricity capacity [2]. The extent of intermittent resources such as solar and wind increases the off-
design operations in hydro-turbines. Hence undesired loads and flow pulsations with a wide frequency 
spectrum are induced on the runner. The presence of pressure pulsations with various frequencies and 
amplitudes on hydro turbine runners has been shown and investigated at steady and transient operating 
conditions [3-5]. Not only an individual perturbation but also the superposition of multiple perturbations
may alter the dynamic response of the turbine by modifying the rotor dynamic parameters.
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A limited number of studies has been conducted on the influence of fluid added properties in hydro-
turbines. In 2009, Karlsson et al. [6] have studied the Hölleforsen Kaplan runner. The added polar inertia 
increased with perturbation frequency at best efficiency point (BEP) but decreased at off-design 
operating conditions. However, the added damping showed an almost linear trend in the studied 
frequency range, 10-40 times the runner operating frequency. An increase of 30-80% in damping and 
reduction of 5-65% in eigenfrequency were obtained in the investigated frequency range.
In 2013, Puolakka et al. [7] have investigated three individual Kaplan runners. The axial, polar-axial, 
and polar added mass increased and added damping declined with runner reduced frequency, = .

, , and are imposed angular frequency, half-chord blade section, and upstream velocity, 
respectively. A slight variation of the added mass and damping for the reduced frequency range larger 
than one was obtained for all three investigated runners. 
Most recently, the added damping was estimated for a propeller turbine runner at high load for the 
various amplitude of prescribed modal motion [8]. The results showed that the added damping is almost 
independent of the vibration amplitude. In addition, any significant change was observed in the flow 
field by the structural deflection. Hence, one-way fluid-structure interaction analysis would be 
sufficient. The fluid added mass was found 3.59 times of the runner structural mass and the added modal 
stiffness was found to be about 2% of the structural modal stiffness.
A number of numerical and experimental investigations showed that the natural frequencies of model 
and prototype Francis turbines are reduced due to the added mass effect. Modal analysis was performed 
to obtain the natural frequencies of Francis runners in the air and immersed in water [9-11].
Another study showed that the operating condition of a Francis turbine affects the fluid-structure 
interaction [12]. One-way fluid-structure interaction simulations were performed at different operating 
conditions. The largest reduction of the natural frequency was found at part load. 
Soltani et al. [1] have investigated the added polar inertia, damping, and stiffness of the U9 Kaplan 
turbine model runner. Unsteady Reynolds-Averaged Navier-Stokes (URANS) simulations combined 
with SDOF vibration model were used to obtain the added properties. A method was proposed to obtain 
the added stiffness. Both added polar inertia and damping increased with perturbation frequency. The 
effect of stiffness was found negligible. The results were in good agreement with the previous study 
performed by Puolakka et al. [7].
A good turbine design should take into account the fluid influence on the structure. The current study 
presents the effect of multiple perturbations on the fluid added parameters for the torsional vibration. 
The simulations and modeling of the system are similar to previous research [1]. Three test cases with 
different perturbation frequencies, two with different phases, and two with higher perturbation 
amplitudes are considered; the frequencies of 4, 7, and 10 times the runner operating frequency, the 
phase shifts of 30 and 60, and the amplitudes of 0.5% and 1% of the rotational speed. These perturbations 
are applied to the rotational speed of the runner. The least square fitting method is used to fit the runner 
moment. Thereafter, the fluid added polar inertia and damping are obtained. The fluid added stiffness is
disregarded in this study as it was previously found negligible [1].

2. Methodology

2.1. Numerical simulation
The Projus U9 model located in Porjus, Sweden has been investigated in the present study. This Kaplan 
turbine model is a 1:3.1 scale of the 10 MW prototype turbine, which has a runner diameter of 1.55 m. 
The turbine is composed of six runner blades, twenty guide vanes, and eighteen unequally distributed 
stay vanes. The model runner has a diameter of 500 mm, and its hub-to-tip ratio is 0.52. The runner 
shroud and tip solidity are 0.87 and 1.2, respectively.
The computational domain is composed of the guide vanes, runner and draft tube, see Figure 1. The 
complete geometry of the guide vanes and the runner have been used in the domain. The mesh used in 
the simulations has been selected based on the mesh study of Mulu et al.[13]. Hexahedral-type elements 
have been used for all parts, including the guide vanes, runner and draft tube. The number of cells in the 
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hub and tip clearance in the radial direction is 5-10. The total number of elements in this study is
approximately 17 million.
The fluid part has been solved using the commercial software ANSYS-CFX 16.2. The unsteady 
Reynolds-averaged Navier-Stokes approach has been applied to perform the simulations. The high-
resolution discretization scheme was applied for the continuity and momentum equation advection term. 

-order upwind scheme has been used for the advection terms in the turbulence equations. The 
simulations required a sufficiently small time-step to resolve various phenomena in the flow. The time 
step is 3.6 10-4 second which corresponds to approximately 1.5° of the runner revolution. The 
simulations have been run until a periodic flow was achieved at specific monitor points. After reaching 
convergence, the data have been recorded for further analysis in the present investigation.

Figure 1. Computational domain of the Kaplan turbine model.

The standard k- has been used to model the turbulent flow [14].
The turbulence model has been selected based on a research performed by Mulu et al.[13] which 

, and SAS-SST) to simulate the Porjus U9 
model at the BEP. A transient rotor-stator interface has been selected as the domain interface between 
the rotating and stationary domains and a sliding interface has been used between the domains to resolve 
the transient interactions. 
The simulations have been performed at the BEP for the U9 model. The operating parameters are 
presented in Table 1.

Table 1. Operational condition parameters at the BEP.

Parameter Value
Turbine head (m) 7.5
Flow rate ( /s) 0.71
Runner angular Velocity (rad/s) 72.92
Guide vane angle (°) 26
Blade shroud stagger angle (°) 42
Blade tip stagger angle (°) 21
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2.2. Modeling of the system
The runner of the Kaplan turbine has been assumed to be rigid and the equation of angular motion is
derived considering a SDOF model.( ) + ( ( ) ) + ( ( ) ) = ( ) (1)

where ( ), and ( ) are the angular displacement, runner angular velocity and torsional moment 
of the turbine, respectively. is time and the “dot” denotes time derivative. The added polar inertia ,
damping and stiffness are parameters given by the interaction of the runner with the surrounding 
water.
To investigate the added properties, a prescribed harmonic perturbation is applied to the runner angular 
velocity . This component includes two harmonics which have two different frequencies with an 
individual amplitude. A phase shift is also considered between the harmonics. The total angular velocity ( ) of the turbine can be expressed as
 ( ) = + ( ) = (1 + . (sin( . . )+sin( . . + ))) (2)

where , , and are the perturbation amplitude, the perturbation frequency factor and the phase shift 
between the perturbations, respectively. The subscripts 1 and 2 refer to the first and second applied 
perturbations, respectively.
Seven test cases have been studied with different frequency combination, phase shift, and perturbation 
amplitude. Table 2 presents the detail of the cases.

Table 2. The test cases detail.

Test case and 
1 4 and 7 0° 5 10-3
2 4 and 10 0° 5 10-3
3 7 and 10 0° 5 10-3
4 4 and 7 30° 5 10-3
5 7 and 10 60° 5 10-3
6 4 and 7 0° 10 10-3
7 7 and 10 0° 10 10-3

An additional moment, ( ), affects the turbine operation due to these perturbations. The governing 
equation is written as
 ( ) + ( ) + ( ) = ( ) (3)

The additional moment can be decomposed into four components and expressed as( ) = sin( . . ) + cos( . . ) + sin( . . ) + cos( . . ) (4)

Assuming a negligible fluid added stiffness, the fluid added polar inertia and damping can be found 
from the following equations for each individual applied frequency.
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= . .  , =  . .  (5)

=   , =   (6)

3. Results
Figure 2 illustrates the velocity streamlines initiated at the inlet of the guide vanes at the BEP operating 
condition. The streamlines pattern indicates a stable flow at the BEP. Within the runner, the flow 
velocity increases and then decreases continuously towards the draft tube bend. As the kinematic energy 
leaving the runner is recovered into pressure, the flow velocity reduces. 

Figure 2. Flow streamlines initiated at the inlet of the guide vanes at the BEP operating 
condition where the velocity distribution shown in the stationary frame of reference. 

As a preliminary, Figure 3 shows the numerical result of the additional moment of the turbine due to the 
applied perturbations for the perturbation factors of 4 and 7. The fitted curve is obtained using the last
three periods of the results.

Figure 3. Additional moment and fitted curve for case 1.
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The added polar inertia is presented for different simulations along with the reference values obtained 
for single perturbation frequencies in Figure 4. The results show that the deviation from the reference 
values for all the cases is small for the perturbation factors of 4 and 10. Although more discrepancy is 
seen for the perturbation factor of 7 for some cases, the maximum difference with the reference value is 
approximately 10%, see Table 4. This indicates that the added polar inertia can be considered 
independent of the presence of multiple perturbations with different frequencies, phase shifts, and 
amplitudes.

Figure 4. Fluid added polar inertia as a function of perturbation frequency.

Figure 5 presents the fluid added damping for different cases. The results illustrate a different trend 
compared to the added polar inertia. More added damping appears in cases with multiple perturbations,
especially at high perturbation frequencies. As shown in Figure 5, the case 1-7 gain approximately the 
same added damping. It means that added damping only depends on the perturbation frequency and the 
phase shift between the harmonics and higher amplitude does not have any significant effect.

Figure 5. Fluid added damping as a function of perturbation frequency.
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Table 4 presents the comparison between the added properties with the reference values given in Table 
3. The added polar inertias are seen approximately unchanged. However, the added damping increases 
at high frequencies due to the interaction of the frequencies particularly.

Table 3. Reference added properties for single 
perturbation frequencies [1].

4 0.25 30.97
7 0.26 54.16

10 0.27 93.30

Table 4. The difference of added polar inertia and damping for cases 
with multiple perturbations compared to reference values (%).

Test case = 4 = 7 = 10 = 4 = 7 = 10
1 2.76 7.40 - 16.32 41.00 -

2 1.69 - 1.88 14.88 - 64.82

3 - 2.66 1.16 - 32.14 63.31

4 2.63 10.94 - 16.13 40.85 -

5 - 3.28 0.56 - 28.35 64.13

6 2.05 4.97 - 14.60 36.33 64.13

7 - 1.53 -1.94 - 30.05 52.20

4. Discussion and conclusion
The fluid added properties of a Kaplan turbine model have been obtained considering multiple 
perturbations. The perturbations have been applied to the rotational speed of the turbine runner. Seven 
different cases with different frequency combination, amplitude and phase shift have been examined.
The additional moment due to these perturbations has been analyzed and the added polar inertia and 
damping calculated. The results illustrate that the added polar inertia can be assumed independent of the 
presence of multiple perturbations as a small deviation from the reference values has been observed. On 
the other hand, the interaction of the harmonics has modified the added damping value, particularly at 
high perturbation frequencies. The added damping has increased by 14-65%. As results illustrated, any 
effect of phase shift and amplitude has not been observed in the added properties. Therefore, the increase 
of added damping can be attributed to the presence of multiple perturbations, not a different phase shift 
or amplitude.
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