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Abstract
A radial piston hydraulic motor has several components that encounter sliding or 
rolling motion under lubricated conditions. When a hydrostatic, hydrodynamic or 
elastohydrodynamic oil film separates the interacting surfaces, the wear and friction 
are low provided of course the hydraulic fluid is free from the presence of 
contaminants. Mixed lubrication may occur even at relatively high speed when using 
low viscosity fluids and may result in increased friction which adversely affects the 
operating efficiency of the hydraulic motor. Additionally, the increased heat 
accumulation at different interfaces of the motor under extreme operating conditions 
involving high pressures, high speeds and low viscosities can also lead to unstoppable 
thermal process resulting in seizure. At low speeds, different tribological pairs operate 
in boundary lubrication regime and are prone to wear. The associated high friction can 
also result in low starting efficiency.  
The research work reported here has thus focussed on addressing the above mentioned 
questions so as to improve understanding of the tribological phenomena and find ways 
for improving and alleviating hydraulic motor tribological components.  
The results have shown that it is possible to reduce both the boundary friction and the 
lift-off speed through proper choice of surface modification methods and their 
application on motor components.  
The running-in aspect is also very important for the satisfactory tribological 
performance of the motor. An optimal running-in can improve surface roughness and 
conformity of motor components. The studies have shown that the use of DLC and 
phosphate coatings can be effective in accomplishing these. It may however also be 
kept in mind that during the initial sliding (running-in) the machine components are 
susceptible to wear and roughening of the surfaces. The conformity and roughness of 
the surfaces of the sliding components are important for the lift-off speed and this also 
influences both the seizure resistance and overall efficiency of the motor. Three 
processes give rise to the occurrence of seizure in a hydraulic motor and these have 
been identified as: friction heat generation during operation in mixed lubrication 
regime, friction heat generation during operation in full film lubrication regime and 
entrapment of wear particles between sliding surfaces. The initiation of scuffing on a 
local scale has been found to be dependent on interface temperature rather than on the 
pv-value. 
There are several polymeric materials that are suitable for journal bearing applications 
in hydraulic motors. The PTFE based polymeric materials have the potential to reduce 
break away friction by an order of magnitude. However, after running-in at 100 MPa 
contact pressure their low coefficients of friction have been found to increase.  
The simulation of a hybrid journal bearing including influence of surface roughness 
has shown good correlation with practical measurements in component test rig in 
lubrication regime ranging from full film down to boundary lubrication. 
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Appended papers 

Paper A: Nilsson, D., Prakash, B., Investigation into the seizure of hydraulic 
motors, Tribology International, 2010, Volume 43, Issue 1-2, pp92-99. 

Paper A presents a study on full scale tests on hydraulic motors at extreme running 
conditions with high pressure, high speed and low viscosity. The motors were stopped 
early in the seizure process which allowed for detailed investigation of the motor 
components. The result is a suggested seizure process for hydraulic motors. Daniel 
Nilsson planned and evaluated the tests with supervision by Professor Braham 
Prakash.  

 

Paper B: Nilsson, D., Isaksson, P., Prakash, B., Effects of area ratio and nature of 
surfaces on scuffing in lubricated contacts, Proceedings of the Institution 
of Mechanical Engineers, Part J: Journal of Engineering Tribology, 
Volume 223, Number 3/2009, pp445-456 

In this paper, a tribo test was developed to simulate scuffing between piston and 
cylinder in radial piston hydraulic motors. The use of 4-ball tribometer allowed high 
contact pressure and high speed along with low viscosity. It was found that contact 
conditions like area ratio between upper and lower specimen influenced on the 
scuffing initiation. Contact temperature rather than contact pressure controlled the 
scuffing initiation. The experimental work and analysis was planned and performed by 
Daniel Nilsson with supervision by Professor Braham Prakash. Mr. Patrik Isaksson 
performed the thermal simulations.  

 

Paper C: Isaksson, P., Nilsson, D., Larsson, R., Elasto-hydrodynamic simulation 
of complex geometries in hydraulic motors, Tribology International, 42 
(10), pp1418-1423. 

Paper C presents a comparison between simulations and experiments on a journal 
bearing in a hydraulic motor. The simulation model incorporates an iterative finite 
element solution of global deformation, oil film pressure and force equilibrium. Good 
correlation was found between calculated and experimental results regarding friction 
and leakage. The calculations were performed by Mr. Patrik Isaksson by the 
supervision of Professor Roland Larsson. The experimental work was planned by 
Daniel Nilsson and performed together with Andreas Wallgren. 
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Paper D: Nilsson, D., Prakash, B., Influence of different surface modification 
technologies on friction of conformal tribopair in mixed and boundary 
lubrication regimes, Wear, 2011, Article in press. 

Paper D describes the results from friction and running-in study in a component test 
rig where tests in all lubricating regimes were possible. Several PVD-coatings were 
evaluated in mixed and boundary lubrication regime and it was concluded that the 
running-in was quite different with different surface modification technologies. Some 
of the coatings gave superior lift-off speed that was governed both by the surface 
roughness and form after the running-in procedure. The test rig has been developed by 
the supervision of Daniel Nilsson during several years and the practical tests for this 
article were performed together with Andreas Wallgren. The analysis and evaluation 
of the results was made together with Professor Braham Prakash. 

 

Paper E: Isaksson, P., Nilsson, D., Larsson, R., Almqvist, A., The influence of 
surface roughness on friction in a flexible hybrid bearing, submitted to 
Journal of Engineering Tribology. 

This paper incorporates the application of a two scale approach on deformation and oil 
film formation in a flexible hybrid bearing. The two scales are the actual measured 
surface roughness and the global geometry of the bearing and were handled with 
homogenization technique. The calculations were performed by Patrik Isaksson with 
the supervision of Professor Roland Larsson and Dr. Andreas Almqvist. The 
manufacturing of the test specimens, the experimental work in a component test rig 
and surface analysis was performed by Daniel Nilsson. 

 

Paper F: Nilsson, D., Carlevi, J., Lundmark, J., Prakash, B., Tribological
performance of different functional surfaces in conformal contact, to be 
submitted. 

Paper F contains the results from experimental work in oscillating Cameron Plint test 
equipment. It showed that the application of a DLC coating was most effective in 
reducing wear compared to different applied functional surfaces. The running-in of the 
surfaces was governed by the individual surface roughness of the upper and lower 
specimen. Daniel Nilsson supervised the manufacturing of test specimens, planned and 
evaluated the tests. The experimental work was performed together with Jens Carlevi 
and Jonas Lundmark with the supervision by Professor Braham Prakash. 
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Paper G: Nilsson, D., Prakash, B., Friction and wear of some selected polymeric 
materials for conformal tribopairs under boundary lubrication 
conditions, to be submitted 

Paper G deals with the suitability of using polymers in a heavy loaded journal bearing. 
The work was performed in a pin-on-disc machine and it was found that the 
breakaway friction was very low with PTFE containing materials. However, after a 2 h 
wear test, the breakaway friction increased due to most of the load was carried by the 
filler material. Several of the tested materials had low wear rate and would suit as a 
replacement for the reference cast iron material. Daniel Nilsson designed the specimen 
holder and planned, performed and analysed the tests with supervision by Professor 
Braham Prakash.  
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1 Introduction 

1.1 Radial piston hydraulic motors and tribological challenges 
A radial piston hydraulic motor is well suited for low speed, high torque applications 
due to the large number of piston strokes per revolution which will ensure smooth and 
stable operation even down to as low speed as 0,01 rpm. However, speed up to 400 
rpm is also possible with the same motor design.  
The casing of a radial piston hydraulic motor is filled with hydraulic oil which is an 
advantage since all sliding and rolling interfaces in the motor will operate under fully 
flooded lubrication conditions. Additionally, the hydraulic oil can transport wear 
particles and heat away from the tribological interfaces to oil filters and coolers. 
However, the same oil that lubricates the slowly sliding components in the hydraulic 
motor also lubricates the fast moving components in the pump and also needs to flow 
easily in the pipes without excessive viscous loss. This means that the oil cannot be 
optimized for one single interface but has to be optimised to meet the different 
requirements of the hydraulic motor system.  
This compromise may lead to wear in the motor components in slow rotating 
applications, due to inadequate lubrication of the interacting sliding and rolling 
surfaces. In order to optimize the lubricant for slow speed applications, the use of high 
viscosity oil is effective, but only to a certain degree. The viscosity needed to minimise 
the risk of wear at low speed will eventually be so high that the pump will not be able 
to operate properly and the flow losses in pipes will increase. 
There is an increasing awareness of energy consumption of a hydraulic system and 
that is why the importance of high total efficiency is increasing. There are two main 
components of total efficiency in a hydraulic motor that needs to be discussed. First, 
there is hydro-mechanical efficiency, which describes the ability to create torque from 
the applied hydraulic pressure. The hydro-mechanical efficiency includes both 
hydraulic, or flow losses as well as friction losses. The other component of total 
efficiency is volumetric losses which is the ability to create a rotational movement 
with the applied oil flow. Volumetric losses can be divided further into external 
leakage, internal leakage and compression losses. The main tribological aspect with 
respect to the efficiency of hydraulic motor is the friction losses. The volumetric losses 
and flow losses are highly dependent on fluid viscosity, and to reduce these it may be 
desirable to use different operating viscosity which will also influence the tribological 
performance of the motor.  
Some applications operating in both directions with multiple start and stop cycles need 
high starting efficiency for smooth operation. Starting efficiency is also important in 
applications where starting torque is the dimensioning criteria. A high starting 
efficiency will then allow for a smaller displacement motor to be used which reduces 
hydraulic system cost and the higher average operating pressure will lead to better 
total efficiency.  
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Some applications of hydraulic motor involve operation in hostile environment in 
which the motor is exposed to high ambient temperatures and ingress of contaminants. 
These applications also often operate with high power which can result in very high 
system temperature and consequently low fluid viscosity. In these conditions, there is 
an increased risk for seizure and severe damage to motor components, with serious 
consequences for the user.  
A radial piston hydraulic motor is described in Figure 1. The motor consists of a 
rotating cylinder block and a stationary housing with a wavy shaped cam ring. A port 
plate distributes the oil to the cylinders and the timing is made so that the cylinder will 
have high pressure on one side of the cam top (working stroke) and low pressure on 
the other (return stroke). The angle between the cam ring and cylinder will exert a 
tangential force that is transferred from the cylinder block to the cam ring via the 
piston-cylinder, the piston-roller and the roller-cam ring interface. These rolling and 
sliding interfaces will be heavily loaded when hydraulic pressure is high which means 
high demands on the robustness of the functional surfaces. The shape of the cam ring 
is designed in such a way that the sum of the tangential forces from all pistons will 
give an even torque in any angular position of the shaft.  
 
 

 
 

Figure 1. Radial piston hydraulic motor. 
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1.2 Elastohydrodynamic lubrication in different lubrication regimes 
If there is a converging gap between the relatively moving, fluid-lubricated, 
components that interact with each other, there will be a possibility for pressure build 
up in the oil film between the surfaces that can take all or part of the load. If 
deformation is not considered, the phenomenon is called hydrodynamic lubrication 
and if the deformation will significantly influence the converging gap, like in a 
Hertzian contact, it is called elasto-hydrodynamic lubrication. Sliding contacts in a 
radial piston hydraulic motor will, due to the high loads, deform so much that the 
conditions are defined as elasto-hydrodynamic even though the contact pressure is 
more than one magnitude lower than a normal Herzian contact. This means that the 
form of the interacting surfaces will be significantly altered by the pressure in the 
lubricant film. If the fluid film is sufficiently thick then it can fully separate the 
moving surfaces and withstand the entire load. This is called full film lubrication and 
is characterized by low friction and wear, if the effect of contaminants is neglected. If 
the viscosity of the oil and the speed of the interacting surfaces are big enough, full 
film lubrication will be possible in the critical components of a radial piston hydraulic 
motor.  
When speed and/or viscosity decrease, the lubricant film will become very thin in 
some local parts of the interacting hydraulic motor components. In this situation, some 
of the surface roughness asperities of mating components will come into direct contact 
whereas the remaining part may still be separated by lubricant film. This can be 
defined as mixed lubrication. When speed and viscosity decrease further, then there 
will be a situation where the entire load is supported by the interacting asperities of the 
contacting surfaces. This is defined as boundary lubrication regime. It is important to 
understand the scale difference here. On component level, the contact can be in mixed 
lubrication. But at the same time, a part of the surface can operate in boundary 
lubrication and another small part of the surface is still operating in full film 
lubrication regime.  
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Figure 2. Friction as function of speed for a sliding contact in a hydraulic motor. If the 
Sommerfeld number is used as x-axis, the curve is called Stribeck curve. 

 
The different lubricating regimes are illustrated in Figure 2, where a friction-speed 
curve from an actual measurement between roller and piston is shown. There is no 
clear demarcation between mixed and boundary lubrication but the mixed and full film 
lubrication regimes can be distinguished from the minimum friction region. This curve 
can also be generalised with the Sommerfeld number instead of speed as x-axis. The 
Sommerfeld number is given by  
 

 
 
Where R and C are the radius and clearance of the bearing respectively. These are 
constants for a given bearing. The other parameters in the equation are operating 
parameters; N is the sliding speed, 0 is the viscosity and Pmean is the average projected 
pressure on the bearing. This means that sliding speed, lubricant viscosity and pressure 
are equally significant in the context of the resulting friction. This curve is also called 
the Stribeck curve, named after an early researcher on fluid film lubrication [1]. 
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Mixed lubrication may, especially at low operating fluid viscosity, occur at relatively 
high speed. The heat produced by friction depend on the friction power that is simply 
friction force times speed so the combination of friction force and speed will govern 
the heat put into the contact. If speed is low, high friction will still not produce any 
significant heat. But if the speed is higher, the heat produced can lead to form changes 
and will also influence the running clearance between the moving components. 
Additionally, the heat will reduce the operating viscosity of the lubricating fluid and 
this will increase the mixed friction even more. This may lead to an unstoppable 
thermal process that eventually leads to seizure. Another less catastrophic consequence 
of friction at higher speeds is higher energy consumption and the need for a large 
cooling system. 
Boundary lubrication means considerably higher friction coefficient compared to full 
film lubrication, the difference could be of about two orders of magnitude. However, 
boundary lubrication occurs at low speed which means that the friction power can 
remain relatively low. Instead, wear of motor components may become a problem and 
the high friction can result in low starting efficiency. In boundary lubrication, friction 
and wear are governed by the properties of interacting materials and lubricant films as 
well as the contact geometry. In some applications, however, the starting efficiency 
will also be affected by the lift-off speed. If the transmission to the driven machine is 
flexible, the shaft can start to rotate before the hydraulic pressure reaches its 
maximum. This means that the effective starting efficiency will be improved by 
hydrodynamic lubrication. This is schematically illustrated in Figure 3, where the 
starting sequence for a stiff and flexible transmission is shown. The stiff transmission 
will not start to move until maximum hydraulic pressure is reached whereas a flexible 
transmission will have a movement of the shaft at the time for maximum hydraulic 
pressure. 
 
 

 

Figure 3. Schematic Starting sequence with a stiff and a flexible transmission to the machine. 
With a flexible transmission, the shaft will start to rotate before maximum pressure occur. 
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The pressure in a fluid film between surfaces in relative motion was first described by 
O. Reynolds in 1886 [2]. The equation developed is still widely used and is called the 
Reynolds equation. In non-conformal, Herztian contacts, it was discovered that the 
Reynolds equation generated too thin oil films. In order to better characterize Hertzian 
contacts, the deformation has to be taken into account. One of the first attempts to 
incorporate the deformation of contacting bodies to the fluid film in order to simulate 
elasto-hydrodynamic lubrication was made by Dowson and Higginson [3]. The 
equations for fluid film thickness in Hertzian contacts derived in that early work are 
still used today. The effect of surface roughness on the transition from full film 
lubrication to mixed and boundary lubrication has been modelled by several 
researchers. An early attempt of simulating surface roughness was made by 
Greenwood and Williamson [4]. They made simulations on artificial roughness made 
of hemispherically shaped asperities of uniform radius, the asperities having a 
Gaussian distribution about a mean plane. 
Examples of simulation of real surface roughness are the work of Patir and Cheng [5]. 
They used statistical and averaging techniques in combination with division of the 
problem into a local and global scale. They solved Reynolds equation on a small 
bearing and calculated flow factors describing the average effect of surface roughness 
on fluid flow. These flow factors were then used in a modified Reynolds equation to 
include the surface effect on the global scale. Almqvist et al [6, 7] developed this 
technique further and have used homogenisation technique to separate the local and 
global scale. 
When the surfaces are in contact with each other, the asperities will elastically deform 
which will also affect fluid flow on the surface. For real surfaces, solving the contact 
mechanics problem is time consuming. To speed up the process, Fourier transform 
(FFT) has been utilized [8, 9]. 
 

1.3 Wear and friction with various materials and surface engineering 
A tribological system can be described by four tribo elements described in Figure 4. 
First, there are the two interacting components which are separated with an interfacial 
medium (the 3rd element) that could be air, water, oil etc. The 4th element of the 
tribosystem is the surrounding environment that can be load, speed etc. The basic idea 
of describing a tribological system in this way is to highlight that properties like 
friction coefficient and wear resistance are a result of the interaction of these four tribo 
elements and the physical, thermal and chemical processes prevailing in the system. 
There is for example no friction coefficient of a certain material; it must be defined in 
the context of the whole tribo system. The properties of the outmost layer of the 
components will govern most of their tribological behaviour. The function of the bulk 
material is limited to carry the load but the surface layer will be the location for severe 
contact conditions with locally high contact pressure and high flash temperature that 
will deform and restructure the outmost layer of the surface. This environment will 
also be a driving force for various chemical reactions, forming lubricious tribo films.  
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Figure 4. A schematic  illustration of a tribo system.

 
Wear is a material removal process in which particles of different sizes are removed 
from the interacting surfaces. Wear can limit a component’s life due to loss of 
dimension, increased friction or complete cessation of the motion. Wear is classified 
into various types such as abrasive, adhesive, fatigue and tribochemical etc. as 
illustrated in Figure 5 [10]. Wear can also be beneficial and desirable in some 
applications, for example during running-in, to make the surfaces smoother and adapt 
to each other. In fact, the running-in during the initial part of operation of a machine 
can strongly influence the life of its moving components.  
 

 

Figure 5. Different wear mechanisms 
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There are various reasons to modify a surface of a component, including improved 
electrical conductivity and corrosion resistance, but in this chapter, the modification of 
a surface for improved tribological performance will be considered. The properties that 
need to be improved are friction and wear. Unfortunately, it is not always easy to 
achieve low friction and low wear with the same material solution. 
Polytetraflouroethylen (PTFE) for example, has very low friction, both dry and 
lubricated due to its ability to form an easily sheared transfer layer. The wear is 
however high and that is why pure PTFE is almost never used. Instead, various fillers 
like carbon fibres and glass fibres are used to strengthen the PTFE. In this way, a 
material with low friction and relatively high wear resistance is formed. Polymer based 
materials are mostly used in dry conditions as a replacement for liquid lubricants and 
therefore most research is made in dry conditions and the research on polymer 
materials in lubricated conditions is limited.  However, both wear and friction have 
been reported to be lower in lubricated conditions [11, 12]. One important mechanism 
for low wear and friction in lubricated conditions for polymers is the hydrodynamic 
action which will give much higher limiting pv-values due to considerably lower heat 
input to the polymer. Polymer materials have been used successfully in lubricated 
conditions as hydrodynamic thrust and journal bearings for hydropower applications 
[13]. Starting friction is an important issue in these applications and has been found to 
be improved considerably when using PTFE composites instead of the conventional 
babbit material [14, 15]. A soft polymer layer can be beneficial not only for starting 
friction but also for the operation in full film regime due to the compliant property of 
polymers. The hydrodynamic pressure can be reduced and the oil film thickness can be 
increased according to calculations by Kuznetsov et al. [16]. However, the oil film 
temperature can increase due to lower heat transfer coefficient of polymers compared 
to metals. Thin thermoset polymer coatings are attractive due to their simple method of 
application on substrates. Polyetherethereketone (PEEK) and PTFE based coatings 
among others have been tested with low wear and friction in air refrigerant 
compressors [17, 18]. 
Other examples of low friction material are lamellar materials like WS2 and MoS2 that 
are easily sheared and thus have low friction, but wear is high in the pure form. Co-
sputtering MoS2 with Ti has been reported to result in a more wear resistant coating 
[19]. 
Another way of reducing friction and wear is by applying a thin hard coating on a 
surface either by chemical vapour deposition (CVD) or physical vapour deposition 
(PVD). With these methods it is possible to design a coating with different material 
combinations and thicknesses. One special family of coatings that is interesting as 
component coating is diamond like carbon (DLC) coatings. Here a high hardness is 
combined with a low friction. However, friction and wear of DLC coatings are highly 
dependent on their working environment. For example, non-hydrogenated DLC 
coatings show high friction and wear in inert environment whereas they show low 
friction in humid air and in water. Hydrogenated DLC coatings on the other hand have 
low friction and wear in inert environment whereas the tribological performance is 
reduced in aqueous conditions [20-22]. In oil lubricated conditions, additives like AW 



9 
 

(anti wear) and EP (extreme pressure), mainly designed for steel-steel contacts, will 
also give tribofilms on DLC coated surfaces [23-27]. 
 

1.4 Surface roughness 
Surface roughness is an important aspect of tribology and its influence on friction and 
wear has been studied by several researchers. There are numerous surface roughness 
parameters but still the most simple of them, the Ra value, can be found in advanced 
research work, even though its effectiveness in describing the tribological performance 
of a surface is poor. In order to better describe the surface, a set of parameters are 
required. Examples of parameters that better describe tribological properties of a 
surface are the bearing parameters, described in Figure 6. These three parameters will 
describe the height distribution of the surface. Rsk is the skewness and will together 
with the bearing paramters describe if the surface roughness is characterised by peaks 
or valleys. The average angle of the asperity slope Rdq is important, for example in 
roller bearings, where asperities will deform elastically for a low enough Rdq.  
 

 

Figure 6. The bearing parameters, Rpk, Rk and Rvk are derived from the bearing ratio curve. 

 
Surface roughness plays a vital role for the wear in tribological contacts. Many 
researchers have tried to investigate the influence of surface roughness on friction and 
wear but they have mostly focussed only on one of the two interacting surfaces, like 
Wang [28], Sedlacek [29] and Li [30] that varied the surface roughness of the disc in a 
pin on disc test but the surface finish on the ball/pin remained the same. Interesting 
results have however come from these experiments, for example that lay perpendicular 
to the sliding direction gives better tribological performance [28, 30] and that surface 
parameters like Rsk, Rku, Rpk, Rvk influence on friction [29]. One of few examples 
where surface roughness has been changed on both specimens is the work of So, [31] 
who studied the influence of roughness, lay and hardness on both specimens and found 
out that the interacting roughness, hardness and lay of both specimens influenced the 
running-in of the surfaces. For cases with equal hardness on both specimens it was 
found most effective if both surfaces were smoother than Ra 0,09 μm and the lay 
should be perpendicular to the sliding direction.  
Hard coatings such as DLC have been considered effective in boundary lubricated 
situations. The application of a coating puts high demands on the substrate; it should 
be hard and smooth to get good fatigue strength of the coating. The influence of 
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surface roughness on the fatigue strength of the coating was studied by Wiklund [32]. 
Additionally, the roughness of the coated surface will influence on the running in of 
the counter surface, especially for very hard coatings. Svahn [33] has studied the 
influence of surface roughness on the running-in behaviour of DLC coated surface in a 
lubricated ball on disc test. He found out that it was beneficial for the running-in 
process if the coated surface was wet blasted. Haubold et al [34] however showed that 
a ta-C coated surface gave low wear and friction with a very smooth surface 
roughness. Shaha [35] showed that the hardness ratio between coated surface and 
counterpart influenced sensitivity for the roughness of the coating. With a hard 
counterpart, the friction was independent of roughness of the coating but with a softer 
counterpart, the friction was highly dependent on roughness of the coating.  
 
 

1.5 Seizure
If the running conditions are severe regarding pressure, speed and viscosity, seizure 
can occur. Seizure is a consequence of catastrophic wear in which the wear rate 
increases rapidly and the component can be severely damaged. Seizure or scuffing, as 
it has also been called, is in general poorly understood. Although several researchers 
have addressed this problem, yet the present understanding is far from satisfactory. 
Seizure is often defined as the complete stopping of motion between two relatively 
moving and contacting elements. Scuffing, that is a reason for seizure, is defined by 
the Organization for Economic Cooperation and Development (OECD) as a “localized 
damage caused by the occurrence of solid-phase welding between sliding surfaces 
without local surface melting” [36]. Scuffing is however a process of events where the 
definition made by OECD is a final stage according to Ludema [37]. Breakdown of 
surface films is considered to be related to the initiation of scuffing, either due to the 
breakdown of elastohydrodynamic (EHD) films [38] or desorption of physically or 
chemically adsorbed films [39] or penetration or removal of oxide films [40]. Thermal 
softening of bulk material has also been attributed to scuffing initiation [41]. Lee [42] 
confirmed the critical temperature-pressure theory with experiments which suggest 
that there are safe and unsafe regions in a pressure-temperature map. 
There are two approaches in studying the mechanism of scuffing in a hydraulic motor. 
One is to isolate a single sliding interface in a simplified tribo test. In this way, 
screening tests are possible when varying different parameters, like material, surface 
roughness, lubricant etc. Most research that can be found in literature is of this type. 
The other approach is to perform full scale tests, which is necessary according to 
Ludema [43] so as to take into account all important variables that influence scuffing 
performance. Examples of these variables that influences on scuffing are geometry and 
nature of various contacting interfaces as well as operating variables such as sliding 
speed, contact pressure, thermal expansion and lubrication mechanisms.    
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1.6 Gaps in knowledge 
Reported studies on tribology of hydraulic motors are limited. There is however 
research in other fields that may be applied on hydraulic motor tribology. Such fields 
include automotive, journal bearings, coatings and materials development.  
The mechanism of seizure has been studied by many researchers as described in the 
earlier chapters, but it is not yet clearly understood. The complex nature of seizure also 
means that seizure mechanisms are difficult to generalize in order to be valid in a wide 
range of applications. Therefore, it is necessary to study the actual application in full 
scale. 
Generally, conformal sliding contacts with contact pressure in the range of 100 MPa 
are rarely studied. Either the studies are on non-conformal contacts in the GPa range or 
conformal studies in the 1-10 MPa range. One reason may be the limited number of 
applications operating in these conditions. Another reason may be that tribo tests often 
become complicated in order to reach the correct contact pressure. The load limit on 
standard tribo test equipment is limited which demand very small test specimens. 
Another problem is the alignment of specimens to avoid edge loading. The research on 
suitable tribo tests for these conformal contacts is also needed. 
Friction and wear of polymers in dry conditions are numerous but in lubricated 
conditions, the research work is limited. Also here, most work is made on low or 
moderate contact pressures and there is a need for research on sliding contacts in the 
100 MPa range. 
The influence of surface roughness of both of the interacting surfaces on friction and 
wear in a highly loaded conformal contact has been rarely studied. Most studies are 
made with surface roughness varied only on one of the interacting surfaces and often 
the study is made on non conformal surfaces. 
DLC coatings have been found to be effective in reducing friction and wear in many 
applications including hydraulic motors. The effect of running-in of tribo pairs 
including DLC coated surfaces are reported by some researchers. However, how this 
running-in affects the performance of conformal interfaces in all lubricating regimes 
need to be investigated further.  
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2 Objectives of this work 
The main objectives of this work are to understand friction and wear mechanisms that 
limit the performance of a radial piston hydraulic motor and to find ways of 
improvement. More specifically, the objectives are to: 
 

Understand the mechanisms of seizure and find ways for improvements. 

Reduce the lift-off speed, see Figure 7. 

Reduce the boundary friction, see Figure 7. 

Reduce wear at boundary lubrication. 

Find suitable tribo tests to simulate tribological contacts in a hydraulic motor. 

 

Figure 7. Stribeck curve indicating some of the objectives; reduce boundary friction and 
lower the lift-off speed. 

These objectives are to some extent linked to each other. For example seizure 
resistance is closely linked to the friction power and if the lift off speed could be 
reduced, the seizure resistance will also improve. Lift-off speed is also linked to 
starting efficiency to some extent. 
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3 Materials and methods 

3.1 Tribo tests and specimens 
In order to evaluate a tribological function, there is often a need to simplify the 
contact. One reason for this is to isolate one tribolgical mechanism without the 
influence of other parameters in order to get a basic understanding of a tribological 
system. Another reason to simplify the tribological tests is to allow for cost effective 
screening of materials or lubricants which would be very costly in full scale tests. The 
complexity of tribological testing ranges from full scale test, to component tests and 
down to a very simplified test. The objective with a tribo test is often to isolate a 
function in a machine and the challenge is to obtain the same friction and wear 
mechanisms as in the actual machine. Unfortunately, a wrongly designed tribo test 
may lead to wrong conclusions and therefore, the choice of tribo test for an 
experimental study is very crucial.  
One important part of this work has been to evaluate different tribo tests and assess 
their ability to include the important friction and wear mechanisms in components of a 
radial piston hydraulic motor. One challenge has been that the tribological interfaces 
that are studied are conformal contacts which add to the complexity of a tribo test. But 
on the other hand, a non conformal test like ball on disc would be too far away from 
the real application. Given below is a short description of the different tribo tests used 
and the geometry of the test specimens. 
 
Thrust washer test in 4-ball machine 
The lower stationary specimen was a disc made of nodular cast iron. The upper 
specimens were made of grey cast iron and were made with three pads with three 
different sizes, corresponding to area ratio of 8, 24 and 72% respectively as illustrated 
in Figure 8. The upper specimen was loaded against the lower specimen and the 
rotation speed corresponded to a maximum sliding speed of 2,4 m/s. The load was 
increased incrementally until scuffing occurred.  
 

 

Figure 8. Thrust washer test specimens for scuffing tests in 4-ball test apparatus. 
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Oscillating tests in Cameron Plint 
The test configuration is shown in Figure 9. The lower specimen was made of nodular 
cast iron and had a radius of 37,5 mm and was produced with several different 
functional surfaces. The upper specimen was made of cast iron and had a radius of 24 
mm which allowed for a highly conformal contact. Some DLC coated upper 
specimens were also used. The normal load was 350 N which corresponded to a 
contact pressure of 100 MPa. Fretting can occur in oscillating tribo tests where the 
stroke is short in relation to the contact surface. The stroke length was therefore 
chosen to be 9 mm, which was equal to the length of the upper specimen contact 
surface and minimised the risk for fretting. 
 

 

Figure 9. Test configuration for oscillating tests in Cameron plint test machine. 

 
 
Pin-on-disc 
A schematic drawing of the test configuration is illustrated in Figure 10. The stationary 
lower specimen was a smooth disc made of 100Cr6 hardened bearing steel. The upper 
specimens were made as 4 mm diameter discs mounted in a specimen holder. The 
centre of the half sphere was located in the sliding interface between upper and lower 
specimen which ensured even loading. Upper specimens of 8 different polymer 
materials and one cast iron material were tested. To improve this test configuration, 
the radius of the half sphere should be kept to a minimum and may also be coated with 
a low friction DLC coating to further reduce the risk of misalignment. Continuous 
rotation was used in the dynamic test. In order to study the starting friction or 
breakaway friction, a static test was done where the lower disc was rotated manually 
by a torque wrench. Multiple breakaway tests were made until stable friction values 
were obtained. 
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Figure 10. Drawing of specimens and specimen holder for pin-on-disc test with polymer 
materials. 

 
 
Oscillating test in SRV 
Lower specimen was a disc made of polished 100Cr6 hardened bearing steel, see 
Figure 11. The upper specimens were made as a cylinder which enabled a contact 
pressure of 75 MPa at the maximum load of 2 kN. The upper moving specimen in the 
SRV test machine is loaded against the lower stationery specimen through a spring 
deflection mechanism. With long stroke there is a possibility of misalignment when 
flat samples are used. When a polymer sample was used, the low Youngs modulus of 
the polymer allowed for some bending of the upper specimen. When a grey cast iron 
upper specimen was used, there were problems with edge loading.   
 

 

Figure 11. Description of oscillating tests in SRV with upper and lower specimen. 
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Component test rig 
The test rig is schematically described in Figure 12. This rig has two conformal test 
bearings mounted opposite of each other which are loaded against rotating rollers 
(journals). The rollers are driven by a central roller. The torque of the drive roller is a 
measure of the frictional losses in the bearing system. The arrangement of having two 
bearings is mainly to nullify the forces acting on the central roller. This allows for 
small bearings to support the central roller which minimizes the contribution to the 
measured friction. The speed range can be varied with four orders of magnitude, which 
enables operation in all lubricating regimes from full film regime to boundary 
lubrication. The lowest sliding speed is less than 1 mm/s and corresponds to starting 
friction. In this way, a complete friction evaluation can be efficiently made in a single 
test configuration. 
 
 

 

Figure 12. Schematic drawing of component test rig where friction between roller and journal 
in a hydrodynamic bearing can be measured. 

 
Full scale motor tests 
Seizure tests were performed in full scale tests. The hydraulic circuit is described in 
Figure 13. With this test configuration, the difference in pressure between PLP and 
PLM is a measure of the hydro mechanical losses in the system. This difference was 
monitored and an increase in this difference indicated that the friction losses increased 
and that seizure was initiated. In this way, it was possible to stop the test very early in 
the seizure process which enabled studies of the seizure initiation mechanism. 
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The tests were carried out at three different speeds and with incremental loading. Each 
load step was 15 minutes to allow the bulk oil temperature to stabilize.  
 

 

Figure 13. Hydraulic cirquit for the full scale motor tests. 

 

3.2 Coatings and materials 
During this work, several tribological studies have been made and the aim with using 
the different coatings and materials has been to reduce friction and wear. An overview 
of materials and coatings used in the experimental work is shown in Table 1. For more 
detailed information about coatings and materials, refer to the appended papers.  
 
Table 1 
Overview of materials and coatings used in the experimental work 
 Upper specimen Lower specimen 
Base
material 

Interface 1 Flake graphite iron Nodular iron 
Interface 2 Flake graphite iron 100Cr6 bearing steel 

Surface
modification 

Interface 1 
a-C:H:Me  
WS2 particle 
impregnation  

Interface 2 

a-C:H:Me a-C:H:Me 
Phosphating ta-C 
PI+graphite a-C:Me 
PI+carbon fiber a-C:H  
PEEK+PFA MoS2/Ti 
PEEK+PTFE 
Sintered bronze+PTFE 
Flouropolymers 
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3.3 Simulations
In this section, the simulation model used in Paper C and E is described briefly. The 
deformation of the bearing will affect the fluid film thickness. The pressure in the fluid 
film will also affect deformation. This means that an iterative calculation process is 
needed. Also surface roughness will affect the flow between the surfaces, especially 
when the surface separation is of the same order of magnitude as the roughness height.  
The methodology of the iterative simulation process that has been used is 
schematically shown in Figure 14. Outputs are both parameters describing the 
hydraulic motor performance, like friction and leakage. The physical parameters of the 
bearing such as deformation, contact pressure, fluid pressure and fluid thickness have 
also been computed. 
 

 

Figure 14. Simplified description of simulation model. 

 
On the local scale, flow factors and contact pressure are calculated as a function of the 
surface separation with the information from the measurements on real surfaces. The 
flow factors describe as to how the fluid flow is changed compared to a smooth 
surface. When the surfaces start to come into contact, the deformed surface roughness 
is used to calculate the flow factors and contact pressure. However, the roughness 
asperities will not be deformed by fluid flow in this model and will thus exclude any 
micro EHL effects. 
To calculate the lubricant flow, a modified Reynolds equation is used to take into 
account the effect of surface roughness: 
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Where p(h) and s(h) are the flow factors describing the surface roughness influence 
on flow on a global scale. 
 

3.4 Surface analysis 
The knowledge about the surface characteristics has been important in this work and 
the surfaces have been analysed both in quantitative and qualitative manners. For the 
qualitative analysis of a surface, scanning electron microscopy (SEM) is an important 
and widely used tool. For a flat surface, light optical microscope (LOM) can be 
sufficient but to obtain higher resolution and better field of view, SEM is preferred. 
Another advantage with SEM is that it is possible to get information about the 
elements of the tested specimen. 
For quantitative analysis of surfaces, stylus instruments have been used for a long 
time. An advantage with stylus instruments is the widely accepted standardisation of 
filtering procedures and surface roughness parameters. Another advantage is the 
possibility to combine surface roughness and form measurement. With the instrument 
used in this work, a Hommel-Etanic Nanoscan 855, the form can be evaluated in the 
range of 200 mm. Surface roughness can be evaluated anywhere along the measured 
surface profile. 
The disadvantage with stylus instruments is that the surface profile is evaluated in two 
dimensions, along a line. Surfaces are normally not sufficiently resolved in two 
dimensions and therefore, stylus instruments have been developed to make multiple 
2D measurements beside each other to create a 3D image. This is however time 
consuming and recently, optical instruments have become an important tool in 3D 
analysis of the surface. In this work, an optical profiler from Weeco instruments, a 
Wyko NT1100 has been used. This instrument uses white light interferometry to create 
a 3D surface profile with high resolution. Filtering and surface roughness parameters 
for 3D analysis have not been standardized but at the time of writing this thesis, an 
ISO standard will soon be accepted. The surface roughness parameters that have 
mainly been used are described in 1.4. 
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4 Results and discussion 
This chapter provides a summary of the results obtained. For more details, see 
appended papers. 

4.1 Mechanisms for seizure initiation in hydraulic motor 
Three possible causes and mechanisms for seizure initiation in a hydraulic motor have 
been proposed: 

1. Friction heat generation during operation in mixed lubrication regime. 
2. Friction heat generation during operation in full film lubrication regime. 
3. Entrapment of particles between the sliding surfaces. 

Initiation of seizure will invariably involve the rupture of lubricant film and there can 
be different mechanisms responsible for this.  
 
Friction heat due to operation in mixed lubrication regime 
This initiation mechanism is described in more detail in Paper A and can be explained 
by the Stribeck curve. If the operation is at high speed and pressure and the location in 
the Stribeck curve is to the left of the minimum point, that is mixed lubrication, then it 
will lead to increased friction, frictional heat generation and increased interfacial 
temperatures. This will result in lowering of viscosity of the fluid, consequently higher 
friction, and increased losses and so on. Additionally, friction heat results in thermal 
expansion which will lead to changes in form of components and reduction of 
operating clearance. These factors can lead to an unstoppable thermal process in which 
the friction continues to increase until seizure occurs. As described in Paper A, the first 
30 seconds of the seizure process are characterized by slightly increased friction and 
leakage, indicating that the operating regime of sliding interfaces of the motor shifts 
towards left in the Stribeck curve due to increased temperature, i.e., more and more 
into mixed lubrication regime resulting in higher friction. The process is illustrated in 
Figure 15. The increased leakage can be caused by the decrease in viscosity. 
Interestingly, when the motor is stopped at this stage, no damage can be seen, except 
that the normal contact pattern is shifted indicating the occurrence of thermal 
expansion.  
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Figure 15. The initial stage in the seizure process where friction and leakage increase slowly 
(left). Illustration of increase in friction due to decrease in Sommerfeld number and shift to 
operation in mixed lubricating regime (right). 

 
It has been shown in this work that mixed lubrication can occur at relatively high 
speed, and this will lead to high frictional power. A normal operating viscosity is 40 
cSt and if the viscosity decreases to 5 cSt, then according to the formula for the 
Sommerfeld number, the speed for entering mixed lubrication will be 8 times higher. 
Therefore, it is crucial to keep the lift-off speed as low as possible to enhance the 
seizure resistance.  
 
Friction heat due to operation in full film lubricating regime 
If the operation is in full film lubricating regime, friction heat will lead to lower 
viscosity, which in this case will tend to lower the friction. This normally means a 
much more stable situation compared to if the operation is in mixed lubrication 
regime. However, if a cold motor is directly started up with high speed, the initial high 
fluid viscosity in the sliding interfaces will result in high viscous losses that will give 
rise to localised heating effects in the motor. This heating will reduce the viscosity and 
the losses but the thermal expansion following the concentrated localised heat 
generation may cause reduction of running clearances and lead to seizure. To reduce 
the risk of this seizure initiation mechanism, care should be taken when starting up a 
cold motor. The use of fluids with high viscosity index will also reduce the risk. 
However, fluids that have inherent high viscosity index, like synthetic esters or 
polyalphaolefins are preferred because fluids with viscosity index improvers may have 
low shear stability which may increase the risk of operation in mixed lubrication. 
 
Particle entrapment 
Contaminant particles entrapped between sliding surfaces can rupture the lubricant 
film and can be a direct cause of occurrence of seizure. Particles can also result in 
abrasive wear damage of components. This will lead to rougher operating surfaces and 
consequently higher lift-off speed. Particles trapped on a bearing surface are illustrated 
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in Figure 16. The severity of the influence of particles will depend on their size and 
hardness with respect to the clearances and hardness of the sliding interfaces 
respectively. A high hardness difference of the two mating surfaces may be beneficial, 
because the particles will then embed in the softer surface and if the mating surface is 
harder than the embedded particles, the particles will not cause any severe damage. In 
many sliding interfaces, one of the interacting surfaces will drag the particles into the 
contact. If this surface is harder than the particles, they will slip on the hard surface 
and will not easily be dragged into the contact. This means that a hard surface of one 
of the interacting surfaces in a sliding interface can reduce the risk for abrasive wear in 
two ways; first, the number of particles entering the contact are minimised and 
secondly, the abrasion is reduced.  
 

  

Figure 16. Particles trapped in bearing surface will give abrasive wear on journal which 
gives lower lift off speed. 

 
Seizure propagation 
Irrespective of the initiation mechanism, as soon as the seizure process has started at 
an interface, it easily propagates to other components in the motor due to generation of 
large amount of coarse wear particles. The excessive friction heat from components 
operating in boundary lubrication leads to lower viscosity and will also enhance 
seizure propagation. It has been observed, when stopping a motor early in the seizure 
process, that seizure first occur in regions of the components where the oil film is 
thickest in normal operation. This region is normally unaffected when the motor is 
operating at slower speed. This can be attributed to two reasons. First is that the 
thermal expansion effects are more pronounced in the middle portion of the 
component and owing to this the oil film thickness in this region will get reduced. 
Secondly, the oil film in this region in the normal operation is thickest and because of 
this the surfaces are not effectively run in. So when thermal expansion lead to reduced 
oil film in these central regions, surfaces not previously run in will come in contact 
and the risk for seizure initiation will be higher. 
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Analysis of scuffing in thrust washer test 
The initiation of scuffing has also been studied in a rotary tribometer (4-ball test 
machine) by employing a thrust washer test assembly described in chapter 3.1. For 
more details, see Paper B. It was found that area ratio (size of upper specimen pads) 
significantly influences the scuffing load. With low area ratio (small pads on upper 
specimen), very high contact pressure was needed to initiate scuffing, up to 500 MPa. 
For high area ratio (large pads on upper specimen), scuffing could be initiated for 
contact pressures as low as 60 MPa. This means that scuffing resistance is highly 
system dependent and there are other factors besides pv-value and contact pressure 
that can influence scuffing. Similar temperatures were obtained for high and low area 
ratio when simulating temperature with the measured surface power values prior to 
scuffing as input, see Figure 17 and 18. This indicates that scuffing initiation is 
dependent on surface temperature. 
 

 

Figure 17. Temperature just before scuffing with 8% area ratio. 

 
 

 

Figure 18. Temperature just before scuffing with 72% area ratio. 
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These results may be used in a model in which limiting surface temperature can be a 
parameter for scuffing. Its usefulness in understanding seizure of hydraulic motors 
may however be limited. In the full scale tests described earlier, the friction heat 
produced during the transition from full film lubrication to mixed lubrication was 
found to be important for seizure initiation. However, the thrust washer tests were 
conducted in boundary lubrication regime (friction coefficient ~ 0,1) and the thermal 
process in the hydraulic motor described earlier will probably have reached a critical 
level before the contact enters into boundary lubrication. And it would only be a 
matter of time before seizure occurred if boundary friction would prevail in the sliding 
interfaces of the motor at high speed and pressure. The starting efficiency will actually 
be an indication for what can happen if boundary friction would occur. If the lubricant 
film is ruptured, the friction power in the motor will be in the range of starting friction 
times input power. This implies that research work should focus on reducing the risk 
in mixed or boundary lubrication rather than studying scuffing limits in boundary 
lubrication. However, on the other hand, a significantly reduced boundary friction 
coefficient may allow parts of the surfaces in the motor to operate in boundary 
lubrication regime without excessive increase in temperature. 
 

4.2 Reducing lift-off speed 
The lift-off speed is the speed when the sliding surfaces enter full film lubrication 
regime and is equal to the speed where the friction coefficient is at its minimum. 
Below this value, mechanical contact will lead to increased friction and above this 
value; viscous friction will lead to increased friction. According to the equation for the 
Sommerfeld number, an obvious way of reducing the lift-off speed is to increase the 
viscosity. But in many cases it is not possible, or desirable, to increase the viscosity. 
As discussed in the introduction, the scale difference is important to consider. If there 
is mixed lubrication regime on component scale, the lubricating conditions on local 
scale can cover the whole Stribeck curve, ranging from boundary lubrication to full 
film lubrication for local areas of the bearing. This aspect is discussed in Paper E 
where it is highlighted that the properties of the “landing areas” of the bearing is 
important, that is the areas of the bearing where the first contact occur when entering 
mixed lubrication regime. It was observed that even though the surface roughness was 
quite different for the bearings in the experimental study, the lift-off speed was almost 
the same while in the calculations; the lift-off speed was decreased with smoother 
surface. The friction further into the mixed regime was however lower with the 
smoother surface in the experimental study, see Figure 19. The first interaction 
between the bearing surfaces when entering mixed lubrication is highly dependent on 
the conformity of the surfaces. Therefore, the reason for the result can be differences 
in conformity between the bearings.  A bearing polished from the beginning will not 
run in and the conformity will thus not be improved by running-in, see Paper D. A 
rough bearing on the other hand, will be polished in the “landing areas” which result in 
both better conformity and smoother surface in the areas first coming into contact. 
When coming further into the mixed lubrication regime, larger areas of the bearing 
will come into contact and then roughness influence more on friction. This may 
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explain the lower friction with smooth surfaces in the lower speed range of the mixed 
lubricating regime.  
 

 

Figure 19. Friction coefficient as function of Sommerfeld number with the three different 
surfaces tested in Paper E. 

 
There are two ways to achieve smooth, conformal surfaces in a sliding contact, either 
by production or having an efficient running-in process. Producing smooth surfaces 
with the correct form is costly and additionally, a bearing with very smooth surface is 
difficult to run in if the form is not correct from the beginning. Therefore, a 
combination of a production method which achieves a form and a surface finish that is 
easily run in may be the best solution. 
Tests in component test rig has shown that certain hard DLC coatings on journals are 
effective in creating both a smooth surface and a better form on the bearing after 
running-in. In Figure 20, a surface profile of a bearing run in with different coating on 
the journal and bearing is shown. With no coating, only surface asperities are polished. 
With the soft DLC coatings on the journal, the surface of the bearing is more polished 
compared to with the uncoated journal. With the hardest DLC coating on the journal, 
the bearing surface is polished but additionally, the form has changed. Similar 
characteristics are observed with the phosphate coating, the surface is polished and the 
form is changed. The resulting lift-off speed for the four bearings after running-in is 
illustrated in Figure 21. It could be concluded that the lift-off speed is lower when the 
form of the bearing is effectively run in. The more effective running-in of the bearing 
with the harder DLC coating was a result of micro abrasion. In case of the phosphate 
coating on the bearing, the more effective running-in is governed by smoothening of 
the soft and rough phosphate layer. 
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Figure 20. Form measurements on bearings after running-in sequence. 

 

Figure 21. Lift-off speed with some of the tested bearings in Paper D. The speed for bearing A 
is used as a reference for the comparison. 
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4.3 Starting efficiency 
As described earlier in the introduction, the effective starting efficiency can, in certain 
applications, be affected by the lift-off speed. But here, only break away friction will 
be discussed. Break away friction is dependent on properties of the interacting 
materials and on tribo films formed on the interacting surfaces. Two different 
approaches have been used in this work to reduce starting friction; i.e., the use of hard 
PVD coatings and soft polymer materials.  
The objective of using the hard DLC coatings on the journals is not only to reduce 
starting friction but also to enhance running-in of bearing described in chapter 4.2. 
Further it is also to increase the resistance to abrasive wear from the contaminant 
particles described in chapter 4.1. It was found that compared to uncoated journals; 
most DLC coatings except the hardest one did not reduce the starting friction. The 
hardest DLC coating has shown a 30% reduction in starting friction. An MoS2 PVD 
coating reinforced with Ti has been reported to provide low friction and wear in dry 
conditions but in the lubricating conditions in this test, the initial 50% decrease in 
friction compared to uncoated roller, was increased during the running-in process. 
The initial friction of the selected polymeric materials has been found to be ranging 
from an order of magnitude lower and up to that of the reference cast iron. However, 
the starting friction for the materials having the lowest friction coefficient, increased 
after a 2 h wear test possibly owing to increased interaction of the counter face with 
the filler materials rather that that with the low friction constituents like PTFE. It 
should be noted that the 2 h wear test was conducted at high contact pressure (100 
MPa) in boundary lubricating conditions. In a hydrodynamic journal bearing with 
some hydrostatic balancing, not the whole surface will encounter this high load and 
boundary lubricating conditions, not even in starting conditions. Therefore, the 
practical starting friction of the bearing may be closer to the initial friction values than 
the values after 2h wear test. The results however indicate that the starting friction of 
PTFE containing polymers is not stable in heavily loaded conditions. These results are 
presented in Figure 22, where five friction values have been reported for each material. 
The first and fifth values are the breakaway coefficients of friction before and after the 
2 h wear test respectively. The three intermediate values are dynamic friction 
coefficients at different times during the 2 h wear test. Table 2 provides information 
about the different materials studied. 
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Table 2 
Properties of tested materials 
Material Type Base material Fillers 

A Bulk Cast iron Graphite flakes 
B Bulk PFA fluorocarbon resin Long carbon fibers  
C Bulk PI Graphite 
D Bulk PI Graphite 
E Bulk PI Short carbon fiber 
F Coating  PEEK PFA 
G Coating  PEEK PTFE 
H Coating  Flouropolymer   
I  Coating PTFE Sintered bronze 
 

 

 

Figure 22. Friction coefficients with the different polymer materials used in pin-on-disc tests. 
Five values are given for each polymer; breakaway friction before and after wear test and 
dynamic friction at three times during the 2h wear test.The values are presented as reference 
to static friction of material A before test. 

 



32 
 

4.4 Wear studies in boundary lubrication regime 
Wear of different functional surfaces was studied in an oscillating Cameron Plint test 
rig. Different functional surfaces were used both on upper and lower test specimens.  
Some of the upper specimens were also coated with a-C:H:Me DLC coating. The most 
significant parameter influencing total wear was the coating of the upper specimen, 
which showed negligible or almost no wear on upper specimen. The wear was also 
lower on the lower test specimen. It was found that in the case of uncoated specimens, 
the surface roughness on upper and lower specimen did not have much influence on 
the total wear. Instead, the individual surface roughness values of upper and lower 
specimen determine as to which specimen will suffer the most wear. It may therefore 
be possible to direct the wear to one of the specimens by controlling their individual 
surface topographies. 
 

 

Figure 23. Running-in of counter surface with different surface roughness on coating. 
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From studies using the coated upper specimens having different surface roughness 
values, the coated specimen having smoother surface resulted in lower friction. The 
wear on lower specimen was also reduced with smoother roughness of the coated 
surface, see Figure 23. With too smooth a surface, there were signs of surface fatigue 
on the coated surface. This was resulted by high contact stress on surface asperities 
due to almost no running-in of the counter surface. Too smooth a surface of the coated 
specimen is therefore not beneficial in improving the tribological performance. Some 
running-in wear is essential in order to reduce peak contact pressure which is also 
discussed in 4.2. 
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5 Conclusions 
In this work, extensive studies have been conducted with a view to understand the 
tribological phenomena in a radial piston hydraulic motor as well as explore ways to 
enhance the motor performance. The mechanisms of friction and wear have been 
studied experimentally by using various tribological test rigs and also through 
simulations. The use of different surface modification technologies has also been 
investigated with a view to explore their potential for use in hydraulic motor 
components.  
The main conclusions of this work are as follows: 
 

The initiation mechanisms for seizure are the friction heat generation during 
mixed lubrication, full film lubrication and/or particle entrapment. The risk for 
high frictional heat in mixed lubrication regime can be lowered with lower lift-
off speed. Abrading action by particles can be reduced by using hard DLC 
coatings. 

The local initiation of scuffing has been found to be dependent on interfacial 
temperature rise rather than the pv-value.  

Lift off speed could be decreased by a proper running-in process with DLC 
coatings or phosphate coating. The use of these coatings has been found to 
smoothen the bearing surface and enhance the conformity between sliding 
surfaces. 

Some selected polymeric materials have been found suitable for use in journal 
bearing in hydraulic motors. The starting friction can be reduced by an order of 
magnitude by using PTFE containing polymer materials. It has however been 
seen that the friction increases after certain duration (2 hour) wear test. One of 
the DLC coatings has also shown ~ 30% reduction in starting friction. 

The wear in boundary lubrication can be effectively reduced with a a-C:H:Me 
coating. The surface topography of the individual surfaces of the tribo pair also 
been found to affect the total wear. 

Suitable tribo tests for simulation of some selected sliding interfaces in 
hydraulic motor have been found.  
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6 Suggestions for future work 
Further studies on polymers are needed. One aspect that needs to be studied further is 
to investigate the long term wear and wear transitions under lubricated conditions. 
Another aspect is to evaluate the polymer materials in an actual journal bearing to 
investigate whether polymeric materials having low friction in boundary lubricating 
conditions can also perform well in mixed and hydrodynamic lubrication regime. 
The effective lubrication of coatings is another important aspect that needs to be 
studied. An optimal combination of a coating and lubricant formulation can be 
effective in reducing boundary friction and reduced lift-off speed due to effective  
running-in.  
The results from this work have shown that the thermal aspect for the occurrence of 
seizure is important and there is a need to develop a thermal model for reliable 
prediction of the risk of seizure. 
Further studies concerning the transition between full film lubrication and mixed 
lubrication and as to how it can be controlled through judicious choice of functional 
surfaces and their form will enable in enhancing the tribological performance of the 
hydraulic motor. 
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a b s t r a c t

Despite its practical significance, the occurrence of seizure in tribological systems has not been fully

understood. In this work, extensive actual tests on hydraulic motors under extreme operating

conditions of low viscosity, high pressure and speed have been conducted with a view to investigate and

understand the seizure mechanism. Some of the motors failed and they were stopped at different stages

of progressive seizure. Based on these investigations, a three stage seizure process has been suggested.

Stage 1 involves the breakdown of hydrodynamic oil film between roller and piston which leads to

increased friction, thermal expansion and increased leakage. In stage 2, scuffing is initiated either

between roller and piston or between piston and cylinder. During stage 3 scuffing propagate to several

pistons.

& 2009 Elsevier Ltd. All rights reserved.

1. Introduction

Seizure is defined as the cessation or stopping of relative
motion between the contacting surfaces as a result of interfacial
friction. Seizure and scuffing have been described in literature in
various ways but their initiating mechanismmay be the same. The
term ‘seizure’ means very severe damage to sliding surfaces in
which the driving force is unable to overcome the friction force
and there is complete cessation of relative movement. The term
‘scuffing’ as explained by Ludema [1] leads to roughening of
surfaces by plastic flow irrespective of whether there is material
loss or transfer. Although scuffing and seizure may be observed in
both rolling (non-conformal) and sliding (conformal) contacts
these are more frequently encountered in the sliding conformal
contacts.

There are two ways of looking at the scuffing/seizure problems
of a hydraulic motor. One is to look at the complete hydraulic
motor as a system in which the role of specific geometry and
nature of various contacting interfaces as well as that of operating
variables such as sliding speed, contact pressure, thermal
expansion and lubrication mechanisms, etc. must be understood.
The second way is to focus on the local (or individual) tribological
contact where the scuffing is initiated.

Regarding the system level of understanding, Ludema [2]
opines that it is necessary to perform full scale testing of
tribological systems so as to take into account all important
variables that influence scuffing performance. Wang [3] has

reviewed seizure failure in journal bearings and attributed the
occurrence of seizure in conformal contacts to loss of clearance
due to thermal expansion (mainly in dry contacts but in some
cases it can also occur in lubricated contacts), lubricant starvation,
accumulation of wear debris in the clearance space and local
geometric changes due to occurrence of severe wear and material
transfer.

The mechanism for initiation of scuffing at the local (or
individual) contact level has been studied by several authors.
Most of them have used standard laboratory test rigs predomi-
nantly operating under sliding conditions, for example a pin on
disc machine. Several mechanisms of scuffing have been proposed
such as the rupture or breakdown of the lubricant films,
desorption of physically or chemically adsorbed films and
penetration or removal of oxide layers. Lee and Chang [4]
presented a model based on the adsorption and proposed safe
and unsafe operating regions from scuffing point of view. They
also presented a model for asperity contact flash temperatures.
Cutiongco and Chung [5] looked into the competitive kinetics of
formation and removal of oxide layers and presented a scuffing
prediction model. Hershberger et al. [6] suggested that scuffing
occurs when the rate of local thermal softening exceeds that of
work hardening. Suh and Polycarpou studied the surface and
subsurface at different levels of progression prior to scuffing
[7–9]. Surfaces seem to smoothen in the early stages of scuffing,
resulting in loss of fluid retention capability and increased bearing
index. On the other hand, running-in, which is a smoothening
process, is thought to improve scuffing resistance. Cavatorta and
Cusano [10,11] found that running-in can significantly increase
scuffing resistance and suggested that higher scuffing resistance is
primarily linked to film formation and the smoothening effect
during running-in.
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The review of published work indicates that most studies
pertaining to scuffing/seizure have been conducted with the focus
on the local (or individual) tribological contacts. Although these
studies have helped in getting an insight into the mechanisms of
scuffing/seizure yet these do not explain the behaviour of the
complete tribological system. The present work therefore focuses
on investigating the seizure of hydraulic motors with a view to
establishing the seizure limits and understanding the mechanism
of seizure. In all, 24 motors were tested under extreme operating
conditions of speed, pressure and lubrication with low viscosity
fluids.

2. Laboratory tests on hydraulic motors

2.1. Description of hydraulic motors

A radial piston hydraulic motor is described in Fig. 1. As can be
seen, there are two sliding interfaces and one rolling interface
involved in converting the energy from the pressurized oil flow
into the rotating motion of the motor shaft. These interfaces are:

Interface 1: Sliding interface between cylinder and piston.
Interface 2: Sliding interface between roller and piston.
Interface 3: Rolling interface between roller and cam.
A port plate distributes the oil to the cylinders and the timing is
made so that the cylinder will have high pressure on one side of
the cam top and low pressure on the other. This gives an even
torque at any angular position of the shaft. At interface 2, the
piston has a circular groove which is connected to the pressurized
oil in the cylinder and provides hydrostatic lift.

2.2. Test configuration

When rotating in a certain direction, a hydraulic motor can
operate in driving mode when direction of torque is positive, or in
breaking mode when direction of torque is negative. In this test
two identical motors are mounted on the same shaft, one motor in
driving mode and the other in breaking mode. When the two
motors are pressurized, the only power needed to rotate the shaft
is the power to overcome the friction losses and the oil flow losses
in the system. These losses are called the hydromechanical losses.

The hydraulic circuit is described in Fig. 2. The high pressure,
PH, is the same for both motors and is held constant with a high
pressure pump and a pressure control valve. The flow from the
high pressure pump compensates for the leakage in the motors.
The low pressure of the motor in driving mode, PLM, is held
constant with a pressure control valve. The main flow is to the low

pressure inlet of the motor in breaking mode and a pressure
control valve is mainly used as a safety valve. The main flow is
indicated with arrows in Fig. 2. The shaft torque of the hydraulic
motor is dependent on the differential pressure between the inlet
and outlet. In this case the high pressure of both the motors and
the low pressure of the motor in driving mode are kept constant.
The only pressure that is varied is the low pressure on the motor
in breaking mode, PLP. When PLP is increased, the torque of the
motor in breaking mode will decrease until it is equal to the
torque of the motor in driving mode and the shaft starts to rotate.
Because the displacement of the two motors is the same, the
difference in pressure between PLP and PLM is a measure of the
hydromechanical losses in the system. If the losses are zero, PLP
and PLM will become equal.

2.3. Test procedure

Two different sizes of motors have been tested, with displace-
ment of 4.4 and 13.2 l/rev, respectively. The 4.4 l/rev motor gives
70Nm/bar which gives a torque of 14 000Nm at 200bar which is
a normal operating pressure. The test motors having a displace-
ment of 4.4 l/rev were designated as RP1, RP2 and 2.1(1) and that
with a displacement 13.2 l/rev was B2 and B3. The seizure test for
the 4.4 l/rev motor was conducted at three different speeds and
incremental loading as shown in Fig. 3. Each step is of 15min
duration and during this time the bulk oil temperature stabilises.
From experience of other seizure tests, seizure occurs within
5min of increasing the pressure. The last step at highest pressure
and speed is held for 1h. The test procedure for the 13.2 l/rev
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motor is identical to that of 4.4 l/rev motor except that the test
speeds are 40 and 60 rpm.

2.4. Monitoring of PLP for seizure control

Following the description of motor function in Section 2.1, the
limiting contacting interfaces are interfaces 1 and 2. The seizure
damage in a hydraulic motor can be very rapid and often severe
when the motor is finally stopped. It is difficult to detect the origin
of the failure i.e., whether the failure originates at interface 1 or 2,
see Fig. 4. It is therefore important to shut down the test early in
the seizure process in order to understand the occurrence of
seizure. As described in Section 2.2 the difference between the
pressures on the low pressure side of the two motors is a measure
of the hydromechanical losses in the system. If the shaft speed
and oil temperature are held constant then all flow losses are
constant. Because PLM is constant, any change in PLP will
correspond to a change in friction losses in the motors.
Monitoring PLP has proved to be a very sensitive method to
detect early stages of seizure. After starting the test and when
speed and pressure have stabilised, the PLP monitoring is
switched on. It detects the rate of change in PLP, called dPLP/dt.
If this value reaches a certain level, the test is immediately shut
down. To detect slow changes in PLP, a floating average of dPLP/dt
is used. If the floating average of dPLP/dt during a certain time

reaches a preset level the test is shut down. The settings of dPLP/
dt and floating average of dPLP/dt were set to 0.1 and 0.03bar/s
from experience of the earlier tests.

2.5. Seizure process in hydraulic motor

As mentioned above, in all 24 hydraulic motor tests were
carried out. Some of these hydraulic motors passed the tests but
some of them had scuffing damage at different level of progres-
sion. Before the PLP monitoring was developed, some motors were
stopped manually when noise and vibrations from the motor were
detected. While investigating these motors, severe damage was
noticed and it was difficult to pinpoint the initiation of scuffing.
When the PLP monitoring was used, the motors could be stopped
very early in the seizure process. After examining the progression
of seizure in several motors, three stages in the seizure process
can be identified as shown in Fig. 5.

(1) PLP is first constant which means that the friction losses are
also constant but at a certain point PLP starts to increase,
typically 0.5 bar in a period of 30 s. The motors stopped at this
stage have only light wear and no scuffing damage with
material transfer. A normal contact pattern at interface 1 is
shown in Fig. 6a. Motors stopped at this stage have one or a
few pistons with a contact pattern that is shifted downwards
on the piston like in Fig. 6b. Also some light wear on the
piston at interface 2 can sometimes be seen. During this stage
the leakage from the hydrostatic groove on the piston at
interface 1 starts to increase.

(2) A sharp transition to a more steep increase in PLP. Motors
stopped at this stage normally have one piston with light
scuffing damage either at interface 1 or 2. Motors stopped
later in this stage have one piston with more severe scuffing
damage. The leakage increase is steeper compared to stage 1.

(3) A transition to an even more steep increase of PLP. Motors
stopped at this stage have several or all pistons with severe
scuffing damage. Now the friction losses can be so high that
the shaft seizes to rotate, even though the motor is
pressurized.

2.6. Scuffing propagation

Some motors were run to complete seizure and when studying
the data logging, all stages 1–3 can be seen. The PLP vs time for
two of these motors (called RP1 and RP2) is shown in Fig. 7.
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Seizure stage 1 is almost indistinguishable as the pressure
increase is only 0.5 bar. All pistons in RP1 had scuffing at
interface 2 and one also had scuffing at interface 1 while RP2
had scuffing only at interface 1 of all pistons. It is clear that the
rate of increase of the losses is higher if the scuffing propagates at
interface 2. The motors RP1 and RP2 have 4.4 l/rev displacement
and at 240 rpm the power loss from 1bar increase in PLP is 1.3 kW.
In the RP1 test the final friction power at seizure is 100 kW. The
friction power will rapidly increase oil temperature and thus
reduce oil viscosity which is one mechanism to the scuffing
propagation to other pistons. Another mechanism is the
entrapment of large wear particles between sliding surfaces.
Scuffing at interface 2 may stop the rotation of the roller which
gives scuffing damage on the cam and indentations on all rollers,
so a third mechanism of scuffing propagation is roughening of
roller surfaces.

2.7. Leakage increase

The external leakage to the housing increases at the same time
as PLP increases. This leakage mainly comes from the hydrostatic

groove on the piston at the interface 2. Reasons for leakage
increase could be form changes in the piston due to thermal
effects which increases the gap between roller and piston.
Another possible explanation of the increase in leakage is
decrease in viscosity due to frictional heat. Fig. 8 shows PLP and
leakage from motor B2 in the transition to seizure stage 1.

2.8. Mechanical losses with different pistons

Different piston assemblies have been used in the test, two of
them are called A and B. It is easy to measure the hydromecha-
nical losses during the test. To separate friction losses from oil
flow losses, oil flow losses from earlier tests have been used. A loss
coefficient C for the pistons is introduced, assuming that all
friction losses originate from the piston assembly. Torque
equilibrium for the motor in driving mode gives

PH � Ploss

2

� �
� ð1� CÞ � Ts � PLM þ Ploss

2

� �
� ð1þ CÞ � Ts � T ¼ 0

) C ¼ Ts � ðPH � PLMÞ � T

Ts � ðPH þ PLMÞ � Ploss

ðPH þ PLMÞ
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where Ploss is the pressure loss between inlet and outlet of the
motor, Ts is the specific torque of the motor in Nm/bar, T is the
torque measured during the test. Other parameters are as shown
in Fig. 2.

Using the oil flow losses from earlier tests, the loss coefficient C
is 0.02 for piston A and 0.03 for piston B at 180 rpm and 300bar.
The roller in piston B has a low friction DLC coating expected to
enhance scuffing resistance. However, the motor tests have shown
that the piston B, with 50% higher losses, has a lower seizure
resistance than piston A. The main reason for difference in friction
losses is in view of the differences in form and surface finish,
which influence the hydrodynamic lubrication. Surface roughness
(Ra) is typically �0.2mm for an uncoated piston and 0.3mm for a
coated piston.

2.9. Effect of running-in

The motors in breaking mode are more sensitive to scuffing but
as the operation in breaking mode is rare in field applications, the
focus was on motors in driving mode. Therefore, the motor in
breaking mode was run-in at 2.5 rpm for 100h. After this no
further seizure occurred on this motor in breaking mode. The
surface topographies of the piston and cylinder bore surfaces were
analyzed by using a 3D optical surface profiler before and after the
test. Typical surface roughness parameters and profile of the
piston OD are given in Fig. 9. It is clearly evident that the
conformity of the surfaces after running-in has considerably
improved.

2.10. Additional tests in piston test rig

To obtain further understanding of the roller-piston contact,
tests were conducted in a piston rig that is described in more
detail in [12]. This test rig isolates interface 2 and allows
measurement of friction torque between roller and piston and
leakage from the hydrostatic groove on the piston. The test was
done with constant speed of the roller, corresponding to roughly
80 rpm on the 4.4 l/rev motor. The roller rotation corresponds to
breaking mode in the motor. The pressure was increased in steps
of 25bar and was maintained for 2min at each step. At 300bar
the friction coefficient increased gradually during 30 s until a
transition to high friction occurred and scuffing was initiated on
one of the two pistons. During that time the leakage also
increased, from 0.1 up to 0.3 l/min. This process occurred without
the influence of interface 1 but was still quite similar to stages 1
and 2 in the seizure process for a complete motor described in
Section 2.5.

3. Investigation into the seizure process of motors stopped at
different stages

3.1. Motors stopped at stage 1

Motor B2 and B3 were stopped when the floating average of
dPLP/dt reached 0.03 bar/s. This corresponds to seizure stage 1 in
the suggested seizure process. No evidence of scuffing or material
transfer was found in the motors and only mild wear on the inside
of one piston in motor B2 was seen. In motor B3, the location of
the wear pattern on the piston at interface 1 had shifted
downwards on the piston described in Fig. 6b. This misaligned
wear pattern indicates form changes, probably due to thermal
expansion during the test. The misaligned wear pattern is also in
the area where scuffing has initiated on pistons from other motors
and propagated to seizure stage 2.

Fig. 10 shows a piston from motor B2. A 4mm deep wear scar
can be found on the piston at interface 2. The worn surface was
analyzed by using scanning electron microscope incorporating
energy dispersive spectroscopy (SEM/EDS). The analysis showed
the presence of sulphur and phosphorus elements in the dark
regions but not in the bright areas. This indicates that the
operation is under boundary lubricating conditions in those
regions and formation of S, P based tribochemical film.
Spectroscopic analysis of the oil revealed 2000ppm sulphur,
500ppm phosphorus and 700ppm zinc which indicate a ZDDP
additive. The appearance of dark and light pattern areas look is
owing to the pearlite structure of the material as the additives
react with the ferrite phase but not the carbide phase.

Another interesting observation from motors stopped at this
stage of seizure is that the motor can be used again without any
problem as if nothing has happened.

3.2. Motors stopped at stage 2

Motor B3 was reassembled again and this time it was stopped
when dPLP/dt reached 0.1 bar/s. Now the slow change in PLP
during 30 s was not enough to stop the test. Instead, the test was
stopped early in stage 2 when the rate of change in PLP increased.
Two pistons had scuffing damage at interface 2, the same pistons
that had indication of thermal expansion at interface 1 in the last
stop.

Another motor, 2.1 (1) stopped at stage 2 in which one piston
had scuffing damage as shown in Fig. 6b and the scuffing location
shifted downwards on the piston. Interface 1 from another piston/
cylinder pair from the same motor was also studied and in this the
cylinder asperity summits have been plastically deformed and
small pits are formed, Fig. 11. These pits are not associated with
graphite nodules which are seen on the cross-section of one of the
pits, Fig. 12. The area of pits on the asperity peaks corresponds to
the area where scuffing was initiated on the damaged piston.
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Fig. 9. Effect of running-in at low speed on surfaces of interface 1.
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4. Discussion

The proposed seizure process consists of 3 stages. During stage
1 there is only an increase in friction without scuffing damage. In
stage 2, scuffing initiates and during stage 3 scuffing propagates to
several pistons. Stages 2 and 3 are associated with the initiation of
scuffing. However, stage 1 is mainly associated with the system
level of understanding described in the Introduction. Since this is
the trigging event in the seizure process, it will be discussed in
more detail.

Observations from stage 1 are:

(1) Misaligned wear pattern between piston and cylinder. Normal
contact is marked ‘a’ in Fig. 13, the misaligned wear pattern is
marked ‘b’.

(2) Increased leakage.
(3) Indication of boundary lubrication between roller and piston.

Observations from stage 2 are:

(1) When scuffing initiates at interface 1, it originates from the
same area as the misaligned wear pattern in stage 1.

(2) When there have been high friction power at interface 2,
for example if scuffing has initiated there, the area of
contact pattern at interface 1 is even further down, marked
‘c’ in Fig. 13.

Pistons that are close to scuffing or have initiation of scuffing
seem to have a misaligned wear pattern between piston and
cylinder and the distance from where it should normally be is
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Fig. 10. Roughness profile and SEM micrograph (backscatter mode) on piston from motor B2 that was stopped during seizure stage 1.

Fig. 11. Cylinder surface from motor 2.1(1) showing plastic deformation on asperity summits. SEM micrograph (left) and 3D optical surface profiler image (right).
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longer when the friction heat from the roller-piston contact is
higher. The friction heat in the piston comes from interfaces 1 and
2, Section 2.1. According to Fig. 13, interface 1 heats up region 1
and interface 2 heats up both regions 1 and 2. Thermal expansion
of region 1 will only change the shape of the piston slightly but
thermal expansion in region 2 may change the shape of the piston
and the contact area will move downwards in Fig. 13. This could
explain the occurrence of the misaligned wear pattern. Also, it was
verified through piston rig tests that increase of friction and

leakage, which is associated with stage 1, can occur without
interface 1. The initiation of stage 1 in the seizure process seems
to originate from the piston–roller interface.

Two possible explanations for the increase of friction at
interface 2 are:

� The hydrodynamic oil film is ruptured between roller and
piston due to lower viscosity when losses reach a certain level.
The increased friction will further result in lower viscosity and
so on. This will eventually lead to boundary lubricating
conditions and consequently higher friction.

� The hydrodynamic oil film between roller and piston is
ruptured due to form changes in the piston due to deformation
from the load and/or thermal expansion. When the load and
temperature reach a certain level, the form changes lead to
rupturing of the oil film between roller and piston resulting in
higher friction. This process will also be enhanced by low
viscosity which reduces the oil film thickness.

The increased leakage may be attributed to form changes or the
decrease in viscosity.

At stage 2, the scuffing is initiated where the contact
conditions are worst in terms of sliding speed, contact pressure
and temperature of the sliding interfaces. The increased friction
increases the probability of scuffing in the piston–roller interface.
The thermal expansion of the piston will result in a misaligned
wear pattern and surfaces not previously run-in will come into
contact. Additionally, thermal expansion will change the form of
the piston which will lead to higher contact force between piston
and cylinder.

Interface 1 has been studied close to scuffing. Local plastic
deformation occurs on asperity tips of the cylinder surface that
has not run-in properly. Small pits are formed when small
particles leave the surface, which indicate high adhesion forces
locally on the asperity summits. Also interface 2 has been studied
close to scuffing where phosphorous and sulphur compounds and
plastic deformation has been noted.

Running-in at low speed improves scuffing resistance and
reduces the risk of seizure during stage 1 because the smoother
surface from the running-in process will reduce the frictional
losses. Also, the scuffing resistance during stage 2 will be
improved due to better conformity of the surfaces.

5. Conclusions

A three stage seizure process for radial piston hydraulic motors
has been suggested.

The trigging event for stage 1 in the seizure process is rupture
of hydrodynamic oil film at the interface between roller and
piston, either due to viscosity loss or form changes from load or
thermal expansion. Scuffing is then initiated in stage 2 either on
the outer diameter of the piston or on the inside diameter of the
piston. A running-in process at low speed improves the seizure
resistance.
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Abstract: Heavily loadedmovingmachine components encounter severe tribological problems.
Typical examples include piston and cylinder contacts in a hydraulic motor. Piston and cylinder
bore contacts invariably operate in boundary lubrication regime and the risk for seizure of these
contacts is high particularly when lubricated with low-viscosity lubricants. The piston assembly
in a radial piston hydraulic motor has conformal (area) contact. In this work, these contacts have
been simulated in the laboratory by using a thrust washer test configuration. The influence of
area ratio, nature of contacting surfaces, and speed on scuffing has been investigated by using
a factorial design of experiments approach. The influence of area ratio on wear at lower speed
has also been studied. The results have revealed that the surface power, or μpv-value, at scuffing
varies by 3–4 times when the area ratio was increased from 8 to 72 per cent. The running-in
wear tests have shown that running-in of the upper and lower specimens also varies with the
area ratio. During the first 30 s the upper specimen is polished with low area ratio, whereas the
lower specimen is polished with high area ratio. The surface temperature was estimated by using
finite-element calculation and it was found to be similar prior to scuffing for both 8 and 72 per
cent area ratios at 1.7m/s sliding speed.The comparison of the results with the actualmotor tests
shows that an area ratio of 24 per cent seems to simulate the piston-cylinder contact better.

Keywords: scuffing, seizure, hydraulic motor, area ratio, wear

1 INTRODUCTION

A radial piston hydraulic motor includes several mov-
ing components with sliding and rolling interfaces.
If running conditions are severe regarding pressure,
speed, and viscosity, scuffing damage can occur.
Testing on a complete machine is costly and time

consuming. Therefore, when studying the perfor-
mance of a machine with respect to its tribological
aspects, tribo tests are often used to facilitate and
speed up the testing process. However, all aspects
influencing the performance of a machine are not
included in a tribo test. When designing a tribo test
to simulate an interface in a machine, one needs to
consider if a standardized test like ball on disc should
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be used or a new test method should be designed.
It is also important to understand the limitations of
the specific tribo test to be used.
Various test methods are presently available for the

tribological study of different contacting elements.
Because of its simplicity, equipments like ball on disc
or pin on disc are often used. When simulating the
interfaces in a radial piston hydraulicmotor, these test
methods have somedisadvantages like the use of non-
conformal contact in the ball on disc configuration
and there is also a problem with varying contact area
of the ball due to wear, and consequently a variable
contact pressure during the test. Another problem is
the large difference in the frictional area of the two
contacting specimens. The frictional (contact) area
of the pin or ball could be 100 times smaller than
that of the disc. In this article, the term ‘area ratio’
is defined as the ratio between the frictional (con-
tact) areas of the mating specimens. In cases where
the difference is 100 times, the area ratio is 1 per cent.
In many real applications like gears, roller bearings,
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automotive components, and hydraulic system com-
ponents thearea ratio ismany timeshigher than that in
a pin on disc configuration. Additionally, the tribolog-
ical performance is often dependent on how the two
contacting surfaces having different material compo-
sitions, surface finish, and hardness behave during
running-in and in service. If the area ratio is much
smaller in the tribo test compared to that in reality,
there is a risk of the smaller contacting surfacewearing
out very rapidly and the performance being controlled
mainly by the bigger contacting surface.
Themechanism of scuffing has been studied by sev-

eral authors but is not yet fully understood. Seizure
is often defined as the complete stopping of motion
between two contacting elements. Scuffing, which is
a reason for seizure, is defined by the Organization
for Economic Cooperation and Development (OECD)
as a ‘localized damage caused by the occurrence of
solid-phase welding between sliding surfaces without
local surface melting’ [1]. Scuffing is, however, a pro-
cess of events, where the definition made by OECD is
a final stage according to Ludema [2]. Breakdown of
surface films is considered to be related to the ini-
tiation of scuffing, either due to the breakdown of
elastohydrodynamic films [3], or desorption of physi-
cally or chemically adsorbed films [4], or penetration
or removal of oxide films [5]. Thermal softening of
bulk material has also been attributed to scuffing ini-
tiation [6]. Lee and Chen [7] confirmed the critical
temperature–pressure theory with experiments that
suggest that there is a safe and an unsafe region in a
pressure–temperaturemap. Attempts havebeenmade
to create scuffing transition maps with contact pres-
sure, speed, and the critical pv-value [8]. Sheiretov
et al. [9] conducted experiments on dry contacts and
found thatpv = constantwas valid.He also found that
scuffing is strongly system-dependant, and changes in
the geometry of the test specimens lead to shifts of the
pv curve. He varied the pin diameter and found that
smaller pins couldwithstandhigherpv and concluded
that the size effects are in essence temperature effects.
At the same pv, the contact between the smaller pins
and the steel disc generates less heat than is generated
with larger pins. However, the scuffing temperature
was 180 ◦C for the smaller pins and 240 ◦C for the
larger pins. Patching [10] made tests in a twin-disc
machine under lubricated conditions and found that
pv = constant was not a good limit for scuffing. Horng
[11] found out that pvμ = constant was inadequate in
describing the limit for seizure in his tests.
The influence of surface roughness has been

described by several authors; Jinno et al. [12] found
an optimum surface roughness for scuffing resistance
in his tests and also suggested that the optimal sur-
face roughness will be different for different cases
depending on the operating and material parame-
ters. Andersson and Salas-Russo [3] concluded that
a smoother surface had better resistance to scuffing.

Yoon et al. [13] discovered that a smooth surface is
beneficial when lubrication is good but for poor lubri-
cating conditions a smooth and rough surface had
similar scuffing resistance.
The objective of this work is to find a suitable

tribo test to study the mechanism of scuffing in the
piston–cylinder interface. In this type of radial pis-
ton hydraulic motor, the tangential force that creates
the output torque is transferred through the con-
formal interface between the piston and cylinder.
FEM calculations have shown that the nominal con-
tact pressure in this interface is around 100MPa at
30MPahydraulicpressure.Thesliding speedcanreach
2.5m/s. The influence of area ratio on scuffing and
running-in has not been studied earlier and studies
pertaining to these aspects are intended to obtain
suitable parameters for the tribological simulation of
the piston–cylinder interface. Further, the influence of
surface roughness and sliding speed on scuffing has
also been investigated.

2 DESCRIPTIONOFTHETEST

2.1 Test rig

In this work, a rotary tribometer (Phoenix Tribol-
ogy make, TE92 model) that enables the use of a
thrustwasher test configuration (asdescribed inASTM
D3702) was employed for tribological studies. In this
tribometer, tests canbe conducted at loadsup to 10 kN
and speeds of up to 1800 r/min. The limiting value for
the frictional torque is∼10Nm.

2.2 Test conditions

The specimens for the thrust washer test configura-
tion are two washers, the lower stationary and the
upper rotating. The upper test specimen surface has
three pads. By changing the size of the pads on the
upper specimen, different area ratios can be achieved.
In this work, the upper test specimens were made to
provide area ratios of 8, 24, and 72 per cent, respec-
tively, when in contact with the lower test specimen
(Fig. 1). The test lubricant used during the tests was
a formulated ISO VG 10 mineral oil with anti-wear
additives. The temperature of the bulk oil was held
at 70 ◦C, which corresponds to a lubricant viscosity
of 5 cSt. The temperature was controlled by circulat-
ing water through the coils surrounding the oil bath
(Fig. 2). The bulk oil temperature was measured in the
middle of the oil bath.When the spindle was standing
still, it took long time to heat up the oil bath to 70 ◦C,
but when the spindle started to rotate, the temper-
ature quickly stabilized slightly below the circulating
water temperature due to the oil circulation. The oil
circulation also ensured uniform temperature in the
oil bath.
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Fig. 1 Upper specimen for 8, 24, and 72 per cent area
ratio tests and lower specimen with a drilled hole
for temperature measurement

Fig. 2 A close-up of the test set-up of the rotary
tribometer (PhoenixTribologymakeTE 92model)

2.3 Preparation of specimens

The lower specimen was made of nodular cast iron
and the upper specimen of grey cast iron. Three differ-
ent surfaces were used: rough, smooth, and a surface
coated with a solid lubricant. The rough specimens
were intended to simulate the surface finish of the
piston and piston bore. The smooth specimens were
used as a reference on how an extremely smooth sur-
face would behave and is not intended to simulate a
real surface in the hydraulic motor. In the real appli-
cation, the direction of the finish is perpendicular to
the sliding direction. This is difficult to achieve on flat
specimens and therefore these were polished by hand
withanapparatus formetallographic specimenprepa-
ration. The upper specimen was polished with a P320
grinding paper.The lower specimenwas polishedwith
a P60 grinding paper and for ∼1 s with a P1200 grind-
ing paper. This was to get the right skewness of the
surface profile similar to that of the cylinder bore. The
upper specimens were also tumbled to remove burrs
or any sharp edges.

The smooth specimens were polished by using a
3μm grain size polishing paste.
The specimenswith solid lubricantwere coatedwith

WS2 film and these have the same surface finish as
that of the rough specimens. The surfaces were mea-
sured with aWyko 3D optical profiler using white light
interferometry with magnification 10×, which means
a measured surface of 0.6× 0.46mm. No filtering was
used when the surface parameters were calculated
except for removal of extreme values. An average of
three measurements was used. The different surface
roughness parameters are listed in Table 1.
The macrohardness of the lower specimens is HV

230–270 and that of the upper specimens is HV
200–240.

2.4 Test procedure for the scuffing test

The idea in scuffing tests was to use an incremental
increase of surface pressure, which means that the
incremental loads will be different for different area
ratios. During the initial tests it was observed that,
in some cases, the whole pad disappeared before the
test was stopped. This raised a question whether the
pad was worn only during the short time of scuff-
ing or continuously during the test. To ascertain this,
a gap sensor to measure wear was introduced. The
value measured by the gap sensor will be influenced
by the wear of the specimens and also by thermal
expansion of test assembly components if the tem-
perature in these components varies during the test.
Therefore, the measured value from the gap sensor
will be amix of wear and thermal expansion, but rapid
and large changes in the gap can provide information
about the wear as there is some time lag vis a vis the
temperature rise.

2.5 Test procedure running-in wear

To study how the surfaces run-in, a lower speed of
0.6m/s was chosen to ensure operation in the bound-
ary lubricating regime and without too much heat
accumulation. The surface pressure was 50MPa with
all area ratios, which means that the higher area ratio
had much higher load than that with the lower area
ratio.

3 RESULTS

3.1 Design of experiments for the scuffing tests

A design of experiments approach was used in which
speed, surface, and area ratio were varied. Surface
parameters for the upper and lower specimen for the
three different surface configurations are shown in
Table 1. In all, 21 tests were performed and these are
summarized in Table 2.
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Table 1 Surface topography parameters of different test specimens and actual hydraulic motor components

Surface configuration Sa (μm) Rpk (μm) Rk (μm) Rvk (μm) Ssk Sz (μm) Sdq (◦)

Rough
Lower specimen
Mean 0.51 0.49 1.34 1.15 −1 5.4 27
Standard deviations 0.13 0.02 0.37 0.36 0.4 1 2.1

Upper specimen
Mean 0.47 0.54 1.45 0.8 −0.4 5.1 30.2
Standard deviations 0.08 0.03 0.26 0.2 0.2 0.8 2.4

Smooth
Lower specimen
Mean 0.06 0.13 0.1 0.28 −3 2.5 5.8
Standard deviations 0.01 0.02 0.01 0.03 0.5 0.1 0.9

Upper specimen
Mean 0.05 0.08 0.12 0.16 −3.2 1.4 3.5
Standard deviations 0.01 0.04 0.02 0.05 1 0.6 1.2

Solid lubricant
Lower specimen Surface parameters like the rough surface configuration
Upper specimen Surface parameters like the rough surface configuration

Actual motor
Cylinder
Mean 0.32 0.37 0.90 0.64 −0.8 4.33 8.5
Standard deviations 0.11 0.04 0.31 0.17 0.1 0.60 1.3

Piston
Mean 0.29 0.34 0.89 0.52 −1.2 6.33 7.3
Standard deviations 0.04 0.05 0.13 0.12 0.6 1.50 1.1

Table 2 Description of various tribological tests and salient results

Area Scuffing Scuffing Specimen Surface power Wear rate
Speed Surface ratio load pressure temperature Friction at scuffing at scuffing

Test (m/s) configuration (%) (kN) (MPa)] (◦C) maximum (W/mm2) (μm/s)

1 1 Smooth 8 3.0 515 94 0.107 40 0.67
2 1 Rough 24 4.5 272 94 0.098 21.2 Low
3 1 Solid lubrication 72 5.4 109 106 0.103 8.1 Low
4 1.7 Smooth 24 2.3 139 95 0.098 18.8 Unknown
5 1.7 Rough 72 2.9 58 93 0.09 7.6 Unknown
6 1.7 Solid lubrication 8 1.6 290 90 0.09 38.7 188
7 2.4 Smooth 72 3.73 75 110 0.08 13.3 Low
8 2.4 Rough 8 1.6 290 81 0.073 49.4 81
9 2.4 Solid lubrication 24 1.5 91 83 0.092 18.5 198
10 1.7 Rough 24 2.09 126 92 0.094 18.8 Unknown
11 1.7 Rough 24 1.99 120 89 0.091 19.5 95
12 1 Smooth 8 3.09 530 89 0.103 41 0.91
13 1 Rough 24 4.9 296 95 0.097 20.9 Low
14 1 Solid lubrication 72 5.4 103 102 0.1 8.1 Low
15 1.7 Smooth 24 2.3 139 86 0.103 21.5 Unknown
16 1.7 Rough 72 2.98 60 86 0.088 8.5 Unknown
17 1.7 Solid lubrication 8 1.9 345 81 0.085 38.7 170
18 2.4 Smooth 72 3.42 69 99 0.083 13 Low
19 2.4 Rough 8 1.98 359 79 0.077 56 171
20 2.4 Solid lubrication 24 1.65 100 85 0.085 20.4 181
22 1.7 Rough 24 1.98 120 92 0.089 18.3 213

The significant effects are presented in Table 3. If a
factor is varied from low to high, themain effect repre-
sents the change in response. For example, if the area
ratio is changed from 8 to 72 per cent, the mean value
of the measured scuffing load will increase 1.9 kN and
the 95 per cent confidence limit is 1 kN. A significant
effect isdefinedaswhen theconfidence limit is smaller
than the effect.
A higher area ratio can withstand higher load before

scuffing but a smaller area ratio can withstand much

higher surface pressure before scuffing. The friction
coefficient is ∼0.1 and it is independent of the area
ratio.The frictioncoefficient is lowerathighspeed.The
rough surface has lower friction coefficient than the
smooth surface. Surface roughness has no significant
effect on scuffing pressure.
The surface power, which is equal to pvμ, is mainly

dependent on area ratio and is 3–4 times higher for 8
per cent area ratio as compared to that for 72 per cent
area ratio.The dependencewith speed is, however, not
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Table 3 Significant effects of different variables

Response: scuffing load
Factor Effect (kN) Conf. int(±)
Area ratio 1.9 1.0
Speed −1.5 1.0

Response: scuffing pressure
Factor Effect (MPa) Conf. int(±)
Area ratio −232 97
Speed −106 102

Response: specimen temperature
Factor Effect (◦) Conf. int(±)
Area ratio 12.9 6.5
Speed −8.6 6.8

Response: friction coefficient maximum
Factor Effect Conf. int(±)
Speed −0.0185 0.0061
Surface (Rough) −0.0063 0.0062

Response: surface power
Factor Effect (W/mm2) Conf. int(±)
Area ratio −26.6 10.1

significant. This indicates that the surface power is the
limiting factor for scuffing in these tests, but only for a
specific area ratio.

3.2 Friction results

The coefficient of friction, wear, load, specimen tem-
perature, and oil temperature during all the tests were
recorded. Figure 3 illustrates how the parameters vary
in test 22 at 1.7m/s sliding speed and 24 per cent
area ratio. In this test, the wear, according to the gap
sensor, is lowduring the test except during the last sec-
onds when wear at scuffing propagation was roughly
200μm/s. At low speed and low area ratio the gap sen-
sor recorded different wear behaviours at the end of
the test. In test 12 conducted at a sliding speed of
1m/s and an area ratio of 8 per cent, a slow and steady
wear of 1μm/s was recorded by the gap sensor when
contact pressure reached 390MPa and final scuffing

Fig. 3 An illustration of data logging of various parame-
ters during test 22

occurredafter another 400 swhen thecontactpressure
had reached 515MPa.
The torque limit was set to 10Nm and for high

area ratio, which means high load, this torque limit
stopped the test when scuffing occurred. When this
limit was reached, the load was set to zero and rota-
tion was stopped. It was done quickly, but during that
short time the specimens had substantial wear due
to the scuffing propagation. The recording was also
stopped when the torque limit was reached and the
wear during scuffing propagation was not measured.
With lower area ratio, which means lower load, the
limiting torque was not enough to stop the test when
scuffing occurred and the test had to be stoppedman-
ually when severe noise and vibrations were observed.
This means that wear and friction during scuffing
propagation were recorded and these are plotted in
Fig. 4 and represent the behaviour of all tests at 1.7 and
2.4m/s sliding speedsand8and24per centarea ratios.
There is a slight increase in friction coefficient dur-
ing 2–3 s before a peak friction coefficient of 0.3–0.35
occurred. When the friction coefficient reached this
value, the wear during scuffing propagation was typ-
ically at the rate of 200μm/s and friction coefficient
around 0.2. The wear rate at scuffing propagation was
only detected at 8 and 24 per cent area ratio and did
not vary with area ratio.

3.3 Appearance of specimens and wear particles

Specimens and wear particles were studied from four
different tests that represent the variety of appear-
ance of the whole test series. The wear particles were
washed from the specimens and put on a filter.
When scuffing is initiated at high speed and the test

is stopped before the scuffing has propagated, like
in test 7, there are some wear particles in 5–50μm
size and the specimens are smooth. Some signs of
early scuffing can be noticed. In test 16, the scuffing
has propagated and large amounts of 5–50-μm-size

Fig. 4 Friction coefficients and wear during the last
seconds of test 22
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particles and roughening of specimens occur. In test
1, with slow wear during a long time before scuff-
ing, large amounts of 1–5-μm-size wear particles have
been found. Some wear particles of size 5–50μm and
some of up to 500μm are also found after the final
scuffingpropagation.This indicates that the slowwear

of 1μm/s produces large amounts of small wear par-
ticles. In test 2, a high friction peak occurred but wear
was not high. Some wear particles of size 1–5μm can
be found and the specimen surfaces are quite smooth.
The lower specimen and wear particles for the four
different tests are shown in Fig. 5.

Fig. 5 SEMpictures at 50×magnification of lower specimen andwear particles, (a) test 1, (b) test 2,
(c) test 7, and (d) test 16
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3.4 Results from running-in wear tests

The running-in wear test showed quite different ini-
tial running-in performance for different area ratios
(Fig. 6). After the first 30 s with 8 per cent area ratio,
the lower specimen had low wear but the upper spec-
imen was polished to a smooth surface. With 72 per
cent area ratio, the situation was the opposite after
30 s; the upper specimen had low wear but the lower
specimen was polished to a smooth surface. With 24
per cent area ratio, both upper and lower specimens
were polished after 30 s, but not asmuch as in the case
of 8 and 72 per cent area ratios.With 24 and 72 per cent
area ratios, there is a rougheningof the lower specimen
after the initial polishing and the roughening seems to

coincide with the time when the grooves from pro-
duction are worn away from the lower specimens.
This occurs earlier with higher area ratio, and with
8 per cent area ratio there is no roughening at all
for the lower specimen during this test. Actual motor
tests showed initial smoothening on the piston sur-
face that is simulated here with the upper specimen.
The cylinder that is simulated with the lower speci-
men sometimes has the same initial smoothening as
the piston, but most often, the cylinder has less wear
than the piston. This means that the initial running-
in from the actual motor tests is best simulated with
this tribo test if the area ratio is in between 8 and
24 per cent.

Fig. 6 Rk values for contacting interfaces for the tribo test (a, b, and c) and actual motor (d and e)
during running-in
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3.5 Estimation of contact temperature

One important aspect of scuffing is temperaturedistri-
bution in the contact. Some authors have claimed that
there is a critical temperature for scuffing, as described
in the introduction.The temperature in the lower spec-
imen, 2mm from the contact, was recorded during
the tests, but there is a question regarding the contact
when scuffing occurs. With this in mind, a simplified
model was built to predict the temperature distribu-
tion and, in particular, the interfacial temperature of
the test specimens. The model uses the measured
friction coefficient and speed as input to calculate
the temperature. The model was implemented in a
finite-element program named Comsol Multiphysics
and solved for steady-state solution. The geometry
in the model includes the specimens and the steel
plates towhich thespecimensareattached.The reason
for choosing that geometry was by considering where
good boundary conditions can be identified.
The boundary conditions between the specimens

and the steel plateswere set to temperature continuity.
The lower surface of the lower steel plate is connected
to a heavy piece of aluminium,which in turn is in good
connection with the oil bath; the boundary condition
was therefore set to constant temperature, same as
that of the oil bath. The upper surface of the upper
steel plate was set as insulated because it is only con-
nected through a small steel ball and a guiding pin.
For the contacting surfaces between the upper and
lower specimens, temperature continuity as well as an
inward heat flux corresponding to the operating con-
ditions, i.e. speed, load, and friction coefficient was
set. To avoid the need of CFD calculations, the heat
flux to the oil bath was set by a heat transfer coeffi-
cient. This coefficient is very hard to calculate because
of the complex geometry and flow situation, but it
can be estimated by using equations for simplified
geometries.
The heat transferred from a hot isothermal plate to

a forced laminar stream is given by Newton’s Law

Q̇ = hplateA(Tw − T∞)

where Tw and T∞ are the wall and fluid free-stream
temperatures, respectively.The convection heat trans-
fer coefficient for the plate hplate is related to the plate
Nusselt numberNuL by

hplate = k
L
NuL

In this equation, k is the fluid’s thermal conductivity
and L the length of the plate. The Nusselt number [14]
for this problem is given by

NuL = 0.664(Pr)1/3
√
ReL

where Pr is the Prandtl number and ReL the Reynolds
number. Using the above equations with appropriate

length scales and oil properties indicates that the heat
transfer coefficient is in the region of 1000W/m2 K.
For simplicity, theheat transfer coefficientwas set as

a constant for all surfaces in contact with the oil bath;
this is of course not the real case, but it was observed
that the impact on temperature rise near the contact
was relatively lowwhen varying the heat transfer coef-
ficient. The reason for this is that the main heat flow
near the contact is given by conduction through the
solids.
Contact temperature seconds before scuffing is ini-

tiated is of interest. Therefore, the input to the cal-
culations was the actual pvμ values prior to scuffing
from test 16 and 17 with 8 and 72 per cent area ratios,
respectively, and for a sliding speed of 1.7m/s. The
calculated temperature at the surface and 2mmdown
in the lower specimen with three different heat trans-
fer coefficients are presented in Table 4, whereas the
measured values have been given in Table 2.

Material parameters
Upper specimen:

(a) thermal conductivity: 50w/(mk);
(b) heat capacity: 560 j/(kg k);
(c) density: 7850 kg/m3.

Lower specimen:

(a) thermal conductivity: 33w/(mk);
(b) heat capacity: 600 j/(kg k);
(c) density: 7850 kg/m3.

The results from the temperature calculations are
shown in Figs 7 and 8. With the same heat transfer
coefficient, the contact temperature is very similar in
the two cases despite the big difference in area ratio.
There is also a big difference in temperature distribu-
tion beneath the surface of the lower specimen. With
8 per cent area ratio, the lower specimen surface can
rest until the next interaction with the upper speci-
men and the heat penetration in the lower specimen
is quite shallow. On the other hand, with 72 per cent
area ratio, the time the lower specimen is in contact
is much higher and the heat penetration in the lower
specimen is deeper.

Table 4 Calculated temperatures

Area Heat transfer Temperature
ratio coefficient 2mm down Temperature
(%) (W/m2 K) (◦) surface (◦)

8 500 159 320
8 1000 139 296
8 2000 118 269
72 500 220 328
72 1000 189 290
72 2000 157 251
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Fig. 7 Temperature distribution of the lower and upper specimens prior to scuffing of test 17 with
8 per cent area ratio and 1.7 m/s sliding speed

Fig. 8 Temperature distribution of the lower and upper specimen prior to scuffing of test 16 with
72 per cent area ratio and 1.7m/s sliding speed

4 DISCUSSION

Constant surface power (equals pvμ) seems to be a
reasonable limiting condition for scuffing in this test
for a specific area ratio. In this work, two approaches
were used to obtain a better understanding on why a
low area ratio could withstand much higher surface
power. One approach is the estimation of surface tem-
perature for 8 and 72 per cent area ratios and the
other involving studies on the initial running-in at
low speed and low surface pressure for different area
ratios.
The FEM calculation of temperature indicates that

surface temperature is similar prior to scuffing for 8
and 72 per cent area ratios despite the big difference
in their surface powers. This would suggest surface
temperature as a better limiting condition for scuffing
than constant surface power when comparing differ-
ent area ratios.There is a significant deviationbetween
themeasured values and the calculated values of tem-
perature 2 mm down in the lower specimen. The
temperature was measured with an embedded ther-
mocouple that was inserted in a drilled hole in the
lower specimen. The temperature was 93 ◦C for the
case of 72 per cent area ratio and 1.7m/s sliding speed.
However, when a non-embedded thermocouple was
welded directly to the lower specimen in the same
drilled hole, the recorded temperature was 166 ◦C at

72 per cent area ratio and 2.4m/s sliding speed, which
is in the same range as the calculated values. This
indicates that there was a heat insulation problem
when using the embedded thermocouple.
The difference in contact pressure at scuffing with

different area ratios can also to some extent be
explained by the running-in performance. During the
first 30 s of the running-in test, the upper specimen
was polished and the lower specimen stayed intact,
whereas the opposite occurred at high area ratio. Addi-
tionally, the surfaces undergo a roughening in the later
stage of the running-in test and this roughening starts
earlier with high area ratio. The roughening seems to
occur when the grinding marks from production are
worn away from the lower specimen. It suggests that
the grindingmarks work as oil reservoirs. The low area
ratio appears to be beneficial for the running-in, but
it should be mentioned here that the heat power was
higher for high area ratio as the contact pressure was
the same, and hence the roughening could also be
supportedby thehigher temperature. It couldbe inter-
esting to see the results if the sliding speedwas lowered
to a minimum to reduce temperature effects.
It is also interesting to see that the scuffing resistance

is equal for the rough and smooth surfaces, which is
contrary to the earlier findings [3]. In this test, the fric-
tion coefficient is slightly higher with smooth surfaces
compared to rough surfaces. There is no converging
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gap that would allow a hydrodynamic lubrication;
hence, the hydrodynamic effect on the macroscale
is limited in this test configuration. However, on the
asperity scale, there could be a lower friction due
to smooth plateaux or closed void volume effect for
the rough specimen. The friction coefficient is ∼0.1;
hence, the lubrication is poor, which is in line with
the results from Yoon [13] who noted that scuffing
resistance is equal for rough and smooth surfaces if
lubrication is poor. Another reason could be that the
optimal surface roughness is somewhere in between
the rough and smooth specimen surfaces according to
Jinno [12], who found an optimal surface roughness in
his tests.
There was no reduction of friction when using the

solid lubricant, which was surprising in view of the
fact that there are good results from pin-on-disc tests
[15]. One reason for this can be the lower contact pres-
sure in the thrust washer tests and it has been shown
[16] that solid lubricants like MoS2 give higher friction
coefficients at lower contact pressure.
The wear of about 1μm/s that occurred at 390MPa,

low speed, and low area ratio was surprising; it seems
like in that contact condition, scuffing is not the limit-
ing factor. Another explanation could be that the wear
was a result of microscuffing at the asperity level but
that the heat accumulation was not high enough to
cause macroscuffing propagation.
Wear tests in the actual motor at low speed have

shown that in the piston–cylinder contact the initial
running-in wear is slightly higher on the piston than
that in the cylinder but the difference was not as large
as that seen in the8per cent area ratiowear test.The24
per cent area ratio seems to be closest to the running-
in performance of the actual hydraulic motor. Also,
surface pressure at scuffing at 24 per cent area ratio
is in the same range as that in the motor tests when
hydraulic pressure is ∼30MPa. Therefore, the 24 per
cent area ratio test could be a good test to simulate the
piston–cylinder contact.
It is important to keep in mind that this tribo test

methodology will simulate the boundary lubrication
conditions when hydrodynamic effects are negligible.

5 CONCLUSIONS

A thrust washer test configuration has been used to
simulate the contact between the piston and cylinder
in a radial piston hydraulicmotor. The area ratio of the
two contacting specimens in the thrust washer test rig
was varied and itwas found that the area ratio has a big
influence on both running-in wear and scuffing per-
formance. Higher area ratio resulted in significantly
lower scuffing pressure.
The pvμ value is a good limit for scuffing in this

test if the area ratio is constant but the dependence of

scuffingon thearea ratio shows that scuffing is strongly
systemdependent.Thermal calculations showthat the
contact temperature is almost the same prior to scuff-
ing for 8 and 72 per cent area ratio despite the large
difference in contact pressures. Also, the running-in of
the surfaces is different with different area ratios. Low
area ratio tends to give higher initial wear on the upper
specimen and high area ratio gives more wear on the
lower specimen. Roughening of surfaces occur earlier
with high area ratio, which indicates that running-in is
better with low area ratio.
Two levels of surface roughness were studied in this

work, but there was no significant difference in their
scuffing pressure. The friction coefficient was higher
with the smooth surface.
A comparison with actual motor tests regarding

running-in wear and surface pressure at scuffing
revealed that the thrust washer test with an area ratio
of 24 per cent effectively simulates the piston–cylinder
contact.
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a b s t r a c t

As many other machines, the radial piston hydraulic motor contains a lot of tribological interfaces. One

important area is the piston assembly and the journal bearing contact between the piston and cam

roller. There exist good models to describe the performance of simpler geometries such as journal

bearings, but when put into a system or when having a more complex geometry, the models do not

apply very well. To be able to predict the tribological performance of such components, it is important

to have a model that is able to include the real geometry and the properties of the system. A simulation

model of the piston assembly in Hägglunds Compact hydraulic motor was built using FE software which

made it easy to include the complex geometries. The model includes the deformation of the piston. The

hydrodynamics is solved by using Reynolds equation. Density/pressure and viscosity/pressure

dependency for the oil are included. Simulation results such as friction, hydrodynamic pressure and

oil leakage were compared with test results. Good agreement between simulation and tests shows that

this kind of model can be a useful tool in the development and optimization of tribological systems.

& 2009 Elsevier Ltd. All rights reserved.

1. Introduction

The performance of highly loaded lubricated contacts in
hydraulic motors is often dependent upon the geometrical shape
of the machine components. A good example of this is the piston
assembly of the radial piston hydraulic motor. Much effort has
been put into experimental testing and development of especially
the piston design. The focus has been on minimizing the losses
and wear in the sliding interface between the piston and the
roller. The piston–roller interface is lubricated by both hydrostatic
and hydrodynamic film formation. Losses in a sliding interface
like this can be from viscous shearing in full film lubrication or a
combination of viscous shearing and boundary friction. Because of
the hydrostatic lubrication, losses also come from leakage. The
piston has a rather complex geometry and the performance has
been found to be sensitive to small changes in the design. To be
able to make the development of such components more effective
it is important to have a reliable numerical model that can adapt
to different geometries.

In this paper an FE model of the piston assembly is presented.
The model is built using multiphysics software [1] and includes
elastic deformations, hydrodynamic and hydrostatic film forma-
tion using Reynolds equation. Using a software like this makes it
easy to adopt the model to in principal any geometrical shapes of

the sliding interface and bodies. Measurements of friction and
leakage from a test rig for the piston assembly [2] have been used
for comparison and validation of the numerical model.

2. Experimental model description

A test rig was built to enable specific testing of the piston
assembly and especially the interface between the piston and the
roller. In contradiction to operation of the motor, the piston is not
moving with respect to the cylinder in the test rig, see Fig. 1. The
piston and roller are statically pressed against a rotating drive
shaft that represents the cam ring. To avoid tilting forces on the
drive shaft there are two piston assemblies mounted in opposite
directions. The piston assemblies can be moved sideways to test
different angles (y) corresponding to a specific point in the piston
stroke in the motor.

Parameters that are measured in the test rig are mainly friction
and leakage but also oil film pressure can be measured in pistons
with small holes drilled into the interface. The leakage is
measured by metering the oil that is supplied to the interface.
This oil is supplied through a small pipe, see Fig. 2. The supplied
oil holds the same pressure as the high pressure underneath the
piston but it is sealed to separate it from the leakage between the
piston and cylinder wall.

In Fig. 2 the roller is removed so that part of the oil supply
groove at the interface can also be seen. Friction is estimated by
measuring the applied torque at the drive shaft. The torque
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needed to overcome friction in the drive shaft bearings and other
drive train losses are measured before the tests and is subtracted
from the measure. The remaining friction is assumed to come
from the piston/roller and roller/drive shaft interface. For further
information about the test rig see [2].

3. Numerical model description

The equations that are used and the assumptions that are
made for the simulation model of the piston assembly are
described. The model is implemented into the multiphysics
software and some technical details about that are also presented.
The model is built to represent the conditions in the test rig
described in Section 2.

3.1. Oil film equations

Under conventional thin film assumptions, the pressure in the
oil film can be described by Reynolds equation

@
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The viscosity Z is considered to be constant across the film and its
variation according to pressure is described by Barus [3]
expression

Z ¼ Z0e
ðaPÞ (2)

The Dowson–Higginson [4] density–pressure relationship is used
with coefficients D1 and D2 from measurements by Larsson et al.
[5]

r ¼ r0 1þ D1P

1þ D2P

� �
(3)

The boundary conditions for the pressure are set to zero at the
outer boundary and to Ph in the supply groove. This means that
the calculated pressure will be absolute pressure minus the
surrounding pressure.

Cavitation may occur near the trailing edge of the piston–roller
bearing. In order to take cavitation into account, a density
modification model is added to avoid large negative pressures

r ¼ r0e
ðbPÞ; Po0 (4)

This is the same technique for handling cavitation as used by
Almqvist [6], but with a different density expression. By using this
technique mass continuity is fulfilled. The expression for density
in Eq. (4) overrides Eq. (3) whenever the calculated pressure is
below zero. The parameter b which is determining the steepness
in the density–pressure relationship is modified until a desired
lowest pressure level is reached.

3.2. Elastic deformations

Elastic deformations of the piston assembly will affect film
thickness and have to be included. The deformations in the piston
assembly that dominates the influence on film thickness are those
of the piston. This is mainly not only because of the geometry but
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Nomenclature

X,Y,Z Cartesian space coordinates (m)
x spatial coordinate, sliding direction (m)
y spatial coordinate (m)
z spatial coordinate, across film (m)
nX,nY,nZ surface normal composants
P pressure (Pa)
Ph hydraulic pressure, pressure in the cylinder (Pa)
a pressure–viscosity coefficient (Pa�1)
Z viscosity (Pa s)
Z0 viscosity at ambient pressure (Pa s)

r density (kgm�3)
r0 density at ambient pressure (kgm�3)
h film thickness (m)
u sliding velocity (ms�1)
t shear stress (Pam�1)
tn approximated contact pressure parameter (Pa)
en contact pressure stiffness parameter (Pam�1)
y contact angle against cam ring/drive shaft (deg)
D1 pressure–density coefficient (Pa�1)
D2 pressure–density coefficient (Pa�1)
b pressure–density coefficient (cavitation zone) (Pa�1)

Fig. 1. Motor and test rig schematics.

Fig. 2. Piston with oil supply pipe attached.
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also because it has a lower elastic modulus than the cylinder block
and roller (piston material is a grey cast iron with elastic modulus
1.3e11 Pa). Therefore only the deformations of the piston are
calculated in the model. The forces acting on the piston and
determining its deformations are oil film pressure, hydraulic
pressure: Ph under the piston and contact pressure against the
cylinder wall. The contact pressure is modelled through the
penalty-barrier method [7] and is described by

Pc ¼ tn � enhc ; hc � 0

Pc ¼ tne
ðð�en=tnÞhc Þ; hc40 (5)

where tn is the estimated contact pressure and en is a constant
deciding the stiffness. hc is the separating distance between the
piston and cylinder wall

hc ¼ hc0 � hcdef (6)

hc0 contains the non-deformed clearance and hcdef contains the
normal component of the piston-deformation/movement. A big
advantage of modelling the contact in this way is that the
geometry of the piston can be made perfectly cylindrical and easy
to mesh. This is because the small details and curvatures of the
piston surface are already taken into account in the expression for
hc0. After solving the deformations, the film thickness can be
expressed as

h ¼ h0 � hdef (7)

where h0 is determined by the position of the roller in the non-
deformed piston and hdef is the contribution from the piston-
deformation/movement.

3.3. Force balance

The applied load must be balanced by the film pressure and the
frictional forces. The applied load can be divided into X and Y

composants which leads to the following equations:RR ððP þ tzxÞnXÞdxdy� FX ¼ 0RR ððP þ tzyÞnY Þdx dy� FY ¼ 0

(
(8)

where the FY composant is automatically taken care of through
hdef in Eq. (7). This is because the piston movement is not
constrained in Y direction and the film thickness will therefore
settle at a level where FY is balanced. The FX composant is
balanced by modifying the position of the roller in the expression
for h0.

3.4. Implementation into FE software and solving the model

The model equations are solved with the FE software, Comsol
Multiphysics [1]. The deformations are solved by using the built-
in code for structural mechanics. The oil film equations are added
to the surface mesh at the interface of the piston and roller.

The piston is meshed with tetrahedral mesh and second degree
Lagrange elements are used. There is no need for a separate mesh
for the oil film equations; they are simply solved on the surface
mesh.

The coupled sets of equations are solved simultaneously by the
built-in non-linear solver. Because of the non-linearity of the
problem, it is important to have a good initial guess of the solution
to achieve convergence. This can be obtained by first solving a
simplified problem, for example with iso-viscous oil and with
some constrains to the piston movement. The solution of the full
problem can be achieved by removing constrains and solving with
the previous solution as initial guess.

4. Results and discussion

The results in this work are divided into three different sections.
Input data for each section are presented in Table 1. In each section
results from test rig are compared with results from the simulation
model. Numerical results are computed on a mesh consisting of
approx. 6000 tetrahedral elements for the elastic deformations and
265 triangular elements for the oil film equations. The model
equations are solved for steady state with parametric solver where
sliding velocity, hydraulic pressure or other parameters are
stepped. Each steady-state solution requires approx. 1min
computational time on a normal PC (2Gb RAM, 3GHz CPU).

4.1. Pressure

The point where pressure is measured was chosen to a position
close to where the maximum pressure on the domain within the
supply groove has been seen in the simulations, see Fig. 4. The
position of maximum pressure can vary with different conditions.
In the test rig pressure is only measured at one point so the actual
pressure shown in Fig. 3 is not the maximum but the pressure at
one fixed position. This position is, at least according to the
numerical model very close to the maximum value. The deviations
between measured and simulated values are quite small. As can be
seen in Fig. 4 the pressure is much higher at the skirt of the piston.
Because of technical difficulties in performing measurements at
this location, the position within the supply groove was chosen.
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Table 1
Input data.

Section 4.1 Pressure 4.2 Friction 4.3 Leakage

Ph (MPa) 10–25 10 10

U (m s�1) 1 0.1–2 0.1–2

a (Pa�1) 20e�9 20e�9 20e�9

D1 (Pa�1) 0.6e�9 0.6e�9 0.6e�9

D2 (Pa�1) 1.7e�9 1.7e�9 1.7e�9

y (deg) 26.9 26.9 26.9

tn (Pa) 1e7 1e7 1e7

en (Pam�1) 1e14 1e14 1e14

Z0 (Pa s) 36e�3 36e�3 36e�3

r0 (kgm�3) 900 900 900

Fig. 3. Measured and simulated oil film pressure at the center line and a

circumferential position of 261 from the bottom of the piston at a sliding speed of

1m/s.
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4.2. Friction

The numerical model presented here only takes account of
the friction at the piston/roller interface and is only considering
full film lubrication. When comparing friction, a friction coeffi-
cient is calculated by dividing the friction force with the applied
force

m ¼
RR
tzxðz ¼ hÞdxdyffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

ðF2X þ F2Y Þ
q (9)

where tzx(z ¼ h) is the oil film shear stress at the surface of the
roller. Good correlation between measured and simulated friction
can be seen in Fig. 5. When moving into lower speeds with mixed
lubrication, the numerical model will of course not give accurate
results. A small deviation can also be seen at higher speeds. One
possible reason for this is that the friction at the driveshaft/roller
interface gets proportionally bigger as the speed increases. Higher
sliding speeds also imply higher thermal loads which can affect
the friction. Higher temperatures would lead to lower viscosity
which generally would lead to lower friction. But not only the
viscosity will change, thermal expansion and also the change of
viscosity itself will affect the deformation of the piston assembly.
This will alter the load distribution (film pressure) and thereby
also the friction of the system. The complexity makes it hard to
predict in which way it would affect but it would be interesting to
include it in later versions of the model.

4.3. Leakage

The flow in thin films is given by the sum of Couette and
Poisseuille flow

qx ¼ � h3

12Z
@P

@x
þ uh

2

qy ¼ � h3

12Z
@P

@y
(10)

The terms in Eq. (10) describe the oil film flow field (averaged
across the film). An example of a typical flow field for the piston
assembly can be seen in Fig. 6.

Integrating the normal composant of the flow field along the
outer edge of the oil supply groove gives the total oil leakage
between the piston and roller. Large discrepancies can be seen
when comparing simulated and measured leakage. This is
especially seen when comparing piston assemblies with small
radial clearances. An example of this is shown in Fig. 7 where the
mismatch is as large as up to 500%.

Eq. (10) tells that the leakage depends strongly on the film
thickness h. This gave the idea to test if a small deviation from a
circular form of the bearing bore could affect the result. When the
inside of the piston is machined, it tends to get a slightly higher

ARTICLE IN PRESS

Fig. 4. Film pressure distribution and deformation of the interface at u ¼ 1m/s and Ph ¼ 10MPa (the deformation is greatly exaggerated for visualization).

Fig. 5. Friction coefficient from tests and from simulation for piston assembly with

zero non-deformed radial clearance, Ph ¼ 10MPa and y ¼ 26.91.
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surface at the bottom and at the uppermost parts. To simulate
this, a sinusoidal deviation from the circular form with an
amplitude of only 1.5mm was added to the model

h ¼ h0 � hdef � 1:5� 10�6 cos 3
f
R

� �
(11)

where f is the circumferential position from the bottom in
radians so that there will be a smaller film thickness at the bottom
and at the uppermost parts (see Fig. 8). Even though the film
thickness is approximately one order of magnitude greater than
this, it had a big influence on leakage. In Fig. 9 a big increase in
leakage, up to the level of that measured can be seen for the
simulated results. This indicates that it is important to include the
roundness of the piston bearing bore to get accurate leakage.
When looking at friction, these small roundness errors have not
affected the result significantly. Slightly lower simulated friction
was found for the piston with roundness error.

5. Conclusions

The following conclusions can be drawn from this study:

� The use of FE software makes it easy to implement the EHL
model for complex-shaped geometries.

� Good agreement between simulated and measured friction and
pressure for the piston assembly was found. Simulation results

ARTICLE IN PRESS

Fig. 7. Oil leakage in piston assembly with zero non-deformed radial clearance,

Ph ¼ 10MPa and y ¼ 26.91.

Fig. 9. Oil leakage in piston assembly, test1 and test2 same as in Fig. 7. Simulation

results with 1.5mm sinusoidal roundness error.

Fig. 6. Simulated oil film flow field.

Fig. 8. Shape of the piston with roundness error (the shape is greatly exaggerated

for visualization).
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for leakage show the importance of including the out of
roundness of the bearing bore.

� The measured friction coefficient shows that the piston
assembly runs in boundary lubrication regime under low
speeds. To be able to predict the performance when running in
the mixed or boundary lubrication regime, it would be
interesting to include the effects of surface roughness.

� The importance of the small change in roundness indicates
that thermal distortion also could be of importance. When
optimizing a system it is often interesting to increase the load
and speed, raising the power/weight ratio. It is often thermal
effects that will set the limit when doing so. This makes it
desirable to include thermal effects to the model.
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a  b  s t r a  c t

Moving  machine  assemblies  are  generally designed to operate in full  film lubrication regime to ensure
high  efficiency  and durability  of components. However, it is not  always  possible to ensure  this  owing
to  changes in operating  conditions such as  load,  speed,  and  temperature.  The  overall  frictional losses  in
machines  are dependent  on the  operating lubrication regimes (boundary, mixed  or  full-film).  The present
work  is thus  aimed at investigating the role of different  surface modification technologies  on friction  of
a  sliding bearing/roller tribopair  both  in  boundary  and  mixed  lubrication regimes.  A  special  test rig com-
prising  of two bearings was built for  the experimental  studies. Tribological  tests  were  conducted in a wide
speed  range to  enable studies  in boundary  and  mixed lubrication  regimes.  The influence  of application  of
different  surface modification technologies on both the sliding bearing and the  roller surfaces  on friction
has  been  studied. The  rollers used  in these studies were provided with five different  coatings (hard DLCs
and  a soft self-lubricating  coating). Additionally, two uncoated rollers  having different  surface roughness
were  also  studied. Uncoated  bearings were  used in all tribopairs except  two.  These  two bearings  were
coated  with DLC and  phosphate coatings respectively  and  uncoated rollers were  the mating counterparts.
Friction  measurements  were  made on  the new as well as  the previously run-in surfaces. It was found
that  the  rollers  with  self-lubricating  coating  resulted  in lowest boundary  friction closely  followed  by  the
rollers  with  the hardest  DLC coatings. The DLC coating  applied on to the bearing  showed lower boundary
friction  after  running-in. Mixed friction  has  been  found to be  mainly  dependent  on the  surface topogra-
phy  characteristics  of both the  original  and the  run-in surfaces  of bearings and rollers.  The harder DLC
coatings  and  the  phosphated bearing  showed  the lowest  mixed  friction  due to an  efficient running-in of
the  bearing  surface.

© 2011 Elsevier B.V. All rights reserved.

1. Introduction

The  emphasis on reducing friction coefficient and wear in
machines has become increasingly important in  order to enhance
their performance, efficiency and durability. In lubricated moving
machine assemblies (MMAs), the lubricating conditions range from
full film lubrication to boundary lubrication due to  the changes in
the operating conditions such as load, speed and temperature (and
consequently the viscosity of the lubricating fluids).

In full film lubrication, the friction is  mainly dependent on the
rheological properties of the lubricant and ideally no  wear should
occur as long as  the lubricant is free from contaminants. In the
mixed and boundary lubrication regimes, the surface roughness,
material characteristics and shear strength of tribochemical films
on the operating surfaces determine the resulting friction and wear.

∗ Corresponding author. Tel.: +46 920 492960; fax: +46 920 491047.
E-mail addresses: daniel.nilsson@ltu.se, daniel.nilsson@se.hagglunds.com

(D. Nilsson), braham.prakash@ltu.se (B. Prakash).

Recent years have seen a very rapid development in  surface
modification and coating technologies for tribological applications.
Hard diamond like carbon (DLC) coatings and several other PVD
coatings are being explored for improving the tribological perfor-
mance of MMAs  operating in boundary lubrication regime. DLC
coatings can be divided into non-doped and doped DLC coatings.
Non-doped coatings consist of C and/or H  atoms only while the
doped ones contain additional metallic or non-metallic elements.
DLC coatings can be further divided based on  their hydrogen con-
tent and carbon structure. Pure, non-hydrogenated carbon coatings
are called amorphous (a-C) if they consist of  mainly sp2 bonded
carbon or tetrahedral amorphous carbon (ta-C) if they consist of a
high degree of sp3 bonded carbon resulting in  higher hardness of
the coating. Similarly, if the coatings contain high level of hydrogen,
they are called a-C:H or ta-C:H.

The performance of DLC coatings is highly dependent on the
operating environment and this aspect has been studied by sev-
eral researchers [1–5]. For example, non-hydrogenated a-C or ta-C
coatings show high friction and wear in inert environment whereas
low friction in humid air and in water. Matta et al. [1,6] and
Kano [7] have measured extremely low friction of ta-C coatings

0043-1648/$ – see front matter ©  2011 Elsevier B.V. All rights reserved.
doi:10.1016/j.wear.2011.05.002



Please cite this article in press as: D. Nilsson, B. Prakash, Influence of  different surface modification technologies on friction of conformal tribopair
in  mixed and boundary lubrication regimes, Wear (2011), doi:10.1016/j.wear.2011.05.002

ARTICLE IN PRESSG Model

WEA-99997; No. of Pages 7

2 D. Nilsson, B. Prakash / Wear xxx (2011) xxx– xxx

Fig. 1. Stribeck curve indicating the desired results of the work, that is  reduced
boundary friction but also lowered transition speed to  mixed and full film lubrica-
tion.

when lubricated with glycerol or ester containing lubricants. They
suggest that triboformed OH-terminated surfaces can provide
low friction.

DLC surfaces are often considered to be  inert but it has been
shown that their interaction with lubricants containing FM (friction
modifiers), AW (anti-wear) and EP  (extreme pressure) additives
result in formation of low friction tribofilms on their surfaces
[8–11]. Podgornik et al. have shown that W-DLC coatings form
a WS2 tribofilm during the tribological process in  presence of S
containing EP lubricants [12,13]

The surface roughness of a  DLC coated surface has been found
to influence friction and wear owing to  the high hardness of  the
coating. Large improvements in  wear and friction characteristics
have been observed after the polishing of ta-C coatings [14,15].
On the other hand, good running-in behavior has been reported
with a deliberately applied roughness on DLC coated substrates
[16]. Running-in can also be enhanced with a  soft running-in layer.
One example of this approach is  by using a  phosphate conversion
coating that apart from a good running-in effect can also reduce
the risk for scuffing [17].  The low friction coefficient of hard DLCs
in dry conditions has been attributed to  the graphitisation of the
outermost layer which can be easily sheared.

Other low friction coatings are  from materials with hexagonal
structure like MoS2 and WS2.  These are however easily worn but
co-sputtering of MoS2 with certain elements has been reported to
be effective in improving the wear resistance of MoS2 films while
maintaining the low coefficient of friction [18]. The use of such
coatings in  lubricated conditions has however not been explored.

In the present work, the tribological behavior of different
PVD coatings (mostly DLCs) has been investigated by  employing
a conformal (sliding bearing/roller) contact configuration under
lubricated sliding conditions. The main emphasis of these studies
has been to study the frictional behavior of this sliding bear-
ing/roller contact pair with different surface modifications in the
boundary and mixed lubrication regimes. The specific goal is  to
reduce the friction of conformal contacts in  the boundary lubrica-
tion regime and an early transition (i.e. at lower speeds) to mixed
and full film lubrication regimes, as  illustrated in  Fig. 1.

2. Description of test rig

The tribological studies were conducted by  using a specially
designed test rig as  shown in Fig. 2. This rig has two sliding bearings
mounted opposite to each other which are loaded against rotating
rollers. The rollers are  rotated by a  central roller as  shown in  Fig. 2.

Fig. 2. Description of test rig.

The speed of  the central roller can be varied from 0.05 rpm to
500 rpm. The rotational torque of the central roller is  measured
and it enables in obtaining the frictional losses in the bearing
system. The arrangement of having two  bearings is mainly to
nullify the forces acting on the center roller. This allows for small
roller bearings to  support the central roller and minimizes the
contribution from the roller bearings to  the measured frictional
torque. Torque up to  1000 Nm can be  measured and the torque
sensor accuracy is  ±1  Nm.  For  lubricated tests, the test chamber
can be filled with the desired lubricating oil and its temperature
can be controlled within ±2 ◦C.

3. Experimental work

3.1. Test specimens

The details of the roller and bearing surfaces are given in  Table 1.
The bearings were lapped in  all cases except for tribopair G where
the surface was  polished. The material of the bearing is grey cast
iron and its hardness is  250 HV. In  tribopairs H  and I the bearing
test specimen surfaces were coated with a DLC coating and a  man-
ganese phosphate conversion coating respectively. The phosphate
coating had a  thickness of 5–10 �m. The different coatings on roller
test specimens were mainly variants of DLCs and in one case it was
of a solid lubricant material. They were all deposited using commer-
cial PVD processes, mainly magnetron sputtering with or  without
reactive gas but also one example of arc evaporation technique. The
roller in tribopair C was polished after the deposition of the coating
since the as produced surface of the coating was  very rough. The
substrate of all rollers was  through hardened and tempered 100Cr6
steel and the thickness of all PVD coatings were about 1–2  �m. In
Fig. 3, SEM micrographs of some of the rollers are shown. Fig. 3(a)
shows that coating of the roller in tribopair C has a rough micro
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Table  1
Description of roller and bearing surfaces.

Tribopair Coating roller Bearing coating Surface roller Surface bearing (coated surface) Hardness coating (HV) Thickness coating (�m)

A DLC 1 – Ra  0.1 Ra 0.2 1500a 1–2
B DLC  2 – Ra 0.1 Ra 0.2 1500a 1–2
C DLC  3 – Ra  0.1 Ra 0.2 4000a 1–2
D  DLC 4 – Ra  0.1 Ra 0.2 3000a 1–2
E Solid  lubr. – Ra  0.1 Ra 0.2 1000a 1–2
F  – – Ra  0.1 Ra 0.2
G  – – Ra  0.05 Ra 0.1
H  – DLC 1 Ra  0.1 Ra 0.2 1500a 1–2
I – Phosphated Ra 0.1 Ra 1 102b 5–10

a According to supplier.
b HV 0.01, average of five measurements.

Fig. 3.  SEM micrographs on four of the tested rollers (a)  tribopair C, (b) tribopair D, (c) tribopair A,  and (d) tribopair F.

structure even though it was polished after deposition. The high
hardness of this coating combined with a  rough micro structure
may  cause abrasive wear. The coating of the roller in tribopair D
has a smooth surface but some large loosely bonded droplets can
also be seen, Fig. 3(b). Also the coated roller in tribopair A has some
minor protruding material but as this coating is  relatively soft the
abrasive action is  likely to  be insignificant.

The lubricant used in all these tests was a  fully formulated ISO
VG68 mineral oil containing AW additives. All tests were performed
at 50 ◦C which correspond to a fluid viscosity of  40 cSt.

3.2. Running-in during multiple speed scanning

All bearings were subjected to a  running-in procedure in which
the rotational speed of  the central roller was varied from 40 rpm
down to  0.05 rpm so that the lubricating regime varies from full
film to boundary lubrication. This speed scan was repeated 30 times
and the total time for the running-in procedure was 2 h. The load
was set to 54  kN and corresponds to the highest permissible load
for the simulative test rig.

3.3. Friction measurements

The friction measurements were done by varying the speed from
500 rpm down to 0.05 rpm before and after the running-in proce-
dure. A typical friction curve is illustrated in Fig. 4.  On the right side

of the minimum friction is  the full film lubrication regime. In  this
regime friction increases with speed, mainly due to viscous losses.
Just on the left side of the minimum friction is  the mixed lubrica-
tion regime where the friction increases as the speed decreases. At
extremely low speeds, the friction levels out owing to the transi-
tion from mixed to  boundary lubrication regime. In this regime the

Fig. 4. Typical friction result from test with indicated speeds where friction com-
parison is  made.
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load is supported by the contacting surface asperities. The fact that
friction is  leveling out at extremely low speeds indicate that the
friction is close to the starting friction.

It may  be  pertinent to point out that the measured friction
besides friction from the bearing–roller interface also includes
rolling friction from the interface between roller and central roller.
This rolling friction contribution to overall friction may  be  negligi-
ble but it may  become significant in tests at high speeds in which the
sliding bearing–roller tribopair friction is low. Further, the friction
measurements in  this work have been made only once for each tri-
bopair and therefore any variation in  friction depending on scatter
in production quality cannot be  accounted for.

3.4. Surface analysis

The tribological surfaces were analyzed by  using a Wyko 3D
optical surface profiler both before and after the tests by preparing
replicas of the surfaces. Additionally, a  Hommelverk stylus mea-
surement equipment was used to  evaluate surface roughness and
form changes of the bearings. The worn surfaces of roller and bear-
ing test specimens were also analyzed by using SEM.

4. Results

4.1. Friction results

Comparison of the frictional characteristics of different tribo-
logical surfaces has been done at four different sliding speeds in
order to investigate their behavior in different lubrication regimes
as shown in  Fig. 4.  These four sliding speeds have been termed as
v0, v1, v2 and v3. The speed v0 is  very close to zero and corre-
sponds to boundary lubrication regime whereas v1, v2 and v3 are
all in the mixed lubrication regime. Friction coefficient in  the full
film lubricating regime did not vary more than ±10% for all slid-
ing bearing/roller pairs and the corresponding measured frictional
torque values were within the error limits of the torque measure-
ment system. In view of this, the comparison in  full film regime
was excluded from this study. The friction coefficients at the four
different sliding speeds before and after running-in are shown in
Figs. 5 and 6, respectively. The friction coefficients are presented in
relation to the friction coefficient for tribopair A before running-in.

The boundary friction (at speed v0) is mainly dependent on  the
composition of the mating materials and formation of tribochemi-
cal films due to interaction with the lubricant/additive molecules.
The harder DLC coatings (tribopairs C and D) have lower boundary
friction than that of the reference, especially tribopair C resulting
in 30% lower friction. In most cases, except for tribopairs E, H  and I,
the running-in has negligible effect on  boundary friction. Tribopair
E has 50% lower boundary friction than that of the reference but

Fig. 5. Friction before running-in with tribopair A before running-in as reference.

Fig. 6. Friction after running-in with tribopair A before running-in as reference.

running-in has resulted in  higher friction. For tribopairs H and I, a
reduction in  boundary friction has been observed during running-
in and the tribopair H shows 20% lower boundary friction than that
of the reference.

The friction coefficients at speed v1,  v2 and v3, illustrated
in Fig. 4  can be  attributed to the combination of formation of
interfacial tribochemical films and the hydrodynamic effects in
mixed lubrication regime. Friction values significantly lower than
that of the reference before running-in can be observed at speed
v1 and v2 for tribopairs C, D, E, G and I. At speed v3, however, only
tribopairs D  and I show significantly lower friction than that of
the reference before running-in. Running-in plays an important
role on the friction at speed v1, v2 and v3 as is evident from the
decrease in  friction in all cases except two. Tribopair E  with the
solid lubricant coating has shown higher friction at speed v1 and v2
during running-in whereas tribopair G,  with the polished surfaces,
has shown a low and stable friction in mixed lubrication regime
throughout the test. The lowest friction after running-in at speed
v1, v2 and v3 can be observed for the harder DLC:s (tribopairs C
and D) and the phosphated bearing (tribopair I).

4.2. Running-in of surfaces

Running-in mainly takes place on the bearing surface because
the roller is  considerably harder and smoother in  all cases except
in tribopair H in  which the DLC coating was  applied on to the bear-
ing surface. Also tribopair E is  different due to wear of the roller.
Wear of  bearing surfaces has been characterized and compared
by the surface topography parameter ‘Rk’ as shown in  Fig. 7. Rk
is one of the bearing ratio parameters and is  the core roughness.
Rk effectively describes the remaining original surface after wear.
The comparison is  only valid if the wear process is  polishing and no

Fig. 7.  Surface roughness parameter Rk before and after test.
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Fig. 8. SEM micrographs on bearing surfaces, (a) tribopair D, (b) tribopair C, (c) tribopair I before test, (d) tribopair I after test (BES), (e) tribopair F, and (f) new bearing surface.

deep scratches are produced in the direction of sliding. The mea-
surements have been in the maximum pressure (calculated) region.
Bearings for tribopairs A–F were produced in the same batch and
the average and standard deviation of Rk from all bearings has
been used as  the starting value. Five measurements were made
on the worn bearings and the results are presented as mean and

standard deviation. When comparing the hard DLC coatings, the
bearing surfaces are more effectively run-in with the harder coat-
ings, e.g., in tribopairs C and D, whereas coatings in  tribopairs A  and
B show mild wear and scratches from production are still visible.
Tribopairs E, F and G show negligible running-in effects based on the
Rk-value.

Fig. 9. Stylus measurement of some of the tested bearings.
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Fig. 10. Test E: (a) roller surface, (b) bearing surface, arrows indicating dark spots which has different chemical composition than the grey areas.

Fig. 11. EDS spectra from bearing surface in test E.  (a) Dark spots, (b) grey areas.

SEM micrographs reveal that the wear mechanism of  the bear-
ing in tribopair D is  micro abrasion, Fig. 8(a). This is caused due to
the particles found on the roller surfaces. Particles have also been
seen on the surface of coating C but these are much smaller and have
only a polishing effect on the bearing, Fig. 8(b). Bearing in tribopair I
shows big differences in  topography of surfaces before and after the
running-in, Fig. 8(c) and (d). The rough surface visible before test
is smoothened out after test. Fig. 8(e) shows the bearing surface of
tribopair F that show negligible running-in effects. For comparison,
a new bearing surface is shown in Fig. 8(f). The stylus measure-
ment results in  Fig. 9  support the results from the Wyko and SEM
regarding running-in of the surfaces. The stylus measurement also
provides important information about form changes. Only bear-
ings in tribopairs D and I reveal significant form changes. The other
bearings have shown changes only at surface roughness level.

5. Discussion

The effect of tribochemical films is likely to  be significant at
speed v1 but negligible at speed v3 owing to the hydrodynamic
effects. The low friction at speed v1 and v2 for tribopairs C and E
before running-in can be explained by their low boundary friction.
Tribopairs D, G and I have boundary friction which is  similar to that
of the reference. So their low friction at speed v1 and v2 before
running-in can be attributed to  hydrodynamic lift resulting from
their surface roughness characteristics. This is  easily seen in the
case of the polished surface in tribopair G that  does not seem to  have
running-in characteristics. For  tribopairs D and H, the low friction
is obtained due to an almost instant running-in of surfaces during
the first speed scan. In the case of D, the running-in is  enhanced
by the micro abrasive action of the droplets that can be observed
on the roller surface in  Fig. 3(b) and in case of  H  the running-in is
enhanced by the soft phosphate coating on the bearing surface.

At  speed v1 and v2, polished surfaces have similar friction as
surfaces run in  by  hard DLC coatings. At speed v3, however, tests
C, D and I after running-in have actually lower friction compared
to those of polished surfaces. This mainly occurs due to the better
conformity achieved by an effective running-in. Polished surfaces
do not change during running-in and it can be a disadvantage at
speeds close to  full film lubrication regime where the form rather
than surface roughness influences friction.

Three tribopairs appear promising in  fulfilling the goal illus-
trated in Fig. 1. Tribopairs D and I result in lower lift off speed in
the test series and some reduction of boundary friction. Tribopair C
also result in low lift off speed and 30–35% reduction of boundary
friction. Polished surfaces may  be a good solution but then the form
of the surface need to be  optimized.

The reduction in boundary friction for tribopair H  with DLC coat-
ing on the bearing possibly occurs due to  the formation of WS2 film
as reported earlier in  [12].  However, if the same coating is applied
on the roller, no such effect is seen. The difference in behavior is
thus dependent on whether the coating is applied to  the bear-
ing or roller. Only small areas on the bearing encounter asperity
interaction when operating in mixed lubrication regime but due
to continuous surface asperity interaction, these areas will have
quite high surface power. The roller, on the other hand, will have
very low surface power due to the intermittent operation in mixed
lubrication regime. In [13] it was  found that surface power is  impor-
tant in triggering the tribochemical reaction to form WS2 and the
difference in  surface power may  explain the observed effect.

SEM/EDS studies conducted to analyze the reasons of high
boundary friction with tribopair E revealed the occurrence of abra-
sive wear as well as  the delamination of  coating from the roller
surface. Fig. 10(a) shows a backscattered image with elemental
contrast. The contrast in the delaminated area shows that the
coating has been partially worn. The complete removal of the
coating could however not be ascertained owing to the relatively
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large penetration depth in SEM  analysis. The EDS analysis of the
bearing surface, shown in Fig. 11,  revealed the presence of some
oxide particles containing Mo  and Ti emanating from the coating.
The embedment of hard oxide particles on the bearing surface
besides abrading the roller surface can also result in an increase in
boundary friction due to  the ploughing action of the hard particles.

6. Conclusions

In  this work a  test rig that enables tribological studies on confor-
mal  tribopairs in  all lubrication regimes i.e., in boundary, mixed and
full film lubrication regimes has been developed. The rig has been
successfully utilized for exploring the potential of several surface
modification technologies and coatings in  minimizing friction of
sliding bearing–roller pair operating in boundary and mixed lubri-
cation regimes.

The application of the hard DLC and the solid lubricant coating
applied to the roller or a  DLC coating on the bearing have been
effective in reducing friction in boundary lubrication regime. The
lowest friction in the mixed lubrication regime has been achieved
through effective running-in of the bearing surface, either by micro
abrasion with the relatively harder DLC coatings on the roller, or  the
application of a  soft phosphate coating on the bearing.
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Abstract: The effect of surface roughness on friction in all lubrication regimes is studied for
a flexible hybrid bearing of a radial piston hydraulic motor. The effect is studied by performing
experiments in a specially designed test rig and numerical simulations of the real measured
surface topographies of the bearings. The simulations are performed with a two-scale model
where surface roughness is treated on a local asperity level by homogenized flow factors and
a global scale where the bearing structure is included. Three bearings with different surface
topographies are included in the study and both experimentally measured and simulated friction
are analysed for each of them. Comparison of friction predicted by themodel and experimentally
measured friction is performed and it reveals that the model is a valuable tool for analysing
the effect of surface roughness in this type of bearing.

Keywords: hydrodynamics, roughness effects in hydrodynamics, surfaces, surface roughness,
components, bearings

1 INTRODUCTION

The effect of surface roughness on friction in all

lubrication regimes is studied for a flexible hybrid

bearing of a radial piston hydraulic motor. The con-

tact between the journal and bearing is highly loaded,

where some of the load is carried by hydrostatic

pressure. The hydrostatic pressure reduces friction

at low-speed operation at the cost of some leakage.

At higher speeds, the hydrodynamic pressure builds

up and completely separates the surfaces; this means

that the operating conditions include all lubrication

regimes from boundary, through mixed to full film

lubrication. The transition between the different

regimes for a lubricated contact like this is typically

described with a Stribeck curve. The surface rough-

ness is one of the parameters that influence friction

characteristics the most. In the full film regime, fric-

tion is generated by viscous losses in the oil film.

Surface roughness affects viscous losses by changing

the fluid flow; when the film is thick, the effect will be

small and friction will be dominated more by other

factors like rheological and thermal effects. When the

roughness height is in the same order ofmagnitude as

the film thickness, the effect of changed fluid flow on

viscous losses will be significant. In the boundary

lubrication regime, when the hydrodynamic action

becomes negligible, the friction characteristics will

be determined by a complex dissipative action in

the contact spots where tribofilm formation and con-

tact mechanics are important factors. In the mixed

zone in between full film and boundary regimes,

surface roughness plays a crucial role in the balance

between load carried by hydrodynamic pressure and

load carried by asperity contact. This balance has

a huge impact on friction characteristics since the

load carried by asperity contact generates a lot

more friction than does shearing of the lubricant.

Consequently, the friction characteristics are more
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or less affected by the surface roughness in all

lubrication regimes.

Many attempts have been made to simulate the

effect of roughness by means of computer-based

models. Zhu and Hu [1] and Hu and Zhu [2] devel-

oped a deterministic model for simulating all lubri-

cating regimes of small contacts like non-conformal

point or line contacts. They utilized a unified equa-

tion system that includes both hydrodynamic and

contact pressure and solves the system for real

measured surfaces. Even though this approach has

some benefits such as providing detailed information

on the asperity level, it is computationally heavy and

has, therefore, only been used for small concentrated

contacts. Ways to make the problem less time con-

suming to solve involve various forms of statistical or

averaging techniques in combination with a division

of the problem into a local and global scale. Patir and

Cheng [3] used this approach by solving the Reynolds

equation over a micro-bearing covering a statistically

representative portion of a surface to calculate ‘flow

factors’, which can be interpreted as the averaged

effect of surface roughness on lubricant flow. These

flow factors are then used in a modified Reynolds

equation to solve the lubricant flow on the global

scale of the contact with a coarser mesh. More

recent work has been undertaken with a similar

approach but by using a homogenization technique

to separate the local scale, where the flow factors are

calculated from the global scale. This technique has

been used in a number of studies for calculating

the effect of roughness in lubricated contacts.

Studies [4–7] used the homogenization technique in

full film lubrication. In Almqvist et al. [6, 7], rough-

ness on both sides of the contact was included which

makes the problem time dependent. When moving

into the boundary lubrication regime, the local scale

contact mechanics alters the roughness and must be

considered when computing the flow factors. For real

surfaces, solving the contact mechanics problem

is a time-consuming process. One way to speed

up the calculations is to use fast Fourier transform

(FFT) when calculating the deformation of the

asperities [8, 9].

The bearing in this study operates under highly

loaded conditions and deforms not only on the local

asperity level but also on the global level and both

of these are important for determining the friction

characteristics. A two-scale model that incorporates

deformation on both scales is proposed in this study.

The local scale incorporates the effect of surface

roughness in the same way as in Sahlin et al. [8, 9]

with flow factors derived through homogenization

and an FFT technique for calculating the asperity

deformations. The difference in this study is that

local and global scales are coupled not only in fluid

flow by flow factors but also in deformation by the

local scale asperity deformations and the global scale

bearing deformation. The two scales are coupled by

implementing flow factors and average asperity con-

tact pressures from local scale to the global scale

bearing model as functions of surface separation.

The global model includes a modified Reynolds

equation to solve film formation and a linear elastic

material model to solve deformations. The latter part

is resolved in a finite element (FE) based commercial

multiphysics software.

In this study, friction characteristics for three dif-

ferent surface finishes of the partly hydrostatically

supported bearing are investigated. A specially

designed test rig is used and numerical simulations

of the same set-up are performed. Simulated friction

results of the proposed model are compared with

experiments and it is shown that themodel correlates

reasonably well with experiments. Furthermore, it is

shown that friction characteristics of the partly

hydrostatically supported bearing are strongly

influenced by surface roughness in themixed regime.

2 MODEL

In this section, the model for calculating friction of

the bearing is described. The use of homogenization

and the associated division of the problem into a local

scale and a global scale is thoroughly described in

Larsson [10]. The local-scale calculations adopted in

this work are described in Sahlin et al. [8, 9]; there-

fore, the focus here is on describing how the global

geometry of the bearing is modelled and how is it

coupled to the local-scale calculations. Briefly regard-

ing the local-scale calculations: they consider

the fluid flow through the homogenized Reynolds

equation and asperity deformations on the measured

surfaces and the result from these is input to

the global model in the form of flow factors and

contact pressures as functions of the calculated

surface separations. The procedure for measuring

the surfaces and the numerical treatment of a repre-

sentative part of the surface roughness that includes

the necessary information is described in a later

section.

A modified Reynolds equation is used to solve

the hydrodynamics at the bearing interface seen in

Fig. 1(a). It incorporates the effects of the local-scale

fluid flow through flow factors

r � �p hð Þ �h
3

12�
rPhd

� �
¼ r � �s hð Þu�h

2

� �
ð1Þ
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where h is the separation of the surfaces, Phd the oil

film pressure, � the viscosity, u the sliding speed of

the journal against the bearing, and

�p hð Þ ¼ �pxx hð Þ �pxy hð Þ
�pyx hð Þ �pyy hð Þ

� �
, �s hð Þ ¼ �sx hð Þ

�sy hð Þ
� �

ð2Þ

the flow factors from the local-scale calculations

made on the analysed surfaces. They are calculated

for several discrete surface separations on the local

scale in a range covering the calculated global sepa-

rations. Interpolation is used to obtain the flow

factors for intermediate values of the global separa-

tion. Due to the hydrostatic design seen in Fig. 1(b),

there is almost no cavitation in the bearing (only a

very small area at the trailing edge) and hence,

cavitation can be treated in a simple way by leaving

negative pressure areas out of consideration.

The viscosity–pressure relationship is modelled

with the Barus equation

� ¼ �0e
ð�PÞ ð3Þ

where � is the pressure–viscosity constant and �0
the viscosity under atmospheric conditions. Film

thickness is expressed as

h ¼ h0 � hdef ð4Þ
where h0 is defined from the nominal geometry of the

bearing and the position of the journal. The simulated

bearing is heavily loaded and the structure will

deform elastically. These deformations will affect

the film thickness and therefore, the deformation of

the global bearing structure is also solved for.

Linear elastic theory described by Hooke’s law is

used to calculate the deformation of the bearing.

The contribution from deformation on film thickness

is taken in to account in equation (4) by hdef that rep-

resents the difference between the deformed geome-

try and the nominal. The forces acting on the bearing

are the hydrodynamic oil pressure and in the bound-

ary lubrication regime, the contact pressure due to

asperity loads. The contact pressure is calculated

on the local scale at the same discrete surface

separations as the flow factors, and in the same

way, they are interpolated to get continuous func-

tions describing the average contact pressure as a

function of surface separation in the global bearing

geometry. The prescribed load is fulfilled by equation

(5) where contact pressures, hydrodynamic pressure,

shear stresses, and applied load are balanced.

Z Z
Phd þ Pc þ �zxð Þ � nXð Þ�dxdy � FX ¼ 0

Z Z
Phd þ Pc þ �zy
� � � nY

� � � dxdy � FY ¼ 0

ð5Þ

The shear stresses in equation (5) are calculated from

the viscous flow with the addition of a boundary

friction coefficient multiplied with the contact pres-

sure in the mixed regime. In the numerical model,

equation (5) is fulfilled by modifying the position of

the journal and integration of load is done on the out-

side of the piston since this gives better stability and

faster convergence compared to that on the bearing

surface. This is probably due to a stronger coupling

between load and deformation being achieved

this way.

A schematic view of the boundary conditionswhich

are used for this investigation is shown in Fig. 1. Fluid

film equations and contact pressure due to interac-

tion between the journal and the roughness of the

bearing surface are calculated on the interior surface

of the piston, as illustrated in Fig. 1(a). The calculated

pressures and shear forces are also inputs for calcu-

lating deformations. Boundary conditions for fluid

pressure are hydraulic pressure in the oil supply

groove, zero pressure at the outside perimeter, and

zero pressure gradient in the normal direction to

the symmetry boundary (d). Hydraulic pressure is

acting on the bottom and in the supply groove (b).

The outside of the piston (c) is supported by the test

rig and this contact has to be modelled to get the

Fig. 1 Boundary conditions of themodelled geometry: (a) bearing surface; (b) hydrostatic pressure;
(c) supported by rig; and (d) symmetry plane
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correct deformation of the piston. This contact is

modelled by a frictionless penalty method [12]

according to equation (6), where tn and en are

tuning parameters; tn is chosen as the estimated con-

tact pressure so that Pc will reach this value when the

separation h become zero and en governs the stiffness

and is chosen to be a value big enough to avoid exces-

sive penetration of the surfaces and small enough to

avoid instability. The test rig structure is modelled as

rigid. Figure 1(d), as mentioned, shows the symmetry

boundary for not only pressure but also deformations

whichmeans that this side is free tomove in the plane

but fixed in the normal direction. The reason for

having the symmetry boundary is obviously to

shorten calculation time, but it should be noted that

it would not be correct if the tested surfaces would

have asymmetric structure as this will give a contri-

bution to the cross-terms in equation (2).

Pc ¼ tn � en h, h � 0

Pc ¼ tn e
ð� en

tn
hÞ

, h 4 0

8<
: ð6Þ

Coupling of the local scale to the global scale is

straightforward in the full film region were global

separation of the surfaces is simply matched 1:1

with average separation on the local scale. In mixed

conditions where asperities start to deform, it is more

difficult to conclude how to match local to global

scale. However, in this study, the same approach is

used in all regimes, i.e. mapping global separation

as 1:1 with the average separation at local scale.

The maximum local asperity contact pressures in

this study reach the yield or close to the yield limit of

the bearing material, which is set to 2.45GPa in the

local contact model. In the vicinity of the asperity

contacts, the film thickness is very small and there

will be high shear rates and some micro-EHL

(elastohydrodynamic, EHL) effects, which means

that the Newtonian rheology model will not be accu-

rate. The flow model used here takes account for

global-scale variation of lubricant pressure which

reaches about 130MPa. No asperity EHL effects are

included in themodel; these effects should be limited

though, due to the low nominal pressures compared

to more concentrated contacts.

All equations belonging to the global scale are

solved with FEs using the commercial software

COMSOL Multiphysics. The elements used are

second-order Lagrange elements for deforma-

tions and fourth-order Lagrange elements for the

Reynolds equation. Standard Galerkin discretization

is used, with weighting functions equal to interpola-

tion functions. The equations are solved for steady-

state conditions with a damped Newton procedure,

simultaneously as a fully coupled system [11].

3 EXPERIMENTAL SET-UP AND TEST

PROCEDURE

The experimental work was conducted using a spe-

cially designed test rig, as shown in Fig. 2. This rig has

two conformal test bearings mounted opposite to

each other which are loaded against rotating rollers

(journals). The rollers are driven by a drive roller. The

rotational torque of the drive roller is monitored and

it enables measurement of the frictional losses in the

bearing system. The arrangement of having two bear-

ings is mainly to nullify the forces acting on the drive

roller. This allows for small roller bearings to support

the drive roller which minimizes the contribution

from the roller bearings to the measured frictional

torque. Torque up to 1000Nm can be measured

and the torque sensor accuracy is �1Nm. The test

chamber is filled with oil and its temperature can be

controlled to within �2�C. Tribological tests can be

conducted in a wide speed range so as to enable

studies in all lubricating regimes, i.e. boundary,

mixed, and full film lubrication.

The specimens studied in this study were desig-

nated A, B, and C. Different production techniques

resulted in different surface topographies where

bearing A had the roughest surface, bearing B

medium rough, and bearing C the smoothest. All

journals used in tests A, B, and C had a very smooth

surface finish. The lubricant used was a fully formu-

lated ISO VG68 oil containing AW additives. For each

of the surfaces A, B, and C, a running-in sequence was

performed with multiple speed sweeps until no

difference could be observed in the consecutive fric-

tion curves. After the running-in sequence, the actual

friction measurements were made for all lubrication

Fig. 2 Schematic description of test rig
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regimes by making a speed sweep from a speed well

into the full film regime down to low speed where the

friction levelled out. The speed sweep was done

slowly during 15min to achieve friction measure-

ments corresponding to steady-state conditions.

The surface topographies of the bearing and journal

were analysed using a three-dimensional optical sur-

face profiler (Wyko NT1100). Analysis was made

before and after the friction measurements to

ascertain that no significant change in roughness

occurred. Numerical calculations were performed

on the analysed surfaces of bearings A, B, and C.

4 SURFACES FOR INPUT TO FLOW-FACTOR

MODEL

In this section, treatment of the measured surface

topographies and their preparation for input into

the local-scale flow-factor model is described. Since

the surface topography of the journal counter surface

was considerably smoother than the tested bearings,

it is considered to be smooth and only the bearing

surface is treated. Two important considerations are

needed when choosing surface data for input to the

flow-factor model. First, the homogenization theory

used to calculate flow factors in this study assumes

that a representative portion of the surface roughness

can be found on a scale which is separable from the

global scale. Second, the chosen portion of the

surface is assumed to repeat periodically.

Five measurements of the surface roughness were

taken from each bearing surface after the friction test

was carried out. They were taken along a line perpen-

dicular to the sliding direction, in the area wheremin-

imum film thickness occurs. Surface measurements

were taken in this area because this is where transi-

tion to mixed regime will happen first (at highest

speed) and consequently where roughness will have

themost influence on the friction curve. The raw data

from the optical profiler had a size of 480� 736 pixels

on an aperture of 0.936� 1.2mm2. First of all, the

height data for all nodes was adjusted to remove the

cylindrical shape and alignment errors from themea-

surements. Linear interpolation was used for nodes

where no height data had been recorded. A Gaussian

filter was then applied to filter out noise. After this,

a patch of 256� 256 nodes of the surface was chosen

for input to the flow-factor model. This was done by

visually inspecting for areas where the surface was

best resolved and where the main features of the

surface were represented. For a surfacemeasurement

of a real engineering surface, it can be challenging

to find a portion that exactly fulfils periodicity.

To handle this, mirroring of the chosen parts of the

surface measurements was done to produce perfectly

periodic input (Fig. 3). Examples of the three different

surfaces A, B, and C that have gone through this

process can be seen in Fig. 4. The mirrored surfaces

consist of 512� 512 nodes of height data on a patch

with the size 0.998� 0.856mm2. This is also the size of

Fig. 3 Mirroring of surface profile from Wyko

Fig. 4 Surfaces prepared for flow-factor calculation: (a) A; (b) B; and (c) C
Note: Sliding direction is from left to right for all three surfaces.
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the computational domain used for the local-scale

deformation calculations and flow-factor

calculations.

5 RESULTS AND DISCUSSION

This section is divided into three sections where

results are presented for mesh convergence, surface

measurements, experimentally measured friction,

and finally a fourth section where data from simula-

tions and experiments are compared. All friction

data is presented as Stribeck curves where fric-

tion is plotted against the Sommerfeld number

defined as

So ¼ R

C

� �2 N�0
Pmean

ð7Þ

where R is the radius of the journal, C the clearance,

N the revolutions per second, and Pmean the average

pressure acting on the projected bearing area. The

presented friction is normalized with a reference

value �ref which is obtained by taking each measured

friction value of the three bearings within the region

up to a Sommerfeld number of 10�5 and taking the

average value of these to form a single constant which

is used to scale both the experimental and simulated

friction curves. For IP reasons, the absolute friction

value cannot be given, but since they are scaled by

the same constant, it is possible to compare the data.

5.1 Mesh convergence

A mesh convergence test was performed for one of

the surfaces, measurement 1 of surface B, and con-

vergence of calculated friction was assessed in all

regimes. Six different meshes were tested with speci-

fications presented in Table 1. In Fig. 5, it can be seen

that the critical area of mesh convergence is the area

ofmixed lubrication. Mesh convergence is very fast in

the boundary and full film regions, while it is clear

that a much finer mesh is needed to reach mesh

convergence in the mixed region. The mesh used for

producing all other results in this study has the

specifications of mesh 5 in Table 1.

5.2 Surface measures

Sq values were calculated for each of the measured

surfaces and can be seen in Fig. 6. Surface C, which is

the smoothest surface, has a trend to have higher Sq

values at the edges of the bearing. This trend cannot

be seen for surfaces A and B, surface A actually has the

opposite trend, and the highest value is in the middle

of the bearing. This might be explained by the break-

down of the oil film occurring first at the edges and

therefore, the rougher surfaces get polished mostly in

these areas while surface C that already was polished

from manufacturing, instead gets a rougher surface

from running in due to abrasive action.

Fig. 5 Mesh convergence test on global scale: (a) calculated friction for all regimes; (b) calculated
friction normalized with friction for mesh 6

Table 1 Mesh cases

Mesh on
global
scale

Degrees of
freedom

Number of
elements
(tetrahedral)

Number of
film elements
(triangular)

Maximum
difference in
calculated
friction relative
to mesh 6 (%)

1 5746 531 157 35.6
2 7705 882 268 18.2
3 17 409 2267 571 7.3
4 35 949 4678 1297 1.9
5 65 790 9406 2166 0.6
6 136 360 21 313 4015 0
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5.3 Friction measurements

Friction data obtained from the previously described

experimental set-up is shown in Fig. 7. It can be seen

that the three bearings A, B, and C generate different

friction characteristics. It is clear that bearing A gen-

erates the highest friction, C the lowest, and B is in

between A and C in the majority of the mixed regime.

However, when observing the lowest part of the

curve, almost no difference can be seen between the

three bearings and the lowest point is at nearly

the same Sommerfeld number. Bearing B shows a

slightly higher friction early in the mixed regime.

The reason why there are such small differences in

the lowest part of the curve even though the differ-

ence in surface roughness is substantial may be due

to differences in conformity. It has been seen in other

studies [13] of the same bearing system that a highly

polished surface with low roughness experiences less

running in and consequently leads to lower confor-

mity. There is no significant difference in friction

either in the full film or the boundary regime.

5.4 Comparison of calculated and measured

friction

The input data used in the simulations is summarized

in Table 2; one important input is the asperity friction

coefficient. Oil additives and tribo-chemical actions

are an important aspect for boundary lubricated fric-

tion. In this model, all these effects come in through

the asperity friction coefficient which is measured in

the test rig at a very low speed to avoid hydrodynamic

effects. In these experiments, the three different

bearings exhibited nearly the same friction value in

the boundary regime. Therefore, the same asperity

friction coefficient is used in all simulations. In

this study, the coefficient is also constant and

Fig. 7 (a) Measured friction for bearings A, B, and C; (b) details of the lowest part

Fig. 6 Sq values of the surfaces prepared for flow-factor calculation

Influence of surface roughness on friction in flexible hybrid bearing 7
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independent of any operation conditions. Thismeans

that the model does not take account for changes in

friction of boundary lubricated regions of the bearing

in the mixed regime. However, for this type of highly

conformal bearing, the dominating mechanism on

friction in the mixed regime is the hydrodynamic

(global) effect that unloads the asperity contacts

and reduces the amount of load carried by boundary

lubricated regions. Calculated friction is presented in

Figs 8 to 10 together with the respective measured

friction value for each surface. Sim 1 refers to simu-

lated friction for surface measurement 1, Sim 2 for

surface measurement 2, etc. The smooth solution is

added for comparison in the graphs showing friction

in the lift-off zone. For bearing C, convergent

solutions could only be found for two of the surface

measurements. This is thought to be because of the

way the coupling between local and global scales was

treated in this study. The method can be seen as a

penalty method on the global scale were the contact

pressure and flow factors get stiffer the smaller the

separation becomes. Bearing C had the smoothest

surface and therefore, the method will generate a

very stiff contact. Due to this, another method was

tested where the coupling was done by matching

Fig. 8 (a) Calculated and measured friction for bearing A; (b) details of the lowest part

Fig. 9 (a) Calculated and measured friction for bearing B; (b) details of the lowest part

Table 2 Input parameters

Asperity friction coefficient �c ¼ 0.1
Viscosity at ambient conditions �0 ¼ 0.036 (Pas)
Viscosity–pressure coefficient � ¼ 2� 10�8 (Pa�1)
Hydraulic pressure Ph ¼ 3� 107 (Pa)
Contact pressure parameter tn ¼ 1� 107 (Pa)
Contact pressure stiffness parameter en ¼ 1� 1014 (Pa/m)
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a reference plane from local scale to global scale. This

plane was taken 1.9mm into the material and there-

fore, more of the calculated total deformation was on

the local scale, as illustrated in Fig. 11, to generate a

less stiff penalty method on the global scale. With this

method, convergence was achieved for all surface

measurements and decreased calculation time was

also seen. This will, of course, generate a different

solution due to some loss of coupling of deformation

between neighbouring mesh points on the global

scale, but there is still coupling by thematerial under-

neath this layer. To some extent, the effect of this is

shown in Fig. 10, where simulated friction with the

original and the modified coupling is shown for two

simulations of bearing C. The modified coupling

results in a somewhat lower calculated friction com-

pared to the original method with direct coupling of

separations, the difference, though, is not large.

Hence, the results for the three other simulations of

bearing Cwhere the original couplingmethod did not

converge should still be useful for this investigation.

In the full film region, the model predicts lower

friction than experiments. This is probably because

of friction generated from other parts in the test rig.

These losses will not change considerably at lower

speeds and so the relative contribution from these

becomes negligible in the mixed and boundary

regimes. When comparing the different bearings A,

B, and C, no significant difference in friction is

observed in the full film region either in experiments

or calculations. In themixed lubrication regime, large

variations in calculated friction are seen for the five

different surface measurements of each bearing.

It should be kept in mind that in the model, it is

assumed that the bearing has the same roughness

over the whole area.

For bearings A and B, the measurements that gen-

erate the lowest calculated friction seem to correlate

best with experiment in the mixed regime, i.e. mea-

surements 2 and 5 of bearing A and measurements

4 and 5 of bearing B. This is contrary to bearing C

where the measurements that generate the highest

calculated friction correlate best with experiments,

i.e. measurements 1 and 5. It can be observed that

the model correlates best with experiments when

the surface measurements which were taken closest

to the edges of the bearing were used in the simula-

tions. In the transition zone between full film and

mixed regions there are also big variations in pre-

dicted friction among the different surface measure-

ments. Looking at the predicted friction for the same

measurements that gave good prediction in the

mixed region for each bearing: measurements 2 and

5 of bearing A correlate well with experiment with

regard to Sommerfeld number at lowest point,

measurements 4 and 5 of bearing B have lowest

points at a slightly lower value of Sommerfeld

Fig. 10 (a) Calculated and measured friction for bearing C; (b) Details of the lowest part
Notes: *Calculated with different formulations of the coupling between local and global scales.

Fig. 11 Reference plane on local scale
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number, and measurements 1 and 5 of bearing C

at a much lower value than experiment. One expla-

nation could be the assumption of a smooth journal

surface. This assumption is obviously less valid

for a smoother bearing surface, since the difference

in surface roughness of the bearing and the journal

will be smaller.

All surface measurements were taken from within

the high-pressure area of the bearing, but randomly

picking simulated results for one of them does not

give a good prediction of the calculated friction.

A reason for this is that within the high-pressure

zone, there is a large difference in howwell lubricated

the surfaces are and consequently how large an

impact the surface roughness at this location has on

friction. The state of lubrication can be described

with the film parameter � defined as

� ¼ hmean

Sq
ð8Þ

The value of � is changing a lot for different

Sommerfeld numbers and also for different positions

on the surface of the bearing. In Fig. 12, the film

parameter and the contact pressure along a line

perpendicular to the sliding direction in the high-

pressure zone is shown. The surface measurements

that were used as input to simulations were

taken along the same line; measurement 3 in the

zone x/L ¼ 0–0.1, measurements 2 and 4 in the zone

x/L ¼ 0.1–0.3, and measurements 1 and 5 in the zone

x/L¼ 0.3–0.5. The state of lubrication is shown for two

values of Sommerfeld number, one at So ¼ 1� 10�2

which is on the border between the full film and

the mixed regimes, close to lift off, and the other at

So ¼ 1� 10�3, well into the mixed regime. It is clear

from this figure that the surface roughness located

close to the edges of the bearing will have a lot

more influence on friction and that this is also

where most of the running in or change of the origi-

nally machined surface is likely to occur. At lower

values of So, the contact pressure will become high

over the whole area but then the sliding speed will be

much lower and the surface closer to x/L ¼ 0 will not

experience the same running in. If the conformity or

shape of the bearing after machining is not perfect,

this will, of course, also affect the state of lubrication

for a given position of the bearing.

When taking into account that most of the contact

will occur closer to the edges at higher Sommerfeld

numbers by only comparing simulations of surface

measurements taken in these areas, it seems like the

predicted friction correlatesmuch better to the exper-

imental data. The difference in friction between

the bearings in the lowest part of the friction curve

predicted by the model is not apparent in the

experiments. As mentioned earlier, this can be an

indication that there are differences in conformity

among the bearings. This difference could be

explained by the fact that a rougher surface generally

experiencesmore run in than a smooth surface. Other

explanations are also possible; the use of a constant

asperity friction coefficient means that the model

used here will only capture the effect of roughness

on hydrodynamic film formation on the global

scale. It is likely that there are sliding speed related

effects on the asperity friction coefficient due to

tribo-chemical action and micro-EHL effects in

these contact regions. It is not likely, however, that

friction in these boundary lubricated contact spots

would change the order of magnitude from the

friction level used in this study. The span in friction

level for the bearings in this study is two orders of

magnitude and hence, the most important factor is

likely to be the ability of the bearing surface to form a

hydrodynamic film and lift the load off the boundary

lubricated asperity contact regions. This implies that

the difference seen between simulated andmeasured

friction is mainly topographical. More studies would

be needed, however, to fully explain the discrepancy

in simulated and measured friction levels. These

studies should preferably involve a more detailed

analysis of the tested bearing surface topography

on a larger scale.

6 CONCLUSIONS

1. Friction of the bearing is strongly influenced by

surface roughness in the mixed regime.

Fig. 12 Non-dimensional contact pressure Pc/Ph and
film parameter � in the high-pressure zone

Note: From simulation of bearing B, surface measurement 1 (Symetry line is

located at x/L ¼ 0).
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2. Surface roughness has almost no effect on friction

in the full film and the boundary regime for the

bearings in this study.

3. There are large differences in the state of lubrica-

tion within the contact of the bearing and conse-

quently, surface roughness has more influence on

friction in some areas and less influence in other

areas. This has to be considered when choosing

surface measurements for input to the local-scale

flow-factor model and FFT-accelerated contact

mechanics model to achieve comparable friction

results.

4. The homogenized two-scale model used in this

study needs different treatment of the coupling of

local and global scales to achieve stability when

simulating surfaces with low roughness. It was

shown that this can be done using a reference

plane some distance into the mating surfaces to

soften the penalty resembling coupling of flow fac-

tors and asperity contact pressure; however,

the effect of which depth the plane is taken from

deserves further investigation.

� Authors 2011
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APPENDIX

Notation

en contact pressure stiffness parameter

(Pa/m)

h separation of surfaces (m)

nX , nY , nZ surface normal composants

P pressure (Pa)

Pc contact pressure (Pa)

Ph hydraulic pressure (Pa)

Phd hydrodynamic pressure (Pa)

So Sommerfeld number

tn contact pressure parameter (Pa)

u sliding velocity (m/s)

x spatial coordinate, sliding direction

(Fig. 1) (m)

y spatial coordinate (m)

z spatial coordinate, across film (m)

X,Y,Z Cartesian coordinates (m)

� Viscosity–pressure coefficient (Pa�1)

� dynamic viscosity (Pas)

�0 viscosity at ambient conditions (Pas)

� film parameter

� friction coefficient

� density of lubricant (kg/m)

�p flow factor for pressure-driven flow

�s clow factor for shear-driven flow

� shear stress (Pa/m)
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ABSTRACT
In this work, the influence of different functional surfaces on friction and wear of 
conformal tribopairs during reciprocating sliding motion under boundary lubricated 
conditions have been investigated. Different functional surfaces studied during this 
work included roller burnished, laser remelted, polished (polished I, polished II), 
polished honed, polished honed and laser remelted and laser honed lower specimens. 
The mating surfaces were tumbled, polished, DLC coated, polished I DLC coated and 
polished II DLC coated upper specimens. Tribological studies on different surfaces of 
upper and lower specimen were carried out by using a reciprocating friction and wear 
test machine (Cameron Plint TE 77). Friction coefficients were continuously measured 
during the tests. Wear of upper and lower specimen was measured by using a 3D 
optical surface profiler (Wyko NT1100). 

Polished DLC coated upper specimen resulted in lowest total wear and friction. All 
tribo-pairs with coated upper specimens have resulted in lower total wear and friction 
as compared to those with uncoated upper specimens. The total wear was almost the 
same for all surface combinations with uncoated upper specimens and the ratio 
between Rk values for lower specimens and upper specimens respectively determined 
whether the lower or upper specimen encountered highest wear. The studies on a very 
large number of different functional surfaces for the upper and lower specimens 
revealed that it was difficult to reduce wear with uncoated upper specimens. Further, it 
was also found that polished surfaces on both upper and lower specimen resulted in 
high total wear as compared to that of tribopair involving a coated upper specimen. 

It has also been seen that the surface roughness of the coated upper specimens 
influenced friction as well as wear of the lower specimen. Surfaces with low bearing 
ratio parameters Rk and Rpk, negative Ssk, high Sku and low Sdq have resulted in low 
friction and also low wear of lower specimen.  

Keywords: Surface topography, friction, wear, coatings 
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1 Introduction 
The conformal tribological pairs in heavily loaded and low speed moving machine 
assemblies often operate in boundary/mixed lubrication regime. The surface 
topographies and chemical composition of interacting surfaces operating in 
boundary/mixed lubrication regime play a vital role in determining their tribological 
performance.  
Typical machine components involving heavy loaded conformal sliding contacts 
include oscillating sliding bearings, piston-cylinder contacts in combustion engines 
and hydraulic actuators etc. However, most research results pertaining to sliding 
contacts reported in published literature have been obtained by using relatively simpler 
non conformal contacting pairs such as ball on disc contact configurations during the 
laboratory tribological tests. Further, most researchers in their studies have focussed 
on the surface topography of only one of the two interacting surfaces, e.g., Wang [1], 
Sedlazec [2] and Li [3] in pin on disc tests varied the surface roughness of only the 
disc but the surface roughness on the ball/pin remained the same. These studies have 
of course yielded interesting results, for example that lay perpendicular to the sliding 
direction gives better tribological performance [1, 3] and that the surface parameters 
like Rsk, Rku, Rpk, Rvk influence friction [2]. One of the few examples where surface 
roughness has been varied on both specimens is in the work of So [4] who studied the 
influence of roughness, lay and hardness on both specimens and reported that the 
interacting roughness, hardness and lay of both specimens influenced the running-in of 
the surfaces. In case where both specimens have the same hardness, both surfaces 
smoother than Ra 0,09 and having lay perpendicular to the sliding direction resulted in 
better results. The combined surface roughness and relative size of upper and lower 
specimen has been found to influence the seizure resistance of a sliding pair [5]. 
Recently, several studies have been made on textured surfaces with dimples and the 
general conclusion is that it is possible to improve the tribological performance of a 
textured tribopair but it can also impair performance depending on design of texturing 
and the application [6, 7]. The positive attribute of the presence of dimples on a 
textured surface is owing to micro-hydrodynamic effect, availability of micro-
reservoirs for lubricant retention and a micro-trap for wear particles. 
Hard coatings such as DLCs have been reported to be effective in boundary lubricated 
situations. For economic reasons, usually only one of the two interacting surfaces is 
coated. It has however also been seen that the tribological performance is superior if 
only one of the contacting surfaces in a tribo pair is coated, Podgornik [8]. The 
application of a coating puts high demands on the substrate design in terms of its 
hardness and surface topography in order to obtain the desired adhesion and fatigue 
strength of the coating. The influence of surface roughness on the fatigue strength of 
the coating has been studied by Wiklund [9]. The roughness of the coated surface has 
also been reported to influence the running-in of the counter surface, especially for 
very hard coatings. Svahn [10] has studied the influence of surface roughness on the 
running-in behaviour of DLC coated surface in a lubricated ball on disc test. He found 
out that a wet blasted coated surface was beneficial for the improved running-in 
performance. Haubold et al [11] however showed that a ta-C coated surface gave low 
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wear and friction with a very smooth surface roughness. Shaha [12] showed that the 
hardness ratio between coated surface and the counterpart influenced the sensitivity of 
the coating surface roughness. For a hard counterpart, the friction was independent of 
roughness of coating but with a softer counterpart, the friction was highly dependent 
on the roughness of coating.  
The influence of surface roughness and the composition of material of both the 
interacting surfaces of a tribopair together in a conformal tribo pair with both coated 
and uncoated surfaces has been rarely studied. The aim with this work is thus to 
investigate the influence of different conformal functional surfaces on friction and 
wear characteristics in reciprocating sliding under boundary lubrication conditions.  

2 Experimental materials and lubricant 
Seven different lower specimens and five different upper specimens were 
manufactured for use in these studies. All the lower specimens were made of nodular 
cast iron with bulk hardness HV 230-270 and they were produced from a fine bored 
surface with different additional manufacturing steps. The roller burnished surface was 
produced with a rotating roller burnishing tool. Both the polished I and II surfaces 
were produced with polishing pads mounted on an axis which was oscillated on the 
specimen surface. For polishing I, the pad consisted of hard abrasive particles 
embedded in a soft polymer matrix. In the case of polishing II, the pad consisted of 
hard particles in a harder matrix. The processes resulted in different surface roughness. 
The polished honing process was quite similar to the polishing process II above but 
here, a crosshatch surface was produced. The laser remelted cylinder was treated with 
a laser beam which remelted the outer layer (1-2 m). This is to open up the graphite 
pores and also to cause some micro hardening of the surface. Some craters with 
protruding material were formed around the graphite pores during the laser remelting 
process, which resulted in high Rpk values. The polished honed and laser remelted 
surface was treated by laser processing as above but the initial surface was polished 
honed. The laser honed surface was produced by different honing stages and one laser 
honing stage where a high energy laser beam produced oil pockets on the surface. To 
remove the protruding material around the oil pockets, a final honing operation was 
made after the laser treatment. The size of the pockets was 500x50μm and the depth 
was 20μm. The spacing of the pockets was 1 mm in both horizontal and vertical 
directions. 
All upper specimens were made of flake graphitic cast iron with bulk hardness HV 
200-240 and they were produced from a fine turned surface with different additional 
manufacturing steps. A tumbling process was made mainly to remove burrs but some 
smoothening effect will also occur. The polishing process was performed with a fine 
grained polishing cloth. The DLC coating was a multilayered a-C:H:Me coating 
deposited by reactive magnetron sputtering. The thickness was approximately 2 μm 
and hardness was 1200 HV. The polished DLC I upper specimen was polished before 
the coating process and the polished DLC II was polished both before and after the 
coating process, resulting in a shiny surface with low roughness. The surface 
roughness parameters for all test specimens were measured before the tests and are 
presented in Table 1. The parameters are Rk, Rpk, Rvk, Ssk and Sdk. The first three 
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parameters have been derived from the bearing ratio curve, see Figure 1. Rk is the core 
roughness depth, Rpk is the reduced peak height and Rvk is the reduced valley depth. 
Ssk is the skewness that describes the symmetry of the profile about the mean line.  
 
Table 1 
Test specimens, average ± standard deviation for surface parameters 

Designation Type Material 
Rk  
[nm] 

Rpk  
[nm] 

Rvk 
[nm] 

Ssk Sdq  
[deg] 

Roller 
burnished 

Lower 
specimen

Nodular 
grey cast 
iron 

836±142 365±78 616±180 -1,1±0,8 8,5±1,6 

Laser 
remelted 

Lower 
specimen

Nodular 
grey cast 
iron 

925±31 473±41 744±201 -1,0±0,4 9,8±0,8 

Polished 
honed 

Lower 
specimen

Nodular 
grey cast 
iron

575±33 293±28 251±16 0,2±0,2 10,2±0,3 

Honed and 
laser 
remelted 

Lower 
specimen

Nodular 
grey cast 
iron 

535±38 664±56 320±20 1,7±0,6 7,3±0,5 

Laser 
honed 

Lower 
specimen

Nodular 
grey cast 
iron 

746±85 327±17 382±115 -0,2±0,3 13,8±0,6 

Polished I Lower 
specimen

Nodular 
grey cast 
iron 

391±36 149±13 438±58 -1,7±0,3 4,8±0,4 

Polished II Lower 
specimen

Nodular 
grey cast 
iron 

390±8 181±13 309±53 -1,6±0,7 7,0±0,2 

Tumbled Upper 
specimen

Grey cast 
iron 

912±132 251±34 445±62 -0,5±0,1 9,5±0,8 

Polished Upper 
specimen

Grey cast 
iron 

372±29 148±13 306±63 -1,4±0,6 5,0±0,3 

a-C:H:Me 
coated 
(DLC1) 

Upper 
specimen

Grey cast 
iron 

1196±63 311±5 597±49 -0,6±0,2 15,3±,4 

a-C:H:Me 
Polished I 
(DLC2) 

Upper 
specimen

Grey cast 
iron 

360±44 132±17 293±42 -1,1±0,2 4,9±0,6 

a-C:H:Me 
Polished II 
(DLC3) 

Upper 
specimen

Grey cast 
iron 

281±48 96±6 487±143 -3,7±0,4 2,6±,8 

 
 



105 
 

 

 

Figure 1. Bearing ratio curve with description of the bearing ratio parameters.

Negative skewness indicates that the surface is dominated by valleys and positive 
values means that the surface is dominated by peaks. Sdq describes the geometric 
average slope of the data matrix and is a measure of how steep the asperities are. Rk, 
Rpk, Ssk and Sdq indicate the sharpness of the surface and Rvk gives an idea about the 
the oil retention capability. Overall, these five surface topography parameters can be 
considered significant in determining the tribological behaviour of interacting surfaces. 
The upper specimen has a convex shape (24mm radius) and the lower specimen has a 
concave shape (37,5mm radius). This contact configuration thus resulted in a line 
contact with relatively high degree of conformity. The upper specimens were prepared 
as rectangular blocks of 10mm x 10mm x 4 mm and the lower specimens in dimension 
of 30 mm x 60 mm. The lubricant used in these tribological studies was commercial 
mineral hydraulic oil Shell Tellus S68, VI 104 and contained anti wear additives. 

3 Experimental work 
Friction and wear tests were performed using a modified reciprocating friction and 
wear test machine, Cameron Plint TE 77. A schematic of test apparatus including the 
actual specimens and the oil bath is shown in Figure 2. The friction force was 
continuously recorded by a piezoelectric transducer throughout the test duration by 
using a computerised data acquisition system. The RMS friction value was calculated 
and stored for each 10th second for comparison between the tests. Specimens were 
cleaned with industrial petroleum in ultrasonic cleaner prior to testing. The test 
parameters employed during this experimental work are listed in Table 2. The 
specimens were fully immerged in a bath and the oil was changed for each test. A 
pressure sensitive film was used to verify correct alignment and detect edges on test 
specimens.The quantification was done by using a Wyko NT1100 3-D optical surface 
profiler.  The length of the wear track was multiplied with the averaged cross-sectional 
area of the wear track measured at four different locations in order to achieve a good 
estimation of wear volume. At least two tests were performed for each tribopair of 
functional surfaces. 
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Figure 2. Schematic drawing of test rig. 

 
Table 2 
Test parameters 
Parameter Value 
Normal force 350 N 
Stroke length 9 mm 
Frequency 0,11 Hz 
Test duration  24 h 
Average sliding speed 3,6 mm/s 
Oil temperature 50ºC 
Contact pressure 100 MPa 
 

4 Results

4.1 Wear
Figure 3 shows the total wear of all surface combinations studied during this work. 
The functional surface combinations are marked along the x-axis. The lower 
specimens’ identifications are written in vertical and the upper specimens with 
horizontal orientations. The repeatability for the test seems to be fairly good, the 
standard deviation of the two repetitions are shown as error bars. The lower specimens 
show a specific wear rate between 15 and 468 m3/Nm and the upper specimens show 
a specific wear rate between 37 and 751 m3/Nm. All coated upper specimens showed 
extremely low (typical 18-37 m3/Nm) wear and it is was hard to distinguish between 
the tests. 
All tests involving uncoated upper specimens show approximately the same amount of 
total wear despite significant variation in the surface roughness values of the upper and 
lower specimens. Generally, if wear was high on upper specimen, the wear was low on 
lower specimen and vice versa. All tests involving polished upper specimens show a 
slightly higher total wear. All tests involving coated upper specimens shows lower 
total wear as compared to that seen with uncoated upper specimens. A combination of 
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roller burnished lower specimen and polished DLC II upper specimen has given the 
lowest total wear. 

 

Figure 3. Specific wear of upper and lower specimen for all tests. Values are average values 
and error bars are standard deviation from the two performed tests. 

 

Figure 4. Specific wear of upper specimen as function of ratio between Rk of lower specimen 
and Rk of upper specimen. When the lower specimen has higher roughness compared to the 
upper specimen, the wear of the upper specimen increases. 
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The ratio of Rk for the lower specimen divided with Rk for the upper specimen that 
describes the difference in roughness of the lower and upper specimen in each test has 
been used to discuss the wear results. Figure 4 shows that wear of uncoated upper 
specimen seems to be related to this ratio. If the lower specimen has a relatively higher 
roughness than the upper specimen, the wear of the upper specimen increases. From 
this, it can be deduced that it is possible to control the wear of the two test specimens 
by controlling the individual surface topographies of specimens in a given tribo pair. 
Another important observation is that in tribopairs involving coated upper specimens, 
the wear of lower specimen is dependent on the roughness of the coated upper 
specimen. A closer examination of tests with only roller burnished lower specimens 
against coated upper specimens of different roughness values, it is evident that 
relatively rougher surfaces of the coated upper specimens result in higher wear of the 
lower specimens, Figure 5. In the case of the roughest coated upper specimen, the 
valleys from production are almost entirely worn away on the lower specimen and the 
coated surface has also been run in. With the medium rough coated upper specimen, 
the lower specimen is run in but the deepest valleys from production are still clearly 
visible and the coated surface remains almost unaffected. With the smoothest coated 
upper specimen, only light polishing effect has been observed on the highest asperities 
on the lower specimen and on the coated surface some minor delamination of coating 
can be seen. The wear of the lower specimen with uncoated upper specimens vary 
significantly with different surface combinations and it was not possible to find any 
correlation between wear and bearing ratio parameters Rk and Rpk. The polished 
honed lower specimen surface suffered the highest wear for both coated and uncoated 
upper specimens.  
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Figure 5. Tests with coated upper specimen where a) and b) shows rough upper specimen 
before and after test, c) and d) shows polished I upper specimen before and after test and 
finally e) and f) shows polished II upper specimen before and after test.

4.2 Running-in
The running-in time has been defined as the time it takes for the RMS-friction to 
stabilize. The results can be classified in two categories; tests involving uncoated 
upper specimens show a running time of 2 to 6 hours, whilst tests involving coated 
upper specimens has a shorter running-in time of about 0.5 hours. 

4.3 Friction
The friction was continuously measured in all tests throughout the entire test duration 
and the RMS friction coefficients were calculated. The average RMS value for the 
complete test was compared between the tests and these are presented in Figure 6. 
Generally, tribo-pairs with DLC coated upper specimens had lower friction compared 
to uncoated and the smoother the coated upper specimen, the lower is the friction.  
The friction coefficient plots for a few strokes from different tests were also carefully 
examined with a view to distinguish between static and dynamic friction coefficients. 
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In these tests, the sliding speed varies sinusoidal between 0 and +/- 3,6 mm/s and it 
was possible to study both dynamic and static friction. All tests involving uncoated 
upper specimens showed large difference in static and dynamic friction coefficients, 
Figure 7 a). All tests involving coated upper specimens showed relatively stable 
friction behaviour and only a very small increase in static friction as compared to 
dynamic friction could be observed in these tests, Figure 7 b). The incidence of stick-
slip in relative sliding motion is dependent on two unrelated factors; the shape of the 
Stribeck curve relating coefficient of friction to sliding velocity in the neighbourhood 
of zero velocity; and the stiffness or elastic properties of the contacting bodies. The 
elastic properties of the coated and uncoated specimens do not differ much and 
therefore the difference in the stick-slip behaviour is likely due to the frictional 
characteristics.  
 
 

 

Figure 6. Friction coefficient for all tests. Values are average values and error bars are 
standard deviation from the two performed tests. 
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Figure 7. Friction coefficient during some few strokes for a) uncoated upper specimen and b) 
coated upper specimen. 

 

5 Discussion
Regarding friction, one clear trend is that coated surfaces have resulted in lower 
friction, and further it has also been seen that the smoother the coated upper specimen, 
the lower is the friction. Since the chemical composition and hardness were similar for 
the three types of coated upper specimens, surface roughness plays an important role. 
While comparing the results from tests with roller burnished lower specimens against 
DLC coated upper specimens having different surface roughness, it is clear that both 
friction and wear of the lower specimen are reduced with smoother surface of the 
coated upper specimen. Surface roughness parameters, friction coefficients and wear 
for DLC1, DLC2 and DLC3 are summarized in Figure 9. In the case of coated upper 
specimen whose hardness is significantly higher compared to that of the mating lower 
specimen, the contribution of ploughing component of friction is likely to be higher. 
This can explain the occurrence of lower friction with smooth coated surface which 
was also observed in dry ball-on-disc sliding tests by Shaha [12] when the hardness 
ratio between coating and counter surface was low. Svahn [10] reported contradictory 
results in lubricated ball-on-disc tests where the friction was reduced when a rough 
substrate was used for the coating, owing to macroscopic pressure reduction, 
smoothening and formation of a transfer layer on counter body. However, in this case 
the hardness ratio was lower due to a softer coating than used by Shaha implying that 
the ploughing component of friction is lower. 

a) 
b)
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Figure 8. Surface roughness parameters for DLC1, DLC2 and DLC3 and their friction and 
wear when tested against roller burnished lower specimens.
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In the present study, with low contact pressure and high conformity, the macroscopic 
pressure reduction is low and energy input for transfer layer formation is also low. 
This may increase the ploughing component of friction. The ploughing action will also 
run in the counterpart and in this case it seems, to some extent, beneficial because it 
will lower the asperity stress. With a very smooth coating, the counter surface will not 
run in effectively. It means that the asperity level stresses will remain high on the 
lower specimen during the test and may lead to delamination of the coated surface. If 
the coating is very rough, it might suffer fatigue damage due to high internal stresses 
in the coating and also result in high wear on the counter surface. The surface 
roughness of the coated surface in a tribo pair should therefore be optimised together 
with the counter surface roughness for the effective running-in of the uncoated 
counterpart. The measurements of surface roughness parameters clearly reveal the 
differences in bearing parameters, Ssk, Sku and Sdq for the three different coated 
surfaces. Rk and Rpk are reduced when comparing DLC1 and DLC2 while they are 
almost similar for DLC2 and DLC3. Ssk is reduced when comparing DLC2 and DLC3 
which is in line with the change in ratio between Rpk and Rvk. Rdq is reduced with 
70% when comparing DLC1 and DLC2 and with 50% when comparing DLC2 and 
DLC3. The ploughing effect by the DLC coated surface will be controlled by the 
sharpness (peakedness) of the surface which is described by the surface roughness 
parameters Sdq, Rpk, Ssk and Sku. It is difficult to say which of these parameters that 
influences running-in performance most due to that some of them are closely linked 
and is difficult to change independent of each other.  
Surface roughness of both mating surfaces influences both friction and wear in this 
tribo test. The wear of uncoated upper specimen, is dependent on the ratio between Rk 
for lower and upper specimen. To balance the wear and running-in of the surfaces, it is 
therefore possible to balance the wear of the surfaces by controlling the roughness of 
the individual surfaces. The hardness of the upper specimen is lower than the lower 
specimen which means that it is more sensitive if the lower specimen surface is too 
rough. It is interesting to note that, for uncoated upper specimens, even though both 
mating surfaces are polished, the total wear is only marginally lower compared with 
other surface combinations. The big step in performance comes when the material 
combination is changed by coating the upper specimen. With coated upper specimen 
the wear is much lower than with uncoated surface independent of the surface 
roughness of the tribopair. The test was however made at extreme boundary 
lubricating conditions so the results with uncoated upper specimens on the different 
lower specimen surfaces may have been better at higher sliding speed with more 
hydrodynamic action. 
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6 Conclusions 
The tribological performance characteristics of different tribological pairs (including 
some coated ones) produced in different ways and having different surface 
topographies have been experimentally investigated.  The main findings of this work 
have been summarised as follows: 

The application of WC/C coating on the upper specimen has been found to have 
the major influence on the friction and wear characteristics of different 
tribological pairs. Especially, the wear with coated upper specimens has been 
much lower compared to any other surface combinations without coating on 
upper specimens. 

Wear and friction with coated upper specimen is influenced by its surface 
topography. A smooth surface without many sharp asperities gives low friction 
and wear and is characterized by low Rpk and Sdq, negative Ssk and high Sku. 
However, too smooth a surface of the coated upper specimen has an adverse 
effect on running-in of lower specimen and also resulted in fatigue damage of 
coating. 

For uncoated upper specimens, the total wear is almost independent of the 
surface combinations and the ratio between Rk for lower and upper specimen 
surfaces appears to influence wear. A relatively higher Rk on lower specimen 
gives high wear on upper specimen. 
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ABSTRACT
The major challenges in manufacturing of modern hydraulic systems are to improve 
their efficiency and reliability. The efficiency is mainly governed by the operating 
friction level whereas the reliability and durability of the system are dependent on 
wear of the relatively moving surfaces of the hydraulic system components. The 
present work is aimed at investigating the friction and wear performance of different 
polymeric materials having potential for hydraulic system components under 
lubricated sliding conditions against a steel counter face. A pin-on-disc test 
configuration was used for the main experimental study. As a complement, tests were 
also conducted using a reciprocating sliding wear and friction test machine. The 
contact was lubricated with commercial mineral hydraulic oil and the counter surface 
was a 100Cr6 hardened bearing steel. The different polymeric materials selected for 
these studies were commercial polyimides (PI), polyether ether ketone (PEEK) and 
flouropolymers. Some of these materials were used in bulk form whereas the others 
were applied on metallic substrates as coatings. The tribological characteristics of 
these polymeric materials were compared with that of a reference grey cast iron. In the 
pin-on-disc tests, the frictional characteristics of these materials were evaluated in both 
the static and dynamic conditions. The quantification of wear was done through weight 
loss and surface roughness measurements. The results have shown that by using 
polymeric materials it is possible to reduce breakaway friction by an order of 
magnitude compared to that with grey cast iron. However, the break away friction 
increased significantly after the wear tests. The polymeric materials having lowest 
breakaway friction have shown the highest wear with the exception of the PEEK-
PTFE coating which showed low wear. PI with graphite fillers also showed low wear 
but it resulted in relatively high friction. The carbon fibre reinforced materials resulted 
in unstable friction as well as higher wear compared to the PI materials with graphite 
fillers.
Keywords: Polymers, friction, wear 
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1 Introduction 
Break away friction is an important parameter in many industrial lubricated 
applications like journal bearings and hydraulic motor components. Under steady state 
conditions, the operation of moving machine components is in full film lubrication or 
at least in mixed lubrication regime. However, during start up and at low speeds, the 
machine components operate in boundary lubrication regime where there is risk of 
high wear and friction. PTFE and other polymers have been widely used materials to 
reduce break away friction. The drawback with polymers in general and PTFE in 
particular is their low strength and poor wear resistance. With the use of fillers, the 
strength and wear resistance of polymeric materials can be significantly improved. 
There are many different polymers on the market like polyimide (PI), 
polyetheretherketone (PEEK) and polytetraflouroethylen (PTFE). The polymeric 
materials are often reinforced with fillers and used in the form of composites. Usages 
of these fibres increase the load carrying capacity and wear resistance of the polymeric 
materials. Fibre reinforcement is often used in conjunction with solid lubricant 
particles like MoS2, graphite or PTFE to improve the frictional properties of the 
composite material. Fibres can be distributed randomly in the matrix or oriented in the 
mould fill direction. The effect of fibre orientation on wear was studied by Cirino [1], 
who reported that fibres parallel to the sliding gave lower wear compared to fibres in 
the normal direction. In some instances fibres can abrade the counter surface. 
However, in some cases this abrading effect can be beneficial because of the polishing 
effect on the counter surface. Newly developed composites also make use of nano 
particles as fillers which have the interesting feature of a large interfacial area. These 
nano particles based composites have been reviewed by Friedrich [2]. PTFE with its 
low friction has been the most important polymeric material for tribological 
applications. The low friction is governed by the formation of a thin and oriented 
transfer film on to the counter face during initial sliding. An important parameter in 
the formation of an effective transfer film is the surface roughness of the counter 
surface. Too smooth a surface can hinder formation of transfer film and a very rough 
surface may lead to high wear of the polymer due to abrading action of the hard 
counter surface asperities. So there often exists an optimum roughness of the counter 
surface for desirable tribological performance of polymeric materials. 
Due to their self lubricating properties, polymers have mostly been used in 
applications where the use of lubricating fluids is undesirable such as pharmaceutical 
and food industries. Owing to this, most of the tribological research on polymers has 
been carried out in dry conditions and only a very few studies under lubricated 
conditions have been reported.
In lubricated conditions, some studies have shown higher wear of polymers vis a vis in 
dry conditions [3] owing to degradation of their mechanical properties due to 
absorption of fluid into the polymer and also the limited transfer film formation in 
presence of a lubricant. On the contrary, some researchers have shown lower friction 
and wear of polymers in oil lubricated conditions compared to those in dry conditions. 
Dickens and co-workers [4] made a thorough study of wear and friction of PPO, PTFE 
and PEEK at different loads, speeds and fluid viscosities. They found out that friction 
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and wear were always higher in dry conditions even at speeds as low as 1 mm/s. At the 
highest tested speed of 1m/s, wear was 3-4 orders of magnitude lower in lubricated 
conditions and this was attributed to hydrodynamic effects. Zhang [5] reported that 
friction of a sintered bronze bearing with PTFE reduced by 2-3 orders of magnitude 
and the pv limit was also enhanced with an order of magnitude in lubricated 
conditions. In an earlier study, Sethuramiah et al have reported a decrease in wear by 1 
~ 2 order of magnitude of pure PTFE under lubricated conditions compared to that in 
dry sliding [6]. They further opined that in case of PTFE wear is inversely dependent 
on hydrodynamic effects. Choudhary [7] discussed the filler enrichment on surface 
during both dry and lubricated sliding of polymer composites and reported that the 
filler enriched layer may have a positive effect on lubricated wear. 
Recently, research on PTFE based composites as replacement for babbitt material in 
hydro generator thrust bearings have also been carried out [8]. The breakaway friction 
of polymers has been studied [9, 10] with a view to reduce the breakaway friction of 
hydrodynamic journal bearings and to replace the conventional babbitt material. A soft 
polymer layer can be beneficial not only for starting friction but also for the operation 
in full film regime due to the compliant property of polymers. The hydrodynamic 
pressure can be reduced and the oil film thickness can be increased, Kuznetsov et al. 
[11]. However, the oil film temperature can increase due to lower heat transfer 
coefficient of polymers compared to metals. 
Thin thermoset polymer coatings are interesting because of the ease in applying a 
polymer layer to a substrate. Some studies have been conducted on air refrigerant 
compressors in which the use of PEEK/PTFE and PEEK/MoS2 resulted in low friction 
and wear under marginal lubrication conditions [12]. Demas and co-workers [13] 
studied polymeric PTFE-based coatings and found that the coatings were comparable 
to a DLC coating regarding their friction and wear performance. At high loads, the 
polymer coatings were worn, but the wear particles worked as a third-body lubricant 
and were beneficial in the scuffing performance.
The understanding of friction and wear characteristics of polymer under lubricated 
conditions is therefore vital as most high performance hydraulic and mechanical 
systems involve the use of hydraulic or lubricating fluids. Conventional materials like 
cast iron are known to have a stable boundary friction coefficient and an important 
question is the stability of the breakaway friction of polymers during a wear process if 
the cast iron was to be replaced by polymeric materials. Thus the aim of this work is to 
investigate the lubricated friction and wear characteristics of different commercially 
available polymeric materials (both in bulk and coating forms) and compare them with 
those of a conventional cast iron material. The idea is to ascertain whether the 
polymers can be a good choice for conformal tribopairs such as a journal bearing 
which usually operate in hydrodynamic lubrication regime with some hydrostatic lift 
and also occasionally under boundary lubrication conditions. 
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2 Experimental
In this work, eight different commercial polymer materials and one reference cast iron 
were chosen for tribological studies. Their salient properties have been summarized in 
Table 1. Five of these are bulk materials and four of them were used as coatings 
applied on a hard substrate of cast iron or steel. Tribological studies under lubricated 
conditions were carried out by using a pin on disc machine and SRV Optimol tester. 
Table 1 
Properties of tested materials 
Material Type Base 

material 
Fillers Max pv 

(dry) 
[MPam/s]

Compr. 
strength
[MPa] 

Thermal
conductivity 
[W/mK] 

Thermal
exp.
(perp to 
flow) 
[μm/mK]

Compres-
sive
modulus 
[GPa] 

A Bulk Cast iron Graphite 
flakes 

  840 47 11,7 110 

B Bulk PFA fluoro-
carbon resin 

Long
carbon
fibers 

10 302 (80 in 
flow 
direction) 

0,36 326 (3,3 
in flow 
direction) 

2,6 

C Bulk PI Graphite 48 170 0,39 34  4,1 

D Bulk PI Graphite 40 145 0,46 41 2,3 

E Bulk PI Short 
carbon
fibers 

12 163 0,2-0,3 36 13,7 

F Coating 
on cast 
iron 

PEEK PFA   118 0,25   3,5 

G Coating 
on cast 
iron 

PEEK PTFE   118 0,25   3,5 

H Coating 
on cast 
iron 

Flouro-
polymer 

            

I Coating 
on steel 
backing 

PTFE Sintered 
bronze 

1,8 250       

The test configuration for the pin-on-disc test can be seen from Figure 1. The upper 
specimens for the pin-on-disc tests were discs with diameter 4 mm and height 3 mm. 
The test specimen edges were rounded off with a radius of 0,2 mm in order to avoid 
edge effects. This also reduced the effective diameter of the contact surface to 3,6 mm, 
and the corresponding area was 10 mm2. Specimens A-E was polished with a #400 grit 
polishing paper as the final finishing operation. The resulting surface roughness and 
flatness can be seen from Table 2. Despite the same polishing procedure, the resulting 
roughness is quite different. Smoothest surface is obtained with cast iron closely 
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followed by C and D. Both B and E are composite materials with fibre reinforcements 
and the presence of these fibres result in a rougher surface despite the usage of the 
polishing procedure as those for the other polymers. The polishing process resulted in 
a convex shape. Specimens F and G were sand blasted before applying the coating in 
order to ensure good adhesion but it also resulted in higher surface roughness values. 
Specimen H was turned before the coating process and the coating process resulted in 
a rough surface with cavities and low flatness. The polymer coatings F, G and H were 
spray coated and cured. Specimen I was produced from a plain bearing with diameter 
40 mm. It was flattened out before forming it into the shape of an upper specimen. The 
cross sections of the four polymer coatings are shown in Figure 2. The lower specimen 
was a disc made of hardened 100Cr6 bearing steel with a hardness of ~ 800HV and 
roughness Sk  ~ 0,1 and it is considerably smoother than the upper specimens.  
Table 2 
Surface characteristics of tested specimens for pin-on-disc test 
Material Surface 

treatment
Sk before test 
[μm]

Sk after test 
[μm]

Flatness before test 
[μm]

A P400 1,4±0,1 0,4±0,1 4-10 convex 
B P400 5,8±2,6 2,7±0,7 4-6 convex 
C P400 2,0±0,5 1,1±0,2 3-4 convex 
D P400 2,1±0,5 1,6±0,2 3-4 convex 
E P400 3,2±1,2 2,1±1,2 3-5 convex 
F Blasting 

before
coating 

6,4±1,3 1,4±0,2 8-10 

G Blasting 
before
coating 

3,8±0,5 1,6±0,4 4-6 

H Turning 
before
coating 

6,5±5,6 3,6±1,6 20-30 

I - 6,1±2,6 3,3±0,9 14-20 

Although most of the studies were conducted on pin on disc machine yet as a 
comparison some reciprocating sliding tests were also performed by using SRV 
Optimol tester on bulk materials, A-E (Table 1). In SRV Optimol tester, the upper test 
specimens were made according to the design shown in Figure 3 with an outer 
diameter of 10mm and inner diameter of 7 mm.  Maximum load in the SRV is 2000 N 
and that correspond to a contact pressure of 75 MPa. The surface roughness parameter 
Sk of material C, D and E was ~ 3 μm. It was ~ 1 μm for cast iron specimen A and ~ 6 
μm for the specimen B. The lower specimen was a hardened 100Cr6 disc with surface 
roughness Sk of ~ 0,1 μm.  
The hydraulic oil ISOVG 32 (mineral oil) containing anti wear additives was used as a 
lubricant in all the tribological tests. 



124

Figure 1. Schematic of the pin-on-disc test configuration with pin (1), specimen holder (2), 
upper specimen (3) and lower specimen (4). 

Figure 2. Cross sections of the polymer coatings, designations according to Table 1. 
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The conformal test used in this work has no converging gap which means that 
hydrodynamic effects are negligible. The speed 0,1 m/s was intended to ensure 
operation in boundary lubrication regime. This was confirmed by tests at speeds 
varying from 0,05 to 0,2 m/s where the friction was only marginally different. The fact 
that static and dynamic friction values are very close for all tested materials also 
indicates that operating lubrication regime was boundary lubrication.  

Figure 3. Schematic of the oscillating test configuration in SRV. 

3 Test configurations and procedure 

3.1 Pin on disc 
The design of the pin-on-disc test configuration is shown in Figure 1. A half sphere 
was used as holder for the upper specimen to ensure an even loading of the specimen 
against the rotating disc. In this way, the friction force between upper and lower 
specimen will not tilt the upper specimen. All tests were repeated five times, but 
because of technical problems with the test rig, friction measurements were not correct 
in the first two test rounds. Therefore, only the results from the three last test rounds 
are presented here. To further ensure uniform loading, the coated samples were made 2 
mm thick for the two last test rounds, which enabled the use of a flexible 1 mm 
polymer disc to be mounted on top of the specimen. The even loading could also be 
verified after the test when the specimens were examined. The contact area was 10 
mm2 which means a maximum contact pressure of 100 MPa at 1000N load. 
Both the static and dynamic friction measurements using pin-on-disc test machine 
were done. For static friction measurements, a torque wrench was used to apply and 
gradually increase the tangential force on the specimen until sliding occurred. The 
torque was increased slowly during 10-20 s and a typical result from a static friction 
test is illustrated in Figure 4. Typically, 4-5 break away tests were performed, then one 
minute standing still under load to see any effect of oil squeezing out of the contact. 
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After that, another 8 to 15 break away tests were performed, the number of tests 
depending on the consistency of the obtained friction values. An average of the five 
highest values was taken from each test to be used in the comparison between the 
tested materials.

Figure 4. Typical appearance of a breakaway test in pin-on-disc. 

In the dynamic tests, the lubricant was circulated and poured on top of the rotating 
disc. No heating device was used so the operating temperature was dependent on the 
frictional heat generation and the ambient temperature. The bulk oil temperature at the 
end of the tests varied from 32-37ºC depending on the friction heat input. An 
incremental loading sequence was used in which the load was increased in steps of 100 
N to 1000N in 10 minutes. The sliding speed was 0,1 m/s in all the tests. 
The rotation started when the load had reached 100N. Duration of the test at 1000N 
was 2h. 
All tests included a static test, a 2h dynamic test and another static test after the 
completion of the dynamic test. 
All upper specimens were weighed before and after test in order to estimate the wear. 
The procedure before weighing was ultrasonic cleaning in ethanol and 15 minutes in 
an oven at 60ºC to evaporate any absorbed fluid. The weight measurements were 
repeated four times for each sample to get reliable results. The test specimen surfaces 
were also analyzed before and after test with an optical profiler (Wyko NT1100). Two 
magnifications were used, 10X and 2,5X analyzing surface area of of 0,6 x 0,46 mm 
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and 2,5 x 1,9 mm respectively. 10X magnification was used for calculating the Sk
values in Table 2 and 2,5X was used to obtain the flatness values.

3.2 SRV
The reciprocating sliding tests were carried out by using SRV Optimol tester. A stroke 
of 1 mm and frequency of 2Hz, giving an average sliding speed of 4 mm/s were used. 
The temperature was 50ºC which corresponds to a fluid viscosity of 40 cSt. The load 
was increased incrementally from 50N to 2000N during a 7 minute period. The test 
duration at 2000N was 1 h. The tests were repeated twice, except for material A where 
the friction force was too high for the machine and the movement stopped. 

4 Results

4.1 Friction in pin on disc tests 
A dynamic friction curve for the cast iron, material A is shown in Figure 5 as an 
example of a typical dynamic friction curve obtained from three test repetitions. 
Friction values were obtained from the curve at three different time intervals. The first 
value was taken at 100N immediately after the start of rotation. The second value was 
at the end of the incremental loading when load reached 1000N. The third value was 
taken after 2h wear test at 1000N. 

Figure 5. Friction curve from the 2h dynamic test in pin-on-disc for the cast iron specimens. 
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The comparison of coefficients of friction of the nine different materials is shown in 
Figure 6. The friction coefficients are presented in relation to the static friction 
coefficient for material A before wear test. There are five values of coefficients of 
friction for each material. These are: the static coefficient of friction before the test; 
the dynamic coefficient of friction at 100 N immediately after the start of rotation; the 
dynamic coefficient of friction at the end of the incremental loading when load 
reached 1000N; dynamic coefficient of friction after 2h wear test at 1000N; and the 
static coefficient of friction after the 2 hour wear test. The values are mean values and 
the error bars are the standard deviation of the three repetitions for these tests. 
The frictional behaviour of materials A, C and D are quite similar as the static friction 
is equal to or slightly lower after the test compared to that before test. Also the 
dynamic friction at 1000N is stable or slightly decreased during the test. Material E 
showed an increase in friction during the dynamic test and the static friction is also 
higher after the test. Material B and I have low friction before test but friction 
increased throughout the test. The PEEK based materials, F and G, have higher 
dynamic friction than static friction but the friction during the 2h wear test remained 
stable or decreased. 

Figure 6. Friction coefficient values for all tested materials: Static before test, dynamic at 
first rotation, dynamic after incremental loading to 1000N, dynamic friction at 1000N and 
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finally static friction after test. The friction coefficients are presented in relation to the static 
friction coefficient for material A before wear test. 

4.2 Friction in SRV tests 
The coefficients of friction as function of test duration for the two repetitions for 
materials A-E are shown in Figure 7. The reproducibility of results for the two repeat 
tests is quite good. The absolute values of coefficients of friction are different from 
those obtained from the pin on disc tests but in relative terms the trend in frictional 
behaviour is same as that in pin on disc configuration except for materials E and A. 
Material E has shown relatively lower friction and A has relatively higher friction vis a 
vis those from pin-on-disc tests. One reason for this could be the possibility of fretting 
effects owing to the short stroke length in SRV tests.  

Figure 7. Friction coefficient during the SRV test. 

Wear results from pin on disc tests 
The analysis of wear and its quantification for different materials was done by means 
of a 3D optical surface profiler, an optical microscope and gravimetric measurements. 
In Figure 8, the 3D surface profiles of the upper pin specimens before and after the 
tests are shown for four materials. The roughness marks from the production process 
can still be seen on surfaces of all material test specimens except B, I and E. This 
means that wear of most material test specimens is small and is confined to the surface 
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asperities. Materials C and D specimens behave in a similar manner and only polishing 
of asperities and some deeper scratches in the sliding direction have been seen. 
Materials F and G specimens also behave in the same way. The rough surface from the 
blasting process appears to have smoothened out and a plateau surfaces with deep 
valleys have been formed. Material E specimens shows higher wear and only traces of 
the original surface on some of the specimens can be seen.

Figure 8 Images with 3D optical profiler for four of the tested materials. Direction of sliding 
is indicated with an arrow. 
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The optical microscopic images in Figure 9 reveal the presence of some scratches on 
the mating disc surface but it has almost remained unaffected by the wear test. 
However, in case of material F the mating disc has been abraded in all the five repeat 
tests either due to the abrading nature of the fillers or the embedded particles from the 
sand blasting process. These optical microscope images also show that the alignment 
of test specimen during the pin on disc tests was good and the load was uniformly 
distributed within the contact. However, in case of A and H, the test specimens were 
not sufficiently flat to result in uniform loading. The carbon fibres are clearly visible 
on the surfaces of material B and E test specimens. On many of the polymer materials, 
for example C, D, E and G, deep single scratches have developed in the direction of 
sliding.

Figure 9. Microscope images for all tested materials. 

The quantification of wear of polymeric materials from gravimetric measurements 
poses certain difficulties, see Figure 10. Polymers C and D have gained weight during 
the tests despite the fact that the wear is low as observed by the optical surface profiler 
images. It seems that C and D both absorb fluid. Besides these i.e., C and D, the 
weight loss measurements and results from optical surface profiler and optical 
microscopic examination indicate similar behaviour. Polymer B and E have shown the 
highest wear of the bulk materials and A the lowest. Material I has shown the highest 
wear of all materials, both from gravimetric measurements and optical surface profiler 
analysis. The wear of the polymer coatings is low as seen from weight loss 
measurements.
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Figure 10. Weight loss for all tested materials. 

5 Discussion
All polymeric materials studied in this work except C have the potential to reduce the 
starting friction in a hydrodynamic journal bearing. Materials B, G and I appear to be 
most promising  from the viewpoint of low starting friction for short duration 
operation in boundary lubrication regime such as that encountered  during starting and 
stopping.
The reason for the increased static friction after the test for B, G and I is probably that 
PTFE or other low friction fillers are worn away and the base matrix, like bronze, 
PEEK and carbon fibers, determine the resulting friction after the wear test. Materials 
C and D can be robust in a journal bearing with low wear but the starting friction 
would be similar or only marginally lower than that of a cast iron bearing. 
One advantage with a thin polymer coating compared to a bulk polymer material is the 
better heat transfer. Even though the thermal conductivity of the polymer is the same, 
the thin layer will increase the heat transfer due to the higher thermal conductivity of 
the substrate material. The temperature on top of the upper specimen was measured in 
some of the tests. A comparison of tests F and C shows similar friction coefficient 
during the test and the temperature in the bulk oil was the same i.e., 35ºC after the 
tests. On the back of the upper specimen C, the temperature was also 35ºC but on the 
back of specimen F, the temperature was 41ºC, indicating better heat dissipation. 
Another advantage with a polymer layer is that it will distribute the load more evenly 
and lower the maximum operating pressure, Kuznetsov [10]. This is also apparent 
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from this test series. With a thin soft coating on cast iron substrate, like material F, the 
load is evenly distributed on the whole disc as compared to that with the cast iron 
specimen, A, which resulted in concentrated loading in the middle of the specimen 
despite a convex form of only a couple of microns. 
The ability to form a hydrodynamic oil film is governed by the surface roughness and 
conformity of the interacting surfaces. Therefore, it is important that a sliding bearing 
material is easy to manufacture to a smooth surface. One indicator of this is the surface 
roughness values in Table 2 for the bulk polymers with the same surface preparation 
process. Materials C and D seem to be better than B and E in this respect. Also, the 
surface roughness and form that develops during the running-in process is crucial for 
the function in a journal bearing. For optimal hydrodynamic performance, the surface 
needs to be smooth but any form errors also need to be flattened out easily. Surface 
roughness and form can be produced to some extent but very smooth surface and exact 
form is difficult and expensive to produce. Some of the polymer coatings also need a 
blasted surface for good adhesion which will roughen the surface.  It is also important 
to remember that the surface roughness in the loaded condition can be quite different 
from the unloaded case since polymer materials have low Youngs modulus. 
Some of the materials, for example the PEEK based materials have higher dynamic 
friction than static friction. This phenomenon has also been experienced when 
performing the breakaway tests in which the start of the movement could not be sensed 
as a jerk. Instead, the torque increased after start of the movement. This may be 
explained by the composite structure of the materials.
The material B has quite different properties in flow direction compared to those in a 
direction perpendicular to flow. In this test, the specimens were, of practical reasons, 
produced with flow direction perpendicular to the sliding direction. The performance 
may have been better with flow direction parallel to sliding direction as indicated in 
[1].
The surface finish of the counter surface was very smooth in these tests, which have 
been reported to give high friction in dry sliding due to limited transfer film formation. 
However, in a lubricated contact, the transfer film formation is not as important as in 
dry sliding. Also, a smooth surface finish on the counter surface will facilitate full film 
lubrication in a journal bearing application. 
The deeper scratches seen occasionally on the polymer specimens are difficult to 
explain. These are not likely a result of 2-body abrasion but possibly caused by some 
extraneous particles or other hard constituents in the composite materials.
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6 Conclusions 
The tribological characteristics of eight different commercial polymer materials under 
lubricated sliding conditions have been studied and compared with those of reference 
cast iron. The main findings of this work have been summarized as follows: 

The PTFE based materials have very low static friction coefficient, up to one 
order of magnitude lower than the reference cast iron at 100 MPa contact 
pressure but after 2h wear test the static friction has increased to about 50% of 
the reference friction of the cast iron. 

PI based materials with graphite fillers are wear resistant with stable friction 
and may be suitable for journal bearings that continuously operate in boundary 
lubrication and they can be machined to a smooth surface roughness. But the 
breakaway friction is equal to or only up to 20% lower than that with the 
reference cast iron. 

The friction in carbon fiber reinforced materials tends to increase as the sliding 
progresses and their wear is also higher as compared to those of other bulk 
polymers. 

The friction of polymer coatings tends to decrease and their wear is also low as 
seen from the two hours of sliding wear test. 
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