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Abstract

Today, with increasing demands on industry to reduce energyconsumption
and emissions, the strive to increase the efficiency of machine components is
maybe bigger than ever. This PhD thesis focus on friction in elastohydrody-
namic lubrication (EHL), found in, among others, gears, bearings and cam
followers. Friction in such contacts is governed by a complex interaction of
material, surface and lubricant parameters as well as operating conditions. In
this work, experimental studies have been conducted that show how friction
varies over a wide range of running conditions when changingparameters like
lubricant viscosity, base oil type, surface roughness and lubricant temperature.
These measurements have also been used to predict the friction behaviour in a
real gear application.

Numerical modeling of elastohydrodynamic (EHD) friction and film thick-
ness are important for increased understanding of the field of EHL. Due to
the high pressure and shear normally found in EHD contacts itis crucial that
appropriate rheological models are used. An investigationhas been carried
out in order to assess the friction prediction capabilitiesof some of the most
well founded rheological models. A numerical model was usedto predict fric-
tion coefficients through the use of lubricant transport properties. Experiments
were then performed that matches the predicted results rather well, and the
deviations are discussed. The numerical model in combination with experi-
mental measurements were used to investigate the friction reducing effect of
diamond like carbon (DLC) coatings in EHL. A new mechanism offriction re-
duction through thermal insulation is proposed as an alternative to the current
hypothesis of solid-liquid slip. These findings opens up fornew families of
coatings where thermal properties are in focus that may be both cheaper, and
more effective in reducing friction in certain applications than DLC coatings
of today.
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Nomenclature

α Pressure-viscosity coefficient [Pa−1]

β Viscosity-temperature gradient at operating temperatureβ = ∂η/∂T

βK Temperature coefficient ofK0 [K−1]

βV Specific volume of the molecules without the space between them

χ Dimensionless heat capacity scaling parameter

χi Area fraction in the Ree-Eyring equation

δts Time scaling coefficient

ε̇ Shear strain rate [s−1]

γ̇ Shear rate [s−1]

ε Thermal expansion coefficient [◦C−1]

εg Addendum contact ratio of gear

εp Addendum contact ratio of pinion

εt Contact ratio

η Generalized (shear dependent) viscosity [Pa s]

η0 Viscosity at atmospheric pressure and operating temperature [Pa s]

γD
l Dispersive component of surface tension [N/m]

γD
s Dispersive component of surface energy [J/m2]
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γP
l Polar component of surface tension [N/m]

γP
s Polar component of surface energy [J/m2]

γl Total surface tension [N/m]

κ Dimensionless conductivity scaling parameter

Λ Limiting stress pressure coefficient

λ Relaxation or characteristic time [s]

Λ f Film parameter

λi Characteristic or relaxation time in the Ree-Eyring equation [s]

λm Maxwell relaxation time [s]

λR Relaxation time atTR and ambient pressure [s]

λx,λy Wavelength or autocorrelation length in direction of x or y [m]

λEB Einstein-Debye relaxation time [s]

µ Limiting low-shear viscosity [Pa s]

µf Coefficient of friction

µm Approximate gear friction coefficient

µR Low shear viscosity atTR and ambient pressure [Pa s]

µ1 Low shear viscosity [Pa s]

µ2 High shear viscosity [Pa s]

µ∞ Viscosity extrapolated to infinite temperature [Pa s]

µbl Boundary lubrication friction coefficient

µEHL Sliding friction coefficient in full film conditions

µsl Sliding friction coefficient

∇1 Dimensionless wavelength parameter∇1 = (λx/b)(M3/4/L1/2)

ν Kinematic viscosity at operating temperature of oil [mm2/s]



ω Rotational speed [rpm]

ρ Mass density [kg/m3]

ρR Mass density at reference state,TR, p = 0 [kg/m3]

τ Shear stress [Pa]

τe Eyring stress [Pa]

τi Characteristic stress in the Ree-Eyring equation [Pa]

τL Limiting shear stress [Pa]

θ Contact angle [deg]

ϕ Dimensionless viscosity scaling parameter

ϕ∞ Viscosity scaling parameter for unbounded viscosity

ϕbl Weighting factor for the sliding friction coefficient equation

ϕish Inlet shear heating reduction factor

ϕrs Kinematic replenishment/starvation reduction factor

A Coefficient in the dimensionless conductivity scaling parameter

a Yasuda parameter

Ad Dimensionless deformed amplitude

Ai Dimensionless undeformed amplitude

At Heat transfer area [m2]

av Thermal expansivity defined for volume linear with temperature [K−1]

b Half width of Hertzian contactb =
√

(8w1Rx)/(πE′) [m]

B Hertzian contact width [m]

BF Fragility parameter in the new viscosity equation

C Parameter in the conductivity function [W/m K]

c Coating thickness [m]



C0 Parameter in the heat capacity function [J/m3 K]

Ck Parameter in the conductivity function [W/m K]

cp Specific heat capacity [J/kg K]

Cv Lubricant volumetric heat capacity [J/Km3]

D Bearing outside diameter [mm]

d Bearing bore diameter [mm]

DF Fragility parameter in the VTF equation

dm Bearing pitch diameter [mm]

dT Temperature difference across coating [K]

E′ Effective elastic modulus,E′ = 2[(1−v2
1)/E1+(1−v2

2)/E2]
−1

Ei Youngs modulus [GPa]

F Load [N]

Fr Radial bearing load [N]

G Effective shear modulus [Pa]

g Thermodynamic interaction parameter

GR Material modulus associated withλ at the reference state,TR, p = 0
[Pa]

Grr Geometric and load dependent variable for rolling frictional moment

Gsl Geometric and load dependent variable for sliding frictional moment

H Hersey number

Hv Gear loss factor

hcen Hamrock and Dowson central film thickness [m]

hmin Hamrock and Dowson minimum film thickness [m]

i Gear ratio



K Consistency [Pans]

k Thermal conductivity [W/mK]

K
′

0 Pressure rate of change of isothermal bulk modulus atp = 0

kB Boltzmann constant = 1.380622 x 10−23 [J/K]

K00 K0 at zero absolute temperature [Pa]

K0 Isothermal bulk modulus atp = 0 [Pa]

Krs Replenishment/starvation constant

Kz Bearing type related geometric constant

L Dimensionless material parameterL = G(2U)0.25

M Molecular weight [kg/kmol]

m Parameter in the heat capacity function [J/m3 K]

M1 Dimensionless (One dimensional) load parameterM1 =W1(2U)−0.5

Mrr Rolling frictional moment [Nmm]

Msl Sliding frictional moment [Nmm]

N Number of flow units in the Ree-Eyring equation

n Power law exponent

p Pressure [Pa]

Pg Glass transition pressure [Pa]

Ph Hertzian pressure [Pa]

Pl Total gear power loss [W]

Pm Gear mesh power loss [W]

Pt Total transmitted power [W]

Pbl Load dependent bearing power loss [W]

Pnl Load independent gear power loss [W]



Q Invard heat flux [W/m2]

q Coefficient in the dimensionless conductivity scaling parameter

qt Heat transfer [W]

R Ball radius [m]

R1 Geometric constant for rolling frictional moment

Rg Universal gas constant = 8314.34 [m3/kmol/K]

Rx Effective radius [m]

S Slide to roll ratio

s Exponent in the conductivity scaling model

S1 Geometric constant for sliding frictional moment

Sa Arithmetic average of absolute roughness [m]

Sn Slip numberSn = Ur/Ue

Sq Root mean square roughness [m]

Sqc Root mean square combined roughness [m]

SRR Slide to roll ratio

T Temperature [K]

t Time [s]

T0 Initial temperature [◦C]

tc Contact time [s]

Tg Glass transition temperature [K]

TR Reference temperature [K]

T∞ Divergence temperature [K]

U Dimensionless speed parameterU = Ueη0/E′Rx

Ub Surface velocity of ball [m/s]



Ud Surface velocity of disc [m/s]

Ue Mean entrainment speed [m/s]

Ui Surface velocity [m/s]

Ur Surface velocity of rough surface [m/s]

V Volume [m3]

V0 Volume atp = 0 [m3]

vi Poisson’s ratio

Vm Molecular volume [m3]

VR Volume at reference state,TR, p = 0 [m3]

w′ Contact load, 1d-geometry [Nm]

W1 Dimensionless load parameter 1d-geometry (line contact),W1 =w′/(E′Rx)

Wf Friction power [W]

Wi Weissenberg number

Wq Heat source [W/m3]

x Cross film position [m]

z Number of gear teeth

Z1 Viscosity-pressure index

Acronyms

AISI American Iron & Steel Institute

AW Anti Wear

COF Coefficient Of Friction

DIN Deutsches Institut für Normung

DLC Diamond Like Carbon

EHD Elasto Hydrodynamic



EHL Elasto Hydrodynamic Lubrication

EOS Equation Of State

EP Extreme Pressure

FOV Field Of View

FZG Forschungsstelle für Zahnräder und Getriebebau

HL Hydrodynamic Lubrication

HRC Rockwell Hardness

MoDTC Molybdenum DiThio Carbamates

MTM Mini Traction Machine

OWRK Owens-Wend-Rabel-Kaelbe

PACVD Plasma Assisted Chemical Vapour Deposition

PAO Poly Alpha Olefin

PECVD Plasma Enhanced Chemical Vapour Deposition

PVD Physical Vapour Deposition

RMS Root Mean Square

SRR Slide to Roll Ratio

SSF Swedish Foundation for Strategic Research

TEHL Thermal Elasto Hydrodynamic Lubrication

VI Viscosity Index

VTF Vogel, Tammann and Fulcher

WAM Wedeven Associates Machine

WLF William-Landel-Ferry

ZDDP Zinc DialkylDithioPhosphate
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Chapter 1

Introduction

Lubrication is vital for most modern machine components to work properly,
be efficient and have a satisfactory service life. The use of lubricants is how-
ever not a new phenomenon connected to machines of today and the industrial
revolution. In ancient times, people found that animal fat,olive oil or other
materials placed between two objects rubbing against each other often would
reduce the force required to keep them in motion. In principle, the lubricant,
be it a solid or a liquid, creates a film of easily sheared material between the
surfaces that reduces friction, and often also wear.

An important finding in the field of lubrication was made in 1883 by
Beuchamp Tower [1] where he found a pressure build up in the lubricant in
his test rig for journal bearings. The explanation came onlya few years after
this discovery. Osborne Reynolds [2] managed to use a reduced form of the
Navier-Stokes equations and the continuity equation to generate a second order
differential equation for the pressure in a narrow converging gap between two
surfaces. A pressurized lubricant film could partially or totally carry a load
between two surfaces and thereby significantly reduce the wear and friction
between the surfaces in motion. This is the fundamental lubrication principle
of many of todays most important machine components such as gears, bearings
and cam followers.

Today, with increasing demands on industry to reduce energyconsumption
and emissions, the strive to increase the efficiency of machine components is
maybe bigger than ever. This PhD thesis focus on friction in elastohydrody-
namic lubrication (EHL), found in, among others, gears, bearings and cam
followers. Friction in such contacts is governed by a complex interaction of
material, surface and lubricant parameters as well as operating conditions. In
this work, it is shown how friction varies over a wide range ofrunning condi-
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34 Chapter 1. Introduction

tions when changing parameters like lubricant viscosity, base oil type, surface
roughness and lubricant temperature. Different friction regimes is used to ex-
plain the frictional behaviour in a system when varying running conditions.
Furthermore, a methodology is introduced where measurements in a boll-on-
disc machine are used to predict friction in an actual spur gear contact.

Numerical modeling of elastohydrodynamic (EHD) friction and film thick-
ness are important for increased understanding of the field of EHL. Due to the
high pressure and shear normally found in EHD contacts, it iscrucial that ap-
propriate rheological models are used. In this work, a numerical model was
used to predict friction coefficients through the use of lubricant transport prop-
erties, and compared to experimental measurements. This numerical model
use some of the most well founded rheological models and no tuning of the
lubricant properties, model and test setup was applied.

Moreover, this thesis show the effect of DLC (diamond like carbon) coat-
ings on EHD friction in a series of experiments. The effect ofcoating both,
or only one of the contacting bodies is investigated as well as the effect of the
coating thickness. The experimental results together withnumerical simula-
tion are used to investigate the friction reducing mechanism of DLC coatings.
A new mechanism of friction reduction through thermal insulation is proposed
as an alternative to the current hypothesis of solid-liquidslip.

This thesis is divided into two parts. Part I, the comprehensive summary,
contains an introduction to the field of EHL including the EHDcontact, lu-
brication regimes, lubricant rheology, EHL in machine components, coating
technology etc as a foundation for the reader to better understand the research
presented in subsequent chapters. Part I also contains a summary of the re-
search performed that has led to the writing of this thesis. Part II, appended
papers, contains the articles that have been the result of this research project.
The articles hold detailed information that is not always discussed at length in
part I.



Chapter 2

Elastohydrodynamic
lubrication

Lubrication is vital in most modern machinery. Without lubrication, most of
todays inventions involving moving parts in relative contact would simply not
work, or only be able to operate at limited times at very low efficiency due to
high friction coefficients and wear rates. Lubricants, either solids or liquids
(in some cases even gases) are used to create a layer of easilyshared mate-
rial between the surfaces in relative motion in machine components to reduce
friction and wear. In addition to the friction and wear reducing capabilities of
liquid lubricants they are also often used to cool components, and to remove
debris and contaminants from the contact. In this work mainly liquid lubri-
cation is considered, and the following sections explain the fundamentals of
elastohydrodynamic lubrication (EHL).

2.1 Conformal and non-conformal contacts

In a simplistic way of viewing two surfaces in contact, a distinction can be
made between conformal and non-conformal contacts. Figure2.1 pictures one
conformal, and one non-conformal contact. In case of a conformal contact
the surfaces of the two contacting bodies fit well into each other geometrically
in the way that the apparent area of contact is large, and thatthe load is dis-
tributed over a large contact area compared to the thicknessof the lubricant
film. Journal bearings and slider bearings are examples of conformal contacts
where the load is carried over a relatively large area and theload carrying area
remains almost constant when the load is increased. In journal bearings the
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36 Chapter 2. Elastohydrodynamic lubrication

radial clearance between journal and sleeve is typically around one thousandth
of the journal diameter [3]. In case of non-conformal contacts the two con-
tacting bodies do not fit well into each other and the load between the bodies
is carried by a relatively small area. Furthermore, the lubrication area in a
non-conformal contact generally increases considerably with increasing load.
Even so, since the contact area is relatively small the contact pressure increases
substantially with increased loads. Many common machine components have
non-conformal contacts, such as gears, roller bearings andcam followers.

Figure 2.1: Conformal and non-conformal contacts.

Johnson [4] divided lubrication of non-conformal contactsinto regimes by
the influence of pressure on the elastic deformation of the solid bodies, and the
influence of pressure on the viscosity of the lubricant. Fourdifferent regimes
were identified:

1. Iso-viscous rigid: In this regime the pressure generated in the film is
too low to substantially alter the viscosity of the lubricant or change the
geometry of the solid bodies relative to the thickness of thefilm.

2. Piezo-viscous rigid:The piezo-viscous rigid regime is reached when
the pressure in the fluid film is high enough to substantially increase the
viscosity of the lubricant, but at the same time not high enough to change
the shape of the solid bodies.

3. Iso-viscous elastic:The pressure in the fluid film is not affecting the
viscosity of the lubricant, but is changing the shape of the solid bodies.
This regime is often found in systems where the solid bodies are made of
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materials with low elastic modulus, and possibly also when the viscos-
ity of the lubricant is very insensitive to pressure. This regime is often
referred to as soft EHL, and is for instance encountered in the hip joint
in the human body, and in an elastomeric seal.

4. Piezo-viscous elastic:Many common machine components such as gears
and rolling bearings operate in the piezo-viscous elastic regime where
the pressure in the fluid film is high enough to significantly affect both
the viscosity of the lubricant, and the shape of the solid bodies. This is
often referred to as hard EHL.

Johnson also suggested parameters that would show what kindof lubrication
regime that was encountered in a particular case, a work thatwas later contin-
ued by Hooke [5]. Although non-conformal contacts can have many different
kinds of geometries there are three specific cases that are mostly used in re-
search for more simplistic type of experimental or numerical investigations.
Two rigid cylinders with parallel axes, or a cylinder on a plane will form a
contact patch known as a line contact, which will expand to a rectangle when
load is applied on the elastic bodies. A sphere on a plane, a sphere on a sphere
or two cylinders with identical radii and perpendicular axes will form what
is known as a point contact, and will expand to a circular contact when load
is applied. Finally, an elliptical point contact that will expand to an elliptical
contact patch is formed by a sphere on a cylinder or by crownedrollers where
the radius around the symmetry axis differs from the crown radius.

2.2 Hydrodynamic and Elastohydrodynamic Lubrica-
tion

Hydrodynamic lubrication generally occurs in conformal contacts through a
positive pressure build-up in the fluid film due to a converging gap, where
fluid is dragged in and pressurized. The pressurized film creates the possibility
to apply a load which is carried by the fluid film, a technique that is utilized
in journal and thrust bearings. The pressure range of this type of bearings
is usually between 1 and 5 MPa, and is thus not generally enough to cause
significant elastic deformation of the surface materials.

Non-conformal contacts are often associated with elastohydrodynamic lu-
brication where elastic deformation of the surfaces becomes significant. The
maximum pressure in machine components operating in EHL is typically be-
tween 0.5 and 4 GPa, and the minimum film thickness is normallyless than 1
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µm [3]. The reason that machine components operating in EHL can manage
to carry the load in such a small lubricated area without suffering catastrophic
wear is mainly contributed to two effects. Many lubricants express a near
exponential increase in viscosity with pressure that increases load carrying ca-
pacity and keeps the lubricant from flowing out of the contact. For organic
liquids the viscosity is roughly doubled for every increaseof 0.05 GPa in pres-
sure [6]. Secondly, the elastic deformation in EHL machine components is
usually several orders of magnitude greater than the minimum film thickness.
This elastic deformation leads to an increased contact area, and creates a gap
for the lubricant to pass through.

2.3 The EHD contact

In Fig. 2.2 a principal (piezo-viscous elastic) EHD contactis depicted. In this
case two cylinders are loaded against each other in the presence of a lubricant
forming a flat and narrow contact. The actual film pressure is marked in blue in
comparison to the Hertz analytical dry contact pressure in black. The pressures
are similar except in the outlet zone where the actual film pressure has a spike
in connection to the restriction in the outlet of the contact. Since the pressure
profiles are so similar the Hertzian theory is often used to calculate pressure
distributions in EHD contacts.

The flow profiles at three positions of the contact is also shown in the
bottom of Fig. 2.2. The flow has two components, Couette flow, or surface
driven flow, and Poiseuille flow, or pressure driven flow. The Poiseuille flow is
significantly larger near the inlet and the outlet of the contact due to the high
pressure gradients. The Poiseuille flow is also counteracting the Couette flow
in the inlet of the contact while being in the same direction in the outlet. Due to
continuity requirements, the total flow must be the same at all positions in the
contact. To keep flow continuity, a closing gap and an abrupt rise in pressure
is a must to counteract the increase in flow that would otherwise occur in the
outlet with the steep pressure gradient [3]. As a consequence, the entrained
amount of lubricant controls the film thickness both in the central part of the
contact, and in the closing gap.

U1 andU2 are the surface velocities of the two bodies. It is this motion
that drags, or entrains the lubricant into the contact, creating the surface driven
flow, and is thus one of the most important parameters for the film thickness
inside the contact. The combined motion that entrains the lubricant into the
contact is usually defined as the entrainment speed:
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Figure 2.2: Principal sketch of EHD contact.

Ue =
U1+U2

2
(2.1)

The film thickness is in most cases defined in the centre of the contact,hc and
in the constriction where the minimum film thickness occurs,hmin. Several
simple equations for calculations of film thickness in EHD contacts have been
proposed during the years of research on EHL. One of the most famous is
the Hamrock and Dowson equation for elliptical contacts. For minimum film
thickness, this equation can be written as:

Hmin = 3.63R0.47
x U0.68

e η0.49
0 E′−0.12α0.49w−0.073(1−e−0,068k) (2.2)

whereRx is the effective radius,Ue the entrainment speed,η0 the viscosity,
α the pressure-viscosity coefficient,w the load andk the ellipticity parameter.
While this equation will only give an approximation of the film thickness under
certain fairly limited conditions, the equations gives some clues about which
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parameters that are most important for the film thickness. Entrainment speed
and viscosity are by far the most influential parameters on film thickness, while
the load has much less influence. Since temperature has a great impact on
lubricant viscosity it will thus have a large influence on thefilm thickness.
The pressure-viscosity coefficientα does also have a big influence on film
thickness, and will be discussed in more detail in chapter 2.5.3.

If the surface velocitiesU1 andU2 are the same, the system is said to be
in a state of pure rolling. In this state, only the Poiseuilleflow will cause
shear forces to act on the lubricant, and the generated friction forces will be
very small. However, as soon as there is a difference in velocity between the
surfaces, additional shear forces will occur which may giverise to substantially
higher friction. The amount of rolling to sliding in an EHD contact is usually
described as the slide to roll ratio (SRR), commonly defined as:

SRR=
U1−U2

Ue
(2.3)

where the output is a number between 0 and 2. Sometimes, sliding is also ex-
pressed as slip, and in this case, 200% of slip equals 2.0 in slide to roll ratio.
In the case of SRR = 2.0 or 200% slip, one of the surfaces will bestation-
ary and there will be a pure sliding condition. Note that the film thickness
formula above, eq. 2.2, does not take slide to roll ratio intoaccount while
it certainly has an effect on film thickness due to shear heating, and possibly
also shear thinning of the lubricant. Correction formulas for shear heating and
shear thinning are discussed in section 2.4.1 and shear thinning is disussed in
more detail in section 2.5.5.

The viscous friction generated in an EHD contact is governedby the ef-
fective viscosity in the Hertz zone of the contact. The viscosity is strongly
related to pressure, temperature and shear rate in a rather complicated manner.
Lubricant rheology is therefore of utmost importance for EHD friction, and is
discussed in section 2.5.

Another important aspect of the EHD contact is the relative independence
between the inlet zone, and the central region of the contactthat would be in
contact if the liquid was not present, usually called the Hertz zone. The con-
ditions of the lubricant in the inlet zone, the region of the conjunction before
the Hertz zone, is mostly determining the film thickness. In the inlet zone, the
pressure is slowly increasing from atmospheric to approximately 150 MPa [7],
and the film thickness is governed by the viscosity of the lubricant over this
pressure range, which will determine the quantity of lubricant entrained. As
will be discussed in more detail in section 2.5.5 the relatively low strain rate in
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the inlet will lead to a Newtonian behaviour of most base fluids. Once the lu-
bricant is entrained, the film is so thin that it is forced through the contact with
negligible side-flow, and the properties of the lubricant inthis high pressure
state has no effect on film thickness.

In the Hertz zone, the friction forces are transferred across the film, and
dependent on the high pressure properties of the lubricant and the shear forces
induced by the amount of sliding in the contact. The high pressure in combina-
tion with sliding gives rise to higher strain rates, and non-Newtonian behaviour
of the fluid.

For instance, the decoupling of the inlet zone, and the Hertzzone means
that viscous heating inside of the Hertz zone will influence friction, but not
effect the film thickness unless the temperature is also increased in the inlet
zone.

2.4 Lubrication regimes

Ideally, both hydrodynamic and elastohydrodynamic systems are running with
a fluid film that is so thick that there is no contact at all between the solids of
the mating surfaces. A system operating under these conditions experiences
virtually no wear at all, and the friction coefficients are generally low, and
only attributed to shearing of the lubricant. However, if lubricated machine
components are running at too low speeds or having too high contact pressure,
the lubricant film will be penetrated by the asperities of thecontacting bodies.
Surface finishing plays an important role here since smoother surfaces will
allow for higher loads or lower speeds without the asperities breaking the fluid
film. A common approach is to divide a lubricated system into three regimes;
boundary lubrication, mixed lubrication and full film lubrication.

1. Boundary lubrication:Boundary lubrication is characterized by asperity
interactions carrying all the contact load. In this regime the effect of
lubricant bulk properties is almost negligible. The contact friction and
wear performance are governed by physical and chemical properties of
thin lubricating films formed on the surfaces in combinationwith the
properties of the bulk material or surface coatings. Lubricants usually
contain additives that are engineered to react with the surface physically
and/or chemically to produce boundary films to reduce friction and wear
in a situation of fluid film breakdown.

2. Mixed lubrication: In mixed lubrication, or partial (elasto) hydrody-
namic lubrication, the contact load is carried by both asperity interac-
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tion, and hydrodynamic or elastohydrodynamic effects. Depending on
running conditions the coefficient of friction in the mixed lubrication
regime can vary over a wide span depending on how much of the load
that is carried by asperity interactions and hydrodynamic action respec-
tively. Since there are varying degrees of asperity interaction, chemical
effects of the lubricant and properties of the bulk materialor coating are
still important.

3. Full film lubrication: When there is no asperity interaction between the
surfaces, the full film regime has been entered, and the contact load is
totally carried by hydrodynamic effects. Friction in this regime is mainly
governed by lubricant properties, but also on the thermal properties of
the solids and/or surface coatings, as will be discussed in Chapter 6. The
full film lubrication regime is the main area of interest in this thesis.

2.4.1 The film parameter

Historically, a common way to judge which lubrication regime a system is
running in is by use of the film parameter,Λ f . This dimensionless parameter
is the ratio of the film thickness to the surface roughness.

Λ f =
hmin

√

S2
q1+S2

q2

(2.4)

wherehmin is the minimum film thickness, andSq is the composite surface
roughness. A general rule of thumb is that whenΛ f < 1 the system is run-
ning in boundary lubrication, and 1< λ f < 3 is the mixed lubrication regime,
whereasΛ f > 3 is the full film regime [8].

Furthermore, another use of the film parameter can be found ina paper
from 1982, where Bair and Winer [9] present experimental evidence of the
presence of three regimes of traction in a concentrated contact. Tests were con-
ducted in a rolling contact simulator by varying lubricant,temperature, rolling
speed, load and surface roughness while holding a constant slide to roll ratio.
They proposed that whenΛ f < 1.0 the traction coefficient is mainly attributed
to the shear properties of the lubricant adsorbed on the mating surfaces. The
asperity interactions are quite severe at these low lambda values, and thus fit
the classification of boundary lubrication. Furthermore, if 1.0< Λ f < 10, Bair
and Winer propose that the film thickness and the combined roughness are of
comparable magnitude, the traction will be determined by the bulk properties
of the lubricant, and by the shear properties of the lubricant adsorbed on the
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surfaces in local asperity contacts. This is an example of mixed lubrication
or micro-EHL. Finally, whenΛ f > 10, the film thickness is greater than the
surface roughness, the traction coefficient will be governed only by the bulk
rheological properties and running conditions.

In addition to the somewhat confusing use of different lambda parameters
in the literature, there are some limitations in the film parameter theory as a
whole. Firstly, the film parameter depends on the correct calculation of the
film thickness, and most quick methods to calculate film thickness, for exam-
ple the empirical expression for isothermal film thickness derived by Hamrock
and Dowson [3] only gives an approximation of the film thickness. The ac-
curacy of the prediction depends on, among other things, running conditions
and lubricant properties. For instance, in case of higher amounts of sliding,
thermal heating is influencing the lubricant, which becomesthinner than the
isothermal prediction. To compensate for this effect, there are thermal cor-
rection factors proposed, by among others Gupta [10] and Hsuand Lee [11],
that multiplied with the isothermal film thickness gives thethermally corrected
film thickness. Furthermore, shear thinning, that is discussed in section 2.5.5
may also take place in the inlet of the contact, even in cases of low sliding,
thus reducing the film thickness. Several authors have proposed correction
factors for shear thinning [12–16]. However, all of these correction factors are
approximations, only valid within certain boundaries.

Secondly, another source of error is the surface roughness measurements.
When a surface is measured with an optical profilometer or a stylus profilome-
ter, the results may not perfectly reproduce the original surface depending on
the software, limitations of the optics, and size of the stylus. Therefore, the
results given by one profilometer can differ quite significantly from what you
get from another profilometer measuring the exact same sample [17].

2.4.2 Amplitude reduction

Another objection against the film parameter is the fact thatmany modern
elastohydrodynamically lubricated machine components are operating with a
lambda ratio less than 1 without showing any signs of problems [18]. At first
it seems strange that machines operating without problems have film thick-
nesses lower than the composite roughness. The explanationis that the actual
roughness inside the EHD contact is lower than the roughnessmeasured out-
side of the contact, and therefore full film lubrication can be maintained even
if the lambda ratio is less than 1. The surface roughness is flattened inside
the contact due to surface deformation and flow of the pressurized and there-
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fore highly viscous lubricant. Morales-Espejel and Greenwood [19] showed in
an analytical investigation that film formation in line contacts with transversal
roughness can be attributed to two effects. The first effect is dominating in
rolling contacts where the asperities are largely deformedwhen they enter the
EHD contact region. The other effect becomes more importantwhen sliding is
introduced in the contact. The film formation is dependent onthe entrainment
of lubricant in the contact, which means the mean velocity ofthe surfaces. In
case of sliding, the surfaces will move with different velocities, and due to
the roughness of the surfaces, the entrainment of lubricantwill be fluctuating.
When a valley enters the contact, much more lubricant is entrained compared
to when an asperity enters the contact, and the result is a fluctuating entrain-
ment that causes a film thickness variation moving with the mean velocity. As
a consequence, the asperities move with a different speed than the film thick-
ness fluctuations it causes, a fact that makes rough surface EHL analyses more
complex requiring transient solutions of the coupled EHD equations.

The effect of asperity flattening in rough surface EHL has been studied by
Lubrecht and Venner [20–22]. They studied the behaviour of asimple case
with a sinusoidal waviness represented by two parameters, the wavelengthλx,
and an undeformed amplitudeAi. Ad represents the deformed amplitude. For
rolling/sliding line contacts the expression is:

Ad

Ai
=

1

1+0.125∇̃1+0.04∇̃1
2 (2.5)

where
∇̃1 = ∇1/

√

Sn = (λx/b)(M3/4
1 /L1/2)/

√

Sn (2.6)

and∇1 is the dimensionless (one dimensional) wavelength parameter, Sn the
slip number,λx the waviness wavelength,b the half-width of Hertzian con-
tact,M1 the dimensionless materials parameter andL the dimensionless load
parameter.

The slip number is defined as the ratio between the velocity ofthe rough
surface and the mean entrainment velocity:

Sn =Ur/Ue (2.7)

This implies that one of the surfaces is expected to be smooth, whereas the
other one is rough. Figure 2.3 shows the ratioAd/Ai versus∇̃1. One conclu-
sion is that short wavelengths are hardly deformed, while long wavelengths are
almost completely deformed. However, what are short and long wavelengths,
and thus also the degree of deformation is also dependent on operating condi-
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tions. If the roughness of a real surface is dominated by one wavelength this
method could be used to calculate the in contact roughness and thus be used to
calculate a more accurate film parameter.

In essence, this means that it is difficult to accurately predict the transi-
tion from full film to mixed lubrication due to several factors: film thickness
calculations are approximative, as are surface roughness measurements, and
the topography inside of the contact are compressed differently depending on
roughness wavelength and operating conditions. For this reason, many exper-
iments have been conducted with resistive techniques to detect the transition
from mixed to full film lubrication [23–25]. The equipment needed for the re-
sistive measurements is not fitted to all test rigs and may be difficult to install
for different machines, but offers a more precise indication than calculations.

Figure 2.3: Ratio between the amplitudes of deformed and initial roughness
versus wavelength parameter [22].

2.4.3 The Stribeck curve

A popular way of showing the regimes of lubrication is the Stribeck curve, first
presented by Stribeck in 1902 [26]. The y-axis is the coefficient of friction and
the x-axis is a dimensionless number, often referred to as the Hersey number
given by:
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H =
ηω
p

(2.8)

whereη is the absolute viscosity,ω the rotational speed andp the pressure.

Figure 2.4: Stribeck curve, the effect on Hersey number (ηω/p) on coefficient
of friction.

Figure 2.4 shows a typical Stribeck curve with the differentregimes of
lubrication. Generally a small Hersey number indicates a thin lubricant film,
and consequently a high Hersey number indicates a thick lubricant film. For
that reason, it is possible to find many different Stribeck like curves in liter-
ature with a variety of parameters on the x-axis, such as entrainment speed,
rotational speed and film thickness. The smallest Hersey numbers represent
the boundary lubrication regime, usually representing a coefficient of friction
of about 0.1. This is just a general value, and depending on the materials of
the mating surfaces and the properties of the lubricant thisvalue can be both
higher and lower. When the Hersey number increases a rapid decrease in fric-
tion coefficient can be observed when a transition is made from the boundary
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lubrication regime to the mixed lubrication regime. The explanation for this
rapid decrease in friction coefficient is that a larger part of the load is carried by
hydrodynamic action with increasing film thickness. The lowest value of the
friction coefficient usually marks the transition from mixed to full film lubri-
cation where the fluid film is just thick enough to avoid asperity collisions. A
minor increase in friction coefficient with respect to increased Hersey number
in the full film region is usually found in the Stribeck curves. This effect is at-
tributed to increased viscous losses in certain bearing types, especially journal
bearings which was presented in the work of Stribeck. For machine compo-
nents operating in EHL the curve may look a bit different witha coefficient
of friction not increasing in the full film regime due to higher pressures and
different thermal conditions.

2.5 Lubricant rheology

This section is written as an introduction to the rheological phenomena acting
as a prerequisite for the function of machine components working in EHL,
and secondly governs viscous friction generation. The section covers both the
principles of rheology, and some examples of how this has been modeled over
the years. This section should not be seen as a complete guideof rheology, and
for a more thorough review of high pressure rheology the reader is referred
to other sources such as Bair’s book on high pressure rheology [6] and later
review papers [27, 28]. One should keep in mind when reading this section,
that friction in an EHD contact is mainly governed by the viscosity in the
Hertz zone of the contact. The viscosity is strongly dependent on pressure,
temperature and shear rate. The understanding of rheology,and the use of
proper models to model rheological behaviour is therefore crucial for accurate
predictions of EHD friction.

2.5.1 Lubricant transport properties

Transport processes concerns the transport of mass, energyor momentum from
one region of a material to another under the influence of composition, tem-
perature and/or velocity gradients [29]. If we consider a material volume iso-
lated from its surroundings where chemical composition, temperature or veloc-
ity vary within the volume, transport processes acts to render these quantities
uniform throughout the material. The non-uniform state required to generate
these transport processes causes them to be known as non-equilibrium pro-
cesses. They do not reflect what happens at equilibrium, but the rate at which
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equilibrium is reached. For any given gradient of a quantitysuch as temper-
ature or velocity, the equilibrium after isolation from thesurroundings occurs
through transport processes and its rate depends on the properties of the ma-
terial known as transport properties. There are several transport properties,
but the most important ones are viscosity, thermal conductivity and diffusivity,
that are connected to transport of momentum, energy and massrespectively.
As will be described throughout the following sections, especially viscosity,
but also the thermal conductivity of lubricants are very important for the func-
tion and performance in EHL. Diffusivity has a minor influence in EHL and
will therefore not be discussed at all.

2.5.2 Temperature-Viscosity relationship

The fact that viscosity tends to decrease with increasing temperature has been
observed first-hand by most people, for instance when cooking oils tend to
float more freely at higher temperatures or that the effort toshift gears with
a manual transmission is increased at lower temperature. The viscosity is of
high importance for both friction and film thickness in EHD applications. The
viscosity index (VI), is a measure of how much the viscosity of a particular
lubricant is changed with temperature. A high VI means a small change in
viscosity with temperature, while a low VI means a large change in viscosity
with temperature. It is generally desirable to have a lubricant with a high VI.
The temperature-viscosity coefficient,β, is a measure of how much viscosity
changes with temperature and is dependent on both temperature and pressure.
In general,β will increase with pressure, with the exception of low pressure
and high temperature [6]. A common model for the temperature-viscosity re-
lationship in the field of EHL is the Vogel, Tammann and Fulcher (VTF) equa-
tion [30]:

µ= µ∞exp
DFT∞

T −T∞
(2.9)

whereµ is the viscosity,µ∞ is the viscosity extrapolated to infinite tempera-
ture,DF the fragility parameter andT∞ the Vogel temperature, the temperature
at which the viscosity diverges. Some of these parameters are discussed in
more detail in section 2.5.8. The temperature-viscosity coefficient for the VTF
equation is then given by:

β =
DFT∞

(T −T∞)2 (2.10)
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2.5.3 Pressure-Viscosity relationship

Many fluids exhibits piezo-viscous properties, which meansthat the viscosity
is coupled to the pressure the fluid is subjected to. Without the increase in
viscosity with pressure many machine components like gears, roller bearings
and cam followers would not work properly since the lubricant film would
not be able to partly or totally carry the load. It is found that the increase in
viscosity with pressure of the lubricant is nearly exponential. However, not
all liquids possess this property. While most organic liquids doubles in vis-
cosity for every 0.05 GPa increase in pressure, liquid metals have much less
sensitivity to pressure and doubles about every 3 GPa. For other liquids that
expands on freezing, such as water and gallium, the viscosity could actually
reduce with pressure for conditions close to the melting temperature [6]. The
pressure-viscosity relationship is of great importance for EHL and has there-
fore been the topic of many authors. In 1882-1893 Barus published a series
of papers [31] where he reported a viscosity increase with pressure of solid
marine glue that he described with a linear model:

η = η0(1+αp) (2.11)

whereη0 is the absolute viscosity,α the pressure-viscosity coefficient andp
the pressure. In 1916 Hersey [32] used Barus linear equationto describe the
increase of viscosity for two different oils up to 20 MPa. However, in con-
secutive measurements up to 50 MPa he found a faster then linear increase in
viscosity.

In 1926, Bridgman [33] was able to perform measurements of viscosity
up to 1.2 GPa of pressure and could observe a close to exponential behaviour.
The exponential form of the pressure-viscosity relationship below has been
used extensively in the literature discussing EHL and is often referred to as the
Barus equation, even though Barus as explained above proposed a linear model
in his work. It is not clear when the exponential model was first proposed:

η = η0eαp (2.12)

Another commonly used relationship for the pressure-viscosity relationship
were proposed by Roelands. Between 1963 to 1966 he presentedthree differ-
ent models [34, 35]. It is mainly the third model that has beenused in EHL
literature. This model for isothermal cases can be expressed as:
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Table 2.1: Lubricant properties.

Synthetic Superrefined
Fluid designation paraffinic naphthenic
Absolute viscosity @ p=0, 38◦C, η0 [Pas] 4.14 0.0681
Pressure viscosity coefficient @ 38◦C, α 1.77e−8 m2/N 2.51e−8 m2/N
Dimensionless viscosity pressure index @ 38◦C 0.43 0.67

η = η0

(

η∞

η0

)1−(1+p/cp)
Z1

(2.13)

whereZ1 is the viscosity-pressure index, and constantsη∞ = -6.3110−5 Pa s
andcp = 0.1961 GPa. The pressure-viscosity indexZ1 needs to be obtained
for each specific lubricant whereasη∞ and cp are general parameters found
by Roelands to generate reasonably accurate results. It wasalso shown by
Roelands that for most fluids,Z1 is usually independent of temperature up to
about 100 degrees C. Figure 2.5 show pressure-viscosity responses for two
different lubricants expressed with both the pure exponential and Roelands
formulas. The values used as input for the calculation were obtained by Jones
et al. [36] and presented in Table 2.1. Blok [37] found that it is possible to
relate the pressure-viscosity coefficient to pressure-viscosity index by the use
of the following equation:

Z1 =
α

(1/cp)(lnη0− lnη∞)
(2.14)

While it is possible to find specific lubricants where the pureexponential
model or Roelands model are able to predict accurate resultseven at pressures
above 1.0 GPa this is generally not the case. Roelands statedhimself that the
upper limit of his model is roughly 0.5 GPa, that has more recently been dis-
cussed in a paper by Bair [38]. As a consequence, these modelsmay be useful
for predicting the pressure-viscosity behaviour at lower pressure, for instance
in the inlet zone of an EHD contact where the film thickness is mainly gov-
erned. However, these models are probably not suitable for accurate prediction
of the pressure-viscosity behaviour at the high pressure central regions of the
EHD contact where friction is governed. Several other attempts can be found
in literature to describe the pressure-viscosity relationship at higher pressures.
A modified two slope model was utilized by Cioc [39] to avoid overestimation
of the viscosity under heavy loads (high pressures), which was influenced by
the work of Allen [40] in 1973.
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Figure 2.5: Pressure viscosity response for two different lubricants obtained
from Barus and Roelands formulas.

Several attempts have been made to derive empirical based models for the
pressure-viscosity relationship that is generally valid for pressures up to the
maximum Hertzian pressures often found in EHD contacts. Irving and Bar-
low [41], and Bair and Kottke [42] proposed a four respectivefive parameter
empirical model applicable to more realistic EHD pressures. Except requiring
more parameters than equations 2.12 and 2.13, it is not generally clear how
to accurately implement the temperature dependence of viscosity into these
formulations [6].

Another alternative to this are models building on the free volume theory
of viscous flow. The free volume model was used for the pressure-viscosity
relationship at almost the same time as Roelands proposed his model [43] and
is most likely the most widely used model outside the field of EHL [44, 45].
The basic equation of the free volume model was proposed by Doolittle [46] in
an attempt to correlate viscosity of alkanes with temperature at ambient pres-
sure. A few years later, Williamset al. [47] realized that the Doolittle equation
with its abrupt increase in viscosity when the free volume becomes small could
describe the behaviour of lubricants at high viscosities, near the glass transi-
tion. Cohen and Turnbull [48] gave the free volume concept physical meaning
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with their hypothesis that molecular transport occurs whena fluctuation in the
free volume opens up a void greater than the critical size to allow movement
of a molecule into that void. Since the pure Doolittle equation is a volumet-
ric relationship on viscosity it must be used with an appropriate equation of
state such as Tait or Murnaghan and/or a model for the temperature-viscosity
relationship to yield results relevant for EHD contacts. Yasutomiet al. [49]
proposed a correlation derived from the Doolittle free volume equation that
does not need an equation of state, based on a pressure modified version of the
William-Landel-Ferry (WLF) equation [47]. Very recently an improvement
has been proposed with a modified Yasutomi-WLF model that better handles
fluids that present an inflection, and gives a more accurate representation of
viscosity at low pressures [50]. Ref [51] contains Yasutomi-WLF parameters
for a range of different lubricants.

It has been shown in non-equilibrium molecular dynamics simulations
[52, 53] that the repulsive intermolecular potential dominates the transport of
momentum and that if a power law behaviourr−3g is assumed for repulsive
potential, then viscosity must scale asTVg [54]. Whereg is a material con-
stant or a thermodynamic interaction parameter. This parameter is in principle
reflecting the magnitude of the intermolecular forces and thusg will decrease
going from van der Waals fluids to ionic liquids. This Ashurst-Hoover scal-
ing rule was more recently validated for several liquids [54,55]. A convenient
scaling parameter can be written as [56]:

ϕ =

(

T
TR

)(

V
VR

)g

(2.15)

whereϕ is the dimensionless viscosity scaling parameter,TR a reference tem-
perature andVR a reference volume defined atT = TR and in the limit ofp =
0. It is now possible to find a value forg where viscosity data for several dif-
ferent temperatures plotted against the scaling parameterwill fall onto a single
master curve. An accurate scaling function can be obtained from a Vogel like
form [56]:

µ= µ∞exp

(

BFϕ∞

ϕ−ϕ∞

)

(2.16)

whereϕ∞ is the viscosity scaling parameter for unbounded viscosityandBF is
the fragility parameter. It has been shown that this scalingrule is more accu-
rate than the free volume model, without needing more parameters [56]. Very
recently an attempt to relate the normalization ofϕ back to the molecular level
by using molecular volumesVm from theoretical models as scaling parame-
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ters rather thanVR was made [57]. The new formulation with the variableβV

includes both thermodynamic and molecular scaling:

βV =

(

1
T

)(

Vm

V

)g

(2.17)

whereVm is the specific volume of the molecules without the space between
them.

2.5.4 Equation of state

While liquids in many cases can be treated as incompressiblefor calculations
in a variety of engineering applications, this should not beassumed for EHL,
especially due to the high pressures found in these kinds of contacts. With the
assumption of an incompressible liquid, the increase in viscosity with pres-
sure would be lost. A liquid pressurized to 1 GPa at 0◦C may be relatively
compressed by 20% where at the same pressure, the same liquidcould be
compressed by 30% at 200◦C. Furthermore, the volume is compressed at a
non-linear rate. The first half of the total compression at 1 GPa is reached
at a pressure of 1/3 GPa for a temperature of 0◦C and already at 1/4 GPa at
200◦C [6]. The effect of compressibility of the lubricant have been shown to
generally only have minor effects on minimum film thickness [58–60], while
the effect on central film thickness is significant [60, 61]. However, the ef-
fect of compressibility on central film thickness is still minor in comparison
to the effect on film thickness by entrainment speed or viscosity. The central
film thickness is approximately reduced by the amount of the relative compres-
sion [61].

To include compressibility in EHD calculations an equationof state (EOS)
is necessary. This equation relates the volume (or density)to temperature and
pressure. One of the most commonly used EOS for the EHD problem with
compressible lubricants is the Dowson and Higginson isothermal equation of
state [62]. Their equation was obtained from curve fitting data from a mineral
oil at one temperature up to about 350 MPa. The increase of density with
pressure will rapidly level off with increasing pressure, and reach a limit so
that at sufficiently high pressure, the liquid will in principle be incompressible
again. For these reasons, and the fact that it is isothermal,this equation may not
be the most suitable for high pressure EHD, as demonstrated by comparisons
with high pressure measurements in a publication by Bair [28]. Several other
equations of state has been proposed, among others by Jacobson and Vinet [63]
and Ramesh [64].
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The most used EOS in high pressure physics is the isothermal Tait equa-
tion, often considered to be the most accurate for extrapolation to high pres-
sures [65,66]. The Tait equation written for the volume relative to the volume
at ambient pressure:

V
V0

= 1−
1

1+K
′

0

ln

[

1+
p

K0
(1+K

′

0)

]

(2.18)

whereV is the volume,V0 is the volume atp = 0, K0 the bulk modulus,K, at p
= 0 andK

′

0 is the pressure rate of change ofK at p = 0 . The bulk modulus for
the Tait EOS depends on pressure as:

K =

{

1−
1

1+K
′

0

ln

[

1+
p

K0
(1+K

′

0)

]}

[

K0+ p(1+K
′

0)
]

(2.19)

The Tait EOS has been used up to 3 GPa of pressure with good accuracy
[67].

Another isothermal EOS with slightly lower compressibility at high pres-
sures is the Murnaghan equation [68], derived from a linear theory of finite
strain [69].

For an EOS to be most useful for EHD calculations it must include tem-
perature, at least for a limited, but relevant range of temperatures. As most
temperature modifications has been done to the Tait EOS, the descriptions here
will be limited to that equation. It is generally found thatK

′

0 is independent
of temperature [6, 69] and has therefore been assigned an universal value,K

′

0
= 10.2 [70]. However, it should be noted that the universal value were based
on measurements performed by Cutleret al. [70] on a variety of hydrocarbon
liquids, and they found values as low as 9 for light hydrocarbons, and up to 12
for high weight lubricants.

SinceK
′

0 is considered independent of temperature, the effect of tempera-
ture on compressibility for the Tait EOS is therefore entirely governed by the
temperature dependence ofK0. There have been several forms proposed by
different authors [70–72], where the latter, Fakhreddine and Zoller proposed:

K0 = K00exp(−βKT) (2.20)

whereK00 andβK are approximately 9 GPa and 0.006K−1 respectively. This
equation seem to work well for all temperatures [6]. Finally, a relationship
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between the ambient pressure volume and temperature is needed:

V0

VR
= 1+av(T −TR) (2.21)

whereav is the thermal expansivity defined for volume linear with temperature.
Equations 2.18, 2.20 and 2.21 now gives a complete EOS for thecompressibil-
ity of lubricants including temperature dependence.

2.5.5 Non-Newtonian behaviour

In a Newtonian fluid, the relationship between shear stress,τ and shear strain
rate,γ̇, hereafter only called shear rate, is linear:

τ = ηγ̇ (2.22)

However, EHD contacts often experience transient conditions with high pres-
sure variations and high shear rates. During these conditions it is questionable
that the lubricant in general acts in a Newtonian way. One indication of this
is the non-linear friction response seen in experimental testing when friction is
plotted against SRR, as can be seen in Fig. 4.2. A generalizedexample with
specified friction regimes is given in Fig. 2.6.

These figures indicate that the lubricant shear stress is still related to the
shear rate, but not always following a linear relationship.At low slide to roll
ratios (or shear stress), friction is increasing linearly with SRR indicating that
friction is governed by the Newtonian behaviour of the lubricant. At some rate
of shear, friction is starting to increase in a non-linear manner and will at a cer-
tain point reach a limiting value, or stress. In connection to this limiting value,
friction asymptotically reaches a plateau showing little variation with shear
rate before finally starting to decrease with increasing shear rate. The limiting
stress will be discussed in more detail in section 2.5.6 while this section will
cover the non-linear and thermoviscous part of the frictioncurve.

It should be mentioned that at very high pressures and reallylow SRRs,
the friction behaviour is not governed by the linear Newtonian behaviour, but
by another linear effect. It has been found in experimental investigations that
at really low SRRs in a high pressure contact between two rollers, the friction
followed the same linear slope both with and without the lubricant present.
This phenomena has been attributed to the elastic creep of the rollers [73].

The non-linear decrease in viscosity with shear rate is usually called shear
thinning, and is one of the main reasons for the behaviour in the non-linear
friction regime shown in Fig. 2.6. Shear thinning means thatthe viscosity
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Figure 2.7: Typical behaviour of shear thinning lubricant [76].

will decrease with an increase in shear stress. Shear thinning is constitutive
behaviour, which means that the apparent viscosity measured at a particular
shear rate has a specific value independent of history. For example, if the
viscosity is measured following a measurement at higher shear rates the results
will be the same as if the measurement were done after a measurement at a
lower shear rate. Figure 2.7 shows a flow curve for a shear thinning fluid.
Typically the fluid is behaving in a Newtonian manner with a viscosity,µ1,
independent on shear rate. At a certain shear stress, the lubricants viscosity
starts to reduce with increased shear stress. Some lubricants enters a second
Newtonian,µ2 at really high shear rates [16, 74, 75]. It is quite unusual to
observe the first and second Newtonian plateaus in a single experimental flow
curve, and often only an inflection in the curve is seen opposed to the second
plateau.

Shear thinning can be said to occur for a specific liquid when the Weis-
senberg number becomes greater than unity:

Wi = λγ̇ (2.23)

whereγ̇ is the shear rate andλ a relaxation or characteristic time. It has been
shown with non-equilibrium molecular dynamics simulations [77] that this re-
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laxation timeλ, is close to the rotational relaxation time for a molecule. The
Einstein-Debye relation [78] for the rotational relaxation time of a molecule
is:

λEB =
µVm

kBT
(2.24)

whereVm is a molecular volume andkB is the Boltzmann constant. Assuming
that the molecular volume is given by the total liquid volumeper molecule
gives:

Vm =
MKb

ρRg
(2.25)

whereM is the molecular weight,ρ is the mass density andRg is the universal
gas constant. Combining eq. 2.24 and eq. 2.25 gives:

λEB =
µM

ρRgT
(2.26)

This means that the molecular structure of a liquid is strongly connected to
the tendency for shear thinning at a particular shear stress. Low molecular
weight liquids are much less likely to shear thin, especially in the inlet of the
contact, while high molecular weight liquids may shear thinat the inlet even
for contacts in pure rolling [79–82]. A molecular weight of around 2000 g/mol
has been reported as an approximate limit for inlet shear thinning [83].

This poses an interesting problem in multi grade oils where VI improvers
are used to reduce the effect of temperature on viscosity. The VI improvers
are usually high molecular weight polymers that will lead toshear thinning at
much lower shear stress than would be the case for the pure base oil. Shear
thinning in the inlet region may lead to substantially lowerfilm thickness than
calculated using the low shear viscosity.

There are several other events that may give similar effect on viscosity
at increased shear rate, such as slip within the liquid, or atthe solid-liquid
interface, thermal softening, thixotropy, molecular degradation and cavitation.

A thixotropic material has a viscosity dependent on shear rate, but also
time of shear. If such a material is subjected to shear stressthe viscosity is
reduced to a certain degree. If the shear rate is then loweredto the original
value again, it takes a certain time for the viscosity to return to its original
state. Depending on the applied shear rate, going back to theoriginal viscosity
may take hours [84].

In the case of molecular degradation, a permanent loss of viscosity with
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shear is caused by a chemical change in the material [85]. Usually the reduc-
tion in viscosity is due to chemical bonds being broken by theshear forces,
also leading to a lower molecular weight [86]. In this case the viscosity will
not go back to its original state, no matter the time without shear. However,
recent research has shown that the permanent viscosity reduction caused by
shear may only influence the viscosity at low shear stress, while the viscosity
at high shear stress remains unchanged [87].

It has also been shown in experiments in a Couette viscometerwith dimethyl-
silicone oils that cavitation occurs when the shear stress is larger than the pres-
sure [88], thus resulting in a behaviour which is similar to shear thinning.

Thermal softening is a result from viscous heating of the lubricant, where
the temperature increase will lower the viscosity of the lubricant, which in-
evitably will happen at sufficiently high pressures and shear rates. It is only
at very low shear rates that thermal softening can be ignoredin comparison to
shear thinning effects. While this may not pose a problem in EHD contacts in
machine components, it could be problematic for measurements conducted to
investigate the shear dependent viscosity of a lubricant. This also means that
thermal softening is not only present in the thermoviscous regime in Fig. 2.6.
While being the dominant part for the friction behaviour in the thermoviscous
regime, thermal softening is, in many cases also present, tosome extent, in the
other regimes as well. In fact, this can be said to be true for all regimes in Fig.
2.6. Each regime is dominated by either Newtonian, shear thinning, limiting
shear stress or thermal softening behaviour, but many effects could be at play
at the same time. Recently, Habchiet al. [89] published a paper where three
dimensionless numbers were used to identify the friction regimes shown in
Fig. 2.6. This model also makes it possible to see which friction mechanisms,
or regimes that are at play at the same time for a specific set ofconditions.

Models for shear thinning are discussed in section 2.5.7, but it is appropri-
ate to introduce the concept of the limiting shear stress before going into these
models.

2.5.6 Limiting stress

As mentioned in section 2.5.5, it is often observed in traction curves a limit
where the shear stress is no longer increasing with shear rate. It is commonly
believed that this behaviour is due to a limiting shear stress, when the ma-
terial/lubricant is assumed to deform plastically, a concept originating from
Smith in 1960 [90]. This behaviour is most likely the most important part of
friction in EHL, but also one of the least understood. There is controversy
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whether the limiting shear stress exist in the way of plasticyield, or if there is
another phenomena behind. In 1983 Evans and Johnson associated the limiting
shear stress behaviour with shear bands [91] and it has been shown later that
localizations of deformation form bands where the shear stress is much higher
than in the bulk of the liquid that can be looked upon as slip planes [92, 93].
As summarized by Bair: "The observation of shear bands operating at high
shear stress suggests that the rate independent response inEHL traction and
high pressure viscometer measurements is a result of intermittent slip along
bands inclined to the flow direction in a manner similar to theyield behaviour
of some solid polymers" [6]. The shear bands do, maybe surprisingly so, not
occur in line with the flow direction. There are two types of shear bands, one
that is rotated approximately 20 degrees from the flow direction, and the other
one at an angle of approximately 15 degrees from the cross filmdirection. The
explanation for these directions could be found in the Mohr-Coulomb failure
criterion [6]. The orientation of the bands causes an intersection of the shear
band with a solid boundary which means that the shear bands cannot operate
continuously. Therefore, bands form, slip, subsides, and another band forms.
The limiting shear stress is often modeled as dependent on pressure as:

τL = Λp (2.27)

whereτL is the limiting shear stress andΛ is the limiting stress pressure coef-
ficient. Λ can be calculated through the use of internal friction and the Mohr-
Coulomb failure criterion [6] or as much more common, from EHD friction
measurements conducted at high pressures [73, 94, 95]. However, the latter
method has recently been shown to be partly inaccurate sincethe plateau of-
ten observed in high pressure friction curves, and used to deduce the limiting
stress coefficient is not solely determined by the limiting shear stress, but also
shear thinning at the same time [89]. For that reason, limiting shear stress is
most likely better experimentally assessed in a rheometer showing rate inde-
pendent shear stress or limiting shear stress [96]. Furthermore, the assumption
that limiting shear stress is independent of temperature isincorrect since it has
been shown that the limiting shear stress in general decreases with an increase
in temperature [97–99]. The limiting shear stress problem is therefore still not
completely resolved, and is one of the greatest challenges in the field of EHL
in order to make accurate friction predictions.

In addition to the hypothesis of limiting shear stress, another theory that
could explain the phenomena is wall slip, which is also knownas boundary
slip or solid-liquid slip. In this case, the assumption thatthe velocity of the
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liquid at an infinitesimal distance from the solid boundary is equal to the ve-
locity of the solid boundary is violated for shear stress above a certain value.
Boundary slip has been experimentally observed [100–102],also at typical
EHD pressures using various lubricants and solid materials[103–106] where
the authors propose that boundary slip could be an explanation for the limiting
shear stress behaviour, or at least a complement to the limiting shear stress the-
ory. However, all of these studies were made with very smoothsurfaces, below
10 nm, and it has been shown and discussed by several authors that boundary
slip requires very smooth surfaces [101,107–109]. It is therefore questionable
if boundary slip is involved in the rate-independent behaviour found in friction
test with surfaces with engineering roughness of more than 10 nm. Solid-liquid
slip is discussed in more detail in section 2.9.

2.5.7 Models for shear thinning

Several authors have addressed the non-linear behaviour ofviscosity with shear
described in section 2.5.5. One that has had a large impact onthe field of EHL
was Eyring, who 1936 applied his theory of thermally activated reaction rates
to viscous flow, plasticity and diffusion [110]. The result were a number of
empirical equations of which one was the sinh law:

µ=
τe

γ̇
sinh

(

τ
τe

)

(2.28)

whereγ̇ is the shear rate andτe is the so called "Eyring stress" which essentially
is the stress level where a specific lubricant changes from Newtonian to non
Newtonian behaviour. Bair [84] summarized the molecular justification of the
sinh law as: “Both diffusion and viscous shear flow were assumed to result
from a molecule overcoming a potential barrier to jump to an adjacent hole.
For viscous shear, the frequency of jumps in one direction was assisted by
shear stress, and jumps in the opposite direction were retarded by the stress
according to an exponential relationship. The net frequency of the jumps in
the assisted direction was then the difference between exponentials with equal
arguments of opposite sign, hence a hyperbolic sinh law for the shear rate as a
function of shear stress.”

However, Eyring himself explained in subsequent work [111]that he found
equation 2.28 not to be an accurate description of shear-thinning, but instead
of limited use for the description of thixotropy, as discussed shortly in section
2.5.5, which he addressed in a separate paper [112]. Empirical tests performed
a couple of years after Eyring presented equation 2.28 also showed that shear
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thinning follows a power law rather than a sinh law [113]. In fact, it seems that
that the sinh law in practice describes the effect of thermalsoftening rather
than shear thinning [28]. As an answer to the criticism, Ree and Eyring [114,
115] presented a modification to the sinh law. Here, they elaborated that the
molecular motion was the result of jumps fromN individual heterogeneous
flow units of the molecule, each occupyingχi areal fraction and each having a
relaxation time,λi . The Ree-Eyring shear-thinning equation:

τ =
N

∑
i=1

χiτisinh−1(λi γ̇) (2.29)

whereτi = µ/γ̇i . The inclusion of several Eyring stresses,τi made it possible
to use the Ree-Eyring equation to approximate power law behaviour and has
led to successful predictions of both film thickness and friction in EHL [116].
However, Eyring explicitly excluded the case ofN=1 for shear thinning [111]
and for some cases it requires up to five flow units and 10 parameters [117] to
accurately reproduce a power law behaviour for a specific fluid over a limited
range of shear rate.

The molecular mechanics of the Eyring theory have been criticized for be-
ing unsound [118, 119] and it was later shown experimentally[120] and by
molecular dynamics simulations [121] that shear thinning is not the effect of
molecular jumps as described by Eyring, but by molecular alignment. Basi-
cally, shear thinning is the onset of orientational order and the alignment of the
molecules with the flow direction. The alignment angle for alkane for exam-
ple, is typically 45 degrees at very low strain rates but becomes significantly
reduced at higher shear rates. Alkane molecule chains will now align to the
flow direction and the dominant motion will be sliding of chains parallel to the
flow.

In 1965 Tanner [122] presented a generalized Maxwell model for lubrica-
tion:

τ+λm
Dτ

Dt
= η(τ)γ̇ (2.30)

where D/Dt is the convected time derivative andλm is a relaxation time [83].
Equation 2.30 is however time dependent and not a generalized Newtonian
model with the exception of theη(τ) expression. Tanner used a power-law
form for this expression:

η(τ) = K(τ)1−(1/n) (2.31)
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whereK is the consistency andn is the power law exponent. Equation 2.31,
known as the Ostwald-de Waele equation [123] can not describe the linear
Newtonian behaviour for liquids at low shear rate (stress),but it is proven to
be realistic for larger values. Tanner’s model has been usedin several traction
studies, and is usually attributed to a paper by Johnson and Tevaarwerk [124]
in 1977. However, in their paper, the nonlinear viscous function is based on
the sinh law instead of a power law.

The power law behaviour described by the Ostwald de Waele equation is
a limiting high shear behaviour, and has been used in numerous viscosity-
stress functions. One of the most famous is the (double Newtonian) Carreau
equation [125]:

η = µ2+
µ−µ2

[1+(λγ̇)2](1−n)/2
(2.32)

whereµ2 is the second Newtonian viscosity. The second Newtonian viscosity
is sometimes seen as a plateau in the viscosity, measured as afunction of rate
or stress. In most cases, the plateau is not fully developed in the measurement
range, but an inflection can be seen that to some extent definesthe second
Newtonian. In case that no second Newtonian is present, the Carreau equation
is reduced to the single Newtonian form:

η =
µ

[1+(λγ̇)2](1−n)/2
(2.33)

A more general form of the Carreau equation is the Carreau-Yasuda form:

η = µ2+
µ−µ2

[1+(λγ̇)a](1−n)/a
(2.34)

wherea is the Yasuda parameter, and controls the breadth of the transition from
Newtonian to power-law behaviour. A small value ofa gives a wide transition
and indicates a wide distribution of molecular weight. Setting a = 2 gives
the original Carreau form, and is typical for monodisperse liquids. Setting
a = 1− n yields the Cross equation [126]. For additional power law models
the reader is referred elsewhere [6]. Carreau parameters for numerous liquids
of different kinds can be found in [127].

At the present, the power law exponent,n can only be obtained through
experiments or molecular dynamics simulations [128] sinceno theory exists to
accurately relaten to structure [83]. The characteristic time,λ may be written
as a Maxwell relaxation time [28]:



64 Chapter 2. Elastohydrodynamic lubrication

Table 2.2: Parameters used in Fig. 2.8.

TR = 40 ◦ C ϕ∞ = 0.1743
K

′

0 = 11.74 BF = 24.50
av = 8.36×10−4K−1 µ∞ = 0.9506×10−4 Pa·s
K00 = 8.658 GPa µR = 15.6 mPa·s
βK = 6.332×10−3K−1 λR = 2.26×10−9 s
g = 3.921 n = 0.463

λ =
µ
G

(2.35)

whereG is a modulus associated with the longest relaxation time. Asdescribed
in section 2.5.5 the longest relaxation time,λ, has been shown in molecular dy-
namics simulations to be nearly the rotational relaxation time for the molecule:

λ =
µM

ρRgT
(2.36)

And hence:

G≈
ρRgT

M
(2.37)

The critical shear stress for the limit of Newtonian behaviour varies inversely
with molecular weight.

Figure 2.8 shows viscosity versus pressure for several different shear rates
for Squalane at 40◦C. The viscosities were calculated using Tait EOS with
equations: 2.18, 2.20 and 2.21. The pressure dependence wascalculated with
the thermodynamic scaling rule, equations: 2.15 and 2.16. For the shear de-
pendence of viscosity a t-T-p shifted Carreau equation was used:

η(γ̇,T, p) = µ

[

1+

(

γ̇λR
µ
µR

TR

T
V
VR

)2
](n−1)/2

(2.38)

Time-Temperature-Pressure superpositioning is discussed in section 2.5.9. The
parameters used in the equations are summarized in Table 2.2, obtained from
refs [129,130].
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Figure 2.8: Viscosity versus pressure for several different shear rates for
Squalane @ 40◦C.

2.5.8 Glass transition

In sections 2.5.5 and 2.5.7 we have seen that a transition to shear thinning is
a result from the molecule having insufficient time to attainits equilibrium
orientation for an applied rate of shear. Another transition that occurs as a
result from the molecule being unable to respond to changes in its environment
is the glass transition. The glass transition for a liquid happens with either
cooling or compression to a point where the liquid enters a solid like state
below its freezing point, a process called supercooling. The temperature at
which this happens is the glass transition temperature,Tg. The glass transition
temperature is strongly dependent on pressure, and a sufficiently high pressure
may induce a transition from liquid to glass without requiring a decrease in
temperature [131]. The glassy state should not be confused with freezing or
crystallization which is a phase transition, whereas the glassy state is reached
without any pronounced change in material structure. It is widely believed
that a true equilibrium state is always crystalline, and therefore the glass is not
at equilibrium. As a direct result of the non equilibrium state, the history of
the glass forming has an influence on both the structure and properties of the
glass, but also on the point of transition. For instance, by lowering the rate of
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cooling, the glass transition temperature will decrease. In the same way, the
glass transition pressure,Pg, is decreased when the rate of pressure change is
increased. If the pressure is increased slowly, the molecules of the lubricant
will have more time to rearrange and the glass transition will take place at a
higher pressure. Furthermore, a glass that is formed under pressure will have
greater density than a glass formed at ambient pressure, anda glass formed at a
high rate of change in pressure or temperature will have a lower density than a
glass formed with a lower rate of change [132]. This means that all properties
that depend upon density will be dependent on the conditionswhen the glass
was formed [6,133].

Because of the high pressures usually found in EHD contacts,the glass
transition temperature is increased to such extent that many lubricants will be
in the glassy state within the EHD contact. This is especially the case for high
pressure contacts with low SRR where a minimal amount of thermal soften-
ing may increase the temperature of the lubricant above the glass transition
temperature. In practice, the glass formation has no effecton film thickness
since the film thickness is governed in the relatively low pressure inlet region,
and most liquids will not reach the glass transition there. When the glass state
is present in the Hertz zone of the contact, friction is believed to be mainly
governed by the limiting shear stress discussed in section 2.5.6.

Liquids that show a large change in properties as the glass transition is
approached from low viscosity are called strong liquids, opposed to fragile
liquids that experience low changes of properties as the glass transition is ap-
proached. The term fragility was made popular by Angell [30]to describe the
difference in behaviour of supercooled glass forming liquids. TheD f parame-
ter in the VTF equation (2.9) is used to describe the fragility of a liquid. The
fragility of the liquid has been shown to be important for entrapment in EHD
contacts [134].

When a liquid is supercooled, the difference in entropy between the liquid
and solid phase decreases. By extrapolation of the heat capacity of the super-
cooled liquid below its glass transition temperature, the temperature of where
the differences in entropy is zero could be found. This temperature is called
the Kauzmann temperature, and it has been found [135] to correlate with the
Vogel temperature, also called the idealized glass transition temperature,T∞,
also used in the VTF equation. The idealized glass transition temperature is
usually 15-40◦C less than the glass transition temperature [6].
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2.5.9 Time-Temperature-Pressure superposition

Flow curves of lubricants with true shear thinning behaviour, when plotted as
either log viscosity versus log shear rate (or stress), or log shear stress versus
log shear rate have an useful property. Any curve can be shifted vertically and
horizontally without rotation to superimpose over anothercurve, often with
experimental accuracy. An exception being portions of a flowcurve influ-
enced by a second Newtonian plateau. This graphical shifting of flow curves
to superimpose has been called time-temperature-pressuresuperposition, or
the method of reduced variables [6]. The time-temperature-pressure superpo-
sition principle is very important in EHL since it gives the opportunity to use
flow curves obtained at convenient pressures and temperatures to be used to
describe the shear dependence of viscosity at more extreme pressures and tem-
peratures. The superposition principle fixesn and sets up a shifting rule for
G(T, p) [28]. If performing a viscosity measurement at a reference tempera-
ture, and pressure gives a value ofG(TR, pR) = GR, thenG is found from one
of the following shifting rules:

G= GR (2.39)

G= GR

(

µ
µR

)m

(2.40)

G= GR
Tρ

TRρR
(2.41)

G= GR
TVR

TRV
(2.42)

whereGR is the material modulus at a reference state ofT = TR andp = 0, and
ρR is the mass density at a reference state ofTr , p = 0.

Consider the single Newtonian Carreau equation written with λ = µ/G:

η = µ

[

1+

(

µγ̇
G

)2
](n−1)/2

(2.43)

If the Ferry rule (eq. 2.42) for systems with constant mass, which has been
derived from the Einstein-Debye equation (2.24) [136] is used for shifting to-
gether with the fact that the maxwell relaxation time for thereference state is:
λR = µR/GR, the result is a t-T-p shifted single Newtonian Carreau equation:
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η(γ̇,T, p) = µ

[

1+

(

γ̇λR
µ
µR

TR

T
V
VR

)2
](n−1)/2

(2.44)

2.5.10 Temperature and pressure dependence on thermal conduc-
tivity

Although the thermal properties of a lubricant such as heat capacity and ther-
mal conductivity are usually not considered in rheology, they may have a sig-
nificant effect on friction in EHL. Since film thickness in EHLis usually rel-
atively thin, heat storage within the liquid is small, and the heat capacity of
the lubricant will therefore not significantly change the performance. Ther-
mal conductivity on the other hand, has been shown to have significant effect
on EHD friction. Kumar and Khonsari [137] have shown in numerical cal-
culations that by doubling the thermal conductivity, the predicted friction is
increased by 15 percent.

In 1931, Bridgman [138] found that the thermal conductivityincreased
under a pressure of 1.2 GPa by a varying amount for different liquids. He
measured an increase of 150 percent for water, and 270 percent for normal
pentane. More recently Larsson and Andersson [139] presented measurements
for the pressure and temperature dependence on thermal conductivity and heat
capacity for several lubricants. They performed measurements at 22 and 107◦C
with pressures up to 1.1 GPa using the hot-wire method. They concluded that
the thermal conductivity roughly doubled at 1 GPa while it had only a 5 percent
decrease when temperature was increased from 22 to 107◦C.

Bair [28] proposed a scaling parameter for the thermal conductivity as a
function of volume and temperature:

κ =

(

V
VR

)[

1+A

(

T
TR

)(

V
VR

)q]

(2.45)

whereA and q are coefficients obtained from measurements on the specific
fluid. The thermal conductivity is then expressed as:

k=Ckκ−s (2.46)

whereCk ands are coefficients obtained from measurements on the specific
fluid. It is still not known if this scaling parameter and function is universally
accurate.
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2.6 Machine components

Many of our most common machine components such as gears, cams and roller
bearings are working in EHL. However, the working conditions for these ma-
chine components can vary greatly in terms of load, entrainment speed and
SRR, and also in terms of environmental conditions such as temperature and
contamination. Gears may be the machine component with the widest op-
erating conditions and is therefore exemplified here. The pressure generated
between the mating teeth in a gear transmission can reach several GPa and the
frictional losses in a gearbox are therefore, depending on running conditions
to a large extent governed by EHD behaviour. It has been assessed that 33
% of the fuel energy in a car is used to overcome friction, and that 7-18 %
of these losses originates from the transmission [140]. In heavy road vehicles
and buses, 33.5 % of the fuel energy is used to overcome friction, and 13 %
of these losses originates from the transmission [141]. Thelosses in a gear
transmission can be devided into two categories, load dependent, and load in-
dependent losses. The load independent losses is typicallyviscous losses due
to oil churning and are mostly governed by lubricant visosity, density and the
geometrical design of gears and housing. The load dependentlosses are due to
friction in the rolling and sliding interfaces between the mating gear teeth, and
are influenced by a large numbers of parameters.

Figure 2.9 shows how several parameters are continuously changing along
the line of action in a spur gear at a constant rotational speed. The load,
and consequently the pressure in the contact are governed bythe transmit-
ted torque, number of teeth in contact, and the geometry of the gear teeth. The
entrainment speed is governed by the geometry of the teeth and increased with
rotational speed while SRR is only governed by teeth geometry and is inde-
pendent of rotational speed. In practice, the conditions ina gear contact are
highly transient due to adjustments in load and speed on the transmission and
dynamic behaviour in the driveline. A common way to model theentrainment
speed, SRR and load conditions for a specific spur gear pair along the line of
action is to use an analytical approach where the contact is represented by two
cylinders whose radii vary along the line of action [142–146]. This type of so-
lution does usually not take elastic deformations of the gears into account and
is one of the reasons that finite element or finite difference [147] numerical
models [148, 149] are used for similar calculations including the elasticity of
the gears.
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Figure 2.9: Changing conditions along the line of action in a meshing spur gear.

2.7 Friction reduction in machine components

There have been continuous research efforts to improve the efficiency and ser-
vice life of machine components working in EHL by looking at several differ-
ent aspects of the lubricated system. Much research have been conducted to
understand the influence of lubricant properties such as viscosity and limiting
shear stress on friction and wear. One example of progress isthe viscosity in-
dex of lubricants that have improved over the years by VI modifiers and more
refined base oils with a result that machine components can work more effec-
tively over a wider range of temperatures. The choice of lubricant in a gearbox
has been shown to have a substantial effect on the efficiency [150–154] of
the gearbox. The lubricant in a gearbox influences friction power losses in
several areas. First of all does the viscosity and limiting shear stress govern
the friction losses in full film lubrication. Moreover do viscosity, pressure-
viscosity and VI have an influence on when the system is operating in full film
lubrication by their effect on lubricant film thickness. Thesecond part of the
lubricants influence on contact friction is the behaviour when asperity inter-
actions occur, which is partly connected to the properties of the base oil, and
primarily governed by lubricant additives. These additives control friction and
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wear in boundary and mixed lubrication. Especially gear oils developed for
high torque transfer applications usually contain anti-wear (AW) and extreme-
pressure (EP) additives that reacts with the steel surface on the gears to reduce
wear and risk of scuffing. These reactions also influences thefriction coeffi-
cients although the friction coefficients is reported both to increase, decrease,
or be unaffected depending on several factors such as lubricant temperature,
surface roughness, additive type etc [155–157]. There is however, no ques-
tion that under beneficial circumstances that additive formed films can reduce
contact friction in boundary and mixed lubrication.

The geometrical design of gears has been investigated and gears constructed
for lower amounts of sliding has been shown to have increasedefficiency
[158–161]. Generally this is done by increasing the number of teeth dramati-
cally while reducing teeth size, reportedly still allowingthe same load carrying
capacity. However, due to the lower module of the low loss gear, more precise
tolerances has to be used to maintain proper centre distanceof the gears.

Investigations have also shown that using gears made of different mate-
rials compared to classical gear steels may lower the contact friction losses.
Examples are high pressure nitrided steel [162] and austempered ductile iron
[161, 163]. However, the mechanism behind this difference in contact friction
due to different gear materials has not really been explained. One possibil-
ity is that the additives in the lubricant interacts in different ways depending
on the kind of material in the gear, thus affecting friction between contacting
asperities.

Studies also show that gears with lower surface roughness due to finer
grinding techniques or polishing has lower contact friction power losses [164,
165]. This reduction of contact friction is mainly attributed to the fact that
gears with smoother surfaces will run in full film lubrication at lower speeds
compared to gears whose surfaces have higher roughness.

In recent years, tribological surface coatings have been more frequently
used to improve performance of machine components. Severalstudies have
been performed using gear test rigs with a positive result onefficiency. Many
different types of coatings have been investigated, such asmolybdenum disul-
phide/titanium, MoS2/Ti [166–168], carbon/chromium, C/Cr [167, 169] and
tungsten carbon carbide, WC/C [170, 171]. The increased efficiency of the
coated gears in these investigations are attributed to lower friction coefficient
for asperity interactions, and therefore a reduction of friction in both boundary
and mixed lubrication. The WC/C coating is part of a group called diamond
like carbon (DLC) coatings, and can also be denoted as a-C:H:W or W-DLC.
The use of DLC coatings in EHL are considered in the next section, and the
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friction reducing properties are discussed, not only in boundary and mixed
lubrication, but also in full film lubrication.

2.8 DLC coatings in EHL

DLC coatings are relatively thin, hard coatings typically deposited using phys-
ical vapour deposition (PVD) [172], plasma-enhanced chemical vapour de-
position (PECVD) or plasma assisted chemical vapour deposition (PACVD).
DLC coatings consist of amorphous carbon materials, and their structures pri-
marily rely on the ratio of sp3 to sp2 bonds. Sp3 bonded carbon atoms have a
diamond like, or tetrahedral structure, while sp2 bonded carbon atoms have a
graphitic, or trigonal structure. A DLC coating with a high ratio of sp3 bonds is
therefore harder than a coating with a lower ratio of sp3 bonds. DLC coatings
exists as amorphous carbon (a-C) or hydrogenated amorphouscarbon (a-C:H),
depending on if they contain hydrogen or not. DLC coatings having a high
sp3 content are often called tetrahedral, ta-C or ta-C:H depending on if they
contain hydrogen or not. DLC coatings also often contain other fillers such
as silicon, fluorine, boron and nitrogen. For instance a nitrogen doped hydro-
genated amorphous carbon is usually denoted a-C:H:N or N-DLC. Figure 2.10
show a ternary phase diagram with some different forms of DLC.

Except the hardness, the ratio of sp3 to sp2 bonds, hydrogen content and
other fillers influences several different properties of thecoating such as; sur-
face energy, electrical- and thermal conductivity. Beforeapplying the DLC
coating to the substrate it is common to use a base layer of forinstance chromium
or silicon to improve the adhesion of the coating.

High hardness, high elastic modulus, low friction characteristics, high wear
and corrosion resistance, chemical inertness and thermal stability are factors
that make DLC coatings the subject of many studies, and seem suitable for
use in, amongst others, machine components and cutting tools. DLC coat-
ings show low dry friction (friction coefficients are typically in the range of
0.08-0.2) and wear rates compared to steel on steel in dry conditions, an effect
mainly attributed to the formation of easily sheared graphitic layers on one or
both of the mating surfaces [173, 174]. However, most machine components
are operating under lubricated conditions, and several studies have therefore
been conducted on the topic of DLC performance under lubricated conditions.

In general, the friction in boundary lubrication is lower for a steel-DLC
system compared to a steel-steel system and especially during the running in
processes a system containing at least one DLC coated surface shows much
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Figure 2.10: Ternary phase diagram showing various forms of DLC.

lower initial friction coefficients, and a faster and more efficient running in
[173, 175]. A system where both surfaces are DLC coated also shows a lower
initial friction value but a longer running in period, as expected since both
surfaces have high hardness and therefore need a longer timeto smoothen
down.

While most studies in the literature focus on the influence ofcoatings on
wear and friction in boundary lubrication and pure sliding contacts, few stud-
ies can be found concerning rolling and sliding EHD friction, especially in
the mixed and full film regime. Renodeauet al. [176] used a rolling sliding
mini traction machine (MTM) to test discs coated with four different com-
mercial DLC coatings against a steel ball with four different lubricants. The
entrainment speed in the test device was chosen to simulate mixed lubrication.
Friction and wear of the different configurations were measured and showed
dissimilar results. Some material/lubricant combinations showed lower fric-
tion and wear compared to the steel-steel system whereas some combinations
showed higher friction and wear. Topolovec-Miklozicet al. [177] also per-
formed tests in a MTM where two types of commercial DLC coatings were
studied, one hydrogenated diamond like and the other Cr-doped, non hydro-
genated and graphitic. The study focused on the effect of boundary friction
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with several types of additives. Bobzinet al. [178] performed tests in a twin
disc tribometer with two different PVD coatings, WC/C and CrAlN, compared
to uncoated discs. Both of the latter studies report lower friction coefficients
for the coated specimens in both boundary and mixed lubrication. It is however
not clear if the friction reduction achieved in the mixed lubrication regime was
solely attributed to lower friction in the asperity interactions or if there also was
a beneficial effect in the hydrodynamic part of the mixed lubrication regime.

Few studies can be found in literature focusing on DLC coatings in full
film EHL. Xu [179] used a Wedeven Associates Machine (WAM) ball-on-disc
test rig with both uncoated and DLC coated steel specimens. Results from
the tests showed substantially lower friction with DLC coated specimens com-
pared to the uncoated ones, even in the full film regime. The friction reduc-
tion with the DLC coatings were highest when both ball and disc specimens
were coated. There was, however, no given explanation for the observation.
Evanset al. [180] also performed tests in a WAM tribotester where discs
with three different coatings were compared to an uncoated disc. All discs
were run against an uncoated steel ball. The tested coatingswere chromium
nitride (CrxN), tungsten carbide-reinforced amorphous hydrocarbon (WC/a-
C:H) and silicon incorporated diamond like carbon (Si-DLC). At lower en-
trainment speeds where the asperity interaction between the mating surfaces
were large the CrxN coating had the highest friction whereas the WC/a-C:H
and especially Si-DLC showed lower friction than the uncoated surface. At
higher entrainment speeds, where full film lubrication was assumed, the Si-
DLC and WC/a-C:H showed lower friction coefficients than theuncoated sur-
face. The authors correlated the difference in full film friction to the different
surface energies of the investigated specimens. The mechanism of the friction
reduction was proposed to be a phenomena described as boundary slip, inter
facial slip or slid-liquid slip. A more recent study was doneby Kalin and Po-
lajnar [181] where three different DLC coatings, A-C:H, N-DLC and F-DLC
were tested in full film lubrication and compared to uncoatedsteel reference
specimens. All investigated coatings provided lower friction coefficients in
full film compared to the uncoated specimens. Even in this case, the authors
suggested that the friction reduction achieved with the coatings were due to
solid-liquid slip.
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2.9 Solid-liquid slip

One of the most important assumption often made when modeling or dis-
cussing fluid flow is the no-slip boundary condition. This dictates that a liq-
uid element adjacent to a moving surface assumes the velocity of the surface.
While this assumption may be reasonable in many situations,there are cases
where this assumption leads to unrealistic behaviour such as the spreading of
a liquid on a solid substrate [182–185], corner flow [186] or extrusion of poly-
mer melts [187]. As a consequence, several boundary conditions that allows
for finite slip at the solid-liquid interface have been proposed [183, 188, 189].
While these investigations show mathematically that the no-slip boundary con-
dition is invalid in certain cases there have also been experimental observations
of solid-liquid slip. Légeret al. showed that polymer melts can slip against
a solid surface [190]. Vinogradova observed flow propertiesof water to be
significantly different between hydrophobic surfaces compared to hydrophilic
surfaces. These changes were interpreted as slippage [191]. Pit et al. uti-
lized fluorescence recovery after photobleaching (FRAP) technique to assess
the velocity of a liquid close to a solid surface under simpleCouette shear.
They used both a sapphire surface, and an identical sapphiresurface with a
monolayer of octadecyltrichlorosilane, thus making it lyophobic to the fluid
hexadecane used in the tests. They observed higher fluid flow adjacent to the
sapphire surface with the applied monolayer suggesting slip at the solid-liquid
interface [192, 193]. Several other evidence for solid-liquid slip can be found
in literature [100,102,194–196].

On the basis of the break down of the no-slip boundary conditions a mod-
ified Reynolds equation has been proposed that assumes a no-slip boundary
condition at the moving surface, but allows slip at a critical shear stress at the
stationary solid-liquid interface [108,109,197]. This “half-wetted” bearing de-
sign was theoretically shown to combine good load support with lower friction
than a conventional fully wetted bearing. Other work concludes that differ-
ent adhesion properties of the two surfaces in a journal bearing may cause the
bearing to operate in an instable manner [198]. Solid-liquid slip has also exper-
imentally been seen to reduce both film thickness and friction in hydrodynamic
lubrication [107, 199–201], although at least one author reports that the load
support is higher with the fully-wetted bearing compared tothe half-wetted
counterpart [201].

It is believed that solid-liquid slip occurs when the shear forces at the in-
terface is higher than the solid-liquid interactions, thusleading to some de-
gree of slip at the interface. This principle is illustratedin Fig. 2.11. The
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Figure 2.11: Velocity profile of a liquid with no slip, and with slip at the upper
solid-liquid interface.

slip alters the flow profile of the lubricant thus reducing both film thickness
and friction. However, it is still not entirely clear how themechanism of
slip works, and several hypotheses can be found in the literature. In many
cases poor wetting, or high contact angle is proposed as the main feature to
promote slip [100, 108, 109, 196, 200–202], and in other cases low surface
energy [180, 181]. However, using only surface energy as a means to deter-
mine the potential of solid-liquid slip may not be suitable since surface en-
ergy is a material property and tells nothing about the interaction of a spe-
cific material with a specific fluid. On the other hand, contactangle measure-
ments represent a property of the specific surface and lubricant combination
and could intuitively seem to be more suitable. However, Kalin and Polajnar
have recently published studies including many different lubricants and coat-
ings where surface and liquid properties like surface energy and contact angles
are discussed [203, 204]. They conclude that contact angle cannot be used in
isolation to predict the wetting behaviour, and instead propose the use of a
spreading parameter which correlates well with the surfaceenergy. They also
showed the correlation between previously discussed interface properties with
friction coefficients in full film EHL, where especially the spreading parameter
and the polar part of the surface energy correlates very wellwith the friction
measurements [181].

Aside from non-fully wetted surfaces, several authors [100,107–109,205]
have reported that the surfaces must be very smooth, typically below 6-12
nm RMS for solid-liquid slip to occur. The critical roughness is most likely
depending on the size of the molecules of the liquid used [193,206,207]. Pear-
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son and Petrie [207] means that no slip can occur when the molecular size is
smaller than the wall roughness scale. However, it is not necessarily so that as
smooth a surface as possible will lead to the greatest amountof slip. At rela-
tively low roughness (below 15 nm) it has been shown that RMS roughnesses
of 0.7 and 4.0 nm produced less slip than a 12.2 nm surface [195]. That an
optimized roughness is superior to very smooth surfaces in some cases may be
apparent by considering solutions from nature such as lotusleaves [208, 209].
In nature, for instance low wettability is created by cleveruse of surface tex-
turing.

The work on solid-liquid slip in EHL is much more limited. Theinvestiga-
tions performed at atmospheric pressure or hydrodynamic pressure discussed
above may not be applicable on EHL. Solid-liquid slip has been reported to
be reduced with pressure in the hydrodynamic pressure range[123, 210], but
also observed to increase with pressure in the EHD pressure region [211,212].
In favor for solid-liquid slip in EHL is amplitude reduction, described in sec-
tion 2.4.2, that describes elastic deformation of the roughness inside the high
pressure contact. Studies show that the roughness reduction is dependent on
several factors, such as entrainment speed, slide to roll ratio, and pressure,
and that long wavelengths are compressed more than short wavelengths. This
means that the actual roughness inside the high pressure region may, depend-
ing on the roughness parameters and running conditions, be smoother than
outside of the contact. This would, at least according to Pearson and Petrie be
beneficial for solid-liquid slip. The effect of amplitude reduction is however
reduced with the increase of SRR.

While solid-liquid slip has been hypothesized to be the reason for the full
film friction reduction observed in EHD contacts by some authors [180, 181,
202, 212], the present author is not aware of any validated numerical simula-
tions that supports the hypothesis, although numerical work have been done
to incorporate interfacial wall slip in EHL [213]. To the author’s knowledge,
only a few studies have observed solid-liquid slip in EHD contacts [103, 106,
211, 212], and they have all used relatively smooth surfaces(below 12 nm).
The liquids they used are either polyphenyl ether (5P4E) which has very high
surface tension and is known to show poor wetting at metal surfaces, or high
molecular weight polybutene. It is still to be elucidated ifsolid-liquid slip can
be observed with the use of surfaces and lubricants more often encountered in
machine elements like roller element bearings and gears.
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2.10 Thermal conductivity of DLC coatings

As mentioned in section 2.8, DLC coatings have several properties that may be
of interest in tribological applications. However, a property that may not have
drawn much attention, at least not in the field of EHL is the thermal conduc-
tivity. As will be explained in sections 6.2, 6.3 and 6.4, thermal conductivity
may in fact be a very important property of a coating in EHL.

Carbon structures have a wide range of potential thermal conductivities
due to difference in structure. Highly ordered carbons suchas crystalline dia-
mond (mainly sp3 bonds) and carbon nanotubes (sp2 bonds) have high thermal
conductivities, in the range of thousands of Wm−1K−1 [214]. In these ma-
terials, impurities, grain boundaries and isotropic effects controls the thermal
properties. Amorphous carbons on the other hand, as described in section 2.8
and often used in tribological applications have much lowerthermal conduc-
tivities, often in the range of a few Wm−1K−1 [215–222].

Morath et al. [216] used a picosecond thermal reflectance technique to
measure the thermal conductivity of several 70-300 nm thickDLC films at
room temperature. They got values ranging from 3 to 10 Wm−1K−1 depending
on the hydrogen content of the coating. The higher the hydrogen content, the
lower the thermal conductivity.

Bullenet al.[218] used the 3ω method to measure the thermal conductivity
of several DLC films ranging between 20 and 280 nm, and one film at 3800
nm at temperatures between 50 and 400 K. They got values ranging from 0.1
to 3 Wm−1K−1 depending on the testing temperature and the density of the
coating. For all cases, the thermal conductivity increasedwith temperature
and density of the coating.

Chenet al. [219] utilized photothermal reflectance technique to measure
the thermal conductivities of ta-C films with thicknesses varying from 20-100
nm. They got an average thermal conductivity of 4.7 Wm−1K−1, relatively
independent of film thickness.

Shamsaet al. [220] measured thermal conductivities of a wide range of
a-C:H films with different hydrogen content with the 3ω method. The film
thicknesses ranged between 18.5 and 100 nm, and the thermal conductivities
from 0.277 to 3.5 Wm−1K−1. Their results coincides with earlier findings, but
for a much greater number of different types of films. For all films, the thermal
conductivity increase with temperature in the range from 50to 400 K. They
also found a correlation between the amount of sp3 bonds and thermal conduc-
tivity. The higher the amount of sp3 bonds, the higher the thermal conductivity.
At the the same time, the sp3 content scales with density in such a way as pre-
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viously reported that a higher density equals higher thermal conductivity.
Balandinet al. [221] used the 3ω method to measure the thermal conduc-

tivity of ta-C films in the range between 0.9 and 20 nm. They found ther-
mal conductivities as low as 0.09 Wm−1K−1 for the thinnest coating and 1.4
Wm−1K−1 for the thickest coating. They attribute the thickness effect on ther-
mal conductivity to a reduction in sp3 as the film gets thinner, thus reducing
the thermal conductivity. Furthermore, they claim that theeffect of thermal
boundary resistance on the interface layer between the substrate and the film
induces an even faster reduction of thermal conductivity asthe film thickness
decreases.

Kim et al. [223] prepared a-C:H films of 200, 600, 1200 and 1800 nm, and
performed thermal conductivity measurements with the 3ω method. The mea-
surements showed a strong correlation between thermal conductivity and film
thickness. The authors made a curve fit to the measurements and the results
are shown in Fig. 2.12, where the stars represent the actual measurements.
The dependence of film thickness on thermal conductivity wasattributed to
the interfacial thermal resistance between the a-c:H film, and the substrate.

Interfacial thermal resistance, thermal boundary resistance, or kapitza ther-
mal resistance are discussed in refs [221, 224, 225] and are essentially an ex-
tra thermal resistance caused by the differences in electronic and vibrational
properties of the two materials forming an interface. It maybe possible, as in
the work by Chenet al. [219] to compensate for the effect of thermal bound-
ary resistance and calculate the bulk thermal conductivityof the film. In this
case the results should be a thermal conductivity much less dependent on film
thickness. However, in practice, the effective thermal conductivity will be in-
fluenced by interface effects, and to a greater extent the thinner the film is. A
thicker film will have a thermal conductivity more close to bulk behaviour of
the material.

A few concluding remarks on the thermal conductivity of DLC coatings
are in place. It is clear that there is a rather big span in measured conductivi-
ties for different kinds, and thicknesses of DLC coatings. However, evidently,
most DLC coatings have thermal conductivities more than 10 times lower than
steel. The thermal conductivity of carbon structures is mainly related to the
amount and structural disorder of sp3 phase. If the sp3 phase is amorphous,
as is the case with DLC coatings discussed in this thesis, thermal conductivity
scales, above all, with density and sp3 content. Since doping of DLC coat-
ings with for instance nitrogen or fluorine changes the structure and amount
of sp3 in the coating [226–228], it is reasonable to believe that the doping will
also change the thermal conductivity of the coating, although the author is not
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Figure 2.12: Thermal conductivity versus film thickness for a-C:H films.



2.11. Ball-on-disc tribotester 81

aware of any such studies. The interfacial thermal resistance is likely to have a
significant influence on the thermal transport across interfaces. In many cases
a base layer of chromium or silicon is applied to the substrate before the actual
DLC coating to improve the adhesion of the coating. Such a layer, no matter
the thickness, will add a second interface for thermal transport, and thus make
it even more challenging to predict the effective thermal conductivity of a spe-
cific combination, and thickness of a substrate, base layer and DLC coating.

2.11 Ball-on-disc tribotester

The ball-on-disc friction measurements for the investigations in this thesis
were conducted in a Wedeven Associates Machine (WAM) ball-on-disc test
device, model 11, whose principle setup is shown in detail inFig. 2.13. A ball
is loaded against a solid disc resulting in a circular EHD contact. The lubri-
cant is supplied at the centre of the disc in an oil dispenser that distributes the
lubricant across the disc surface. Lubricant is circulatedin a closed loop from
the oil bath, through a peristaltic pump to the oil dispenserat the centre of the
disc. The rotation of the ball and disc surfaces drags lubricant into the contact
and a lubricant film is formed. The ball and the disc are drivenby separate
electric motors, the former to a speed up to 25000 rpm and the latter up to
12000 rpm. From the rotational speed of the spindle connected to the ball, the
spindle angle and the radius of the ball, the surface speed ofthe ball,Ub can
be calculated. In the same way by knowing the track radius on the disc, and
the rotational speed, the surface speed of the disc,Ud can be calculated. The
entrainment speed,Ue is then defined as:

Ue =
Ub+Ud

2
(2.47)

By adjusting the rotational speeds of the motors separately, different surface
speeds of the ball and the disc can be achieved, resulting in apartly sliding
contact. The slide to roll ratio (SRR) is defined as:

SRR=
Ub−Ud

Ue
(2.48)

According to this definition, a positive SRR means that the ball surface speed
is higher than the disc’s, while a negative SRR gives the opposite, with the
disc surface speed that is higher than the ball’s. The machine is calibrated
for pure rolling, SRR = 0, by adjusting spindle angle and positioning of the
ball to ensure a condition of no spinning. In the experimentsconducted for
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Figure 2.13: Principle of WAM ball-on-disc test device.
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the research in this thesis, SRRs as low as 0.02 has been used with acceptable
accuracy.

Load cells are used to measure the force on the three principal axes where
the machine operates, and are used to calculate the frictioncoefficient in the
contact. The accuracy of the measurements are depending on several factors.
One of the most prominent is the applied load. The contact load between the
ball and disc are governing the contact pressure for the tests where a higher
load leads to a higher contact pressure. A higher contact load will also give
rise to a higher friction force, which in turn will give more consistent values
for the friction measurements due to the sensitivity of the load cells. Consider
Figs. 2.14 and 2.15. Figure 2.14 contains data from 7 friction measurements
performed with the fluid squalane at 40◦C at an entrainment speed of 1.6 m/s
and a SRR varying from 0.02 to 1.05. The results for the same test proce-
dure, but at a 300 N load is shown in Fig. 2.15. It is clearly seen in this
comparison that the standard deviation is generally lower for the case with the
higher load. Furthermore, the standard deviation is generally larger at lower
SRRs where a small change in SRR has a large impact on frictioncoefficient.
This effect is amplified at higher loads where the friction coefficient increase
with increasing SRR is even larger, which can also be seen in Figs. 2.14 and
2.15. These experiments have been performed in full film lubrication with a
lubricant without additives, and no asperity interactionsor tribofilm formation
could therefore influence the results. A larger standard deviation is to be ex-
pected when running tests in mixed or boundary lubrication where wear will
continuously change the contact conditions, and thereforeinfluence the fric-
tion measurements. Using lubricants with different additives will also in some
cases cause larger standard deviations due to tribofilm formation.
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Figure 2.14: Mean value and standard deviations from seven repeated test with
constant entrainment speed of 1.6 m/s, 80 N load and varying SRR.
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Figure 2.15: Mean value and standard deviations from seven repeated test with
constant entrainment speed of 1.6 m/s, 300 N load and varying SRR.



Chapter 3

Scope and objectives

Although much work has been done in the field of EHL over the years, there
are still areas where more research is needed for a better understanding of the
friction mechanisms. Friction in an EHD contact should be viewed as a system
property, which is influenced by many parameters such as; lubricant, material
and surface properties, as well as running conditions like load, entrainment
speed, slide to roll ratio (SRR) and lubricant temperature.When changing one
or more of these parameters, the effect on friction may both increase or de-
crease depending on which friction regime that is considered. At the present,
the literature is lacking investigations where these parameters have been stud-
ied in a wide range of entrainment speeds and SRRs. Understanding these in-
teractions are important when optimizing machine components for increased
efficiency, and therefore important objectives of this workincludes:

• Find a suitable method to experimentally investigate how changes in sev-
eral parameters influences the friction coefficient in EHL using a wide
range of entrainment speeds and SRRs.

• Correlate the contact friction measurements conducted ina simplified
experimental system, a ball-on-disc machine, to contact friction mea-
sured in a gear test rig.
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The use of surface coatings in EHL have been shown to reduce friction in
both boundary, mixed and full film regimes. The mechanism of the friction
reduction in full film with surface coatings is not fully understood, and the
following research topics were included in this work to elucidate the friction
mechanism:

• Investigate under which working conditions the friction reduction oc-
curs.

• Explore possibilities of other explanations for the friction reduction be-
sides the solid-liquid slip theory.

At the same time, there has been advances in the numerical modeling of EHL
during the last decades as new knowledge has been gained in the field. Pre-
diction of friction in EHL is especially demanding due to thenature of the
high pressure rheology found in EHD contacts. Several different models are
proposed in the literature for the prediction of EHD friction. It is however
not entirely clear which models are most suitable to use and their capabilities
for true prediction of EHD friction. This leads to additional objectives of this
work:

• Investigate the current state of the art in numerical EHD friction pre-
diction, and identify potential weaknesses in these modelsfor further
investigation.

• Use numerical modeling of EHL as an aid in understanding EHDfric-
tion mechanisms to propose ways to reduce EHD friction as a means to
increase the efficiency of machine components.



Chapter 4

Friction mapping

Friction coefficients in experimental or numerical investigations in EHL are
often presented as Stribeck curves, as introduced in section 2.4.3, or as µ-slip
curves, as discussed in section 2.5.5. Figure 4.1 presents friction coefficients
measured in a ball-on-disc machine, described in chapter 2.11, against entrain-
ment speed at three different SRRs in the form of a stribeck curve. The most
prominent feature of Fig. 4.1 being the high friction coefficients at low en-
trainment speeds that gradually reduces when the speed is increased. Initially
the decrease of the friction coefficients are due to a reduction of asperity inter-
actions between the surfaces and in other words a transitionfrom mixed to full
film lubrication. However, contrary to the classical description of the Stribeck
curve, the friction coefficients continues to reduce with speed even after the
full film regime is reached. It is obvious that the friction reduction is highly
correlated to the amount of sliding in the contact, and not only the thickness
of the lubricant film which is mainly governed by the entrainment speed. For
the same entrainment speed the difference in film thickness between the three
different SRRs will be almost negligible even though the friction coefficients
in some cases differ greatly. The explanation for this is thedecoupling of film
thickness and friction due to their different origins. The film thickness is gov-
erned by the conditions in the inlet of the contact, whereas friction is governed
by the conditions in the high pressure zone of the contact. Different SRRs will
induce different amounts of non-newtonian effects and thermal softening on
the lubricant which greatly affects friction. The inlet conditions are to a much
lesser extent affected by shearing, and the film thickness istherefore largely
unchanged.

Figure 4.2 shows friction coefficients against SRR from similar experi-
ments at three different entrainment speeds in the form of a aµ-slip curve.
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Figure 4.1: Example of Stribeck curve.

This clearly shows the non-linear response on friction withincreased shear
rate as described in section 2.5.5. Initially as the slidingincreases from zero,
friction rapidly increases with shear (or stress) in a linear manner, where at
some shear rate the friction response will become non-linear, reach a maxi-
mum value and then start to decrease. Here, it is also noticeable that the lowest
friction coefficients is measured for the highest entrainment speeds where both
film thickness and sliding speed is the highest.

While in many cases both of these ways of presenting frictiondata are
very useful to interpret and understand friction behaviourin various systems,
they may have shortcomings when observing systems in a wide range of en-
trainment speeds and SRRs. In Paper A, experiments were conducted using
a wide range of entrainment speeds and SRRs where several parameters were
investigated; base oil type, lubricant viscosity, EP additive content, lubricant
temperature and surface roughness. As a complement to µ-slip and Stribeck
curves the authors used what they call friction mapping as a way to present
and analyze the results from the experiments. Friction mapping gives the pos-
sibility to compare two different systems in terms of friction in a wide range
of entrainment speeds and SRRs that is more accessible to some extent than
several stribeck or/and µ-slip curves. This chapter gives an overview of the
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Figure 4.2: Example of µ-slip curve.

concept of friction mapping and discusses some of the key findings of Paper
A. For more details about the test specimens, lubricants andthe test procedure,
see sections A.2.2 and A.2.3.

4.1 Concept of friction mapping

As a complement to the µ-slip curves and Stribeck curves the friction map-
ping technique is proposed since it contains both SRR, entrainment speed and
coefficient of friction and can thus replace several µ-slip-and Stribeck curves
allowing for a better overview of the friction characteristics of the studied sys-
tem. A 3D friction map is presented in Fig. 4.3 where frictioncoefficient
is displayed versus entrainment speed and SRR. Included in the figure are
also friction regimes inspired by the work of Johnson and Tevaarwerk [124].
The friction regimes generally corresponds to the featuresdiscussed for the
Stribeck and µ-slip curves in Figs. 4.1 and 4.2.

In the linear region, shear stress is proportional to shear rate, and will thus
lead to a linear increase in friction. This linear relationship is only seen at
low SRRs, and the upper limit (in SRR) becomes even lower withincreasing
pressures as the shear stress increases faster with shear rate at higher pressures
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Figure 4.3: 3D friction map with regimes.

and at lower entrainment speeds.
The non-linear region is influenced by shear thinning and also by the growth

of a limiting stress region. The shear stress will no longer increase proportion-
ally to shear rate. It will rather increase at a reduced rate until limiting shear
stress is attained over much of the contact. Then, shear stress becomes inde-
pendent of shear rate. However, if the sliding speed is further increased, ther-
mal effects eventually dominate the frictional response overwhelming other
effects including limiting shear stress which is no longer reached. As a conse-
quence, friction starts decreasing with increasing SRR dueto combined ther-
mal and shear-thinning effects. This regime has been identified as the thermo-
viscous, or thermal regime.

The last region is the mixed lubrication region where asperity contacts oc-
cur between the surfaces, and the coefficient of friction is therefore a combi-
nation of hydrodynamic effects and asperity interaction.

The boundaries of these regions are exclusive for each studied system, de-
pending on lubricant and material properties as well as load, surface roughness
and operating temperature. The location of the mixed lubrication boundary is
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Figure 4.4: 2D friction map - Low viscosity oil @ 40◦C.

assumed to be where the coefficient of friction is no longer decreasing with
increased SRR for a certain entrainment speed, which would imply incipient
asperity interactions. However, this is a floating boundarycontrolled by several
parameters, among others the balance between increasing asperity interactions
due to a thinner lubricant film, and the decrease of limiting shear stress and
thermal softening of the lubricant. The location of the thermal boundary is
assumed to be where the limiting shear stress has been reached, and above all,
where thermal softening of the lubricant is dominating the coefficient of fric-
tion. In essence, the friction map can be seen as a fingerprintof the frictional
behaviour in a specific system.

While the 3D friction map is useful for getting an overview ofthe frictional
behaviour of a studied system, a 2D friction map is in many cases more useful
for more detailed comparisons of friction between two systems. Figure 4.4
shows a 2D friction map corresponding to the 3D friction map in Fig. 4.3.
The test results shown in Figs. 4.3 and 4.4 are both from PaperA, where
experiments have been conducted at a temperature of 40◦C with a lubricant
whose kinematic viscosity is 30.8 cSt at the test temperature. As a comparison,
a test under the same conditions has been performed with another lubricant
with a higher kinematic viscosity of 94.9 cSt at the same temperature. The
result from this test is presented in Fig. 4.5 as a 2D frictionmap. Both oils are
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Figure 4.5: 2D friction map - High viscosity oil @ 40◦C.

mineral base oils without additives. The difference in friction between the two
oils is therefore most likely almost entirely an effect of the viscosity difference.
More lubricant properties can be found in Table A.2.

Comparing lubricants with different viscosities are relevant since there is
a current trend in industry, especially in the automotive industry, to go towards
thinner oils in transmissions. It is also often believed that reducing the viscos-
ity also reduces friction, which is only partly true. To makeit more convenient
to investigate how these two cases with different viscosities differ from each
other, another map is presented where the absolute frictioncoefficients from
the high viscosity oil is subtracted from the low viscosity case, as presented in
Fig. 4.6.

In this figure, it is possible to see the difference between the two cases at
different entrainment speeds and SRRs. In this example, a negative number
indicates a higher friction coefficient for the high viscosity case, and a positive
number indicates a lower friction coefficient for the high viscosity case. As
seen in the figure, the higher viscosity oil gives lower contact friction over a
majority of the tested range of entrainment speeds and SRRs.This indicates
that in many situations, a higher viscosity oil will reduce the contact friction
coefficient, even in the full film region, compared to a lower viscosity oil.
However, it is to be pointed out that a lower viscosity oil, used in for instance
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Figure 4.7: 2D friction map - difference in % between 40◦C and 90◦C. Positive
values indicate lower friction for the higher oil temperature.

a gearbox, may give lower total losses than a higher viscosity oil when other
sources of losses aside from contact friction are considered, such as viscous
losses.

Another example is given in Fig. 4.7 where the thicker oil in Fig. 4.5 is
compared at 40 and 90◦C, the latter in Fig. A.8(b). In this case, the friction
coefficients from the 90◦C test is subtracted from the 40◦C test and presented
as the difference in percent when going from an oil temperature of 40◦C to
90◦C. Here it is very clear that the effect of increasing the oil temperature
from 40 to 90◦C has a very different effect depending on entrainment speedand
SRR. At low entrainment speeds and SRRs an increase in oil temperature from
40 to 90◦C is substantially decreasing the friction coefficients, while at higher
entrainment speeds and SRRs the friction coefficients are instead increasing.
This result also indicate that the film thickness generated is thick enough to
keep the surface mostly or totally separated even for the 90◦C case.

An approximation of the friction power loss in a specific system can be
done by multiplying the measured friction coefficient with entrainment speed,
SRR and contact pressure. Figure 4.8 shows the friction power corresponding
to the case in Fig. 4.3. It is evident that reducing the coefficient of friction
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Figure 4.8: Friction power map [MW/m2].

in the high speed, high sliding region has a bigger influence on friction power
loss compared to a reduction of the friction coefficient in the low speed, low
sliding region. With the friction power map in mind, the casein Fig. 4.6 can
be studied again. Depending on the operating conditions of aspecific machine
component, a change from a high viscosity oil to a low viscosity oil could ei-
ther increase, or reduce contact friction. If the machine component is working
in a region with very low SRR, a change of oil would reduce the efficiency of
the machine component in terms of contact friction, but if the machine com-
ponent is working with high SRR a change of oil from low viscosity to high
viscosity seems feasible. Finally, if the machine component operates in both
areas, the concept of friction power can be used to give an insight of if the
net effect would be positive or negative. In this case it would almost certainly
be positive since the high viscosity oil has better performance in the regions
where most power is entered to the system.
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4.2 In conclusion

So called friction maps have been used to evaluate the results from a series of
friction measurements performed in a ball-on-disc machineas a complement
to the more commonly used stribeck and µ-slip plots. Tests have been per-
formed with different lubricant viscosities, temperatures, surface roughness,
base oil type and additive content. The measurements were conducted under a
wide range of entrainment speeds and SRRs. The results show that changing
for instance lubricant temperature or viscosity may eitherreduce, or increase
friction depending on the operating conditions. It is therefore important to
consider the normal operating conditions for a specific machine component to
assess if such a change will have a beneficial effect on power loss.

In Chapter 7, ball-on-disc measurements in combination with friction map-
ping is used to predict the contact friction in a gear test rig. In the following
chapter, friction mapping is used in a comparison of friction coefficients be-
tween experimental measurements and predictions from a numerical model.



Chapter 5

Predicting friction in EHL

The capability to predict film thickness and friction in EHD contacts is crucial
for better understanding of the field, and the means of a scientific way to de-
velop more efficient machine components. EHL is a complex field, and to be
able to predict film thickness and friction with good accuracy, realistic models
of the lubricant behaviour have to be used. In section 2.5, many of the fun-
damental parts of lubricant behaviour have been discussed,such as the effect
on viscosity by temperature, pressure and shear. A short review of some of
the most commonly used rheological models in EHL shows that many of these
models lacks a rigorous physical foundation, and that some of them are used
for modeling of relationships they were not intended for. Many comparisons
between predictions and experiments involve some kind of tuning of the model
in order to match the experimental results. In real, true prediction, this cannot
be done since there would be no experimental results to compare to. Instead,
all three components occur independently from each other:

• Primary measurement of lubricant transport properties.

• Prediction using measured transport properties as input data together
with operation and geometric data.

• Experimental validation

Such an investigation was conducted in Paper C. The three components listed
above have been carried out at three different laboratories. Initially the trans-
port properties of squalane (a low molecular weight branched alkane) were
characterized at Georgia Tech. These properties were laterused in a numerical
model to predict friction at the Lebanese American University. Finally, friction
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Table 5.1: Investigated conditions.

Temperature 40◦ C
Contact load 50 and 300 N
Maximum hertzian pressure 1.07 and 1.94 GPa
Entrainment speed,Ue 0.34 to 9.6 m/s
Slide to Roll Ratio, SRR 0.0002 to 0.49

was measured in a ball-on-disc test device at Luleå University of Technology.
No tuning of the lubricant properties, model or test setup have been applied.
The presented results on EHD friction are therefore a true representation of the
current level of EHD friction prediction.

5.1 Method

The numerical prediction and experimental measurements were both performed
using the same conditions reported in Table 5.1. The investigation includes
a combination of high entrainment speeds and contact pressures that to the
authors knowledge have not been considered in any similar previous studies.
Both numerical predictions and experiments were performedwith the same
lubricant, squalane, a commercially available low molecular weight branched
alkane (2,6,10,15,19,23-hexamethyltetracosane). An oilwithout additives was
chosen to minimize the effect of tribochemical reactions onthe friction coeffi-
cient. At the test temperature of 40◦C, the ambient viscosity of squalane is 15
mPas and the pressure-viscosity coefficient is 18 GPa−1 [129].

The transport properties used for the numerical model in this study are ob-
tained from several earlier studies on squalane [94,129,130]. The formulations
used in this investigation are found in section C.2.2 and arefurther discussed
in section 2.5.

The numerical model employed in this work was described in detail in
[229–231]. The model is based on a finite element, fully coupled solution
of the EHD equations: Reynolds, linear elasticity and load balance equations.
The latter are solved simultaneously providing robust and fast converging solu-
tions. The generalized Reynolds equation [232] is used to account for the shear
dependence of the lubricant. Special formulations are introduced in order to
stabilize the solution of Reynolds equation at high loads. The temperature dis-
tribution in the contact is obtained by solving the 3D energyequation in the
lubricant film and solid bodies. The model incorporates the variations of the
lubricant’s thermal properties with pressure and temperature throughout the
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contact. Then an iterative procedure is applied between therespective solu-
tions of the EHD and thermal problems as described in [229,230]. During the
iterative procedure, every time the shear stressτ is evaluated (using viscosity
data provided by a combination of the Carreau and Vogel-likemodels) it is
either truncated toτL if it exceedsτL or, otherwise, it is kept unchanged. The
numerical model does not take asperity interactions into account and should
therefore only be seen as a full-film EHL model.

The experiments were carried out in a WAM 11, ball-on-disc test device
described in section 2.11. Since the numerical model used inthis work does not
take asperity interactions into account, the tests were performed using grade 20
balls and polished discs giving a combined surface roughness of 43 nm RMS
to reduce the occurrence of asperity interactions during testing. More details
of the specimens are given in section C.2.4.1. The test procedure following the
conditions presented in Table 5.1 is given in section C.2.4.2.

5.2 Results

The results from both the numerical predictions and the ball-on-disc friction
measurements are presented as friction maps, as introducedin Chapter 4. Re-
cent work on friction regimes in quantitative EHL [89] has led to more de-
tailed knowledge about the regimes, and one more regime is included in this
work, see Fig. C.11 compared to Fig. 4.3 in Chapter 4. The added regime is
the Plateau regime, which lies in the boundary between the mixed lubrication
regime, and the thermoviscous regime. Here, friction reaches an asymptotic
value and shows little variation indicating that the frictional response of the
contact is governed by the limiting shear stress behaviour of the lubricant.

Figures 5.1 and 5.2 corresponds to the numerical and experimental results
at 1.07 GPa while Figs. 5.3 and 5.4 corresponds to the resultsat 1.94 GPa. Fig-
ure 5.5 shows the difference between the experiment and calculation in percent
for the test performed at 1.07 GPa, and the difference for the1.94 GPa test is
shown in Fig. 5.6. A positive number in those figures indicates that the pre-
dicted coefficient of friction is higher than the experimentally obtained value,
whereas a negative number indicates that the predicted friction coefficient is
lower than the experimentally obtained value. Figs. C.9 andC.10 show the
generated power from friction in the experiments for the 1.07 and 1.94 GPa
cases respectively. The friction power is calculated as:Wf = µf ∗Ue∗SRR∗L.
Whereµf is the coefficient of friction,Ue is the mean entrainment speed, and
L is the applied load.
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Figure 5.1: Predicted friction map at 1.07 GPa and 40◦C.

Figure 5.2: Measured friction map at 1.07 GPa and 40◦C.
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Figure 5.3: Predicted friction map at 1.94 GPa and 40◦C.

Figure 5.4: Measured friction map at 1.94 GPa and 40◦C.
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Figure 5.5: Difference in friction coefficient; Calculation-experiment [%], 40◦ C,
1.07 GPa.
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It is assumed that most parts of the measurements are performed in the full
film regime, with the exception of the lowest entrainment speeds in the higher
pressure case. A more thorough discussion of the roughness effects and film
thickness is given in section C.3.1.

By looking at the overview of the four cases in Figs. 5.1 to 5.4it is clear
that the numerical model manages to capture the overall frictional behaviour
such as the linear increase in friction with shear rate at lowSRR, the non linear
increase in friction leading to the limiting shear stress, and the reduction of
friction at higher entrainment speeds and SRRs due to thermal effects. Mixed
lubrication effects are however not included in the numerical model, and could
therefore be part of the difference between the numerical prediction and the
experimental results at the lowest entrainment speeds.

At lower entrainment speeds, up to about 2 m/s, the predictions are in
general not far off; the deviation is typically below 10 % andin line with
previous comparisons at these entrainment speeds [231]. Athigher speeds the
coefficient of friction is constantly overestimated by the numerical model, and
generally more so at higher SRRs. When looking at absolute values, and the
difference between the numerical calculations and the experiment as presented
in Figs. 5.5 and 5.6, it is clear that the model does not accurately predict
all parts of the tested region, or that some of the boundary conditions in the
numerical model does not fit the experiment.

One of the most striking differences between the predictions and the ex-
periments are the plateau regime in the predictions, Figs. 5.1 and 5.3 where
the coefficient of friction is almost constant at a high levelover a wide range
of entrainment speeds and SRRs. Such behaviour is not as distinct in the ex-
periments, Figs. 5.2 and 5.4 where instead the friction coefficients drops faster
with an increase in entrainment speeds and SRRs.

By looking at the difference in percent between the predictions and the ex-
periments in Figs. 5.5 and 5.6 it is clear that the levels of difference are situated
in the same manner as the levels of friction power in Figs. C.9and C.10. It
is therefore likely that one of the main reasons for the deviation between the
prediction and the experiments are found in how the model handles thermal ef-
fects and/or some thermal behaviour in the test rig and specimens that are not
matched in the boundary conditions in the numerical model. It should how-
ever be pointed out that the biggest discrepancies does not occur at the highest
entrainment speeds and SRRs, but rather in connection to theplateau regime.

The numerical model is using bulk temperature as a boundary condition for
the inlet temperature of the lubricant and a steady state condition is calculated
for the specific running conditions (entrainment speed and SRR.) Any global
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effects on the specimen temperature are therefore not takeninto account, while
in the experiment it is possible that especially the ball surface temperature
is increasing during the test. As a specific running condition is measured in
the test rig, it takes a few seconds for the machine to adjust rotational speeds
of both specimens to achieve the correct entrainment speed and SRR. Some
additional time is also required for the data capture process. It is possible
that during this time, the specimens are heated due to the friction generated in
the contact, and therefore the lubricant temperature will be slightly higher in
the inlet and central region of the contact compared to the numerical model.
Looking at the friction power for the low pressure, 1.07 GPa case in Fig. C.9,
there is a maximum of 7 W. For the high pressure, 1.94 GPa case in Fig. C.10,
with a maximum friction power of 55 W, this is more likely to have an effect
on the results, and may be the reason why the deviation in general is slightly
larger for the higher pressure case at higher sliding speeds. If the reasoning
above is the cause for the largest part of the deviations, theeffect of the global
geometry on intake and surface temperature must be taken into account.

However, it is also possible that the deviations between theexperimental
results and the predictions are due to shortcomings in the rheology models
used in the study.

Furthermore, recent research [89] suggests that it is not possible to accu-
rately estimate the limiting shear stress coefficient from EHD friction measure-
ments, since shear-thinning was found to affect the friction coefficient even
when the limiting shear stress is reached in parts of the contact.

Moreover is the limiting shear stress in the numerical modelused in this
work assumed to be only depending on pressure. It has been shown earlier
in measurements that temperature has an influence on the limiting shear stress
[97–99]. It is reasonable to believe that this is one of the reasons why the
plateau regime is more pronounced in the numerical predictions. With the
inclusion of the temperature dependence of limiting shear stress the plateau
would probably level off with increased sliding due to a reduction in limiting
shear stress before thermal effects starts to dominate the friction behaviour.

5.3 Inclusion of thin, thermally insulating layers

The same numerical model as described in section 5.1 was used, in paper D,
to investigate the effect of thermally insulating layers onEHD friction whose
results are presented in section 6.3. The inclusion of coatings into the numeri-
cal model consists simply in adding a thin layer to the surface of the 3D solid
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body representing the contacting solids. This layer possesses different elastic
material and thermo-dynamic properties than those of the substrate. The in-
fluence of hard coatings on EHD film formation and pressure distribution has
been studied in several publications [233–235]. It has beenshown that a coat-
ing that is harder than the substrate reduces the contact width, and increases
the central pressure and the pressure spike, as is seen in Figs. 5.7 and 5.8. A
coating that is softer than the substrate would have the opposite effect. Both
effects increase with the thickness of the coating. However, the simulation of
a typical isothermal Newtonian EHD line contact with insulating coatings of
different thickness shows that for coatings of 2-5 µm thickness (such as the
ones considered in section 6.3), the effect of the coating ondimensionless film
thickness and pressure is negligible, as suggested by Figs.5.7 and 5.8. [236].
Therefore, for the sake of simplicity, in the EHD part of the model the surfaces
are assumed to be uncoated and the coatings are only considered in the thermal
part. This leads to a significant reduction in the size of the discrete problem
as the thin layer coating requires a very large number of elements to discretize
it. The temperature distribution in the contact is obtainedby solving the 3D
energy equation in the lubricant film and solid bodies (substrates and coat-
ings). The inclusion of the coatings consists in inserting ageometrical layer
between the lubricant and each substrate and applying the thermal properties
of the coating to it. Obviously, the continuity of heat flux needs to be imposed
between the lubricant film and the coatings as well as betweenthe coatings and
the substrates. For a complete description of the numericalmodel, see section
D.2.3.
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Figure 5.7: Effect of DLC coating thickness on the dimensionless film thickness
(top) and pressure (bottom) distribution of a typical EHL line contact.



5.3. Inclusion of thin, thermally insulating layers 107

Figure 5.8: Effect of DLC coating thickness on the dimensionless film thickness
(top) and pressure (bottom) distribution of a typical EHL line contact (Zoom on
Figure 5.7).
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5.4 In conclusion

A friction prediction investigation has been performed where lubricant trans-
port properties have been measured at one laboratory, and later used at a second
laboratory to predict friction in a numerical model for circular EHD contacts.
Finally, the same parameters were used for friction measurements in a ball-on-
disc machine in a third laboratory.

The predictions were found to capture the main features of the friction
behaviour at different entrainment speeds and SRRs. In absolute values the
numerical results were found to be remarkably good considering the true pre-
diction approach. At low entrainment speeds the deviationsbetween the nu-
merical predictions and the experimental results were in general less than 10
%, while increasing at higher entrainment speeds and SRRs. To achieve even
better precision in the predictions there is a need to refine the assessment of
the limiting shear stress of the lubricant, including the effect of temperature.
In addition, it may be necessary to refine the boundary conditions in the model
to account for global effects on temperature.

The model was also extended to include thin thermally insulating layers to
be able to predict the effect of coatings with low thermal conductivity on EHD
friction.

The use of primary measurements or “true” measurements of the liquid
properties in EHL has distinct advantages over the previoustechniques of ad-
justing properties to satisfy perhaps inappropriate assumptions. If friction is to
be controlled by lubricant selection and formulation, there must be an under-
standing of the contribution of each of the transport properties to the energy
dissipation. However, the use of the true prediction approach investigated here
will generally require more effort from a measurement and modeling point of
view compared to some of the previous techniques.



Chapter 6

The influence of DLC coatings
on EHD friction

As explained in section 2.8, DLC coatings have been found to reduce friction
in EHL, not only in mixed and boundary lubrication, but also in the full film
lubrication regime. The mechanism for the friction reduction in full film has
been hypothesized to be solid-liquid slip, as detailed in section 2.9. However,
it cannot be said for certain that solid-liquid slip is the only plausible friction
reducing mechanism of the DLC coating. On the contrary, the following sec-
tions presents results that indicate that it is not possibleto explain the friction
reduction achieved in full film EHL with DLC coatings by only considering
solid-liquid interactions. In connection to these findings, an alternative hy-
pothesis to the solid-liquid slip theory is also presented along with convincing
evidence of its relevance.

6.1 Friction reduction with DLC coatings

One of the questions raised when reviewing the literature onsolid-liquid slip
is whether slip can be achieved also with surfaces that are not atomistically
smooth, or below a limit of approximately 10-15 nm RMS. To investigate this,
ball-on-disc experiments were conducted in Paper B, with both uncoated steel
and DLC coated specimens to characterize the friction behaviour over a wide
range of entrainment speeds and SRRs according to the concept of friction
mapping presented in Chapter 4. The test specimens had a surface roughness
substantially higher than what is generally considered thelimit for solid-liquid
slip to occur.

109
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6.1.1 Method

The friction measurements were conducted in a WAM ball-on-disc machine as
described in section 2.11. All tests were performed with thesame lubricant,
a pure mineral oil without additives, with details in Table B.1. An oil with-
out additives was chosen to minimize the effect of tribochemical reactions on
the friction coefficient. Tests were performed both with uncoated steel spec-
imens as a reference, but also the combinations of DLC coatedball and disc,
uncoated ball with DLC disc, and DLC coated ball with uncoated disc. The
specimens had a combined roughness ranging from 155 to 355 nmRa (Tables
B.3 and B.4) which is considerably more than the limit for solid-liquid slip to
occur that is usually believed to be below 15 nm. The DLC coating used was
the commercially available Tribobond 44, an a-C:Cr coatingdeposited using a
PVD process. The coating thickness was 2 µm measured with calotest. More
information about the specimens and the coating is found in section B.2.2. The
friction measurements were performed at a pressure of 1.7 GPa with entrain-
ment speeds between 0.34 and 9.6 m/s and SRRs from 0.0002 to 0.49 and two
oil temperatures of 40 and 90◦C. The test procedure is described in detail in
section B.2.3.

6.1.2 Friction measurements with coated and uncoated specimens

Figures 6.1 to 6.3 show the results from the ball-on-disc friction measurements
performed at 40◦C. Figure 6.1 shows the friction reduction in percent achieved
with coating only the disc with DLC compared to the uncoated reference case,
while Fig. 6.2 shows the friction reduction when coating only the ball with
DLC. Finally, Fig. 6.3 shows the friction reduction achieved when both ball
and disc were coated with DLC. The absolute values for the friction reduction
can bee seen in Figs. B.5 to B.7. It is evident that the DLC coating leads to
a reduction in friction coefficient in all cases, with the exception of the lowest
entrainment speeds where the rougher surface of the DLC coated disc leads to
a transition from full film to mixed lubrication at higher speeds. The biggest
friction reduction is achieved when both specimens are coated followed by
only coating the ball, and then only coating the disc. Interestingly, this friction
reduction was achieved with surface roughness values one ortwo orders of
magnitude larger than the ones usually considered to be the limit for solid-
liquid slip, as discussed in section 2.9.
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Figure 6.1: Friction reduction in percent achieved with DLC coated disc in com-
parison with uncoated specimens at 40◦C.
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Figure 6.2: Friction reduction in percent achieved with DLC coated ball in com-
parison with uncoated specimens at 40◦C.
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Figure 6.3: Friction reduction in percent achieved with DLC coated specimens
in comparison with uncoated specimens at 40◦C.

6.2 An alternative hypothesis

Since the friction measurements whose results are presented in section 6.1.2
showed significant friction reductions with the DLC coatings in full film, even
with surfaces with considerably higher roughness than whatis often seen as
as the limit for solid-liquid slip, an alternative hypothesis was developed. As
discussed in detail in section 2.10, there is compelling evidence that most DLC
coatings have thermal conductivities that are much lower than steel. As a com-
plement to the friction measurements presented in section 6.1.2, a numerical
model was developed in Paper B, to investigate if there is a possibility that the
low thermal conductivity of the DLC coatings can affect the friction coefficient
in an EHD contact.

6.2.1 Method

A one-dimensional numerical model was developed that features a thin lubri-
cant film between two infinitely wide and flat, full film lubricated surfaces,
with or without coatings subjected to a heat source. A schematic view is given
in Fig. 6.4. The solution is time dependent where the temperature rise in a
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Figure 6.4: Schematic view of thermal model, not to scale.

line directed in the cross section of the film thickness passing the centre of the
contact from leading edge to trailing edge is calculated. Inthat way the tem-
perature distribution in a plane crossing the centre of the contact is obtained.
The time it takes for the line to move from the leading edge to the trailing edge
is calculated by dividing the Hertzian contact zone with thesurface velocity of
the faster moving surface. The dimensions of the contact zone is approximated
by the Hertzian theory using the 52100 steel values for elastic modulus and
Poisson’s ratio. Since the coatings are thin, the properties of the substrate are
assumed to predominate the EHD deformation in the contact. The authors did
not have the possibility to perform thermal measurements onthe DLC coating
used in this study, and therefore the thermal properties were approximated to
a thermal conductivity of 2.0 Wm−1K−1 and a heat capacity of 1.0 J kg−1K−1

from work performed by other authors [223,237–239]. Properties of the DLC
coating and substrate used in the model are given in Table B.2, and the oil
properties in Table B.1. A complete description of the numerical model and
boundary conditions are given in section B.2.4. The purposeof the model was
to obtain an approximation of the temperature rise in a lubricant element pass-
ing through the contact at different entrainment speeds andSRRs, and most
importantly, the effect of a low thermal conductivity coating on the increase in
lubricant temperature.

6.2.2 Lubricant temperature increase with DLC coatings

Figure 6.5 shows a graph with values obtained from the numerical simulation
model. The presented temperatures represents the maximum value of the mean
cross film temperature increase in the lubricant as the computational domain
passes the contact zone. Maximum temperatures are presented for four dif-
ferent combinations of entrainment speeds and SRRs. The four cases were
chosen so that they represent widely varying running conditions. In two of
the cases the entrainment speed is high, 7.7 m/s while the SRRis either low or
high, 0.04 or 0.49 respectively. In the other two cases, the entrainment speed is
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Figure 6.5: Simulated temperature increase in lubricant.

relatively low, 2.0 m/s, and again, the SRR is either 0.04 or 0.49. The simula-
tion has been run for both the reference case with uncoated surfaces, and also
with the other cases with one or both surfaces coated. All simulations have
been performed with an initial temperature of 40◦C.

There is a significant increase in temperature compared to the uncoated
case for all cases where one or both surfaces are coated with DLC. The high-
est temperature increase is found for the case when both surfaces are coated
with DLC, followed by the case where the ball is coated with DLC and the
disc is uncoated, and ultimately the case where only the discis coated with
DLC. These findings are in line with the experimental resultsthat showed the
biggest decrease in friction for the cases where both surfaces were coated with
DLC, followed by coating only the ball, and then coating onlythe disc. The oil
temperature increase is largest at the high sliding, high entrainment speed case
and drops primarily with SRR, but also with entrainment speed. At the same
time, the measured friction reduction is also larger at higher sliding speeds.
Although the absolute difference in oil film temperature increase between the
different surface combinations vary with entrainment speed and SRR, the rel-
ative difference seem to be more or less the same in the four cases. The nu-
merical model clearly show that a 2 µm thin thermally insulating DLC coating
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can substantially change the lubricant temperature in the EHD contact, which
is likely to have a noticeable effect on the friction coefficient. An increased
lubricant temperature will lower the viscosity and limiting shear stress of the
lubricant, thus leading to lower friction. Furthermore, the increase in lubricant
temperature will only have a marginal effect on film thickness since the inlet
is not subjected to much heating compared to the hertz region. It is therefore
likely that the friction reduction measured for the combinations with one or
both specimens coated with DLC to some extent is due to the thermal insu-
lation of the coating. If there is no solid-liquid slip in thecontact due to the
roughness of the surfaces, or too strong solid-liquid interactions, the increase
of lubricant temperature in the contact may in fact be the only reason to the
decrease in friction. It is also possible that the friction reduction is an effect of
both solid-liquid slip, and thermal insulation of the DLC coating.

6.3 Thin layer thermal insulation

To further investigate the hypothesis presented in section6.2 where the thermal
insulating properties of DLC coatings were proposed to leadto a reduction in
full film EHD friction, a more advanced 3D numerical model wasused in
Paper D. The numerical model which uses lubricant transportproperties and
well founded rheological models is described in detail in Chapter 5. A series of
friction experiments were also conducted in a ball-on-discmachine where an
uncoated pair of specimens was compared to a pair of DLC-coated specimens
to validate the numerical results.

6.3.1 Method

The numerical predictions and experimental measurements were both per-
formed using the same conditions as reported in Table 6.1. Both were per-
formed with uncoated specimens, and DLC coated specimens. The coating
used was Tribobond 43, a hydrogenated amorphous carbon, (Cr+) a-C:H, ap-
plied through PACVD. The coating thickness was measured to 2.8 µm using
Calotest. A chromium based interlayer with a thickness of 0.1-0.3 µm de-
posited by magnetron sputtering were used to improve the adhesion. More
information regarding the specimens is found in section D.2.4.1.

Both numerical predictions and experiments were performedwith the same
lubricant, squalane, a commercially available low molecular weight branched
alkane (2,6,10,15,19,23-hexamethyltetracosane). An oilwithout additives was
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Table 6.1: Investigated conditions.

Temperature 40◦ C
Contact load 80 and 300 N
Maximum hertzian pressure 1.25 and 1.94 GPa
Entrainment speed,Ue 1, 1.6 ,3.145, 6.144 m/s
Slide to Roll Ratio, SRR 0.0002 to 1.05
Coating none or Tribobond 43

chosen to minimize the effect of tribochemical reactions onthe friction coeffi-
cient. At the test temperature of 40◦C, the ambient viscosity of squalane is 15
mPas and the pressure-viscosity coefficient is 18 GPa−1 [129].

The experiments were carried out in a Wedeven Associates Machine (WAM)
11, ball-on-disc test device described in section 2.11. Since the numerical
model used in this work does not take asperity interactions into account, the
tests were performed using grade 20 balls and polished discsgiving a com-
bined surface roughness of 43 nm RMS to reduce the occurrenceof asperity
interactions during testing. The test procedure followingthe conditions pre-
sented in Table 6.1 is given in section D.2.4.2.

6.3.2 Thermal insulation and friction

The results from the measurements and predictions are showntogether in Figs.
6.6 and 6.7. The figures show how the friction coefficient is changing with
SRR both in the measurements, and in the predictions. Results from other
combinations of loads and entrainment speeds are found in section D.3. It is
clear that the DLC coating offers a substantial friction reduction, in the case
of Fig. 6.7, around 40%. Although the numerically predictedfriction coef-
ficients deviate from the experimental ones in absolute value, the shape and
trend of the friction curves are qualitatively similar for both the coated and un-
coated cases. In view of the results and discussions of the numerical model in
Chapter 5, a perfect correlation between the predictions and the measurements
was not expected. Nevertheless, the results from the numerical predictions
show that the addition of a thin (2.8 µm) thermal insulating coating leads to a
substantial reduction of the friction coefficient in an EHD contact. Since the
numerical model does not incorporate any chemical/surfaceinteraction effects,
such as asperity interactions or solid-liquid slip, the observed reduction in the
numerical results can only be attributed to thermal effects.

Figure 6.8 shows the temperature distributions in the Z direction across
the film and solids (substrate and coatings (for the case of coated surfaces))
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Figure 6.6: Friction results at 1.25 GPa, 40◦C at 3.145 m/s entrainment speed
comparing uncoated and coated specimens in both simulation and experiment.
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Figure 6.7: Friction results at 1.94 GPa, 40◦C at 6.144 m/s entrainment speed
comparing uncoated and coated specimens in both simulation and experiment.
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from the inlet (X = -1.5) to the outlet (X = 1.5) at the same conditions as in
Fig. 6.7. X represents the position in the circular contact in the entrainment
direction. In an EHD contact the film thickness, and thus the ability to separate
the surfaces from contacting each other is governed by the viscous behaviour of
the lubricant in the inlet of the contact. On the other hand, friction is governed
by the viscous behaviour of the lubricant in the central areaof the contact.
Therefore a sufficiently viscous lubricant is required in the inlet to generate an
adequate film thickness, while low viscosity is desirable atthe contact centre
to reduce friction.

The difference in temperature in the inlet is very small, andwill thus lead to
negligible differences in film thickness between the coatedand uncoated case.
In the central parts (X = -0.5 to X = 0.5) of the contact there isa substantial
difference in lubricant temperature. The higher temperature in the lubricant
with the coated specimens will therefore lead to lower viscosities and conse-
quently lower friction. However, in the outlet of the contact (X = 1.0 and X
= 1.5) the lubricant temperatures are actually lower with the coating. At this
stage, the lubricant film is ruptured, and would therefore not contribute to the
friction. The higher lubricant temperature at the contact outlet for the uncoated
case results from heat transfer by conduction and advectionwithin the solids
from the centre of the contact (where most of the heat is generated) towards the
outlet. This leads to high solid surface temperatures at theexit of the contact,
which maintains the lubricant film at a higher temperature. In the coated case,
less heat is transferred to the liquid at the exit of the contact since DLC acts
like an insulating material. Figure 6.9 shows the flow profile(the x-velocity
component of the lubricant flow across the film) at the centre of the contact
for both coated and uncoated surfaces at the same conditionsas in Fig. 6.7.
The difference in velocity is large around the midlayer of the lubricant film
and near the faster moving surface. A lower velocity variation across the lubri-
cant film around the midlayer, and thus lower shear rates, in combination with
lower viscosities due to the higher lubricant temperaturesin the coated case
leads to the friction reduction compared to the uncoated case.

As seen in Figs. 6.6 and 6.7, the greatest reduction in friction with the
coating happens at the highest SRR, as expected since more heat is generated
at higher sliding speeds. Substantial friction reductionsare however achieved
already at much lower SRRs. Table 6.2 summarizes the friction reduction
achieved with the coating for all entrainment speed and loadcases at the high-
est SRR value of 1.05. It is clear that the relative reductionin friction is great-
est at the highest entrainment speed and reduced when entrainment speed de-
crease. Note that the relative reduction in friction is not much smaller at the
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Figure 6.8: Numerical simulation of lubricant film temperature in different loca-
tions of the lubricant film for uncoated specimens and coated specimens.
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Table 6.2: Friction reduction with DLC coating at SRR = 1.05.

Load [N] Entrainment Measured Predicted
speed [m/s] reduction [%] reduction [%]

300 6.144 41 48
300 3.145 35 46
80 6.144 39 46
80 3.145 37 46
80 1.611 30 39
80 1.0 24 28

3 4 5 6 7 8 9
0

0.1

0.2

0.3

0.4

0.5

0.6

0.7

0.8

0.9

1

Liquid velocity (m/s)

Z

 

 

Coated
Uncoated

Figure 6.9: Lubricant x-velocity profile at the centre of the contact across film
thickness. Z=1 is the faster moving surface (ball) and Z=0 is the slower moving
surface (disc).

low load compared to the high load. Even at the lowest load andthe lowest
entrainment speed, Fig. D.7, the friction reduction is significant even at a SRR
of 0.2. This indicates that excessive heat generation is notneeded to benefit
from a thermally insulating coating, and that SRR has greater influence on the
friction reduction than contact pressure.

6.4 Coating thickness and friction in EHL

The findings presented in sections 6.1 to 6.3 strongly suggests that thermal in-
sulation is of great importance for the observed friction reductions with DLC
coatings in full film EHL. To further increase the understanding of the fric-



6.4. Coating thickness and friction in EHL 121

tion reducing capabilities of DLC coatings in full film EHL, the solid-liquid
slip theory discussed in section 2.9 is related to the hypothesis of thermal in-
sulation. In Paper E, specimens coated with the same DLC coating, but with
different coating thickness are investigated in terms of friction reduction in full
film EHL, and compared to measurements of contact angle and surface energy
of the coatings. By investigating two coatings with supposedly the same sur-
face energy and contact angle, but with different thicknessand thus thermal
properties, the goal was to provide further information about the mechanisms
behind the full film EHD friction reducing capabilities of DLC coatings.

6.4.1 Method

A series of friction measurements were conducted in the WAM ball-on-disc
test rig described in section 2.11 with the conditions listed in Table 6.3. The
tests were performed with both uncoated specimens, and specimens coated
with Tribobond 43, a hydrogenated amorphous carbon, (Cr+) a-C:H. The spec-
imens were prepared with two different coating thicknesses, 0.8 and 2.8 µm,
measured using Calotest. The coatings were applied by PACVDand a chromium
based interlayer with a thickness of 0.1-0.3 µm deposited bymagnetron sput-
tering were used to improve the adhesion. The thermal conductivities of the
coatings were approximated to 1.75 W/mK for the 0.8 µm coating and 2.23
W/mK for the 2.8 µm coating. An analysis using Fourier’s law of thermal
conductive heat transfer indicated that the thinner coating, despite its lower
thermal conductivity, would conduct 2.75 times as much heatgiven identical
boundary conditions as the thicker coating. More details regarding the speci-
mens are found in section E.2.1 and the test procedure is described in detail in
section E.2.3.

The lubricant used for the tests was squalane, a commercially available
low molecular weight (422.81 g/mol) branched alkane (2,6,10,15,19,23- hex-
amethyltetracosane). A lubricant without additives was chosen to minimize
the effect of tribochemical reactions on the friction coefficient. At the test
temperature of 40◦C, the ambient viscosity of squalane is 15 mPas and the
pressure-viscosity coefficient is 18 GPa−1 [129].

The surface energies of the specimens were evaluated with the Owens-
Wend-Rabel-Kaelbe (OWRK) method using both demineralisedwater and di-
iodomethane. Contact angle measurements were also performed with squalane
on all specimens to determine the wetting performance of thelubricant used
in the friction tests. Surface tension measurements were also performed on
squalane using the pendant drop method. Finally, a spreading parameter pro-
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Table 6.3: Investigated conditions.

Temperature 40◦ C
Contact load 80 and 300 N
Maximum hertzian pressure 1.25 and 1.94 GPa
Entrainment speed,Ue 1.611, 3.145 and 6.144 m/s
Slide to Roll Ratio, SRR 0.0002 to 1.05
Coating thickness 0.8 and 2.8 µm

posed by Kalin and Polajnar [181] was used to evaluate the wetting perfor-
mance between squalane and the different specimens. More information about
the surface energy measurements and calculations can be found in section
E.2.4 while the surface tension measurements and spreadingparameter cal-
culations are described in sections E.2.5 and E.2.6.

6.4.2 Results and discussion

The results from the surface energy calculations are shown in Fig. 6.10. It
shows that uncoated steel has the highest surface energy of 50 mJ/m2 while
the DLC coatings have 48.1 mJ/m2 and 48.5 mJ/m2 for the 0.8 µm and 2.8 µm
coatings respectively. When looking at the distribution indispersive and polar
components of the surface energies for the investigated surfaces they are all
very similar in the sense that the dispersive component of the surface energy is
dominant and only a small part is coming from the polar component.

Figure 6.11 shows the results for the calculated spreading parameters for
the combination of squalane and the different surfaces. In all cases the spread-
ing parameter is positive, suggesting that the lubricant spreads over the sur-
faces with time and does not obtain a constant contact angle immediately. Ac-
cording to the definition, the lubricant will spread most easily on the uncoated
steel surface, and less on the coated surfaces. In this case,the thicker coat-
ing has a slightly higher spreading parameter suggesting that it would provide
lower wetting of the surface with squalane compared to the thinner coating.

Figure 6.12 shows the results from the contact angle measurements for
squalane on the specimens. The values were taken after about16 seconds and
represents a steady state contact angle. The low contact angles indicate good
wetting on all specimens.

The results from one of the ball-on-disc friction measurements are shown
in Fig. 6.13. More results can be found in section E.3 and theyall show the
same trend, although the absolute values are different. Theuncoated specimens
have the highest friction coefficients for all tested combinations of pressures
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Figure 6.10: Surface energies and the corresponding dispersive and polar parts
of investigated surfaces determined using the OWRK method.
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Figure 6.11: Spreading parameter values for squalane and the investigated
surfaces.
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Figure 6.12: Contact angle for squalane on the investigated surfaces.

Table 6.4: Friction reduction with DLC coatings at SRR = 1.05.

Load [N] Entrainment Reduction Reduction
speed [m/s] 0.8 µm [%] 2.8 µm [%]

300 6.144 26 41
300 3.145 20 35
80 6.144 29 39
80 3.145 23 37
80 1.611 16 30

and entrainment speeds. The thinner DLC coating leads to a significant re-
duction in friction coefficient, and friction is further reduced for the specimens
with the thicker coating. For all entrainment speeds the percental friction re-
duction is increased with the increase of SRR. Table 6.4 shows the reduction
in friction for all investigated cases at the highest SRR of 1.05.

If the friction reduction can be explained by the interaction between the
surface and the liquid as suggested by the solid-liquid sliptheory, it must be
possible to be determined by utilizing appropriate measurements. Such mea-
surements have included contact angle, surface energy and spreading param-
eter. However, in this work, the two investigated DLC coatings have almost
identical values for contact angle, surface energy, and spreading parameter,
but still generate significantly different friction reductions compared to the un-
coated specimens. These results indicates that measurements of contact angle,
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Figure 6.13: Friction measurements for squalane at 6.144 m/s entrainment
speed and 1.94 GPa of maximum hertzian pressure for uncoated steel and
two different thicknesses of the same DLC coating.

surface energy, or spreading parameter are not sufficient todescribe the full
film EHD friction reduction capability of a surface coating.Studies that indi-
rectly indicate solid-liquid slip as a consequence of reduced friction in EHL
may in fact, as indicated by this study, be an effect of thermal insulation, or
possibly, a combination of thermal insulation and solid-liquid slip.

6.5 In conclusion

In this chapter, several investigations have been presented with the goal of
elucidating the mechanisms behind the friction reduction achieved with DLC
coatings in full film EHL. From the empirical studies, the following important
facts can be highlighted:

• DLC coatings provides a reduction in EHD friction even in the full film
regime where there is no asperity interactions between the two mating
surfaces.

• The full film friction reduction can be achieved by coating only one of
the surfaces in contact, but the largest friction reductionis achieved by
coating both surfaces.
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• The friction reduction is achieved even though the surfaceroughness of
the specimens are one to two orders of magnitude rougher thanwhat is
generally considered the limit of solid-liquid slip.

• When applying the same kind of DLC coating, but with different thick-
ness to two pair of specimens, the thicker coating provides alarger fric-
tion reduction than the thinner coating. The difference in friction reduc-
tion is observed even if measurements showed that the two coatings had
almost the same surface energy, contact angle and spreadingparameter.

The fact that two coatings with the same surface energy, contact angle and
spreading parameters have significantly different friction reducing capabilities
leads to an important conclusion. It is not possible to explain the friction re-
duction observed in full film EHL with surface coatings by only considering
solid-liquid interactions.

As an alternative to the solid-liquid slip theory another hypothesis were
proposed where the low thermal conductivities of DLC coatings was shown to
have an effect on the EHD friction coefficient. In a first step,a 1-dimensional
numerical simulation model was developed to calculate the temperature in-
crease in a finite lubricant element that passes the EHD contact. The results
from the numerical model showed substantially higher temperature increases
of the lubricant when the surfaces were coated with DLC compared to un-
coated surfaces. The highest temperature increases calculated with both sur-
faces coated coincides with the largest friction reductionthat was measured
when both specimens were coated.

In a second step, a thoroughly validated thermal elastohydrodynamic lubri-
cation (TEHL) numerical model was used to predict the friction coefficient for
the tested cases. A series of friction measurements were also made to validate
the numerical results. Although the numerically predictedvalues, which ig-
nore accumulated heat, deviate from the experimental ones in absolute values,
the shape and trend of the friction curves are qualitativelysimilar. The nu-
merical model does not incorporate any chemical/surface interaction effects,
and thus the observed reduction in friction for the predicted results can only
be attributed to thermal effects. These findings presents strong evidence that
thermal insulation has an important role in full film EHL.

It is possible that some part of the friction reduction observed in the exper-
imental results presented in this chapter is caused by a combination of solid-
liquid slip and thermal insulation. It is however believed that the majority, or
possibly all of the friction reduction in these experimentsare due to thermal
insulation as an effect of the low thermal conductivities ofthe DLC coatings.



Chapter 7

Friction mapping and gear
contacts

As a means of reducing energy consumption and emissions in several fields
like the automotive market, research efforts are spent to increase the efficiency
of machine components. It has been assessed that 33 % of the fuel energy in a
car is used to overcome friction, and that 7-18 % of these friction losses orig-
inates from the transmission [140]. Running experiments with full size gear-
boxes from the real application has the advantage of giving realistic results in
terms of power losses depending on lubricant type, load, speed and operating
temperature. The drawback is extensive costs, and the difficulty in differenti-
ating between load dependent and load independent losses, and which part of
the losses are coming from the gears, seals, bearings or synchronizers respec-
tively. Even when a gear pair is rotating at a constant speed,several parameters
are changing along the line of action between the meshing teeth, such as load,
entrainment speed, and slide to roll ratio (SRR), as described in section 2.6. By
using a ball-on-disc machine, or a twin disc test rig it is possible to measure
friction coefficients for specific entrainment speeds and SRRs. The possibility
to use friction measurements in these kinds of devices that would correlate well
with gear tests would make friction predictions in gear transmissions cheaper,
and more accessible for companies or institutes not having agear test rig.

In Paper F, an investigation is conducted where the correlation between
friction measurements in a ball-on-disc machine is compared to friction mea-
surements in a FZG gear test rig. In addition, using the concept of friction
mapping introduced in Chapter 4, a method is proposed to predict the friction
coefficient in an arbitrary spur gear pair from a small amountof measurements
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Table 7.1: Lubricant properties.

Name Emgard Shell Statoil
MTF 4250 Spirax S6 Gearway S5

Classification 75W-90 75W-90 75W-140
Density @ 15◦C [kg/m3] 879 878 872
Kinematic viscosity @ 40◦C [mm2/s] 140 115 190
Kinematic viscosity @ 100◦C [mm2/s] 18.4 15.2 25
Dynamic viscosity @ 40◦C [mPas] 123 101 166
Dynamic viscosity @ 100◦C [mPas] 16 13 22

in the ball-on-disc machine.

7.1 Method

The gear tests were performed in a modified FZG rig described in section F.2.2.
Tests were performed in a range of rotational speeds from 750to 2000 rpm in
steps of 250 rpm. The tests were conducted at two torque levels, 302 Nm, and 0
Nm. By running tests with minimal torque, the load independent losses for the
system could be obtained for every rotating speed. An empirical formula was
used to calculate the load dependent bearing losses. By subtracting the power
losses from the full load test, with the losses from the no-load test and the
calculated load-dependent bearing losses, the contact friction losses for each
specific rotational speed could be assessed. Finally, an approximate average
friction coefficient for each rotational speed were calculated. A more detailed
description of the gear test procedure and the calculationsare given in section
F.2.4.

The purpose of the study was to create conditions in the ball-on-disc test
rig, described in section 2.11, as similar as possible to thegear tests, and com-
pare the friction data between the tests. For this reason, the surface roughness
values were very similar for the ball-on-disc specimens, and the gear speci-
mens. The combined RMS roughness was 43 nm for the ball-on-disc speci-
mens, and 42 nm for the gear specimens. More information about the spec-
imens can be found in section F.2.3. The experiments were performed with
three commercially available, fully formulated gearbox oils whose properties
are shown in Table 7.1.

An analytic geometric model of the gear contact was used to calculate
the maximum Hertzian pressure with 302 Nm of torque to approximately 1.24
GPa. The same model was also used to calculate SRRs and entrainment speeds
along the line of action. The SRR in a gear contact is independent of rota-
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Table 7.2: Investigated conditions in ball-on-disc rig.

Temperature 40 and 70◦C
Contact load 76 N
Maximum hertzian pressure 1.24 GPa
Entrainment speed,Ue 1 - 4 m/s
Slide to Roll Ratio, SRR 0.0002 - 1.2

tional speed and was calculated to range from -1.1 to 1.1 in the gears used in
this investigation. Since both pinion and gear have the sameproperties, the
entrainment speed is constant along the line of action, but dependent on the
rotational speed of the gears. The lowest tested rotationalspeed was 750 rpm
that corresponds to an entrainment speed of 1.37 m/s, while the highest speed
of 2000 rpm gives an entrainment speed of 3.66 m/s.

The ball-on-disc tests were performed with the same three oils as the gear
tests and at the same temperatures, 40 and 70◦C. In the gear setup, the contact
pressure is changing along the line of action due to changes in effective radius,
but also since the load is sometimes carried by only one toothengagement and
otherwise by two teeth. To be able to use the concept of friction mapping intro-
duced in Chapter 4, all tests in the ball-on-disc machine were performed with
a load of 76 N, equivalent to a maximum Hertzian pressure of 1.24 GPa which
is the same as the maximum pressure calculated for the gear contact. Friction
data for various entrainment speeds and SRRs were measured in a range that
spans the minimum and maximum values calculated for the gearcontact at
the different rotational speeds as detailed in Table 7.2. A triangle based lin-
ear interpolation method was used to create a friction map for a each lubricant
at a specific pressure and temperature for a range of entrainment speeds and
SRRs. An example of a 2D friction map is given in Fig. 7.1 wherefriction
coefficient is plotted as contours with entrainment speed and SRR at the x and
y axis. The figure also contains projections of the corresponding entrainment
speeds and SRRs for three different rotational speeds, 750,1250 and 2000
rpm, for the gear pair investigated in this work. Included inthe figure is also
the corresponding entrainment speeds and SRRs for a FZG typeC gear pair
at 2300 rpm. Here the entrainment speed is not constant alongthe line of ac-
tion since gear and pinion are not identical. The friction map can be seen as a
look-up-table for an arbitrary rotational speed of a gear pair. The line of action
were divided into a number of finite data points in the friction map for a spe-
cific rotational speed and used to calculate a mean friction coefficient that was
compared to the mean friction coefficient obtained from the same rotational
speed in the gear test.
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Figure 7.1: Example of friction map with corresponding entrainment speeds
and SRRs along the line of action for tested gear pair at 750 rpm (solid line),
tested gear pair at 1250 rpm (dashed line), tested gear pair at 2000 rpm
(dashed/dotted line) and FZG type C gear pair at 2000 rpm (dotted line).

7.2 Ball-on-disc and gear contact friction

The results from the ball-on-disc friction measurements and the FZG tests are
shown in Figs. 7.2 and 7.3 for the oil temperatures of 40 and 70◦C respectively.
The most important observation is that the ranking of the oils are the same in
both test rigs, at both oil temperatures. It is clear that thelowest contact friction
is achieved with the Gearway oil that has the highest viscosity, while the high-
est contact friction is achieved with the Spirax oil having the lowest viscosity.
This is the case for both 40 and 70◦C. However, it should be mentioned that
these differences may not solely depend on the viscosities of the lubricant, but
also other properties, such as the limiting shear stress, and different additive
packages. Furthermore, the shape of the friction curves arerelatively similar
between the test rigs indicating that the ball-on-disc measurements are reason-
ably well capturing the behaviour of the gear contact. The agreements between
the ball-on-disc measurements and the gear tests are well inline, or better than
comparisons between twin disc and gears found in literature[153,240,241].

However, there is a difference in absolute friction values between the ball-
on-disc and gear tests. One of the reasons are most likely thesimplification
of using only one pressure in the ball-on-disc measurementsto make the use
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Figure 7.2: Friction coefficients for ball-on-disc and gear tests for three different
lubricants conducted at an oil temperature of 40◦C.
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Figure 7.3: Friction coefficients for ball-on-disc and gear tests for three different
lubricants conducted at an oil temperature of 70◦C.
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of friction mapping possible. This pressure corresponds tothe pressure in the
gear contact when only one tooth is carrying the load. In parts along the line
of action where two teeth are carrying the load, the pressurewill be lower and
the friction coefficients will drop due to the reduction in pressure. This is one
reason for the ball-on-disc friction values to be slightly higher than the values
from the gear test, which is also the general case in Figs. 7.2and 7.3. More-
over, the deviations generally increase with rotational speed which is most
likely caused by different thermal properties of the two systems. It is expected
that thermal effects will increase more with rotational speed in the gear setup
than in the ball-on-disc setup due to the higher frictional power generated in
the gear rig.

Although the correlation between the gear tests and the ball-on-disc tests
are not always spot on in terms of absolute friction coefficients, the shape of the
friction curves are the same in both machines. Moreover, theranking between
the oils are maintained for the two different rigs suggesting that the use of
friction testing in a ball-on-disc machine would be a good alternative to a full
gear test for evaluating lubricants in terms of friction performance. In addition,
the use of the friction mapping concepts gives a gear developer the possibility
to assess an approximate friction coefficient for a type of gear with a specific
set of entrainment speeds and SRRs without having to manufacture such a
gear. A new gear pair, at a specific rotational speed, will cover a different set
of entrainment speeds and SRRs compared to the examples given in Fig. 7.1,
and if the friction map is sufficiently large, an enormous amount of different
gear geometries and rotational speeds could be assessed without having to run
any more ball-on-disc tests. The exception being large differences in contact
pressures that could possibly occur when changing gear geometries requiring
another ball-on-disc test to be performed at another pressure.

7.3 In conclusion

It has been shown that the friction coefficients obtained in acircular contact in
a ball-on-disc machine can be used to predict the contact friction in a spur gear
line contact with reasonable accuracy. This finding leads tothe possibility to
perform cheaper tests in a ball-on-disc machine to evaluatedifferent lubricants
in terms of friction performance compared to full gear tests. It also gives the
possibility to assess the frictional losses in several theoretical gear pairs with
different geometries by performing a small amount of ball-on-disc tests with
one, or several lubricants.
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Conclusions

The concept of friction mapping has been introduced as a complement to the
commonly used Stribeck and µ-slip curves often encounteredin literature.
Friction mapping is useful to characterize the friction behaviour of a system
consisting of lubricant properties, operating temperature, surface roughness
and possibly a surface coating in a wide range of entrainmentspeeds and slide
to roll ratios. It has been shown that a change in lubricant temperature or vis-
cosity can both increase or reduce friction depending on entrainment speed and
slide to roll ratio.

A numerical model has been presented where lubricant transport properties
were used to predict the friction coefficient in a circular EHD contact and com-
pared to experimental measurements in a ball-on-disc machine. In absolute
values the numerical results were found to be good considering the true pre-
diction approach. The inclusion of temperature dependenceof limiting shear
stress was identified as the most important area of improvement of the model.

By coating one, or both of the surfaces in an EHD contact with aDLC
coating, friction is decreased, even in the full film regime.Coating both sur-
faces with DLC gives a larger friction reduction compared tocoating only one
of the surfaces. It has been shown that the friction reduction achieved with
DLC coatings in full film EHL is not necessarily governed by solid-liquid slip
as suggested in much of the literature, but rather due to a thermally insulating
effect of the DLC coating. A numerical model was used to investigate the ef-
fect of thin, thermally insulating layers in EHL. The results show that a thin,
thermally insulating layer will increase the lubricant temperature inside of the
contact and consequently reduce the friction coefficient while only marginally
influencing the film thickness. The numerical model does not incorporate any
chemical/surface interaction effects, and thus the observed reduction in friction
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for the predicted results can only be attributed to thermal effects.
Experiments conducted in EHL with two identical DLC coatings, but with

different thickness, show that both coated cases reduces friction compared to
uncoated specimens, but that the thicker coating provides alarger reduction
than the thinner coating. Surface energy and contact angle measurements show
only marginal differences between the two coating thicknesses, which indicate
that it is not possible to explain the friction reduction achieved in full film EHL
with surface coatings by only considering solid-liquid interactions.

These findings open a new realm of coatings where the focus arethe ther-
mal properties, resulting in cheaper and more effective coatings to reduce fric-
tion.

The friction coefficients obtained in a circular contact in aball-on-disc
machine can be used to predict the contact friction in a spur gear line con-
tact with reasonable accuracy. This finding leads to the possibility to perform
cheaper tests in a ball-on-disc machine to evaluate different lubricants in terms
of friction performance compared to full gear tests. It alsogives the possibil-
ity to assess the frictional losses in several theoretical gear pairs with different
geometries by performing a small amount of ball-on-disc tests with one, or
several lubricants.



Chapter 9

Future Work

The investigations conducted in this thesis has led to a number of research
topics that would be interesting to address in future work:

• The temperature dependence of the limiting shear stress must be in-
cluded in numerical models of EHD friction in order to achieve even
better predictions.

• Is it possible by clever use of ball-on-disc measurements to obtain lubri-
cant data to enable accurate friction predictions without the use of high
pressure rheology measurements and molecular dynamics simulations?

• More studies are needed to investigate solid-liquid slip and thermal in-
sulation effects of surface coatings in EHL. Is solid-liquid slip actually
taking place in systems with engineering roughness and lubricants used
in machine components, and where are the limits in terms of contact
pressure and surface roughness for solid-liquid slip to occur?

• How large friction reductions can be achieved in EHL by designing a
new type of surface coating with the aim of maximizing the capability
of thermal insulation?

• Is it possible to use experimental measurements in a ball-on-disc ma-
chine to assess the friction coefficients in more complex gear geome-
tries such as helical gears and hypoid gears in a similar way as it has
been applied to spur gears?
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Abstract

A friction test is conducted in a WAM ball-on-disc test rig. The output from
the test is friction coefficient versus entrainment speed and slide-to-roll ratio
presented as a 3D friction map. A number of parameters are varied while
studying the friction coefficient; surface roughness, baseoil viscosity, base oil
type and EP additive package. Entrainment speed, slide to roll ratio and oil
temperature are also varied. The results show that the mapping is efficient
in showing the different types of friction that may occur in an EHL contact.
The results also show that the friction behaviour can be strongly influenced
by changing surface roughness as well as base oil viscosity,base oil type, EP
additive content and operating temperature.
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A.1 Introduction

Reducing losses in transmissions has become a priority in the automotive mar-
ket during the latest years, mainly due to environmental aspects leading to
regulations on the automotive industry to drive the development of cars with
lower fuel consumption. Rising fuel prices and increasing environmental con-
cern also makes customers more prone to purchase more fuel efficient vehicles.

In addition to the fuel savings that could be done by increased efficiency
of transmissions there are other benefits as well. A more efficient transmission
will in general generate less heat, and experience less wear. This will lead
to fewer failures, longer lifetime of components, and possibly longer service
intervals. Furthermore this implies a possibility to reduce coolant components,
thus reducing the total weight of the system, leading to further decrease in
consumption and a lower impact on nature due to a reduction ofmaterial usage.
A low weight design is also beneficial for vehicle dynamics and handling.

In some cases a substantial part of the losses in an automotive transmission
is attributed to gear contact friction due to sliding and rolling between the gear
teeth. The total transmission losses due to gear contact friction are ranging be-
tween 4.5 and 50 percent [165,242,243]. Generally gearboxes running at low
speeds and high loads have a substantial part of gear contactlosses, whereas
high speed applications usually dominates by churning losses. Since churn-
ing losses mostly are related to the oil viscosity, the best system performance
ought to be obtained by optimizing the gear contact to work with as low vis-
cosity as possible to minimize churning losses while still keeping a low wear
of the system.

Much research has been conducted on the topics of gear contacts covering
contact geometry, materials, surface topography, coatings as well as lubricant
properties and rheological effects. Several authors have presented papers de-
scribing and modeling the gear contact behaviour. Already 1966 Dowson and
Higginson [62] used their EHL theory to predict the film thickness between
two gear teeth at the pitch point. This work was extended by Gu[244] to
include the whole line of action in an involute gear mesh. This study also
included an approximate thermal model. The complexity of the models has
increased over the years to consider more parameters and gives more accurate
results. Recently Akbarzadeh and Khonsari [145] presenteda model for calcu-
lating the friction in spur gears considering shear thinning and surface rough-
ness. Their model uses the scaling factors of Johnsonet al. [245], to predict
friction from the hydrodynamic respectively asperity contact part, and Green-
wood and Tripp [246] formula for contacts between two rough surfaces. They
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later extended their model to incorporate thermal effects in the analysis [146].

Parallel with the theoretical research, experiments have been carried out
for different purposes. One is of course for validation of mathematical models,
but it is also a way to test how altering different factors, such as lubricant
properties and surface roughness influences for instance the efficiency of the
system. Experiments are conducted in various tests rigs, for instance the FZG
back-to-back, as well as in twin disc, and ball-on-disc configurations. All
of these has their own benefits and disadvantages which must be considered
together with the purpose of the actual experiment. Experiments with real
gears are of course closest to the real application, and in some cases the actual
gear box is mounted in a test rig and the experiments are performed. This
approach gives very good indications on how the real system performance is
influenced by changing certain parameters, and standardised methods like the
FZG should make it easy to replicate results [153,154,162,169,247]. However,
testing with real gears is generally the most expensive way of testing, and it is
also hard to draw any detailed conclusions since there are many components
influencing the results and the output generally is an average friction value
even though contact load, radii, entrainment speed and slide to roll ratio (SRR)
are continuously changing along the line of action.

Many authors have used twin-disc test devices to simulate power loss and
wear behaviour of gear contacts [169, 241, 247, 248]. The benefits compared
to gear testing are lower costs, and the possibility to in detail study param-
eters like friction coefficient at specific entrainment speeds and slide to roll
ratios. Furthermore it is possible to simulate the gear contact without other
friction losses present in gears (like churning in dip lubricated gears and bear-
ing losses).

The ball-on-disc configuration shares the benefits of the twin disc, and is
also easier to control since there are not the same alignmentissues. In the
present study a Wedeven Associates Machine (WAM) ball-on-disc configura-
tion is used to study the friction behaviour in various entrainment speeds and
slide to roll ratios. Additional parameters studied includes: surface roughness,
base oil type, base oil viscosity, oil temperature and additive packages. The
output from the test is friction coefficient versus entrainment speed and slide-
to-roll ratio presented as a 3D friction map. Ball on disc friction experiments
have earlier been carried out to investigate EHL film formation and friction
behaviour during rolling and sliding [24,179].
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A.2 Method

The following sections cover a description of the ball-on-disc test rig, the test
specimens and lubricants, and an overview of the test procedure.

A.2.1 Ball on disc tribotester

The experiments are conducted in a Wedeven Associates Machine (WAM)
ball-on-disc test device, model 11, where the contact is shown in detail in Fig.
A.1. The WAM utilizes advanced positioning technology for high precision
testing under incipient sliding conditions. The ball and the disc are driven by
separate electric motors, the former to a speed up to 25000 rpm and the lat-
ter up to 12000 rpm. Each motor is adjustable on-line to change entrainment
speed and slide to roll ratio. The standard ball specimen hasa diameter of
20.637 mm and the disc has a diameter of 101 mm. With standard sized test
specimens an entrainment speed of up to 27 m/s is possible under pure rolling
conditions, and the maximum load of 1000 N which gives a maximum circular
Hertzian contact pressure of 2.91 GPa.

The test device contains a built in cooling and heating system allowing
for lubricant test temperatures between 5 and 100◦C. A closed loop system
supplies the ball-on-disc contact with new lubricant.

Load cells are used to measure the force on the three principal axes where
the machine operates, X, Y and Z. The test device also measures shaft rotating
speeds, oil pump speed and values from up to twelve thermocouples. In the
current setup three thermocouples are used. One is located in the oil bath, one
in the outlet of the oil supply and one measures oil film temperature very close
to the inlet region in the ball-on-disc contact.

The lubricant is supplied to the contact through the oil dispenser in the
middle of the disc in Figs. A.1 and A.2. The oil dispenser has several small
holes on the underside which distributes the lubricant on tothe disc. The sup-
ply to the oil dispenser is secured by a hose pump delivering approximately 60
ml/min which is connected to the oil sump.

A.2.2 Test specimens and lubricants

Two different pairs of test specimens were used in the test. The first pair,
referred to as "smooth" is made from AISI 52100 bearing steel, where the
balls are taken direct from factory and the discs are processed the same way
as raceway material. These specimens both have a hardness ofHRC = 60
and very smooth surfaces (approximately 30 nmSa for the ball and 55 nm
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Figure A.1: WAM ball-on-disc test device.

Figure A.2: Schematic sketch of the WAM ball-on-disc test device.
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Table A.1: Roughness and standard deviation values of unworn discs.

Material Diameter [mm] Sa[nm] Sq[nm] StdSa StdSq

9310 95 220 282 13 17
9310 81 214 274 11 16
9310 60 221 283 7 10
52100 95 55 77 2 4
52100 81 54 76 3 6
52100 60 57 81 2 4

Table A.2: Test oil data.

Type SL324 SL211 SL212 SL326
Additives None None EP None

Kin. Visc @ 40◦C 103 30.8 30.7 109.3
[cSt]

Dyn. Visc @ 40◦C 94.5 27.1 27.1 94.9
[mPas]

Kin. Visc @ 100◦C 15.6 5.3 5.3 11.98
[cSt]

Dyn. Visc @ 100◦C 13.4 4.46 4.46 9.97
[mPas]

Density @ 15◦C 928 872 872 885
[kg/m3]

Viscosity Index 157 104 104 99
Type Ester Mineral Mineral Mineral

Sa for the disc) whereas the second pair, referred to as "rough"is made of
AISI 9310 gear steel for both ball and disc providing a rougher grind closer to
gear roughness, approximately 220 nmSa for the disc and 200 nmSa for the
ball. The 9310 disc is case carburized to a depth of about 0.8 mm and has a
hardness of HRC = 63. Both discs have a circumferential grind. The roughness
of the discs was measured with a Wyko NT1100 optical profilingsystem from
Veeco. Measurements were done using 10x magnification and 0.5x field of
view (FOV). The measurements were made at different diameters of the discs.
For each diameter, mean values of seven measurements on different positions
of the discs are presented together with standard deviationin Table A.1.

Four different lubricants were used in the study. Two pure mineral base oils
with the same dynamic viscosity, 27.1 mPas at 40◦C, one of them with a two
percent EP additive content, and one pure mineral base oil ofthe same type but
with a dynamic viscosity of 94.5 mPas at 40◦C. One saturated synthetic ester
with a dynamic viscosity of 94.9 mPas at 40◦C were also tested. The lubricant
data is presented in Table A.2.
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A.2.3 Test procedure

The test cycle covers entrainment speeds between 0.34-9.6 m/s and slide to roll
ratios from 0.0002 to 0.49, or 0.02 to 49 % slip as used in the present paper. In
all cases of slip the ball rotates faster than the disc. SRR, or slip is defined as
the speed difference divided with the mean entrainment speed. After the test,
surfaces were measured in the Wyko to observe eventual changes in surface to-
pography. Before each test the device and specimens were thoroughly cleaned
with heptane and ethyl alcohol, and the test device warmed upapproximately
60 minutes before starting the test with lubricant circulation to ensure temper-
ature stability. During the warm up sequence the entrainment velocity is set
to 2.5 m/s and there is no load applied, but the ball is positioned very close to
the disc so that lubricant is circulated over the ball to ensure warm up. When
temperature stability is reached a 200 N load, equivalent to1.7 GPa Hertzian
pressure is applied and the machine calibrated for pure rolling. The machine
is run 20 minutes with these settings to ensure a mild run-in.The test cycle
is then started which contains several loops where the slip is held constant for
each loop and the entrainment speed is varied from 9.6 to 0.34m/s. In the first
loop the slip is held at 0.02 % and is increased with each loop until it reaches 49
%. The test cycle is then repeated in the same track for both ball and disc until
the absolute traction coefficient does not vary more than a maximum of 0.002
from the previous test cycle, excluding slip below 0.16 % where the machine
scatters a bit.

When this occurs, the system is considered run in, and the data from the
final test cycle is used for evaluation. The oil bulk temperature and the temper-
ature at the disc surface is deviating less than± 1.5◦C from the target tempera-
tures of 40 and 90◦C during testing. However, the actual contact temperatures
are higher than the bulk oil temperature. In the most severe cases with high en-
trainment speed, SRR and coefficient of friction, the contact temperature will
increase several tens of degrees. [229]

The logged data from each test is processed separately. All measured val-
ues from a specific running condition is averaged, and a triangle based linear
interpolation is used between the data points. The result iseither plotted as a
3D map, or as a 2D contour map.

A.3 Results and discussion

The different test cases are shown in Table A.3, also containing surface rough-
ness information after completed tests. Figure A.3 shows a 3D friction map of
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Table A.3: Test cases.

Track Oil Temp[◦C] Material Sa[nm]
diameter[mm] (AISI) (After test)

70 SL326 90 9310 187
74 SL211 90 9310 188
77 SL212 90 9310 186
96 SL324 90 9310 197
94 SL326 40 9310 194
80 SL212 40 9310 183
82 SL211 40 9310 191
92 SL324 40 9310 201
76 SL326 90 52100 54
74 SL211 90 52100 55
68 SL212 90 52100 55
93 SL324 90 52100 56
92 SL326 40 52100 54
90 SL211 40 52100 56
94 SL212 40 52100 52
95 SL324 40 52100 55

one of the test cycles, where friction coefficient is displayed versus entrainment
speed and slip. Here one can see the high gradient in frictioncoefficient when
little slip is induced from pure rolling, as well as the general decrease in fric-
tion coefficient with increased entrainment speed. In addition to the 3D map, a
contour map is usually more suitable for comparisons. Figure A.4 shows a 2D
contour map corresponding to the friction map in figure A.3. All the results in
the present work are presented in 2D contour maps Figs. A.7(a)- A.10(d).

Figure A.5 shows a schematic 2D friction map divided into four different
regimes, with reasoning from Johnson and Tevaarwerk [124].In the linear
region "L", shear stress is proportional to shear rate, and are in the presented
maps barely visible. The non-linear region, "NL", is dominated by shear thin-
ning effects. In the thermal region, "T" the shear stress decreases with increas-
ing shear rate. Finally one region is marked "M", where asperity contact occurs
between the surfaces, which is the mixed lubrication regime. The boundaries
of these regions are exclusive for each system, depending onrunning condi-
tions as well as on the material and lubricant parameters.

The location of the mixed lubrication boundary is assumed tobe where
the coefficient of friction is no longer decreasing with increasing slip for a
certain entrainment speed, which would imply incipient asperity interactions.
However, this is a floating boundary controlled by several parameters, among
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Figure A.3: 3D friction map - SL211, 40◦C, smooth.
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Figure A.4: 2D Contour map - SL211, 40◦C, smooth. Dashed lines indicates
operating conditions for a FZG type A gear at 3200 RPM.
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Figure A.5: 2D map - Regimes.
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Figure A.6: Power map [MW/m2].
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(a) Smooth surfaces, 40◦C
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(b) Smooth surfaces, 90◦C
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(c) Rough surfaces, 40◦C
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(d) Rough surfaces, 90◦C

Figure A.7: 2D friction maps - SL211, low viscosity oil without EP additive.
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others the balance between increasing asperity interactions, and the decrease
in limiting shear strength and increased shearability withthe increase in tem-
perature associated with increased slip, both affecting coefficient of friction,
but in opposite ways.

The location of the thermal boundary is assumed to be where the limiting
shear strength is reached for the lubricant, and thus entering the region where
thermal effects dominates the coefficient of friction.

For each combination of running conditions a mapping of the input power
of the system can be done by multiplying the measured friction coefficient with
entrainment speed, SRR and contact pressure. Figure A.6 shows the power
input corresponding to the case in figure A.3. It is evident that reducing coef-
ficient of friction in the high speed, high slip region has a bigger influence on
the total frictional losses compared to a reduction of friction coefficient in the
low speed, low slip region.

The coefficient of friction is most commonly presented against SRR in
a plot often referred to as a "µ-slip curve", or against entrainment speed in a
Stribeck like curve. The friction maps presented here provide advantages com-
pared to these more conventional ways of presenting friction results. Since the
friction maps contain both SRR, entrainment speed and coefficient of friction it
can replace several µ-slip and Stribeck curves, and it is easy to see how changes
in entrainment speed and SRR influences the friction coefficient. There is also
possible to indentify the regimes discussed above and thus understand which
mechanisms that are mainy contributing to the friction in different areas of the
map. By indicating the typical running condition for a certain application, for
instance a gear mesh, or a cam follower one could approximately calculate
contact friction power loss for the application, and also determine where it is
most suitable to put in resources to lower the friction coefficients, and hence
the power loss. In figure A.4 the operating conditions (entrainment speed and
SRR) for a FZG type A gear at 3200 RPM is indicated as two dashedlines.

A.3.1 Surface roughness

It is evident from the test results that the surface topography has a rather big
influence on friction characteristics. In all cases where oil type and temperature
are kept at the same level the test cycles performed with the smoother surfaces
gives lower coefficients of friction. Furthermore, the mixed lubrication regime
is larger when rough surfaces are used, not surprising sincethe transition from
full film to mixed lubrication is reached at higher entrainment speeds. This
could be examined in pairs, for instance, Figs. A.7(a) and A.7(c) or Figs.
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(a) Smooth surfaces, 40◦C
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(b) Smooth surfaces, 90◦C
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(c) Rough surfaces, 40◦C
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(d) Rough surfaces, 90◦C

Figure A.8: 2D friction maps - SL326, high viscosity oil without EP additive.

A.7(b) and A.7(d).

In case of the smooth disc and ball pair, the observations made after the
test cycles showed only minor signs of wear on the disc surface, and a very
small wear track on the balls, suggesting a mild running in ofthe surfaces.
This is also confirmed by the surface roughness measurementswhere theSa

values presented in table A.3 is very close to the measurements made outside
the tracks presented in table A.1. The rough balls and disc onthe other hand
show more pronounced wear, where theSa values, in the wear track on the
disc, generally are 30-40 nm smoother compared to the unworndisc. It is,
however, difficult to draw any conclusions from the difference in wear when
using the various oil and temperature combinations. This isbecause the result-
ing surface measurements show very similar results, within20 nm inSa for
all wear tracks, and that the difference could as well be attributed to different
amounts of roll-overs, since the tracks are located on different diameters on the
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(a) Smooth surfaces, 40◦C
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(b) Smooth surfaces, 90◦C
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(c) Rough surfaces, 40◦C
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(d) Rough surfaces, 90◦C

Figure A.9: 2D friction maps - SL212, low viscosity oil with EP additive.

disc, and that tests have not been run the same number of timesfor all com-
binations. Furthermore is the surface roughness varying atdifferent locations
on the disc even before the tests are performed as shown by Table A.1. How-
ever, there is an indication that tests performed with the thicker oils, SL324
and SL326 were less worn.

A.3.2 Temperature and viscosity

With increasing temperature, pressure-viscosity coefficient, limiting shear stress
and viscosity are decreasing [249,250]. As a consequence ofthis, the lubricant,
and therefore also the friction characteristics, will havedifferent behaviours at
40 and 90◦C. At the lower temperature the friction coefficients will increase
more with increased slip, and also reach higher values due toa higher lim-
iting shear strength. However, after the peak value, the friction coefficients
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(b) Smooth surfaces, 90◦C
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(c) Rough surfaces, 40◦C
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(d) Rough surfaces, 90◦C

Figure A.10: 2D friction maps - SL324, ester oil without EP additive.
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will decrease faster as well. This behaviour can be seen in Figs. A.7(a) and
A.7(b) or Figs. A.8(a) and A.8(b), where the friction coefficients increases in
the thermal region, and decreases in the Linear and Non Linear regions when
the lubricant temperature is increased from 40 and 90◦C for cases with smooth
surfaces. The same behaviour is observed for the ester as seen in Figs. A.10(a)
and A.10(b).

Cases with rough surfaces follow the same trend, however showing higher
friction coefficients in average due to a transition from full film to mixed lu-
brication regime at higher speeds, thus increasing the areaof the mixed lubri-
cation regime, see Figs. A.7(c) and A.7(d) or Figs. A.8(c) and A.8(d).

An interesting comparison is between the high viscosity oilSL326 at 90◦C
Fig. A.8(b), and the low viscosity oil SL211 at 40◦C, Fig. A.7(a) tested with
smooth surfaces. In this case the SL211 has three times as high viscosity
compared to SL326 since they are run at different temperatures. Despite this
the latter show lower coefficients of friction with the exception of a region with
high speeds and high slip. This comparison also indicates that the film formed
in both cases are sufficient, and that the lower limiting shear strength, and
more easily sheared films at higher temperature is beneficialfor the friction
coefficients.

Changing the lubricant viscosity from low to high with smooth surfaces
show small differences, Figs. A.7(a) and A.8(a) or Figs. A.7(b) and A.8(b),
suggesting that the film thickness in both cases are sufficient for full film lu-
brication in most parts of the map. The friction coefficientsare lower for the
higher viscosity oil in the thermal region, but higher in thelinear and non-
linear region. The former is believed to be due to higher thermal insulation
in the thicker oil film for the high viscosity oil, and therefore locally higher
temperatures in the film leadning to lower shear resistance.However, for the
test cases with rough surfaces, a change from the lower viscosity oil, SL211 to
the higher viscosity oil, SL326 shows a general decrease of the friction coeffi-
cient and a transition from full film to mixed lubrication at lower speeds, Figs.
A.7(c) and A.8(c) or Figs. A.7(d) and A.8(d). Metal to metal contact is thus
more likely to occur with a low viscosity oil.

A.3.3 Additives

When adding EP additive to the low viscosity oil, the friction coefficient in the
low temperature tests show very little difference, Figs. A.7(a) and A.9(a), or
Figs. A.7(c) and A.9(c). At 90◦C and with the smoother surfaces, Figs. A.9(b)
and A.7(b), the SL326 EP oil shows a slightly lower friction coefficient, but
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with the rougher surfaces the friction coefficient is highercompared to the
pure base oil, Figs. A.7(d) and A.9(d). Similar results werereported in [251]
where higher friction coefficients were found for rough surfaces with added EP,
and lower friction coefficients with added EP with smooth surfaces, compared
to the same base oil without EP additive, for measurements made at 90◦C.
These results suggest that the EP additive becomes more reactive with higher
temperature and an increased number of asperity collisions.

A.3.4 Base oil type

The thicker of the mineral oils, SL326 has similar dynamic viscosity compared
to the ester oil, SL324 for an operating temperature of 40◦C. The ester show
lower friction coefficients for both the smooth and rough material pairs, Figs.
A.10(a) and A.8(a) respectively Figs. A.10(c) and A.8(c). The main differ-
ences between the ester and the mineral oil are lower limiting shear strength,
pressure-viscosity coefficient and temperature-viscosity coefficient for the es-
ter [99]. The difference in temperature-viscosity coefficient explains the dif-
ference in viscosity index and hence the fact that the viscosities are similar for
both oils at 40◦C but lower for the mineral oil at 90◦C. The lower limiting shear
strength in combination with the lower high pressure-viscosity in the thermal
region is thought to be the reason for the lower friction coefficients for the
ester. When comparing the same oils at 90◦C the differences are even bigger
with lower coefficients of friction for the ester oil, Figs. A.8(b) and A.10(b)
or Figs. A.8(d) and A.10(d). An effect as discussed earlier are believed to be
due to benefits of larger film thickness for the ester oil whichhas an higher
viscosity at 90◦C.

A.4 Conclusions

A method for evaluating and presenting contact friction behaviour in EHL tri-
bological systems with respect to surface roughness, temperature and oil pa-
rameters under various running conditions are presented. The method gives
a good overview, a system finger print, of the frictional behaviour in a broad
operating range, and the performed tests show the differences in friction coef-
ficient with respect to different surface topographies as well as viscosity, base
oil type and temperature.

The method was applied in a study of the influence of a number ofparam-
eters. The following conclusions can be drawn from this study:
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1. Decreasing base oil viscosity increases contact friction in most operating
conditions, introducing a transition from full film to mixedlubrication
at higher entrainment speeds due to thinner lubricating films, and also
increasing friction coefficients in the thermal region.

2. Increasing the operating temperature lowers the friction coefficients in
the Linear and Non Linear regions and the opposite for the high speed-
high slip thermal region.

3. By using smoother surfaces the transition from full film tomixed lubri-
cation occurs at lower entrainment speeds.

4. An ester oil with the same viscosity as the mineral oil shows lower fric-
tion coefficients for all investigated running conditions.
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Abstract

High hardness, high elastic modulus, low friction characteristics, high wear
and corrosion resistance, chemical inertness and thermal stability are factors
that make diamond like carbon (DLC) coatings the subject of many studies.
For the same reasons they also seem suitable for use in, amongst others, ma-
chine components and cutting tools. While most studies in literature focus on
the influence of coatings on wear and friction in boundary lubrication and pure
sliding contacts, few studies can be found concerning rolling and sliding EHL
friction, especially in the mixed and full film regime. In thepresent paper tests
are carried out in a Wedeven Associates Machine (WAM) tribotester where an
uncoated ball and disc pair is compared to the case of coated ball against un-
coated disc, coated disc against uncoated ball, and coated disc against coated
ball. The tests are conducted at two different temperaturesand over a broad
range of slide to roll ratios and entrainment speeds. The results are presented
as friction maps as introduced in previous work [252]. Furthermore a numer-
ical simulation model is developed to investigate if there is a possibility that
the hard, thin DLC coating is affecting the friction coefficient in an EHL con-
tact due to thermal effects caused by the different thermal properties of the
coating compared to the substrate. The experimental results show a reduction
in friction coefficient in the full film regime when DLC coatedsurfaces are
used. The biggest reduction is found when both surfaces are coated, followed
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by the case when either ball or disc is coated. The thermal simulation model
shows a substantial increase of the lubricant film temperature compared to un-
coated surfaces when both surfaces are coated with DLC. The reduction in
friction coefficient when coating either only the ball or thedisc are almost the
same, lower than when coating both surfaces but still higherthan the uncoated
case. The findings above indicate that it is reasonable to conclude that thermal
effects are a likely cause for the decrease in coefficient of friction when operat-
ing under full film conditions, and in the mixed lubrication regime when DLC
coated surfaces are used.
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B.1 Introduction

The elastohydrodynamic lubrication (EHL) performance of machine compo-
nents is governed by many factors such as lubricant properties, load conditions,
operating temperature, speed, slide to roll ratio and surface roughness. Increas-
ing demands on improved efficiency, sustainability and longer service life have
led to improvements in lubrication technology and surface finishing techniques
as well as geometrical changes to components to improve the performance. In
recent years tribological coatings have been more frequently used to improve
the performance of machine components. The use of tribological coatings have
been shown to have several benefits, such as improved runningin performance,
higher wear resistance and reduced friction. Some machine components like
journal bearings are mainly operating in the full film regime, while other com-
ponents like rolling contact bearings, gears and cam followers are operating
in a range from boundary or mixed to full film EHL. It is therefore of interest
to understand the influence of coatings in all regimes. The focus in this study
is on thin, hard coatings usually deposited using physical vapour deposition
(PVD) or plasma enhanced chemical vapour deposition (PECVD) such as dif-
ferent varieties of diamond like carbon (DLC). The following section contains
a short review of the effect of DLC coatings on wear and above all friction in
EHL contacts.

High hardness, high elastic modulus, low friction characteristics, high wear
and corrosion resistance, chemical inertness and thermal stability are factors
that make DLC coatings the subject of many studies, and seem suitable for
use in, amongst others, machine components and cutting tools. DLC coatings
show low dry friction (friction coefficients are typically in the range of 0.1-0.2)
and wear rates compared to steel on steel in dry conditions, an effect mainly
attributed to the formation of easily sheared graphitic layers on one or both of
the mating surfaces [173, 174]. It is reported that in some cases the friction
coefficient of a steel-DLC dry interface is lower than a lubricated steel-steel
interface [173]. However, most machine components are operating under lu-
bricated conditions, and several studies have been conducted on the topic of
DLC performance under lubricated conditions.

In general the friction in boundary lubrication is lower fora steel-DLC sys-
tem compared to a steel-steel system and especially during the running in pro-
cesses a system containing at least one DLC coated surface shows much lower
initial friction coefficients, and a faster and more efficient running in [173,175].
A system where both surfaces are DLC coated also shows a lowerinitial fric-
tion value but a longer running in period as expected since both surfaces have
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high hardness and therefore need a longer time to smoothen down. Another
issue that arises when both surfaces are coated are the surface additive inter-
actions. Most of todays lubricants with extreme pressure (EP) and anti wear
(AW) additives are formulated with steel contacts in mind, and when there is
no steel surface available, the additives may not work as intended. Several
studies indicate that EP and AW additives developed for steel-steel contacts
still give beneficial effects in systems where two, or preferably one surface is
coated with DLC [175, 253]. ZDDP has been widely used since 1960 and is
proven to work well together with iron surfaces where a polyphosphate film is
formed that gives good wear resistance. Podgorniket al. has found that aWS2

tribofilm is formed when sulfur is present in the lubricant ina sliding WC DLC
coating [254]. The same reaction was observed by Mistryet al. in tests run
with WC DLC together with a lubricant containing ZDDP and MoDTC where
MoS2 andWS2 tribofilms were formed resulting in promising friction and wear
performance [255]. Several other authors have also studiedthe interaction be-
tween DLC coatings and the combination of ZDDP and MoDTC [256–260].
However depending on lubricant composition, additive package and type of
DLC coating both friction and wear performance varies greatly so it is hard to
draw any general conclusions [176,177,261,262].

While most studies in literature focus on the influence of coatings on wear
and friction in boundary lubrication and pure sliding contacts, few studies can
be found concerning rolling and sliding EHL friction, especially in the mixed
and full film regime. Renodeauet al. used a rolling sliding mini traction ma-
chine (MTM) to test discs coated with four different commercial DLC coat-
ings against a steel ball with four different lubricants [176]. The entrainment
speed in the test device was chosen to simulate mixed lubrication. Friction
and wear of the different configurations were measured and showed dissimilar
results, some material/lubricant combinations showed lower friction and wear
compared to the steel-steel system whereas some combinations showed higher
friction and wear. Topolovec-Miklozicet al. also performed tests in a MTM
where two types of commercial DLC coatings were studied, onehydrogenated
diamond like and the other Cr-doped, non hydrogenated and graphitic. The
study focused on the effect of boundary friction with several types of addi-
tives [177]. Bobzinet al. performed tests in a twin disc tribometer with two
different PVD coatings, WC/C and CrAIN, compared to uncoated discs [178].
Both of the latter studies report lower friction coefficients for the coated spec-
imens in both boundary and mixed lubrication. It is however not clear if the
friction reduction achieved in the mixed lubrication regime is solely attributed
to lower friction in the asperity interactions or if there isalso a beneficial effect
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in the hydrodynamic part of the mixed lubrication regime.
A dissertation written by Hai Xu at Ohio State university caught the au-

thors interest [179]. Here tests were performed in a WedevenAssociates Ma-
chine (WAM) ball-on-disc test device with both uncoated andDLC coated steel
balls and discs. The tested combinations were with either both ball and disc
uncoated, or uncoated disc against a coated ball or both balland disc coated.
Results from the tests showed significantly reduced friction coefficients even
in full film lubrication with coated surfaces, especially the case with both sur-
faces coated. Other than a comment that coatings should be considered in
any efficiency improvement efforts there is no further discussions regarding
how a coating can reduce friction in the full film regime. Evans et al. also
performed tests in a WAM tribotester where discs with three different coat-
ings were compared to an uncoated disc [180]. All discs were run against an
uncoated steel ball. The coatings investigated in their work were chromium
nitride (CrxN), tungsten carbide-reinforced amorphous hydrocarbon (WC/a-
C:H) and silicon incorporated diamond like carbon (Si-DLC). At lower en-
trainment speeds where the asperity interaction between the mating surfaces
are large the CrxN coating had the highest friction whereas the WC/a-C:H and
especially Si-DLC showed lower friction than the uncoated surface. At higher
entrainment speeds where full film lubrication was assumed the Si-DLC and
WC/a-C:H showed lower friction coefficients than the uncoated surface. The
reason for this is hypothesized to be due to boundary slip between smooth,
non wetting surfaces as addressed by Chooet al. [107]. An interfacial slip
would lead to lower shear stresses and thus lower friction inthe EHL contact.
In the work presented by Evanset al. low surface energy is correlated with
low friction as the Si-DLC coating that has lower surface energy compared to
WC/a-C:H showed even lower friction in the full film regime.

The authors have not found any studies in the literature focusing on the
effect of DLC coatings on the friction coefficient in the fullfilm EHL regime,
especially addressing the effect of coating both surfaces or the combination of
coating either ball or disc. Is it reasonable that boundary slip is the reason for
the reduction in friction coefficient, or is there possibly other reasons as well?

In the present paper tests are carried out in a WAM tribotester where an
uncoated ball and disc pair is compared to the case of coated ball against un-
coated disc, coated disc against uncoated ball, and coated disc against coated
ball. The tests are conducted at two different temperaturesand over a broad
range of slide to roll ratios and entrainment speeds. The results are presented
as friction maps as introduced in previous work [252]. Furthermore a numeri-
cal simulation model is developed to investigate if there isa possibility that the
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hard thin DLC coating is affecting the friction coefficient in an EHL contact
due to thermal effects caused by the different thermal properties of the coating
compared to the substrate.

B.2 Method

The following sections cover a description of the ball-on-disc test rig, the test
specimens and lubricant, and an overview of the test procedure. Furthermore
the numerical simulation model is described together with boundary conditions
and assumptions.

B.2.1 Ball on disc tribotester

The experiments were performed in a WAM 11 ball-on-disc testdevice as
shown in Figure B.1. The lubricant is supplied at the centre of the disc in
an oil dispenser that distributes the lubricant across the disc surface. Lubricant
is circulated in a closed loop from the oil bath, through a hose pump to the oil
dispenser at the centre of the disc. The hose pump is delivering approximately
140 ml/min. Three thermocouples are used in the test setup, one located in the
oil bath, one in the outlet of the oil supply and one trailing in the oil film close
to the inlet region of the ball-on-disc contact. A more thorough description of
the test rig and its features is presented in previous work [252].

B.2.2 Test specimens and lubricants

All tests were performed with the same lubricant, a pure mineral oil without
any additives. An oil without additives was chosen to minimize the effect of
tribochemical reactions on the friction coefficient. As explained later the tests
are conducted repeatedly until a satisfactory repeatability is reached, and since
this could take a different amount of cycles for different test cases a lubri-
cant containing additives could be in different stages of tribofilm development.
Properties of the test lubricant are given in Table B.1.

All specimens used in the tests, both balls and discs are madefrom AISI
52100 bearing steel, where the balls are taken direct from factory and the discs
are processed the same way as bearing raceway material. The balls are grade
20 with a 13/16 inch (20.637 mm) outer diameter and a hardnessof about 60
HRC. The discs have a 4 inch (101.6 mm) outer diameter, a circumferential
grind and are through hardened to about 60 HRC.
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Figure B.1: WAM ball-on-disc test device.

Table B.1: Test lubricant properties.

Additives None
Kin. Visc @ 40◦C 109.3 cSt
Dyn. Visc @ 40◦C 94.9 mPas
Kin. Visc @ 100◦C 11.98 cSt
Dyn. Visc @ 100◦C 9.97 mPas
Density @ 15◦C 885 kg/m3

Viscosity Index 99
Type Mineral
Thermal conductivity 0.3 W/mK
Heat capacity 1800 J/kgK
Pressure viscosity coefficient 19 GPa−1

Temperature viscosity coefficient 0.04 K−1

Thermal expansion coefficient 6.5e-4◦C−1 [250]
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The commercially available coating Tribobond 44 was used onall coated
specimens. Tribobond 44 is an a-C:Cr coating deposited using reactive PVD
processes with a deposition temperature of 200◦C. The thickness of the coat-
ings are 2 µm, the hardness 1500 HV0.005 and the friction coefficient against
steel in dry sliding is 0.08. Both balls and discs were measured for surface
roughness data before and after friction testing with a WykoNT1100 optical
profilometer system from Veeco. Measurements were performed using 10x
magnification and 1x field of view (FOV). Twenty one measurements were
made per ball, seven on the unworn surface, and seven in each wear track after
testing. The discs were measured in several positions, and for each radius thir-
teen measurements were made. For each series of measurements mean values
and standard deviations are calculated for the root mean square roughness,Sq

and the arithmetic average of absolute roughness,Sa.

B.2.3 Test procedure

The WAM is used to generate friction data from a relatively broad range of
operating conditions where one test cycle covers entrainment speeds between
0.34 to 9.6 m/s and slide to roll ratios (SRR) from 0.0002 to 0.49. SRR is
defined as the speed difference divided by the mean entrainment speed. All
test are performed with positive sliding only, which in thiscase means that the
ball is rotating faster than the disc. Both ball and disc specimens were cleaned
with heptane and ethyl alcohol before starting the experiments for each of the
test cases. Before starting the experiments for each test case the test device
is warmed up to the desired operation temperature during approximately 60
minutes with oil circulation over both ball and disc to ensure temperature sta-
bility. When thermal stability is reached a 200 N load, equivalent to 1.7 GPa
maximum Hertzian pressure is applied and the machine is calibrated for pure
rolling by adjusting spindle angle and positioning of the ball to ensure a con-
dition of no spinning. These settings are then held constantfor 20 minutes to
ensure a mild run-in. Subsequently the test cycle is startedthat contains sev-
eral loops where SRR is held constant for each loop and the entrainment speed
is ramped from 9.6 to 0.34 m/s. In the first loop the SRR is held at 0.0002
and is continously increased with each loop until it reaches0.49. The same
test cycle is repeated in the same track for both ball and discuntil the absolute
friction coefficient for each measured combination of entrainment speed and
SRR does not differ more than 0.001 from the previous test cycle, excluding
SRR below 0.0016 where the accuracy of the machine is slightly lower. When
this occurs, the system is considered run in, and the data from the final test
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cycle is used for evaluation. The temperature of the oil bulkand fluid film at
the disc surface is typically deviating less than± 1.5◦C from the target tem-
peratures of 40 and 90◦C during testing. The actual contact temperatures are
however higher than the bulk oil temperature. In the most severe cases with
high entrainment speed, SRR and coefficient of friction (COF), the contact
temperature will increase several tens of degrees [229].

Data from each test is processed separately, and a triangle based linear
interpolation is used between the data points measured for specific SRRs and
entrainment speeds. The results are presented as 2D contourmaps.

B.2.4 Simulation model

To investigate if there is a possibility that a hard thin DLC coating is affect-
ing the friction coefficient in a EHL contact due to thermal effects caused by
the different thermal properties of the coating compared tothe substrate a nu-
merical simulation model is developed. While bulk DLC can have very high
thermal conductivity it is shown by several authors that thin DLC films can
become insulating due to interfacial effects [223, 237]. A one dimensional
model is developed that features a thin oil film between two infinitely wide
and flat, full film lubricated surfaces, with or without coatings subjected to a
heat source. The solution is time dependent where the temperature rise in a
line directed in the cross section of the film thickness passing the centre of the
contact from leading edge to trailing edge is calculated. Inthat way the tem-
perature distribution in a plane crossing the centre of the contact is obtained.
The time it takes for the line to move from the leading edge to the trailing edge
is calculated by dividing the Hertzian contact zone with thesurface velocity of
the faster moving surface:

tc = B/Ub (B.1)

where

tc = Contact time [s]
B = Hertzian contact width [m]
Ub = Surface velocity of ball [m/s]

The dimensions of the contact zone is approximated by the Hertzian theory
using the 52100 steel values for elastic modulus and Poisson’s ratio. Since the
coatings are thin the substrate is assumed to predominate the EHL deformation
in the contact. Since the authors did not have the possibility to perform thermal
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measurements on the DLC coating used in this study the thermal properties are
collected from work performed by other authors [223,237–239]. Properties of
the DLC coating and substrate used in the model are given in Table B.2, the
oil properties in Table B.1 and a schematic view of the model in Figure B.2.
Numbers 1-6 in Figure B.2 corresponds to boundary points, and the letters A-E
are computational domains where the heat equation is being solved. The heat
equation solved in the domains A-E is expressed as:

δtscpρ
∂T
∂t

+∇(−k∇T) =Wq (B.2)

where

δts = Time scaling coefficient
ρ = Density [kg/m3]
cp = Heat capacity at constant pressure [J/(kgK)]
k = Thermal conductivity [W/(mK)]
Wq = Heat source [W/m3]
T = Temperature [◦C]
t = Time [s]

The energy input of the heat source that is applied uniformlythroughout the
lubricant film is calculated as:

Wq = µf Ph
SUe

hcen
+ εT

∂Ph

∂t
(B.3)

where

Ph = Hertzian pressure [Pa]
µf = Coefficient of friction
S = Slide to roll ratio
Ue = Entrainment speed [m/s]
hcen = Central film thickness [m]
ε = Thermal expansion coefficient [◦C−1]

The surfaces will be in contact with the oil film under different amounts of
time, since the surface speed of the ball and disc are different due to sliding.
The simulation time is governed by the time it takes for the faster sliding ball to
pass the Hertzian contact width of the ball-on-disc contact, and a time scaling
coefficient is therefore applied on the slower moving surface of the disc, both
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in case of coated or uncoated. The time scaling coefficient for the disc is given
as:

δts =
Ud

Ub
(B.4)

where

Ud = surface velocity of disc [m/s]
Ub = surface velocity of ball [m/s]

For the same reason a time scaling coefficient is also appliedon the lubricant
film, but instead of being constant it is a function of the position, x across the
film:

δts =
Ud

Ub
+

1− Ud
Ub

hcen
x (B.5)

For all other domains the time scaling coefficient is set to 1.The steel surfaces
that are domains A and E in Figure B.2 are assigned the thickness of the disc
and the diameter of the ball, and the coatings, that are assigned domains B
and D have a fixed thickness set to 2 µm. The oil film is assigned domain
C and the thickness is approximated by the Hamrock-Dowson equation for
central film thickness [3] and a thermal correction model developed by Hsu
and Lee [11] is used to compensate for thermal thinning of thelubricant film.
The outer boundaries of the steel surfaces, points 1 and 6, are assigned the
bulk oil temperature, and the interior boundaries 2-5 are assigned a continuity
condition. Therefore the boundary conditions can be described as:

Boundary 1 and 6: T=T0
Internal boundariesi=2-5: ki∇Ti|− = ki∇Ti|+ andTi |− = Ti |+

where T0 is the initial temperature. All subdomains are assigned thebulk oil
temperature as an initial value (T0):

For A-E: T(t0)=T0

All solutions are checked for convergence with respect to both mesh size and
time step length.
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Figure B.2: Schematic view of thermal model, not to scale.

Table B.2: Model properties.

DLC AISI 52100
Density [kg/m3] 2500 7810
Thermal conductivity [W/mK] 2 46.6
Heat capacity [J/kgK] 1000 475
Elastic modulus [GPa] 210
Poisson’s ratio 0.3

B.3 Results and discussion

Eight different combinations were evaluated as presented in Table B.3. De-
pending on surface roughness, coatings and operating temperature a different
amount of test cycles were required to meet the criterion of running in, as listed
in Table B.3. Table B.3 also contains information about the root mean square
combined roughness,Sqc of each test combination measured after the test has
been completed. Table B.4 contains information from the surface roughness
measurements made on the ball and disc specimens before and after testing.
The measurements show that the uncoated balls wear more thanthe coated
ones regardless of if the counter surface is coated or not.

Case one and two where an uncoated ball is run against an uncoated disc
at 40 and 90◦C are considered as reference cases, and are shown in Figs. B.3
and B.4. The results are presented as 2D friction maps whose advantages and
features are described in detail elsewhere [252] where the friction coefficient is
plotted against SRR and entrainment speed. Similar 2D maps are obtained for
case 3-8, but are not shown here. Instead the absolute coefficients of friction
from case 3, 5 and 7 that are conducted with a lubricant bulk temperature of
40◦C are subtracted from case 1 and displayed as difference mapsin Figs. B.5-
B.7. In these figures a positive number indicates that the presented case had
a lower coefficient of friction (COF) compared to the reference case, and vice
versa for negative numbers. The results from case 4, 6 and 8 that are conducted
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Table B.3: Test combinations.

Case Ball Disc Temp Cycles Sqc [nm]
1 Uncoated Uncoated 40◦C 4 155
2 Uncoated Uncoated 90◦C 11 157
3 Uncoated Coated 40◦C 4 355
4 Uncoated Coated 90◦C 11 293
5 Coated Uncoated 40◦C 4 170
6 Coated Uncoated 90◦C 11 162
7 Coated Coated 40◦C 4 315
8 Coated Coated 90◦C 11 259

Entrainment speed [m/s]
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Figure B.3: Uncoated disc against uncoated ball at 40◦C.

with a bulk temperature of 90◦C are in the same way subtracted from case 2
and shown in Figs. B.8-B.10.

As seen in Figs. B.5-B.7 the friction coefficients at higher entrainment
speeds when full film lubrication is assumed to occur are generally lower when
one or both surfaces are coated with DLC, which is consistentwith earlier find-
ings [179, 180]. The biggest decrease in friction coefficient is achieved when
both surfaces are coated, as also reported elsewhere [179],followed by coating
only the disc, and then the smallest reduction by only coating the ball. How-
ever, at lower speeds where mixed lubrication is assumed to occur the friction
coefficients are higher for all coated cases. The reason for this is probably due
to the rougher surface of the DLC coated disc that promotes a transition to
mixed lubrication from full film lubrication at higher entrainment speeds.

The same trend can be seen in Figs B.8-B.10 where the increased oil bulk
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Table B.4: Surface roughness measurements for ball and disc specimens.

Ball Counter Temp Sa Sq StdSa StdSq

surface [◦C] [nm] [nm] [nm] [nm]
Coated* - - 25 41 3 8
Coated Uncoated 40 33 54 2 6
Coated Uncoated 90 31 54 1 5
Coated* - - 31 53 4 11
Coated Coated 40 41 72 4 9
Coated Coated 90 29 51 2 13
Uncoated* - - 35 53 4 8
Uncoated Uncoated 40 47 78 4 13
Uncoated Uncoated 90 70 124 5 6
Uncoated * - - 32 47 2 6
Uncoated Coated 40 88 133 10 12
Uncoated Coated 90 64 90 8 13

Disc Counter Temp Sa Sq StdSa StdSq

surface [◦C] [nm] [nm] [nm] [nm]
Coated* - - 215 270 22 25
Coated Coated 40 244 303 32 39
Coated Coated 90 203 254 31 36
Coated Uncoated 40 267 329 16 18
Coated Uncoated 90 224 279 39 46
Uncoated * - - 110 144 7 9
Uncoated Coated 40 246 309 19 27
Uncoated Coated 90 206 260 17 20
Uncoated Uncoated 40 201 134 4 5
Uncoated Uncoated 90 108 140 5 6

*Unworn surface

Entrainment speed [m/s]
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Figure B.4: Uncoated disc against uncoated ball at 90◦C.
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temperature from 40 to 90◦C leads to a thinner lubricant film and thus promotes
a transition to mixed lubrication at even higher entrainment speeds compared
to the lower temperature, especially in the cases when the rougher DLC coated
discs are used. With increasing entrainment speed and especially SRR the
combinations with one or two surfaces coated with DLC will show COF lower
than the reference case. This is mainly believed to be due to lower hydrody-
namic friction, as seen in the low temperature case, but possibly also due to a
lower COF in the asperity interactions compared to steel against steel. The dif-
ference between figures B.8 and B.10 is therefore most likelyto be explained
by the reduction in hydrodynamic friction by coating both surfaces rather than
one, and also the slightly lower combined roughness in the DLC-DLC com-
bination. In Figure B.9 where only the ball is DLC coated there seem to be
no substantial differences compared to the reference case,indicating that the
friction coefficient between steel-steel asperities and steel-DLC asperities in
this case is roughly the same.

It is evident that the DLC coating in some way promotes lower friction
coefficients compared to the uncoated references cases, in these tests most no-
ticeably in the full film regime. Chooet al. [107] have discussed that smooth
surfaces are one of the key factors for the boundary slip theory. They tested
coated surfaces with RMS roughness of 0.75 and 9.5 nm and found negligi-
ble difference in friction between the rough (9.5 nm) coatedsurface and an
uncoated surface with roughness of the same magnitude, while the smoother
surface showed a significant reduction in friction comparedto its uncoated
counterpart. Considering that the coated surfaces used in this study are one or
two orders of magnitude larger than the rough surfaces used by Chooet al. it
is likely that boundary slip is not the dominant reason, or possibly not part at
all in the decrease in friction coefficient found with the coated surfaces in this
study.

Part of the explanation may be found from the thermal simulation model.
Figure B.11 shows a graph of the maximum value of the mean cross film tem-
perature increase in the lubricant as the computational domain passes the con-
tact zone. Values are presented for four different combinations of entrain-
ment speeds and SRR. The simulation has been run for both the reference case
with uncoated surfaces, but also with the other cases with one or both surfaces
coated. All simulations have been performed with an initialtemperature of
40◦C since the experiments conducted at 90◦C indicates mixed lubrication in
large parts of the tested operating range.

There is a significant increase in temperature for all cases where one or
both surfaces are coated with DLC. The highest temperature increase is found
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Figure B.5: Difference in friction coefficients between case 1 and 3, uncoated
references compared to uncoated ball and DLC coated disc @ 40◦C.
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Figure B.6: Difference in friction coefficients between case 1 and 5, uncoated
references compared to DLC coated ball and uncoated disc @ 40◦C.
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Figure B.7: Difference in friction coefficients between case 1 and 7, uncoated
references compared to DLC coated ball and DLC coated disc @ 40◦C.
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Figure B.8: Difference in friction coefficients between case 2 and 4, uncoated
references compared to uncoated ball and DLC coated disc @ 90◦C.
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Figure B.9: Difference in friction coefficients between case 2 and 6, uncoated
references compared to DLC coated ball and uncoated disc @ 90◦C.
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Figure B.10: Difference in friction coefficients between case 2 and 8, uncoated
references compared to DLC coated ball and DLC coated disc @ 90◦C.
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for the case when both surfaces are coated with DLC followed by the case
where the ball is coated with DLC and the disc is uncoated. These findings
are in line with the experimental results that showed the biggest decrease in
COF for the cases where both surfaces were coated with DLC, and only a neg-
ligible difference between coating the ball, or the disc, but still a substantial
difference compared to having both ball and disc uncoated. An increased tem-
perature in the contact leads to lower shear resistance and lower limiting shear
strength and it is therefore likely that it will result in lower friction coefficients.
An increased temperature in the contact will only have a small effect on film
thickness since the lubricant film build-up is mainly governed by the viscosity
in the inlet region of the contact, which is not subjected to the same temper-
ature increase as the lubricant inside the contact. It is reasonable to believe
that thermal effects are most likely to be one of the reasons for the decrease
in coefficient of friction seen in the experiments. Especially at higher SRR
the temperature increase is substantial. However, at lowerSRR the increase
in temperature is not as distinct, and even though the experiments show less
decrease in COF at lower SRR it is possible that there are other effects as well
that are part of the reduction in COF. One possibility is the fact that the thermal
model does not take global effects into account, and there could also be other
factors.

B.4 Conclusions

The experiments conducted in the ball-on-disc apparatus with both coated and
uncoated specimens show that:

• There is a reduction in coefficient of friction in the full film regime when
a DLC coating is applied to at least one of the surfaces.

• The biggest reduction in coefficient of friction is found when both ball
and disc are coated.

• There is only a very small difference in coefficient of friction comparing
coating only the ball, or only the disc.

• The decrease in coefficient of friction is generally increasing with en-
trainment speed, and especially SRR.

The thermal simulation model shows that:
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Figure B.11: Simulated temperature increase in lubricant depending on the
combination of uncoated or coated DLC specimens at different combinations of
entrainment speed and SRR.

• The increase of the lubricant film temperature is largest compared to un-
coated surfaces when both surfaces are coated with DLC. The reduction
in friction coefficient when coating only the ball, or only the disc are
almost the same, lower than coating both surfaces but still higher than
the uncoated case.

• The increase of mean lubricant film temperature is larger for higher en-
trainment speeds, and above all for higher SRR.

The findings above indicate that it is reasonable to concludethat thermal effects
are a likely cause for the decrease in coefficient of frictionin the full film, and
mixed lubrication regime when DLC coated surfaces are used.
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Abstract

The capability to predict elastohydrodynamic film-thickness and friction from
primary measurements of transport properties of liquid hasbeen an elusive
goal for tribologists for 50 years. Most comparisons between predictions and
experiments involve some amount of tuning of the model in order to match
the experimental results. In true prediction, this cannot be done since there
are normally no experimental results to compare to. Primarymeasurements
of lubricant transport properties of Squalane were performed, and used in a
numerical friction prediction model. Afterwards, friction was measured in a
ball-on-disc tribotester. No tuning of the lubricant properties, model or test
setup were applied. The current work on EHL-friction is therefore a true rep-
resentation of the current level of EHL-friction prediction.
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C.1 Introduction

Elastohydrodynamic lubrication (EHL) is said to occur in lubricated, non-
conformal contacts where the elastic deformation of the mating surfaces has
a significant influence on the lubricant film thickness. In many cases the elas-
tic deformation occurs even for materials with a high young’s modulus due
to high contact pressures. These high pressures will in general give rise to a
substantial viscosity increase in the lubricant. Machine components like gears,
rolling element bearings and cam followers operate under EHL conditions. Im-
proving the performance of machine components working under EHL regime
is of great importance to reduce wear and increase efficiency.

The capability to predict elastohydrodynamic film thickness and friction
from primary measurements of the transport properties of the liquid has been
an elusive goal of the tribology community for more than fiftyyears. Indeed,
such a capability may be considered an indication of the maturity of the EHL
field and of the understanding it has provided of the mechanics governing the
lubrication process. Nearly all of the research in EHL has involved the as-
sumption of simple but unrealistic rheological models and the adjustment of
the parameters of these models for validation. Clearly, a complete understand-
ing of the film forming process, free of adjustable properties, must precede a
prediction of friction since the film thickness establishesthe shear rate in the
Hertz region where friction is mostly generated. It is important to keep in mind
that the pressure range, and thus the viscosity increase inside the contact, that
governs the coefficient of friction is several orders of magnitude higher than
the pressures in the inlet that are governing film formation.

The foundation for the prediction of film thickness and friction, at least for
low pressures, has been available for some time. The pressure dependence of
density, viscosity and thermal conductivity was accurately described to EHL
pressures (1.2 GPa) by Bridgman [138] in 1931. Precise measurements of
the temperature and pressure dependence of lubricants to EHL pressures were
obtained in Bridgman’s laboratory and reported in the 1953 ASME viscosity
report [263]. The nature of non-Newtonian response to shearstress in lubri-
cants was correctly described by Hutton in 1973 [120]. Therefore, much of
the needed rheological descriptions have been in place for about four decades
and all that has been required has been to perform the computations with ac-
curately measured properties. Some good predictions have been obtained for
squalane and a polyalphaolefin using simple isothermal calculations where the
film thickness was assumed uniform over the Hertz region resulting in the
Hertz pressure distribution [81, 94]. The analysis for the polyalphaolefin was
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improved by a full EHL simulation [264] which calculated thereal distribution
of film thickness and pressure, resulting in an extraordinarily precise agree-
ment with measured contact behaviour although at low pressure and sliding
velocity.

Successful predictions in the high pressure, thermal regime have come
more recently. Using the "full system approach" [230, 265],it has been pos-
sible to predict EHL friction [231] accurately at very high contact pressure
with significant sliding. The only property which was not obtained from a pri-
mary measurement was the limiting-stress pressure coefficient. The ability to
measure shear stress in a liquid when the response is rate-independent [266]
apparently has been lost for about twenty years. However, when the other rhe-
ological properties are well-known an approximation of this coefficient may
be extracted from a traction measurement with relative confidence. It should
be pointed out that recent reseach [89] has shown that an accurate value of
limiting shear stress cannot be obtained from a traction measurement unless
the viscosity is known to be very large. This is because the magnitude of the
friction cofficient in the top parts of a friction vs slip curve is not only governed
by the limiting shear stress, but also shear-thinning.

Most comparisons between numerical predictions and experiments involve
some amount of tuning of the model in order to match the experimental re-
sults. In realtrue prediction this cannot be done since there are normally no
experimental results to compare to. Instead, all three components occur inde-
pendently from each other:

• Primary measurement of lubricant transport properties.

• Prediction using measured transport properties as input data together
with operation and geometric data.

• Experimental validation

Such an investigation is presented here. The three components in this work
have been carried out at three different laboratories. Initially the transport
properties of squalane (a low molecular weight branched alkane) were char-
acterized at Georgia Tech. These properties were later usedin a numerical
model to predict friction at the Lebanese American University. Finally friction
was measured in a ball-on-disc test device at Luleå University of Technology.
No tuning of the lubricant properties, model and test setup has been applied.
The presented results on EHL friction are therefore a true representation of
the current level of EHL friction prediction. This study also includes higher
entrainment speeds than previously published in this kind of investigation.
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Table C.1: Investigated conditions.

Temperature 40◦ C
Contact load 50 and 300 N
Maximum hertzian pressure 1.07 and 1.94 GPa
Entrainment speed,Ue 0.34 to 9.6 m/s
Slide to Roll Ratio, SRR 0.0002 to 0.49

C.2 Overall Methodology

The following sections cover the investigated cases, including running condi-
tions and loads. It also contains information about the lubricant and its trans-
port properties, as well as the numerical model and the underlying boundary
conditions and assumptions. Finally, the experimental equipment and speci-
mens are discussed together with the test procedure.

C.2.1 Investigation Procedure

The numerical prediction and experimental measurements are performed us-
ing the same conditions reported in Table C.1. SRR is defined as the speed
difference divided by the mean entrainment speed,Ue . All tests are performed
with positive sliding only, which in this case means that theball is rotating
faster than the disc. The investigation includes a combination of high entrain-
ment speeds and contact pressures that to the authors knowledge has not been
considered in any similar previous studies.

Both numerical predictions and experiments were performedwith the same
lubricant, squalane, a commercially available low molecular weight branched
alkane (2,6,10,15,19,23-hexamethyltetracosane). An oilwithout additives was
chosen to minimize the effect of tribochemical reactions onthe friction coeffi-
cient. As explained later the tests are conducted repeatedly until a satisfactory
repeatability is reached, and since this could take a different amount of cycles
for different test cases a lubricant containing additives could be in different
stages of tribofilm development. At the test temperature of 40◦C, the ambient
viscosity of squalane is 15 mPas and the pressure-viscositycoefficient is 18
GPa−1 [129]. The following section gives a more in depth view of thelubri-
cant parameters used in the numerical model.
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C.2.2 Lubricant transport properties

The transport properties used for the numerical model in this study are ob-
tained from several earlier studies on squalane. A brief overview of the mod-
els derived from these studies is given here. Further information about the
measurements for the effect of pressure, temperature and shear on viscosity is
found in references: [94,129,130].

C.2.2.1 Equation of state

A temperature modified version of the Tait equation of state is used to model
the temperature and pressure dependence of volume for Squalane. The Tait
equation is written for the volume relative to the volume at ambient pressure,

V
V0

= 1−
1

1+K
′

0

ln

[

1+
p

K0
(1+K

′

0)

]

(C.1)

with

K0 = K00exp(−βKT) (C.2)

The volume at ambient pressure relative to the ambient pressure volume at the
reference temperature,TR, is assumed to vary with temperature as:

V0

VR
= 1+av(T −TR) (C.3)

whereK
′

0 = 11.74,av = 8.36×10−4K−1, K00 = 8.658 GPa andβK = 6.332×
10−3K−1 were obtained from experimental measurements with a standard de-
viation of 0.05% [129].

C.2.2.2 Viscosity

A thermodynamic scaling rule that has been found to be accurate for many
organic liquids is:µ = f (TVg), where -3g is related to the exponent of the
repulsive intermolecular potential. A useful scaling parameter can therefore
be written as:
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)(

V
VR

)g

(C.4)

An accurate scaling function can be obtained from a Vogel like form:
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µ= µ∞exp

(

BFϕ∞

ϕ−ϕ∞

)

(C.5)

whereg = 3.921,ϕ∞ = 0.1743,BF = 24.50 andµ∞ = 0.9506×10−4 Pa·s were
obtained from experimental measurements with standard deviation of 14.9 %
with respect to relative viscosity [129].

For the shear dependence of viscosity, a t-T-p shifted Carreau equation is
used:
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(C.6)

whereµR = 15.6 mPa·s,λR= 2.26×10−9 s, andn = 0.463 were obtained from
Non-Equilibrium Molecular Dynamics and experimental measurements [130].
The limiting shear stress was shown to depend on pressure as:

τL = Λp (C.7)

whereΛ = 0.075 was found from EHL traction experiments and is assumed to
be independent of temperature [94].

C.2.2.3 Thermal properties

The thermal conductivity and volumetric heat capacity of squalane is expressed
as:

k=Ckκ−s (C.8)

with
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whereq = 2 andA = -0.115, and

Cv = ρcp =C0+mχ (C.10)
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whereCk = 0.074 W/m·K, s = 4.5,C0 = 0.94× 106 J/m3 ·K andm = 0.62×
106 J/m3 · K were obtained from experimental measurements. The thermal
properties were measured by Ove Andersson at Umeå University.

C.2.3 Numerical model

The numerical model employed in this work was described in detail in [229–
231]. In this section, only the main features of this model are recalled. The
model is based on a finite element fully coupled resolution ofthe EHD equa-
tions: Reynolds, linear elasticity and load balance equations. The latter are
solved simultaneously providing robust and fast converging solutions. The
generalized Reynolds equation [232] is used to account for the shear depen-
dence of the lubricant. Special formulations are introduced in order to stabilize
the solution of Reynolds equation at high loads. The temperature distribution
in the contact is obtained by solving the 3D energy equation in the lubricant
film and solid bodies. The model incorporates the variationsof the lubricant’s
thermal properties with pressure and temperature throughout the contact. Then
an iterative procedure is applied between the respective solutions of the EHD
and thermal problems as described in [229, 230]. During the iterative proce-
dure, every time the shear stressτ is evaluated (using viscosity data provided
by a combination of the Carreau and Vogel-like models) it is either truncated
to τL if it exceedsτL or, otherwise, it is kept unchanged.

C.2.4 Ball on disc tribotester

The experiments were carried out with a Wedeven Associates Machine (WAM)
11, ball-on-disc test device. The lubricant is supplied at the centre of the disc in
an oil dispenser that distributes the lubricant across the disc surface. Lubricant
is circulated in a closed loop from the oil bath, through a hose pump to the oil
dispenser at the centre of the disc. The hose pump is delivering approximately
180 ml/min. Three thermocouples are used in the test setup, one located in the
oil bath, one in the outlet of the oil supply and one trailing in the oil film close
to the inlet region of the ball-on-disc contact. A more thorough description of
the test rig and its features is presented in previous work [252].

C.2.4.1 Test specimens

All specimens used in the tests (balls and discs) are made from AISI 52100
bearing steel. The balls are grade 20 with a 13/16 inch (20.637 mm) outer
diameter and a hardness of about 60 HRC. The discs have a 4 inch(101.6
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Table C.2: Specimen material properties.

Material 52100 (AISI)
Young’s modulus (Pa) 210x109

Poisson’s coefficient 0.3
Specific heat capacity (J/kg K) 475
Thermal conductivity (W/m K) 46.6
Thermal diffusivity (m2/s) 13.6x10−6

Density (kg/m3) 7850

mm) outer diameter, a circumferential grind (before polish) and are through
hardened to about 60 HRC. Additional material parameters also used in the
numerical model are found in Table C.2. The surface roughness, RMS, has
been measured to about 25 nm for the balls, and 35 nm for the disc, which
gives a combined roughness of approximately 43 nm. The surface roughness
measurements have been conducted in a Wyko NT1100 optical profilometer
system from Veeco. The measurements were performed using 10x magnifica-
tion and 1x field of view.

C.2.4.2 Test procedure

The ball-on-disc test device is used to generate friction data from a relatively
broad range of operating conditions where one test cycle covers entrainment
speeds between 0.34 to 9.6 m/s and slide to roll ratios (SRR) from 0.0002 to
0.49. Both ball and disc specimens were cleaned with heptaneand ethyl alco-
hol before starting the experiments for each of the test cases. Before starting
the experiments for each test case, the test device is warmedup to the desired
operating temperature during approximately 60 minutes with oil circulation
over both ball and disc to ensure temperature stability. When thermal stabil-
ity is reached a 50 or 300 N load, equivalent to 1.07 or 1.94 GPamaximum
Hertzian pressure is applied and the machine is calibrated for pure rolling by
adjusting spindle angle and positioning of the ball to ensure a condition of no
spinning. These settings are then held constant for 20 minutes to ensure a mild
run-in. Subsequently the test cycle is started that contains several loops where
SRR is held constant for each loop and the entrainment speed is ramped from
9.6 to 0.34 m/s. In the first loop the SRR is held at 0.0002 and isthen con-
tinuously increased with each loop until it reaches 0.49. The same test cycle
is repeated in the same track for both ball and disc until the absolute friction
coefficient for each measured combination of entrainment speed and SRR does
not differ more than 0.001 from the previous test cycle, excluding SRR below
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0.0016 where the accuracy of the machine is slightly lower. When this occurs,
the system is considered run in, and the data from the final test cycle is used
for evaluation. The temperature of the oil bulk and fluid film at the disc surface
is typically deviating less than± 1.5◦C from the target temperature of 40◦C
during testing. The actual contact temperatures are however higher than the
bulk oil temperature. In the most severe cases with high entrainment speed,
SRR and coefficient of friction (COF), the contact temperature will increase
several tens of degrees [229].

Data from each test is processed separately, and a triangle based linear
interpolation is used between the data points measured for specific SRRs and
entrainment speeds. The results are presented as 3D friction maps, that are
discussed in detail in previous work [252].

C.3 Results and discussion

In this section, the results from both experiments and numerical simulations
are presented. The results include friction coefficient measurements and cal-
culations, film thickness calculations and comparisons in percentage of the
difference between experiments and numerical calculations. It also shows the
calculated power generated from friction in the simulations for both pressures.
The results from the calculations and the experiments can beseen in Figs. C.1
to C.4 where Figs. C.1 and C.3 are from calculations, and Figs. C.2 and C.4
are from experiments.

Figure C.5 shows the difference between the experiment and calculation
in percent for the test performed at 1.07 GPa, and the difference for the 1.94
GPa test is shown in Fig. C.6. A positive number in those figures indicates that
the predicted coefficient of friction is higher than the experimentally obtained
value, whereas a negative number indicates that the predicted friction coeffi-
cient is lower than the experimentally obtained value. The calculated minimum
film thickness for the 1.07 and 1.94 GPa cases for the entire region of the tests
are shown in Figs. C.7 and C.8. Figs. C.9 and C.10 show the generated power
from friction in the experiments for the 1.07 and 1.94 GPa cases respectively.
The friction power is calculated as:Wf = µf ∗Ue∗SRR∗L. Whereµf is the
coefficient of friction,Ue is the mean entrainment speed andL is the applied
load. The loads are 50 and 300 N respectively.
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Figure C.1: Predicted friction map at 1.07 GPa and 40◦C.

Figure C.2: Measured friction map at 1.07 GPa and 40◦C.
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Figure C.3: Predicted friction map at 1.94 GPa and 40◦C.

Figure C.4: Measured friction map at 1.94 GPa and 40◦C.



194 Paper C. Towards the true prediction of EHL friction

Entrainment speed [m/s]

S
R

R

5

10

15

20 15

20

20
20

2 4 6 8

0.05

0.1

0.15

0.2

0.25

0.3

0.35

0.4

0.45

Figure C.5: Difference in friction coefficient, Calculation-experiment [%], 40◦C,
1.07 GPa.
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Figure C.6: Difference in friction coefficient, Calculation-experiment [%], 40◦C,
1.94 GPa.
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Figure C.7: Calculated minimum film thickness [nm], 40◦C, 1.07 GPa.

C.3.1 Film thickness and roughness effects

The minimum film thickness values presented in Figs. C.7 and C.8 are taken
from the numerical calculations. It is worth noting that thefilm thickness, espe-
cially for the lower pressure case, Figure C.7 are almost independent of SRR.
The increased temperature in the inlet of the contact with increasing entrain-
ment speeds and SRRs are not substantial enough to considerably influence the
film thickness. For the higher pressure case, Fig. C.8 the effect of increasing
entrainment speed and SRRs on film thickness is larger, whichis not surprising
considering the difference in friction power, see Figs. C.9and C.10. However,
even here the effect on film thickness is small. The effect of thermal heating
on friction is of much greater importance and will be discussed later.

Most likely the measurement performed at the lower contact pressure, 1.07
GPa, Fig C.2, is in the full film regime at all combinations of speeds and SRRs,
possibly with the exception of the lowest speeds. The calculated minimum film
thickness for the lowest tested speeds at 1.07 GPa is in the range of 35-40 nm,
as seen in Fig. C.7, in comparison with a combined roughness (RMS) for
the contacting surfaces of about 43 nm. The possibility for slightly smoother
surfaces after running in, with the combination of surface amplitude reduc-
tion [22, 267] makes full film lubrication possible. For the test performed at
the higher contact pressure, 1.94 GPa, it is more likely thatasperity interactions
occurs at the lowest speeds, even considering running in effects and amplitude
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Figure C.8: Calculated minimum film thickness [nm], 40◦C, 1.94 GPa.

reduction. It should however be pointed out that the surfaceroughness mea-
surements performed after the tests did not show any statistical reduction in
RMS roughness indicating that any running in effects were very small. The
calculated minimum film thickness for the higher pressure case can be seen in
Fig. C.8.

C.3.2 Friction

As discussed in previous work [252] the friction maps could be divided into
several different regimes where friction is governed and influenced by different
factors. Recent work on friction regimes in quantitative EHL [89] has led
to more detailed knowledge about the regimes, and the addition of one more
regime is also included in the present work. The regions can be seen in Fig.
C.11, which results from a measurement conducted at the sameconditions as
Fig. C.4 but with rougher surfaces for a more pronounced mixed lubrication
region.

In the linear region, shear stress is proportional to shear rate, and will thus
lead to a linear increase in friction. This linear relationship is only seen at
low SRRs, and the upper limit (in SRR) becomes even lower withincreasing
pressures as the shear stress increases faster with shear rate at higher pressures
and at lower entrainment speeds.

The non-linear region is influenced by shear thinning and dominated by
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Figure C.9: Friction power [W], 40◦C, 1.07 GPa.

the growth of a limiting stress region. The shear stress willno longer increase
proportional to shear rate. It will rather increase at a reduced rate until limiting
shear stress is attained over much of the contact. Then, shear stress becomes
independent of shear rate. However, if one keeps on increasing the sliding
speed, thermal effects eventually dominate the frictionalresponse overwhelm-
ing other effects including limiting shear stress which is no longer reached.
As a consequence, friction starts decreasing with increasing SRR due to com-
bined thermal and shear-thinning effects. This regime has been identified as
the Thermoviscous regime.

In the boundary between the mixed lubrication regime and theThermovis-
cous regime lies the Plateau regime. Here, friction reachesan asymptotic value
and shows little variation indicating that the frictional response of the contact
is governed by the limiting shear stress behaviour of the lubricant.

The last region is the mixed lubrication region where asperity contacts oc-
cur between the surfaces, and the coefficient of friction is therefore a combi-
nation of hydrodynamic effects and asperity interaction.

By looking at the overview of the four cases in Figs. C.1 to C.4it is clear
that the numerical model manages to capture the overall frictional behaviour
such as the linear increase in friction with shear rate at lowSRR, the non linear
increase in friction leading to the limiting shear stress and the reduction of
friction at higher entrainment speeds and SRRs due to thermal effects. Mixed
lubrication effects are however not included in the numerical model, and could
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Figure C.10: Friction power [W], 40◦C, 1.94 GPa.

therefore be part of the difference between the numerical prediction and the
experimental results at the lowest entrainment speeds, as discussed in previous
section.

At lower entrainment speeds, up to about 2 m/s the predictions are in gen-
eral not far off, the deviation is typically below 10 % and in line with pre-
vious comparisons at these entrainment speeds [231]. At higher speeds the
coefficient of friction is constantly overestimated by the numerical model, and
generally more so at higher SRRs. When looking at absolute values, and the
difference between the numerical calculations and the experiment as presented
in Figs. C.5 and C.6 it is clear that the model does not accurately predict all
parts of the tested region, or that some of the boundary conditions in the nu-
merical model does not fit the experiment.

One of the most striking differences between the predictions and the ex-
periments are the plateau regime in the predictions, Figs. C.1 and C.3 where
the coefficient of friction is almost constant at a high levelover a wide range of
entrainment speeds and SRRs. Such behaviour is not as distinct in the exper-
iments, Figs. C.2 and C.4 where instead the friction coefficients drops faster
with an increase in entrainment speeds and SRRs.

By looking at the difference in % between the predictions andthe experi-
ments in Figs. C.5 and C.6 it is clear that the levels of difference are situated
in the same manner as the levels of friction power in Figs. C.9and C.10. It
is therefore likely that one of the main reasons for the deviation between the
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prediction and the experiments are found in how the model handles thermal ef-
fects and/or some thermal behaviour in the test rig and specimens that are not
matched in the boundary conditions in the numerical model. It should how-
ever be pointed out that the biggest discrepancies does not occur at the highest
entrainment speeds and SRRs, but rather in connection to theplateau regime.

The numerical model is using bulk temperature as a boundary condition for
the inlet temperature of the lubricant and a steady state condition is calculated
for the specific running conditions (entrainment speed and SRR.) Any global
effects on the specimen temperature are therefore not takeninto account, while
in the experiment it is possible that especially the ball surface temperature is
increasing during the test. As a specific running condition is measured in the
test rig it takes a few seconds for the machine to adjust rotational speeds of both
specimens to achieve the correct entrainment speed and SRR.Some additional
time is also required for the data capture process. It is possible that during
this time, the specimens are heated due to the friction generated in the contact,
and therefore the lubricant temperature will be slightly higher in the inlet and
central region of the contact compared to the numerical model. Looking at
the friction power for the low pressure, 1.07 GPa case in Fig.C.9, there is a
maximum of 7 W. For the high pressure, 1.94 GPa case in Fig. C.10, with a
maximum friction power of 55 W, this is more likely to have an effect on the
results, and may be the reason why the deviation in general isslightly larger
for the higher pressure case at higher sliding speeds. If thereasoning above is
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the cause for the largest part of the deviations, it is not sufficient to consider an
ideal circular contact. Rather must the effect of the globalgeometry on intake
and surface temperature be taken into account.

However, it is also possible that the deviations between theexperimental
results and the predictions are due to shortcomings in the rheology models
used in the study.

As previously discussed, recent research [89] suggests that it is not possible
to accurately estimate the limiting shear stress coefficient from EHL friction
measurements, since shear-thinning was found to affect thefriction coefficient
even when the limiting shear stress is reached in parts of thecontact.

Moreover is the limiting shear stress in the numerical modelused in this
work assumed to be only depending on pressure. It has been shown earlier
in measurements that temperature has an influence on the limiting shear stress
[99]. It is reasonable to believe that this is one of the reasons why the plateau
regime is more pronounced in the numerical predictions. With the inclusion of
the temperature dependence of limiting shear stress the plateau would probably
level off with increased sliding due to a reduction in limiting shear stress before
thermal effects starts to dominate the friction behaviour.

Finally, even rather small deviations in the Carreau equation and Vogel like
function will have a substantial impact on the resulting friction coefficient.

C.4 Conclusion

In this paper the results from a true friction prediction investigation are shown.
The transport properties for the fluid squalane was measuredat one laboratory,
and was later used at a second laboratory to predict frictionin a numerical
model for a circular EHL contact. Finally the same parameters were used for
friction measurements in a ball-on-disc machine in a third laboratory. The
investigated conditions includes a combination of higher entrainment speeds
and pressures than previously reported in this kind of investigation. No tuning
of the lubricant properties, model and test setup was applied.

The predictions were found to capture the main features of the friction
behaviour at different entrainment speeds and SRRs. In absolute values the
numerical results were found to be remarkably good considering the true pre-
diction approach. At low entrainment speeds the deviationsbetween the nu-
merical prediction and the experimental results are in general less than 10 %,
while increasing at higher entrainment speeds and SRRs. Theauthors believe
that to achieve even better precision in the predictions there is a need to re-
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fine the assessment of the limiting shear stress of the lubricant, including the
effect of temperature. In addition may it be necessary to refine the boundary
conditions in the model to account for global effects on temperature.

The use of primary measurements or "true" measurements of the liquid
properties in EHL has distinct advantages over the previoustechniques of ad-
justing properties to satisfy perhaps inappropriate assumptions. If friction is to
be controlled by lubricant selection and formulation, there must be an under-
standing of the contribution of each of the transport properties to the energy
dissipation. An example can be made for the liquid in this study, squalane.
Johnston et al. [268] adjusted the pressure-viscosity coefficient of squalane to
make the classical formulas agree with measured film thickness. If this co-
efficient, which is about one-half of the value obtained in viscometers, had
been used to extrapolate viscosity to the full pressure of the contact in the con-
ventional manner, the importance of the low-shear viscosity would have been
severely understated and a more severe form of shear-thinning would have to
be invoked to explain the friction. However, the use of the true prediction
approach investigated in this paper will generally requiremore effort from a
measurement and modeling point of view compared to previoustechniques.
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Nature - Research highlights

A coating material made of carbon reduces friction not just by providing a slip-
pery surface, but also by keeping the points of contact warm.Marcus Björling
at Luleå University of Technology in Sweden and his team coated steel balls
with “diamond-like-carbon” - a material in which carbon atoms have a bonding
pattern similar to that of diamond. They rolled the balls against a metal disc
with an oil lubricant in between, and showed that the carbon coating acts as an
insulator, lowering the viscosity of the lubricant and thusreducing the fricion
between the ball and the disc. These findings could encouragethe development
of lubricant coatings made from insulating materials.
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Abstract

Reducing friction is of utmost importance to improve efficiency and lifetime
of many products used in our daily lives. Thin hard coatings like diamond-
like-carbon (DLC) have been shown to reduce friction in fullfilm lubricated
contacts. In this work, it is shown that, contrarily to common belief, the fric-
tion reduction stems mainly from a thermal phenomenon and not only a chem-
ical/surface interaction one. It is shown that a few micrometer thin diamond-
like-carbon coating can significantly influence the thermalbehaviour in a lu-
bricated mechanical system. The presented simulations, validated by exper-
iments, show that applying a thin diamond-like-carbon coating to metal sur-
faces creates an insulating effect that, due to the increased liquid lubricant film
temperature at the centre of the contact, locally reduces lubricant viscosity
and thus friction. The results of the investigation show that the addition of
thin insulating layers could lead to substantial performance increases in many
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applications. On a component level the contact friction coefficient in some
common machine components like gears, rolling element bearings and cam
followers can potentially be reduced by more than 40 %. This will most likely
open up the way to new families of coatings with a focus on thermal properties
that may be both cheaper and more suitable in certain applications than DLC
coatings.
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D.1 Introduction

Hydrodynamic lubrication (HL) has been studied for more than a century since
its discovery by Beauchamp Tower [1]. Osborne Reynolds derived the gov-
erning equation of HL (which bears his name) from the Navier-Stokes equa-
tions [2]. Elasto hydrodynamic lubrication (EHL) was discovered half a cen-
tury later. Due to the non-conformal contacts found in systems working in
EHL, the contact pressure is sufficient to cause elastic deformation of the con-
tacting surfaces and many orders of magnitude increase of viscosity of the
liquid film. Increased understanding in this field is crucialfor improvements
of machine components such as bearings, gears and cam-followers, as well as
implants for the human knee and hip joints. To reduce friction in EHL con-
tacts, researchers have been focusing on the development ofnew lubricants to
reduce shear forces, and surface finishing techniques to reduce asperity inter-
actions between the surfaces. More recently coatings have been investigated to
increase wear resistance and reduce friction in case of solid contact. High hard-
ness, high elastic modulus, low friction characteristics,high wear and corro-
sion resistance, chemical inertness, and thermal stability are factors that make
diamond-like-carbon (DLC) coatings the subject of much investigation. These
factors make the coatings promising for use in, among others, machine com-
ponents and cutting tools. Of interest in this study is, however, the low thermal
conductivity (in the range of 1-3 W/mK) that has been measured for these thin
coatings [220,221,223].

Reports of friction reduction with DLC coated surfaces in full film EHL
have been published earlier [179,180,269]. This reductionhas been attributed
by several authors to boundary slip [180, 202, 203] as a consequence of non-
fully wetted surfaces [100, 106–109, 189, 192, 193, 201], where some of the
work is based on atomically smooth surfaces. Slip at the boundary would lead
to lower shear stresses and thus lower friction in the EHL contact. It has also
been observed that for boundary slip to take place, three factors must be ful-
filled. First of all the surface has to be non- or partially wetted by the lubricant.
Secondly, the pressure must be low, close to ambient where the lubricant would
still be in its liquid form, opposed to the glass state at higher pressures. Finally,
the surfaces must be very smooth, generally below 6 nm RMS [101,107–109].
However, the present authors have presented an investigation in which friction
reduction with DLC coatings was measured [269] in the EHL full film regime
even when the combined RMS roughness of the surfaces was in the range of
155-355 nm. Based on a simplified analytical estimation of the temperature
increase in the lubricant film induced by DLC surface coating, the authors pro-
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Figure D.1: Schematic of the experimental and numerical model of the studied
system. F is the applied load, R is the radius of the ball and u1, u2 the surface
velocities of the disc and ball. Slide to roll ratio is defined as u1-u2/(u1+u2/2).

posed that the friction reduction could be a result of thermal insulation due
to the low thermal conductivity observed for some DLC coatings. The tem-
perature increase in the lubricant film would reduce the viscosity and thereby
reduce the coefficient of friction. It was also shown that coating only one of
the specimens reduced the friction coefficient, albeit not as much as when both
surfaces were coated. In this article, a more advanced and thoroughly vali-
dated [229–231] 3D numerical model was used to predict the effect of thin
insulating layers on full film EHL friction. A series of friction experiments has
also been conducted in a ball-on-disc machine where an uncoated pair of spec-
imens is compared to a pair of DLC coated specimens to validate the numerical
results.

D.2 Overall Methodology

The following sections cover the investigated cases, including running condi-
tions and loads. It also contains information about the lubricant and its trans-
port properties, as well as the numerical model and the underlying boundary
conditions and assumptions. Finally, the experimental equipment, specimens
and coating are discussed together with the test procedure.A schematic of the
experimental and numerical model setup can be seen in FigureD.1.

D.2.1 Investigation Procedure

The numerical prediction and experimental measurements are performed using
the same conditions reported in Table D.1. SRR is defined as the velocity dif-
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Table D.1: Investigated conditions.

Temperature 40◦ C
Contact load 80 and 300 N
Maximum hertzian pressure 1.25 and 1.94 GPa
Entrainment speed,Ue 1, 1.6 ,3.145, 6.144 m/s
Slide to Roll Ratio, SRR 0.0002 to 1.05
Coating none or Tribobond 43

ference divided by the mean entrainment velocity,Ue . All tests are performed
with positive sliding only, which in this case means that theball is rotating
faster than the disc.

Both numerical predictions and experiments were performedwith the same
lubricant, squalane, a commercially available low molecular weight branched
alkane (2,6,10,15,19,23-hexamethyltetracosane). An oilwithout additives was
chosen to minimize the effect of tribochemical reactions onthe friction coef-
ficient. At the test temperature of 40◦C, the ambient viscosity of squalane is
15 mPas and the pressure-viscosity coefficient is 18 GPa−1 [129]. The follow-
ing section gives a more in depth view of the lubricant parameters used in the
numerical model.

D.2.2 Lubricant transport properties

The transport properties used for the numerical model in this study are ob-
tained from several earlier studies on squalane. A brief overview of the mod-
els derived from these studies is given here. Further information about the
measurements for the effect of pressure, temperature and shear on viscosity is
found in references: [94,129,130].

D.2.2.1 Equation of state

A temperature modified version of the Tait equation of state is used to model
the temperature and pressure dependence of volume for Squalane. The Tait
equation is written for the volume relative to the volume at ambient pressure,

V
V0

= 1−
1

1+K
′

0

ln

[

1+
p

K0
(1+K

′

0)

]

(D.1)

with

K0 = K00exp(−βKT) (D.2)
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The volume at ambient pressure relative to the ambient pressure volume at the
reference temperature,TR, is assumed to vary with temperature as:

V0

VR
= 1+av(T −TR) (D.3)

whereK
′

0 = 11.74,av = 8.36×10−4K−1, K00 = 8.658 GPa andβK = 6.332×
10−3K−1 were obtained from experimental measurements with a standard de-
viation of 0.05% [129].

D.2.2.2 Viscosity

A thermodynamic scaling rule that has been found to be accurate for many
organic liquids is:µ = f (TVg), where -3g is related to the exponent of the
repulsive intermolecular potential. A useful scaling parameter can therefore
be written as:

ϕ =

(

T
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)(

V
VR

)g

(D.4)

An accurate scaling function can be obtained from a Vogel like form:

µ= µ∞exp

(

BFϕ∞

ϕ−ϕ∞

)

(D.5)

whereg = 3.921,ϕ∞ = 0.1743,BF = 24.50 andµ∞ = 0.9506×10−4 Pa·s were
obtained from experimental measurements with standard deviation of 14.9 %
with respect to relative viscosity [129].

For the shear dependence of viscosity, a t-T-p shifted Carreau equation is
used:

η(γ̇,T, p) = µ
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(D.6)

whereµR = 15.6 mPa·s,λR= 2.26×10−9 s, andn = 0.463 were obtained from
Non-Equilibrium Molecular Dynamics and experimental measurements [130].
The limiting shear stress was shown to depend on pressure as:

τL = Λp (D.7)

whereΛ = 0.075 was found from EHL traction experiments and is assumed to
be independent of temperature [94].
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D.2.2.3 Thermal properties

The thermal conductivity and volumetric heat capacity of squalane is expressed
as:

k=Ckκ−s (D.8)

with
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whereq = 2 andA = -0.115, and

Cv = ρcp =C0+mχ (D.10)

with

χ =

(

T
TR

)(

V
VR

)−3

(D.11)

whereCk = 0.074 W/m·K, s = 4.5,C0 = 0.94× 106 J/m3 ·K andm = 0.62×
106 J/m3 · K were obtained from experimental measurements. The thermal
properties were measured by Ove Andersson at Umeå University.

D.2.3 Numerical model

The numerical model employed in this work is based on the full-system finite
element approach for thermal elastohydrodynamic lubricated (TEHL) contacts
described in details in [229, 231, 270]. In this section, only the main features
of this model are recalled along with the necessary amendments required for
the inclusion of surface coatings. The model is based on a finite element fully
coupled resolution of the EHL equations: Reynolds, linear elasticity and load
balance equations. The latter are solved simultaneously providing robust and
fast converging solutions. The generalized Reynolds equation [232] is used
to account for the shear-dependence of the lubricant. Special formulations are
introduced in order to stabilize the solution of Reynolds equation at high loads.
The inclusion of coatings into the EHL model consists simplyin adding a thin
layer to the surface of the 3D solid body representing the contacting solids.
This layer possesses different elastic material properties than those of the sub-
strate. However, the simulation of a typical isothermal Newtonian EHL line
contact with DLC coatings of different thickness shows thatfor coatings of
2-5 µm thickness (such as the ones considered in this work), the effect of the
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coating on dimensionless film thickness and pressure is negligible as suggested
by Figs. D.2 and D.3. Therefore, for the sake of simplicity, in the EHL part of
the model the surfaces are assumed to be uncoated and the coatings are only
considered in the thermal part. This leads to a significant reduction in the size
of the discrete problem as the thin layer coating requires a very large number
of elements to discretize it. However, the influence of hard coatings on EHL
film formation and pressure distribution has been studied inseveral publica-
tions [233–235]. It is shown (as also seen in Figs. D.2 and D.3) that a coating
that is harder than the substrate reduces the contact width,and increases the
central pressure and the pressure spike. A coating that is softer than the sub-
strate would have the opposite effect. Both effects increase with the thickness
of the coating. The temperature distribution in the contactis obtained by solv-
ing the 3D energy equation in the lubricant film and solid bodies (substrates
and coatings). The inclusion of the coatings consists in inserting a geometrical
layer between the lubricant and each substrate and applyingthe thermal prop-
erties of DLC to it. Obviously, the continuity of heat flux needs to be imposed
between the lubricant film and the coatings as well as betweenthe coatings and
the substrates. The model incorporates the variations of the lubricant’s thermal
properties with pressure and temperature throughout the contact. An iterative
procedure is established between the respective solutionsof the EHL and ther-
mal problems as described in [229, 270]. Throughout the iterative procedure,
every time the shear stressτ is evaluated (using viscosity data provided by a
combination of the Carreau and Vogel-like models), it is either truncated toτL

if it exceedsτL or, otherwise, it is kept unchanged. The numerical model does
not take asperity interactions into account and should therefore in this design
only be seen as a full film EHL model.

D.2.4 Ball on disc tribotester

The experiments were carried out with a Wedeven Associates Machine (WAM)
11, ball-on-disc test device. The lubricant is supplied at the centre of the disc in
an oil dispenser that distributes the lubricant across the disc surface. Lubricant
is circulated in a closed loop from the oil bath, through a peristaltic pump to
the oil dispenser at the centre of the disc. The peristaltic pump is delivering
approximately 180 ml/min. Three thermocouples are used in the test setup, one
located in the oil bath, one in the outlet of the oil supply andone trailing in the
oil film close to the inlet region of the ball-on-disc contact. A more thorough
description of the test rig and its features is presented in previous work [252].
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Figure D.2: Effect of DLC coating thickness on the dimensionless film thickness
(top) and pressure (bottom) distribution of a typical EHL line contact.
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Figure D.3: Effect of DLC coating thickness on the dimensionless film thickness
(top) and pressure (bottom) distribution of a typical EHL line contact (Zoom on
Figure D.2).
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Table D.2: Specimen material properties.

Material 52100 (AISI) Tribobond 43
Young’s modulus (Pa) 210×109 -
Poisson’s coefficient 0.3 -
Specific heat capacity (J/kg K) 475 1000
Thermal conductivity (W/m K) 46.6 2.225
Density (kg/m3) 7850 2500

D.2.4.1 Test specimens

All specimens used in the tests (balls and discs) are made from AISI 52100
bearing steel. The balls are grade 20 with a 13/16 inch (20.637 mm) outer
diameter and a hardness of about 60 HRC. The discs have a 4 inch(101.6
mm) outer diameter, a circumferential grind (before polish) and are through
hardened to about 60 HRC. Additional material parameters also used in the
numerical model are found in Table D.2. The tests (and predictions) were per-
formed with both uncoated 52100 (AISI) specimens, and specimens coated
with Tribobond 43 (hydrogenated amorphous carbon (Cr+) a-C:H), a com-
mercially available DLC coating applied through Plasma Assisted Chemical
Vapor Deposition, measured to a thickness of 2.8 µm using calotest. The sur-
face roughness, RMS, has been measured to about 25 nm for the balls, and 35
nm for the disc, which gives a combined roughness of approximately 43 nm.
The surface roughness measurements have been conducted in aWyko NT1100
optical profilometer system from Veeco. The measurements were performed
using 10x magnification and 1x field of view.

D.2.4.2 Test procedure

The ball-on-disc test device is used to generate friction data from a series of
tests under different operating conditions. In each test the entrainment speed
and contact pressure is held constant while the slide to rollratio (SRR) is varied
from 0.0002 to 1.05. Both ball and disc specimens were cleaned with heptane
and ethyl alcohol before starting the experiments for each of the test cases.
Before starting the experiments for each test case, the testdevice is warmed up
to the desired operating temperature during approximately60 minutes with oil
circulation over both ball and disc to ensure temperature stability. When sta-
bility is reached a 80 or 300 N load, equivalent to 1.25 or 1.94GPa maximum
Hertzian pressure is applied and the machine is calibrated for pure rolling by
adjusting spindle angle and positioning of the ball to ensure a condition of no
spinning. These settings are then held constant for 20 minutes to ensure a mild
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run-in. Subsequently the test cycle is started wherein the entrainment speed is
increased from the lowest value to the largest value. The tests were repeated
seven times. The temperature of the oil bulk and fluid adheredat the disc sur-
face is typically deviating less than± 1.5◦C from the target temperature of
40◦C during testing. The actual contact temperatures are however higher than
the bulk oil temperature. In the most severe cases with high entrainment speed,
SRR and coefficient of friction (COF), the contact temperature will increase
several tens of degrees.

D.3 Results and discussion

The measurements conducted with coated surfaces showed significantly lower
coefficients of friction compared to the uncoated referencecase. The results
are shown in Figs. D.4 to D.9. The figures show how the frictioncoefficient is
changing with the ratio of sliding speed to rolling speed (SRR) at four differ-
ent entrainment speeds. While roller bearings usually operate with low SRR,
typically below 0.05, cam followers and gears operate at much higher SRR. At
high sliding speeds where power losses usually are the greatest, the measured
reduction in friction with the coating is more than 40% at maximum SRR for
the most prominent case, Figure D.8, while at the lowest sliding speed, the
decrease in friction at maximum SRR is at least 25 %, Figure D.7.

The results from the numerical simulations are shown together with the
measurements in Figs. D.4 to D.9. Although numerically predicted friction
coefficients deviate from experimental ones in absolute value, the shape and
trend of the friction curves are qualitatively similar for both coated and un-
coated cases. A comparison between this numerical model andsome refer-
ence measurements was published recently where the discrepancy between the
simulation results, and the measurements is discussed [271]. The simulation
assumes that the solid and liquid materials are entrained into the contact at the
initial bulk temperature and does not therefore account forthe accumulated
heat. In addition, a major part of the discrepancy might be attributed to the fact
that the Limiting Shear Stress coefficientΛ cannot be accurately deduced from
traction curves as suggested by [89]. In fact, in [89] the authors show that even
when the friction plateau is reached in EHL traction curves,shear-thinning in
the peripheral area of the contact still affects the magnitude of friction and
therefore the limiting shear stress coefficient cannot be directly deduced from
the asymptotic friction value in the plateau region as is thecurrent practice in
most EHL studies, including the current work. Moreover is the limiting shear
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Figure D.4: Friction results at 1.25 GPa, 40◦C at 6.144 m/s entrainment speed
comparing uncoated and coated specimens in both simulation and experiment.
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Figure D.5: Friction results at 1.25 GPa, 40◦C at 3.145 m/s entrainment speed
comparing uncoated and coated specimens in both simulation and experiment.
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Figure D.6: Friction results at 1.25 GPa, 40◦C at 1.611 m/s entrainment speed
comparing uncoated and coated specimens in both simulation and experiment.

stress in the numerical model used in this work assumed to be only depending
on pressure. It has been shown earlier in measurements that temperature has an
influence on the limiting shear stress [99]. Nevertheless, the results from the
numerical predictions show that the addition of a thin (2.8 µm) thermal insulat-
ing coating leads to a substantial reduction of the frictioncoefficient in an EHL
contact. Since the numerical model does not incorporate anychemical/surface
interaction effects, such as asperity interactions or boundary slip, the observed
reduction in the numerical results can only be attributed tothermal effects.

Figure D.10 shows the temperature distributions in the Z direction across
the film and solids (substrate and coatings (for the case of coated surfaces))
from the inlet (X = -1.5) to the outlet (X = 1.5) at the same conditions as in
Figure D.4. X represents the position in the circular contact in the entrainment
direction. In an EHL contact the film thickness, and thus the ability to separate
the surfaces from contacting each other is governed by the viscous behaviour of
the lubricant in the inlet of the contact. On the other hand, friction is governed
by the viscous behaviour of the lubricant in the central areaof the contact.
Therefore a sufficiently viscous lubricant is required in the inlet to generate an
adequate film thickness, while low viscosity is desirable atthe contact centre
to reduce friction. The difference in temperature in the inlet is very small, and
will thus lead to negligible differences in film thickness between the coated and
uncoated case. In the central parts (X = -0.5 to X = 0.5) of the contact there is a
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Figure D.7: Friction results at 1.25 GPa, 40◦C at 1.0 m/s entrainment speed
comparing uncoated and coated specimens in both simulation and experiment.
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Figure D.8: Friction results at 1.94 GPa, 40◦C at 6.144 m/s entrainment speed
comparing uncoated and coated specimens in both simulation and experiment.
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Figure D.9: Friction results at 1.94 GPa, 40◦C at 3.145 m/s entrainment speed
comparing uncoated and coated specimens in both simulation and experiment.

substantial difference in temperature in the lubricant. The higher temperature
in the lubricant with the coated specimens will therefore lead to lower viscosi-
ties and consequently lower friction. However, in the outlet of the contact (X =
1.0 and X = 1.5) the lubricant temperatures are actually lower with the coating.
At this stage, the lubricant film is ruptured, and would therefore not contribute
to the friction. The higher lubricant temperature at the contact outlet for the
uncoated case results from heat transfer by conduction and advection within
the solids from the centre of the contact (where most of the heat is generated)
towards the outlet. This leads to high solid surface temperatures at the exit
of the contact, which maintains the lubricant film at a highertemperature. In
the coated case, less heat is transferred to the liquid at theexit of the contact
since DLC acts like an insulating material. Figure D.11 shows the flow profile
(the x-velocity component of the lubricant flow across the film) at the centre
of the contact for both coated and uncoated surfaces at the same conditions as
in Figure D.4. The difference in velocity is large around themidlayer of the
lubricant film and near the faster moving surface. A lower velocity variation
across the lubricant film around the midlayer, and thus lowershear rates, in
combination with lower viscosities due to the higher lubricant temperatures in
the coated case leads to the friction reduction compared to the uncoated case.

As seen in Figs. D.4 to D.9, the greatest reduction in friction with the
coating happens at the highest SRR, as expected since more heat is generated
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Figure D.10: Numerical simulation of lubricant film temperature increase in dif-
ferent locations of the lubricant film for coated and uncoated specimens.
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Table D.3: Friction reduction with DLC coating at SRR=1.05.

Load [N] Entrainment Measured Predicted
speed [m/s] reduction [%] reduction [%]

300 6.144 41 48
300 3.145 35 46
80 6.144 39 46
80 3.145 37 46
80 1.611 30 39
80 1.0 24 28

at higher sliding speeds. Substantial friction decreases are however achieved
already at much lower SRRs. Table D.3 summarizes the friction reduction
achieved with the coating for all entrainment speed and loadcases at the high-
est SRR value of 1.05. It is clear that the relative reductionin friction is great-
est at the highest entrainment speed and reduced when entrainment speed de-
crease. Note that the relative reduction in friction is not much smaller at the
low load compared to the high load. Even at the lowest load andthe lowest en-
trainment speed, Figure D.7, the friction reduction is significant even at SRR
of 0.2. This indicate that excessive heat generation is not needed to benefit
from a thermally insulating coating, and that SRR has greater influence on the
friction reduction than contact pressure.

In this article a coating with only one specific thermal inertia has been
evaluated. The authors believes that a coating with lower thermal inertia than
the one investigated will lead to greater reduction in friction, while a coating
with a high thermal inertia will lead to less reduction in friction. A low thermal
inertia is connected to low thermal conductivity and volumetric heat capacity
and is thus insulating. It is also expected that the coating thickness will influ-
ence the friction reduction in a similar way. A thicker coating will lead to a
greater friction reduction, while a thinner coating will lead to a lower friction
reduction.

These findings will most likely lead to new possibilities in reducing friction
in machine components working in, or partly, in the full film EHL regime.
In the experiments conducted in this study a thermal insulating DLC coating
was used, but it is certainly possible to obtain thermal insulation using other
types of coatings as well. These findings will probably open the way up for
new coatings (where thermal properties constitute the maindesign parameters)
used for friction reduction in certain lubricated machine elements. These new
coatings may very well be cheaper and more available than DLCcoatings.
The results indicate the possibility to reduce contact friction by more than 40
% by using thermal insulating layers in EHL contacts. By applying thicker
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Figure D.11: Lubricant x-velocity profile at the centre of the contact across film
thickness. Z=1 is the faster moving surface (ball) and Z=0 is the slower moving
surface (disc).

coatings and/or coatings with even lower thermal conductivity even greater
friction reduction could be possible.

D.4 Conclusions

This paper presents strong evidence that thermal insulation has an important
role in friction reduction using thin coatings in full film EHL contacts. A series
of friction tests were conducted in a ball-on-disc machine with both coated and
uncoated specimens. The DLC coated specimens showed lower coefficient of
friction in all tested cases. A validated TEHL numerical model was used to pre-
dict the friction coefficient for the tested cases. Althoughthe numerically pre-
dicted values, which ignore accumulated heat, deviate fromthe experimental
ones in absolute values, the shape and trend of the friction curves are qualita-
tively similar. The numerical model does not incorporate any chemical/surface
interaction effects, and thus the observed reduction in friction for the predicted
results can only be attributed to thermal effects. These findings open up for the
development of new families of coatings where thermal properties constitute
the main design parameters. These coatings may be both cheaper to produce,
more available, and provide greater friction reduction than DLC coatings in
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certain applications.
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Abstract

The application of surface coatings has been shown to reducefriction in elasto-
hydrodynamic lubrication (EHL), not only in the mixed and boundary regime
when asperity interactions occur, but also in the full film regime. Several stud-
ies suggest that the full film friction reduction is due to a violation of the no-slip
boundary condition and thus slip is taking place between thesolid and the liq-
uid. Another hypothesis proposes that the full film frictionreduction is due
to the low thermal conductivity of diamond like carbon (DLC)coatings. In
this work, two DLC coatings with the same composition, but different thick-
nesses are investigated with uncoated steel specimens as a reference, all with
the same surface roughness. Friction tests in a ball-on-disc machine show that
both coatings reduce friction compared to the uncoated reference case in full
film EHL. The thicker coating is significantly more effectiveat reducing fric-
tion than the thinner one at a maximum friction reduction of 41 % compared to
29 % for the thinner coating. Moreover, contact angle measurements, surface
energy measurements, and spreading parameter calculations show no statis-
tically significant differences between the two coatings, suggesting that the
friction reduction capabilities of coatings in full film EHLcannot be described
by solid-liquid interactions alone. The difference in friction reduction between
the specimens in this work is mainly attributed to differentthermal properties.
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E.1 Introduction

Surface engineering has emerged as an important part in reducing friction in
the field of elastohydrodynamic lubrication (EHL). Smoother surfaces in con-
tact has the advantage of pushing the transition from full film lubrication to
mixed lubrication toward lower speeds, and will thus lead toreductions in both
friction and wear. Furthermore has the use of tribological coatings grown sub-
stantially in the last decade to provide various enhancements such as lower fric-
tion and wear both in dry and lubricated contacts. Diamond like carbon (DLC)
coatings are the subject of many studies since they possess properties such as
low friction characteristics, high wear and corrosion resistance, chemical inert-
ness, thermal stability, as well as high hardness and high elastic modulus. DLC
coatings generally reduce friction in boundary and mixed lubrication regimes
by lowering the contact friction between the asperities. However, the matter of
interest in this paper is the reduction that is achieved by DLC coatings in full
film EHL where there is no contact between the surfaces and thelubricant car-
ries all of the load. Several authors have experimentally observed a reduction
in friction with DLC coated surfaces in full film EHL [179–181,269,272]. The
friction reduction has been explained by several authors asan effect of bound-
ary slip, or solid-liquid interface slip [180, 181, 202] a phenomena thoroughly
discussed in literature [100, 106–109, 189, 192, 193, 201],where some of the
work is based on atomically smooth surfaces.

However, it is still not entirely clear how the mechanism of slip works,
and several hypothesis can be found in the literature. In many cases, poor
wetting or high contact angle is proposed as the main featureto promote slip
[100,108,109,196,200–202], and in other cases low surfaceenergy [180,181].
However, using only surface energy as a means to determine the potential of
solid-liquid slip may not be suitable since surface energy is a material property
and tells nothing about the interaction of a specific material with a specific
fluid. On the other hand, contact angle measurements represent a property
of the specific surface and lubricant combination and could intuitively seem
to be more suitable. However, Kalin and Polajnar have recently published
studies including many different lubricants and coatings where the influence
of surface energy and contact angle is discussed [203, 204].They conclude
that contact angle cannot be used in isolation to predict thewetting behaviour,
and instead propose the use of a spreading parameter which correlates well
with the surface energy. They also showed the correlation between contact
angle, surface energy and spreading parameter with friction coefficients in full
film EHL, where especially the spreading parameter and the polar part of the
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surface energy correlate very well with the friction measurements [181].

Furthermore, many authors have concluded that for solid-liquid slip to take
place, the surfaces have to be very smooth, generally below 6nm RMS [101,
107–109]. However, the present authors have presented an investigation in
which friction reduction with DLC coatings was measured [269] in full film
EHL even when the combined RMS roughness of the surfaces was in the range
of 155-355 nm. Based on a simplified analytical estimation ofthe temperature
increase in the lubricant film induced by DLC surface coating, the authors
proposed that the friction reduction could be a result of thermal insulation due
to the low thermal conductivity observed for some DLC coatings [220, 221,
223]. The temperature increase in the lubricant film would reduce the viscosity
and thereby reduce the coefficient of friction. In a more recent study [272]
the present authors used a more advanced and thoroughly validated [229–231,
271] 3D numerical model to predict the effect of thin insulating layers on full
film elastohydrodynamic (EHD) friction to be compared with experimental
measurements. The presented simulations, validated by experiments, showed
that applying a thin diamond-like-carbon coating to metal surfaces creates an
insulating effect that, due to the increased liquid lubricant film temperature at
the centre of the contact, locally reduces lubricant viscosity and thus friction.
This model was later refined by Habchi and used to numericallyinvestigate the
effect of different coating thickness and thermal properties on EHD friction
[236].

In this work, specimens coated with the same DLC coating, butwith dif-
ferent coating thickness, are investigated in terms of friction reduction in full
film EHL and compared to measurements of contact angle and surface energy
of the coatings. By investigating two coatings with supposedly the same sur-
face energy and contact angle, but with different thicknesses and hence thermal
properties, the authors want to provide further information about the mecha-
nisms behind the full film EHD friction reduction capabilities of DLC coatings.

E.2 Overall Methodology

The following sections cover the test specimens, lubricant, and coatings used.
It also contains information about how the experimental equipment for the
friction tests are set up, and how the experiments are performed. Finally, the
procedure for the contact angle, surface energy, and surface tension measure-
ments are discussed.
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E.2.1 Test specimens and lubricant

The tests were performed with a commercially available DLC coating pro-
duced with two different thicknesses and uncoated DIN 100Cr6 (AISI 52100)
bearing steel as a reference. For the friction tests in the ball-on-disc machine
polished balls and discs were used that had been measured to asurface rough-
ness, RMS of 25 nm for the balls and 35 nm for the discs, which gives a com-
bined roughness of approximately 43 nm. These roughness values were also
maintained after the specimens had been coated with DLC. Thesurface rough-
ness measurements were conducted in a Wyko NT1100 optical profilometer
system from Veeco. The measurements were performed using 10x magnifica-
tion and 1x field of view. The balls are grade 20 with a 13/16 inch (20.63
mm) outer diameter and a hardness of about 60 HRC. The discs have a 4
inch (101.6 mm) outer diameter, a circumferential grind (before polish) and
are through hardened to about 60 HRC. Except the steel uncoated reference
specimens, the remaining specimens were coated with Tribobond 43, a hydro-
genated amorphous carbon ((Cr+) a-C:H), through plasma-assisted chemical
vapour deposition. The specimens were prepared with two different coating
thicknesses, 0.8 and 2.8 µm, measured using calotest. A chromium-based in-
terlayer with a thickness of 0.1-0.3 µm deposited by magnetron sputtering was
used to improve the adhesion. The thermal conductivities were not measured
on these specific coatings, but approximated by the formula obtained by Kim
et al.[223] that is expressed in Fig. E.1. The dots represent the actual measure-
ments performed by Kimet al. from which they derived the curve fit. The stars
represent the coating thicknesses used in this work. Other work has been per-
formed focusing on measuring thermal conductivities of DLCcoatings thinner
than 20 nm where a thermal conductivity of 0.09 W/mK was obtained for a
coating of approximately 3 nm [221]. The effect of thermal boundary resis-
tance [224] is more influential at thinner coating thicknesses and is the most
likely explanation why the thermal conductivity has a rapiddecrease for thin-
ner coatings. It is also likely that the chromium interlayerwill further reduce
the thermal conductivity due to additional thermal boundary resistance. The
thermal conductivities are expected to be around 1.75 W/mK and 2.23 W/mK
for the 0.8 µm and 2.8 µm coatings respectively. This should be compared to
a value of 46.6 W/mK for the substrate material. Note that even though the
thermal conductivity is higher for the thicker coating, thetotal thermal insu-
lating effect is still higher due to the increase in coating thickness. Consider
Fourier’s law of thermal conductive heat transfer:
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Figure E.1: Thermal conductivity with respect to coating thickness for a-C:H
coating. The dots represents the measured values used for the curve fit. The
stars represents the values for the coating thicknesses in this paper.

qt = kAtdT/c (E.1)

whereqt is the heat transfer,k is the thermal conductivity,At is the heat
transfer area,dT is the temperature difference across the material, andc is
the coating thickness. Assuming identical values forAt anddT for the dif-
ferent coating thicknesses would give approximately 2.75 times as much heat
conducted through the thinner coating.

The lubricant used for the tests was squalane, a commercially available
low molecular weight (422.81 g/mol) branched alkane (2,6,10,15,19,23- hex-
amethyltetracosane). A lubricant without additives was chosen to minimize
the effect of tribochemical reactions on the friction coefficient. At the test
temperature of 40◦C, the ambient viscosity of squalane is 15 mPas, and the
pressure-viscosity coefficient is 18 GPa−1 [129].

E.2.2 Ball on disc tribotester

The experiments were carried out with a Wedeven Associates Machine (WAM)
11, ball-on-disc test device. The lubricant is supplied at the centre of the disc
in an oil dispenser that distributes the lubricant across the disc surface. The
lubricant is circulated in a closed loop from the oil bath, through a peristaltic
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pump to the oil dispenser at the centre of the disc. The peristaltic pump is
delivering approximately 180 ml/min. Three thermocouplesare used in the
test setup, one located in the oil bath, one in the outlet of the oil supply, and
one trailing in the oil film close to the inlet region of the ball-on-disc contact.
A more thorough description of the test rig and its features is presented in
previous work [252].

E.2.3 Test procedure

In this investigation, we only tested the combination of uncoated specimens,
specimens coated with 0.8 µm DLC and specimens coated with 2.8 µm DLC.
Previous investigations have shown that a coating on only one of the specimens
in contact still gives a reduction in friction, but not as great as if both specimens
are coated [181,269]. The ball-on-disc test device was usedto generate friction
data from a series of tests under different operating conditions. In each test, the
entrainment speed and contact pressure were held constant while the slide to
roll ratio (SRR) was varied from 0.0002 to 1.05. SRR is definedas the ball sur-
face speed subtracted by the disc surface speed giving the sliding speed. The
sliding speed is then divided with the entrainment speed giving SRR. All tests
in this investigation were hence conducted with the ball having a higher surface
speed than the disc. Both ball and disc specimens were cleaned with heptane
and ethyl alcohol before starting the experiments for each of the test cases.
Before starting the experiments for each test case, the testdevice was warmed
up to the desired operating temperature during approximately 60 minutes with
lubricant circulation over both ball and disc to ensure thermal stability. When
a stable temperature was reached, an 80 N or a 300 N load was applied which
is equivalent to 1.25 or 1.94 GPa maximum Hertzian pressure and the machine
was calibrated for pure rolling by adjusting spindle angle and positioning of
the ball to ensure a condition of no spinning. These settingswere then held
constant for 20 minutes to ensure a mild run-in. Subsequently, the test cycle
was started, wherein the entrainment speed was kept at a constant value, and
the slide to roll ratio was varied from the lowest to the highest value. The test
cycle was repeated seven times for each entrainment speed. The temperature
of the oil bulk and fluid adhered at the disc surface was typically deviating
less than± 1.5◦C from the target temperature of 40◦C during testing. Four
different entrainment speeds were used in the tests. The entrainment speeds
were chosen such that the minimum film thickness in the most severe case
(lowest entrainment speed and highest SRR with the thickestcoating) would
still be higher than the combined roughness of the specimensand thus still be
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Table E.1: Investigated conditions.

Temperature 40◦ C
Contact load 80 and 300 N
Maximum hertzian pressure 1.25 and 1.94 GPa
Entrainment speed,Ue 1.611, 3.145 and 6.144 m/s
Slide to Roll Ratio, SRR 0.0002 to 1.05
Coating thickness 0.8 and 2.8 µm

in the full film regime. The film thickness for 1.25 GPa, an entrainment speed
of 1.6 m/s and 1.04 in SRR give an uncoated minimum film thickness of 65
nm, while the coated case would give a minimum film thickness of 63 nm.
The film thickness calculations were made with the numericalmodel used in a
previous investigation including the effect of a thermallyinsulating coating on
film thickness and friction in EHL [272]. Here, along with another numerical
work [236] it is concluded that although a thermally insulating coating could
have a significant effect on friction, the film thickness is barely affected. A
summary of the investigated conditions can be seen in Table E.1.

E.2.4 Surface energy and wetting

The surface energies of the specimens were evaluated using the Owens-Wend-
Rabel-Kaelbe (OWRK) method (Eq. E.2) [273]. This method requires contact
angle measurements of the specimens with at least two liquids with known
properties. In this investigation, demineralized water and diiodomethane were
used. The properties of these fluids needed for the OWRK method, total sur-
face tension, and the dispersive and polar components of surface tension ob-
tained from literature [274] are presented in Table E.2. It should be mentioned
that several theoretical models exist for the calculation of surface energy from
contact angle measurements. Kalin and Polajnar [203, 204] recently investi-
gated the surface energies of several different DLC coatings using OWRK, Oss
and Wu methods. They concluded that these three models were qualitatively
the same (for the samples and fluids they used), providing thesame ranking of
the surfaces, but with a difference in absolute values ranging between 5 and 25
%. The OWRK method, eq. E.2, presented values in between the Oss method
and the Wu method, and is probably the most used model in literature which
is why it is used also in this investigation.

γl (1+cosθ) = 2

(

√

γD
s γD

l +
√

γP
s γP

l

)

(E.2)
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Table E.2: Surface tension and its polar and dispersive components for test
liquids.

Liquid Total surface tension Dispersive component Polar component
γl [mN/m] γD

l [mN/m] γP
l [mN/m]

Water 72.8 21.80 51.00
Diodomethane 50.8 50.8 0
Squalane 31.8 30.7 1.1

whereγl is the total surface tension of the fluid,θ the contact angle,γD
s the

dispersive component of surface energy,γP
s the polar component of surface

energy,γD
l the dispersive component of surface tension andγP

l the polar com-
ponent of surface tension.

The contact angle measurements were conducted with the sessile drop
technique using an optical goniometer, Fibro 1121/1122 DAT-Dynamic Ab-
sorption and Contact Angle Tester. Before the measurementswere conducted,
the specimens were cleaned with acetone and ethanol and dried in a stream of
hot air. The drop size was 2.5 µm, and used for all lubricants for consistency.
At this small volume, the effect of the drops impact due to itsweight can be
ignored [275]. Each fluid and liquid combination was repeated at least 8 times
before the average value was calculated. The contact angle of the lubricant
typically changed with time after having been deposited on the surface. The
value was measured after 12 seconds for both reference fluidsand all mate-
rials for consistency. In the case of squalane that showed contact angles that
changed more with time, the measurement was done after 16 seconds.

E.2.5 Surface tension

The surface tension of the lubricant used for the friction tests was determined
using the same optical goniometer as for the contact angle measurements. The
pendant drop method was used to establish the surface tension. Each test was
repeated 5 times, and the average value was calculated. Since the pendant drop
method only gives the total surface energy of the lubricant,another method
is needed to determine the polar and dispersive components of the surface
tension. By measuring the contact angle for the specific lubricant on PTFE,
the dispersive component of the surface tension can be acquired. This is be-
cause PTFE only has a dispersive component of surface energy, 23.53 mJ/m2

and consequently, the OWRK method could be used to calculatethe disper-
sive component of the surface tension. The polar part is thencalculated using
Fowkes method [276] with the following equation:
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γl = γD
l + γP

l (E.3)

E.2.6 Spreading parameter

Kalin and Polajnar proposed the use of a spreading parameterfor evaluating the
wetting between a surface and a lubricant [181]. They found that while contact
angle measurements did not correlate with the friction reduction, the spreading
parameter did. Combining the Young equation and the OWRK model, they
derived a spreading parameter that was used to characterizethe spreading of
the surface and liquid combinations investigated in this article:

Sp = 2

[

√

γD
s γD

l +
√

γP
s γP

l − γl

]

(E.4)

E.3 Results

The surface energies for the investigated specimens are presented in Fig. E.2.
It shows that uncoated steel has the highest surface energy of 50.07 mJ/m2

while the DLC coatings have 48.1 mJ/m2 and 48.5 mJ/m2 respectively for the
0.8 µm and 2.8 µm coatings. When looking at the distribution in dispersive and
polar components of the surface energies for the investigated surfaces, they are
all very similar in the sense that the dispersive component of the surface energy
is dominant and only a small part is coming from the polar component.

Figure E.3 shows the results for the calculated spreading parameters for the
combination of squalane and the different surfaces. The spreading parameter
defined by Kalin and Polajnar [181] ,eq. E.4, represents the wetting behaviour
of the lubricant and surface combinations. In all cases, thespreading parameter
is positive, suggesting that the lubricant spreads over thesurfaces with time
and does not obtain a constant contact angle immediately. According to the
equation, the lubricant will spread most easily on the uncoated steel surface
and less on the coated surfaces. In this case, the thicker coating has a slightly
higher spreading parameter suggesting that it would provide lower wetting of
the surface with squalane compared to the thinner coating.

Figure E.4 shows the results from the contact angle measurements for
squalane on the specimens. The values were taken after about16 seconds and
represent a steady state contact angle. The low contact angles indicate good
wetting on all specimens.
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Figure E.2: Surface energies and the corresponding dispersive and polar parts
of investigated surfaces determined using the OWRK method.
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Figure E.3: Spreading parameter values for squalane and the investigated sur-
faces.
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Figure E.4: Contact angle for squalane on the investigated surfaces.

Figs. E.5 to E.7 show the results from the ball-on-disc friction measure-
ments with the uncoated specimens and the two different coating thicknesses.
Although three different entrainment speeds were investigated at 1.25 GPa
pressure (Table E.1), only the lowest and highest entrainment speeds are shown
here since the intermediate entrainment speed showed the same trends as the
two presented here. For 1.94 GPa, only the highest entrainment speed case is
shown here as a comparison with the 1.25 GPa case at the same speed. Ta-
ble E.3 shows the reduction in friction for all investigatedcases at the highest
SRR of 1.05. Table E.3 also shows that in general, the percental friction re-
duction is greater for the lower pressure independent of coating thickness and
entrainment speed.

It is clear that the uncoated specimens have the highest friction coefficients
for all tested combinations of pressures and entrainment speeds. The thinner
DLC coating leads to a significant reduction in friction coefficient, and the
friction is further reduced for the specimens with the thicker coating. For all
entrainment speeds, the percental friction reduction is increased with the in-
crease of SRR. The fact that the friction coefficients in general are higher at
the lower speed, Figure E.5, does not indicate a transition to the mixed lubri-
cation regime compared to the higher speeds, but rather an effect of different
full film lubrication conditions. A higher entrainment speed will lead to a
thicker film, and thus lower shear rates. Furthermore, a higher entrainment
speed will increase thermal softening of the lubricant, reducing the viscosity
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Figure E.5: Friction measurements for squalane at 1.6 m/s entrainment speed
and 1.25 GPa of maximum hertzian pressure for uncoated steel and two differ-
ent thicknesses of the same DLC coating.

Table E.3: Friction reduction with DLC coatings at SRR=1.05.

Load [N] Entrainment Reduction Reduction
speed [m/s] 0.8 µm [%] 2.8 µm [%]

300 6.144 26 41
300 3.145 20 35
80 6.144 29 39
80 3.145 23 37
80 1.611 16 30

and also leading to a reduction in friction. When comparing the friction trends
at the same speed for both pressures, Figs. E.6 and E.7, the friction coefficient
increases faster with SRR and reaches a higher value for the higher pressure.
At higher SRR when thermal softening of the lubricant is dominating the fric-
tion behaviour, the high pressure case drops more rapidly due to higher heat
generation.
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Figure E.6: Friction measurements for squalane at 6.144 m/s entrainment
speed and 1.25 GPa of maximum hertzian pressure for uncoated steel and
two different thicknesses of the same DLC coating.
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Figure E.7: Friction measurements for squalane at 6.144 m/s entrainment
speed and 1.94 GPa of maximum hertzian pressure for uncoated steel and
two different thicknesses of the same DLC coating.
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E.4 Discussion

The tribological tests performed in this investigation clearly show the friction
reducing effect of a DLC coating in full film EHL, Figs. E.5 to E.7 and Table
E.3. The reduction in friction coefficient for the 2.8 µm coating at the highest
tested SRRs ranges from 30 % at an entraniment speed of 1.6 m/sand 1.25 GPa
of pressure to a reduction of 41 % at an entrainment speed of 6.144 m/s and
1.94 GPa of pressure. For the thinner DLC coating the same conditions lead
to friction reductions of 16 and 26 %. It is apparent that the thicker coating is
more effective at reducing friction.

The phenomena of reducing friction with DLC coatings in fullfilm condi-
tions where there are no asperity contacts between the mating surfaces have by
several authors been explained as solid-liquid slip [180, 201, 202]. The prin-
ciple of the theory being that the often assumed no-slip boundary condition
between the liquid and the solid is violated. It means that the interaction be-
tween the solid and the liquid is not strong enough to resist the shear forces
at the interface, and the liquid will thus have a lower velocity than the solid
surface. This will in turn reduce shear rates and friction.

If the friction reduction can be explained by the interaction between the
surface and the liquid, it must be possible to be determined by utilizing appro-
priate measurements. Such measurements have included contact angle, sur-
face energy, and spreading parameter. However, results in the literature have
been non conclusive in the sense that some authors have correlated the friction
reduction to poor wetting (large contact angle) [100, 108, 109, 196, 200–202]
and sometimes with surface related properties such as hydrophobicity and low
surface energy [180, 181]. Recently, Kalin and Polajnar presented a series of
studies [181, 203] where they conclude that there is poor correlation between
contact angle and friction reduction with surface coatingsin full film EHL.
On the other hand, they found good correlation between surface energy, and
especially the polar part of the surface energy, and friction reduction. They
also found good correlation between a spreading parameter,which takes into
account both surface and liquid properties, and friction reduction. In this pa-
per, the friction reducing capabilities of two different thicknesses of the same
DLC coatings are investigated with uncoated steel specimens as a reference.
As seen in Figs. E.5 and E.6 the friction reduction is more effective with the
thicker coating than the thinner one. However, this difference in friction reduc-
tion between these two coatings cannot be explained by contact angle, surface
energy, or spreading parameters. Nor is the surface roughness different be-
tween the specimens. In Figure E.4 it can be seen that there isno statistical
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difference in contact angle between the two coated specimens. The uncoated
reference has slightly lower contact angle, but the difference may be within
the measurement error. Furthermore, as seen in Figure E.2 there is no statisti-
cally significant difference between the two DLC coatings interms of neither
total surface energy, nor the dispersive and polar parts. The surface energies of
the coated specimens are, however, lower than the steel reference. Moreover,
no significant difference can be seen between the coatings with the calculated
spreading parameters in Figure E.3. Even here there is a distinction between
the coated specimens and the uncoated steel reference.

This investigation shows that contact angle and surface energy measure-
ments alone are not sufficient to estimate the friction reduction observed with
surface coatings in full film EHL. The present authors have earlier [269] hy-
pothesized that the friction reduction obtained in full filmEHL may be caused
by the low thermal conductivity of certain DLC coatings, andthis theory was
later validated in another investigation including both experimental measure-
ments and numerical simulations [272]. The mechanism at work in these cases
is that applying a thin diamond-like-carbon coating to metal surfaces creates
an insulating effect that, due to the increased liquid lubricant film tempera-
ture at the centre of the contact, locally reduces apparent lubricant viscosity
and thus friction. The same numerical model was later used toinvestigate the
effect of coating thickness and thermal properties of the coatings on friction
reduction [236] with results in line with those obtained experimentally in this
paper.

The idea that thermal properties of the specimens have an influence on
film shape and friction is not new. The concept of a temperature-viscosity
wedge caused by specimens with widely different thermal conductivities was
introduced by Cameron in the 1960’s [277, 278] and has been discussed by
several authors [279].

It is therefore likely that some of the inconsistencies between contact an-
gles and/or surface energies and friction reduction achieved in full film EHL
may be explained by the fact that solid-liquid slip alone cannot explain or
describe the phenomena. In fact, under certain conditions,the thermally insu-
lating effects of the coatings are dominating, or possibly even the only cause to
the friction reduction. In this investigation, since thereis no significant differ-
ence between contact angle and surface energy of the two coating thicknesses,
the difference in friction reduction may solely depend on different thermal
properties due to the different thicknesses of the coatings. However, it is more
uncertain if the friction reduction achieved with the coatings compared to the
uncoated reference is only due to thermal insulation, or if asmaller part of the
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friction reduction is also due to solid-liquid slip.
The influence of surface roughness on solid-liquid slip has been discussed

by several authors, where many of them have concluded that for slip to oc-
cur, the surfaces have to be very smooth [100, 107–109, 205],typically 6-12
nm RMS. The critical roughness is most likely depending on the size of the
molecules of the liquid used [193, 206, 207]. Pearson and Petrie [207] mean
that no slip can occur when the molecular size is smaller thanthe wall rough-
ness scale. However, it is not necessarily so that as smooth asurface as possible
will lead to the greatest amount of slip. At relatively low roughness (below 15
nm) it has been shown that RMS roughnesses of 0.7 and 4.0 nm produced less
slip than a 12.2 nm surface [195]. It should, however, be mentioned that the
roughness in this case was not only different in amplitude, but also produced
with different geometries. That an optimized roughness is superior to very
smooth surfaces in some cases may be apparent by consideringsolutions from
nature such as lotus leaves [208,209]. In nature, for instance low wettability is
created by clever use of surface texturing.

Moreover, most of the investigations on solid-liquid slip are performed
at atmospheric pressure or hydrodynamic pressure and may therefore not be
directly applicable on EHL. Solid-liquid slip has been reported to be reduced
with pressure in the hydrodynamic pressure range [123,210], but also observed
to increase with pressure in EHL [211]. In favor for solid-liquid slip in EHL
is amplitude reduction [19,22] that describes elastic deformation of the rough-
ness inside the high pressure contact. Studies show that theroughness reduc-
tion is dependent on several factors, such as entrainment speed, slide to roll
ratio, and pressure, and that long wavelengths are compressed more than short
wavelengths. This means that the actual roughness inside the high pressure re-
gion may, depending on the roughness parameters and runningconditions, be
smoother than outside of the contact. This would at least according to Pearson
and Petrie be beneficial for solid-liquid slip.

To the author’s knowledge, only a few studies have observed solid-liquid
slip in EHL [103, 106, 211], and they have all used relativelysmooth surfaces
(below 12 nm). The liquids they used are either polyphenyl ether (5P4E) which
has very high surface tension and is known to show poor wetting at metal sur-
faces, or high molecular weight polybutene. It is still to beelucidated whether
solid-liquid slip can still be observed with the use of surfaces and lubricants
more often encountered in machine elements such as ball bearings and gears.
Studies that indirectly indicate solid-liquid slip as a consequence of reduced
friction in full film EHL may, in fact, as indicated by this study, be an effect
of thermal insulation, or a combination between thermal insulation and solid-
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liquid slip.

E.5 In conclusion

This paper shows that measurements of contact angle, surface energy, or spread-
ing parameter alone are not sufficient to estimate the full film EHD friction
reduction capability of a surface coating. Friction tests were carried out in
a ball-on-disc machine with specimens coated with the same DLC coating,
but with different thicknesses, and compared to uncoated specimens, all with
the same surface roughness. The DLC coated surfaces showed areduction in
friction in all tested cases compared to the uncoated specimens. However, the
thicker DLC coating provided substantially lower frictionthan the thinner coat-
ing. Contact angle measurements were carried out with reference fluids and
the test fluid to calculate surface energy and spreading parameter for the test
combinations. No significant differences were found between the two coating
thicknesses although their friction reduction effects were substantially differ-
ent. The difference in friction reduction between the coatings is attributed to
the fact that the thicker coating has a greater thermal insulating effect than the
thinner coating.
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Abstract

Running experiments with full-size gearboxes from the actual application has
the advantage of giving realistic results in terms of power losses depending on
lubricant type, load, speed and operating temperature. Thedrawback is ex-
tensive costs, lengthy testing, and the difficulty in differentiating between load
dependent and load independent losses, and which losses arecoming from the
gears, seals, bearings or synchronizers. As an alternativeto numerical pre-
dictions, many authors have used twin-disc machines to simulate power loss in
gear contacts. By controlling the rotational speeds of two rollers in contact, the
same entrainment speeds and slide to roll ratios can be achieved as along the
line of action of the gear system that are simulated. This approach is cheaper
than running full gear tests, and gives more detailed information regarding gear
contact friction along the line of action. A ball-on-disc tribotester do not suf-
fer from the same aligning problems as encountered in a twin disc machine,
and may be available at research facilities not having a twindisc machine. It
is however unclear if it is possible to correlate the friction coefficient in the
circular contact in a ball-on-disc tribotester to the line contact in the spur gear
contact. The purpose of this work was to investigate the correlation between
friction measurements conducted in a ball-on-disc machinewith friction mea-
surements conducted in a back-to-back gear test rig. The correlation between
the gear tests and the ball-on-disc tests were reasonably good in terms of abso-
lute values, and the shape of the friction curves were similar, indicating that the
ball-on-disc measurements to a large extent are capturing the behaviour of the
gear contact. Furthermore, the ranking of the oils showed perfect agreement
at both temperatures. Using the friction mapping approach presented in this
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work also gives the possibility to assess the contact friction losses in several
theoretical gear pairs with different geometries by performing a small amount
of ball-on-disc tests with one, or several lubricants.
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F.1 Introduction

Reducing energy consumption and emissions have been a priority in the indus-
trialized world for a long time, and even more so during the last 5-10 years.
With the exception of bringing new technologies and solutions to the market,
constant development is carried out to improve current technology. The auto-
motive market has faced increasing restrictions in terms ofemissions and has
therefore spent large amounts of money on research and development. Rising
fuel prices and increased environmental concern also make the customers more
prone to purchase more fuel efficient vehicles. It has been assessed that 33 %
of the fuel energy in a car is used to overcome friction, and that 7-18 % of these
friction losses originates from the transmission [140]. Inheavy road vehicles
and buses, 33.5 % of the fuel energy is used to overcome friction, and 13 %
of these losses originates from the transmission [141]. Thelosses in a gear
transmission can be devided into two categories; load dependent and load in-
dependent losses. The load independent losses are typically viscous losses due
to oil churning and are mostly governed by lubricant viscosity, density and the
geometrical design of gears and housing. The load dependentlosses are due
to friction in the rolling and sliding interfaces between the mating gear teeth,
and are influenced by a large numbers of parameters. The totalgear contact
friction losses are ranging between 4.5 and 55 % depending onthe design and
use of the transmission [140, 243]. Most gears are operatingin the elastohy-
drodynamic lubrication (EHL) regime and the friction originating from these
kinds of contacts are the matter of interest in this paper.

Running experiments with full size gearboxes from the real application has
the advantage of giving realistic results in terms of power losses depending
on lubricant type, load, speed and operating temperature. The drawbacks are
extensive costs, lengthy testing, and the difficulty in differentiating between
load dependent and load independent losses, and which losses are coming from
the gears, seals, bearings or synchronizers. Even when a gear pair is rotating
at a constant speed several parameter are changing along theline of action
between the meshing teeth, such as load, entrainment speed and slide to roll
ratio (SRR). When running tests with gears and being successful in removing
all other sources of losses, only an average friction coefficient can be obtained.
To remedy this problem and allow more detailed studies of gear losses both
numerical and experimental methods have been used.

Several researchers have solved the numerical EHL problem to be able to
predict, and understand gear friction. Such studies include both smooth [142,
280] and rough surfaces [145, 147, 281]. A reliable and accurate numerical
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prediction model for gear contact friction would be the bestalternative since
the numer of tests would be kept at a minimum, saving both timeand money.
However, EHL is a complex field, and there are as far as the authors knows
no models with such true predictive capabilities to date [271]. Due to the
severe running conditions in many gearboxes, highly additivated lubricants
are often used which also puts demands on the numerical models to include
tribochemical effects which is a tremendous challenge.

As an alternative to numerical predictions, many authors have used twin-
disc machines to simulate power loss in gear contacts [153,169,240,241,247,
248]. By controlling the rotational speeds of two rollers incontact, the same
entrainment speeds and SRRs can be achieved as in the line of action of the
gear system that are simulated. This approach is cheaper andless time consum-
ing than running full gear tests, and gives more detailed information regarding
gear contact friction along the line of action. The twin discis seen as suit-
able for mimicking a gear contact also due to the fact that both twin disc, spur
and helical gears to some extent operate with line contacts.A ball-on-disc tri-
botester do not suffer from the same aligning problems encountered in a twin
disc machine using disc profiles creating a pure line contact, and may be avail-
able at research facilities not having a twin disc machine. It is however unclear
if it is possible to correlate the friction coefficient in thecircular contact in a
ball-on-disc tribotester to the line contact in the spur gear contact. The purpose
of this work is to investigate the correlation between friction measurements
conducted in a ball-on-disc machine with friction measurements conducted in
a FZG gear test rig. In addition, using the earlier presentedconcept of fric-
tion mapping [252], a method is proposed to predict the friction coefficient
in an arbitrary gear pair from a minimum of measurements in a ball-on-disc
machine.

F.2 Overall Methodology

The following sections cover the test rigs, test specimens and lubricants used
in the experiments. It also contains information about how the experiments
were performed and how the data was processed and evaluated.

F.2.1 Ball-on-disc tribotester

The experiments were carried out with a Wedeven Associates Machine (WAM)
11, ball-on-disc test device. The lubricant is supplied at the centre of the disc
in an oil dispenser that distributes the lubricant across the disc surface. The
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Figure F.1: FZG test rig.

lubricant is circulated in a closed loop from the oil bath, through a peristaltic
pump to the oil dispenser at the centre of the disc. The peristaltic pump is
delivering approximately 180 ml/min. Three thermocouplesare used in the
test setup, one located in the oil bath, one in the outlet of the oil supply and
one trailing in the oil film close to the inlet region of the ball-on-disc contact.
A more thorough description of the test rig and its features is presented in
previous work [252].

F.2.2 Gear test rig

A modified FZG test rig was used for the gear tests, as depictedin Figure F.1.
The test gears, described in section F.2.3 were located in two separate housings
with their own lubrication system with a capacity of 25 liters each. The gears
were spray lubricated with a flow rate of 2.0 liters per minutedirected in the
entry side of the mesh. The loading of the gears were done by applying a
torque on shaft 1 with the help of a rod and dead weights. The corresponding
strain caused by the twist of the shaft was measured with fullbridge strain
gauge system. The power circulating design of the test rig means that the
electric motor was only compensating for the energy equivalent to the losses
in the system. However, the gear friction losses were calculated by the friction
moment measured by a torque meter on shaft 2.

F.2.3 Test specimens and lubricant

The test gears are made of case hardened steel, 21 NiCrMo2-2.The gears were
case hardened to a depth of 1.1± 0.5 mm and a hardness of 58± 2 HRC. The
test gears were subjected to grinding and polishing, down toa surface rough-
ness of around 30 nm RMS measured with a stylus mechanical profilometer.
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Table F.1: Test gear geometry.

Number of teeth 20
Pressure angle [◦] 20
Gear Ratio 1
Centre distance [mm] 91.5
Normal module [mm] 4.5
Profile shift 0.176
Face width [mm] 20
Contact ratio 1.45
Addendum contact ratio 0.725

Table F.2: Lubricant properties.

Name Emgard Shell Statoil
MTF 4250 Spirax S6 Gearway S5

Classification 75W-90 75W-90 75W-140
Density @ 15◦C [kg/m3] 879 878 872
Kinematic viscosity @ 40◦C [mm2/s] 140 115 190
Kinematic viscosity @ 100◦C [mm2/s] 18.4 15.2 25
Dynamic viscosity @ 40◦C [mPas] 123 101 166
Dynamic viscosity @ 100◦C [mPas] 16 13 22

This gives a combined RMS roughness for the gear pair of approximately 42
nm. Both pinion and gear have the same properties as shown in Table F.1,
which means that the gear ratio is 1.

The ball-on-disc tests were performed with specimens made of DIN 100Cr6
(AISI 52100) bearing steel. The specimens have been measured to a surface
roughness, RMS of 25 nm for the balls and 35 nm for the discs, which gives a
combined roughness of approximately 43 nm. The surface roughness measure-
ments were conducted in a Wyko NT1100 optical profilometer system from
Veeco. The measurements were performed using 10x magnification and 1x
field of view. The balls are grade 20 with a 13/16 inch (20.63 mm) outer diam-
eter and a hardness of about 60 HRC. The discs have a 4 inch (101.6 mm) outer
diameter, a circumferential grind (before polish) and are through hardened to
about 60 HRC.

The experiments were performed with three commercially available, fully
formulated transmission oils whose properties are shown inTable F.2.
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F.2.4 Gear test procedure

The gear tests were performed at two different oil feed temperatures for each
oil, 40 and 70◦C and with a torque of 302 Nm and 0 Nm. Before starting the
measurements the lubrication systems were filled with 50 liters of the test oil
and the rig was run with a 302 Nm torque at a speed of 1250 rpm for1 hour
for lubricant temperatures to stabilize and to warm up all components in the
test rig. The rig was then run with zero load at 1250 rpm for onehour for
the gear teeth to cool down. The rotational speed was now set to 750 rpm, still
with zero load, and the measurements were started. After 15 minutes the speed
was increased by 250 rpm, and after another 15 minutes increased by another
250 rpm until the maximum speed of 2000 rpm was reached. At this point
the rig was stopped, and 302 Nm torque was applied and the procedure was
repeated from 750 to 2000 rpm in steps of 250 each 15 minutes. The lubricant
temperature, measured with thermocouples located in the oil feed at the gear
mesh, were typically deviating less than± 1◦C during the tests. Before fill-
ing up with a new lubricant the lubrication system, gears andhousings were
thoroughly cleaned with heptane and left to dry over night.

The total power lossPl in a gear transmission is divided into load depen-
dent losses and load independent losses. The load dependentlosses are divided
into mesh losses,Pm, and load dependent bearing losses,Pbl, while the load in-
dependent losses,Pnl, includes oil churning, seal friction and bearing losses at
zero load. The total power loss can thus be expressed as:

Pl = Pm+Pnl +Pbl (F.1)

By running the test rig with zero load, the load independent losses can be
assessed, while running the rig with full load gives the total power loss. To be
able to calculate the mesh dependent power losses, which is of main interest in
this study there is also a need to assess the load dependent bearing losses. The
load dependent power losses for the SKF 6406 deep groove ballbearings were
calculated as [282]:

Pbl = (Mrr +Msl)
2πω
60

(F.2)

whereMrr is the rolling frictional moment, andMsl is the sliding frictional
moment.Mrr is calculated as:

Mrr = ϕishϕrsGrr (νω)0.6 (F.3)
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with:

ϕish =
1

1+1.84×10−9(ωdm)1.28ν0.64 (F.4)

ϕrs = 1/e

[

Krsνω(d+D)
√

Kz
2(D−d)

]

(F.5)

and:

Grr = R1d1.96
m F0.54

r (F.6)

whereω is the rotational speed,ν the kinematic viscosity at operating temper-
ature of the oil,D = 90 mm,d = 30 mm,dm = 60 mm,Krs = 3×10−8, Kz = 3.1,
andR1 = 3.6×10−7. Msl is calculated as:

Msl = Gslµsl (F.7)

with:

Gsl = S1d−0.26
m F5/3

r (F.8)

µsl = ϕblµbl +(1−ϕbl)µEHL (F.9)

and:

ϕbl =
1

e2.6×10−8(ων)1.4dm
(F.10)

whereµbl = 0.15,µEHL = 0.04 andS1 = 2.43×10−3. When the mesh losses are
calculated it is possible to compute an approximate averagefriction coefficient,
µm, based on a method presented by Michaelis and Höhn [151]:

µm =
Pm

PtHv
(F.11)

wherePt is the total transmitted power andHv the gear loss factor given by:

Hv =
π
z1

i +1
i

(1− εt + ε2
p+ ε2

g) (F.12)

wherez is the number of teeth,i the gear ratio,εt the contact ratio,εp the
addendum contact ratio of the pinion, andεg the addendum contact ratio of the
gear.
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F.2.5 Correlation methodology

The purpose of this study was to create conditions in the ball-on-disc test rig
similar to the gear tests and compare the friction data between the tests. For
this reason, the surface roughness were similar for the ball-on-disc specimens,
and the gears. An analytic geometric model of the gear contact was used to cal-
culate the maximum hertzian pressure with 302 Nm of torque toapproximately
1.24 GPa. The same model was also used to calculate SRR and entrainment
speed along the line of action. The SRR in a gear contact is independent of
rotational speed and was calculated to range from -1.1 to 1.1in the gears used
in this investigation. Since both pinion and gear have the same geometry the
entrainment speed is constant along the line of action, but dependent on the
rotational speed of the gears. The lowest rotational speed tested was 750 rpm
which corresponds to an entrainment speed of 1.37 m/s while the highest speed
of 2000 rpm gives an entrainment speed of 3.66 m/s.

The ball-on-disc tests were performed with the same three oils as the gear
tests and at the same temperatures. In the gear setup the contact pressure is
changing along the line of action due to changes in effectiveradius, but also
since the load is sometimes carried by only one tooth engagement and other-
wise by two teeth engaging. To be able to use the earlier introduced concept
of friction mapping [252] all tests in the ball-on-disc machine were performed
with a load of 76 N, equivalent to a maximum hertzian pressureof 1.24 GPa
which is the same as the maximum load calculated for the gear contact. An-
other simplification was made using only positive values forSRR, where in
the actual gear contact, the SRR has opposite signs from going into contact
(approach), to the pitch point, compared to from the pitch point going out of
contact (recess). Friction data for various entrainment speeds and SRRs were
measured in a range that spans the minimum and maximum valuescalculated
for the gear contact at the different rotational speeds as detailed in Table F.3.
A triangle based linear interpolation method were used to create a friction map
for a specific lubricant at a specific pressure for a range of entrainment speeds
and SRRs. One of the six 2D friction maps are shown in Figure F.2 where
friction coefficient is plotted as contours of entrainment speed and SRR. The
figure also contains projections of the corresponding entrainment speeds and
SRRs for two different rotational speeds, 900 and 1300 rpm, for the gear pair
investigated in this paper. Included in the figure is also thecorresponding en-
trainment speeds and SRRs for a FZG type C gear pair at 2300 rpmwhere
the entrainment speed is not constant along the line of action. The FZG type
C pattern is only included as an example, and has not been usedin any tests
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Figure F.2: Example of friction map with corresponding entrainment speeds
and SRRs along the line of action for tested gear pair at 750 rpm (solid line),
tested gear pair at 1250 rpm (dashed line), tested gear pair at 2000 rpm
(dashed/dotted line) and FZG type C gear pair at 2000 rpm (dotted line).

performed in this article. The friction map can be seen as a look-up-table for
an arbitrary rotational speed of a gear pair. The line of action were divided
into 200 data points in the friction map for a specific rotational speed and used
to calculate a mean friction coefficient that was compared tothe mean friction
coefficient obtained from the same rotational speed in the gear test.

F.2.6 Ball on disc test procedure

The ball-on-disc test device was used to generate friction data from a relatively
broad range of operating conditions where one test cycle covers entrainment
speeds between 1 and 4 m/s and SRRs from 0.0002 to 1.2. Both ball and
disc specimens were cleaned with heptane and ethyl alcohol before starting the
experiments for each of the test cases. Before starting the experiments for each
test case, the test device was warmed up to the desired operating temperature
during approximately 60 minutes with lubricant circulation over both ball and
disc to ensure thermal stability. When a stable temperaturewas reached a 76 N
load was applied which is equivalent to 1.24 GPa maximum Hertzian pressure
and the machine was calibrated for pure rolling by adjustingspindle angle and
positioning of the ball to ensure a condition of no spinning.These settings
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Table F.3: Investigated conditions in ball-on-disc rig.

Temperature 40 and 70◦C
Contact load 76 N
Maximum hertzian pressure 1.24 GPa
Entrainment speed,Ue 1 - 4 m/s
Slide to Roll Ratio, SRR 0.0002 - 1.2
Oils See Table F.2

were then held constant for 20 minutes to ensure a mild run-in. Subsequently
the test cycle was started. The test cycle contains several loops where SRR
is held constant for each loop and the entrainment speed is ramped from 4 to
1 m/s. In the first loop the SRR is held at 0.0002 and is then continuously
increased with each loop until it reaches 1.2. The temperature of the oil bulk
and fluid adhered at the disc surface was typically deviatingless than± 1.5◦C
from the target temperatures of 40 and 70◦C during testing.

F.3 Results and discussion

Figure F.3 shows the change in SRR along the line of action going from ap-
proach (gear flank position 0), to the pitch point (gear flank position 100) and
recess (gear flank position 200). Figure F.4 shows the friction coefficients
along the line of action for the gear pair at three different rotational speeds
originating from the ball-on-disc measurements using the Emgard oil at 40◦C.
Each rotational speed corresponds to an entrainment speed,and a set of SRRs
as shown in figure F.2. As the gear flanks first comes into contact, the SRR
is at its highest value which leads to extensive thermal softening of the lu-
bricant thus leading to low friction coefficients. The friction coefficients are
then gradually increasing as the SRR decrease following theline of action to-
wards the pitch point, thus leading to reduced thermal softening and instead
a behaviour dominated by shear thinning and the limiting shear stress of the
lubricant. At the lowest SRRs close to the pitch point the friction coefficient
is rapidly decreasing due to the low shear rates the oil is subjected to at low
sliding. When the pitch point is passed the SRR is again gradually increased
following the same behaviour following the line of action towards the recess.
The friction coefficients are generally lower at the higher entrainment speeds,
an effect attributed to thicker oils films reducing the shearrates in the lubricant
film. Higher entrainment speeds also leads to higher slidingspeeds causing
additional thermal softening, and possibly less asperity interactions due to the
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Figure F.3: Change in SRR along the line of action using only positive values of
SRR.

thicker oil films. The minimum film thickness was calculated to 180 nm at the
highest temperature and the lowest entrainment speed for the lubricant with the
lowest viscosity. 180 nm is significantly larger than the combined roughness
of the surfaces. However, the film thickness calculation didnot include shear
thinning and therefore the actual film thickness may be substantially lower.
Most likely, the majority of the tests were performed in fullfilm lubrication,
with the possible exception of the thinnest oil at the highest temperature and
lowest speeds.

The mean value of the friction coefficients measured in the ball-on-disc
rig along the line of action for a specific entrainment speed with a specific
lubricant and temperature was used for comparison with the corresponding
case at a specific rotational speed in the FZG test rig.

The results from the ball-on-disc friction measurements and the FZG tests
are shown in Figs. F.5 and F.6 for the oil temperatures of 40 and 70◦C re-
spectively. The most important observation is that the ranking of the oils are
the same in both test rigs, at both oil temperatures. It is clear that the lowest
contact friction is achieved with the Gearway oil that has the highest viscosity,
while the highest contact friction is achieved with the Spirax oil having the
lowest viscosity. This is the case for both 40 and 70◦C. However, it should
be mentioned that these differences may not solely depend onthe viscosities
of the lubricant, but also other properties, such as the limiting shear stress,
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Figure F.4: Friction coefficients simulated in ball-on-disc machine along the line
of action at three different rotational speeds for Emgard oil at 40◦C.

and different additive packages. Furthermore, the shape ofthe friction curves
are relatively similar between the test rigs indicating that the ball-on-disc mea-
surements are reasonably well capturing the behaviour of the gear contact. The
agreements between the ball-on-disc measurements and the gear tests are well
in line with, or better than comparisons between twin disc and gears found in
literature [153,240,241].

However, there is a difference in absolute friction values between the ball-
on-disc, and gear tests. One of the reasons are most likely the simplification of
using only one pressure level in the ball-on-disc measurements to make the use
of friction mapping possible. This pressure corresponds tothe pressure in the
gear contact when only one tooth is carrying the load. In parts along the line of
action the pressure is lower when two teeth are carrying the load, and the fric-
tion coefficients will drop due to the reduction in pressure.This is one reason
for the ball-on-disc friction values to be slightly higher than the values from
the gear test, which is also the general case in Figs. F.5 and F.6. Moreover, the
deviations generally increase with rotational speed whichis most likely caused
by different thermal properties of the two systems. It is expected that thermal
effects will increase more with rotational speed in the gearsetup than in the
ball-on-disc setup due to the higher frictional power generated in the gear rig.

Although the correlation between the gear tests and the ball-on-disc tests
are not always spot on in terms of absolute friction coefficients, the shape of
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Figure F.5: Friction coefficients for ball-on-disc and gear tests for three different
lubricants conducted at an oil temperature of 40◦C.
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Figure F.6: Friction coefficients for ball-on-disc and gear tests for three different
lubricants conducted at an oil temperature of 70◦C.
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the friction curves are similar in both cases. Moreover, thedifferences be-
tween the oils are maintained for the two different rigs, at both temperatures,
suggesting that the use of friction testing in a ball-on-disc machine could be
a good alternative to a full gear test for evaluating lubricants in terms of fric-
tion performance. In addition, the use of the friction mapping concepts gives
a gear developer the possibility to assess an approximate friction coefficient
for a type of gear with a specific set of entrainment speeds andSRRs with-
out having to manufacture such a gear. A new gear at a specific rotational
speed will cover a different area compared to the examples given in figure F.2,
and if the friction map is sufficiently large, an enormous amount of different
gear geometries and rotational speeds could be assessed without having to run
any more ball-on-disc tests. The exception being large differences in contact
pressures that could possibly occur when changing gear geometries requiring
another ball-on-disc test to be performed at another contact pressure level.

F.4 In conclusion

The objective of this work was to investigate if it is possible to use a ball-on-
disc machine creating a circular EHD contact to assess the contact friction in a
spur gear line contact. The ball-on-disc machine was used tomeasure friction
in a range of entrainment speeds and SRRs that includes the corresponding
values calculated for the gear pair at a certain range of rotational speeds. The
ball-on-disc measurements were then used to calculate an average contact fric-
tion coefficient along the line of action of the corresponding gear pair at a cer-
tain rotational speed. This average friction coefficient was then compared to
an average friction coefficient obtained in the gear test rig. The correlation be-
tween the gear tests and the ball-on-disc tests were reasonably good in terms of
absolute values, and the shape of the friction curves were similar between the
tests rigs indicating that the ball-on-disc measurements to a large extent were
capturing the behaviour of the gear contact. The ranking between the oils were
the same in the two test rigs at both oil temperatures. These findings brings
forward the possibility to perform cheaper tests in a ball-on-disc machine to
evaluate different lubricants in terms of friction performance compared to full
gear tests. Furthermore, using the friction mapping approach presented in this
work also gives the possibility to assess the contact friction losses in several
theoretical gear pairs with different geometries by performing a small amount
of ball-on-disc tests for each investigated lubricant.
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