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ABSTRACT 
 
Most units for electricity production include rotating machinery, e.g. wind turbines, 
nuclear power plants, thermal power plants, hydroelectric power plants, etc. The 
majority of the production units in these power plants have horizontal rotors except for 
large hydropower units which have vertical rotors. This thesis considers rotordynamic 
behaviours of vertical machines, with a focus on hydropower units.  
 The year 1869 is considered to be the year that the field of rotordynamics was 
initiated. That year, W. J. M. Rankine published a paper regarding centrifugal forces on 
rotational shafts. Since then, extensive research has been conducted aimed at further 
developing rotordynamic theories. At the start of this century, research projects in the 
field of rotordynamics targeted at hydropower were launched at the Luleå University of 
Technology.  
 Today the hydropower industry is building more flexible constructions than those 
that were constructed in the middle of the 20th century. This means that rotordynamics 
today have a more important role in the hydropower sector. 
 The focus of this thesis has been on simulating, measuring and characterising 
rotordynamic properties of vertical machines. In Paper B, a hydropower unit’s natural 
frequencies are determined numerically and then verified through measurements at the 
actual hydropower unit. The impact of the bearings on stability and natural frequencies 
was analysed, as were the changes to the bearings’ properties that could be implemented 
in order to achieve more stable operation of the unit. Increased bearing clearance at the 
turbine guide bearing increased the stability of critical eigenmodes and more stable 
operation was achieved.  
 In Papers A and C, the radial forces that occur in the hydropower units’ guide 
bearings are determined. The methods for determining these loads entail measuring the 
strain that occurs in selected parts of the support structure surrounding the bearing. In 
Paper A strain is measured in the large steel beams that symmetrically surround the 
bearing housing and in Paper C the strain is measured in bearing’s pivot pins. The 
benefits of being able to determine the radial loads that arise in the hydropower unit’s 
guide bearing include e.g. protecting the machine against overloading, verifying that 
balancing grades are fulfilled, identifying the need for measures in the machine due to 
changes in the unit, verifying bearing calculations, as well as determining damping and 
stiffness properties in a bearing. The determination of damping and stiffness for a 
generator guide bearing was carried out in Paper A based on measured load and 
displacement. 
 In Paper D a methodology for vibration monitoring based on the physical properties 
of the units was presented. Existing standards regarding vibration monitoring only 
consider vibration amplitudes and do not consider the properties of bearings and 
supporting structure, i.e. there is a lack of physical relation to radial loads. The 
methodology presented in Paper D is based on radial loads and the alarm levels are 
determined by the unit’s design prerequisites, balancing grades and recommendations 
regarding shape deviations in the generator. An example was presented in Paper D 
where the methodology was applied to a 42 MW hydropower unit. 
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 The last two papers appended to this thesis, Papers E and F, present results from a 
test rig which was designed, assembled and simulated at Vattenfall R&D. The test rig is 
possible to operate in both horizontal and vertical position and consists of a Jeffcott 
rotor and two 4-pad tilting pad guide bearings. The purpose with the test rig is to 
compare the dynamic behaviour of a horizontal and a vertical rotor. In vertically 
oriented machines with journal bearing, there are no predefined static radial loads, such 
as dead weight for horizontal rotor. For vertical machines such as hydropower units, it 
is the mass unbalance, the generator’s properties, the flow conditions in the turbine and 
the bearing properties that determine the shaft’s position in the bearing. Just about all 
the commercial software for bearing calculations that is available has been developed to 
carry out bearing calculations on machines with a horizontally oriented shaft, i.e. 
bearing parameters calculated at a static eccentricity.  
The stiffness and damping properties for the 4-pad tilting pad bearings in the test rig are 
dependent on the load angle, i.e. if the load is applied on the bearing pad or between 
pads. For the simulation of the test rig, the bearing parameter was determined as a 
function of eccentricity and load angle, and it was assumed that the magnitude of the 
eccentricity is decisive for the bearing properties, with no consideration as to whether 
this is static or dynamic. Measurements were performed at equal static and dynamic 
loads and it was found that the magnitude of eccentricity was almost equal for both 
static and dynamic loads. Results from the unbalance response simulations showed 
good agreement between simulated and measured displacements and bearing load. 
 The main results and conclusions from activities performed in this thesis are:  
Performed numerical unbalance response simulations of the vertical test rig using the 
model presented in this thesis agrees with measured results which brings possibilities to 
perform unbalance response simulations of vertical hydropower units with tilting pad 
bearings. Bearing properties evident influence of the dynamic characteristics of the 
hydropower unit is presented in this thesis which causes a need to know bearing load 
and geometry when rotordynamical simulations are preformed. Different methods to 
measure bearing loads have been developed in this thesis and which method to 
measured bearing load should be used depends of the prerequisite of the measurement.  
By measuring bearing load and using the methodology for vibration monitoring 
presented in this thesis it is possible to protect the hydropower unit from operation 
modes that consumes more life than the units design criteria.  This thesis has resulted in 
a step forward regarding simulations and characterisation of hydropower.  
 In order to further improve the accuracy of the rotordynamic calculations carried 
out in hydropower units, it is necessary for further work to be carried out as regards 
determining the dynamic properties of runners, i.e. determination of their added mass, 
damping and stiffness. Future work is also needed to develop and evaluate the 
methodology for the vibration monitoring presented in this thesis. The methodology is a 
theoretical methodology which needs to be evaluated, in parallel to the existing 
vibration monitoring system, on some hydropower units and then be evaluated after one 
year of operation. 
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1. INTRODUCTION 

This thesis considers rotordynamic behaviours of vertical machines, with a focus on 
hydropower units. The aim with the thesis frame is to give basic guidance on how to 
perform rotordynamical simulations, vibration monitoring and load measurements in 
hydropower units. Figure 1 presents a schematic layout of a hydropower unit. 
 

 
Figure 1. Schematic layout of a hydropower unit 
 
1.1. BACKGROUND 

Hydropower is responsible for 20% of the world’s electricity production, and in 2009, 
hydropower made up 49% of Sweden’s electricity production [1]. Hydropower is based 
on the conversion of the water’s potential energy into electrical energy. The 
development of hydropower in Sweden gathered pace at the start of the 20th century. 
Porjus was the first large underground power station in Sweden, with the first four units 
being commissioned in 1915 [2]. Porjus was built to serve the iron ore district with 
electricity. Hydropower development reached its peak 1950–1970; see Figure 2. 
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Figure 2. Annual power addition in Sweden from hydropower units (J. Yang, Vattenfall 
R&D). 
 
The estimated mechanical life of a hydropower unit (HPU) is 30–50 years, which means 
that the majority of Sweden’s hydropower units are approaching the end of their life and 
are now facing comprehensive revisions. The price of steel and copper is currently high, 
although with the aid of modern calculation programs, the finite element method (FEM) 
and computational fluid dynamics (CFD), it is possible to optimize the design of 
machines as regards material consumption, structural strength and efficiency. As a 
result, we are now building more flexible constructions than those that were constructed 
in the middle of the 20th century. The ability of modern machines to cope with high 
loads is in many cases lower than that of the older machines, so stringent demands as 
regards accurate balancing and rotordynamic calculations are in place. 
 Research into rotordynamics was initiated in 1869 when Rankine published his 
paper on centrifugal forces on rotational shafts [3]. However, he did not realize the 
importance of rotor unbalance and therefore concluded that a rotating machine never 
would be able to operate above the first critical speed. De Laval demonstrated around 
1900 that it is possible to operate above the critical speed, with his one-stage steam 
turbine. In 1919 Jeffcott presented the first paper [4] describing the theory of 
unbalanced rotors. Jeffcott produced a theory which shows that it is possible for rotating 
machines to exceed the critical speeds. However, in the Jeffcott model, the disc is 
represented as a particle (point-mass), and the model cannot completely explain the 
characteristics of a rigid body on a flexible rotating shaft. For this reason, the natural 
frequencies of a Jeffcott rotor, calculated using the Jeffcott model, are independent of 
the rotational speed. De Laval’s and Jeffcott’s names are still in use today as the name 
of the simplified rotor model with the disc in the mid-span of the shaft.  
 The influence of gyroscopic effects on a rotating system was presented in 1924 by 
Stodola [5]. Stodola’s model consists of a rigid disc with a polar moment of inertia, 
transverse moment of inertia and mass. The gyroscopic coupling terms in the rotor 
model resulted in natural frequencies that are dependent on the rotational speed. 
 Since these fundamental rotordynamic theories were created, and up until modern 
times, extensive research has been conducted aimed at further developing the theories of 
dynamic analysis and theories about how interconnections such as bearings, generators 



M.  NÄSSELQVIST   -    SIMULATION AND CHARACTERIZATION OF ROTORDYNAMIC PROPERTIES FOR VERTICAL MACHINES 
 
 

3 

and turbines impact the systems’ dynamic properties. This research has been focused 
primarily on steam and gas turbines. NASA, the aviation industry and nuclear power 
have all been driving forces behind this research. The rotors in these systems are 
generally relatively slender and rotate supercritically3. Most of these systems are also 
horizontal; the shaft has a high peripheral speed in the bearings, and the bearings have a 
different design than those used within hydropower. In other words, these systems 
incorporate clear differences compared to hydropower. Except for a few papers 
published by Cardinali et al. [6] and Sperber et al. [7], there had basically been no 
research regarding rotordynamics in relation to hydropower until the start of the 21st 
century. The impact of the generator and the runner on a hydropower unit's 
rotordynamic properties was studied at Luleå University of Technology during the 
period 2002–2009 [8], [9]and [10].  
 Radial bearings have an important impact on the system’s dynamic properties in 
rotating structures. Dimond et al. have presented review papers regarding tilting pad 
bearings theory [11] and identification methods of bearings dynamic coefficients [12]. 
Regarding bearing properties of bearings developed for rotors in steam and gas turbines, 
extensive research has been preformed historically. In 1964, Lund [13] presented a 
method for calculating stiffness and damping coefficients for the tilting-pad journal 
bearing. Two decades later, Someya [14] compiled a databook containing theories 
regarding determination of bearing parameters, results from performed tests and 
descriptions of bearing test rigs. In the 1980s, Jones and Martin [15] studied how the 
geometry of the bearings influenced on its dynamic behaviour, and Glienicke [16] 
performed tests in a horizontal test rig with a similar design to the test rig designed in 
this thesis. Childs, Vance, San Andres, Murphy et al. have performed an impressive 
amount of test rig testing at Texas A&M University. Several of the studies are based on 
bearing parameters when the shaft is at a stationary eccentricity. Examples of preformed 
tests are: evaluation of bearing models[17], influence of excitation frequencies on the 
bearing parameters [18] [19], difference in bearing parameters depending on whether 
the load is applied on pads (LOP) or between pads (LBP) [20]. Studies have also been 
performed when the shaft does not have a stationary eccentricity. San Andres et al. [21] 
studied bearing properties for plain radial bearings at high dynamic radial loading and 
Wygant et al. [22] determined bearing parameters as a function of preload for tilting pad 
bearings at dynamic loading. Other universities and institutes have also analysed 
bearing behaviour in test rigs. De Castro et al. [23] analyzed instabilities in rotor bearing 
systems by comparing numerical models with a vertical power plant and a horizontal 
test rig with a Jeffcott rotor. Cardinali et al. [6] have performed non-linear simulations 
of a vertical hydropower unit with tilting-pad bearings and White et al. [24] performed 
similar simulations of a vertical pump. 
 One important difference between vertical compared to horizontal rotors is that in 
vertical-oriented machines with journal bearing, there are no static forces which result 
in a stationary position in the bearings for the shaft. For vertical machines such as 

                                                           
3 The system rotates with a rotational frequency higher than the system’s lowest natural frequency 



M.  NÄSSELQVIST   -    SIMULATION AND CHARACTERIZATION OF ROTORDYNAMIC PROPERTIES FOR VERTICAL MACHINES 
 
 

4 

hydropower units and pumps it is the mass unbalance, the generator’s properties and the 
flow conditions in the runner that determine the position of the rotor.   
 
1.2. RESEARCH QUESTION 

The focus of the research presented in the thesis is the simulation and characterisation of 
the rotordynamic properties of machines with vertical rotors. Measured results are 
compared with results from numerical analyses in order to verify and develop methods 
to predict machines’ rotordynamic properties. The research question for the thesis was 
formulated as: 
- How should bearings be represented in rotordynamic calculations regarding vertical 
machines, and how do the bearings affect the dynamics of the system. 
 
1.3. SCOPE AND RESEARCH APPROACH 

The work performed in this thesis spans two different areas; rotordynamics and 
techniques to measure bearing loads in tilting pad bearings. The research performed in 
the thesis has been limited to using existing bearing models and find ways to represent 
them in simulations of vertical machines. The thesis is not focused on developing new 
bearing models. The scope of the thesis is to identify the characteristics of vertical 
machines with tilting pad bearing, developing methods for simplified representation of 
bearing parameters in simulations of vertical machines and developing a methodology 
for vibration monitoring of hydropower units. 
 The methodology in the thesis has followed a clear strategy in order to ascertain the 
scope of the work. The developed rotor models must be general and easily adapted to 
both existing and new hydropower rotor systems that are developed in the future. All 
theoretical rotor models used in this thesis are mathematical models of real components 
and the obtained results can always be questioned if they reflect real behaviour. To 
validate models and to fulfil the requirements of accuracy, on-site measurements and 
measurements in the test rig have been performed during the development phase of the 
models. 
 
1.4. MOTIVATION AND RELEVANCE 

Most of the traditional research within rotordynamics has been focused on how to 
simulate and analyse horizontal machines. Within the hydropower industry, almost all 
large hydropower units are vertical machines and theories on how to perform 
simulations, represent bearings and perform vibration monitoring of the machines are 
not defined. Today’s electric market also causes the operation of hydropower units to 
change from being base load to act as frequency regulating load, i.e. more starts and 
stops and operation of the best efficiency grade. The hydropower industry needs tools to 
improve its ability to design more robust hydropower units. Enhanced rotordynamical 
models are an important part in the effort to build more robust hydropower units. 
Owners of hydropower units need better tools to determine which operating modes are 
harmful for the machines and therefore reduce the expected life of the machine. 



M.  NÄSSELQVIST   -    SIMULATION AND CHARACTERIZATION OF ROTORDYNAMIC PROPERTIES FOR VERTICAL MACHINES 
 
 

5 

2. ROTORDYNAMIC MODELLING OF VERTICAL ROTOR SYSTEMS 

For rotating systems, the dynamic properties depend on the rotational speed. The 
gyroscopic effect and speed-dependent properties of the journal bearings cause natural 
frequencies to be dependent on the rotors rotational speed. The properties of the rotor, 
generator, exciter and runner also affect the properties of the rotating system.   
 Numerically simulating and determining natural frequencies of hydropower units in 
discretized models is common practice. In this thesis the finite element method is used 
for discretization of the continuous structures. The assembled discretized rotor systems 
consist of a rotor and several interconnections connected to the rotor. 

 
2.1.  DISCRETIZED ROTOR SYSTEMS 

 

Figure 3. Discretized rotor and schematic figure of a hydropower unit. 
 
The equation of motion for a discretized rotor system can be formulated in matrix form 
as: 
 

Gf)f(KuuGuCuM t  (1) 
 
 where M is the assembled mass matrix, G is the gyroscopic matrix containing the polar 
moments of inertia for the model, C is the damping matrix and K is the stiffness matrix. 
u is the displacement column vector in real coordinates that decides the position of each 
node (two translational and two rotational degrees of freedoms). The most common 
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element types used in the stiffness matrix are Timoshenko elements or Euler-Bernoulli 
elements [25]. f(t) is the time-dependent load vector, fG is the constant load vector and 

 is the angular velocity of the shaft. An example of a discretized hydropower rotor 
system is shown in Figure 3.  
 
2.2. ANALYSIS OF ROTOR BEARING SYSTEM 

If the equation of motion is linear, it can be solved analytically. The constant load 
vector fG is linearized magnetic pull force can be written as: 
 

uKf MG  (2) 

where KM is the magnetic stiffness. By using a state vector TTT uux , Equation (1) 
can be written in state space as: 
 

bAxx  (3) 
 
where 
 

CGMKKM
I0

A 1
M

1  (4) 

and 

tfM
0

b 1  (5) 

 
Assuming a homogenous solution in the exponential form xh(t)=qe t and inserting this 
in Equation (6), an eigenvalue problem can be obtained as: 
 
Aq = q, q  0 (6) 
 
where i are the eigenvalues and qi are the corresponding eigenvectors. The obtained 
eigenvalues i and the corresponding eigenvectors qi can be complex valued and appear 
in complex conjugate pairs. The complex valued eigenvectors qi are referred to as 
complex modes. According to Inman [26], the physical interpretation of a complex 
mode is that each element describes the relative magnitude and phase of the degrees of 
freedom associated with the element. Homogenous solutions of Equation (3) are: 
 

N

i

ti
ii ect

2

1
h qx  (7) 

 
where ci are constants determined by initial conditions and 2N is the number of 
eigenvalues. The equations are real although complex quantities are involved. From the 
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analysis of the eigenvalues it is possible to study the stability and the eigenfrequencies 
of the system. The complex eigenvalues i can be written as: 
 

j1

j1
2

iiii1i

2
iiiii  (8) 

 
where  
 

2
i

2
i

i
i

2
i

2
ii

ImRe

Re
ImRe

 (9) 

 
In Equation (9), i is the undamped natural frequency of the iht mode and i is the 
modal damping ratio associated with the iht mode. If the damping ratio, , is less than 1, 
the damped natural frequencies, id  can be obtained from the imaginary part of the 
eigenvalue according to Equation (10). 
 

21 iiid  (10) 
 
From the analysis of eigenvalues it is also possible to investigate the stability of the 
system.  
 
If force and displacement vectors are separated into two harmonic vectors, one 
containing the sine component and the other the cosine component, the particular 
solution, xp, and force vector, f(t)p, can be in the form: 
 

ttt sincosp sc qqx  (11) 
 
and 
 

ttt sincosp sc fff  (12) 
 
Combining Equation (3),(11) and (12) gives the solution: 
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ccs

s
c

c

bAqq

b
AbAIq

1

12

 where 

c
1c

s
1s

fM
b

fM
b

0

0

 (13) 

 
Using the initial conditions together with the sum of the homogenous and particular 
solution, the total solution of the assembled equation of motion, Equation (1), can be 
obtained. 
 Bearings included in the equation of motion can have bearing parameters that are 
dependent on load angle, which will be explained in section 2.3.1.1. For unbalance 
response calculations in vertical machines with these types of bearings, the bearing 
parameters in the stiffness and damping matrix must be updated at each time step, with 
respect to eccentricity and load angle. 
 
2.3.  INTERCONNECTIONS 

Between the static and the rotating structure there are several components which 
influence the rotordynamic properties of the system and are included in the equation of 
motion for the assembled discretized rotor systems. Bearings are needed to keep the 
rotor in the correct position. A generator and runner are needed to make the production 
of electricity possible. These components need to be included in the rotordynamic 
model of the hydropower units. 
 
2.3.1 Bearing representation 

 
Figure 4. Schematic figure of tilting pad bearing. 
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The bearings representation in the rotor system is of great importance. The hydropower 
industry almost exclusively uses hydrodynamic journal bearings, with oil as a lubricant. 
Most of the Swedish HPUs use journal bearings of the tilting pad type. However, some 
older units still use plain journal bearings.  
 The shaft’s rotation and displacement give rise to a build-up of pressure between 
the shaft and the bearing pads. The bearing pad tilts in to an equilibrium position due to 
the pressure distribution on the pad. Figure 4 presents a schematic layout of a tilting pad 
bearing. Static loads in the bearing cause static displacement, uS, of the shaft and the 
dynamic loads cause dynamic shaft displacement, uD. The total displacement of the 
shaft centre, in relation to the bearing centre, is uB=uS+uD. Figure 5 presents a 
schematic visualisation of the static and dynamic displacements in the bearing.  
  

 
Figure 5. Schematic figure of eccentricities in a bearing. Bc is the bearing centre, Sc is 
the shaft centre, dr is the rotational speed of the shaft and  is the whirling frequency 
of the shaft.  
Small shaft movements around the static equilibrium position in the bearing can be 
presented numerically as a system with two degrees of freedom containing damping, 
stiffness, fluid inertia, displacement, velocities and accelerations. The equation of 
motion on reduced form, assuming synchronous excitation and excluding rotational 
degrees of freedoms [12], is:  
 

y

x

yyyx

xyxx

y

x

yyyx

xyxx

y

x

yyyx

xyxx

y

x

mm
mm

cc
cc

kk
kk

B

B

B

B

B

B

u
u

u
u

u
u

f
f

   (14) 

 
where kij is the bearing’s stiffness, cij is the bearing’s damping, mij is the fluid inertia 
properties and fi is the forces that occur based on the shaft displacement in the bearing 
uB as well as their displacement velocities and accelerations. Muszynska [27] and 
Vance [28] have presented expressions to determine fluid inertia properties. For 
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bearings where the lubricant flow is laminar and the clearance ratio is small, the inertia 
coefficients mij can be set to zero [12]. In most conventional bearing models of tilting-
pad bearings, the fluid inertia forces are disregarded. The bearings’ fluid inertia 
properties will be disregarded in the remainder of this thesis, as will the fluid induced 
instabilities in bearings. 
 In rotordynamical calculations all stiffness and damping terms should be 
considered. Some earlier software used in the power industry used a complex solver 
which only handled isotropic bearings. In simulations using isotropic bearing 
parameters, only considering the kxx and cxx, it is only be possible to determine half of all 
natural frequencies [28].  

 

  
Figure 6.  Schematic representation of bearing and supporting structure. 
 
In order to determine the dynamic properties of bearings, knowledge is required about 
the relation between the oil film pressure distribution in the bearing and the position and 
movements of the shaft. For plain journal bearings, there are simplified linearized 
analytical expressions based on Reynolds equations that can be used to calculate the 
dynamic bearing properties [28]. However, these only apply to certain eccentricities and 
cannot be applied to tilting pad bearings. Throughout history extensive research have 
been performed within tilting pad bearing theory [11]. For hydrodynamic tilting pad 
bearings, the stiffness and damping properties are non-linear[29]. To determine the 
dynamic properties of tilting pad bearings at large eccentricities, numerical calculations 
are required [30]. Besides radial load and velocities, properties such as preload, offset, 
bearing clearance, lubricant viscosity and pad size influence the dynamic properties of 
tilting-pad bearings. An explanation of these parameters is presented in Figure 7 and 
Table 1. 
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Figure 7. Definition of parameters in tilting pad bearing  
 
Table 1. Parameters defining geometry of tilting pad bearing 

Parameter  Relation Unit 
Shaft radius rj  [m] 
Bearing pad radius rs  [m] 
Arc length of bearing pad A  [m] 
Arc distance to pivot-pin Ap  [m] 
Radius of pivot pin rk  [m] 
Offset O Ap/A [-] 
Assembled radial clearance cb  [m] 
Machined radial clearance cp rs-rj [m] 
Preload mp 1-cb/cp [-] 
Shaft displacement in bearing uB  [m] 
Shaft eccentricity eB uB/cb [-] 

   
In vertical hydropower units, unlike horizontal machines, the shaft does not have a set 
operating point in the bearing. Most steam and gas turbines are horizontal, and in such 
units a normal force acts on the rotating system based on the effect of gravity on the 
rotating structure. For steam and gas turbines, there is generally a high requirement for 
balancing [31] due to the high rotational speed and supercritical operation. This means 
that the static eccentricity based on the dead weight, is large in relation to the dynamic 
eccentricity based on the mass unbalance. For vertical machines, the dead weight does 
not cause any displacement in the guide bearings. In hydropower units, static 
eccentricities in bearings can be caused by stator eccentricity and misalignment. As 
almost all hydropower units are assumed to rotate subcritically and have a stiff design, 
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this means that the balancing requirements are lower than for steam and gas runners 
[31].  
 There are a number of software packages for non-linear calculations of bearing 
parameters available on the market. These are based on numerical solutions of Navier-
Stokes or Reynolds equations [32], [30]. However, almost all of the available software 
has been developed for bearings in horizontal steam and gas turbines with a fixed 
operating point, i.e. the software performs a perturbation analysis at a static eccentricity 
to identify bearing parameters.  
 For the bearing calculations that have been carried out in this thesis and in papers 
that are included in the thesis, a software (RAPPID) developed for bearing calculations 
in steam and gas turbines has been used to generate bearing parameters. The assumption 
is that the magnitude of the eccentricity is decisive for the bearing properties, with no 
consideration as to whether this is static or dynamic. The synchronous whirling motion, 
compared to the rotational speed of the shaft, is assumed to have a negligible influence 
on the fluid film velocity. Studies regarding frequency dependency in bearing 
parameters have showed that asynchronous whirling can affect the bearing properties 
[33]. Figure 37 in section 5.3.1 presents comparative results from testing performed in a 
test rig, at equivalent radial loads, with a rotor in vertical and horizontal orientation. 
 

 
Figure 8. Stiffness as a function of bearing load and rotational speed 
 
The most common way of presenting bearing parameters is in tables or figures, where 
the stiffness and damping are presented as a function of shaft eccentricity or bearing 
load; see examples of stiffness (kxx) as a function of eccentricity and load in Figure 8. 
 An alternative method that is used to display a bearing’s dynamic properties is to 
present stiffness, damping and eccentricity as a function of a Sommerfeldt number. The 
Sommerfeldt number is defined according to [34]: 
 

22
c
R

f
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r
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where  denotes lubricant viscosity, L stands for the bearing width, fr is the radial load, 
R the bearing radius and c is the radial clearance. Presenting stiffness and damping as a 
function of a Sommerfeldt number gives more extensive information about how 
different geometric or dynamic changes affect the stiffness and damping. Figure 9 
presents bearing stiffness as a function of a Sommerfeldt number. 
 

 
Figure 9. Stiffness as a function of Sommerfeldt number 
 

2.3.1.1 Bearing parameters dependent of eccentricity and load angle 
 
To be able to perform numerical simulations on a rotating system, the bearing properties 
at current eccentricity and operational speed need to be known. The equation of motion 
in matrix form for the bearings is (excluding the fluid inertia forces): 
 

)(BBB tfuCuK  (16) 
 
where KB is the bearing’s stiffness matrix, CB is the bearing’s damping matrix and uB is 
shaft displacement. For tilting-pad bearings, stiffness and damping are also dependent 
on the load angle, e.g. Childs et al. showed a large difference in bearing parameter 
depending on whether the load is on pads (LOP) or between pads (LBP)[20]. Examples 
of calculated bearing properties of a 4-pad tilting pad bearing, for LOP and LBP, as a 
function of eccentricity are presented in Figure 10. A commercial software is used to 
calculate the bearing parameters, and the load is applied in x-direction. Between the 
LOP and LBP calculations the bearing is rotated 45 degrees. Figure 10 presents an 
example of calculated kxx and cxx as a function of eccentricity and depending on whether 
the load is on or between pads.  
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Figure 10. Calculated kxx and cxx as a function of eccentricity at 2350 rpm. 
 
To perform numerical simulations of vertical rotors, the bearing properties need to be 
known for all load angles and all occurring eccentricities. To simplify the bearing 
representation, harmonic relation is assumed between LOP-LBP and the load angle, . 
Calculated stiffness and damping as function of eccentricity and the assumed harmonic 
relation between LOP and LBP are used to declare the bearing properties (KB, CB) 
according to Equation (17) and (18).  
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where eB is the eccentricity and c and k are polynomials representing the calculated 
bearing properties as a function of eccentricity. The bearing parameters must be 
transformed, according to Equation (19) and (20), at each time step of the simulations 
due to the load angle dependency of the bearing parameters. 
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For such systems matrix A in Equation (3) is written as:  
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BR AAA  (22) 
 
where  
 

CGMKM
I0

A 11R  (23) 

TT CMHKM
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where H is the stiffness matrix of the bearing bracket.  
 If a bearing is equipped with a large number of bearing segments, the load angles’ 
influence on the bearing properties is significantly lower. Vertical hydropower units in 
Sweden have 6 to 48 bearing segments. In this thesis the load angle’s influence on the 
bearing properties is only considered in simulations of the test rig. 
 
2.3.2 Representation of combined bearing and bracket properties 
The properties of supporting structures can have a decisive influence on the dynamic 
properties of the system and must be included in rotordynamical analysis of hydropower 
units. Depending on which software is used to perform the simulations, the housing 
representation is performed in different ways. If it is possible, in the software, to enter 
the bracket properties separately, the solver includes the bracket properties in the 
assembled equation of motion. Experience shows that it in some older software, it is 
only possible to enter the bearing properties, not the bracket properties. In these cases, 
the Impedance method [35] can be used to estimate the combined stiffness and damping 
properties of bearing and bracket (fluid film properties in the bearing combined with 
bearing bracket properties). Equation (25) – (27) presents the impedance method, in 
complex form, for purely harmonic motions with a whir frequency . Absolute 
displacement of shaft and housing is presented as uS and uH; the shaft displacement in 
the bearing (i.e. shaft displacement relative to bearing centre) is HS uuu . The 
equation of motion for the bearing can be formulated as: 
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Radial loads, f, acting on the bearing also acts on the bearing bracket; the relationship 
between force and displacement, for a bearing bracket with stiffness H, is presented in 
Equation (26). 
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The relationship between displacement and combined stiffness and damping properties 
can be written in short form as:  
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 (27) 

 
where cc i CKD  is the combined properties of the bearing and bracket, cK  is the 
combined stiffness and cC is the combined damping. 
 
2.3.3 Generator representation 
 
Generators in hydropower units are generally synchronous generators with a large 
number of poles due to the slow rotational speed. In a perfectly symmetrical generator 
with the generator rotor centred in the stator, the sum of all magnetic pull forces acting 
on the generator rotor is zero. In reality there are no perfectly symmetrical generators, as 
thermal expansion, mass unbalance, tolerances in manufacturing and assembly cause 
deviations in shape, unbalances and eccentricities. For this reason, radial unbalance 
magnetic pull forces will always occur between the generator rotor and stator. In 
addition to the unbalance magnetic pull forces, the deflections in a generator rotor 
should also be taken into consideration [36]. In most of the rotordynamic calculations 
performed on hydropower units, the mechanical properties of the generator rotor are 
disregarded and only the unbalance magnetic pull forces are included in the generator 
model..The expression for unbalance magnetic pull force, fm, for a generator rotor 
parallel to the stator, is derived from integration of the Maxwell stress tensor and can be 
expressed according to Equation (28) [37]. 
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where Ss is the stator linear current density, Rs is the stator inner radius, R is the air gap 
between the generator’s rotor and stator, p is the number of pole pairs, er is the 
eccentricity, h is the length of the rotor and 0 is the permeability of free space. For 
small eccentricities (<10%), the function of the unbalance magnetic pull force can be 
linearized. The linearized unbalance magnetic pull force is often printed on generator 
drawings. 
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2.3.4 Runner representation 
 
Swedish hydropower units are mainly equipped with Kaplan or Francis runners. The 
equation of motion for the runner should include the mass, stiffness and damping. The 
mass includes the mass of the runner and the “added mass terms” that come from the 
inertia properties of the rotating water. In the hydropower industry there are various 
rules of thumb regarding added mass, but only few papers regarding this area have been 
presented. According to Hofstad [38], it is customary to add 25% of the runner mass as 
added mass for ship propellers, and this can also be used for Kaplan units. In numerical 
simulations of a hydropower unit performed by Sperber and Weber [7], 75% of the 
water inside the Francis runner was added to the intertia properties of the runner. For the 
Francis runner, the stiffness and damping properties from the seals between the runner 
and the chamber wall are in general significantly lower than the bearing stiffness and 
damping but should be included in the calculations [38]. The flow properties of large 
pumps are comparable to the flow properties of the Francis runners; in pump storage 
power plants, the Francis runner acts as both pump and turbine.  
 Nevertheless, the stiffness, damping and intertia properties of the runner need to be 
included in rotordynamic calculations, especially if there are indications of critical 
bending modes with high deflections at the runner. Unfortunately there are currently no 
published papers available regarding the stiffness and damping parameters for Kaplan 
runners.  
 
2.4. EXPECTED RADIAL LOADS AT NORMAL OPERATION 

When numerical simulations are performed on hydropower units radial loads caused by 
unbalance, shape deviations etc. must be estimated. In the hydropower industry there 
are international standards and recommendations from manufacturers and plant owners 
regarding unbalance, shape deviations and eccentricities. To perform rotordynamical 
calculations on a hydropower unit bearing load, excitation from the runner, unbalance 
pull forces on rotor etc. must be estimated. Existing standards and recommendations 
from manufacturers can be used to estimate these parameters if they cannot be 
determined by measurements on site. 
 
2.4.1 Balancing grades 
The ISO 1940-1 [31] balancing standard gives recommendations for maximum allowed 
unbalance. Allowed unbalance force is determined by rotating mass, rotational speed 
and balancing grade; see Equation (29). These unbalance forces propagate to the radial 
bearing and, depending on the layout of the machine, the load distribution between the 
bearings differs. The most common bearing configurations for a hydropower unit 
consist of 2 or 3 radial bearings, where one of the bearings is a turbine guide bearing. 
For hydropower units equipped with 3 bearings, almost the entire load from the 
generator will be distributed between the two generator guide bearings, and the load 
from the runner will be on the turbine guide bearing, layout a in Figure 11. When the 
machine is only equipped with 2 bearings, one is normally positioned close to the 
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generator, above or below it, and the second bearing is positioned close to the runner, as 
described in layout b and c in Figure 11. In this configuration, almost all the load from 
the generator will act on the generator guide bearing and almost all the load from the 
runner will act on the turbine guide bearing.  
 

 
Figure 11. Common bearing layouts in hydropower unit units. 
 
The maximum allowed radial loads according to ISO-1940-1 can be calculated from the 
chosen balancing quality grade, rotor mass and rotational speed, Equation (29). The 
balancing quality grade determines the maximum allowed magnitude of the product of 
permissible residual specific unbalance, eper, and the rotational speed, . G6.3, is the 
recommended balancing quality grade for hydropower units according to ISO-1940-1, 
which implies that 3.6pere mm/s.  
 

1000

2
per

u

em
f  (29) 

 
fu is the radial force, m is the rotor mass,  is the rotor speed and eper is the permissible 
residual specific unbalance. Table 2 provides some examples of calculated bearing loads 
for some different sizes of units. 
 
Table 2. Examples of bearing load in generator bearings according layout a in  Figure 
11. 

Rotor mass  
[kg] 

Rotor speed  
[rpm] 

Bearing load G16 
[kN] 

Bearing load G6.3 
[kN] 

200000 167 28 11 
500000 83 35 13 
100000 500 42 16 
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2.4.2 Eccentricities in the generator and uneven flow properties in the runner 
In addition to balancing grades, the manufacturer/customer has recommendations for 
maximum allowed shape deviations in the generator. Due to unbalance magnetic pull 
forces (UMP), an eccentric stator in relation to the rotor causes static load on the 
generator bearings. The rotor will also experience a cyclic load of the frequency 
1x caused by the UMP due to the eccentric stator. A generator rotor centre that is 
eccentric in relation to the shaft centre will cause dynamic loads on the generator 
bearings and static loads on the rotor. Compared to generators in steam and gas power 
units, the UMP forces in hydropower units are high; normal UMP forces at 1 mm 
eccentricity are 200-400 kN. It is up to the customer to determine maximum allowed 
eccentricities in a generator; common values are 3% maximum stator eccentricity and 
1.5% rotor eccentricity.   
 Regarding radial loads in the runner, it is more difficult to determine maximum 
allowed loads at normal operation. The balancing grade of the runner sets the maximum 
allowed dynamic loads due to mass unbalance. Static loads in the runner are caused by 
uneven flow properties in the runner. According to senior specialists within the Swedish 
hydropower industry, measurements were performed on Russian hydropower units in 
the mid 20th century in order to identify a “statistical” relationship between static radial 
loads and runner properties. The following relationship for Francis runners was 
identified from these measurements: 
 

D
Pfr 300

8  (30) 

 
where fr is the radial load from the runner, P is the rated power,  is the synchronous 
speed of the machine and D is the runner diameter. This relationship can be used as a 
rule of thumb for expected static radial loads from the runner; however, the relationship 
still needs to be evaluated and it would be good if a more physical-related model 
existed. Studies regarding radial loads in pumps [39] have also shown that the radial 
loads are strongly dependent on the operating point of the pump. 
 Using balancing grades, recommendations for shape deviations in the generator and 
identified relationships between runner properties and radial loads, it is possible to 
determine which radial loads can be expected during normal operation. 
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3. SELECTED RESULTS FROM ROTOR DYNAMIC ANALYSIS 

This section presents examples of calculated rotordynamical properties of vertical 
machines. The natural frequencies are calculated in commercial software and the 
unbalance responses are calculated in an “in –house” Fortran code.  
 
3.1. NATURAL FREQUENCIES, STABILITY AND MODE SHAPES 

The results from the analysis of natural frequencies and damping ratio are usually 
presented in a frequency diagram (also called a Campbell diagram) and a stability 
diagram. Figure 12 presents an example of the results from a rotordynamic analysis 
performed on a hydropower unit. The figure shows Campbell and stability diagrams, 
both plotted as a function of the rotational speed of the shaft. In Figure 12 it can be seen 
that the natural frequencies and stability change due to changed rotational speed; these 
changes are caused by the influence of the gyroscopic moments and changed bearing 
properties. The dashed vertical line represents the nominal speed ( dr) of the analysed 
machines, and the other dashed lines correspond to when  =  and 2  = . 

 

 
Figure 12. Campbell and stability diagram for a hydropower unit. 

Hydropower units have, in general, synchronous generators i.e. the machine rotates at a 
synchronous speed. In most cases when natural frequencies are calculated for 
hydropower units, the exact bearing load is not known. The bearing load affects the 
bearing parameters, and the bearing parameters affect the natural frequencies and 
stability of the machine. The bearing load also changes depending on the machine’s 
operating mode. To visualise a machine’s sensitivity to different bearing loads, the 
natural frequencies and stability for different bearing loads at nominal speed are 
calculated and presented in Figure 13. 



M.  NÄSSELQVIST   -    SIMULATION AND CHARACTERIZATION OF ROTORDYNAMIC PROPERTIES FOR VERTICAL MACHINES 
 
 

22 

 

  
Figure 13. Natural frequency and stability as a function of bearing load, at nominal 
speed. 
 
Depending on which of the eigenmodes is excited, the rotor will have different shapes. 
In rotordynamic calculations, the shape of the rotor is usually presented in mode plots. 
Mode plots display the deflection that occurs in each node of the rotor at resonance. For 
the mode plots it is common to indicate the whirl directions for each node. Information 
about the whirl direction for a complex mode can be found by analysing the 
eigenvectors[40]. Figure 14 presents an example of a mode plot for a hydropower shaft.  
 

 
 
Figure 14. Mode plot for a hydropower unit, forward whirl is red and backward whirl is 
blue. 
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3.2. UNBALANCE RESPONSE OF VERTICAL ROTOR 

Numerical unbalance response simulation are performed on a test rig with a Jeffcott 
rotor and two 4-pad tilting-pad bearings. Figure 10 presents the bearing data used in the 
simulations, and a narrow description of the test rig is presented in section 4.1. The 
numerical model of the test rig is reduced to 5 nodes. A schematic description of the 
model is presented in Figure 15. The disc of the Jeffcott rotor is represented in the 
numerical model as a lumped mass, mD, in node 2. Node 1,2 and 3 connects the beam 
element of the rotor. The bearing elements are connected to the rotor in node 1 and 3 
and connects to the bearing bracket in node 4 and 5. The beam element of the bearing 
bracket connects to ground.  The bearing bracket has an isotropic stiffness matrix, H, 
and have no damping. The harmonic radial force, f(t), is applied in node 2 in the model, 
represented by an unbalance mass mU applied at the radius eU. 
 

 
Figure 15. Schematic figure describing simplified rotor model, n1..5 represent the nodes 
in the model 
 
Calculated cross coupled stiffness and damping of the bearings is more than a decade 
lower than the direct stiffness and damping, and is therefore neglected in the calculation 
of bearing load and shaft displacement.  Figure 16 presents kxx and cxx as a function of 
load angle and eccentricity using Equation (17) and (18).   
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Figure 16. kxx and cxx as a function of load angle and shaft eccentricity. 
 
Using equations presented in section 2.2 the nodal displacements in the FE-model are 
solved. The displacement in node 1 and 3 represents the shafts absolute displacement, u. 
Displacements in node 4 and 5 , uH, represent deformation of bearing bracket and the 
difference between absolute displacement and housing compression is the shafts 
displacement in the bearing, i.e. uB = u-uH. Radial load acting on the bearing bracket is 
calculated by multiplying bearing bracket deformation by the bracket stiffness. 
Figure 17 and Figure 18 presents result from the simulations performed at 2350 rpm. 
Shaft displacement in bearing and radial load acting on bearing is presented in the 
figures. Simulations are performed at two different mass unbalances, 1.4x10-3 kg m in 
Figure 17 and 3.3x10-3 kg m in Figure 18. At a mass unbalance of 1.4x10-3 kg m, the 
eccentricity is relatively small and at such small eccentricities the difference in bearing 
parameters, depending of LOP or LBP, is also small; see Figure 10. This results in a 
round shape of the displacement and load orbit. Increased bearing load causes increased 
difference in bearing parameters depending on the load angle. The difference in bearing 
parameters depending of load angle results in a square shaped displacement and load 
orbit. In the simulations at 3.3x10-3 kg m mass unbalance the orbits are square shaped; 
see Figure 18. 
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Figure 17. Simulated bearing load and shaft displacement, mass unbalance 1.4x10-3 
kg m at 2350 rpm 

 
Figure 18. Simulated bearing load and shaft displacement, mass unbalance 3.3x10-3 
kg m at 2350 rpm 
 

Variable step size Runge-Kutta integration is used to determine the nodal displacements 
and the angular discretization of the numerical simulations presented in Figure 17 and 
Figure 18 are one degree. The length of the simulation is 28 revolutions and the 
computation time for the simulation is approximately 30 sec. 
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4. EXPERIMENTAL METHODS  

 
To validate numerical simulations and identify characteristics of parameters included in 
numerical simulations it is important to perform experiments on site and in test rigs. 
This section presents the design of a test rig for evaluation of vertical machines 
rotordynamic properties and theory regarding experimental methods to determine 
bearing properties.  
 
4.1. TEST RIG FOR SIMULATION OF VERTICAL MACHINES 

The test rig was built in order to gain more knowledge regarding dynamic behaviour of 
vertical machines and to study differences in dynamic behaviour for vertical as opposed 
to horizontal rotors. The test rig is possible to operate in both horizontal and vertical 
orientation. When the rotor is horizontally oriented and balanced, it will only have a 
static eccentricity in bearing due to the dead weight of the rotor. When the rotor is 
positioned in vertical orientation, it is possible to recreate the eccentricity, but as a 
dynamic eccentricity, by adding unbalance to the rotor. This makes it possible to 
investigate the behaviour of the rotor and bearing at static and dynamic eccentricities. 
 One of the aims of the test rig is to ascertain if it is possible to determine bearing 
parameters for vertical machines using bearing parameters calculated in bearing 
software that has been developed for horizontal machines – if the magnitude of the 
applied load would be equally large irrespective of whether the bearing is horizontal or 
vertical would the magnitude of the measured eccentricity also be equally large? 
 The most common design of a bearing test rig allows the excitation of shaft and 
bearing to be controlled by exciting the bearing housing [12]. In this test rig, the control 
of shaft motion is self-induced, i.e. the shaft motion in caused by dead weight and 
applied mass unbalance.  
 The size of the test rig is approximately 1.1 m in height with a width of 0.42 x 0.42 
m. The test rig was equipped with tilting-pad journal bearings and an operational speed 
of 0 to 3000 rpm. Figure 19 presents the test rig design. 
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Figure 19. Photograph of test rig 
 
4.1.1 Design of bearings, pedestals and surrounding structure 
The bearings in this test rig are two identical 4-pad tilting pad bearings manufactured by 
Kingsbury. Specifications of the bearings is presented in Table 3 
 
Table 3. Specification of bearing properties for test bearings  
Component Test rig   Units
Shaft diameter  49.84   [mm]
Bearing diameter  50.09   [mm]
Pad diameter  50.15   [mm]
Axial length of pad  20.00   [mm]
Number of pads 4
Pad angle (deg) 72   [deg.]
Pad pivot offset ratio 0.6
Align ring bore radius 34   [mm]
Pivot circumferential radius  32   [mm]
Pivot axial radius 150   [mm]
Speed range 500-3000   [rpm]
Direction of shaft rotation CCW 
 
The commercial software was used to calculate stiffness and damping as a function of 
rotational speed for the bearings at static shaft eccentricities. Radial load in the bearing 
calculations is defined according to Equation (31): 
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2

2
uuumfr  (31) 

 
where fr is the radial force, mu is the mass of the unbalance, uu in the unbalance radius. 
In the results presented in Figure 20, muuu was set to 1.7x10-3 kg m and the load is 
applied on the pad. 
 

 
Figure 20.  Stiffness and damping as a function of rotational speed for the bearing in 
the test rig  
 
Measured strain in the pedestal arms is used to determine radial load and the cross 
section of a pedestal arm is 30x8 mm, Figure 21 presents a cross section of assembled 
test rig without rotating parts. The structure’s fixating motor, pedestals and stinger are 
made of milled steel plates. The plates are connected to each other with cylindrical steel 
rods. The steel rods’ radius varies along its axial extension in order to render exact 
positioning of the steel plates. The stiffness of the pedestal and surrounding structure 
should be considerably stiffer than the bearings. Otherwise, the bearings damping and 
stiffness will not be decisive for the stiffness and damping properties of the coupled 
system, i.e. coupling between shaft – bearing – pedestal – surrounding structure. The 
stiffness of the assembled structure varies depending on which material is used for the 
shielding bolted to the sides of the test rig. In this test rig both aluminium and Plexiglas 
shields are used depending on the scope of the tests performed in the rig. When the test 
rig is vertically oriented and equipped with Plexiglas shields, the surrounding structure 
were approximately 5 times stiffer than the bearing stiffness at 2500 rpm with a 120 N 
radial bearing load (according to FEM calculations). With the aluminium shield the 
stiffness of the surrounding structure is ten times larger than if the surrounding structure 
were equipped with Plexiglas shields. In vertical orientation the bottom plate of the test 
rig is bolted to the foundation while, in horizontal orientation both the top and bottom 
plate are bolted to the foundation. Horizontal orientation gives higher radial stiffness of 
the surrounding structure. 
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Figure 21. Cross section of assembled test rig without rotating parts 
 
4.1.2 Design of rotating parts  
The rotor in the test rig is an ordinary Jeffcott rotor. From the bearing and pedestal 
design, a radial load of 120N at each bearing was identified as a suitable radial load. 
This gives dead weight of the rotor of approximately 24.5 kg. The diameter of the rotor 
is 49.84 mm and the length was set to 600 mm; 500 mm between bearing centres. To 
achieve a rotor mass of approximately 24.5 kg, the length and diameter of the disc was 
100 mm respectively 168 mm. Figure 22 presents the rotor design. 
 

 
Figure 22. Design of motor, couplings, stinger and rotor 
 
At a 70-mm radius from the disc centre, 18 holes were drilled and threaded on each side 
of the disc to position the unbalance weights. To achieve radial loads when the test rig is 
in vertical position, unbalance weights were manufactured. To achieve correct radial 
load in vertical position, the mass of the unbalance weights was calculated according to 
Equation (32): 
 

2
rBuuB mumuufu  (32) 

 
were fu is the radial load, uB is the shaft displacement in the bearing, uu is the radius 
form disc centre to unbalance weights, mu is the mass of the unbalance weight and mr is 
the rotor mass. The rotor is stiff enough to be considered rigid in the test preformed in 
this thesis, which is a prerequisite for Equation (32), i.e. no rotor deflection. The test rig 
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was designed to rotate subcritically and natural frequencies of the system were 
calculated ensure that the rotor design is subcritical.  
 Between the motor and the rotor is a stinger and jaw type coupling. The jaw type 
coupling that is connected between the motor and stinger has rubber membranes that 
even out potential torque fluctuations from the motor and disengage the axial 
connection between the rotor and motor. The stinger that connects the jaw type coupling 
to the rotor is axially supported via a bearing which also supports the stinger radially 
together with a second bearing. The stinger is slender with a diameter of 4 mm in order 
to minimise transference of radial loads from stinger misalignments, but still strong 
enough to axially support the rotor and transfer torque from motor to rotor. 
In the test rig shaft displacements are measured using Eddy-current sensors (Contrinex 
DW-AD-509-M8) and radial bearing loads are determined with strain gauges (Kyowa 
KFG-5-350-D16-11L3M2S) installed on the bearing bracket. Rotational speed is 
determined using an optical sensor and reflective tape attached to the rotor. 
 
4.2. LOAD MEASUREMENTS 

Bearing properties such as stiffness and damping have an evident influence on the 
rotordynamic properties of an hydropower unit. The bearing parameters can be 
calculated using commercial software or from measured bearing loads and shaft 
displacements. Section 4.2.4 presents a simplified method for estimating the bearings’ 
stiffness and damping from measured bearing loads, journal displacement and 
displacement velocities. Bearing load measurements are useful in verifying the bearing 
parameters calculated in commercial software. Load measurements can also be used to 
determine the operational status of a machine and to verify that balancing grades are 
fulfilled. Various methods can be used to determine loads on shafts and bearings; the 
most common measurement technique is to calculate loads from measured strains. The 
strains are often measured with strain gauges installed at the bearing brackets, in the 
pivot pins or inside load cells. 
 

 
4.2.1  Strain measurements 
The linearized strain is defined according to Equation (33) [41],[42]. 
 

00

0

L
dL

L
LL    (33) 

where  is the apparent strain, L the present length and L0 is the initial length of the 
object. Strain gauges are suitable for measuring strain with a high degree of accuracy. 
Based on the measured strain in an object, it is possible to determine the force that is 
acting on the object, provided the object’s geometry and material parameters are known. 
In the case of force measurements in hydropower units, foil strain gauges are often 
used; these utilise the physical principle that resistance in an electrical conductor 
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changes when its length and cross-sectional area change due to the conductor being 
mechanically loaded. 

 
Figure 23. The left object is a “regular” strain gauge and the right object is a cylindrical 
strain gauge. 
 
The strain gauges used in this thesis are made of a thin wire encased in protective 
plastic. Figure 23 shows two types of strain gauges used in this thesis. 
 
4.2.2  Bearing loads 
Different methods can be used to determine radial bearing loads in hydropower units. A 
general feature of all the methods described in this section is that they are based on 
Hooke’s Law, i.e. the force, F, is determined by measuring the compression, , of steel 
with a given cross section, A, and Young’s modulus, E. 
 

AEF  (34) 
 
The methods used to measure radial bearing loads in Swedish hydropower units 
comprise commercial load cells installed behind the bearing pad [43] or strain gauges 
installed on the structure supporting the bearing housing [44]. A new method to 
measure bearing loads in HPUs has also been developed in this thesis. The new method 
uses cylindrical strain gauges, developed for bolt preload measurements, installed in the 
centre of the pivot pin, see Figure 23 and Figure 26. 
 Which is the most suitable of these three load measurement methods depends on the 
scope of and prerequisites for the measurement. The advantage of using commercial 
load cells placed behind bearing pads is that it is possible to choose a suitable load 
range for the sensor. The disadvantage is that the installation is time-consuming and a 
load cell placed behind a bearing pad generally causes a significant reduction in the total 
radial stiffness. In order to achieve a high resolution in the load cell, it is designed so 
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that the strains are high at the maximum load for which it is classified. This means that 
the load carrying part in the load cell is usually slender, thereby resulting in a reduction 
in total stiffness; see a schematic representation of a load cell in Figure 24. A slender 
design also improves the potential for low hysteresis in the strain measurements. 
 

 
Figure 24. Schematic figure describing a possible design of a commercial load cell. 
 
Measurements performed with strain gauges installed on the bearing bracket generally 
show high thermal sensitivity and low apparent strains. The structures are, in general, 
stiff structures built for high radial loads. Large steel beams are commonly used as 
construction parts in the bearing brackets. Figure 25 show a strain gauge installed on the 
upper generator bracket in a 240 MW hydropower unit with a bearing bracket cross 
section of approximately 27000 mm2. The bearing bracket is positioned above the 
generator, which means that there is a large variation in the temperatures acting on the 
bearing bracket depending on whether the generator has recently been started or has 
been in operation for hours. 
 

  
Figure 25. Picture of strain gauge installed on the bearing bracket and schematic figure 
describing the bearing bracket surrounding a generator bearing. 
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In strain measurements on bearing brackets, the strains caused by thermal expansion are 
often of a larger magnitude than the strains caused by the radial bearing load. During the 
analysis, however, the thermal strains caused by the thermal expansion can be separated 
and excluded from measured total strains due to symmetry in the bearing bracket and 
thermal influence, see Figure 25. The advantages with this method of measuring load 
are that no modifications inside the bearing are needed and the properties of the 
machine are not changed. This method is therefore well suited for measurements 
performed on machines that are still under warranty from the manufacturer, i.e. no 
interventions inside the machine are allowed. The time required to perform the 
installation is short and the cost is low.    
 The third method, using pivot pins equipped with strain gauges in the centre of the 
pivot pin, has the advantage of low thermal sensitivity and negligible effect on overall 
radial stiffness. The disadvantage with this method is that the installation is time-
consuming. Figure 26 presents the modified pivot pin and its position in the bearing. 
The cylindrical strain gauge (Kyowa KFG-3-120-C20-11) installed in the drilled hole in 
the modified pivot pin shown in Figure 26. 
  
 

 
Figure 26. Cross section of modified pivot pin and installation position of pivot pin. 
 
For all the load measurement methods described previously, the total radial load is 
determined by adding up the measured radial bearing loads, with regard to installation 
angle, for all the gauges. The cross sections of the most common pivot pins used in 
Swedish hydropower units are 2640 mm which is approximately a decade smaller than 
the cross section of the bearing bracket. The equation for determining the resulting 
force, fx and fy, based on the measured strain, i, is presented in Equation (35). The angle 

i is the angle at which the gauge i is installed relative to the x-axis, and there are a total 
of n gauges. Load determination based on the method involving strain gauges installed 
on the bearing bracket has only been carried out on isotropic bearing brackets of the 
type shown in Figure 25. 
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In the case of measurements with commercial load cells and strain gauges installed in 
pivot pins, it is not necessary to know the cross section or Young’s modulus. The 
commercial load cells are supplied with a transfer functions between the level of the 
output signal and applied load. In order to perform load measurements with the 
modified pivot pins, each of the pivot pins must be calibrated so that a transfer function 
between applied load and measured voltage from the Wheatstone bridge [45] is 
determined. Figure 27 shows the results from the calibration of all 24 pivot pins in the 
lower generator guide bearing in a 42 MW hydropower unit where the solid line is an 
average of on-loading, the dashed line an average of off-loading and the Whisker boxes 
the distribution between the pivot pins. 
 

 
Figure 27. Results from calibration of pivot pin in lower generator bearing 
 
When the transfer function between load and measured voltage for the modified pivot 
pin is known, the total load is determined by adding up the measured load with regard to 
installation angle; see Equation (36).  fi is the measured load in the pivot pin/load cell i. 
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4.2.3 Estimation of bearing load from measured shaft displacement 
 
A method using bearing properties and shaft movements has also been developed to 
determine radial loads in guide bearing in hydropower units.  
As presented earlier in this thesis, the force in the bearing is caused by relative 
movements between shaft and bearing housing and the dynamic properties of a bearing. 
Bearing dynamics software often enables bearing parameters to be calculated at a 
prescribed bearing load or journal eccentricity. From calculated bearing parameters the 
bearing load as a function of bearing clearance and eccentricity can be calculated, see 
example in Figure 28. 
 

 
 
Figure 28. Example of calculated bearing load as a function of bearing clearance and 
eccentricity for tilting pad in a hydropower unit. 
 
To determine the bearing load from a measured shaft displacement and calculated 
bearing parameters, the bearing parameters for the present bearing clearance and the 
shaft’s displacement relative to the bearing centre must be known. The bearing 
clearance changes depending on the temperature of the bearing, surrounding structures 
and shaft. Using four displacement sensors at each bearing, installed with 90 degrees 
separation, it is possible to compensate for thermal changes and determine the centre of 
the bearing. The bearing centre and clearance are determined using a hydraulic jack to 
push the shaft in +x, -x, +y, -y direction and using the sensors to register the centre 
position and bearing clearance. Figure 29 presents the position of the sensors and the 
thermal changes that influence the bearing clearance. 
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Figure 29. Position of displacement sensors and the thermal change’s influence on 
bearing clearance. 
 
When bearing clearance is measured on a hydropower unit, and symmetric shape 
variation due to temperature and external forces is assumed, then both of the shaft 
displacements from the centre of the bearing and the change in bearing clearance can be 
described. In Fig. 6 cmx represents the measured radial bearing clearance in x-direction. 
When the temperature in the bearing changes, the bearing clearance also changes due to 
changed shaft and bearing diameter. From Figure 29 the present radial bearing 
clearance, cbx, can be determined by adding and subtracting the geometrical changes of 
bearing, db, and shaft, ds, to the measured bearing clearance, i.e. cbx= cmx+ db- ds. 
When the shaft is displaced the distance x in x-direction, see Figure 29, the distance 
between the bearing surface and the shaft surface at Sensor 1 is cbx-x and cbx+x at 
Sensor 3. Half the sum of Sensor 3 and Sensor 1 then represent the radial bearing 
clearance (cbx+x+cbx-x)/2 = cbx. Half the difference between Sensor 3 and Sensor 1 
provides the shaft’s displacement from the centre of the bearing ((cbx+x)-(cbx-x))/2 = x. 
Using corresponding reasoning, the displacement of the y-axis can also be obtained. 
 Knowing the radial shaft displacement in the bearing, present bearing clearance and 
bearing properties at these eccentricities, the load can be determined provided that the 
magnitude of the eccentricity is decisive for the bearing properties. By calculating the 
eccentricity of the shaft in the x- and y-directions the total eccentricity of the shaft, et, 
and the phase, , will be as in Equation (37).  
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By generating a function or look-up table for the data in Figure 28, the load is 
determined by inserting bearing clearance and eccentricity. 
 
 
4.2.4 Estimation of stiffness and damping 
Using one of the bearing load measurements methods described in section 4.2.2 
combined with shaft displacement measurements, it is possible to estimate damping and 
stiffness in bearings. Dimond et al. [12] presented a survey of methods to determine 
bearing parameters from measurements in test rigs and in the text below presents a 
simplified method to estimate the bearing parameters from measured bearing load and 
shaft displacement. For the tilting pad bearings, the cross-coupled stiffness and damping 
are small in relation to the direct bearing terms. In order to simplify the calculations of 
stiffness and damping for a tilting pad bearing, from measured load, displacement and 
displacement velocities, the cross-coupled terms are set to zero and the fluid inertia 
effects are disregarded. The stiffness and damping terms can be formulated as kii = k, cii 
= c and kij = cij = 0. 
 The simplification of Equation (14), where cross-coupled terms and fluid inertia 
effects are disregarded and the equation of motion is transformed into polar co-
ordinates, is presented in Equation (38) below. 
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where 22
yx fff , 22

yx uuu , 22
yx uuu  and  and  are the angle of 

the forces depending on bearing stiffness, fk, and the bearing damping, fc, . The relation 
between the forces is shown in Figure 30. 
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Figure 30. Relation between forces in the guide bearing  
 
To obtain the bearing stiffness and damping, Equation (39) has been used to create a 
system of equations. The parameters ( ssss uuf ,,, ) in each row in the equation system 
contain data collected from one instance. Each row represents consecutive 
measurements taken one rotation period of the shaft apart, i.e. all rows with the axis in 
approximately the same position. The equation system can be written in matrix form as 
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The vector containing the bearing parameters p can be found by solving the Equation 
(40), and the solution can be written as: 
 

s
1 fRp  (42) 
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5. SELECTED EXPERIMENTAL RESULTS  

This section presents selected results from experimental work performed in this thesis. 
The results presented are measured shaft displacement and estimated bearing loads in 
vertical hydropower units and the test rig presented in section 4.1.  
 
5.1. CHARACTERISTICS OF HYDROPOWER UNIT AT RESONANCE 

While performing measurements on a 42 MW hydropower unit, it was possible to 
perform measurements at resonance. Radial shaft displacement was measured at all tree 
guide bearings. The radial displacements presented in this section were measured at the 
turbine guide bearing. Before resonance, with normal operation, the dominant 
frequencies were at synchronous speed and twice the synchronous speed; see Figure 31.  

 
Figure 31. Properties at resonance in hydropower unit 
 
During resonance, the amplitude of the shaft’s radial displacement increased at the 
bearings. At the time period 5 – 12 s in Figure 32, the amplitude increased in a 
controlled manner. When the time passed 12 s, the amplitude increased rapidly and the 
machine tripped out at 16 s. The dominant frequency, shown by the red line in Figure 
32, also increased during resonance. 
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Figure 32. Displacement in the turbine guide bearing and change in dominant 
frequency ratio at twice the nominal speed.  
 
5.2. MEASURED LOADS IN GUIDE BEARING 

Different methods can be used to estimate bearing loads in hydropower units. This 
section presents bearing loads measured with strain gauges inside pivot pins and 
calculated from measured shaft displacements and bearing properties.  
 
5.2.1 Bearing load using strain gauge inside pivot pin 
The loads acting on the bearings are dependent on the operating mode of the 
hydropower unit. Figure 33 shows the normalised produced output power and 
normalised rotational speed as functions of time for a measurement performed on a 
hydropower unit.  
 

 
Figure 33. Normalised power (blue curve) and normalised rotational speed (red curve) 
during load ramp. 
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Normalised produced output power 1 corresponds to 38 MW, which is 90% of 
maximum output, and normalised rotational speed 1 corresponds to 167 rpm which is 
the synchronous speed for the hydropower unit. In Figure 33, the power output is zero 
between zero seconds and approximately 60 seconds, as the rotational speed increases 
from zero to synchronous speed. At approximately 80% of nominal speed, after 40 
seconds, the generator is magnetised, but the output is still 0 and the generator is not 
connected to the grid. At approximately 60 seconds the generator is connected to the 
grid and the power output is ramped up. 
 Figure 34 present the measured displacement and bearing load at a radial generator 
bearing during the same time period as presented in Figure 33. The bearing forces are 
measured using the method with cylindrical strain gauges installed in the pivot pin. In 
Figure 34 the dynamic components of measured load and displacement are presented. 
 

 
Figure 34. Measured displacement in generator bearing and bearing load during load 
ramp 
 
At nominal speed, the loads vary depending on the momentary power output. In Figure 
35 below, the bearing loads in all three bearings are presented at nominal speed and at 
two different power outputs. The bearing loads were measured at the following load 
conditions: magnetised rotor (0 MW) at nominal rotational speed and at 30 MW load. 
The forces that act on the bearing have been calculated in accordance with Equation 
(36). 
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Figure 35. Bearing load in upper (left), lower (middle) and turbine guide bearing (right) 
at 100% speed, 0 MW (blue) and 30 MW (red) 
 
5.2.2 Bearing load using shaft displacement and bearing properties 
Figure 36 presents a comparison between measured and calculated bearing load at the 
upper generator bearing for a 42 MW hydropower unit at synchronous operation. 
Bearing load was measured using strain gauges installed inside the pivot pin, and is 
presented as the blue line figure in Figure 36. Shaft displacement was measured using 
displacement sensors according to the methodology presented in section 4.2.3. The 
load-eccentricity-clearance relation for the upper generator bearing of the 42 MW unit 
was calculated and is presented in Figure 28. The measurement was performed at 
bearing clearance of 0.39 mm. To determine the bearing load from the measured shaft 
displacement, the load-eccentricity-clearance relation in Figure 28 was multiplied by the 
eccentricity of the shaft. Figure 36 presents measured bearing load and bearing load 
calculated from shaft displacement and bearing properties. 
 

 
Figure 36. Measured bearing load (blue line) compared to bearing load calculated from 
measured shaft displacement and bearing parameters (red line). 
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5.3. RESULTS FROM SIMULATIONS IN TEST RIG 

For the test rig described in section 4.1, measurements were preformed to compare the 
behaviours of vertical and horizontal rotors and to validate numerical simulations. 
 
5.3.1 Vertical and horizontal orientation of test rig 
In order to identify the load - eccentricity relation of the bearing, in vertical orientation 
of the test rig, tests were performed at different mass unbalances. All the tests were 
performed at 2350 rpm and unbalance of 0.3x10-3 to 6x10-3 kg m were used. A 
measurement was also performed at balanced rotor in horizontal orientation at 2350 
rpm. The relation between bearing load and shaft eccentricity for the test are presented 
in Figure 37, where the measured result using the horizontal rotor is marked with a “x”. 

 
Figure 37. Load as a function of eccentricity at 2350 rpm, circles in the graph are 
measured data, the lines are spline interpolations based on measured data.  
 
Tests were also performed in order to compare measured and calculated loads and 
displacements. In the bearing analysis software, shaft eccentricity calculated at a 
prescribed load of 120 N at 425 rpm and 2350 rpm. Similar test were performed in the 
test rig, i.e. measurement were performed at 425 and 2350 rpm at horizontal orientation 
of the rotor. Figure 38 presents the results from performed tests and calculations. In the 
measurements the residual unbalance was approximately 0.3x10-3 kg m.  
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Figure 38. Comparison between measured and calculated shaft eccentricity at 120N 
static load due to dead weight of rotor. 
 
All tests were performed over a short time period in order to minimize the influence of 
thermal changes. Reference measurements were performed before and after each test to 
maintain control over the bearing centre, bearing clearance and thermal influence on 
measured strains. 
 
5.3.2 Shaft displacement and bearing load 
The bearing loads and shaft displacements presented in this section were measured at 
2350 rpm at the upper bearing and bracket in the test rig. Shaft displacements and 
bearing load are measured at two different unbalances, 1.4x10-3 kg m and 3.3x10-3 
kg m. At a unbalance of approximately 1.4x10-3 kg m the eccentricity is relatively small 
and at small eccentricities is it also small difference in bearing parameters (LOP or 
LBP). This result in a round shape of the displacement and load orbit, see Figure 39. At 
larger mass unbalance, approximately 3.3x10-3 kg m, the displacement and load orbits 
are square shaped due to the difference in bearing parameters depending on LOP and 
LBP; see Figure 40. Increased bearing load caused increase difference in bearing 
parameters depending on the load angle 
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Figure 39. Measured bearing load and shaft displacement, mass unbalance 1.4x10-3 
kg m at 2350 rpm  

 
Figure 40. Measured bearing load and shaft displacement, mass unbalance 3.3x10-3 
kg m at 2350 rpm 
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6. VIBRATION MONITORING IN HYDROPOWER UNITS 

Vibration problems in hydropower units cause disturbances in production and large 
costs in the form of loss of production while performing corrective actions to return the 
unit to its original condition. Difficulties can also arise when evaluating the measured 
vibration levels and assessing their consequence on the structure. Vibration in rotating 
machines is often caused by mechanical unbalance of the rotating system, which gives 
rise to vibrations with the same frequency as the rotor’s rotational speed. All types of 
rotating machines are affected by this type of unbalance to a greater or lesser degree. 
Speed-dependent vibrations can also be the result of other types of faults, such as the 
straightness of the shaft, faults in couplings, hydraulic unbalance in the runner, shape 
deviation and eccentricities in the generator. Another category of vibration that can 
occur in such units is vibration combined with resonance phenomena in the unit. In 
order for such vibrations to start, an excitation source is required that vibrates at a 
frequency that coincides with the unit’s resonance frequency, and which has sufficient 
energy. 
 Different methods are used to monitor and protect the hydropower unit from these 
harmful operation modes. Gustavsson, Nässelqvist and Rhen at Vattenfall R&D 
performed a project for CEATI International regarding the relationship between forces 
and vibrations in hydropower units [46]. The recommendations in various standards for 
permitted vibration level values are often used as an aid to determine and decide if a 
unit should be stopped for maintenance. ISO 7919-5 [47] and ISO 10816-5 [48] divide 
vibration levels into classes with increasing levels from Class A to Class D, where Class 
A is a good machine that does not need attention while Class D is a machine that should 
be stopped for immediate corrective action. In ISO 7919-5 shaft vibrations is measured 
using non-contacting displacement sensors and in ISO 10816-5 bearing housing 
vibrations is measured using accelerometers. The permitted levels for each class vary 
with the unit’s rotational speed; low speed permits higher values of vibration levels in 
each class compared to high speed. According to Totir et.al.[49], ISO 7919-5 and ISO 
10816-5 are not sufficient as vibration monitoring standards. The recommended 
vibration levels for each class are based on the unit’s rotational speed and statistical 
data; consideration is not taken of the physical properties of bearings and brackets, 
which strongly affect the relationship between radial load and vibration levels as well as 
which vibration levels the components can withstand.  
 
6.1. FORCE AND VIBRATION RELATIONSHIP 

In situations where vibration measurement is performed with accelerometers mounted 
on bearing housings connected to stiff brackets and the stiffness properties of bearing 
and bracket are neglected, the vibration level of the shaft will be greatly underestimated. 
In situations where measurement is performed with displacement sensors measuring the 
distance between shaft and housing in a machine with a stiff bearing, an 
underestimation of the shaft movement will occur since the greatest displacement will 
be in the bracket. It is important to consider the combined stiffness and damping 
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properties, not only the bearing or bracket. Figure 6 presents a schematic description of 
bearing and bracket where kij is the stiffness parameters of the bearing, cij is the 
damping parameters of the bearing and hij is the stiffness parameters of the bracket. 
  If the stiffness is assumed to be linear in both the bearing and the bracket, the 
shaft’s displacement will be distributed between the bearing and the bracket according 
to Figure 41. The dashed line in Figure 41 shows the change in the combined damping, 
in relation to the bearings damping, depending of the stiffness relationship between 
shaft and bracket. The abscissa shows the stiffness relationship between the bearing and 
the bracket. The impedance method, Equation (27), is used to calculate the data in 
Figure 41 and the following applies to bearing and bracket data: in a hydropower unit 
with a design according to Figure 1, the stiffness of the bearing bracket normally varies 
between 0.2 GN/m to 4 GN/m depending on how the inner and outer parts of the 
bracket are connected and the dimensions of the steel structure. Bearing properties at 
“normal” operation for machines according to Figure 1 are approximately kxx,kyy~0.4-2 
GN/m and the cross coupled stiffness terms, kxy and kyx are significantly less kxx and kyy 
for tilting pad bearings [14]. The damping, cxx and cyy, in the bearing is set to 0.1 GNs/m 
in the example presented in Figure 41. Values of bearing properties are strongly 
dependent on bearing clearance and operation conditions.  
 The functions in Figure 41 shows the distribution of the shaft’s total displacement 
between the shaft’s movement in the bearing (solid line) and the bearing housing 
movement (dash-dot line). The reasoning above is very simplified and does not take 
into consideration the fact that a journal bearing is non-linear and that the stiffness 
change greatly depends upon for which eccentricity the stiffness was calculated. This 
demonstrates the difficulty of evaluating vibration data collected from displacement 
sensors or accelerometers without knowing the properties of the bearing and bracket. 
 

 
Figure 41. Total damping and distribution of motions in the bearing and the bracket  
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6.2. DESIGN CRITERIA FOR MECHANICAL COMPONENTS IN A 
HYDROPOWER UNIT 

When new machines are manufactured, components are designed according to specific 
design criteria. Several of the mechanical components in a hydro-electric power plant 
are constructed for loads that vary according to factors such as power, temperature, 
starts and stops, hydraulic loads, unbalances, its own weight and faults that may occur. 
 
6.2.1 Fatigue 
The design criteria of the unit stipulate how the unit is to be used and how many times it 
can be started and stopped during its technical lifetime. The number of cycles and 
events provides input data for the load spectra that is used as support for fatigue design 
of the unit. Examples of load components included in the spectra are presented in Table 
4.  
  
Table 4. Examples of included load spectra for components in a hydropower unit. 
Events  # Load cycles Ni 

1: Nominal operation start-stop cycles. Contribution from maximum 
eccentricities are included. 

40 x 360 x 2* 28800 

2: Assumed number of short-circuits during lifetime multiplied by 
factor 6 (this includes connection out of synchronism). 

10 x 6 60 

3: Assumed number of runaways during lifetime multiplied by 
factor 6. 

10 x 6 60 

4: Assumed number of load rejections during lifetime multiplied by 
factor 6. 

600 x 6 3600 

5: Mechanism for guide vane and rotor blade manoeuvring, 107 load 
cycles from maximum closing force to maximum opening force. 

 107 

6: Unbalance and generator eccentricities (occurring once per 
revolution) 

  >107 

*40 years x 360 days x 2 start-stops /day   
 
Using the load spectra determined by the customer, the machine is designed considering 
structural strength and fatigue. In order to avoid damage to mechanical components, it is 
important to know the design load for components and to monitor the loads that occur in 
critical components. As regards damage caused by high loads from the rotating 
structure, damage often occurs in bearings, welding in bearing brackets, shaft couplings 
and interconnection. When a new machine is designed, the manufacturer performs finite 
element analysis (FEA) and fatigue analysis based on the customer’s load spectra. In 
order to protect the machine from harmful loads, it is important that the customer retain 
information regarding these loads. For old machines where fatigue calculations are not 
available, the critical components should be identified using FEA and critical loads 
determined using fatigue analysis. “Normal” load levels, both static and dynamic, that 
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should occur in a hydropower unit can be estimated from balancing standards, 
limitations regarding shape deviations in the generator and experiences from measured 
loads in hydropower units. 

6.3. PROPOSED METHODOLOGY FOR VIBRATION MONITORING 

Methods for monitoring vibrations in a hydropower unit and the settings for allowed 
vibration levels should be based on the mechanical properties of the machine, the loads 
for which the machine is dimensioned and the loads the vibrations cause. The 
methodologies presented below propose a procedure for determining alarm and trip 
levels based on measured load levels and the design properties of the machine.

1. Identify properties of mechanical components in the hydropower unit 
Analysis of dimensioning prerequisites for the machine and identification of 
critical components. The fatigue limits for critical components must be 
identified using manufacturer design data or performing new FEA and fatigue 
calculations.

2. Relationship between vibration and load levels
According to section 4.2 in the thesis different methods be used to determine 
bearing loads: 

a. Install load cells inside or behind the bearing. Measure the static and 
dynamic load. 

b. Calculate bearing load from calculated bearing properties and 
measured shaft displacements. 

c. Calculate bearing load from stiffness properties of bearing brackets 
and measured housing movement (only possible to determine 
dynamic loads using this method).  

3. Identification of maximum recommended load levels during normal operation
Provided that a balancing standard (e.g. ISO 1940) is used, maximum load 
levels that fulfil the standard can be calculated. The loads caused by imbalance 
are dynamic loads.  
For generators, maximum eccentricity of stator and rotor determines maximum 
loads from the generator. The maximum allowed unbalance pull force is 
calculated by multiplying the eccentricity and magnetic stiffness of the 
generator. The loads are distributed between the upper and lower generator 
bearings if there are upper and lower generator guide bearings, otherwise the 
single generator bearing will take all loads from the generator. The turbine 
guide bearing will take all loads caused by the runner. 
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6.3.1 Recommended levels 
 
The alarm and trip levels should be based on operation mode, balancing grade and 
fatigue limits. Under normal operating conditions, the radial load should not exceed the 
allowed dynamic load + the maximum allowed static load; the machine should send an 
alarm if these load levels are exceeded. The emergency stop level of the machine should 
be set with a large margin for the fatigue limit. Higher loads should be allowed during 
start up due to dynamic behaviour in runner. Figure 42 presents an example of 
recommended alarm and trip levels depending of operation conditions.  
 

 
 
Figure 42. Example of levels for alarm and trip 
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7. SUMMARY OF APPENDED PAPERS 

Paper A - Determination of Journal Bearing Stiffness and Damping at 
Hydropower Generators Using Strain Gauges 
A method to determine stiffness and damping parameters for a radial guide bearing is 
presented in Paper A. The bearing parameters are calculated from measured shaft 
displacement and bearing loads. The analysed bearing is an upper generator bearing of 
the tilting pad type. One advantage with tilting pad bearings is that the cross-coupled 
stiffness and damping terms are low in relation to the direct stiffness and damping 
terms. To simplify the determination of the bearing parameters, cross-coupled stiffness 
and damping terms have been disregarded. Fluid inertia forces are also low in these 
bearings and have also been disregarded.  
 
The author performed the measurements on site and post-processed measured data. 
 
Paper B - Resonance Problem in Vertical Hydropower Unit after Turbine Upgrade 
Resonance phenomena in a 42 MW hydropower unit are analysed in Paper B. After 
refurbishment, resonances occur. The purpose of this paper was to identify and present a 
measure to avoid resonance. A cost-effective measure to change the system’s properties 
is proposed that involves adjusting the clearance of the turbine guide bearing. 
Measurements and numerical analyses are performed at normal bearing clearance and at 
a large clearance. Increased bearing clearance causes slightly decreased frequency for 
the machine’s natural frequencies. A more significant change was noticed in the 
calculated stability of the lowest damped eigenmode. The stability was significantly 
increased at a large bearing clearance. After increasing the bearing clearance, there have 
not been any problems related to resonance.  
 
The author wrote the paper with scientific guidance from Aidanpää and Gustavsson. 
Nässelqvist performed the analysis and measurements on site together with Gustavsson. 
Nässelqvist post-processed measured data, was the corresponding author and presented 
the paper. 
 
Paper C - Bearing Load Measurement in a Hydropower Unit using Cylindrical 
Strain Gauges Installed inside Pivot Pins 
Paper C presents a method for measuring bearing loads in hydropower units. The new 
method presented in Paper C uses cylindrical strain gauges installed in the pivot pin. 
The relation between applied load on the pivot pin and the measured strain in the pin is 
determined in a laboratory for each pin. The advantages of this method are that the 
modification of the pivot pin does not affect the overall stiffness of the system, and due 
to the pivot pins’ relatively small cross-section, high strains will be measured when the 
hydropower unit is in operation, i.e. there is good resolution in measured loads. 
However, the installation of the modified pivot pins is time-consuming and the wiring 
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between pivot pin and amplifier is difficult. The results from the load measurement 
show distinct load levels and a high signal to noise ratio. 
 
The author wrote the paper with scientific guidance from Aidanpää and Gustavsson. He 
developed the method, performed the test in laboratory, measurement on site and post-
processed the data. The author also was the corresponding author of the paper. 
 
Paper D - A Methodology for Protective Vibration Monitoring of Hydropower 
Units Based on the Mechanical Properties 
Paper D presents a methodology for alarm and trip levels based on the design criteria of 
the hydropower unit and measured radial loads in the machine during operation. It is 
important to monitor radial loads in hydropower units in order to protect the machine 
from harmful radial loads. Existing recommendations in standards regarding radial 
movements of shaft and bearing housing in hydropower units, ISO-7919-5 and ISO-
10816-5, have alarm levels based on statistical data and do not consider the mechanical 
properties of the machine. Standards for balancing, and manufacturers (and power plant 
owners) recommendations for maximum allowed shape deviations in generators are 
used to determine which loads, at a maximum, which should be allowed before an alarm 
is sent that the machine needs maintenance. The design criteria regarding loads spectra 
and fatigue for mechanical components in the hydropower unit are used to determine 
the machines trip level. Radial bearing load can be determined using several different 
methods and is used to monitor the load levels.  
The methodology presented in paper D is also applied to a 42 MW hydropower unit; 
suggestions are presented for alarm and trip levels for the machine based on the 
mechanical properties and radial loads. 
 
The author wrote the paper with scientific guidance from Aidanpää and Gustavsson. 
Nässelqvist and Gustavsson developed the methodology. The author was the 
corresponding author of the paper. 
 
Paper E - Design of Test Rig for Rotordynamic Simulations of Vertical Machines 
The design of a test rig that was built in order to study and compare dynamic behaviour 
of vertical and horizontal rotors is presented in Paper E. The test rig presented in the 
paper consists of two bearings and a Jeffcott rotor. The bearings are 4-pad tilting-pad 
bearings and the operating speed of the test rig is from 0 to 3000 rpm. Radial load and 
shaft displacement are measured at each bearing using strain gauges and displacement 
sensors. The excitation of shaft motion is self-induced in the test rig, i.e. the shaft 
motion is caused by dead weight of the rotor and applied mass unbalance. Initial tests 
presented in the paper indicates that the bearing load – shaft eccentricity ratio is 
independent of the type of eccentricity, static or dynamic. Test performed in the test rig 
also showed that the orbits of displacement and load were square shaped at high 
dynamic eccentricities in vertical operation.  The difference in bearing parameters 
depending on if load is on pad or between pad causes the square shaped orbits.  
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The author wrote the paper with scientific guidance from Aidanpää and Gustavsson. 
Nässelqvist designed the test rig with guidance from Gustavsson, and performed 
measurements and post-processed the data. The author also was the corresponding 
author of the paper. 
 
Paper F - Experimental and Numerical Simulation of Vertical Test Rig with 
Tilting-Pad Bearings 
Paper F presents a simplified method to perform unbalance response simulations on 
vertical rotors, including bearing parameters that depend on the load angle. The 
numerical representation of the test rig consists of a three node Jeffcott rotor, two 
elements representing the upper and lower bearing and two elements representing the 
structures surrounding the bearings. The properties of the bearings in the simulations are 
dependent on whether the load is on the bearing pad or between them. Bearing 
properties are determined as functions of eccentricity and load angle. Numerical results 
are compared with results from tests performed in a test rig.  
At low radial loads, the orbits for both shaft displacement and bearing load are round. 
When the load increases, the orbits of shaft displacement and bearing load become 
square shaped; the load orbit has a more distinct square shape. Both the numerical and 
experimental results showed the same characteristics of displacement and bearing load. 
The comparison also showed small deviations in absolute displacement and load levels, 
which is expected due to difficulties in calculating exact bearing parameters. 
 
The author wrote the paper with scientific guidance from Aidanpää and Gustavsson. He 
performed measurements and post-processing of data. The author also was the 
corresponding author of the paper. 
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8. CONCLUSIONS 

This thesis spans two areas, namely rotordynamics and bearing load measurements. 
These two areas are, however, closely related. In order to determine the rotordynamic 
properties of a machine under certain operating conditions, the dynamic properties of 
the bearings need to be known. The bearing properties, such as stiffness and damping, 
are dependent on the operating conditions for the bearing. Knowing the bearing 
geometry and measuring bearing load and shaft displacement makes it possible to 
determine the stiffness and damping of the bearing. The stiffness and damping of 
bearings can also be calculated using commercial software, and the results from bearing 
load measurements can then be used to verify the calculated results. Bearing load 
measurements can also be used to verify that the balancing grades for the machine are 
fulfilled and to protect machines from harmful load levels. 
 
8.1. ROTORDYNAMIC BEHAVIOUR OF HYDROPOWER UNITS 

In order to achieve accurate results in rotordynamic calculations for a hydropower unit, 
the representation of components and interconnections is of importance. An incorrectly 
represented bearing or bearing bracket can result in resonance problems after a 
refurbishment of the unit. This thesis have showed that rotordynamic calculations can 
successfully be used to identify causes of high vibrations levels in hydropower units and 
to evaluate which measure is most effective in order to remedy existing vibration 
problems.  

 
 

Figure 43. Simulated and measured bearing load and shaft displacement at mass 
unbalance of 3.3 x10-3 kg m (at 2350 rpm) 
 
There is knowledge today regarding the representation of generators in rotordynamic 
calculations for hydropower units. Knowledge of how to represent bearings in vertical 
units is improving. The simulations performed in Paper F show good agreement 
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between simulated and measured displacements and bearing load; see Figure 43. Tests 
presented in Paper E also indicate that the bearing load–shaft eccentricity ratio is 
independent of the type of eccentricity, static or dynamic. 
 The model developed to simulate unbalance response in the test rig brings 
possibilities to perform unbalance response simulations of vertical hydropower units 
with tilting pad bearings. 
 
8.2. BEARING LOADS 

Methods to determine bearing loads are presented in Papers A and C, while the stiffness 
and damping of a radial generator bearing are estimated in Paper A. In both of these 
papers, strain gauges are used to determine the bearing loads. In Paper A the strain 
gauges are installed on the bearing bracket, and in Paper C the gauges are installed 
inside the pivot pin in the bearing. There is an obvious difference in the complexity of 
the installation of the strain gauges between these methods. Different methods should be 
used depending on the scope of and prerequisites for the measurement. If the machine is 
under warranty, i.e. no modifications of the machine are allowed, the method presented 
in Paper A is appropriate. One disadvantage of this method is that the stiff bearing 
bracket results in strains caused by the radial bearing loads being lower than strains 
caused by thermal changes. Paper A also presents a method to estimate stiffness and 
damping of a tilting pad journal bearing from measured bearing loads and 
displacements. Theoretical analysis of the bearing has been performed to provide a 
comparison with the calculated bearing stiffness and damping from measured data. 
Comparisons between the theoretical value of the bearing stiffness and the values 
obtained from measurements show good agreement between the theoretical and the 
experimental bearing stiffness. Paper C and D also showed that it possible to estimate 
bearing loads in hydropower units from calculated bearing parameters and measured 
shaft movements. 
 
8.3. VIBRATION MONITORING 

This thesis and some publications have highlighted that existing vibration standards 
have a lack of physical relation to the radial loads occurring in the machine. It is the 
radial load levels, not the vibration amplitudes, that degenerate the machine.  
 A methodology of vibration monitoring based on physical properties of the 
hydropower unit is presented in this thesis. The methodology was applied to a 42 MW 
hydropower unit to determine load levels for alarm and emergency stop. The 
methodology still needs to be implemented on hydropower units and evaluated to 
determine if the methodology is suitable for vibration monitoring of hydropower units. 
 
8.4. INDUSTRIAL AND SCIENTIFIC CONTRIBUTION 

This thesis has presented industrial and scientific contributions in the area of bearing 
load measurements, vibration monitoring methodology and rotordynamic analysis of 
vertical machines. Paper C presented a new method to determine bearing load, and 
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Paper A presents a method to estimate bearing parameters in hydropower units. 
Knowledge regarding radial bearing loads that occur improves possibilities to protect 
the machine from harmful vibrations and gives input to hydropower unit designers 
regarding radial loads acting on machine components. Information regarding bearing 
loads also improves calculations of bearing parameters in rotordynamical analysis. 
Paper B presents results from measurements and simulations at resonance in a vertical 
hydropower unit. The results of the measurements and analysis performed in the paper 
show how resonance problems can be solved by merely adjusting bearing clearance in 
the bearing, i.e. by increasing the damping of the system.   
 In Papers E and F, the design of a vertical test rig and the results from 
measurements and simulations are presented. Published materials regarding response 
analysis performed on vertical machines with tiling pad bearings are rare, but these 
simulations are needed to be able to build more robust hydropower units. Unbalance 
response simulations and measurements of a vertical rotor with tilting-pad bearing were 
performed in paper F and the new model used for the simulations showed good 
agreement with measured data.   
There is no uniform view on vibration monitoring methodology in the Swedish 
hydropower industry today. International standards exist regarding vibration monitoring 
of hydropower units, however they are only used to a limited extent. The standards are 
criticized in some publications for lacking a physical relation to radial forces occurring 
in the hydropower unit. Paper D in this thesis presents a new vibration monitoring 
methodology based on the physical properties of the hydropower units. 
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9. DISCUSSION AND FUTURE WORK 

When carrying out rotordynamic calculations, some simplifications and assumptions 
must be made in the numerical analysis due to complexity of the machine. Examples of 
simplifications and assumptions made in this thesis include disregarding damping, 
stiffness and added mass for the runner, linearization of the electromagnetic forces in 
the generator, using bearing software developed for horizontal machines to calculate 
bearing parameters and disregarding fluid inertia forces in the bearings. In Paper B, 
calculated natural frequencies are compared with measured resonance frequencies and a 
good agreement was shown. This indicates that the assumptions and simplifications 
made in this case did not have a major effect on the calculated natural frequencies. 
However, it is not possible to draw any general conclusions regarding what can be 
simplified and disregarded based on comparisons with individual measurements. 
 One disadvantage of using bearing parameters calculated with software intended for 
horizontal machines is that these software packages only allow bearing parameters to be 
calculated at a prescribed static eccentricity. If this software is used to calculate bearing 
data for vertical machines where dynamic eccentricity is dominant, the natural 
frequencies should be correct, but the response analysis will not be correct as 
transformation of the bearing data is required. The model for unbalance response 
simulations of vertical machines, presented in Paper F, showed good agreement 
between simulated and measured results but simulations and measurements should also 
be performed on supercritical rotors to evaluate the validity of the numerical model. The 
validated model should also be expanded to include bearing properties as a function of 
rotational speed. This enables simulations of start up, load rejections and runaway in 
real hydropower units. 
 In order to improve the accuracy of rotordynamic calculations carried out in 
hydropower units, it is also necessary for further work to determining the dynamic 
properties of runners, i.e. determination of their added mass, damping and stiffness. 
 As regards rotordynamical analysis on hydropower units in general, sensitivity 
analyses should be performed on parameters included in the analysis. Exact values of 
bearing load, clearance, hydraulic forces on runner, surrounding stiffness properties, etc. 
are not possible to determine, but the sensitivity analysis will give guidance regarding 
how different parameters influence the machine’s dynamic behaviour.  
 Experiences from measurements on site have shown that it is possible to fulfil G6.3 
for machine components when the components are balanced in the workshop, but when 
the hydropower unit is assembled the unbalance levels often are close to or above G16. 
Future work is also needed to develop and evaluate the methodology for vibration 
monitoring presented in this thesis. The methodology is a theoretical methodology 
which needs to be installed, in parallel to the existing vibration monitoring system, on 
some hydropower units and then be evaluated after one year of operation. Uncertainties 
exist regarding long-term accuracy levels of absolute shaft position, geometrical 
changes due to thermal changes, etc. 
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ABSTRACT
In hydropower generators, the measurement of bearing 

load, vibration and shaft displacement are wildly used methods 
for indication of maintenance demand and troubleshooting. 
When measurement of bearing load and shaft displacement is 
performed the collected data make it possible to determine the 
bearing properties, such as stiffness and damping. In this paper 
a method to determine the bearing stiffness and damping 
properties for generator journal bearing in hydropower units is 
presented. 

The majority of hydropower generators are, however, not 
equipped with facilities for measurements of bearing loads. To 
provide the bearings with load sensors it is necessary to 
reconstruct the bearings, which is associated with heavy 
expenditures. In this paper an alternative method to obtain the 
bearing load is utilize, in which strain gauges installed on the 
generator bearing brackets is used. The collected data in the 
experiment were obtained from measurements on a 238 MW 
hydropower generator connected to a Francis type runner.  

The bracket that holds the generator bearing consists of 18 
spokes and each of these spokes has been provided with strain 
gauges for load measurements. The displacement of the shaft 
has been measured relative to the generator-bearing casing. The 
generator-bearing model has been described as a system with 
two degrees of freedom containing both bearing stiffness and 
damping matrix as well as displacement and displacement 

velocity vector. When the calculation of the bearing properties 
are based on measured data, the irregularity in the calculated 
stiffness and damping has to be eliminated. To eliminate the 
unrealistic values of the calculated damping and stiffness, the 
samples that cause high condition numbers of the displacement 
– velocity matrix are neglected. The results of the calculation of 
bearing stiffness and damping are presented in polar plots.   

This method determines the bearing properties for the 
generator bearing in a certain point, the point where the 
generator shaft has its stationary position. The stationary 
position for the generator shaft depends on the static magnetic 
pull force acting on the generator rotor and the influence from 
the turbine. The influence on the bearing characteristics of non-
stationary loads as acting on the bearing can be investigated. 
The non-stationary loads can for instance be rotor unbalance 
force, influence of thermal expansion and dynamical magnetic 
pull force.  It is thereby possible to evaluate different loads 
effect on the generator bearing and in which way the bearing 
properties are affected. 

INTRODUCTION
In a number of hydropower stations, it has been observed 

that large radial forces can affect the guide bearings in the 
generators. These forces can cause damage or a failure of the 
bearings with economical losses as a consequence [1]. It is 
furthermore known that in electrical machines almost 40% of 
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the failures can be related to bearing failures [2,3]. One reason 
for the existence of the radial bearing load is static or dynamic 
misalignment between rotor and stator. This misalignment 
results in a non-uniform air gap and consequently a non-
uniform magnetic field [4,5,6]. In electrical machines the 
measurement of the air-gap eccentricity is often based on 
measurement of the change in the air-gap field with loops or 
coils [7,8]. 

Knowledge of the radial magnetic pull force acting on the 
eccentric rotor is important for the mechanical design and 
maintenance of a hydropower generator. A number of equations 
are available for calculation of the magnetic rotor pull for an 
eccentricity up to 10% of the average air-gap [9,10,11]. Some 
equations have been improved by taking the effect of saturation 
into account [12,13,14,15]. 

When measurement of the bearing loads or bearing 
properties are performed in hydropower generators, the load 
sensors are usually built in behind the bearing pads with a 
similar technique as the one described in [16]. Measurement 
with strain gauges attached to the bracket base plates have been 
shown in [15]. But, on a great number of generators, the base 
plates are pre-loaded and therefore not suitable for 
measurements. The majority of hydropower generators are 
however not equipped with facilities for load measurement and 
the reconstruction, which is necessary to provide the bearings 
with load sensors, is associated with high expenditures. 

The influence of the preload effect on the bearing metal 
temperature and the shaft vibration was investigated at a 
storage power plant [17]. At that investigation a single centered 
thermocouple was used to measure the bearing metal 
temperature and two perpendicular proximity probes of eddy 
current type were installed in the bearing. Experimental 
investigation on the performance characteristics of a tilting pad 
journal bearing for small L/D ratios has been investigated in 
[18]. In that work a non-contact electromagnetic exciter was 
used to excite the rotor mass in horizontal and in vertical 
direction.  

In this paper an alternative method to the load sensors 
behind the bearing pads, is used for measuring of the radial 
bearing force. This method is based on strain measurement at 
the bearing supports [19] and the force is calculated from the 
measured strain by use of beam theory [20]. The advantage of 
this method is that it can be used without installation of sensors 
inside the bearing house or the redesigning of mechanical parts 
in the bearing. This method determines the bearing properties 
for the generator bearing in a certain point; the point at which 
the generator shaft has its stationary position. The stationary 
position for the generator shaft depends on the static magnetic 
pull force acting on the generator rotor and the influence from 
the turbine.  

EXPERIMENTAL ANALYSIS

Test object and measurement set-up.
The measurements of force and displacement were 

performed on unit 12 at Porjus power plant in the far north of 
Sweden. The generator has a rated capacity of 238 MWA and a 
rated speed of 83.3 rpm.  

A Fancies type runner is connected to the generator via a 
nine-meter vertical shaft. The rotating parts of the power unit 
have two support bearings and one trust bearing which supports 
the shaft. The generator guide bearing, which is located on the 
top of the generator, is attached to the building structure 
through a bracket frame. The trust bearing and turbine guide 
bearing are integrated parts of the spiral-casing house.   

The generator-bearing bracket is designed as a spoke 
wheel consisting of 18 hot rolled I-beams. The height of those 
I-beams are 500 mm, with a cross sectional area of 27300 mm2. 
The generator bracket spokes are equally spaced which means 
that the spacing between spokes is 20°. A schematic layout of 
the bracket is shown in Figure 1. 

 
Figure 1. Layout of the generator bracket. 

 
For measuring of the mechanical strain in the bearing 

bracket each spoke is provided with strain gauges arranged in a 
full Wheatstone bridge [21]. Two of the gauges in each bridge 
are used for measuring of the mechanical strain in the arms and 
two of the gauges are used for temperature compensation. The 
two gauges used for measuring the mechanical strain in the 
beam are bonded to the beam surface in the centerline of the 
beam. The installation of the strain gages is shown in Figure 2. 
A steel dummy with the dimension 100 x 70 x 15 [mm] is 
attached close to the measuring point on each beam. On the 
dummy two of the full bridge gauges are bounded and used for 
temperature compensation. 



 
Figure 2. Strain gauge position SG.

Strain and displacement measurement
In a generator, the air gap eccentricity give rise to a large 

radial magnetic pull force acting on the rotor. The air gap 
eccentricity can be divided in two types, static and dynamic 
eccentricity. In the generator, the most common case is a 
combination of those two types of eccentricity. Characteristic 
of the static eccentricity is that the rotor center will be in a 
fixed position from the bearing center. In the dynamic case the 
shaft center will whirl around the bearing center in an orbit 
with displacement vector of u. If the static and dynamic 
eccentricity is combined the shaft center will whirl around the 
static eccentricity point. 

 

Figure 3. Generator bearing model. 

In Figure 3 u is the displacement vector, the angle to the 
rotor position is denoted  while k and c is the bearing stiffness 
and damping respectively.  

Bearing properties have been determined in the point 
where the shaft has its stationary position. The numerical model 
of the generator bearing has been described as a system with 
two degrees of freedom containing bearing stiffness and 

damping matrix as well as displacement and displacement 
velocity vector. This can be written as 
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where is the force components acting on the bearing, 

represent the stiffness components of the oil-film, are the 

components in the damping matrix, are the components in 

the displacement vector and the are the velocity 
components.  
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In the general case, the stiffness matrix is not symmetric 
while the damping matrix is on the other hand symmetric.  

For symmetric tilting pad bearings with an even number of 
pads both stiffness and damping matrix are symmetric. Tilting 
pad bearings has generally a low cross-coupled damping and 
stiffness. Therefore, it can be assumed that the cross-coupled 
terms in both stiffness and damping matrix can be assumed to 
be zero [22]. The stiffness and damping matrix components can 
be formulated as kkii , ,  and .  0ijk ccii 0ijc

For rotating systems it can be more suitable to describe the 
equation of motion in polar coordinates. The relation between 
load, displacement, stiffness and damping for the bearing can 
then be expressed as 
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the angle between the forces depending of bearing stiffness  
and the bearing damping . The relation between the forces is 
shown in Figure 4. 
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Figure 4. Relation between forces in the generator 
bearing.
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Force estimation
To obtain the force acting on the generator bearing the 

strain was measured at the bearing bracket in each spoke and 
the shaft displacement was simultaneously measured in X and 
Y directions relative to the bearing house. The total numbers of 
strain measuring points were 18 at the generator bracket. 

Simple geometric considerations imply that the force 
acting on the generator bearing in X and Y direction can be 
calculated according to following formulas:  
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where E is Young’s modulus, A is the beam cross-section area, 

i  is the apparent strain in spoke i, i is the angle to the spoke i 
and n is the number of measuring points in the bracket. For the 
generator bearing n is equal 18. 

The apparent strain i is a sum of strain depending on both 
the force acting on the bearing and the elongation of the 
bracket depending on the temperature variation. The strain 
depending on the bearing force is denoted as f and the 
contribution from the temperature dependent strain is denoted 
as t. The apparent strain can be written as  

 
fti  (4) 

 
This implies that if the bracket is symmetric and the 

temperature variation is equal in each spoke, the net 
temperature dependent strain will be zero and the strain in the 
bracket will only depend on the external force acting on the 
bracket. The sources of the external forces are the rotor 
unbalance and the magnetic pull on the rotor.  

 

Estimation of damping and stiffness
To obtain the bearing stiffness and damping, equation (2) 

has been used to create a system of equations. The parameters 
( ssss uuf ,,, ) in each row in the equation system contain 
data collected from one instance s. Each row represents 
consecutive measurements with one rotation period of the shaft 
apart, i.e. all rows are with the axis approximately in same 
position. The equation system can be written in matrix form as 
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The vector containing the bearing parameters p can be 

found by solving the equation (5) and the solution can be 
written as  

 

s
1fRp  (6) 

RESULTS
The acquired strain data can include some offset depending 

on the temperature drift of the structure and pre-load in the 
bracket. The compensation of the strain gauges was done by 
subtracting the mean value of the strain for an unloaded 
generator. The measurement of the mean value of the strain was 
performed as closely as possible before the measurement of the 
load case of interest.  

To reduce the disturbance from the generator on the 
measurement all signals were low pass filtered by the hardware 
with a cut off frequency of 200 Hz. To minimize the 
disturbance effect on the result, the collected data was once 
again low pass filtered. The cut-off frequency was 8 Hz and the 
filtration was performed with the software MATLAB. The 
filtered result of the measured displacement is shown in Figure 
5 and in Figure 6 the calculated force obtained from the 
measured strain data is shown. These two figures represent the 
loads and displacements in the generator support bearing when 
the generator operates at zero load and 100% magnetization.  
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Figure 5. Shaft displacement in generator support 
bearing, 0 MW, 100% magnetization. 

Figure 6. Force acting on the generator support 
bearing, 0 MW, 100% magnetization. 

The generator bearing properties, damping and stiffness, 
are calculated according to equation (6) using the measured 
bearing force and displacement shown in Figures (5) and 
Figure (6). Some of the data give irregular results and these 
results have to be excluded from the calculation of damping 
and stiffness. To be able to clean the collected data set from 
irregular data the calculated stiffness is compared to the 
condition number of the R-matrix in equation (6), were a 
correlation between the unlikely high values of the stiffness and 
the high condition numbers can be found, see Figure (7). The 

same relation between the damping and the condition number 
of the R-matrix can also be found.  

Figure 7: Condition number of matrix R vs. measured
stiffness (normalized), 0 MW, 100% magnetization. 

The results of the calculation of bearing stiffness and 
damping with the reduced data set are shown in Figure (8) and 
Figure (9). To further minimize the influence of irregular data 
the displayed stiffness and damping in Figure (8) and Figure 
(9) are mean values over an interval of 2.5 degrees.  

 
 

 
Figure 8. Bearing stiffness obtained from measured
data in polar plot, 0 MW, 100% magnetization. 
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Figure 9. Bearing damping obtained from measured 
data in polar plot, 0 MW, 100% magnetization. 

 
In Figure 10 the force acting on the bearing is shown when 

the generator is loaded at 180 MW. The corresponding bearing 
stiffness and damping are shown in Figure 11 and Figure 12. 
The measurement of the bearing stiffness in Figure 10 was 
performed before the balancing of the generator rotor. The 
figure shows that the unbalanced rotor causes large radial 
forces acting on the bearing. 

 
Figure 10. Measured force acting on the generator 
support bearing at 180 MW for an unbalanced 
generator rotor.

 

 

Figure 11. Bearing stiffness obtained from measured 
data at 180 MW for an unbalanced generator rotor.

 

 

Figure 12. Bearing damping obtained from measured 
data at 180 MW for an unbalanced generator rotor.

NUMERICAL CALCULATION OF BEARING 
STIFFNESS

The measured bearing stiffness has been compared with 
numerical analysis of the actual bearing. The bearing stiffness 
has been calculated for four different clearances, dr=0.15-0.3 
mm, between the shaft and the bearing segments. For each of 
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those clearances the bearing stiffness and the bearing force 
have been plotted vs. the journal eccentricity. In Figure 13 the 
bearing stiffness have been plotted vs. journal eccentricity and 
in Figure 14 the bearing force have been potted vs. journal 
eccentricity.     

 
Figure 13. Theoretical bearing stiffness vs. journal 
eccentricity.

 

 
Figure 14. Theoretical bearing force vs. journal 
eccentricity.

CONCLUSION
A method to investigate and measure the bearing properties 

on hydro generator guide bearings has been presented in this 
paper. The method is based on measurement of the apparent 
strain in the bearing brackets and shaft displacement. Examples 

of achieved results are shown using measurements of bearing 
properties at a hydropower unit of 238 MVA. Theoretical 
analysis of the bearing has been done as comparison to the 
measured bearing stiffness. In the actual experiment the bearing 
clearance was dr  0.25 mm and the journal eccentricity 0.8-
0.9. Comparison between the theoretical value of the bearing 
stiffness and the obtained value from measurement show good 
agreements between the theoretical and the experimental 
bearing stiffness.   

The result from the on site experiment shows that the 
method can be used to determine the bearing properties of 
tilting pad bearings operating in a certain load point. The load 
point depends mainly on the magnitude of the static magnetic 
pull force acting on the rotor. To this static load, the dynamic 
force components shall be added to obtain the total force acting 
on the bearing. The dynamic forces component depends of 
unbalance forces and the dynamic magnetic pull force. The 
variation of bearing temperature has also an influence on the 
bearing properties. This is due to the effect of the clearance 
between the pads and the shaft. 

The load dependency of the bearing can be investigated by 
varying the magnitude of the dynamic load. It is thereby 
possible to obtain the load dependency of the bearing by 
changing the dynamic forces acting on the bearing. The 
dependency of the bearing temperature on the properties can 
also be investigated by changing the temperature in the bearing. 

The bearing stiffness and damping have been determined 
from on site measured data  and plotted in polar plots for the 
generator bearing at a 238 MVA unit. It is thereby possible to 
evaluate the directional difference in stiffness and damping.  
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ABSTRACT 
In 2005 a vertical 42 MW hydropower unit was upgraded in Sweden. The upgrade included the 
fitting of a new turbine guide bearing, a modified runner, a modified turbine regulator and a new 
brushless exciter. One of the requirements was that the dynamic behaviour of the machine should 
not be affected. In spite of the requirements, resonance problems became apparent after the 
hydropower unit was re-commissioned. Measurements from the re-commissioning showed poor 
alignment of the shaft system and shape deviations in the generator. The exchange of the turbine 
guide bearing from a sleeve bearing to a block bearing also caused changes in the machines 
dynamic behaviour. 
Measurements on the unit were conducted at normal operation and resonance. These show that at 
normal operation, the machine has dominant frequencies at the nominal speed and at twice the 
nominal speed. When the machine goes into resonance, the dominant frequencies increase to 
approx. 2.4 times the nominal speed. 

The machine will undergo a major overhaul in ten years. The objective is to find a solution of 
the resonance problem that is both inexpensive and possible to implement. The conclusion was 
drawn that the low damped eigenmode at 2.4 times the nominal speed had been excited and caused 
the machine to go into resonance. The unit’s dynamic sensitivity to different bearing settings was 
investigated numerically and with tests on site, i.e. bearing clearances were varied. The calculated 
result was verified against measured resonance frequencies. Agreement between the estimated and 
measured result was good. Other possible measures to rectify the resonance problems were also 
analyzed numerically. The effect of making the surrounding structures more rigid, the installation of 
additional guide bearings, making the shaft system more rigid, etc. were examined. A temporary 
solution, used for the last six months, is to operate the machine with larger bearing clearances on all 
bearings. Increased bearing clearance of the turbine guide bearing cause increased damping of the 
natural frequency at 2.4 times the nominal speed. No problems related to resonance have occurred 
at the hydropower unit during the last six months. 
 
Keywords: Rotordynamics; Hydropower; Resonance; Journal bearing 
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INTRODUCTION 
In 2005 a vertical 42 MW hydropower unit was upgraded in Sweden. The upgrade 

included the fitting of a new turbine guide bearing, a modified runner, a modified turbine 
regulator and a new brushless exciter. Figure 1 presents a schematic figure of the rotating parts 
in the hydropower unit. One of the requirements was that the dynamic behaviour of the 
machine should not be affected. In spite of the requirements, resonance problems became 
apparent after the hydropower unit was re-commissioned. These problems continued and the 
machine began to resonate on a number of occasions. When the machine was commissioned 
in the 1950’s it also had problems related to high vibration levels.  
The resonance problem is destructive for the machine and counter-productive. The cause of 
the resonance problem needs to be identified and solved. The machine will undergo a major 
overhaul in ten years and the objective was therefore to find a solution that was both 
inexpensive and possible to implement.  

 
Figure 1. Schematic figure showing the rotating parts in a hydropower unit. 
 
Only a few papers regarding rotordynamic modelling and measurements made on hydropower 
systems have been presented. In 2004 Hofstad [1] presented some alternative rotordynamic 
modelling methods for hydropower units. Hoftad also points out the importance of including 
bearings, seals and brackets in the rotordynamic analysis. The clearance of the bearings affects 
the bearing’s stiffness and damping. Someya [2] compiled results from numerous 
experimental evaluations on journal bearings. Typical bearings for vertical hydropower units 
were not included in these experimental evaluations. Tilting-pad bearings in Swedish 
hydropower units consist of 8 – 24 pads, and in extreme cases up to 48 pads. In 2003 
Gustavsson and Aidanpää [3] presented a method of measuring bearing loads and later 
Gustavsson et al. [4] presented a method for determining the stiffness and damping from the 
measured bearing loads. According to Ong et al. [5] and Bonnett et al. [6], almost 40% of the 
failures in large electrical machines are related to bearing failures. 
 

NOMENCLATURE     

dr  Nominal speed [rpm]  Eigenvalues 
 Rotational speed [rpm]   Damping ratio 
n Natural frequency [rpm] UGB Upper generator bearing 

f(t) Load vector [N] LGB Lower generator bearing 
KM Magnetic pull [N/m] TGB Turbine guide bearing 
G Gyroscopic matrix Cb Diametrical bearing clearance [mm]
C Damping matrix Kxx … Kyy Bearing stiffness coefficients [N/m] 
K Stiffness matrix Cxx … Cyy Bearing damping coefficients [Ns/m]
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MACHINE PROPERTIES 
Properties of the hydropower unit are shown in Table 1 and the properties of the three radial 
bearings are shown in Table 2. 

Table 1. General machine data  
General Data for hydropower unit 
Turbine type: Kaplan 
Nominal output:  42 MW 
Nominal speed ( dr): 167 rpm 
Head:  34 m 
Mass runner: 65 metric tons 
Mass rotor: 197 metric tons 
Magnetic pull generator: 310 MN/m 
 
Table 2. Properties of radial bearings 
Component:  UGB  LGB  TGB 
Segments:  8 24 8 
Rotor diameter [mm]:  550 1700 950 
Diametrical clearance [mm]:  0.4  0.35  0.3 – 0.6 
Pivot type:  Rocker  Rocker  Ball 
Preload:  0 0 0.3 
 
MEASUREMENT SETUP 
On two occasions, a series of on-site measurements were performed on the hydropower unit. 
The purpose of the measurements was to identify and explain the cause of the resonance 
problem. On each bearing, the radial distance between shaft and bearing housing were 
measured, in both the x- and y-directions. For these measurements, inductive sensors, 
Contrinex DW-AD-509-M12, were used. The vibrations of the bearing housings were also 
monitored at each bearing. The drawing in Figure 2 shows the position of the displacement 
sensors and accelerometers on the upper generator bearing.  

 
Figure 2. Drawing of upper generator bearing. Displacement sensors were installed at position D 
and accelerometers were installed at position A. 
 
Strain gauges were installed on the turbine shaft. The strain gauges were used to measure 
bending moment, torque and axial load. The measured data from the rotating system was 
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streamed to the data acquisition unit and all data was simultaneously sampled at 640 Hz. Anti-
aliasing filters, with a cut-off frequency of 200 Hz, were used in order to avoid aliasing. 
 
CALCULATION MODEL 
As in all finite element calculations, the end result is implicitly dependent on how the various 
components in the mechanical structure have been represented. Within the Swedish 
hydropower industry there are a variety of different ideas regarding how bearings and their 
surrounding structures should be modelled in rotor-dynamic calculations. The natural 
frequency that is calculated depends on which bearing terms are included in the analysis and if 
the surrounding structure has been taken into consideration. Components included in the rotor-
dynamic calculation performed in this paper were the rotating structure, bearings and bearing 
brackets.  
The stiffness of the bearing brackets were calculated in the finite element software Abaqus. A 
prescribed load was applied to the housing, first in the x- then in the y-direction. The 
displacement of the bearing housing was calculated in each direction, and from the applied 
load and the calculated displacement, the stiffness of the bearing brackets was calculated. 
 

 
Figure 3. Schematic figure of radial tilting pad bearing 
 
Bearing properties for the three tilting-pad bearings were calculated in the “Journal bearing 
analysis” module in the rotor-dynamic analysis software Rappid. The solver is Navier-Stokes 
based and determines the journal’s operating position from a prescribed load, or solves the 
reaction load from a prescribed journal position. The calculations in this case were performed 
at a fixed prescribed load. The load, rotational speed, geometry of the bearing and properties 
of the lubricant determine the dynamic properties of the journal bearing. Figure 3 presents a 
schematic figure of a radial tilting pad bearing. Terms from the bearing calculations included 
in the rotor-dynamic calculations were the stiffness and damping terms, i.e. Kxx, Kxy, Kyx, Kyy, 
Cxx, Cxy, Cyx and Cyy. 
 

 
Figure 4. Rotor geometry 

 
Calculations of the hydropower unit’s natural frequencies were also performed in the 

software RAPPID. In the software, the rotor geometry is built up with discrete numbers of 
beam elements and connected nodes, see Figure 4. The program solves the eigenvalue 
problem for the equation of motion(1), The equations below describe a method of solving the 
eigenvalue problem. 

 
uKfKuuCGuM Mt  (1) 
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where f(t) is the time-dependent load vector and KM is the magnetic pull force acting on the 
rotor. M is the mass matrix, G is the gyroscopic matrix, C the damping matrix and K the 
stiffness matrix. By using a state vector TTT uux , equation (1) can be written in state 
space as 
 

bAxx  (2) 
 
where 
 

CGMKKM
I0

A 1
M

1  (3) 

and 

tfM
0

b 1   (4) 

 
Assuming a homogenous solution of the exponential form xh(t)=qe t and inserting this in 

Equation (2), then an eigenvalue problem is obtained as 
 
Aq = q, q  0  (5) 
 
where i are the eigenvalues and qj are the corresponding eigenvectors. From the analysis 

of the eigenvalues is it possible to study the damping ratio, stability and the eigenfrequencies 
of the system. The complex eigenvalues i can be written as: 

 

j1

j1
2

iiii1i

2
iiiii  (6) 

 
where 
 

2
i

2
i

i
i

2
i

2
ii

ImRe
Re

ImRe
  (7) 

 
In equation (7) i is the undamped natural frequency of the iht mode and i is the modal 

damping ratio associated with the iht mode. If the damping ratio, , is less than 1, the damped 
natural frequencies can be obtained from the imaginary part of the eigenvalue. 

 
RESULTS FROM THE MEASUREMENTS 
During the first series of measurements it was possible to force the hydropower unit into 
resonance by regulating the effect of the adjacent unit that shares the tailrace tunnel, up and 
down. During resonance, the amplitude of the shaft’s radial displacement increased at the 
bearings, Figure 5. During the time period 5 – 12 s in Figure 5, the amplitude increased in a 
controlled manner. When the time passed 12 s, the amplitude increased rapidly and the 
machine tripped out at 16 s. The dominant frequency, shown by the red line in Figure 5, also 
increased during resonance. 
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Figure 5. Displacement in the turbine guide bearing and change in dominant frequency ratio at 
twice the nominal speed. 
 

Before resonance, with normal operation, the dominant frequencies were at 1 x dr and 2 x 
dr, Figure 6. When the machine went into resonance, the dominant frequencies increase to 

2.4 x dr.  
 

 
Figure 6. Properties during resonance 
 
During the second series of measurements, it was not possible to force the unit into resonance. 
The output power from the adjacent hydropower unit was regulated in the same manner as in 
the first series of measurements. This procedure continued for approximately three hours, but 
no sign of resonant behaviour occurred. Properties such as the up stream and down stream 
water level and output power were the same as those measured on the previous occasion. One 
obvious difference between the first and second occasions was the bearing clearance, on the 
first occasion the diametrical clearance of the turbine guide bearing was normal, 0.35 mm but 
on the second occasion, the clearance was larger, 0.6 mm. Results from the measurements on 
the second occasion are shown in Figure 7. Radial displacements are large but no increase in 
amplitude occurs. 
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Figure 7. Displacement in the turbine guide bearing 

 
NUMERICAL RESULTS 
The stiffness of the bearing brackets was calculated in FE-software Abaqus. The stiffness of 
the upper generator bracket was 180 MN/m in the weaker direction and 210 MN/m in the 
stiffer direction. For the lower generator bracket, the stiffness was 3700 MN/m, and 2500 
MN/m for the turbine bracket (in both directions). The calculated stiffness of the bearing 
brackets was confirmed by measurements performed on site. Figure 8 below shows the 
geometry of the bearing brackets. 
 

 
Figure 8. Geometry of the hydropower unit. The pink components are the bearing brackets.  
 
The bearing properties were calculated for rotational speeds from 10 to 400 rpm. The 
calculations were performed at a prescribed load of 30 kN, for all bearing calculations. 
According to performed measurements, a 30 kN bearing load corresponds to a normal bearing 
load at each bearing for this machine during normal operation. 
The stiffness and damping in the turbine guide bearing are strongly dependent on the 
clearance of the bearing. Tables 3 and 4 present calculated stiffness and damping in the turbine 
guide bearing for diametrical bearing clearances between 0.3 and 0.6 mm . The bearing 
properties in Tables 3 and 4 are calculated at a nominal speed and with a 30 kN bearing load. 
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Table 3. Stiffness [MN/m] in the turbine guide bearing as a function of diametrical bearing 
clearance [mm]. 
Cb Kxx Kxy Kyx Kyy 
0.3 879.1 -2.8 2.3 663.9 
0.35 701.6 -2.1 1.9 456.9 
0.4 608.4 -1.4 1.8 338.6 
0.5 529.1 0.1 2.5 214.7 
0.6 503.7 2.0 3.9 152.1 
 
 Table 4. Damping [MNs/m] in the turbine guide bearing as a function of diametrical bearing 

clearance [mm]. 
Cb Cxx Cxy Cyx Cyy 
0.3 33.59 0.03 -0.06 26.66 
0.35 25.81 0.02 -0.04 18.09 
0.4 21.49 0.02 -0.03 13.17 
0.5 17.20 0.03 0.00 8.049 
0.6 15.16 0.05 0.03 5.503 
  

The unit’s dynamic sensitivity at different bearing settings was calculated, i.e. the bearing 
clearance of the turbine guide bearing was varied. The bearing clearances at the upper and 
lower generator guide bearings have significantly less effect on the machine’s natural 
frequencies. Figures 9 present the natural frequency and stability of the machine with a normal 
diametrical bearing clearance (0.35 mm). 
 

Figure 9. Calculated natural frequencies and stability of the machine with normal bearing 
clearance. 

 
At nominal speed there are several resonance frequencies close to 2 x dr. Furthermore, one of 
the eigenmodes close to 2 x dr has low damping at nominal speed (the red curve in Figure 9). 
When the clearance of the turbine guide bearing was increased, the dynamic properties of the 
machine changed.   

Figures 10 show the unit's four lowest damped natural frequencies, and its stability, as a 
function of the turbine guide bearing clearance (at nominal speed). The turbine guide bearing 
clearance during the first series of measurements was 0.35 mm. On the second occasion, the 
bearing clearance was 0.6 mm.  
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Figure 10. The effect on natural frequencies and stability of the turbine guide bearing clearance 
(at nominal speed). 
 

When the clearance of the turbine guide bearing is increased, the natural frequencies 
decrease slightly for all modes in Figure 10. For three out of the four modes in figure 10, the 
stability increases noticeably. The stability of the red curve increases from 6% at 0.3 mm 
bearing clearance to 18% at 0.6 mm bearing clearance. 

 
CONCLUSIONS 

The conclusion has been drawn that resonance frequencies close to 2 x dr at nominal 
speed and with high excitation of 2 x dr, are the cause of the resonance problem. These 
characteristics give rise to high excitation energy in the frequency range at 2 x dr and the 
increased vibration levels close to 2 x dr cause the excitation of the low damped resonance 
frequency at approximately 2.4 x dr. Excitation of the low damped resonance frequency at 
2.4 x dr causes an uncontrolled growth of displacement amplitude and the machine has to be 
shut down. In a previous paper [7] Nässelqvist presented a more detailed description the 
machines behavior during resonance. 
Possible measures to rectify the resonance problems were analyzed numerically. The objective 
was to find a solution that was both inexpensive and possible to implement. The effect of 
making the surrounding structures more rigid, the installation of additional guide bearings, 
making the shaft system more rigid, etc. were examined. Since there are several natural 
frequencies close to twice the machine’s operating speed, it is difficult to find a simple 
measure to resolve the problem of resonance. By replacing the intermediate shaft with a stiffer 
shaft, it is possible to displace the modes close to 2 x dr and thereby reduce the probability of 
the resonance problem occurring. This measure is however very expensive. The most cost 
effective measure was to increase the bearing clearance of the turbine guide bearing. This 
measure increases the margin of the critical natural frequencies at 2 x dr and increases the 
damping of the lowest damped mode, see Figure 10. But excessive bearing clearance can also 
cause damage to seals and, in the worst case, contact between the turbine and the turbine 
chamber wall. The machine is currently operating with a larger bearing clearance and has no 
problems related to resonance. However, the large bearing clearance results in high 
displacement amplitudes when starting up. 
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Abstract To determine a machine’s mechanical condition
it is of importance to know the radial bearing forces in the
machine. Radial forces are caused by magnetic pull forces
in the generator, clamped shafts, mass unbalance and flow
properties around the turbine. Measuring the shaft displace-
ment in the bearing or the bearing housing acceleration is
not sufficient for status determination of a vertical hydro-
power unit. It is the magnitude and frequencies of the radial
forces in combination with structure properties which give
information as to whether a measured value is harmful or
not. This paper presents an alternative method for mea-
surement of radial bearing load in a hydropower unit. The
method presented in this paper is based on strain measure-
ments on pivot pins. The pivot pins are placed behind the
bearing pad and the radial loads acting on the pad propagate
through the pivot pin. New pivot pins were purchased and
equipped with strain gauges. The new pivot pins were
calibrated and a transfer function between applied load and
measured output voltage was identified for each pivot pin.
After calibration the pivot pins were installed in a vertical
hydropower unit. Measurements were performed for several
different operating modes of the hydropower unit. To verify

that the measured load levels were of right order of
magnitude, the radial bearing loads were calculated from
numerical simulations of bearing properties and shaft
eccentricity measurements. The two methods for determin-
ing bearing load showed almost the same results. This
indicates that either method can be used to determine
bearing load.

Keywords Bearing load . Hydropower . Strain gauge . Shaft
displacement . Pivot pin

Introduction

Almost 40% of failures in electrical machines can be related
to bearing failures [1, 2]. High radial forces are likely to
cause bearing damage or machine failures, with economical
losses as a consequence. Knowing the radial forces that act
on the machine provides a good means of determining the
machine’s condition and can provide reliable condition
monitoring. In a machine, it is the magnitude and frequency
of the forces acting on the rotor and surrounding structure,
not the shaft and housing displacement amplitudes, which
degenerate the machine [3]. Unfortunately, condition
monitoring on hydropower units (HPU) is often focused
on absolute levels of shaft displacement and housing
acceleration, excluding its relation to load [4, 5]. Radial
bearing loads acting on a vertical HPU are both static and
dynamic. Static loads are mainly caused by unbalance
magnetic pull due to eccentric rotor position in the stator
[6], clamped shaft due to poor bearing alignment and
unsymmetrical flow properties in the turbine. Dynamic loads
are generated from rotor unbalance, shape deviations in
generator [7], and turbulent flow in the turbine [8, 9]. Figure 1
presents a schematic description of the hydropower unit.
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If the machine is equipped with a vibration monitoring
system that only monitors bearing housing acceleration,
it is not possible to monitor the static loads acting on the
machine, and estimation of the amplitudes of the
dynamic loads from the measured acceleration entails
knowing the stiffness of the bearing brackets and its
interconnections.

Condition monitoring systems using only shaft displace-
ment sensors also have their difficulties. It is possible to
estimate both static and dynamic loads if the stiffness and
damping are known as a function of shaft eccentricity, at
the current bearing clearance [10]. The bearing bracket in
HPUs often consist of large steel beam constructions, the
geometry changes with temperature, as the generator
temperature varies from between 15 and 80°C. The thermal
expansion of the beams influences the bearing clearances,
which changes the relation between bearing properties and
radial displacement.

Measurement of bearing loads in industrial applica-
tions has been performed previously. In marine applica-
tions Grant [11] used load cells installed behind the
bearing pad to determine radial loads. This method is also
being used in an ongoing project involving measurements
on a vertical hydropower unit [12]. Bearing loads in
hydropower units have also been measured using strain
gauges installed on the structure supporting the bearing
housing [13]. The choice of which method is most
appropriate depends on the scope and prerequisites of the
measurement being undertaken. The advantage of using
commercial load cells placed behind bearing pads is that it
is possible to select a suitable load range for the sensor.

The disadvantage of this method is that a load cell placed
behind a bearing pad generally causes a reduction in total
radial stiffness. Measurements performed with strain gauges
installed on the pedestal generally show high temperature
sensitivity and low strains at normal bearing loads and may
also be affected by electrical noise. The structures are, in
general, stiff structures built for high radial loads. Large steel
beams are commonly used as construction parts in the
pedestals, see Fig. 1. The thermal expansion is therefore
high in relation to the strains that the radial loads cause.

The advantage with the method using strain gauges
installed on the pedestal is that no operations inside the
bearing are needed and the properties of the machine are
not changed. This method is therefore well suited to
measurements performed on machines that are still under
warranty from the manufacturer, i.e. no operations inside
the machine are allowed. The cross section surface area of
the pivot pin is approximately ten times less than the area of
the pedestals cross section. For a given radial bearing load
the strain will be higher in the pivot pin than in the
pedestal. Higher measured strains give a better resolution
on the measured loads and reduce the influence of electrical
noise. The reason why the method presented in this paper
has been developed is the need for a method that measures
radial bearing loads with high accuracy, given the high
strain from applied load during normal operation in relation
to the strain caused by thermal expansion. However, the
total stiffness of the structure needs to be unaffected to
avoid changes in the machine’s dynamic properties.

Measuring the radial bearing loads in combination with
measured shaft displacement and the phase between load
and displacement provides opportunities for calculating
bearing parameters such as stiffness and damping [14, 15].

Bearing Configuration

The machine on which the measurements were performed
is equipped with three hydrodynamic radial tilting pad
bearings in the form of a upper generator guide bearing
(UGB), a lower generator guide bearing (LGB) and a
turbine guide bearing (TGB), see Fig. 1. Load measure-
ments were performed in all three bearings simultaneously.
The pads of the generator guide bearings (GGB), upper
and lower, have a total arc length close to 350°, i.e. there
is a small circumferential gap between the pads. The pads
in the GGBs have also almost the same pad length as arc
length. Bearings with pads with these properties are
frequently used in Swedish hydropower units. The TGB
is a new type of tilting pad bearing design only used in a
few HPUs in Sweden. The TGB has a large circumferen-
tial gap between the pads and a significantly smaller arc -
pad length relationship than the GGBs. In Table 1 the

Fig. 1 Schematic depiction of a hydropower unit
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bearing properties are presented and Fig. 2 show the
components of the bearings.

Method

Radial bearings of tilting pad type in hydropower units
consist of bearing pads, pivot pins (PP) and shims or
wedges, see Fig. 2. When the machine rotates, a pressure
is built up between the pad and the journal, the function of
the pivot pins being to allow the pad to tilt into an
equilibrium position caused by the pressure distribution on
the pad. To change the clearance in bearings of the type
used for the GGBs, the shims are replaced by a different
shim thickness. The shims are placed between the pad and
the pivot pin. To change shims, the pad must be removed
from the bearing housing. In most of the newer types of
bearings, including the bearing in the TGB, a wedge is
placed between the pivot pin and the housing. To adjust
the clearance, the vertical position of the wedge is
adjusted, a procedure that can be performed without
removing the pad.

The majority of the radial guide bearings installed in
Swedish HPU are of the GGB type. Recently, some
bearings more like the TGB have been installed in Swedish
HPUs.

Bearing Load Measurement

By installing strain gauges (SGs) inside or on the side of
the pivot pins it is possible to measure the strains in the
pivot pins caused by the radial load acting on the bearing.
From the measured strain it is possible to determine the
radial load acting in the pivot pin, i.e. the load acting on the
bearing pad.

Prototypes

To develop a method that determines the load acting on the
pivot pin, prototypes equipped with strain gauges were
made. The purpose of the prototypes was to find a SG
installation in the PP that gave the highest possible
measured strain in relation to the applied load, but still
had low hysteresis. Figure 3 shows a schematic depiction of
a modified PP and one of the prototypes.

Different installation positions for different strain
gauges were evaluated on the prototype pivot pins.
Installations were performed with strain gauges on the
side, position SG1 in Fig. 3, and underneath the pivot pin,
position SG2 in Fig. 3. Finally, the installation of a strain
gauge inside the pivot pin, position SG3 in Fig. 3, was
tested. For installations with the SGs on the side and
underneath the pivot pin, a regular XY strain gauge from
HBM (HBM K-XY31-3/350) was used in different bridge
configurations. For the method using a strain gauge
installed inside the PP, a small hole was drilled from
underneath the PP and through two-thirds of its thickness.
The gauge was inserted into the hole and bonded in place
using adhesive EP-18. To determine the behavior of the
installed SG the prototype PPs were loaded axially from
0 kN to 100 kN and back to 0 kN, in steps of 10 kN. The
strain was measured during the on and off loading.

The last method, SG installed inside the PP, gave the
lowest hysteresis and the highest measured strain in
relation to applied load. The SG used in the last method
is made by Kyowa and is type KFG-3-120. KFG-3-120

Parameter UGB LGB TGB Units

Number of pads 8 24 8 [−]
Bearing clearance 0.5 0.6 0.55 [mm]

Journal diameter 550 1700 950 [mm]

Pad offset 0.6 0.6 0.6 [−]
Pad preload 0 0 0.2 [−]
Pad length 240 200 150 [mm]

Pad arc length 44 14.5 30 [degrees]

Pivot type Rocker Rocker Ball [−]
Oil type ISO VG 68 ISO VG 68 ISO VG 68 [−]

Table 1 Properties for genera-
tor guide bearings and turbine
guide bearing

Fig. 2 Components in turbine guide bearing and generator guide bearing
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is normally used for bolt pre-load measurements [16].
Table 2 presents properties of the SGs.

For the load measurements on the HPU, the last
method using SG3 was chosen. In the prototype measure-
ments and in the measurements on the HPU the SG3 was
configured in a Wheatstone quarter-bridge configuration
using a single active strain gauge, see Fig. 4. The supply
voltage, V+ and V− to the bridge was 4.2 V and −4.2 V
respectively. To determine the strain the voltage difference
between S+ and S− was measured and amplified in the
amplifier. The amplification factor of the amplifier was set
at 200 μStrain/V and the output voltage from the amplifier
was acquired in the data acquisition unit (DAQ). The
amplifiers used for the measurements were made by
Vattenfall Research and Development and the DAQs used

were 8 x NI SCXI-1140. The measured data were sampled
at 640 Hz simultaneously on all channels and 4th order
anti-aliasing filters with a cut off frequency of 200 Hz
were used.

Applying the Method on the Machine

To install the load measurement system in the HPU all the
pivot pins had to be replaced. For all three guide bearings, a
total of 40 new pivot pins were purchased and modified by
the manufacturers of the bearings. A hole was drilled in the
centre of each pivot pin and small tracks were milled for the
wire installation, see Fig. 5. To determine the relationship
between applied load and measured strain each PP was
calibrated individually.

Calibration

Each pivot pin was loaded to 100kN and back to 0 kN in
steps of 10 kN. During loading the measured output voltage
from the amplifier, VPPi, and applied load were registered
for each PP. From the measured voltage and the applied
load a second order calibration polynomial was determined

Fig. 3 Schematic depiction of a modified pivot pin (a) and one of the
prototype pivot pins (b)

Table 2 Properties off Kyowa KFG-3-120 and HBM K-XY31-3/350

Parameter KFG-3-120-C20-11 HBM K-XY31-3/350

Gauge length 3 mm 3 mm

Resistance 120.4±0.4 Ω 350±0.35 Ω

Gauge factor 2.0±1% 2.07±1%

Diameter 2 mm –

Fig. 4 Schematic diagram of the measurement setup

Fig. 5 Modified pivot pins for turbine guide bearing (a) and generator
guide bearing (b)
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for each PP. Equation (1) presents the relationship deter-
mined between applied load and measured voltage.

fi ¼ k3i � VPPi
2 þ k2i � VPPi þ k1i ð1Þ

where fi is the load acting on pivot pin i and k1i :::: k3i are
constants. Figure 6 presents the applied load as a function
of measured voltage for the PPs in the LGB. The PPs used
in the TGB are of more rigid construction and showed a
lower strain in relation to applied load.

Installation

After the pivot pins had been modified and calibrated,
the pivot pins were installed in the HPU. Installing the
pivot pins in the LGB was time consuming. The LGB
consists of 24 bearing pads, the space between the
generator and the thrust bearing is small and the bearing
clearance adjustment procedure was elaborate, see Fig. 7.
Between the strain gauge and the amplifier there is a
wire which will break if the pivot pin rotates. There for
all PPs must be locked from rotation. The PPs were also
exposed to heat and oil inside the bearing necessitating
the use of wires and adhesive suited for these conditions.
The strain gauge installation was covered with a
protective coating (HBM NG 150). Total time for
installation and measurements was approximately 10
working days for 5 persons.

Sensors for measurement of shaft displacement, bearing
housing acceleration, rotational speed and generated power
were also installed. The displacement sensors were installed
in all three bearings and measured the shaft displacement
relative to the bearing housing in directions + X,+Y,-X,-Y
in Fig. 1.

Calculation of Total Radial Load in Bearing

The loads acting on the bearings were determined from
the measured voltage output from the strain gauge
amplifiers and the calibration polynomials. The load
acting on each pivot pin was determined. From the
measured loads in the PPs, the total force in X and Y
directions are determined by adding up the calculated
force from each PP with respect to the installation angle.
See equation (2),

fx¼
Xn

i¼1

fi � sinð8 iÞ

fy¼
Xn

i¼1

fi � cosð8 iÞ

ð2Þ

where fx and fy are the forces acting in the X and Y
directions, φi is the installation angle of pivot pin i
related to upstream river direction (+Y) and n is the
number of bearing pads, i.e. number of pivot pins. All
three bearings that these measurements were performed
on are symmetrical with respect to the pad layout. In the
calculation of the total bearing force it was assumed that
the thermal influence was equal for all PPs. Symmetrical
bearing layout and equal thermal influence on the PPs
lead to elimination of the thermal effect on the total
bearing load.

Fig. 6 Calibration of pivot pins. The line represents the average
voltage of the 24 pivot pins during loading and the dashed line
corresponds to off-loading. The box-and-whisker diagrams illustrate
the spread of the measured data in the pivot pins

Fig. 7 Installation of modified pivot pin in lower generator bearing
(a) and turbine guide bearing (b)
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Simulation of Radial Load in Bearing

To get an indicator of whether the measured load levels are
of the right order of magnitude, the results were compared
with the radial bearing loads calculated from measured
radial shaft displacement and bearing parameters. Bearing
load can be estimated from measured shaft eccentricity
multiplied by bearing stiffness calculated from simulations
in commercial software. In bearing dynamics software it is
possible to calculate radial bearing load at a prescribed
bearing clearance and journal eccentricity. After installation
of the new pivot pins the bearing clearances were measured
since current bearing clearance had to be known to achieve
the correct relation between shaft eccentricity and bearing
stiffness. Eccentricity is defined as the radial displacement
divided by the radial bearing clearance. The results from the
bearing load simulations are approximated to an exponen-
tial load-eccentricity function, equation (3). The radial
loads are calculated by inserting the eccentricity vector in
the equation.

F"ðtÞ ¼ k � eke�"ðtÞ ð3Þ

where k and ke are constants, ε is the time dependent radial
deccentricity vector and Fε is the calculated radial force
vector. How well the approximated function corresponds to
the simulated values is determined by the mean square
value,the R2 value. A value of R2=1 corresponds to a
perfect match between the simulated values and the
approximated function.

In the above calculation the damping and cross-coupled
stiffness terms are excluded. In tilting pad bearings the
cross coupling terms are significantly smaller than the
direct terms [9].

Results from Load Measurement

Measurements were performed for several different operat-
ing modes. Figures 8, 9 and 10 below present the results
from the measurements performed on the unit during start-
up and power ramp-up. Figure 8 presents the power output
and the rotation speed. From time 0 to time 60 s the power
is zero and the rotation speed of the machine increases. At
approximately 80% of nominal speed, at time 40 s, the
generator is magnetized, still with 0 MW power output and
not connected to the grid. At approximately 66 s the
machine is connected to the grid. From time 66 s to time
170 s the power increases to 38 MW.

Figure 9 presents the displacements and loads in the
LGB during start up and power ramp-up of the machine.
Figure 9(a) presents the magnitude of the radial displace-

ment of the shaft in the LGB and Fig. 9(b) presents the
measured radial load acting on the LGB. The figures only
cover the dynamic part of the radial displacement and load.
Figure 9 show that the displacement and the load have the
same characteristics during start-up and power ramp-up.
The radial load and displacement increase when the
generator is magnetized.

Figure 10(a, c, e) presents the loads in all three radial
bearings when the machine is operating at a good
efficiency rate, the measurement being performed at a
constant 30 MW power output. The radial loads in the
turbine are low. At 0 MW power output the radial loads in the
turbine are significantly higher, see Fig. 10(b, d, f). The loads
in the other two bearings are slightly lower at 0 MW

Fig. 9 Dynamic radial displacement (a) and bearing load (b) in lower
generator bearing

Fig. 8 Power output (solid line) and rotational speed (dashed line)
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power output than at 30 MW. Stator ovality and rotor
eccentricity causes an oval shape of the load orbits
measured at the generator bearings.

To verify that the measured load levels in the LGB were
of right order of magnitude, the radial bearing loads were
calculated from numerical simulations of bearing properties
and shaft eccentricity measurements. Figure 11 presents the
results from the bearing simulations and the relationship

between prescribed eccentricity and bearing load for the
LGB.

The coefficients for equation (3) were determined for the
eccentricity range of 15 to 73%, k=3.98, ke=13.93 and R2=
0.99. Measured eccentricities during start up and power
ramp-up were inserted in equation (3). Figure 12 presents
the load calculated from bearing simulation and measured
displacement.

Fig. 10 Measured loads in upper
generator bearing (a–b), lower
generator bearing (c–d) and
turbine guide bearing (e–f).
Figures (a, c and e) were
measured at 30 MW power
output and the (b, d and f) at
0 MW power output
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Installation Costs

Installing strain gauges in pivot pins and then installing the
pivot pins in a HPU is expensive unless a change of bearing
pads is already planned. The time needed for installation
depends on the construction of the bearing. Also the
disassembly of the bearing housing and the modification
of components to allow wiring between PPs and amplifier
are time consuming.

The component costs for the load measurement method
are low, except for the amplifiers and the DAQ, although
these can be reused. Kyowa’s KFG-3-120 costs approxi-
mately 10 USD each and making a PP costs between 100
and 500 USD.

Depending on how complicated the bearing construction
is, the installation time for this bearing load measurement
method should be between 5 and 10 working days for 2–5
mechanics. The largest cost for this measurement method is
therefore the man-hours and possible production losses.

Discussion

Determining the bearing load from journal eccentricity and
bearing simulations involves calculations of bearing prop-
erties and knowledge of current bearing clearance. The

bearing clearance changes with thermal changes in the
housing and surrounding structure, which complicates the
use of this method to determine bearing load. In the LGB in
this HPU the bearing clearance decreased almost 20%
between cold and warm machine when the thermal
expansion of the pedestal causes a compression of the
bearing housing. Measuring the shaft displacement in all
four directions (+X, +Y, −X, −Y) makes it possible to
compensate for changes in the bearing clearance. However,
it is only possible to achieve approximate results with this
method, due to simplifications in the representation of
bearing parameters.

Accuracy in radial load measuring methods is of great
importance. Using reliable load measurement methods
makes it possible to determine if machine status and
behavior are critical for the machine’s operation. Reliable
measurement methods also give better opportunities to plan
maintenance and to perform better consequence grading of
detected defects. Depending on the consequence grading,
decisions can be made regarding if a problem has to be
taken care of immediately or can be postponed to a more
suitable production situation.

The cost of measuring loads directly with strain gauges
in pivot pins is higher than calculating loads from bearing
simulation and eccentricity measurements. Low uncertainty
in the pivot pin method leads to this method being
preferable, and if the bearings in the machine are equipped
with wedges it should be quite easy to install new pivot
pins equipped with strain gauges.

Conclusion

This paper presents a method for measuring bearing load by
using strain gauges installed in pivot pins. To verify this
method, bearing loads were also estimated from measured
shaft displacement in bearing and calculated bearing
stiffness. The two methods for determining bearing load
showed almost the same results, see Figs. 9(b) and 12. This
indicates that either method can be used to determine
bearing load. From time 0 to time 60 s the rotational speed
of the machine is below synchronous speed, see Fig. 8. The
coefficient used in equation (3) to calculate the bearing load
is based on bearing data calculated at synchronous speed.
Calculated bearing load can therefore deviate from mea-
sured load for time 0 to time 60 s. When comparing Figs. 9
(b) and 12 form time 60 to time 150 s the calculate load is
more noisy than measured load, which is possibly caused
by vibrations in the carriers of the displacement sensors.
The method using strain gauges installed inside pivot pins
is more reliable than the method using bearing properties
and eccentricity to calculate bearing load. Thermal influ-
ence on the structure and bearing parameters does not affect

Fig. 12 Load calculated from shaft displacement and the load-
eccentricity function

Fig. 11 Radial bearing load as a function of eccentricity, in lower
generator bearing
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the load measuring method using strain gauges installed
inside pivot pins. An important feature with the pivot pins
load measuring method is that it has no influence on the
structure’s total stiffness
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Abstract: 
It is of importance to monitor radial loads in hydropower units in order to protect the machine from harmful 
radial loads. Existing recommendations in standards regarding radial movements of shaft and bearing housing 
in hydropower units, ISO-7919-5 and ISO-10816-5, have alarm levels based on statistical data and do not 
consider the mechanical properties of the machine. The synchronous speed of the unit determines maximum 
recommended shaft displacement and housing acceleration according to these standards. This paper presents a 
methodology for alarm and trip levels based on the design criteria of the hydropower unit and measured radial 
loads in the machine during operation. When the hydropower unit is designed, one of it is design criteria is to 
withstand certain loads spectra without occurrence of fatigue in the mechanical components. These calculated 
limits for fatigue are used to set limits for the maximum radial loads allowed in the machine before it shuts down 
in order to protect itself from damage due to high radial loads. 
Radial loads in hydropower units are caused by unbalance, shape deviations, dynamic flow properties in the 
turbine, etc. Standards exist for balancing, and manufacturers (and power plant owners) have recommendations 
for maximum allowed shape deviations in generators. These standards and recommendations determine which 
loads, at a maximum, should be allowed before an alarm is sent that the machine needs maintenance.  
Radial bearing load can be determined using load cells, bearing properties multiplied by shaft displacement or 
bearing bracket stiffness multiplied by housing compression or movement. Different load measurement methods 
should be used depending on the design of the machine and accuracy demands in the load measurement.  
The methodology presented in the paper is applied to a 40 MW hydropower unit; suggestions are presented for 
alarm and trip levels for the machine based on the mechanical properties and radial loads.  

Keywords:
Vibration, bearing, load, hydropower  



1. Introduction 

Fig. 1 Components in a hydropower unit 

Different methods are used to monitor and protect the hydropower unit from harmful operation modes. 
Eccentricities and shape deviations in generators [1], mass unbalances in rotors [2], dynamic flow properties in 
turbines [3], etc. cause radial loads on bearings and supporting structures. Fig. 1 presents components in a 
hydropower unit. Demands on the unit’s instrumentation are dependent upon the importance of the unit and the 
cost of outage. Some older units do not have an installed vibration monitoring system, but most units are 
equipped with shaft displacement sensors or accelerometers to monitor vibrations in the unit. There are also units 
equipped with air gap sensors that measure the distance between the generator’s rotor and stator. In some 
hydropower units, load cells are installed inside the bearing or bearing bracket in order to monitor radial loads on 
the structure. Several different types of sensors and methods can be used to monitor vibrations in a hydropower 
unit; the key issue with vibration monitoring is to protect the machine and avoid outage.  
The recommendations in various standards for permitted vibration level values are often used as an aid to 
determine and decide if a unit is to be stopped for maintenance. ISO 7919-5 [4] and ISO 10816-5 [5] divide 
vibration levels into classes with increasing levels from Class A to Class D, where Class A is a good machine 
that does not need attention while Class D is a machine that should be stopped for immediate corrective action. 
The permitted levels for each class vary with the unit’s rotational speed; low speed permits higher values of 
vibration levels in each class compared to high speed. According to Totir et.al. [6], ISO 7919-5 and ISO 10816-5 
are not sufficient as vibration monitoring standards. The recommended vibration levels for each class are based 
on the unit’s rotational speed and statistical data; consideration is not taken of the physical properties of bearings 
and brackets, which strongly affect the relationship between radial load and vibration levels as well as which 
vibration levels the components can withstand.  
The objective of this paper is to present a vibration monitoring methodology based on the physical properties of 
the hydropower units, i.e. based on design criteria of the hydropower unit and the measured radial loads in the 
machine during operation.  
The structure of this paper is to first describe the theoretical background regarding how to determine vibrations 
and forces in hydropower units. Following this an example of design criteria for hydropower units is presented. 
Subsequent sections 4 and 5, present a proposed methodology for vibration monitoring and an example of how 
the methodology is applied to a hydropower unit. Finally discussions and conclusions regarding the methodology 
are presented. 



2. Radial forces and vibrations in hydropower units 
In order to evaluate the radial movement’s influence on the structure, the stiffness (and in some cases damping) 
properties should be considered. In a vertical hydropower unit, the radial forces that influence the radial bearing 
and bracket are ideally equal to zero. The pressure generation that act on the bearing segments is balanced 
internally in the bearing housing and does not influence the surrounding structure. Unfortunately, there are no 
ideal machines. All machines are more or less affected to some degree by deviations in geometry, balancing of 
the rotor, stator and rotor eccentricity, dynamic flow properties in the turbine, etc. 

2.1. Interaction between bearing and the bearing bracket 
In situations where vibration measurement is performed with accelerometers mounted on bearing housings 
connected to stiff brackets and the stiffness properties of bearing and bracket are neglected, the vibration level of 
the shaft will be greatly underestimated. In situations where measurement is performed with displacement 
sensors measuring the distance between shaft and housing in a machine with a stiff bearing, an underestimation 
of the shaft movement will occur since the greatest displacement will be in the bracket. It is important to 
consider the combined stiffness and damping properties, not only the bearing or bracket properties. Figure 2 
presents a schematic description of bearing and bracket where kij is the stiffness parameters of the bearing, cij is 
the damping parameters of the bearing and hij is the stiffness parameters of the bracket. The displacement vector 
u rotates with the frequency  in the fixed coordinate system oriented at the geometrical centre of the bearing. 
 

Fig. 2 Schematic figure presenting bearing and brackets in a hydropower unit. 

The combined stiffness and damping properties (fluid film properties in the bearing combined with bearing 
bracket properties) are calculated using the impedance method [7]. In Eq. 2, assume that a force acting on the 
bearing, caused by the rotor, is represented as f and bearing stiffness as K and bearing damping as C. Absolute 
displacement of shaft and housing is presented as uS and uH; the shaft displacement in the bearing (i.e. shaft 
displacement relative to bearing centre) is HS uuu . The relationship between bearing load and bearing 
properties will be treated later in the paper.  

The equation of motion for the bearing is formulated as: 
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In most conventional bearing models, the fluid inertia forces are disregarded [12]. The bearings’ fluid inertia 
properties will be disregarded in the remainder of this paper.  For a purely harmonic motion with a whirl 
frequency of  the equation of motion for the bearing is formulated as [13]: 

HS
HxSy

HxSx

yyyyyxyx

xyxyxxxx

y

x

uu
uu

cikcik
cikcik

f
f

uuZ  (2) 

Radial loads, f, acting on the bearing also acts on the bearing bracket; the relationship between force and 
displacement, for a bearing bracket with stiffness H, is presented in Eq. 3. 
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The damping and the cross-coupled stiffness in the bearing bracket are neglected, the bearing brackets are made 
of steel beams. The relationship between displacement and combined stiffness and damping properties can be 
written in short form as:  
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where cc i CKD  is the combined properties of the bearing and bracket, cK  is the combined stiffness and 

cC is the combined damping.  

If the stiffness is assumed to be linear in both the bearing and the bracket, the shaft’s displacement will be 
distributed between the bearing and the bracket according to Fig. 3. Figure 3 also shows the change in the 
combined damping, in relation to the bearings damping, depending of the stiffness relationship between shaft 
and bracket. The abscissa shows the stiffness relationship between the bearing and the bracket. In a hydropower 
unit with a design according to Fig. 1, the stiffness of the bearing bracket varies between 0.2 GN/m to 4 GN/m 
depending on how the inner and outer parts of the bracket are connected and the dimensions of the steel 
structure. Bearing properties at “normal” operation for machines according to Fig. 1 are kxx,kyy~0.4-2 GN/m and 
the cross coupled stiffness terms, kxy and kyx are significantly less kxx and kyy for tilting pad bearings [8]. The 
damping, cxx and cyy, in the bearing is set to 0.1 GNs/m in the example presented in Fig. 3. These assumed values 
of bearing properties are strongly dependent on bearing clearance and operation conditions (i.e. bearing load). 
The values can deviate far from these assumed ones, but to visualise the importance of bearing and bracket 
properties, these values were used to generate Fig. 3. 
The functions in Fig. 3 shows the distribution of the shaft’s total displacement between the shaft’s movement in 
the bearing and the bearing housing movement, i.e. usj/uj respectively uhj/uj. Figure 3 also presents the 
relationship between total damping and the bearings damping, i.e. ccjj/cjj. The reasoning above is very simplified 
and does not take into consideration the fact that a journal bearing is non-linear and that the stiffness change 
greatly depends upon for which eccentricity the stiffness was calculated. This demonstrates the difficulty of 
evaluating vibration data collected from displacement sensors or accelerometers without knowing the properties 
of the bearing and bracket. 



 
Fig. 3 Total damping and distribution of motions in the bearing and the bracket   

2.2. Radial forces in a hydropower unit 
The rotor in a hydropower unit will influence the radial bearing with forces that can be both static and dynamic. 
Static loading of the bearing is not possible to detect with accelerometers since the static forces do not create 
vibrations in the structure. 
Static forces caused by e.g. large stator eccentricity can, however, result in large forces on the bearing, 
supporting structure and stator. The forces vary, though, at the unit’s starts and stops and thereby contribute to 
fatigue of components in the unit. Dynamic loading of the structure is easy to detect with modern vibration 
equipment since a varying force gives rise to displacements that can be detected by using accelerometers or 
displacement sensors. 
Different methods have been used to determine radial forces in vertical hydropower units. For “direct” force 
determination, load cells have been installed behind pivot pins [9], strain gauges have been installed inside 
bearing pivot pins [10] and strain gauges have been installed on bearing brackets [11]. Forces can also be 
determined from bearing housing movements (measured with accelerometers) multiplied by stiffness of the 
bracket connecting the housing to the concrete structure. Radial forces determined from accelerometer 
measurements only include dynamic loads. The static radial load is not possible to measure by using 
accelerometers.  

2.3. Determination of bearing loads using shaft displacement measurements 
A method using bearing properties and shaft movements has also been developed to determine radial loads in 
guide bearing in hydropower units. Radial guide bearings in large hydropower unit are hydro dynamic journal 
bearings, often of tilting pad type.
As presented earlier in this paper, the force in the bearing is caused by relative movements between shaft and 
bearing housing. The dynamic properties of a bearing, i.e. K and C are dependent on the bearing geometry, 
properties of the lubricant, rotational speed, eccentricity, etc. The shaft eccentricity, , in a radial bearing is the 
relationship between the radial shaft displacement and the radial bearing clearance. At small eccentricities (  < 
0.6 ), the bearing properties of journal bearings used in hydropower units can be considered as linear and there 
are no analytical expressions to determine dynamic properties for tilting pad bearings [8, 13]. To determine the 
dynamic properties of tilting pad bearings numerical calculations are required. Bearing dynamics software often 
enables bearing parameters to be calculated at a prescribed bearing load or journal eccentricity. Fig. 4a-b 
presents results from a calculation of direct stiffness and damping properties (kxx and cxx) as a function of 
eccentricity at a fixed bearing clearance and rotational speed for a tilting pad bearing in a hydropower unit. The 
calculations were preformed in RAPPID-RDATM, a commercial rotordynamic analysis software. 



Fig. 4a-b Stiffness and damping properties as a function of eccentricity for a tilting pad bearing 
in the hydropower unit.

If all bearing properties are calculated, i.e. also kxy, kyx, kyy, cxy … cyy, the calculated bearing load as a function of 
eccentricity will be as presented in Fig. 5 according to Eq. 2 (for eccentricity angle 0). 

Fig. 5 Bearing load as a function of eccentricity. 

To determine the bearing load from a measured shaft displacement and calculated bearing parameters, the 
bearing parameters for the present bearing clearance and the shaft’s displacement relative to the bearing centre 
must be known. The bearing clearance changes depending on the temperature of the bearing, surrounding 
structures and shaft. Using four displacement sensors at each bearing, installed with 90 degrees separation, it is 
possible to compensate for thermal changes and determine the centre of the bearing. The bearing centre and 
clearance are determined using a hydraulic jack to push the shaft in +x, -x, +y, -y direction and using the sensors 
to register the centre position and bearing clearance. Fig. 6 presents the position of the sensors and the thermal 
changes that influence the bearing clearance. 



Fig. 6 Position of displacement sensors and the thermal change’s influence on bearing 
clearance. 

When bearing clearance is measured on a hydropower unit, and symmetric shape variation due to temperature 
and external forces are assumed, then both of the shaft displacements from the centre and the change in bearing 
clearance can be described. In Fig. 6 cmx represents the measured radial bearing clearance in x-direction. When 
the temperature in the bearing changes, the bearing clearance also changes due to changed shaft and bearing 
diameter. From Fig. 6 the present radial bearing clearance, cbx, can be determined by adding and subtracting the 
geometrical changes of bearing, db, and shaft, ds, to the measured bearing clearance, i.e. cbx= cmx+ db- ds.
When the shaft is displaced the distance x in x-direction, see Fig. 6, the distance between the bearing surface and 
the shaft surface at Sensor 1 is cbx-x and cbx+x at Sensor 3. Half the sum of Sensor 3 and Sensor 1 then represent 
the radial bearing clearance (cbx+x+cbx-x)/2 = cbx. Half the difference between Sensor 3 and Sensor 1 provides the 
shaft’s displacement from the centre of the bearing ((cbx+x)-(cbx-x))/2 = x. Using corresponding reasoning, the 
displacement of the y-axis can also be obtained. 

Table 1. Measured bearing clearance in x-direction  
Time Bearing clearance [mm] 
2.00 pm 0.41 
7.00 pm 0.38 
9.00 pm 0.39 
10.30 pm 0.37 

The changes in bearing clearance due to thermal changes are normally less than 15% of the bearing clearance, 
but the changes still influence the bearing parameters and must be taken into consideration. Table 1 presents an 
example of how bearing clearance changes due to thermal properties of the machine. Time 2.00 pm in Table 1 
corresponds to machine start-up after being out of operation overnight (cold machine), at the other points of time 
in Table 1 the machine has been in operation for several hours. 

Knowing the radial shaft displacement in the bearing, present bearing clearance and bearing properties at these 
eccentricities, the load can be determined provided that the magnitude of the eccentricity is decisive for the 
bearing properties, not the relationship between the static and dynamic parts of the eccentricity. By calculating 
the eccentricity of the shaft in the x- and y-directions the total eccentricity of the shaft, t, and the phase, , will 
be as in Eq. 5.  
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Fig. 7 below presents bearing load as a function of eccentricity and bearing clearance. By generating a function 
or look-up table for the data in Fig. 7, the load is determined by inserting bearing clearance and eccentricity. 

Fig. 7 Example of calculated bearing load as a function of bearing clearance and eccentricity 
for tilting pad in a hydropower unit. 

2.4. Measured bearing load and bearing load calculated from shaft displacement and bearing properties 
Figure 8 presents a comparison between measured and calculated bearing load at the upper generator bearing for 
a 40 MW hydropower unit at synchronous operation. Bearing load was measured using strain gauges installed 
inside the pivot pin and is presented as the upper figure in Fig. 8. Shaft displacement was measured using 
displacement sensors and the load-eccentricity-clearance relation presented in Fig. 7 is calculated for the upper 
generator bearing of the 40 MW unit. The measurement was performed at 9.00 pm with a corresponding bearing 
clearance of 0.39 mm as shown in Table 1. To determine the bearing load from the measured shaft displacement; 
the load-eccentricity-clearance relation in Fig. 7 is multiplied with the eccentricity of the shaft. The lower figure 
in Fig. 8 presents the bearing load calculated from the shaft displacement and bearing properties. 

Fig. 8 Bearing load determined using strain gauges inside pivot pin (upper figure) and shaft 
displacement multiplied with bearing properties (lower figure). 



3. Design criteria for mechanical components in a hydropower unit 
When new machines are manufactured, components are designed according to specific design criteria. Several of 
the mechanical components in a hydro-electric power plant are constructed for loads that vary according to 
factors such as power, temperature, starts and stops, hydraulic loads, unbalances, its own weight and faults that 
may occur. 
 
3.1. Fatigue 
The design criteria of the unit stipulate how the unit is to be used and how many times it can be started and 
stopped during its technical lifetime. The number of cycles and events provides input data for the load spectra 
that is used as support for fatigue design of the unit. Examples of load components included in the spectra are 
presented in Table 2. 

Table 2. Examples of included load spectra for components in a hydropower unit. 
Events  # Load cycles Ni 
1: Nominal operation start-stop cycles. Contribution from 
maximum eccentricities are included. 

40 x 360 x 2* 28800 

2: Assumed number of short-circuits during lifetime multiplied by 
factor 6 (this includes connection out of synchronism). 

10 x 6 60 

3: Assumed number of runaways during lifetime multiplied by 
factor 6. 

10 x 6 60 

4: Assumed number of load rejections during lifetime multiplied by 
factor 6. 

600 x 6 3600 

5: Mechanism for guide vane and rotor blade manoeuvring, 107

load cycles from maximum closing force to maximum opening 
force. 

 107

6: Unbalance and generator eccentricities (occurring once per 
revolution) 

  >107

*40 years x 360 days x 2 start-stops /day 

Using the load spectra determined by the customer, the machine is designed considering structural strength and 
fatigue. In order to avoid damage to mechanical components, it is important to know the design load for 
components and to monitor the loads that occur in critical components. As regards damage caused by high loads 
from the rotating structure, the damage often occurs in bearings, welding in bearing brackets, shaft couplings and 
interconnection. When a new machine is designed, the manufacturer performs finite element analysis (FEA) and 
fatigue analysis based on the customer’s load spectra. In order to protect the machine from harmful loads, it is 
important that the customer retain information regarding these loads. For old machines where fatigue 
calculations are not available, the critical components should be identified using FEA and critical loads 
determined using fatigue analysis. “Normal” load levels, both static and dynamic, that should occur in a 
hydropower unit can be estimated from balancing standards, limitations regarding shape deviations in the 
generator and experiences from measured loads in a hydropower unit.  
 
3.2. Balancing grades 
The ISO 1940-1 balancing standard gives recommendations for maximum allowed unbalance. Allowed 
unbalance force is determined by rotating mass, rotational speed and balancing grade; see Equation 6. These 
unbalance forces propagate to the radial bearing and, depending on the layout of the machine, the load 
distribution between the bearings differs. The most common bearing configurations for a hydropower unit 
consist of 2 or 3 radial bearings, where one of the bearings is a turbine guide bearing. For hydropower units 
equipped with 3 bearings, almost the entire load from the generator will be distributed between the two generator 
guide bearings, and the load from the runner will be on the turbine guide bearing, layout a in Fig. 9. When the 
machine is only equipped with 2 bearings, one is positioned close to the generator, above or below it, and the 
second bearing is positioned close to the runner, as described in layout b and c in Fig. 9. In this configuration, 
almost all the load from the generator will act on the generator guide bearing and almost all the load from the 
runner will act on the turbine guide bearing.  



Fig. 9 Bearing layouts in hydropower unit units. 

The maximum allowed radial loads according to ISO-1940 can be calculated from the chosen balancing quality 
grade, rotor mass and rotational speed. The balancing quality grade determines the maximum allowed magnitude 
of the product of permissible residual specific unbalance, eper, and the rotational speed, . G6.3 is the 
recommended balancing quality grade for hydropower units according to ISO-1940, which implies that 

3.6pere mm/s. According to Eq. 6, maximum allowed bearing loads at different rotor mass and rotor speeds 
for balancing quality grades G6.3 and G16 are presented in Table 3.  

1000

2
per

u

em
f (6)

fu is the radial force, m the rotor mass,   the rotor speed and eper the permissible residual specific unbalance. 

Table 3. Examples of bearing loads in symmetrically located rotors, such as in the generator 
bearings for layout a in Fig. 8 

Rotor mass Rotor Speed Bearing Load G16 Bearing Load G6.3 
[kg] [RPM] [kN] [kN] 
200000  167 28 11 
500000  83 35 13 
100000  500 42 16 

 
3.3. Eccentricities in the generator and uneven flow properties in the runner 
In addition to fatigue criteria and balancing grades, the manufacturer/customer has recommendations for 
maximum allowed shape deviations in the generator. Due to unbalance magnetic pull (UMP) forces, an eccentric 
stator in relation to the rotor causes static load on the generator bearings. The rotor will also experience a cyclic 
load of the frequency 1x caused by the UMP due to the eccentric stator. A generator rotor centre that is 
eccentric in relation to the shaft centre will cause dynamic loads on the generator bearings and static loads on the 
rotor. Compared to generators in steam and gas power units the UMP forces in hydropower unit, are high, 
normal UMP forces at 1 mm eccentricity are 200-400 kN. It is up to the customer to determine maximum 
allowed eccentricities in a generator; common values are 3% maximum stator eccentricity and 1.5% rotor 
eccentricity.
Regarding radial loads in the runner, it is more difficult to determine maximum allowed loads at normal 
operation. The balancing grade of the runner sets the maximum allowed dynamic loads due to mass unbalance. 
Static loads in the turbine are caused by uneven flow properties in the turbine. According to senior specialist 
within the Swedish hydropower industry measurements have been performed on Russian hydropower units, in 
the mid 20th century, in order to identify a “statistical” relationship between static radial loads and runner 
properties. The following relationship for Francis turbines was identified from these measurements: 

D
Pfr 300

8  (7) 

where fr is the radial load from the runner, P is the rated power,  is the synchronous speed of the machine  and 
D is the runner diameter. This relationship can be used as a rule of thumb for expected static radial loads from 
the runner; however, the relationship still needs to be evaluated and it would be good if a more physical-related 
model existed. Studies regarding radial loads in pumps [14] have also showed that the radial loads are strongly 
dependent on the operating point of the pump.



Using fatigue calculations, balancing grades, recommendations for shape deviations in the generator and 
identified relationships between runner properties and radial loads, it is possible to determine the radial loads for 
which the machine is dimensioned and which radial loads that can be expected during normal operation. 

4. Methodology for vibration monitoring 
Methods for monitoring vibrations in a hydropower unit and the settings for allowed vibration levels should be 
based on the mechanical properties of the machine, the loads for which the machine is dimensioned and the loads 
the vibrations cause.  

4.1. General methodology 
The methodologies presented below propose a procedure to determine alarm and trip levels based on measured 
load levels and design properties of the machine.

1. Identify properties of mechanical components in the hydropower unit 
Analysis of dimensioning prerequisites for the machine and identification of critical components. The 
fatigue limits for critical components must be identified using manufacturer design data or performing 
new FEA and fatigue calculations. 

2. Relationship between vibration and load levels
Different methods can be used to determine bearing loads: 

a. Install load cells inside or behind the bearing. Measure the static and dynamic load. 
b. Calculate bearing load from calculated bearing properties and measured shaft displacements. 
c. Calculate bearing load from stiffness properties of bearing brackets and measured housing 

movement (only possible to determine dynamic loads using this method).  

3. Identification of maximum recommended load levels during normal operation
Provided that a balancing standard (e.g. ISO 1940) is used, maximum load levels that fulfil the standard 
can be calculated. The loads caused by imbalance are dynamic loads.  
For generators, maximum eccentricity of stator and rotor determines maximum loads from the 
generator. The maximum allowed unbalance pull force is calculated by multiplying the air gap (normal 
air gap 15-25 mm), eccentricity and magnetic stiffness of the generator (normally 200-400 106 N/m). 
The loads are distributed between the upper and lower generator bearings if there are upper and lower 
generator guide bearings, otherwise the single generator bearing will take all loads from the generator. 
The turbine guide bearing will take all loads caused by the runner.

4. Recommended levels
The alarm and trip levels should be based on operation mode, balancing grade and fatigue limits. Under 
normal operating conditions, the radial load should not exceed the allowed dynamic load + the 
maximum allowed static load; the machine should send an alarm if these load levels are exceeded 
(normally at load levels between 75 and 125 kN). The trip level of the machine should be set with a 
large margin for the fatigue limit. Higher loads should be allowed during start up due to dynamic 
behaviour in runner. If only accelerometers are used, the static loads (from stator eccentricity, etc.) are 
not possible to determine. It is not recommended only to use accelerometers. 

 
4.2. Results from methodology applied to upper guide bearing in a 40 MW hydropower unit 

1. Identify properties of mechanical components in the hydropower unit
Identification of critical component: 
FE-calculations identify the bolt connecting the inner and outer bearing bracket as the most critical 
component; see Fig. 10. Properties of the component are:  
Stress area:  2x817 mm2 (2 x M36) 
Fatigue cycles:  1 cycle/revolution  Ni ~ 109

Fatigue properties:  Data sheet on 5.6 (1550 steel) bolt gives the maximum allowed  
 stress amplitude  in the bolt as 35MPa for Ni = 109 (when stress  
 concentrations and safety margins are considered) 
Maximum allowed stress and load:  35 MPa in maximum allowed stress gives a maximum load of 
  570 kN 



Fig. 10 Design of upper bearing bracket for hydropower unit presented in Fig. 1 and 
critical bolt inside dashed box 

2. Relationship between vibration and load levels
Method for determining bearing load from calculated bearing properties and measured displacement 
was used. A bearing clearance check resulted in a bearing clearance of 0.4 mm. Results from calculated 
bearing data as a function of  measured clearance and shaft displacement is presented below: 

Fig. 11. Bearing properties at present bearing clearance and at a ± 25%change of 
bearing clearance.  

3. Identification of maximum recommended load levels during normal operation  
The rotor mass of the unit is approximately 200 metric tonnes and the synchronous rotational speed is 
167 rpm. Using balancing grade G6.3 results in a bearing load of 11 kN and 28 kN if balancing grade 
G16 is used. 
Maximum recommended stator and rotor eccentricity according to the owner of the hydropower unit is 
3% and 1.5%. The air gap is 20 mm and the linearized magnetic pull forces are 250 x 106N/mm (valid 
for eccentricities less than 10% of the air gap). 
The maximum static and dynamic pull forces distributed on each bearing are 75 kN and 38 kN 

4. Recommended levels
Static loads 75 kN, dynamic loads approximately 50 kN depending on balancing grade. During 
synchronous operation, the machine should send an alarm when loads exceed 125 kN (82% eccentricity 
at Cb 0.4) and trip at 300 kN (88% ecc. at Cb 0.4). Fig. 12 presents recommended alarm and trip levels 
regarding radial loads in the upper generator guide bearing. 



Fig. 12. Proposed levels for alarm and trip. 

5. Discussion 
A simple method with good accuracy for determining radial load on guide bearing in a hydropower unit does not 
currently exist. Load cells and strain gauges installed inside pivot pins offer a high level of accuracy for bearing 
load measurement, but these load measurement methods are elaborate and costly. Installing strain gauges on the 
supporting structure is easy, but the support structures in a hydropower unit generally consist of large steel 
beams. The large cross-section of the steel beams causes strain amplitudes during normal operation, and the 
strain due to thermal expansion of the steel beams is often larger than the measured strains due to radial loads. 
The method described in this paper, regarding determination of radial loads from calculated bearing data and 
measured shaft displacement, does not demand extensive installations and provides distinct load levels. The 
prerequisite for the method is that the user has access to the bearing properties of the machine or software to 
calculate bearing parameters, and knows the bearing clearance, the position of the bearing centre and the shafts 
position. 
Regarding a monitoring system to protect the machine from harmful radial loads, the system should be chosen 
based on the importance and size of the machine. For large machines, i.e. larger than 100 MW, and perhaps with 
sliding stator feet or a “floating” rotor rim, avoiding damage is of high importance. It is recommended that these 
machines be equipped with sensors for “direct” force determination, i.e. depending of the design of the 
hydropower unit use best suited of the methods presented in section 2. The machine’s fatigue limits must also be 
identified and the alarm and trip levels be set using the methodology proposed in the previous section. For old, 
small machines, investing in a sophisticated vibration monitoring system is not justified; it is sufficient to install 
accelerometers or displacement sensors and to spend some time determining suitable alarm levels. For the mid 
size machines that often are large in number but have a rated power that are less than 100 MW, a suitable 
monitoring method could be to use bearing properties and displacement measurements to determine the radial 
loads and use the methodology proposed in the previous section to identify alarm and trip levels. 

6. Conclusion 
The methodology presented in this paper regarding condition monitoring is based on the mechanical properties 
of critical components and the measured radial loads that act on these components. Using this methodology, it is 
possible to determine alarm and trip levels for the monitoring system based on the radial load levels in relation to 
the expected load levels during normal operation and the fatigue limits for the critical components. The paper 
also presents an alternative method for measuring bearing load in hydropower units using calculated bearing 
parameters and shaft displacement measurements. This method is not expected to have the same high resolution 
as load measurement methods using load cell do, but the installation needed for the method is quick, easy and 
does not require any modification of components in the hydropower unit. It is also possible to determine both 
static and dynamic radial loads using the method. Using the condition monitoring methodology and the method 
to determine radial load presented in the paper gives better prerequisites to protect the machine from harmful 
radial loads and to avoid false alarms regarding vibrations.
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Abstract
Most of the applications for fluid film bearings have 
horizontally oriented rotors.  This has led to commercial 
software developers using algorithms and calculations 
for bearing properties based on machines with a 
horizontally oriented rotor. This means that the shaft 
has a set operating point in the bearing based on static 
radial loads caused by the dead weight of the rotor, 
magnetic pull forces etc. Large hydropower units 
generally have vertically oriented shafts. In such 
systems with vertical rotors, there is no predetermined 
operating point. This paper presents the design of a test 
rig that was built at Vattenfall R&D during 2010-2011 
in order to study and compare dynamic behaviour of 
vertical and horizontal rotors.  
The test rig consists of two bearings and a Jeffcott rotor. 
The bearings are 4-pad tilting-pad bearings and the 
operating speed of the test rig is from 0 to 3000 rpm. 
Radial load and shaft displacement are measured at 
each bearing using strain gauges and inductive 
displacement sensors. In the test rig presented in this 
paper, the excitation of shaft motion is self-induced, i.e. 
the shaft motion is caused by dead weight of the rotor 
and applied mass unbalance.  
Initial tests were performed in order to evaluate the test 
rig and differences in behaviour between bearing 
properties when the test rig is in vertical and horizontal 
position. Results from initial tests indicate that the 
bearing load – shaft eccentricity ratio is independent of 
the type of eccentricity, static or dynamic. In vertical 
operation at high dynamic eccentricities the load and 
eccentricity orbits have rectangular shapes due to the 
difference in stiffness for load on pads and load 
between pads. For vertical rotating systems using tilting 
pad bearings with a low number of pads and operating 

at high dynamic radial loads, the bearing properties can 
possibly cause excitation of natural frequencies at n 
times the nominal speed, where n is the number of pads. 
 
Introduction
Most of the applications for fluid film bearings have 
horizontally oriented rotors.  This has led to commercial 
software developers using algorithms and calculations 
for bearing properties based on machines with a 
horizontally oriented rotor. This means that the shaft 
has a set operating point in the bearing based on static 
radial loads caused by the dead weight of the rotor, 
magnetic pull forces, etc. In systems with vertical 
rotors, there is no predetermined operating point; in 
vertical hydropower units which in general are vertical, 
it is the mass unbalance, the generator’s properties and 
the flow conditions in the turbine that determine the 
position of the rotor. Hydropower units are in general 
equipped with hydrodynamic tilting-pad bearings. To 
calculate the natural frequencies of these rotor systems, 
correct bearing parameters must be included in the 
analysis. Few papers on the bearing properties of 
vertical machines have been published, and there is a 
need to study differences in bearing properties at static 
and dynamic eccentricities. In 2010-2011, a test rig was 
built at Vattenfall R&D in order to gain more 
knowledge regarding dynamic behaviour of vertical 
machines and to study differences in dynamic 
behaviour for vertical as opposed to horizontal rotors. 
The test rig is possible to operate in both horizontal and 
vertical orientation. When the rotor is horizontally 
oriented and balanced, it will only have a static 
eccentricity in bearing due to the dead weight of the 
rotor. When the rotor is positioned in vertical 
orientation, it is possible to recreate the eccentricity, but 
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as a dynamic eccentricity, by adding unbalance to the 
rotor. This makes it possible to investigate the 
behaviour of the rotor and bearing at static and dynamic 
eccentricities. Figure 1 presents a schematic description 
of static eccentricity, es, and dynamic eccentricity, ed. 
When the test rig is in horizontal position, ed is equal to 
zero. When the test rig is in vertical position with an 
unbalance mass placed on the rotor, es is zero and the 
shaft centre, Sc, rotates synchronously around the 
bearing centre, Bc, with the dynamic eccentricity ed. 
 

 
Fig. 1 Schematic figure of shaft eccentricities in 
bearing. Bc is the veering centre and Sc is the shaft 
centre. 
 
Historically, extensive studies of the dynamic properties 
of tilting-pad bearings have been performed. In 1964, 
Lund [1] presented a method for calculating stiffness 
and damping coefficients for the tilting-pad journal 
bearing. Two decades later, Someya [2] compiled a 
databook containing a theories regarding determination 
of bearing parameters, results from performed tests and 
descriptions of bearing test rigs. In the 1980s, Jones and 
Martin [3] also studied the geometries influence on 
tilting-pad journal bearings dynamic behaviour and 
Glienicke [4] also preformed tests in a horizontal test 
rig consisting of a rotor and bearings. The design of 
Glienickes test rig was similar to the test rig presented 
in this paper. It consisted of two 4-pad tilting-pad 
bearings with a 50 mm inner diameter and Jeffcott 
rotors of different masses; one of the rotors had a mass 
of approximately 25 kg.  
Childs, Vance, San Andres, Murphy et al. have 
performed an impressive amount of test rig testing at 
Texas A&M University. Several of the studies are 
based on bearing parameters when the shaft is at a 
stationary eccentricity. Examples of preformed tests: 
evaluation of bearing models [5], influence of excitation 
frequencies on the bearing parameters [6, 7], difference 
in bearing parameters depending on whether the load is 
applied on pad (LOP) or between pads (LBP) [8]. 
Studies have also been performed when the shaft does 
not have a stationary eccentricity. San Andres et al. [9] 
studied bearing properties for plain radial bearings at 
high radial loading. Other universities and institutes 
have also analysed bearing behaviour in test rigs. 
Castro, Cavalca and Nordmann [10] compared 

instabilities in rotor bearing systems by comparing 
numerical models with vertical power plant and a 
horizontal test rig with Jeffcott rotor. 
One of the aims of the test rig which design is presented 
in the paper is to ascertain if it is possible to determine 
bearing parameters for vertical machines using bearing 
parameters calculated in bearing software that has been 
developed for horizontal machines – if the eccentricity 
would be equally large irrespective of whether the 
bearing was horizontal or vertical. The results of this 
analysis would provide an answer as to whether it is 
possible, using approximate methods, to utilise the 
results from bearing programs intended for horizontal 
machines in calculations of natural frequencies in 
vertical hydropower units. 
The most common design of a bearing test rig allows 
the excitation of shaft and bearing to be controlled by 
exciting the bearing housing [6]. In the test rig 
presented in this paper, the control of shaft motion is 
self-induced, i.e. the shaft motion in caused by dead 
weight and applied mass unbalance. The reason for the 
selected design was cost, flexibility and the possibility 
to operate the test rig in both horizontal and vertical 
orientation. The configuration of the test rig presented 
in this paper is adapted for a comparison of bearing 
properties in horizontal and vertical orientation; the 
rotor should be stiff and rotate subcritically. In future 
studies the ambition is to use the test rig, equipped with 
a more slender rotor, to study supercritical behaviours 
in vertical rotors. Such studies might involve studying 
how shaft couplings, design of interconnection between 
rotor rim and hub [11] etc. influence the rotordynamic 
properties of vertical machines. 
 
Test rig description 

 
Fig. 2 Photograph of test rig  
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The size of the test rig is approximately 1.1 m in height 
and a width of 0.42 x 0.42 m. The size of the test rig 
and the rig must be big enough to enable measurement 
of bearing load and shaft displacement. It is also 
favourable, from a cost point of view, if it is possible to 
buy standard bearings. The radial bearings in large 
hydropower units are exclusively tilting-pad bearings. 
The test rig was equipped with 4-pad tilting-pad journal 
bearings from Kingsbury. Figure 2 presents the test rig 
design. 
 
Design of bearings, pedestals and 
surrounding structure 
The properties of the bearings determine the design of 
the remaining components in the test rig. To determine 
design properties of the test rig bearings’ 
circumferential velocity and Sommerfeld number were 
calculated and compared with a standard hydropower 
bearing. The Sommerfeld number is defined according 
to Equation 1 [2]: 
 

 
2

2

br c
R

f
LRS  (1) 

 
where  denotes lubricant viscosity,  is the shaft 
rotational speed, L stands for the bearing width, fr is the 
radial load, R the bearing radius and cb is the radial 
clearance. Table 1 presents the calculated Sommerfeld 
number and circumferential velocity based on the 
bearing design properties in the test rig and a standard 
hydropower unit (HPU). 
 
Table 1. Bearing properties and calculated Sommerfeld 
number and circumferential velocity 
  Test rig HPU Units 
Viscosity at 40 C  0.065 0.065  [Ns/m2] 
Speed  2500 150  [rpm] 
Length L 0.02 0.3  [m] 
Shaft radius R 0.025 0.4  [m] 
Radial load fr 120 60000  [N] 
Radial bearing  
clearance cb 0.125 0.3  [mm] 
     
Sommerfeld no. S 6.0 7.6  
Circumferential  
velocity v 6.55 6.28  [m/s] 
 
Besides the Sommerfeld number and circumferential 
velocity, it must also be possible to measure the 
displacement in the bearing caused by the design load. 
The radial design load was estimated to be 
approximately 120 N for each bearing. Additional 
properties of the bearings in the test rig are presented in 
Table 2 and a photo of the bearing is presented in Fig. 
3. 

 
Table 2. Specification of bearing properties for test 
bearings 
Component Test rig   Units 
Shaft diameter 49.84   [mm] 
Bearing diameter 50.09   [mm] 
Pad diameter 50.15   [mm] 
Axial length of pad 20.00   [mm] 
Number of pads 4 
Pad angle 72   [deg] 
Pad pivot offset ratio 0.6 
Dia. brg. clearance 0.25   [mm] 
Dia. pad. clearance 0.31   [mm] 
Preload factor 0.19 
Align ring bore radius 34   [mm] 
Pivot circumferential radius  32   [mm] 
Pivot axial radius 150   [mm] 
Direction of shaft rotation CCW 
 

 
Fig. 3 Tilting-pad bearing used in test rig 
 
The commercial software RAPPID was used to 
calculate stiffness and damping as a function of 
rotational speed for the bearings at static shaft 
eccentricities. Radial load in the bearing calculations is 
defined according to Equation 2: 
 

2mefr  (2) 
 
where fr is the radial force, m is the mass of the 
unbalance, e in the unbalance radius and  is the 
rotational speed. In the results presented in Fig. 4 and 5, 
me was set to 1.7 x 10-3 kg m and the load is applied on 
the pad.  
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Fig. 4 Stiffness as a function of rotational speed for the 
bearing in the test rig 

 
Fig. 5 Damping as a function of rotational speed for the 
bearing in the test rig (cxy and cyx coincide and are not 
possible to separate in the figure) 
 
The bearing properties determine the desired properties 
of the pedestal and surrounding structure. The stiffness 
of the pedestal and surrounding structure should be 
considerably stiffer than the bearings. Otherwise, the 
bearings damping and stiffness will not be decisive for 
the stiffness and damping properties of the coupled 
system, i.e. coupling between shaft – bearing – pedestal 
– surrounding structure. In order to achieve high 
resolution on the measured strain caused by the radial 
load, it is favourable if the pedestal is as slender as 
possible, but still considerably stiffer than the bearing 
stiffness. Calculations of bearing properties at 2500 rpm 
and 120 N show that the stiffness of the bearing is 
approximately 4.5 MN/m; see Fig. 4.  
 

 
Fig. 6 Cross section of bearing housing 
 

The design of the pedestal is chosen according to Fig. 6; 
the surface where the radial force is measured has a 
height of 30 mm and a width of 8 mm. Standard 
construction steel with an E-modulus of 210 GPa is 
used for the pedestal and supporting structure and the 
length of the “arms” in the pedestal is 0.1 m.  Equation 
3 is used to used to estimate the strain levels in the 
pedestal and the stiffness of the pedestal  
 

EAf p  (3) 
 
where fp is the load,  is extension (strain), E is E-
modulus and A is the cross section surface. The 
stiffness of the pedestal arms is approximately 500 
NM/m.  
The structure’s fixating motor, pedestals and stinger are 
made of milled steel plates. The plates are connected to 
each other with cylindrical steel rods. The steel rods’ 
radius varies along its axial extension in order to render 
exact positioning of the steel plates. Fig 7 presents a 
cross section of the assembled test rig. As mentioned 
earlier it is important that the surrounding structure is 
stiff in order to minimize the influence on the stiffness 
and damping properties of the coupled system. At the 
positions of the bearings Abaqus were used to calculate 
the stiffness properties of the assembled structure. In 
the test rig the total stiffness of the assembled structure 
is considerable lower then the pedestal stiffness. The 
stiffness varies depending on which material is used for 
the shielding bolted to the sides of the test rig. In this 
test rig both aluminium and Plexiglas shields are used 
depending of the scope of the tests performed in the rig. 
For demonstrations and tests performed at low radial 
loads the Plexiglas can be used as shielding, in tests at 
high radial loads and at high speed the aluminium 
shields should be used to increase safety and improve 
the stiffness of the surrounding structure. In Fig. 1 the 
test rig is vertically oriented and equipped with 
Plexiglas shields, which gives a surrounding stiffness 
that is only a few times stiffer than the bearing stiffness 
at 2500 rpm with a 120 N radial load. With the 
aluminium shield the stiffness of the surrounding 
structure is ten times larger than if the surrounding 
structure is equipped with Plexiglas shields.  
The stiffness of the surrounding structure is also 
dependent of the orientation of the test rig. In vertical 
orientation the bottom plate of the test rig is bolted to 
the foundation while, in horizontal orientation both the 
top and bottom plate are bolted to the foundation. 
Horizontal orientation gives a higher radial stiffness of 
the surrounding structure. 
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Fig. 7 Cross section of assembled test rig without 
rotating parts 
 
 
Design of rotating parts
The shaft in the test rig is an ordinary Jeffcott rotor. 
From the bearing and pedestal design, a radial load of 
120N at each bearing was identified as a suitable radial 
load and gives a rotor mass of approximately 24.5 kg. 
The length of the rotor is not decisive for comparing 
tests of bearing parameters between vertical and 
horizontal orientation. The demand on the rotor for 
these tests is that the rotor rotates subcritically. 
According to Table 2, the diameter of the rotor is 49.84 
mm and the length was set to 600 mm; 500 mm 
between bearing centres. To achieve a rotor mass of 
approximately 240 N, the length and diameter of the 
disc was 100 mm respectively 168 mm. Fig. 8 presents 
the rotor design. 
 

 
 
 
Fig. 8 Design of motor, couplings, stinger and shaft 
 
At a 70-mm radius from the disc centre, 18 holes were 
drilled and threaded on each side of the disc to position 
the unbalance weights. To achieve radial loads when 
the test rig is in vertical position, unbalance weights 
were manufactured. To achieve correct radial load in 
vertical position, the mass of the unbalance weights was 
calculated according to Equation 4: 
 

2
rudu emmeef  (4) 

 
were fu is the radial load, e is the shaft displacement in 
the bearing, ed is the radius form disc centre to 
unbalance weights, mu is the mass of the unbalance 
weight, mr is the rotor mass and   is the rotational 
speed. The rotor is stiff enough to be considered rigid in 

the test preformed in this paper, which is a prerequisite 
for Equation 4, i.e. no rotor deflection. 
To ensure that the rotor design is subcritical, natural 
frequencies of the system were calculated. Properties of 
bearings, pedestals and surrounding structure (equipped 
with aluminium shields), presented in the previous 
section, are included in the analysis. Fig. 9 and 10 
present the frequency and stability diagrams for the test 
rig. 

 
Fig. 9 Frequency diagram for the test rig. Bearing data 
from Fig. 4 and 5 included in the analysis. 
 

 
Fig. 10 Stability diagram for the test rig. Bearing data 
from Fig. 4 and 5 included in the analysis. 
 
An ABB M2000 motor is used to rotate the rotor. 
Between the motor and the rotor is a stinger and jaw 
type coupling. The jaw type coupling that is connected 
between the motor and stinger has rubber membranes 
that even out potential torque fluctuations from the 
motor and disengage the axial connection between the 
rotor and motor. The stinger that connects the jaw type 
coupling to the rotor is axially supported via a bearing 
which also supports the stinger radially together with a 
second bearing; see Fig. 11. The stinger is slender with 
a diameter of 4 mm in order to minimise transference of 
radial loads from stinger misalignments, but still strong 
enough to axially support the rotor and transfer torque 
from motor to rotor. 



 

6 
 

 
Fig. 11 Stinger and axial bearing  
 
Measuring equipment
Strain gauges and displacement sensors are used to 
determine radial forces and shaft displacements. At the 
pedestals, each pedestal arm is equipped with a full 
Whetstone bridge, two strain gauges to measure strain 
caused by radial loads and two strain gauges for 
temperature compensation. The strain gauges used are 
Kyowa KFG-5-350-D16-11L3M2S. The strain gauges 
were covered with coating for protection; see Fig. 12. 
To measure the shaft displacements in the bearings, 
inductive displacement sensors of type Contrinex DW-
AD-509-M8 were used. Two displacement sensors with 
90 degrees of separation were installed on each side of 
the bearing at each bearing. The transfer function 
between radial displacement and measured voltage was 
indentified for each of the displacement sensors. 
To measure the rotational speed of the test rig, an 
optical sensor was used. A reflective tape was attached 
to the jaw type coupling and each time the optical 
sensor detected the reflective tape, it sent out a pulse. 
An inductive displacement sensor was also used as a 
phase indication for the rotor. A small track was milled 
in the stinger and the displacement sensor registered 
each time the milled track passed the sensor. Fig. 13 
shows the optical sensor on the left side of the figure 
and the displacement sensor on the right side. 
 

 
Fig. 12 Displacement sensor and strain gauge (under 
white coating) 
 
For data acquisition, HBM Quantum MX840 was used 
(24-bit DAQ). Data were sampled at 1200 Hz and anti 
alias filter at 300 Hz were used. LabView 2010 was 

used to control the test rig and visualise measured radial 
displacements and strains. 
 

 
Fig. 13 Phase (on the right side) and speed sensors (on 
the left side) 
 
 
Results
Initial tests were performed in order to evaluate the test 
rig and differences in behaviour between bearing 
properties when the test rig is in vertical and horizontal 
position. The tests were performed over a short time 
period in order to minimize the influence of thermal 
changes. Reference measurements were performed 
before and after each test to maintain control over the 
bearing centre, bearing clearance and thermal influence 
on measured strains.  

 
Fig. 14 Comparison between measured and calculated 
shaft eccentricity at 120N static load due to dead weight 
of rotor. 
 
Fig. 14 presents the results from tests performed when 
the test rig was in horizontal position with 
approximately 5 grams of mass unbalance at 0.07 m. 
Measurements were performed at 425 rpm and 2350 
rpm, and measured eccentricity levels were compared 
with eccentricities calculated by the commercial 
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software (using a Navier-Stokes solver) at 120N static 
radial load, at 425 rpm and 2350 rpm.    
In order to determine the relation between radial load 
and shaft eccentricity for the test rig in vertical position, 
tests were performed at 2350 rpm with several different 
mass unbalances. Figure 15a-c presents the results from 
measured bearing load when unbalance weights of 15 
gram, 42 gram and 66 gram are added at 0.07 m radius. 
Corresponding displacements are presented in Fig. 16a-
c. At high radial loads, the orbits are square shaped due 
to the difference in stiffness depending on whether the 
load is on pad (LOP) or between pad (LBP). 
 

 
Fig. 15a-c Bearing load using 15 g (a), 42 g (b), 66 g 
(c) unbalance weight, at 2350 rpm 
 
Tests were also performed in the test rig at 2350 rpm 
with mass unbalances of 5, 24 and 82 grams. From the 
mass unbalance measurements, the relation between 
shaft eccentricity and radial load for eccentricities up to 
50% was identified; see Fig. 17. The relation between 
bearing load and shaft eccentricity for the horizontal 
rotor at 2350 rpm and 120 N presented in Fig. 14 is 
marked with and “x” in Fig. 17. 
 

         

  

 
Fig. 16a-c Displacement using 15 g (a), 42 g (b), 66 g 
(c) unbalance weight, at 2350 rpm 
 

 
Fig. 17 Load as a function of eccentricity at 2350 rpm. 
The lines are spline interpolations based on measured 
data for the rotor in vertical position and “x” is 
measured data for rotor in horizontal position. 
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Conclusions and Discussions  
Measurements performed in the test rig show distinct 
levels of measured strain and displacement even though 
the amplitudes of measured strain and displacement are 
low.  
From the initial measurements that were performed in 
the test rig, the results of which are presented in this 
paper, acceptable agreement between calculated 
measured results are achieved regarding load-
eccentricity relation for the test rig in horizontal 
position; see Fig. 14. The measured results also indicate 
that the load – eccentricity relation is independent of the 
orientation of the test rig, see Fig. 17. Further analysis 
is needed to prove this observation.  
In the results presented in the previous section, a 
square-shaped pattern is observed when the rig is 
vertically oriented and at high radial loads; see Fig. 15a-
c and 16a-c. The square-shaped orbit is observed in 
both displacement and load orbits. The square shape is 
probably caused by the difference in stiffness 
depending on whether the load is on pads or between 
pads; see Fig. 17. Childs and Carter [7] presented 
experimental results based on horizontal machines with 
tilting-pad bearing, where stiffness is calculated with 
load on pad and between pads. The stiffness is 
significantly higher when the load is on pads. 
For vertical rotating systems using tilting pad bearings 
with a low number of pads and operating at high 
dynamic radial loads, the bearing properties can 
possibly cause excitation of natural frequencies at n 
times the nominal speed, where n is the number of pads. 
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Abstract 
 In vertically oriented machines with journal bearing, there are no predefined static radial loads, such as 
dead weight for horizontal rotor. For vertical machines such as hydropower units and pumps, it is the mass 
unbalance, the generator’s properties and the flow conditions in the turbine that determines the rotors 
position in the bearing. Most of the commercial software is designed to calculate rotordynamic and bearing 
properties based on machines with a horizontally oriented rotor, i.e. the bearing properties are calculated at 
a static eccentricity. For tilting pad bearings, there are no existing analytical expressions for bearing 
parameters, and the bearing parameters are dependent on eccentricity and load angle. In numerical 
simulations of vertical machines, the bearing parameters must be recalculated in each iteration, which 
causes time-consuming simulations. 
 The objective of this paper is to present a simplified method to perform numerical simulations on 
vertical rotors including bearing parameters, depending on the load angle, and to compare the numerical 
results with results from tests performed in a test rig. 
 The test rig consists of two guide bearings and a Jeffcott rotor. The guide bearings are 4-pad tilting-pad 
bearings, and the operational speed of the test rig is 0–3000 rpm. Shaft displacement and strains in the 
bearing bracket are measured to determine the test rig’s properties. In the numerical simulations, the 
Jeffcott rotor is represented by two beam elements, while bearings and bracket are represented in separate 
elements. The properties of the bearings are dependent on the shaft’s displacement in the bearing and the 
load angle, i.e. the bearing properties are dependent on whether the load is on the bearing pad or between 
pad. Bearing properties are determined as functions of eccentricity and load angle. Fourth order 
polynomials are used to represent the bearing parameters, and the bearing properties’ relation to load angle 
is assumed to be harmonic. For each time step in the simulations, the bearing properties are transformed 
with respect to the directions of the bearing load. The equation of motion is solved for the assembled 
model. Shaft displacement and bearing load are determined and compared with simulations in the test rig. 
Both the numerical and experimental results showed the same characteristics of displacement and bearing 
load. At low radial loads, the orbits for both shaft displacement and bearing load are circular. When the 
load increases, the orbits of shaft displacement and bearing load become square shaped; the load orbit has a 
more distinct square shape. The comparison between measurements and simulated results show small 
deviations in absolute displacement and load levels, which is expected due to difficulties in calculating 
exact bearing parameters.  

Keywords: numerical simulation; vertical machines; tilting-pad bearings; unbalance response; test rig 



1. Introduction  
 Difficulties arise when simulating vertical machines with tiling pad guide bearings. The cause of this is 
that in systems with vertical rotors, there is no predetermined operating point. In vertical machines such as 
hydropower units and pumps, it is the mass unbalance, the generator’s properties and the flow conditions in 
the turbine that determine the position of the rotor [1]. Commercial software uses algorithms designed for 
calculations of rotordynamic and bearing properties for machines with a horizontally oriented rotor. This 
means that the shaft has a set operating point in the bearing based on static radial loads caused by the dead 
weight of the rotor. Bearing properties from software for horizontal machines are calculated at a static 
eccentricity; these types of software cannot perform simulations of a vertical rotor’s behaviour. Assuming 
isotropic bearing parameters, i.e. by setting kyy = kxx and cyy = cxx, it is only possible to determine half of the 
natural frequencies and should thus be avoided [2].   
 Historically both numerical simulations and experimental studies in test rigs have been performed to 
evaluate properties of tilting pad bearings [3][4]. Glienicke et al. [5] performed tests in a horizontal test rig 
consisting of a rotor and bearings. The design of Glienickes test rig was similar to the test rig presented in 
this paper, except for the possibility to only operate the test rig in horizontal orientation. It consisted of two 
4-pad tilting-pad bearings with a 50 mm inner diameter and Jeffcott rotors of different masses; one of the 
rotors had a mass of approximately 25 kg.  
 Childs, Vance, San Andres, Murphy et al. have performed an impressive amount of test rig testing at 
Texas A&M University. Several of the studies are based on bearing parameters when the shaft is at a 
stationary eccentricity. Examples of preformed tests at Texas A&M: evaluation of bearing models [6], 
influence of excitation frequencies on the bearing parameters [7][8], difference in bearing parameters 
depending on whether the load is applied on pad (LOP) or between pad (LBP) [9]. Studies have also been 
performed when the shaft does not have a stationary eccentricity. San Andres et al. [10] studied bearing 
properties for plain radial bearings at high dynamic radial loading, and Wygant et al. [11] determined 
bearing parameters as a function of preload for tilting pad bearings at dynamic loading. Other universities 
and institutes have also analysed bearing behaviour in test rigs. De Castro et al. [12] analyzed instabilities 
in rotor bearing systems by comparing numerical models with a vertical power plant and a horizontal test 
rig with a Jeffcott rotor and plain journal bearings. For hydrodynamic tilting pad bearings, the stiffness and 
damping properties are non-linear [13]. To determine the dynamic properties of tilting pad bearings at large 
eccentricities, numerical calculations are required [14], i.e. analytical expressions do not exist. To perform 
simulations of unbalance response in vertical machines requires that bearing parameters are updated in each 
time step with respect to eccentricity and load angle, which is time consuming. Cardinali et al. [15] have 
performed non-linear simulations of a vertical hydropower unit with tilting-pad bearings and White et al. 
[16] performed simulations of a vertical pump with tilting-pad bearings. 
 The objective of this paper is to present a simplified method to perform numerical simulations on 
vertical rotors including bearing parameters, depending on the load angle, and to compare the numerical 
results with results from a test rig.  
 The structure of this paper is first to describe the design of the test rig, which is numerically simulated 
and used to verify the simulations. Following this the theoretical model regarding bearing representation 
and numerical models is presented. Subsequent sections present results and conclusions from simulations 
and measurements. 
 



2. Test rig description 

Fig. 1. Design of test rig 
 
 The test rig is approximately 1.1 m in height with a width of 0.42 x 0.42 m. It is designed to enable 
operation in both horizontal and vertical orientation. The test rig consists of two identical guide bearings 
and a Jeffcott rotor; see Fig. 1. The rotor is manufactured with SS-1550 steel and the bearings are 4-pad 
tilting-pad bearings manufactured by Kingsbury. The properties of the bearings are presented in Table 1. 
There is a stinger and jaw type coupling between the motor and the rotor. The jaw type coupling is 
connected between the motor and stinger to even out potential torque fluctuations from the motor and 
disengage the axial connection between the rotor and motor. The stinger that connects the jaw type 
coupling to the rotor is axially supported via a bearing which also supports the stinger radially. The stinger 
is slender with a diameter of 4 mm in order to minimise transference of radial loads from stinger 
misalignments, but still strong enough to axially support the rotor and transfer torque from motor to rotor. 
The geometry of the Jeffcott rotor and the position of the bearings are presented in later section where the 
numerical model is presented. The operating speed of the test rig is from 0 to 3000 rpm and the rotor rotates 
subcritically.  

Table 1 
Specification of bearing properties for test bearings 
Component Test rig  Units 
Shaft diameter 49.84  [mm] 
Bearing diameter 50.09  [mm] 
Pad diameter 50.15  [mm] 
Axial length of pad 20.00  [mm] 
Number of pads 4 
Pad angle 72  [deg] 
Pad pivot offset ratio 0.6 
Dia. brg. clearance 0.25  [mm] 
Dia. pad. clearance 0.31  [mm] 
Preload factor 0.19 
Align ring bore radius 34  [mm] 
Pivot circumferential radius  32  [mm] 
Pivot axial radius 150  [mm] 
Direction of shaft rotation CCW 



 Radial load and shaft displacement are measured at each bearing using strain gauges (Kyowa KFG-5-
350-D16-11L3M2S) and inductive displacement sensors (Contrinex DW-AD-509-M8), see Fig 2. In the 
test rig the excitation of shaft motion is self-induced, i.e. the shaft motion is caused by the dead weight of 
the rotor and applied mass unbalance. 

Fig 2. Strain gauges (SG) to determine radial loads are positioned under white coating and displacement 
sensors (D) are positioned on the housing. 

3. Theoretical model 
 The numerical model of the test rig consists of a rotor supported in two tilting-pad bearings and its 
bearing brackets. The equation of motion for the assembled rotor model, in terms of finite elements, can be 
written in matrix form at constant rotational speed as: 

)f(KuuGuCuM t  (1)

where M is the mass matrix, C is the damping matrix, K is the stiffness matrix, G is the gyroscopic matrix, 
f is the force vector,  is the rotational speed,  u is the displacement vector in x and y directions. 
The stinger’s influence on the rotor’s dynamic behaviour is insignificant and neglected in the numerical 
model. The only interconnections that influence the rotor’s behaviour are the radial bearings and bearing 
brackets. A schematic model of the representation of the test rig used in the analysis is shown in Fig 5. 

3.1. Determination of bearing parameters 
 To be able to perform numerical simulations on the test rig, bearing properties for current eccentricities 
at the operational speed need to be known. The equation of motion for the bearings is: 
 

)(BBBBB tfuMuCuK  (2) 
 
where KB is the bearing’s stiffness matrix, CB is the bearing’s damping matrix, MB is the fluid inertia 
matrix and f are the forces that occur based on the displacements uB as well as their displacement velocities 
and accelerations. Figure 3 presents a schematic representation of stiffness, damping and displacements in a 
journal bearing. The forces in tilting pad bearings caused by the fluid inertia properties are, in general, 
significantly lower than the forces caused by the bearing’s damping and stiffness properties and will be 
disregarded in the remainder of this paper [4].  
 



 
Fig. 3. Schematic figure of journal bearing 

 
 For tilting-pad bearings, the stiffness and damping are dependent on the load angle, i.e. Childs et al. 
showed a large difference in bearing parameter depending on if the load is on pad (LOP) or between pad 
(LBP). The commercial software RAPPID is used to calculate the bearing parameters presented in this 
paper. The bearing properties, for LOP and LBP, as a function of eccentricity are calculated for the 
bearings in the test rig. The load is applied in x-direction and the shaft eccentricity, , in a radial bearing is 
the relationship between the radial shaft displacement and the radial bearing clearance. Figure 4 presents 
calculated kxx and cxx as a function of eccentricity and depending on if load is on or between pad. In the 
numerical simulations, 4-order polynomials are used to represent the calculated bearing properties as a 
function of eccentricity. 
 

Fig 4. Calculated kxx and cxx as a function of eccentricity at 2350 rpm. 
 
 To perform simulations of the test rig in vertical position, the bearing properties need to be known for 
all load angles and all occurring eccentricities. To simplify the representation of the bearing parameters 
harmonic relation is assumed between LOP-LBP and load angle . Calculated stiffness and damping as a 
function of eccentricity and the assumed harmonic relation between LOP and LBP are used to declare the 
bearing properties according to Eqs (3) and (4).  
 



4cos
22

),( ____ LBPijLOPijLBPijLOPij
ij

kkkk
k  (3) 

 

4cos
22

),( ____ LBPijLOPijLBPijLOPij
ij

cccc
c  (4) 

 
where  is the load angle. Figure 5 presents kxx as a function of load angle at 40 % eccentricity, the stiffness 
are calculated using Eq (3) and compared with stiffness calculated in the commercial software.  

 
Fig 5. kxx as a function of load angle at 2350 rpm and 40 % eccentricity (0o represents LOP). Circles are 

data calculated in commercial software and the solid line is data achieved from Eq 3. 
 
 

 The bearing parameters must be transformed, according to Eqs (5) and (6), in each time step of the 
simulations due to the load angle dependency of the bearing parameters. 
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3.2. Analysis method 
 To simplify the analysis, the system describing the numerical model of the test rig is reduced to 5 
nodes. A schematic description of the reduction of the model is presented in Fig. 6. The disc of the Jeffcott 
rotor is represented in the numerical model as a lumped mass, mD, in node 2. Nodes 1, 2 and 3 connect the 
beam elements of the rotor. The bearing elements connect to the rotor in nodes 1 and 3 and connect to the 
bearing bracket in nodes 4 and 5. The beam element of the bearing bracket connects to the ground. The 
diameter of the rotor disc is 168 mm and the radius where the mass unbalance is applied is 70 mm. The 
bearing bracket has an isotropic stiffness matrix, H, and has no damping, i.e. hii = 500MN/m. The harmonic 
radial force, f(t), representing the unbalance force is applied in node 2 in the model. 
 



 
Fig 6. Schematic figure describing simplified rotor model, n1..5 represent the nodes in the model 

 
 
By using a state vector TTT uux , assembled equation of motion can be written in state space as: 
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 Assuming a homogenous solution in the exponential form xh(t)=qe t and inserting this in Eq (12), an 
eigenvalue problem can be obtained as: 
 
Aq = q, q  0 (12) 
 
where i are the eigenvalues and qi are the corresponding eigenvectors. The obtained eigenvalues i and the 
corresponding eigenvectors qi can be complex valued and appear in complex conjugate pairs. From the 
analysis of the eigenvalues, it is possible to study the stability and the eigenfrequencies of the system. The 
complex eigenvalues i can be written as: 
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 In Equation (15), i is the undamped natural frequency of the iht mode and i is the modal damping 
ratio associated with the iht mode. If the damping ratio, , is less than 1, the damped natural frequencies, 

id  can be obtained from the imaginary part of the eigenvalue according to Eq (15). 
 

21 iiid  (15) 
 
From the analysis of eigenvalues it is also possible to investigate the stability of the system.  
 
 Using the initial conditions together with the sum of the homogenous and particular solution, the total 
solution of the assembled equation of motion, Eq (1), can be obtained. 
 The stiffness matrix of the model includes bearing properties as a function of current eccentricity and 
load angle; Eqs (3) and (4). The stiffness and damping matrix of the bearing, KT and CT must be updated in 
each time step with respect to load angle and shaft eccentricity, which results in a recalculation of AB in 
each time step. The angular discretization of the numerical simulations is one degree. The numerical model 
is implemented in Fortran and Eq (8) is solved using variable step size Runge-Kutta integration, the nodal 
displacements are determined. The displacement in nodes 1 and 3 represents the shaft’s absolute 
displacement, u. Displacements in nodes 4 and 5 , uH, represent compression of bearing bracket and the 
difference between absolute displacement and housing compression in the shaft’s displacement in the 
bearing, i.e. uB = u-uH. Radial load acting on the bearing bracket is calculated by multiplying bearing 
bracket compression by the bracket stiffness. 
 

4. Results 
 Natural frequencies and stability for the test rig were calculated at a mass unbalance of 1.7x10-3 kg m. 
Figure 7 presents calculated lateral bending modes and stability for the model presented in Fig. 6. The 
results show that the test rig rotates subcritically in operating speeds of 500 – 3000 rpm. 
 

  
Fig. 7. Calculated natural frequencies and stability for the test rig. 

 
 Measurements and numerical simulations were performed at the operational speed of 2350 rpm. The 
residual unbalance of the “balanced” rotor is approximately 0.3 x10-3 kg m. To visualise the influence from 
differences in bearing properties due to load angle, three different mass unbalances were used to cause the 
total unbalances of approximately 1.4x10-3, 3.3x10-3 and 5.0x10-3 kg m. 

4.1. Calculated bearing parameters 
 Bearing parameters were determined for shaft eccentricities of 5-65% at 2350 rpm, for both LOP and 
LBP. The cross-coupled stiffness and damping are more than a decade lower than the direct stiffness and 



damping and is therefore neglected in the calculation of bearing load and shaft displacement. Fig. 8 
presents kxx and cxx as a function of load angle and eccentricity using Eqs (3) and (4).   
 

Fig. 8. kxx and cxx as a function of load angle and shaft eccentricity. 

4.2. Measured and simulated shaft displacement and radial load 
 The bearing loads and displacements presented in this section are measured at the upper bearing and 
bracket (nodes n1 and n4). Using the unbalance weight of 1.4x10-3 kg m, the eccentricity is relatively small 
and at small eccentricities the difference in bearing parameters is also small, depending on LOP or LBP; 
see Fig. 4. This results in a circular shape of the displacement and load orbit. Both measured and simulated 
results show the same characteristics; Fig. 9 and Fig. 10. 

 
Fig. 9. Measured bearing load and shaft displacement using the unbalance of 1.4x10-3 kg m at 2350 rpm  

 



 
Fig. 10. Simulated bearing load and shaft displacement using the unbalance of 1.4x10-3 kg m at 2350 rpm 

 At increased unbalance mass, the shaft eccentricity increases. Increased bearing load also causes 
increased difference in bearing parameters depending on the load angle. The difference in bearing 
parameters depending on load angle results in a square-shaped displacement and load orbit; see Figs. 11–14 
where simulation and measurements are preformed using the unbalance of 3.3x10-3 and 5.0x10-3 kg m. The 
measured and simulated results show similar characteristics of the orbits in these load cases as well. 

 
Fig. 11. Measured bearing load and shaft displacement using the unbalance of 3.3x10-3 kg m at 2350 rpm 

 
 



  
Fig. 12. Simulated bearing load and shaft displacement using the unbalance of 3.3x10-3 kg m at 2350 rpm 

 
Fig. 13. Measured bearing load and shaft displacement using the unbalance of 5.0x10-3 kg m at 2350 rpm 

 

  
Fig. 14. Simulated bearing load and shaft displacement using the unbalance of 5.0x10-3 kg m at 2350 rpm 



5. Conclusion 
 The results presented in this paper show that it is possible to numerically simulate the unbalance 
response of the vertical test rig using the method presented in this paper. Comparison between measured 
and simulated results show small deviations between measured and simulated displacements and load 
levels, which is expected due to difficulties in calculating exact bearing parameters. More importantly, the 
shape of the orbits correspond well for both load and displacement at all unbalance levels. The method 
developed to simulate unbalance response in the test rig brings possibilities to perform unbalance response 
simulations of vertical machines with tilting pad bearings. 
 The computational times for the simulations are short because the bearing parameters are presented in 
polynomial. Calculation of 10,000 time steps (28 revolutions) takes less than 30 seconds on a standard 
laptop.  

6. Discussion 
The rotor in the numerical model consists of only two elements, which should cause a stiffer representation 
of rotor in numerical simulations than in reality. The current configuration of the test rig is configured to 
evaluate bearing properties, and a stiff rotor with natural frequencies above operational speed is used. The 
stiff rotor causes small deflection of the rotor, and the stiffer representation of the rotor in the numerical 
model will have an insignificant influence on calculated loads and displacements.  
 Stiffness and damping in tilting-pad bearings are dependent on oil temperature, bearing geometry, 
radial load, rotational speed, etc. To determine an exact value of all of these parameters is not possible, 
which causes a deviation between calculated bearing parameters and real bearing parameters. Still, 
according to the results presented in this paper, the estimated bearing parameters are good enough to 
perform numerical simulations of vertical machines and achieve acceptable levels and correct 
characteristics of loads and displacements.  
 The bearing parameters calculated in the commercial software are calculated as a function of static 
eccentricity. The eccentricity occurring in the test rig due to the unbalance whirls around in the bearing. 
According to prior tests in the test rig, at constant rotational speed, the relation between the amplitudes of 
applied radial load and shaft eccentricity is independent of whether the radial load is static or dynamic. 
From these observations, it is assumed that functions presenting bearing parameters calculated at static 
eccentricity can be used as bearing parameters at a whirling eccentricity by transforming them to a rotating 
coordinate system; Eqs (5) and (6).  
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