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Abstract
A radial piston hydraulic motor has several components involving sliding or rolling 
interfaces which may encounter tribological problems. Seizure is one of them and it 
results in complete stoppage of motion between the relatively moving components and 
has serious consequences in terms of the operation of a hydraulic motor. Extreme 
running conditions, like low viscosity and high pressure and speed can cause the 
rupture of lubricating films and this may lead to the seizure of hydraulic motors. The 
occurrence of seizure often leads to undesirable damage to the motor components and 
unscheduled maintenance and can prove to be highly expensive. 
The work reported in this thesis has focused on investigating the mechanisms of 
seizure and developing suitable tribo test methods for simulating the sliding interfaces 
of the hydraulic motor. 
Extensive motor tests have been performed at low viscosity, high pressure and high 
speed. The results of this work enabled in describing the seizure progression, namely 
break down of lubricant film, particle entrapment and thermal expansion.  
Further, tests have been carried out in a rotary tribometer by using a thrust washer 
conformal test configuration. In this, the influence of area ratio has been studied and 
this configuration appears to simulate the piston-cylinder contact effectively during 
boundary lubricated conditions. 



VI



VII

Appended papers 

Paper A: Nilsson D., Prakash B., Investigation into the seizure of hydraulic motors, 
Tribology International, submitted for publication.

Paper B:  Nilsson D., Prakash B., Effects of area ratio and nature of surfaces  
on scuffing in lubricated contacts, Proceedings of the Institution of 
Mechanical Engineers, Part J: Journal of Engineering Tribology, Volume 
223, Number 3/2009,  p445-456.

Paper C: Isaksson P., Nilsson D., Larsson R., Elasto-hydrodynamic simulation of 
complex geometries in hydraulic motors, submitted for publication.



VIII



IX

Contents

1 Introduction .............................................................................................................. 1
1.1 Tribology in general .......................................................................................... 1
1.2 Tribology in a radial piston hydraulic motor .................................................... 3

2 Objectives ................................................................................................................. 5
3 Results ...................................................................................................................... 7

3.1 Mechanisms for seizure initiation in hydraulic motor ...................................... 7
3.2 Tribo test for simulation of sliding interfaces in hydraulic motors ................. 11

4 Discussion .............................................................................................................. 13
5 Conclusions ............................................................................................................ 15
6 Future work ............................................................................................................ 17
7 References .............................................................................................................. 19

Appended papers 
A. “Investigation into the seizure of hydraulic motors”
B. “Effects of area ratio and nature of surfaces on scuffing in lubricated contacts”
C. “Elasto-hydrodynamic simulation of complex geometries in hydraulic motors”



X



1

1 Introduction 

1.1 Tribology in general 
Tribology is the science of friction, lubrication and wear. Wherever two bodies are in 
contact and in relative motion there is tribology. The science of tribology is old but the 
word tribology is quite new and was coined in 1966 by a committee of the U.K. 
Department of Education and Science chaired by Peter Jost. It comes from the Greek 
word “tribos” meaning rubbing. A lubricant is a viscous fluid that can easily shear. 
The viscosity property allows the fluid to take up some, or all, of the load between the 
contacting surfaces if there is a converging gap or a pressure gradient. The ability to 
separate the surfaces in a sliding contact is described with a lubrication factor,  which 
is proportional to sliding speed and viscosity and inversely proportional to contact 
pressure and surface roughness. The influence of the lubrication factor on the friction 
coefficient is described in Figure 1 which is called the Stribeck curve, named after 
Stribeck who lived in the 19th century. Three lubricating regimes are defined, namely 
full film lubrication when the lubricant film takes the entire load, mixed lubrication 
when some of the surface asperities start to interact and take some of the load and 
finally boundary lubrication when the entire load is supported by the surface asperities 
and no load is taken by the lubricant film. Some lubricant can, however, still be 
present in valleys of the surfaces which function as oil reservoirs and can be important 
in boundary lubrication. 

Figure 1 Stribeck curve, describing the different lubrication regimes 

Wear is a material removal process in which particles of different sizes are removed 
from the interacting surfaces. Wear can limit a component’s life due to loss of 
dimension, increased friction or complete stopping of the motion. Wear is classified 
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into various types such as abrasive, adhesive, fatigue and tribochemical etc. as 
illustrated in Figure 2.

Figure 2 Different wear mechanisms 

Wear can also be beneficial and desirable in some applications, for example during 
running-in to make the surfaces smoother and adapt to each other. In fact, the running 
in during the initial part of operation of a machine can strongly influence the life of its 
moving components. 

Seizure is a consequence of catastrophic wear in which the wear rate increases rapidly 
and the component can be totally destroyed. Seizure or scuffing, as it has also been 
called, is in general poorly understood. Although several researchers have addressed 
this problem yet the present understanding is far from satisfactory. Seizure is often 
defined as the complete stopping of motion between two relatively moving and 
contacting elements. Scuffing, that is a reason for seizure, is defined by the 
Organization for Economic Cooperation and Development (OECD) as a “localized 
damage caused by the occurrence of solid-phase welding between sliding surfaces 
without local surface melting” [3]. Scuffing is however a process of events where the 
definition made by OECD is a final stage according to Ludema [4]. Breakdown of 
surface films is considered to be related to the initiation of scuffing, either due to the 
breakdown of elastohydrodynamic (EHD) films [5] or desorption of physically or 
chemically adsorbed films [6] or penetration or removal of oxide films [7]. Thermal 
softening of bulk material has also been attributed to scuffing initiation [8]. Lee [9] 
confirmed the critical temperature-pressure theory with experiments which suggest 
that there are safe and unsafe regions in a pressure-temperature map. 
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1.2 Tribology in a radial piston hydraulic motor 
A radial piston hydraulic motor is described in Figure 3. 

Figure 3 Radial piston hydraulic motor 

The motor consists of a rotating cylinder block and a stationary housing with a wavy 
formed cam ring. A port plate distributes the oil to the cylinders and the timing is 
made so that the cylinder will have high pressure on one side of the cam top (working 
stroke) and low pressure on the other (return stroke). The angle between the cam ring 
and cylinder will exert a tangential force that is transferred from the cylinder block to 
the cam ring via the piston-cylinder, the piston-roller and the roller-cam ring interface. 
These rolling and sliding interfaces will be heavily loaded when hydraulic pressure is 
high which means high demands on the toughness of the functional surfaces. The 
shape of the cam ring is designed in such a way that the sum of the tangential forces 
from all pistons will give an even torque in any angular position of the shaft. The 
piston has, in the interface to the roller, a circular groove which is connected to the 
pressurized oil in the cylinder and provides hydrostatic lift. During starting and at low 
speed, there will be boundary lubrication of the sliding interfaces in the piston 
assembly which results in relatively high friction losses but as soon as the shaft has 
started to rotate in a certain so called lift off speed, there will be hydrodynamic 
lubrication which will lead to very low friction losses. 
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Figure 4 Friction coefficient in the roller piston interface, measured in piston test rig and 
calculated according to paper C. 

Friction coefficient in the piston-roller interface as a function of speed is presented in 
Figure 4, both calculated according to paper C and measured in a piston test rig in 
which the roller-piston interface from two pistons can be isolated. The maximum 
sliding speed in the test was half of maximum motor speed and the fluid viscosity was 
40 cSt. The shape of the Stribeck curve in Figure 1 can be recognized. There is a large 
difference in friction coefficients between the starting and at full film lubrication. 
Another observation is that the transition speed from mixed to full film lubrication, 
which is the sliding speed at minimum friction coefficient, is relatively high, especially 
for low fluid viscosity. This means that mixed lubrication can occur at high speed if 
fluid viscosity is low. It can also be seen that friction coefficient increases at high 
viscosities which correspond to the viscous losses in the lubricating film.
It is well known that seizure in hydraulic motors mostly occur at high pressure and 
speed when, simultaneously, the hydraulic fluid viscosity is low. The mechanism for 
seizure at these running conditions is still unclear and has been studied in this thesis. 
The influence of cleanliness of the oil is difficult to study in laboratory and is also 
unclear. The seizure process is so fast that the motor is often completely destroyed and 
it is difficult to pinpoint exactly as to when the seizure is initiated.
Full scale testing is very expensive and time consuming. It is therefore important to 
devise a simple tribo test that can adequately simulate the tribological interfaces of a 
hydraulic motor. There are several tribo tests for simulating a single contact in a 
machine or a component. However, many of them have a non-conformal contact 
configuration with contact pressure in the GPa range and the tribo tests that exist for 
conformal contacts mostly have contact pressure of only a couple of MPa. Therefore 
there is a need for a tribo test that effectively simulates the interfaces of a hydraulic 
motor.
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2 Objectives 
When a hydraulic motor is working at high pressure, high speed and low viscosity 
there is an increased risk for seizure. If seizure is initiated, the motor is rapidly worn 
down and friction losses can be so high that the shaft stops to rotate. This often means 
a costly unplanned stop of the machine for the user.

Thus the objective of this work: 
- to understand the mechanisms of seizure in radial piston hydraulic motors and 
- to develop a suitable tribo test for simulating the sliding interfaces of hydraulic 

motor with a view to avoid costly and time consuming full scale motor tests. 
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3 Results
Seizure is a dramatic failure of a hydraulic motor in which the motor is totally 
destroyed, see Figure 5. It also leads to generation of large amount of particles that can 
contaminate the whole hydraulic system. 

Figure 5 Seizure damage in a radial piston hydraulic motor 

3.1 Mechanisms for seizure initiation in hydraulic motor 
Three possible mechanisms for seizure initiation in the piston assembly in a hydraulic 
motor that have been proposed in this work are: 

1. Breakdown of lubricant film 
2. Entrapment of particles between the sliding surfaces 
3. Thermal expansion and consequently the loss of running clearance 

Each of these mechanisms can trigger scuffing but may also cause propagation of 
scuffing. For example, if the lubricant film is ruptured, it will result in high friction 
which in turn will lead to thermal expansion and when scuffing has been initiated, the 
entrapment of wear particles can cause the scuffing propagation. 

Break down of lubricant film 
Break down of lubricant film is described as the initial reason for seizure in paper A.
A lubricant film can be both a thick hydrodynamic oil film separating the surfaces or it 
can be a boundary lubricating film formed due to the interaction of lubricant additives 
with the mating surfaces. In a piston-roller interface of a hydraulic motor, the 
transition from hydrodynamic full film lubrication to mixed lubrication is most crucial 
from the seizure point of view. This can be illustrated with a simple friction model 
according to Figure 6. In this model, the friction coefficient is the sum of two parts, 
one boundary friction and one viscous friction as shown in Figure 6. When the 
coefficients are adjusted to fit the measured values in a piston test rig, the influence of 
viscosity can be extrapolated for very low viscosity, see Figure 7. In Figure 8 the 
friction power is plotted. 
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Figure 6 Simple model for friction coefficient in roller-piston interface. The friction 
coefficient is the sum of two components; boundary friction and viscous friction. 

Figure 7 Friction coefficient in roller-piston interface, model compared with data from 
piston test rig. 
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Figure 8 Friction power in roller-piston interface 

This simple model in which the friction is divided into boundary and viscous friction 
gives an idea of how thermal effects may influence the friction coefficient. On the 
right side of the bottom of the Stribeck curve, high viscous friction power will lead to 
high temperature but also lower viscosity, which will reduce the friction power and 
therefore the temperature can level out. The friction coefficient in Figure 7 is therefore 
probably overestimated in that area. In the boundary lubrication regime, higher 
boundary friction power will again lead to lower viscosity but now the lower viscosity 
will increase the friction power even more. This can lead to an unstable process and 
the friction power will increase till seizure occurs and the sensitivity is higher at high 
speed when a small increase of friction coefficient will lead to high additional friction 
power. In the simple model the boundary friction power will be constant up to high 
speed. There will of course be a speed where the boundary friction becomes zero, 
when the surfaces are totally separated. But it nevertheless indicates the possibility of 
high boundary friction power even at high speed when viscosity is low. At low speed, 
the friction power can be quite low even if the friction coefficient is high. Therefore, 
the friction power can level out and reach a steady state level. In this case, however, 
wear can be a problem.

In paper A, one motor was run-in at low speed and high pressure. The effect of 
running-in is that the lift off speed is lowered which will lower the risk of operation in 
boundary lubrication at high speed and low viscosity. Additionally, the surfaces are 
smoothened in the areas where boundary lubrication will first occur and this will 
improve the conformity of the mating surfaces. This motor had the best seizure 
resistance of all the tested motors. 
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Figure 9 Example of running in effect in piston-cylinder interface which enhance 
hydrodynamic lubrication and reduce risk for seizure both by better conformity and 
smoother surfaces. 

Thermal expansion 
If friction losses in the piston assembly are large, the accumulated heat will cause 
thermal expansion. In paper A, it is suggested that the seizure process starts with 
breakdown of lubricant film at the piston-roller interface. When this interface is 
operating under mixed lubrication conditions, the heat generation will lead to thermal 
expansion which may eventually lead to seizure.  
Introducing warm oil in a cold motor may cause thermal expansion but in this case 
both the piston and cylinder bore will be heated simultaneously. However, if a cold 
motor with high fluid viscosity is started quickly at high speed, the losses between 
roller and piston will be high due to viscous losses, as illustrated in Figure 8. This will 
result in high differential temperature between piston and cylinder and consequently 
the thermal expansion may lead to a situation in which the piston gets stuck in the 
cylinder bore and seizure occurs. 

Entrapment of wear particles 
Entrapment of wear particles can be a problem if the particles are of the same size as 
the gap between the sliding surfaces. The particles can be embedded into the softer 
surface and cause scoring (or scratching) of the harder surface. The particles 
themselves may initiate the seizure or their abrading action may lead to the breakdown 
of the lubricating film. Entrapment of wear particles can also contribute to the 
propagation of seizure from one piston to other pistons of the hydraulic motor. 
Particles in the casing of the motor will easily get into the cylinder-piston interface 
because the piston is tilting back and forth and the clearance becomes quite large when 
the cylinder is deformed. There will be a pumping effect when the cylinder-piston 
clearance is opening and closing, that will further enhance the dragging of particles 
into the interface and will be trapped when the clearance is reduced. Therefore, large 
amount of particles in the motor casing may give rise to wear and scuffing of piston 
and cylinder interface.
Particles in the loop may come into the piston-roller interface because there is 
pressurized oil in the hydrostatic balancing groove. The leakage of oil will drag the 
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particles into the contact and these particles in the loop may induce seizure of the 
piston-roller interface.
Further, the particles which inadvertently get into the system during assembly of the 
components are also a problem since they are already at the tribologcal interfaces. 

Figure 10 Example of entrapped particles in piston surface. Size of particles are in the 
same order of magnitude as the clearance between roller and piston. 

Experience from laboratory tests has shown that seizure from lubricant film break 
down occurs within 15 minutes after a change in running conditions like pressure, 
speed or temperature. After that, the temperature levels out and there is no risk for 
seizure if the running conditions are not adversely altered. The same is valid for 
seizure owing to the thermal expansion. Seizure from particle entrapment, however, 
may occur after 1 minute or after 100 h depending on the probability of particles 
entrapment. Break down of lubricant film is the most common mechanism for seizure 
in laboratory tests and is often closely linked to the mechanical losses in the motor. A 
coated piston or roller can actually give lower resistance to seizure because the 
mechanical losses become higher due to somewhat rougher surface. However, in field, 
the coated rollers give higher resistance to seizure in view of their improved resistance 
against the abrading action of the particles. 

3.2 Tribo test for simulation of sliding interfaces in hydraulic motors 
In section 3.1, the seizure initiation mechanisms have been described. However, the 
seizure process is a series of events in which the scuffing is initiated locally when 
speed, temperature and contact pressure are at a threshold level. In view of this, it may 
be interesting to use a simple tribo test in which a single local contact could be 
simulated. Also, the full scale seizure tests on hydraulic motors are very costly and 
time consuming. In view of these reasons, simpler screening tribo test that simulates 
the sliding interfaces in the piston are desirable. However, most of standard tribo tests 
work with non conformal interface, like a ball on disc test. The reasons are that there 
are no alignment problems and the test specimens are simple, easy to manufacture and 
cheap. In the non conformal contact, a relatively low load can create very high contact 
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pressure but it is not an appropriate method to simulate the conformal interfaces of a 
hydraulic motor. A tribo test for conformal interfaces can be complex. For example, 
the load to create the relatively high contact pressures similar to those in a hydraulic 
motor will be high if the contact area is not very small. Alignment and edge loading 
may also be other problems. In this work, a rotary tribometer with a thrust washer test 
configuration was chosen for simulating the sliding interfaces of the hydraulic motor, 
see Figure 11. In the thrust washer test configuration, the upper specimens were made 
with three flat pads. The size of pads was varied to study the effect of different area 
ratio between the contact area of the upper and lower specimen. Speed and nature of 
surfaces was also varied. Incremental increase of contact pressure was used which 
means that the load increase was different for different area ratios. A factorial design 
approach was used to study the influence of different parameters and in total 21 
scuffing tests was performed. 

The results revealed that scuffing is very system dependent. The contact pressure at 
scuffing varied significantly with the size of pads. Small pads could withstand much 
higher contact pressure before scuffing occurred. This phenomenon has been attributed 
to the different amount of heat accumulation and running-in performance. A 
consequence of these results is that PV-values are not comparable between different 
tribological contact conditions. It is therefore important to know the temperature 
distribution and running in performance of the surfaces. Paper B suggests that a tribo 
test with a size of pads that corresponds to 24% area ratio is suitable for simulating the 
piston-cylinder interface. 

This tribo test is useful for evaluating the resistance to seizure when the hydrodynamic 
oil film is ruptured. However, it is important to keep in mind that the mechanism to 
why the hydrodynamic oil film is ruptured is not simulated in this test. The effect of 
contaminants in the oil may also be simulated in the test provided it is ensured that the 
particles will enter the contact. 

Figure 11 Specimens for conformal surface tribo tests. 
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4 Discussion
Possible reasons and corresponding actions for reducing the risk for seizure in a 
hydraulic motor may be summarized as follows: 

Break down of lubricant film
Reduction in the lift off speed at low viscosity by improvements in the design of the 
piston, modification of surfaces or optimal running-in. 

Particle entrapment in roller-piston interface 
Use of hard DLC coating on roller to protect it against abrasive wear from particles 
that may be embedded in the softer piston material; use thick soft coating in piston that 
can embed particles without scratching the roller; Reduce leakage from the balancing 
groove.

Particle entrapment in piston-cylinder interface
Use of thick soft coating to embed particles without scratching counter surface. Today 
both surfaces have equal hardness. DLC coating on piston with hard substrate that can 
withstand hard particles in the interface may improve the resistance to abrasive wear. 
The tribo test described in 3.2 may be used for screening if ensuring that the particles 
will enter the contact. 

Thermal expansion 
Avoid break down of lubricant film, reduce friction losses in full film lubrication or 
use material with lower thermal expansion coefficient; avoid starting up motor with 
too high viscosity. 
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5 Conclusions 
Seizure of a hydraulic motor is a fast and dramatic failure that has been studied in this 
work. Motor tests in laboratory have revealed the different failure mechanisms, 
namely break down of lubricant film, particle entrapment and thermal expansion. Any 
of these can be the initiating mechanism for seizure but often a combination of these 
mechanisms is likely to contribute to the seizure propagation from one piston to other 
pistons. Low lubricant viscosity greatly influences the risk for breakdown of lubricant 
film and in view of this, smoother surfaces and effective running in are important for 
improved seizure resistance.  

Tribological tests performed by using different area ratios revealed that smaller pads 
could withstand much higher contact pressure than larger pads due to different thermal 
and running in properties. The PV-value was found to be valid only for specific 
contact geometry and cannot be transferred easily to other contact geometries. Further, 
the 24% area ratio test has been found effective in simulating the piston-cylinder 
interface.
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6 Future work 
Future work will focus on exploring the possibilities of modifying the Stribeck curve 
in a way that both the boundary friction coefficient as well as the lift off speed for 
mixed and boundary lubrication can be lowered, see Figure 12. Lowering of the lift off 
speed is complex and will require actual motor tests. Attempts will also be made to 
estimate and optimise it with the help of FE-calculations. The boundary friction is 
difficult to calculate but it can be measured through carefully designed tribological 
tests. 

Figure 12 Principal diagram describing the objectives in the future work. 

Activities in future work include: 
Influence of running-in at low speed on boundary lubrication losses in radial 
piston hydraulic motor. Surface topography before and after running in will be 
studied and advance surface analysis will be performed on run-in surfaces. 
Influence of anti wear and EP additive concentration on running-in SRV test. 
Load and speed will be chosen to simulate hydraulic motor function. Surface 
topography and tribo films will be analysed. 
Comparison of boundary friction with different surface modification 
technologies will be performed in SRV test. 
Different surface modification technologies will be compared in hydraulic 
motor test with the aim of reducing losses and lowering of the lift off speed in 
mixed and boundary lubrication regimes. 
Continuation of the work in paper C with a more detailed theoretical model of 
the piston-roller interface including the asperity interaction at boundary 
lubrication.  
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Abstract
Despite its practical significance, the occurrence of seizure in tribological systems has 
not been fully understood. In this work, extensive actual tests on hydraulic motors 
under extreme operating conditions of low viscosity, high pressure and speed have 
been conducted with a view to investigate and understand the seizure mechanism. 
Some of the motors failed and they were stopped at different stages of progressive 
seizure. Based on these investigations, a three stage seizure process has been 
suggested.  Stage 1 involves the breakdown of hydrodynamic oil film between roller 
and piston which leads to increased friction, thermal expansion and increased leakage. 
In stage 2, scuffing is initiated either between roller and piston or between piston and 
cylinder. During stage 3 scuffing propagate to several pistons. 
Keywords: Hydraulic motor, seizure, scuffing, lubrication 

1 Introduction
Seizure is defined as the cessation or stopping of relative motion between the 
contacting surfaces as a result of interfacial friction. Seizure and scuffing have been 
described in literature in various ways but their initiating mechanism may be the same. 
The term ‘seizure’ means very severe damage to sliding surfaces in which the driving 
force is unable to overcome the friction force and there is complete cessation of 
relative movement. The term ‘scuffing’ as explained by Ludema [1] leads to 
roughening of surfaces by plastic flow irrespective of whether there is material loss or 
transfer. Although scuffing and seizure may be observed in both rolling (non-
conformal) and sliding (conformal) contacts these are more frequently encountered in 
the sliding conformal contacts.  
There are two ways of looking at the scuffing/seizure problems of a hydraulic motor. 
One is to look at the complete hydraulic motor as a system in which the role of 
specific geometry and nature of various contacting interfaces as well as that of 
operating variables such as sliding speed, contact pressure, thermal expansion and 
lubrication mechanisms etc. must be understood. The second way is to focus on the 
local (or individual) tribological contact where the scuffing is initiated. 
Regarding the system level of understanding, Ludema [2] opines that it is necessary to 
perform full scale testing of tribological systems so as to take into account all 
important variables that influence scuffing performance. Wang [3] has reviewed 
seizure failure in journal bearings and attributed the occurrence of seizure in conformal 
contacts to loss of clearance due to thermal expansion (mainly in dry contacts but in 
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some cases it can also occur in lubricated contacts), lubricant starvation, accumulation 
of wear debris in the clearance space and local geometric changes due to occurrence of 
severe wear and material transfer. 
The mechanism for initiation of scuffing at the local (or individual) contact level has 
been studied by several authors. Most of them have used standard laboratory test rigs 
predominantly operating under sliding conditions, for example a pin on disc machine. 
Several mechanisms of scuffing have been proposed such as the rupture or breakdown 
of the lubricant films, desorption of physically or chemically adsorbed films and 
penetration or removal of oxide layers. Lee and Chang [4] presented a model based on 
the adsorption and proposed safe and unsafe operating regions from scuffing point of 
view. They also presented a model for asperity contact flash temperatures. Cutiongco 
and Chung [5] looked into the competitive kinetics of formation and removal of oxide 
layers and presented a scuffing prediction model. Hershberger et al [6] suggested that 
scuffing occurs when the rate of local thermal softening exceeds that of work 
hardening. Suh and Polycarpou studied the surface and subsurface at different levels of 
progression prior to scuffing [7, 8, 9]. Surfaces seem to smoothen in the early stages of 
scuffing, resulting in loss of fluid retention capability and increased bearing index. On 
the other hand, running-in, which is a smoothening process, is thought to improve 
scuffing resistance. Cavatorta and Cusano [10,11] found that running-in can 
significantly increase scuffing resistance and suggested that higher scuffing resistance 
is primarily linked to film formation and  the smoothening effect during running-in. 
The review of published work indicates that most studies pertaining to scuffing/seizure 
have been conducted with the focus on the local (or individual) tribological contacts. 
Although these studies have helped in getting an insight into the mechanisms of 
scuffing/seizure yet these do not explain the behaviour of the complete tribological 
system. The present work therefore focuses on investigating the seizure of hydraulic 
motors with a view to establishing the seizure limits and understanding the mechanism 
of seizure. In all, 24 motors were tested under extreme operating conditions of speed, 
pressure and lubrication with low viscosity fluids.  

2 Laboratory tests on hydraulic motors 

2.1 Description of hydraulic motors 
A radial piston hydraulic motor is described in Figure 1. As can be seen, there are two 
sliding interfaces and one rolling interface involved in converting the energy from the 
pressurized oil flow into the rotating motion of the motor shaft. These interfaces are:
Interface 1: Sliding interface between cylinder and piston 
Interface 2: Sliding interface between roller and piston 
Interface 3:  Rolling interface between roller and cam  
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Figure 1 Description of a radial piston hydraulic motor showing interfaces 1, 2 and 3 

A port plate distributes the oil to the cylinders and the timing is made so that the 
cylinder will have high pressure on one side of the cam top and low pressure on the 
other. This gives an even torque at any angular position of the shaft. At interface 2, the 
piston has a circular groove which is connected to the pressurized oil in the cylinder 
and provides hydrostatic lift. 

2.2 Test configuration 
When rotating in a certain direction, a hydraulic motor can operate in driving mode 
when direction of torque is positive, or in breaking mode when direction of torque is 
negative. In this test two identical motors are mounted on the same shaft, one motor in 
driving mode and the other in breaking mode. When the two motors are pressurized, 
the only power needed to rotate the shaft is the power to overcome the friction losses 
and the oil flow losses in the system. These losses are called the hydromechanical 
losses. 
The hydraulic circuit is described in Figure 2. The high pressure, PH, is the same for 
both motors and is held constant with a high pressure pump and a pressure control 
valve. The flow from the high pressure pump compensates for the leakage in the 
motors. The low pressure of the motor in driving mode, PLM, is held constant with a 
pressure control valve. The main flow is to the low pressure inlet of the motor in 
breaking mode and a pressure control valve is mainly used as a safety valve. The main 
flow is indicated with arrows in Figure 2. The shaft torque of the hydraulic motor is 
dependent on the differential pressure between the inlet and outlet. In this case the 
high pressure of both the motors and the low pressure of the motor in driving mode are 
kept constant. The only pressure that is varied is the low pressure on the motor in 
breaking mode, PLP. When PLP is increased, the torque of the motor in breaking 
mode will decrease until it is equal to the torque of the motor in driving mode and the 
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shaft starts to rotate. Because the displacement of the two motors is the same, the 
difference in pressure between PLP and PLM is a measure of the hydromechanical 
losses in the system. If the losses are zero, PLP and PLM will become equal. 

Figure 2 Hydraulic circuit of the test rig showing the direction of main flow 

2.3 Test procedure 
Two different sizes of motors have been tested, with displacement of 4,4 and 13,2 l/rev 
respectively. The 4,4 l/rev motor gives 70 Nm/bar which gives a torque of 14000 Nm 
at 200 bar which is a normal operating pressure. The test motors having a 
displacement of 4,4 l/rev were designated as RP1, RP2 and 2.1(1) and that with a 
displacement 13,2 l/rev was B2 and B3. The seizure test for the 4,4 l/rev motor was 
conducted at three different speeds and incremental loading as shown in Figure 3. 
Each step is of 15 minutes duration and during this time the bulk oil temperature 
stabilises. From experience of other seizure tests, seizure occurs within 5 minutes of 
increasing the pressure. The last step at highest pressure and speed is held for 1h. The 
test procedure for the 13,2 l/rev motor is identical to that of 4,4 l/rev motor except that 
the test speeds are 40 rpm and 60 rpm.  
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Figure 3 Test procedure for incremental loading of the motor having a displacement of 
4,4 l/rev 

2.4 Monitoring of PLP for seizure control 
Following the description of motor function in section 2.1, the limiting contacting 
interfaces are interface 1 and interface 2. The seizure damage in a hydraulic motor can 
be very rapid and often severe when the motor is finally stopped. It is difficult to 
detect the origin of the failure i.e., whether the failure originates at interface 1 or 2, see 
Figure 4. It is therefore important to shut down the test early in the seizure process in 
order to understand the occurrence of seizure. As described in section 2.2 the 
difference between the pressures on the low pressure side of the two motors is a 
measure of the hydromechanical losses in the system. If the shaft speed and oil 
temperature are held constant then all flow losses are constant. Because PLM is 
constant, any change in PLP will correspond to a change in friction losses in the 
motors. Monitoring PLP has proved to be a very sensitive method to detect early 
stages of seizure. After starting the test and when speed and pressure have stabilised, 
the PLP monitoring is switched on. It detects the rate of change in PLP, called 
dPLP/dt. If this value reaches a certain level, the test is immediately shut down. To 
detect slow changes in PLP, a floating average of dPLP/dt is used. If the floating 
average of dPLP/dt during a certain time reaches a preset level the test is shut down. 
The settings of dPLP/dt and floating average of dPLP/dt were set to 0,1 and 0,03 bar/s 
from experience of the earlier tests.
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Figure 4 Piston and roller with severe scuffing damage. 

2.5 Seizure process in hydraulic motor 
As mentioned above, in all 24 hydraulic motor tests were carried out. Some of these 
hydraulic motors passed the tests but some of them had scuffing damage at different 
level of progression. Before the PLP monitoring was developed, some motors were 
stopped manually when noise and vibrations from the motor were detected. While 
investigating these motors, severe damage was noticed and it was difficult to pinpoint 
the initiation of scuffing. When the PLP monitoring was used, the motors could be 
stopped very early in the seizure process. After examining the progression of seizure in 
several motors, three stages in the seizure process can be identified as shown in Figure 
5. 

Figure 5 Description of the three stages in the seizure process of hydraulic motors 
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1. PLP is first constant which means that the friction losses are also constant but at 
a certain point PLP starts to increase, typically 0,5 bar in a period of 30 s. The 
motors stopped at this stage have only light wear and no scuffing damage with 
material transfer. A normal contact pattern at interface 1 is shown in Figure 6 a. 
Motors stopped at this stage have one or a few pistons with a contact pattern 
that is shifted downwards on the piston like in figure 6 b. Also some light wear 
on the piston at interface 2 can sometimes be seen. During this stage the 
leakage from the hydrostatic groove on the piston at interface 1 starts to 
increase.

2. A sharp transition to a more steep increase in PLP. Motors stopped at this stage 
normally have one piston with light scuffing damage either at interface 1 or 2. 
Motors stopped later in this stage have one piston with more severe scuffing 
damage. The leakage increase is steeper compared to stage 1. 

3. A transition to an even more steep increase of PLP.  Motors stopped at this 
stage have several or all pistons with severe scuffing damage. Now the friction 
losses can be so high that the shaft seizes to rotate, even though the motor is 
pressurized.

Figure 6 The wear pattern for interface 1, a) normal wear pattern, b) misaligned wear 
pattern 

2.6 Scuffing propagation 
Some motors were run to complete seizure and when studying the data logging, all 
stages 1 to 3 can be seen. The PLP vs time for two of these motors (called RP1 and 
RP2) is shown in Figure 7. Seizure stage 1 is almost indistinguishable as the pressure 
increase is only 0,5 bar. All pistons in RP1 had scuffing at interface 2 and one also had 
scuffing at interface 1 while RP2 had scuffing only at interface 1 of all pistons. It is 
clear that the rate of increase of the losses is higher if the scuffing propagates at 
interface 2. The motors RP1 and RP2 have 4,4 l/rev displacement and at 240 rpm the 
power loss from 1 bar increase in PLP is 1,3 kW. In the RP1 test the final friction 
power at seizure is 100 kW. The friction power will rapidly increase oil temperature 
and thus reduce oil viscosity which is one mechanism to the scuffing propagation to 
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other pistons. Another mechanism is the entrapment of large wear particles between 
sliding surfaces. Scuffing at interface 2 may stop the rotation of the roller which gives 
scuffing damage on the cam and indentations on all rollers, so a third mechanism of 
scuffing propagation is roughening of roller surfaces.

Figure 7 Seizure process with all stages 1 to 3 where scuffing has propagated mainly at 
interface 2 on RP1 and only at interface 1 on RP2

2.7 Leakage increase 
The external leakage to the housing increases at the same time as PLP increases. This 
leakage mainly comes from the hydrostatic groove on the piston at the interface 2. 
Reasons for leakage increase could be form changes in the piston due to thermal 
effects which increases the gap between roller and piston. Another possible 
explanation of the increase in leakage is decrease in viscosity due to frictional heat. 
Figure 8 shows PLP and leakage from motor B2 in the transition to seizure stage 1.
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Figure 8 Leakage and PLP versus time for motor B2. Seizure stage 1 and 2 are indicated 

2.8 Mechanical losses with different pistons 
Different piston assemblies have been used in the test, two of them are called A and B. 
It is easy to measure the hydromechanical losses during the test. To separate friction 
losses from oil flow losses, oil flow losses from earlier tests have been used. A loss 
coefficient C for the pistons is introduced, assuming that all friction losses originate 
from the piston assembly. Torque equilibrium for the motor in driving mode gives 
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where Ploss is the pressure loss between inlet and outlet of the motor, Ts is the specific 
torque of the motor in Nm/bar, T is the torque measured during the test. Other 
parameters are as shown in Figure 2.  
Using the oil flow losses from earlier tests, the loss coefficient C is 0,02 for piston A 
and 0,03 for piston B at 180 rpm and 300 bar. The roller in piston B has a low friction 
DLC coating expected to enhance scuffing resistance. However, the motor tests have 
shown that the piston B, with 50% higher losses, has a lower seizure resistance than 
piston A. The main reason for difference in friction losses is in view of the differences 
in form and surface finish, which influence the hydrodynamic lubrication. Surface 
roughness (Ra) is typically ~ 0,2 µm for an uncoated piston and 0,3 µm for a coated 
piston. 

2.9 Effect of running- in 
The motors in breaking mode are more sensitive to scuffing but as the operation in 
breaking mode is rare in field applications, the focus was on motors in driving mode. 
Therefore the motor in breaking mode was run-in at 2,5 rpm for 100 h. After this no 
further seizure occurred on this motor in breaking mode. The surface topographies of 
the piston and cylinder bore surfaces were analysed by using a 3D optical surface 
profiler before and after the test. Typical surface roughness parameters and profile of 
the piston OD are given in Figure 9. It is clearly evident that the conformity of the 
surfaces after running-in has considerably improved. 
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Figure 9 Effect of running in at low speed on surfaces of interface 1 

2.10 Additional tests in piston test rig 
To obtain further understanding of the roller-piston contact, tests were conducted in a 
piston rig that is described in more detail in [12]. This test rig isolates interface 2 and 
allows measurement of friction torque between roller and piston and leakage from the 
hydrostatic groove on the piston. The test was done with constant speed of the roller, 
corresponding to roughly 80 rpm on the 4,4 l/rev motor. The roller rotation 
corresponds to breaking mode in the motor. The pressure was increased in steps of 25 
bar and was maintained for 2 minutes at each step. At 300 bar the friction coefficient 
increased gradually during 30 seconds until a transition to high friction occurred and 
scuffing was initiated on one of the two pistons. During that time the leakage also 
increased, from 0,1 up to 0,3 l/min. This process occurred without the influence of 
interface 1 but was still quite similar to stage 1 and 2 in the seizure process for a 
complete motor described in 2.5. 

3 Investigation into the seizure process of motors stopped at different stages 

3.1 Motors stopped at stage 1 
Motor B2 and B3 were stopped when the floating average of dPLP/dt reached 0,03 
bar/s. This corresponds to seizure stage 1 in the suggested seizure process. No 
evidence of scuffing or material transfer was found in the motors and only mild wear 
on the inside of one piston in motor B2 was seen. In motor B3, the location of the wear 
pattern on the piston at interface 1 had shifted downwards on the piston described in 
Figure 6 b. This misaligned wear pattern indicates form changes, probably due to 
thermal expansion during the test. The misaligned wear pattern is also in the area 
where scuffing has initiated on pistons from other motors and propagated to seizure 
stage 2. 
Figure 10 shows a piston from motor B2. A 4 µm deep wear scar can be found on the 
piston at interface 2. The worn surface was analysed by using scanning electron 
microscope incorporating energy dispersive spectroscopy (SEM/EDS). The analysis 
showed the presence of sulphur and phosphorus elements in the dark regions but not in 
the bright areas. This indicates that the operation is under boundary lubricating 
conditions in those regions and formation of S, P based tribochemical film. 
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Spectroscopic analysis of the oil revealed 2000 ppm Sulphur, 500 ppm Phosphorus 
and 700 ppm Zinc which indicate a ZDDP additive. The appearance of dark and light 
pattern areas look is owing to the pearlite structure of the material as the additives 
react with the ferrite phase but not the carbide phase.
Another interesting observation from motors stopped at this stage of seizure is that the 
motor can be used again without any problem as if nothing has happened.  

Figure 10 Roughness profile and SEM micrograph (backscatter mode) on piston from 
motor B2 that was stopped during seizure stage 1 

3.2 Motors stopped at stage 2 
Motor B3 was reassembled again and this time it was stopped when dPLP/dt reached 
0,1 bar/s. Now the slow change in PLP during 30 seconds was not enough to stop the 
test. Instead, the test was stopped early in stage 2 when the rate of change in PLP 
increased. Two pistons had scuffing damage at interface 2, the same pistons that had 
indication of thermal expansion at interface 1 in the last stop.
Another motor, 2.1 (1) stopped at stage 2 in which one piston had scuffing damage as 
shown in Figure 6 b and the scuffing location shifted downwards on the piston. 
Interface 1 from another piston/cylinder pair from the same motor was also studied 
and in this the cylinder asperity summits have been plastically deformed and small pits 
are formed, Figure 11. These pits are not associated with graphite nodules which are 
seen on the cross-section of one of the pits, Figure 12. The area of pits on the asperity 
peaks corresponds to the area where scuffing was initiated on the damaged piston. 
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Figure 11 Cylinder surface from motor 2.1(1) showing plastic deformation on asperity 
summits. SEM micrograph (left) and 3D optical surface profiler image (right) 

Figure 12 Cross section of the plastically deformed region shown earlier in figure 11 

4 Discussion
The proposed seizure process consists of 3 stages. During stage 1 there is only an 
increase in friction without scuffing damage. In stage 2, scuffing initiates and during 
stage 3 scuffing propagates to several pistons. Stage 2 and 3 are associated with the 
initiation of scuffing. However, stage 1 is mainly associated with the system level of 
understanding described in the introduction. Since this is the trigging event in the 
seizure process, it will be discussed in more detail. 
Observations from stage 1 are:

1. Misaligned wear pattern between piston and cylinder. Normal contact is marked 
'a' in Figure 13, the misaligned wear pattern is marked 'b'. 

2. Increased leakage 
3. Indication of boundary lubrication between roller and piston 

Observations from stage 2 are: 
1. When scuffing initiates at interface 1, it originates from the same area as the 

misaligned wear pattern in stage 1.  
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2. When there have been high friction power at interface 2, for example if scuffing 
has initiated there, the area of contact pattern at interface 1 is even further 
down, marked ‘c’ in figure 13.

Pistons that are close to scuffing or have initiation of scuffing seem to have a 
misaligned wear pattern between piston and cylinder and the distance from where it 
should normally be is longer when the friction heat from the roller piston contact is 
higher. The friction heat in the piston comes from interface 1 and 2, section 2.1. 
According to Figure 13, interface 1 heats up region 1 and interface 2 heats up both 
region 1 and 2. Thermal expansion of region 1 will only change the shape of the piston 
slightly but thermal expansion in region 2 may change the shape of the piston and the 
contact area will move downwards in Figure 13. This could explain the occurrence of 
the misaligned wear pattern. Also, it was verified through piston rig tests that increase 
of friction and leakage, which is associated with stage 1, can occur without interface 1. 
The initiation of stage 1 in the seizure process seems to originate from the piston-roller 
interface.
Two possible explanations for the increase of friction at interface 2 are: 

The hydrodynamic oil film is ruptured between roller and piston due to lower 
viscosity when losses reach a certain level. The increased friction will further 
result in lower viscosity and so on. This will eventually lead to boundary 
lubricating conditions and consequently higher friction. 
The hydrodynamic oil film between roller and piston is ruptured due to form 
changes in the piston due to deformation from the load and/or thermal 
expansion. When the load and temperature reach a certain level, the form 
changes lead to rupturing of the oil film between roller and piston resulting in 
higher friction. This process will also be enhanced by low viscosity which 
reduces the oil film thickness. 

The increased leakage may be attributed to form changes or the decrease in viscosity. 
At stage 2, the scuffing is initiated where the contact conditions are worst in terms of 
sliding speed, contact pressure and temperature of the sliding interfaces. The increased 
friction increases the probability of scuffing in the piston-roller interface. The thermal 
expansion of the piston will result in a misaligned wear pattern and surfaces not 
previously run-in will come into contact. Additionally, thermal expansion will change 
the form of the piston which will lead to higher contact force between piston and 
cylinder. 
Interface 1 has been studied close to scuffing. Local plastic deformation occurs on 
asperity tips of the cylinder surface that has not run-in properly. Small pits are formed 
when small particles leave the surface, which indicate high adhesion forces locally on 
the asperity summits. Also interface 2 has been studied close to scuffing where 
phosphorous and sulphur compounds and plastic deformation has been noted. 
Running-in at low speed improves scuffing resistance and reduces the risk of seizure 
during stage 1 because the smoother surface from the running-in process will reduce 
the frictional losses. Also, the scuffing resistance during stage 2 will be improved due 
to better conformity of the surfaces. 
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Figure 13 Illustration of frictional heat generation. Area marked 1 will be heated from 
interface 1 whereas area marked 2 will be heated from interface 2. The wear pattern is 
normally located at “a”. Friction heat from interface 2 will shift the contact pattern to 
“b” or even to “c” if the friction heat from interface 2 is extremely high. N is the normal 
force from the cam ring. 

5 Conclusions
A three stage seizure process for radial piston hydraulic motors has been suggested. 
The trigging event for stage 1 in the seizure process is rupture of hydrodynamic oil 
film at the interface between roller and piston, either due to viscosity loss or form 
changes from load or thermal expansion. Scuffing is then initiated in stage 2 either on 
the outer diameter of the piston or on the inside diameter of the piston. A running-in 
process at low speed improves the seizure resistance. 
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Abstract: Heavily loaded moving machine components encounter severe tribological problems.
Typical examples include piston and cylinder contacts in a hydraulic motor. Piston and cylinder
bore contacts invariably operate in boundary lubrication regime and the risk for seizure of these
contacts is high particularly when lubricated with low-viscosity lubricants. The piston assembly
in a radial piston hydraulic motor has conformal (area) contact. In this work, these contacts have
been simulated in the laboratory by using a thrust washer test configuration. The influence of
area ratio, nature of contacting surfaces, and speed on scuffing has been investigated by using
a factorial design of experiments approach. The influence of area ratio on wear at lower speed
has also been studied. The results have revealed that the surface power, or μpv-value, at scuffing
varies by 3–4 times when the area ratio was increased from 8 to 72 per cent. The running-in
wear tests have shown that running-in of the upper and lower specimens also varies with the
area ratio. During the first 30 s the upper specimen is polished with low area ratio, whereas the
lower specimen is polished with high area ratio. The surface temperature was estimated by using
finite-element calculation and it was found to be similar prior to scuffing for both 8 and 72 per
cent area ratios at 1.7 m/s sliding speed. The comparison of the results with the actual motor tests
shows that an area ratio of 24 per cent seems to simulate the piston-cylinder contact better.

Keywords: scuffing, seizure, hydraulic motor, area ratio, wear

1 INTRODUCTION

A radial piston hydraulic motor includes several mov-
ing components with sliding and rolling interfaces.
If running conditions are severe regarding pressure,
speed, and viscosity, scuffing damage can occur.

Testing on a complete machine is costly and time
consuming. Therefore, when studying the perfor-
mance of a machine with respect to its tribological
aspects, tribo tests are often used to facilitate and
speed up the testing process. However, all aspects
influencing the performance of a machine are not
included in a tribo test. When designing a tribo test
to simulate an interface in a machine, one needs to
consider if a standardized test like ball on disc should
be used or a new test method should be designed.

∗Corresponding author: Division of Machine Elements, Depart-

ment of Applied Physics and Mechanical, Luleå University of

Technology, Luleå, SE-97187, Sweden. email: daniel.nilsson@ltu.se

It is also important to understand the limitations of
the specific tribo test to be used.

Various test methods are presently available for the
tribological study of different contacting elements.
Because of its simplicity, equipments like ball on disc
or pin on disc are often used. When simulating the
interfaces in a radial piston hydraulic motor, these test
methods have some disadvantages like the use of non-
conformal contact in the ball on disc configuration
and there is also a problem with varying contact area
of the ball due to wear, and consequently a variable
contact pressure during the test. Another problem is
the large difference in the frictional area of the two
contacting specimens. The frictional (contact) area of
the pin or ball could be 100 times smaller than that of
the disc. In this article, the term ‘area ratio’ is defined
as the ratio between the frictional (contact) areas of
the mating specimens. In cases where the difference
is 100 times, the area ratio is 1 per cent. In many
real applications like gears, roller bearings, automo-
tive components, and hydraulic system components
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the area ratio is many times higher than that in a
pin on disc configuration. Additionally, the tribolog-
ical performance is often dependent on how the two
contacting surfaces having different material compo-
sitions, surface finish, and hardness behave during
running-in and in service. If the area ratio is much
smaller in the tribo test compared to that in reality,
there is a risk of the smaller contacting surface wearing
out very rapidly and the performance being controlled
mainly by the bigger contacting surface.

The mechanism of scuffing has been studied by sev-
eral authors but is not yet fully understood. Seizure
is often defined as the complete stopping of motion
between two contacting elements. Scuffing, which is
a reason for seizure, is defined by the Organization
for Economic Cooperation and Development (OECD)
as a ‘localized damage caused by the occurrence of
solid-phase welding between sliding surfaces without
local surface melting’ [1]. Scuffing is, however, a pro-
cess of events, where the definition made by OECD is
a final stage according to Ludema [2]. Breakdown of
surface films is considered to be related to the ini-
tiation of scuffing, either due to the breakdown of
elastohydrodynamic films [3], or desorption of physi-
cally or chemically adsorbed films [4], or penetration
or removal of oxide films [5]. Thermal softening of
bulk material has also been attributed to scuffing ini-
tiation [6]. Lee and Chen [7] confirmed the critical
temperature–pressure theory with experiments that
suggest that there is a safe and an unsafe region in a
pressure–temperature map. Attempts have been made
to create scuffing transition maps with contact pres-
sure, speed, and the critical pv-value [8]. Sheiretov
et al. [9] conducted experiments on dry contacts and
found that pv = constant was valid. He also found that
scuffing is strongly system-dependant, and changes in
the geometry of the test specimens lead to shifts of
the pv curve. He varied the pin diameter and found
that smaller pins could withstand higher pv and con-
cluded that the size effects are in essence temperature
effects. At the same pv, the contact between the smaller
pins and the steel disc generates less heat than is
generated with larger pins. However, the scuffing tem-
perature was 180 ◦C for the smaller pins and 240 ◦C
for the larger pins. Patching [10] made tests in a
twin-disc machine under lubricated conditions and
found that pv = constant was not a good limit for
scuffing. Horng [11] found out that pvμ = constant
was inadequate in describing the limit for seizure in
his tests.

The influence of surface roughness has been
described by several authors; Jinno et al. [12] found
an optimum surface roughness for scuffing resistance
in his tests and also suggested that the optimal sur-
face roughness will be different for different cases
depending on the operating and material parame-
ters. Andersson and Salas-Russo [3] concluded that
a smoother surface had better resistance to scuffing.

Yoon et al. [13] discovered that a smooth surface is
beneficial when lubrication is good but for poor lubri-
cating conditions a smooth and rough surface had
similar scuffing resistance.

The objective of this work is to find a suitable
tribo test to study the mechanism of scuffing in the
piston–cylinder interface. In this type of radial pis-
ton hydraulic motor, the tangential force that creates
the output torque is transferred through the con-
formal interface between the piston and cylinder.
FEM calculations have shown that the nominal con-
tact pressure in this interface is around 100 MPa at
30 MPa hydraulic pressure.The sliding speed can reach
2.5 m/s. The influence of area ratio on scuffing and
running-in has not been studied earlier and studies
pertaining to these aspects are intended to obtain
suitable parameters for the tribological simulation of
the piston–cylinder interface. Further, the influence of
surface roughness and sliding speed on scuffing has
also been investigated.

2 DESCRIPTION OF THE TEST

2.1 Test rig

In this work, a rotary tribometer (Phoenix Tribol-
ogy make, TE92 model) that enables the use of a
thrust washer test configuration (as described in ASTM
D3702) was employed for tribological studies. In this
tribometer, tests can be conducted at loads up to 10 kN
and speeds of up to 1800 r/min. The limiting value for
the frictional torque is ∼10 Nm.

2.2 Test conditions

The specimens for the thrust washer test configura-
tion are two washers, the lower stationary and the
upper rotating. The upper test specimen surface has
three pads. By changing the size of the pads on the
upper specimen, different area ratios can be achieved.
In this work, the upper test specimens were made to
provide area ratios of 8, 24, and 72 per cent, respec-
tively, when in contact with the lower test specimen,
see Fig. 1. The test lubricant used during the tests was
a formulated ISO VG 10 mineral oil with anti-wear
additives. The temperature of the bulk oil was held
at 70 ◦C, which corresponds to a lubricant viscosity of
5 cSt. The temperature was controlled by circulating
water through the coils surrounding the oil bath, see
Fig. 2. The bulk oil temperature was measured in the
middle of the oil bath. When the spindle was standing
still, it took long time to heat up the oil bath to 70 ◦C,
but when the spindle started to rotate, the temper-
ature quickly stabilized slightly below the circulating
water temperature due to the oil circulation. The oil
circulation also ensured uniform temperature in the
oil bath.
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Fig. 1 Upper specimen with 8, 24, and 72 per cent area
ratios and lower specimen with a drilled hole for
temperature measurement

Fig. 2 A close-up of the test setup of the rotary
tribometer (Phoenix Tribologymake TE 92 model)

2.3 Preparation of specimens

The lower specimen was made of nodular cast iron
and the upper specimen of grey cast iron. Three differ-
ent surfaces were used: rough, smooth, and a surface
coated with a solid lubricant. The rough specimens
were intended to simulate the surface finish of the
piston and piston bore. The smooth specimens were
used as a reference on how an extremely smooth sur-
face would behave and is not intended to simulate a
real surface in the hydraulic motor. In the real appli-
cation, the direction of the finish is perpendicular to
the sliding direction. This is difficult to achieve on flat
specimens and therefore these were polished by hand
with an apparatus for metallographic specimen prepa-
ration. The upper specimen was polished with a P320
grinding paper. The lower specimen was polished with
a P60 grinding paper and for ∼1 s with a P1200 grind-
ing paper. This was to get the right skewness of the
surface profile similar to that of the cylinder bore. The
upper specimens were also tumbled to remove burrs
or any sharp edges.

The smooth specimens were polished by using a
3 μm grain size polishing paste.

The specimens with solid lubricant were coated with
WS2 film and these have the same surface finish as
that of the rough specimens. The surfaces were mea-
sured with a Wyko 3D optical profiler using white light
interferometry with magnification 10×, which means
a measured surface of 0.6 × 0.46 mm. No filtering was
used when the surface parameters were calculated
except for removal of extreme values. An average of
three measurements was used. The different surface
roughness parameters are listed in Table 1.

The macrohardness of the lower specimens is HV
230–270 and that of the upper specimens is HV
200–240.

2.4 Test procedure for the scuffing test

The idea in scuffing tests was to use an incremental
increase of surface pressure, which means that the
incremental loads will be different for different area
ratios. During the initial tests it was observed that,
in some cases, the whole pad disappeared before the
test was stopped. This raised a question whether the
pad was worn only during the short time of scuff-
ing or continuously during the test. To ascertain this,
a gap sensor to measure wear was introduced. The
value measured by the gap sensor will be influenced
by the wear of the specimens and also by thermal
expansion of test assembly components if the tem-
perature in these components varies during the test.
Therefore, the measured value from the gap sensor
will be a mix of wear and thermal expansion, but rapid
and large changes in the gap can provide information
about the wear as there is some time lag vis a vis the
temperature rise.

2.5 Test procedure running-in wear

To study how the surfaces run-in, a lower speed of
0.6 m/s was chosen to ensure operation in the bound-
ary lubricating regime and without too much heat
accumulation. The surface pressure was 50 MPa with
all area ratios, which means that the higher area ratio
had much higher load than that with the lower area
ratio.

3 RESULTS

3.1 Design of experiments for the scuffing tests

A design of experiments approach was used in which
speed, surface, and area ratio were varied. Surface
parameters for the upper and lower specimen for the
three different surface configurations are shown in
Table 1. In all, 21 tests were performed and these are
summarized in Table 2.
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Table 1Q1

Surface configuration Sa (μm) Rpk (μm) Rk (μm) Rvk (μm) Ssk Sz (μm) Sdq (◦)

Rough
Lower specimen

Mean 0.51 0.49 1.34 1.15 −1 5.4 27
Standard deviations 0.13 0.02 0.37 0.36 0.4 1 2.1

Upper specimen
Mean 0.47 0.54 1.45 0.8 −0.4 5.1 30.2
Standard deviations 0.08 0.03 0.26 0.2 0.2 0.8 2.4

Smooth
Lower specimen

Mean 0.06 0.13 0.1 0.28 −3 2.5 5.8
Standard deviations 0.01 0.02 0.01 0.03 0.5 0.1 0.9

Upper specimen
Mean 0.05 0.08 0.12 0.16 −3.2 1.4 3.5
Standard deviations 0.01 0.04 0.02 0.05 1 0.6 1.2

Solid lubricant
Lower specimen Surface parameters like the rough surface configuration
Upper specimen Surface parameters like the rough surface configuration

Actual motor
Cylinder

Mean 0.32 0.37 0.90 0.64 −0.8 4.33 8.5
Standard deviations 0.11 0.04 0.31 0.17 0.1 0.60 1.3

Piston
Mean 0.29 0.34 0.89 0.52 −1.2 6.33 7.3
Standard deviations 0.04 0.05 0.13 0.12 0.6 1.50 1.1

Table 2Q1

Area Scuffing Scuffing Specimen Surface power Wear rate
Speed Surface ratio load pressure temperature Friction at scuffing at scuffing

Test (m/s) configuration (%) (kN) (MPa)] (◦C) maximum (W/mm2) (μm/s)

1 1 Smooth 8 3.0 515 94 0.107 40 0.67
2 1 Rough 24 4.5 272 94 0.098 21.2 Low
3 1 Solid lubrication 72 5.4 109 106 0.103 8.1 Low
4 1.7 Smooth 24 2.3 139 95 0.098 18.8 Unknown
5 1.7 Rough 72 2.9 58 93 0.09 7.6 Unknown
6 1.7 Solid lubrication 8 1.6 290 90 0.09 38.7 188
7 2.4 Smooth 72 3.73 75 110 0.08 13.3 Low
8 2.4 Rough 8 1.6 290 81 0.073 49.4 81
9 2.4 Solid lubrication 24 1.5 91 83 0.092 18.5 198
10 1.7 Rough 24 2.09 126 92 0.094 18.8 Unknown
11 1.7 Rough 24 1.99 120 89 0.091 19.5 95
12 1 Smooth 8 3.09 530 89 0.103 41 0.91
13 1 Rough 24 4.9 296 95 0.097 20.9 Low
14 1 Solid lubrication 72 5.4 103 102 0.1 8.1 Low
15 1.7 Smooth 24 2.3 139 86 0.103 21.5 Unknown
16 1.7 Rough 72 2.98 60 86 0.088 8.5 Unknown
17 1.7 Solid lubrication 8 1.9 345 81 0.085 38.7 170
18 2.4 Smooth 72 3.42 69 99 0.083 13 Low
19 2.4 Rough 8 1.98 359 79 0.077 56 171
20 2.4 Solid lubrication 24 1.65 100 85 0.085 20.4 181
22 1.7 Rough 24 1.98 120 92 0.089 18.3 213

The significant effects are presented in Table 3. If a
factor is varied from low to high, the main effect repre-
sents the change in response. For example, if the area
ratio is changed from 8 to 72 per cent, the mean value
of the measured scuffing load will increase 1.9 kN and
the 95 per cent confidence limit is 1 kN. A significant
effect is defined as when the confidence limit is smaller
than the effect.

A higher area ratio can withstand higher load before
scuffing but a smaller area ratio can withstand much

higher surface pressure before scuffing. The friction
coefficient is ∼0.1 and it is independent of the area
ratio.The friction coefficient is lower at high speed.The
rough surface has lower friction coefficient than the
smooth surface. Surface roughness has no significant
effect on scuffing pressure.

The surface power, which is equal to pvμ, is mainly
dependent on area ratio and is 3–4 times higher for 8
per cent area ratio as compared to that for 72 per cent
area ratio. The dependence with speed is, however, not
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Table 3Q1

Response: scuffing load
Factor Effect (kN) Conf. int(±)

Area ratio 1.9 1.0
Speed −1.5 1.0

Response: scuffing pressure
Factor Effect (MPa) Conf. int(±)

Area ratio −232 97
Speed −106 102

Response: specimen temperature
Factor Effect (◦) Conf. int(±)

Area ratio 12.9 6.5
Speed −8.6 6.8

Response: friction coefficient maximum
Factor Effect Conf. int(±)

Speed −0.0185 0.0061
Surface (Rough) −0.0063 0.0062

Response: surface power
Factor Effect (W/mm2) Conf. int(±)

Area ratio −26.6 10.1

significant. This indicates that the surface power is the
limiting factor for scuffing in these tests, but only for a
specific area ratio.

3.2 Friction results

The coefficient of friction, wear, load, specimen tem-
perature, and oil temperature during all the tests were
recorded. Figure 3 illustrates how the parameters vary
in test 22 at 1.7 m/s sliding speed and 24 per cent
area ratio. In this test, the wear, according to the gap
sensor, is low during the test except during the last sec-
onds when wear at scuffing propagation was roughly
200 μm/s. At low speed and low area ratio the gap sen-
sor recorded different wear behaviours at the end of
the test. In test 12 conducted at a sliding speed of
1 m/s and an area ratio of 8 per cent, a slow and steady
wear of 1 μm/s was recorded by the gap sensor when
contact pressure reached 390 MPa and final scuffing

Fig. 3 An illustration of data logging of various parame-
ters during test 22

occurred after another 400 s when the contact pressure
had reached 515 MPa.

The torque limit was set to 10 Nm and for high
area ratio, which means high load, this torque limit
stopped the test when scuffing occurred. When this
limit was reached, the load was set to zero and rota-
tion was stopped. It was done quickly, but during that
short time the specimens had substantial wear due
to the scuffing propagation. The recording was also
stopped when the torque limit was reached and the
wear during scuffing propagation was not measured.
With lower area ratio, which means lower load, the
limiting torque was not enough to stop the test when
scuffing occurred and the test had to be stopped man-
ually when severe noise and vibrations were observed.
This means that wear and friction during scuffing
propagation were recorded and these are plotted in
Fig. 4 and represent the behaviour of all tests at 1.7 and
2.4 m/s sliding speeds and 8 and 24 per cent area ratios.
There is a slight increase in friction coefficient dur-
ing 2–3 s before a peak friction coefficient of 0.3–0.35
occurred. When the friction coefficient reached this
value, the wear during scuffing propagation was typ-
ically at the rate of 200 μm/s and friction coefficient
around 0.2. The wear rate at scuffing propagation was
only detected at 8 and 24 per cent area ratio and did
not vary with area ratio.

3.3 Appearance of specimens and wear particles

Specimens and wear particles were studied from four
different tests that represent the variety of appear-
ance of the whole test series. The wear particles were
washed from the specimens and put on a filter.

When scuffing is initiated at high speed and the test
is stopped before the scuffing has propagated, like
in test 7, there are some wear particles in 5–50 μm
size and the specimens are smooth. Some signs of
early scuffing can be noticed. In test 16, the scuffing
has propagated and large amounts of 5–50-μm-size

Fig. 4 Friction coefficients and wear during the last
seconds of test 22
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particles and roughening of specimens occur. In test
1, with slow wear during a long time before scuff-
ing, large amounts of 1–5-μm-size wear particles have
been found. Some wear particles of size 5–50 μm and
some of up to 500 μm are also found after the final
scuffing propagation. This indicates that the slow wear

of 1 μm/s produces large amounts of small wear par-
ticles. In test 2, a high friction peak occurred but wear
was not high. Some wear particles of size 1–5 μm can
be found and the specimen surfaces are quite smooth.
The lower specimen and wear particles for the four
different tests are shown in Fig. 5.

Fig. 5 SEM pictures at 50× magnification of lower specimen and wear particles, (a) test 1, (b) test 2,
(c) test 7, and (d) test 16
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3.4 Results from running-in wear tests

The running-in wear test showed quite different initial
running-in performance for different area ratios, see
Fig. 6. After the first 30 s with 8 per cent area ratio, the
lower specimen had low wear but the upper specimen
was polished to a smooth surface. With 72 per cent
area ratio, the situation was the opposite after 30 s; the
upper specimen had low wear but the lower specimen
was polished to a smooth surface.With 24 per cent area
ratio, both upper and lower specimens were polished
after 30 s, but not as much as in the case of 8 and 72
per cent area ratios.With 24 and 72 per cent area ratios,
there is a roughening of the lower specimen after the

initial polishing and the roughening seems to coin-
cide with the time when the grooves from production
are worn away from the lower specimens. This occurs
earlier with higher area ratio, and with 8 per cent
area ratio there is no roughening at all for the lower
specimen during this test. Actual motor tests showed
initial smoothening on the piston surface that is sim-
ulated here with the upper specimen. The cylinder
that is simulated with the lower specimen sometimes
has the same initial smoothening as the piston, but
most often, the cylinder has less wear than the piston.
This means that the initial running-in from the actual
motor tests is best simulated with this tribo test if the
area ratio is in between 8 and 24 per cent.

Fig. 6 Rk values for contacting interfaces for the tribo test (a, b, and c) and actual motor (d and e)
during running-in
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3.5 Estimation of contact temperature

One important aspect of scuffing is temperature distri-
bution in the contact. Some authors have claimed that
there is a critical temperature for scuffing, as described
in the introduction.The temperature in the lower spec-
imen, 2 mm from the contact, was recorded during
the tests, but there is a question regarding the contact
when scuffing occurs. With this in mind, a simplified
model was built to predict the temperature distribu-
tion and, in particular, the interfacial temperature of
the test specimens. The model uses the measured
friction coefficient and speed as input to calculate
the temperature. The model was implemented in a
finite-element program named Comsol Multiphysics
and solved for steady-state solution. The geometry
in the model includes the specimens and the steel
plates to which the specimens are attached.The reason
for choosing that geometry was by considering where
good boundary conditions can be identified.

The boundary conditions between the specimens
and the steel plates were set to temperature continuity.
The lower surface of the lower steel plate is connected
to a heavy piece of aluminium, which in turn is in good
connection with the oil bath; the boundary condition
was therefore set to constant temperature, same as
that of the oil bath. The upper surface of the upper
steel plate was set as insulated because it is only con-
nected through a small steel ball and a guiding pin.
For the contacting surfaces between the upper and
lower specimens, temperature continuity as well as an
inward heat flux corresponding to the operating con-
ditions i.e. speed, load, and friction coefficient was
set. To avoid the need of CFD calculations, the heat
flux to the oil bath was set by a heat transfer coeffi-
cient. This coefficient is very hard to calculate because
of the complex geometry and flow situation, but it
can be estimated by using equations for simplified
geometries.

The heat transferred from a hot isothermal plate to
a forced laminar stream is given by Newton’s Law

Q̇ = hplateA(Tw − T∞)

where Tw and T∞ are the wall and fluid free-stream
temperatures, respectively. The convection heat trans-
fer coefficient for the plate hplate is related to the plate
Nusselt number NuL by

hplate = k
L

NuL

In this equation, k is the fluid’s thermal conductivity
and L the length of the plate. The Nusselt number [14]Q2
for this problem is given by

NuL = 0.664(Pr)1/3
√

ReL

where Pr is the Prandtl number and ReL the Reynolds
number. Using the above equations with appropriate

length scales and oil properties indicates that the heat
transfer coefficient is in the region of 1000W/m2 K.

For simplicity, the heat transfer coefficient was set as
a constant for all surfaces in contact with the oil bath;
this is of course not the real case, but it was observed
that the impact on temperature rise near the contact
was relatively low when varying the heat transfer coef-
ficient. The reason for this is that the main heat flow
near the contact is given by conduction through the
solids.

Contact temperature seconds before scuffing is ini-
tiated is of interest. Therefore, the input to the cal-
culations was the actual pvμ values prior to scuffing
from test 16 and 17 with 8 and 72 per cent area ratios,
respectively, and for a sliding speed of 1.7 m/s. The
calculated temperature at the surface and 2 mm down
in the lower specimen with three different heat trans-
fer coefficients are presented in Table 4, whereas the
measured values have been 0given in Table 2.

Material parameters
Upper specimen:

(a) thermal conductivity: 50 w/(m k);
(b) heat capacity: 560 j/(kg k);
(c) density: 7850 kg/m3.

Lower specimen:

(a) thermal conductivity: 33 w/(m k);
(b) heat capacity: 600 j/(kg k);
(c) density: 7850 kg/m3.

The results from the temperature calculations are
shown in Figs 7 and 8. With the same heat transfer
coefficient, the contact temperature is very similar in
the two cases despite the big difference in area ratio.
There is also a big difference in temperature distribu-
tion beneath the surface of the lower specimen. With
8 per cent area ratio, the lower specimen surface can
rest until the next interaction with the upper speci-
men and the heat penetration in the lower specimen
is quite shallow. On the other hand, with 72 per cent
area ratio, the time the lower specimen is in contact

Q1

is much higher and the heat penetration in the lower
specimen is deeper.

Table 4

Area Heat transfer Temperature
ratio coefficient 2 mm down Temperature
(%) (W/m2 K) (◦) surface (◦)

8 500 159 320
8 1000 139 296
8 2000 118 269
72 500 220 328
72 1000 189 290
72 2000 157 251

Proc. IMechE Vol. 223 Part J: J. Engineering Tribology JET472 © IMechE 2009



Effects of area ratio and nature of surfaces on scuffing 9

Fig. 7 Temperature distribution of the lower and upper specimens prior to scuffing of test 17 with
8 per cent area ratio and 1.7 m/s sliding speed

Fig. 8 Temperature distribution of the lower and upper specimen prior to scuffing of test 16 with
72 per cent area ratio and 1.7 m/s sliding speed

4 DISCUSSION

Constant surface power (equals pvμ) seems to be a
reasonable limiting condition for scuffing in this test
for a specific area ratio. In this work, two approaches
were used to obtain a better understanding on why a
low area ratio could withstand much higher surface
power. One approach is the estimation of surface tem-
perature for 8 and 72 per cent area ratios and the
other involving studies on the initial running-in at
low speed and low surface pressure for different area
ratios.

The FEM calculation of temperature indicates that
surface temperature is similar prior to scuffing for 8
and 72 per cent area ratios despite the big difference
in their surface powers. This would suggest surface
temperature as a better limiting condition for scuffing
than constant surface power when comparing differ-
ent area ratios. There is a significant deviation between
the measured values and the calculated values of tem-
perature 2 mm down in the lower specimen. The
temperature was measured with an embedded ther-
mocouple that was inserted in a drilled hole in the
lower specimen. The temperature was 93 ◦C for the
case of 72 per cent area ratio and 1.7 m/s sliding speed.
However, when a non-embedded thermocouple was
welded directly to the lower specimen in the same
drilled hole, the recorded temperature was 166 ◦C at

72 per cent area ratio and 2.4 m/s sliding speed, which
is in the same range as the calculated values. This
indicates that there was a heat insulation problem
when using the embedded thermocouple.

The difference in contact pressure at scuffing with
different area ratios can also to some extent be
explained by the running-in performance. During the
first 30 s of the running-in test, the upper specimen
was polished and the lower specimen stayed intact,
whereas the opposite occurred at high area ratio. Addi-
tionally, the surfaces undergo a roughening in the later
stage of the running-in test and this roughening starts
earlier with high area ratio. The roughening seems to
occur when the grinding marks from production are
worn away from the lower specimen. It suggests that
the grinding marks work as oil reservoirs. The low area
ratio appears to be beneficial for the running-in, but
it should be mentioned here that the heat power was
higher for high area ratio as the contact pressure was
the same, and hence the roughening could also be
supported by the higher temperature. It could be inter-
esting to see the results if the sliding speed was lowered
to a minimum to reduce temperature effects.

It is also interesting to see that the scuffing resis-
tance is equal to rough and smooth surfaces, which is
contrary to the earlier findings [3]. In this test, the fric-
tion coefficient is slightly higher with smooth surfaces
compared to rough surfaces. There is no converging
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gap that would allow a hydrodynamic lubrication;
hence, the hydrodynamic effect on the macroscale
is limited in this test configuration. However, on the
asperity scale, there could be a lower friction due
to smooth plateaux or closed void volume effect for
the rough specimen. The friction coefficient is ∼0.1;
hence, the lubrication is poor, which is in line with
the results from Yoon [13] who noted that scuffingQ3
resistance is equal for rough and smooth surfaces if
lubrication is poor. Another reason could be that the
optimal surface roughness is somewhere in between
the rough and smooth specimen surface according to
Jinno [12], who found an optimal surface roughness inQ3
his tests.

There was no reduction of friction when using theQ4
solid lubricant, which was surprising in view of the
fact that there are good results from pin-on-disc tests
[15]. One reason for this can be the lower contact pres-
sure in the thrust washer tests and it has been shown
[16] that solid lubricants like MoS2 give higher friction
coefficients at lower contact pressure.

The wear of about 1 μm/s that occurred at 390 MPa,
low speed, and low area ratio was surprising; it seems
like in that contact condition, scuffing is not the limit-
ing factor. Another explanation could be that the wear
was a result of microscuffing at the asperity level but
that the heat accumulation was not high enough to
cause macroscuffing propagation.

Wear tests in the actual motor at low speed have
shown that in the piston–cylinder contact the initial
running-in wear is slightly higher on the piston than
that in the cylinder but the difference was not as large
as that seen in the 8 per cent area ratio wear test. The 24
per cent area ratio seems to be closest to the running-
in performance of the actual hydraulic motor. Also,
surface pressure at scuffing at 24 per cent area ratio
is in the same range as that in the motor tests when
hydraulic pressure is ∼30 MPa. Therefore, the 24 per
cent area ratio test could be a good test to simulate the
piston–cylinder contact.

It is important to keep in mind that this tribo test
methodology will simulate the boundary lubrication
conditions when hydrodynamic effects are negligible.

5 CONCLUSIONS

A thrust washer test configuration has been used to
simulate the contact between the piston and cylinder
in a radial piston hydraulic motor. The area ratio of the
two contacting specimens in the thrust washer test rig
was varied and it was found that the area ratio has a big
influence on both running-in wear and scuffing per-
formance. Higher area ratio resulted in significantly
lower scuffing pressure.

The pvμ value is a good limit for scuffing in this test if
the area ratio is constant but the dependence of scuff-
ing on the area ratio shows that scuffing is strongly

system dependent. Thermal calculations show that the
contact temperature is almost the same prior to scuff-
ing for 8 and 72 per cent area ratio despite the large
difference in contact pressures. Also, the running-in of
the surfaces is different with different area ratios. Low
area ratio tends to give higher initial wear on the upper
specimen and high area ratio gives more wear on the
lower specimen. Roughening of surfaces occur earlier
with high area ratio, which indicates that running-in is
better with low area ratio.

Two levels of surface roughness were studied in this
work, but there was no significant difference in their
scuffing pressure. The friction coefficient was higher
with the smooth surface.

A comparison with actual motor tests regarding
running-in wear and surface pressure at scuffing
revealed that the thrust washer test with an area ratio
of 24 per cent effectively simulates the piston–cylinder
contact.
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ABSTRACT

As many other machines, the radial piston hydraulic motor contains a lot of 
tribological interfaces. One important area is the piston assembly and the journal 
bearing contact between the piston and cam roller. There exists good models to 
describe the performance of simpler geometries such as journal bearings, but 
when put into a system or when having a more complex geometry, the models do 
not apply very well. To be able to predict the tribological performance of such 
components, it is important to have a model that is able to include the real 
geometry and the properties of the system. 

A simulation model of the piston assembly in Hägglunds Compact hydraulic 
motor was built using FE software which made it easy to include the complex 
geometries. The model includes the deformation of the piston. The 
hydrodynamics is solved by using Reynolds equation. Density/pressure and 
viscosity/pressure dependency for the oil are included. The whole model was 
solved with the built in solvers in the software. 

Simulation results such as friction, hydrodynamic pressure and oil leakage was 
compared with test results. Good agreement between simulation and tests shows 
that this kind of model can be a useful tool in development and optimization of 
tribological systems. 
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1. INTRODUCTION 

The performance of highly loaded lubricated contacts in hydraulic motors is 
often dependent upon the geometrical shape of the machine components. A good 
example of this is the piston assembly of the radial piston hydraulic motor. Much 
effort has been put into experimental testing and development of especially the 
piston design. The focus has been on minimizing the losses and wear in the 
sliding interface between the piston and the roller. The piston-roller interface is 
lubricated by both hydrostatic and hydrodynamic film formation. Losses in a 
sliding interface like this can be from viscous shearing in full film lubrication or 
a combination of viscous shearing and boundary friction. Because of the 
hydrostatic lubrication, losses also come from leakage. The piston has a rather 
complex geometry and the performance has been found to be sensitive to small 
changes in the design. To be able to make the development of such components 
more effective it is important to have a reliable numerical model that can adapt to 
different geometries. 

In this paper a FE model of the piston assembly is presented. The model is built 
using multiphysics software [1] and includes elastic deformations, hydrodynamic 
and hydrostatic film formation using Reynolds equation. Using a software like 
this makes it easy to adopt the model to in principal any geometrical shapes of 
the sliding interface and bodies. Measurements of friction and leakage from a test 
rig for the piston assembly [2] has been used for comparison and validation of 
the numerical model. 

2. EXPERIMENTAL MODEL DESCRIPTION 

A test rig was built to enable specific testing of the piston assembly and 
especially the interface between the piston and the roller. In contradiction to 
operation of the motor, the piston is not moving with respect to the cylinder in 
the test rig, see Fig.1. The piston and roller are statically pressed against a 
rotating drive shaft that represents the cam ring. To avoid tilting forces on the 
drive shaft there are two piston assemblies mounted in opposite directions. The 
piston assemblies can be moved sideways to test different angles ( )
corresponding to a specific point in the piston-stroke in the motor. 
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Figure 1: Motor and test rig schematics. 

Parameters that are measured in the test rig are mainly friction and leakage but 
also oil film pressure can be measured in pistons with small holes drilled into the 
interface. The leakage is measured by metering the oil that is supplied to the 
interface. This oil is supplied through a small pipe, see Fig. 2. The supplied oil 
holds the same pressure as the high pressure underneath the piston but it is sealed 
to separate it from the leakage between the piston and cylinder wall. 
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Figure 2: Piston with oil supply pipe attached. 

In Fig. 2 the roller is removed so that part of the oil supply groove at the interface 
can also be seen. Friction is estimated by measuring the applied torque at the 
drive shaft. The torque needed to overcome friction in the drive shaft bearings 
and other drive train losses are measured before the tests and is subtracted from 
the measure. The remaining friction is assumed to come from the piston/roller 
and roller/drive shaft interface. For further information about the test rig see [2]. 

3. NUMERICAL MODEL DESCRIPTION 

The equations that are used and the assumptions that are made for the simulation 
model of the piston assembly are described. The model is implemented into the 
multiphysics software and some technical details about that are also presented. 
The model is built to represent the conditions in the test rig described in section 
2. 
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3.1 Oil film equations 

Under conventional thin film assumptions, the pressure in the oil film can be 
described by Reynolds equation: 
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The viscosity  is considered to be constant across the film and its variation 
according to pressure is described by Barus [3] expression: 
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The Dowson-Higginson [4] density-pressure relationship is used with 
coefficients 1D  and 2D  from measurements by Larsson et al. [5]:
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The boundary conditions for the pressure are set to zero at the outer boundary 
and to hP  in the supply groove. This means that the calculated pressure will be 
absolute pressure minus the surrounding pressure. 

Cavitation may occur near the trailing edge of the piston-roller bearing. In order 
to take cavitation into account a density modification model is added to avoid 
large negative pressures: 
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This is the same technique for handling cavitation as used by Almqvist [6], but 
with a different density expression. By using this technique mass continuity is 
fulfilled. The expression for density in equation (4) overrides equation (3) 
whenever the calculated pressure is below zero. The parameter  which is 
determining the steepness in the density-pressure relationship is modified until a 
desired lowest pressure level is reached. 

3.2 Elastic deformations 

Elastic deformations of the piston assembly will affect film thickness and has to 
be included. The deformations in the piston assembly that dominates the 
influence on film thickness are those of the piston. This is mainly because of the 
geometry but also because it has a lower elastic modulus than the cylinder block 
and roller (piston material is grey cast iron with elastic modulus 1.3e11 Pa). 
Therefore only the deformations of the piston are calculated in the model. The 
forces acting on the piston and determining its deformations are oil film pressure, 
hydraulic pressure: hP  under the piston and contact pressure against the cylinder 
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wall. The contact pressure is modelled through the penalty-barrier method [7] 
and is described by: 
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Where nt  is the estimated contact pressure and ne  is a constant deciding the 
stiffness. ch  is the separating distance between the piston and cylinder wall: 

cdefcc hhh 0  (6) 

0ch  contains the non deformed clearance and cdefh contains the normal component 
of the piston-deformation/movement. A big advantage by modelling the contact 
this way is that the geometry of the piston can be made perfectly cylindrical and 
easy to mesh. This is because the small details and curvatures of the piston 
surface are already taken account for in the expression for 0ch . After solving the 
deformations, the film thickness can be expressed as: 

defhhh 0  (7)  

where 0h  is determined by the position of the roller in the non deformed piston 
and defh  is the contribution from the piston-deformation/movement. 

3.3 Force balance 

The applied load must be balanced by the film pressure and the frictional forces. 
The applied load can be divided into X and Y composants which leads to the 
following equations: 
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Where the FY composant is automatically taken care of through defh  in Eq. (7). 
This is because the piston movement is not constrained in Y direction and the 
film thickness will therefore settle at a level where YF  is balanced. The 

XF composant is balanced by modifying the position of the roller in the 
expression for 0h .
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3.4 Implementation into FE software and solving the model 

The model equations are solved with the FE software, Comsol Multiphysics [1]. 
The deformations are solved by using the built in code for structural mechanics. 
The oil film equations are added to the surface mesh at the interface of the piston 
and roller 

The piston is meshed with tetrahedral mesh and second degree Lagrange 
elements are used. There is no need for a separate mesh for the oil film 
equations; they are simply solved on the surface mesh. 

The coupled sets of equations are solved simultaneously by the built in non linear 
solver. Because of the non linearity of the problem, it is important to have a god 
initial guess of the solution to achieve convergence. This can be obtained by first 
solving a simplified problem, for example with iso-viscous oil and with some 
constrains to the piston movement. The solution of the full problem can be 
achieved by removing constrains and solving with the previous solution as initial 
guess.
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4. RESULTS AND DISCUSSION 

The results in this work are divided into three different sections. Input data for 
each section are presented in table (1). In each section results from test rig are 
compared with results from the simulation model. Numerical results are 
computed on a mesh consisting of approx. 6000 tetrahedral elements for the 
elastic deformations and 265 triangular elements for the oil film equations. The 
model equations are solved for steady state with parametric solver where sliding 
velocity, hydraulic pressure or other parameters are stepped. Each steady state 
solution requires approx. one minute computational time on a normal PC (2Gb 
RAM, 3GHz CPU).

Table 1: Input data 

Section 4.1 Pressure  4.2 Friction  4.3 Leakage 

hP  10-25 MPa 10 MPa 10 MPa 

u 1 m s-1 0.1-2 m s-1 0.1-2 m s-1

 20e-9 Pa-1 20e-9 Pa-1 20e-9 Pa-1

1D  0.6e-9 Pa-1 0.6e-9 Pa-1 0.6e-9 Pa-1

2D  1.7e-9 Pa-1 1.7e-9 Pa-1 1.7e-9 Pa-1

26.9  26.9  26.9

nt  1e7 Pa 1e7 Pa 1e7 Pa 

ne  1e14 Pa m-1 1e14 Pa m-1 1e14 Pa m-1

0  36e-3 Pa s 36e-3 Pa s 36e-3 Pa s 

0  900 kg m-3 900 kg m-3 900 kg m-3

4.1 Pressure 

The point where pressure is measured was chosen to a position close to where the 
maximum pressure on the domain within the supply groove has been seen in the 
simulations, see Fig. 4.  The position of maximum pressure can vary with 



9

different conditions. In the test rig pressure is only measured at one point so the 
actual pressure shown in Fig. 3 is not the maximum but the pressure at one fixed 
position. This position is, at least according to the numerical model very close to 
the maximum value. The deviations between measured and simulated values are 
quite small. As can be seen in Fig. 4 the pressure is much higher at the skirt of 
the piston. Because of technical difficulties in doing measurements at this 
location, the position within the supply groove was chosen.

Figure 3: Measured and simulated oil film pressure at the center line and a 
circumferential position of 26 degrees from the bottom of the piston at a sliding 
speed of 1 m/s. 
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Figure 4: Film pressure distribution and deformation of the interface at u=1m/s
and Ph=10MPa (the deformation is greatly exaggerated for visualization). 

4.2 Friction 

The numerical model presented here only takes account of the friction at the 
piston/roller interface and is only considering full film lubrication. When 
comparing friction, a friction coefficient is calculated by dividing the friction 
force with the applied force: 
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Where )( hzzx is the oil film shear stress at the surface of the roller. Good 
correlation between measured and simulated friction can be seen in Fig. 5. When 
moving into lower speeds with mixed lubrication, the numerical model will of 
course, not give accurate results. A small deviation can also be seen at higher 
speeds. One possible reason for this is that the friction at the driveshaft/roller 
interface gets proportionally bigger as the speed increases. Higher sliding speeds 
also imply higher thermal loads which can affect the friction. Higher 
temperatures would lead to lower viscosity which generally would lead to lower 
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friction. But not only the viscosity will change, thermal expansion and also the 
change of viscosity itself will affect the deformation of the piston assembly. This 
will alter the load distribution (film pressure) and thereby also the friction of the 
system. The complexity makes it hard to predict in which way it would affect but 
it would be interesting to include it in later versions of the model.   

Figure 5: Friction coefficient from tests and from simulation for piston assembly 
with zero none-deformed radial clearance, hP =10 MPa and  =26.9 .

4.3 Leakage 

The flow in thin films is given by the sum of Couette and Poisseuille flow:
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The terms in Eq. (10) describes the oil film flow field (averaged across the film). 
An example of a typical flow field for the piston assembly can be seen in Fig. 6. 
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Figure 6: Simulated oil film flow field. 

Integrating the normal composant of the flow field along the outer edge of the oil 
supply groove gives the total oil leakage between piston and roller. Large 
discrepancies can be seen when comparing simulated and measured leakage. This 
is especially seen when comparing piston assemblies with small radial 
clearances. An example of this is shown in Fig. 7 where the mismatch is as large 
as up to 500%. 
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Figure 7: Oil leakage in piston assembly with zero none-deformed radial 
clearance, hP =10 MPa and  =26.9 .

Equation (10) tells that the leakage depends strongly on the film thickness h. This 
gave the idea to test if a small deviation from a circular form of the bearing bore 
could affect the result. When the inside of the piston is machined it tends to get a 
slightly higher surface at the bottom and at the uppermost parts. To simulate this, 
a sinusoidal deviation from the circular form with amplitude of only 1.5 m was 
added to the model; 
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R
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Where is the circumferential position from the bottom in radians so that there 
will be a smaller film thickness at the bottom and at the uppermost parts (see fig. 
8). Even though the film thickness is approximately one order of magnitude 
greater than this, it had a big influence on leakage. In Fig. 9 a big increase in 
leakage, up to the level of the measured can be seen for the simulated results. 
This indicates that it is important to include the roundness of the piston bearing 
bore to get accurate leakage. When looking at friction these small roundness 
errors have not affected the result significantly. Slightly lower simulated friction 
was found for the piston with roundness error. 
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Figure 8: Shape of piston with roundness error (the shape is greatly exaggerated 
for visualization). 

Figure 9: Oil leakage in piston assembly, test1 and test2 same as in Fig. 7. 
Simulation results with 1.5 m sinusoidal roundness error. 
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5. CONCLUSIONS 

The following conclusions can be drawn from this study: 

The use of FE software makes it easy to implement the EHL model for 
complex shaped geometries. 

Good agreement between simulated and measured friction and pressure 
for the piston assembly was found. Simulation results for leakage shows 
the importance of including the out of roundness of the bearing bore. 

The measured friction coefficient shows that piston assembly runs in 
boundary lubrication regime under low speeds. To be able to predict the 
performance when running in the mixed or boundary lubrication regime it 
would be interesting to include the effects of surface roughness. 

The importance of the small change in roundness indicates that thermal 
distortion also could be of importance. When optimizing a system it is 
often interesting to increase load and speed, raising the power/weight 
ratio. It is often thermal effects that will set the limit when doing so. This 
makes it desirable to include thermal effects to the model. 
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NOMENCLATURE 

X,Y,Z Cartesian space coordinates m 

x Spatial coordinate, sliding direction m 

y Spatial coordinate m 

z Spatial coordinate, across film m 

Xn , Yn , Zn  Surface normal composants 

P Pressure Pa 

hP  Hydraulic pressure, pressure in the cylinder Pa  

 Pressure-viscosity coefficient Pa-1
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 Viscosity Pa s 

0  Viscosity at ambient pressure Pa s 

 Density Kg m-3

0  Density at ambient pressure Kg m-3

h  Film thickness m 

u  Sliding velocity m s-1

 Shear stress Pa m-1

nt  Approximated contact pressure parameter Pa 

ne  Contact pressure stiffness parameter Pa m-1

 Contact angle against cam ring/drive shaft 

1D  Pressure-density coefficient Pa-1

2D  Pressure-density coefficient Pa-1

 Pressure-density coefficient (cavitation zone) Pa-1
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