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Preface

This thesis summarises the work I have carried out over the last six years at the 
Division of Machine Elements at Luleå University of Technology investigating 
lubrication of sliding bearings for hydro-electric power generation applications.
Funding for the various activities undertaken for this project work has come 
from several sources: 
The work on thrust bearings (hydrodynamic lubrication) was funded by 
NUTEK (the Swedish National Board for Industrial and Technical 
Development), ALSTOM Power Sweden AB (Finspång) [now Siemens 
Industrial Turbomachinery AB], ALSTOM Power Sweden AB (Västerås), 
Elforsk (the Swedish Electricity Utilities Research and Development 
Company), Kingsbury Inc., Luleå University of Technology, Mobil Oil AB and 
Statoil Lubricants. 
The investigation of environmentally adapted lubricants was part of the “Water 
turbine collaborative R&D program” financed by the Swedish Energy Agency, 
hydropower companies1 (through Elforsk AB), GE Energy (Sweden) AB and 
Waplans Mekaniska Verkstad AB. Statoil Lubricants AB also contributed 
through supplying the lubricants being studied. 
Experiments examining the performance of journal bearings (hydrodynamic 
lubrication) have been carried out as part of a project in conjunction with the 
Swedish Hydropower Centre - SVC. SVC has been established by the Swedish 
Energy Agency, Elforsk and Svenska Kraftnät in partnership with academic 
institutions in Sweden, including Luleå University of Technology. 
A number of people have contributed to the work referred to in this document 
and in various other support roles. I will mention but a few. I would firstly like 
to mention my supervisor, Dr. Sergei Glavatskih. His enthusiasm for the subject 
and his constant readiness to discuss and assist with the research in hand have 
had a considerable impact on my work. Dr. Jan Ukonsaari, my “predecessor” 
and fellow “hydropower tribologist” for his help and encouragement. Last but 
not least, my eternal gratitude to Östen Uusitalo, now retired, and Jan 
Granström, laboratory technicians at the division, for their assistance and 
unfaltering patience in helping me run tests and in coming up with solutions to 
the problems, both large and small, that inevitably occur during such projects.

Donald M.C. McCarthy, Luleå, March 2008 
1 Vattenfall AB Vattenkraft, Fortum Generation AB, Sydkraft Vattenkraft AB, Skellefteå Kraft 
AB, Graninge Kraft AB, Jämtkraft AB, Sollefteåforsens AB, Karlstads Energi AB, Gävle Energi 
AB, Öresundskraft AB

Cover photograph: A Kaplan turbine runner (picture courtesy of Andritz VA TECH HYDRO)
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Foreword

In recent years, the environmental lobby has pushed for the elimination of 
substances deemed harmful to our natural surroundings as we become more 
aware of their potential effects. This has gained widespread coverage in the 
media, helped along the way by a string of industrial accidents, changes in 
weather patterns attributed to global warming and warnings about the health 
dangers of certain foodstuffs. 
Until relatively recently, and still today in certain areas of the world, attitudes 
within industry to such lobbying have tended to be determined by bottom line 
economics. Damage to the environment was a price to be paid for industrial 
advancement and cheap consumer goods. To reduce or eliminate hazards would 
quite simply cost too much. 
However, the recent rise in the price of oil to almost US$100 a barrel and court 
actions imposing substantial financial penalties on polluters have shown 
irrefutably that standing still is no longer economically viable.
Industry is now realising that good environmental practise is not only 
economically advantageous but increasingly vital to survival. Environmental 
legislation and increased competition from developing markets have meant that 
“increased efficiency” is now a key phrase in business. A good illustration of 
this comes from the International Energy Agency. They estimate that a 1% 
improvement in power plant efficiency in the U.S. would supply enough power 
for 283,000 households, potentially saving as much as five million barrels of oil 
a year [1]. This also has a positive roll-on effect on the output of greenhouse 
gases such as carbon dioxide. 
It is my hope that the results of the experimental investigations carried out 
under the auspices of this project work can contribute, in some way, to such 
technological advancement and to the protection of our irreplaceable natural 
resources.
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Summary 

Hydropower, the utilisation of water as a means of driving machinery, has been 
used for many centuries. Today, the great power of water is being harnessed to 
generate as much as 20% of worldwide electricity.
The requirement for reliable and efficient electricity generation needs to be 
matched by environmental awareness on the part of the industry. Work carried 
out during the course of my doctoral studies at Luleå University of Technology 
has been aimed at addressing these demands by investigating means of 
improving sliding bearing performance through the use of environmentally 
adapted lubricants and the employment of novel materials and surface texturing 
to reduce friction.
The term “sliding bearing” refers to a type of bearing where two surfaces 
(usually the stationary bearing and a moving shaft) slide relative to one another 
with load distributed directly across the interface. In hydrodynamic bearings, a 
lubricant layer is built up in the contact region such that the two surfaces are 
completely separated. Examples of these are hydrodynamic journal and thrust 
bearings. These types of bearing are major components in many large machines, 
including hydroelectric turbines. Their safe operation relies on the maintaining 
of sufficient oil film thickness. As long as this condition is met, the bearing 
could continue to do its job indefinitely. This is particularly important during 
transient operating conditions (i.e. rapid changes in load or speed) when oil 
films can momentarily become extremely thin. Such conditions have been 
examined for a tilting-pad thrust bearing to assess impact on operation.  
More and more onerous demands are being placed on such bearings and their 
associated methods of lubrication, e.g. increased frequency of start/stop of 
hydroelectric turbines. This means that new solutions are required to maximise 
their operational performance. One such solution attracting current attention is 
the employment of surface texturing. The impact of surface texturing on the 
performance of a tilting-pad thrust bearing has been studied in a series of tests 
in comparison with a plain Babbitt surface. These show a reduction in friction 
with the textured bearing. Film thickness is seen to be greater suggesting 
improved load-carrying capacity.
Another possible option for improving operational performance is the use of 
new lubricants. Environmentally Adapted Lubricants (EALs) are produced from 
simple hydrocarbons meaning that the final product tends to consist of only a 
few different types of molecule. This also means that an EAL can be carefully 
tailored to a specific function. In several experimental investigations using such 
fluids in both thrust and journal bearings, it has been shown that minimum film 
thicknesses can be maintained using an EAL with lower viscosity grade than 
that of the mineral oil currently used. This has the added impact of reducing 
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bearing power (friction) losses and lowering temperatures, all beneficial to 
bearing operation. Thicker film has been found for an EAL of identical 
viscosity grade to the mineral oil. 
Unlike mineral oils, which have been employed as lubricants for decades, little 
data is available for the long-term performance of EALs. This is of interest as 
their use has only recently begun to catch on in the power generation industry. 
A study of aged EALs in a tin bronze-steel contact, typical of what may be 
found in hydroelectric turbines, has shown continued satisfactory performance 
even at high acid number (high oxidation level), beyond the point where an oil 
would normally be changed out. 
The introduction of new materials provides a means of solving certain problems 
associated with machine operation and reliability. The use of PTFE as a bearing 
facing material is well established but little has been published about its 
performance in this application. A series of experiments have been performed 
to investigate the impact of employing such a facing on a tilting-pad thrust 
bearing. A thicker minimum film is found at the outlet edge of the pads in 
comparison with a babbit (white metal) faced bearing. Temperatures within the 
pad bulk material are seen to be lower as a result of the insulating effects of the 
polymer, thereby reducing the impact of thermal crowning.
An investigation has also been performed with a range of PTFE composite 
materials to assess their suitability as a replacement for babbitt facing material 
in hydrodynamic journal bearings. The polymer composites have been shown to 
introduce clear benefits in comparison with pure PTFE and babbitt in terms of 
reduced wear and break-away friction at start-up. 

From the results of these various investigations it has been shown that 
improvements in bearing operational performance can be achieved through the 
employment of surface texturing, EALs and novel materials.
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1.  Introduction 

1.1  Hydropower 

Hydropower, the utilisation of water as a means of driving machinery, has been 
in use for many centuries. Indeed, the ancient Egyptians developed one of the 
earliest known hydropower systems, using flowing water to power a machine 
for grinding cereal crops and Antipater, the Greek poet, mentioned the use of 
falling water to generate energy in writings from the 4th century B.C.. More 
contemporary examples can be found from the start of the industrial revolution. 
For example, European cotton mills in the late 18th and early 19th centuries took 
water from rivers, usually at or near waterfalls or rapids, which was then 
directed over a paddled wheel. The rotating motion of the wheel was utilised, 
via a combination of wheels and pulleys, to turn machinery such as cotton 
spinning looms. However, in the modern age, at the beginning of the 21st

century, the great power of water is being harnessed to generate as much as 
20% of worldwide electricity [1].  
The potential for the use of hydropower in the generation of electricity was 
recognised in the 19th century, reaching fulfilment with the opening of the first 
commercial hydro-electric power station in Appleton, Wisconsin (USA) on 
September 30th, 1882. Electricity generation by means of hydropower turbines 
is now widespread throughout the world, encompassing facilities on scales 
ranging from the miniscule to the monolithic, from “back-garden” micro-hydro 
facilities (<100kW) to the Three Gorges Dam project in China (18,200MW). In 
Sweden approximately 50% of electricity currently comes from hydro-electric 
power plants. 

1.2 Friction, lubrication and their impact in hydropower applications

As with any type of machinery, hydro-electric generating plant is continuously 
undergoing development with the aim of improving efficiency and performance 
and maximising generating capacity from ever smaller machines. Friction 
between moving parts is the number one enemy of the machine designer trying 
to improve efficiency. Friction can induce extreme localised rises in 
temperature and stress, which consequently contribute to material damage, 
increased rates and volumes of wear and a general reduction in system 
operating efficiency. All these factors play a role in shortening working life for 
the machinery and the incurrence of associated additional operating and 
maintenance costs. It is therefore desirable to minimise the influence of friction. 
Any mechanical system having components moving in close proximity to one 
another requires some form of lubrication to reduce to a minimum friction 
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between such surfaces. This in turn can achieve an extension of component life 
through the limitation of material damage. This outlines Tribology - the science 
of friction, wear and lubrication [2] - in a nut-shell. 
Due to its “on-demand” availability, hydropower is increasingly being used as 
the generation method of choice when extra load is placed on the electricity 
system (i.e. at times of peak demand). It takes only a matter of minutes (seconds 
in certain cases) to start-up a hydro-electric turbine as compared to hours or 
even days for fossil-fuelled power stations. This means that the machinery is 
continually being started and stopped, putting considerably increased 
mechanical strain on the equipment. Such machinery was commonly originally 
designed for constant running so this increased strain means solutions to new 
problems must be found. 
Mineral oils have long been used as a lubricant in hydropower turbines, as 
indeed they have in the vast majority of similar mechanical applications. 
However, it is recognised that mineral oils present a danger to the environment 
at each and every stage of their production, use and even after disposal. 
Leakage of this type of fluid into a watercourse can have catastrophic 
consequences on animal and plant life. Mineral oils are not readily 
biodegradable, and can remain in the ecosystem for a considerable length of 
time. It is therefore desirable to investigate alternative lubrication solutions, to 
reduce our dependence on mineral oils. Such solutions can include simple 
measures such as designing mechanical systems in such a way as to make more 
effective use of smaller quantities of oil. Investigating the possibilities for using 
“better” materials or developing lubricating fluids which are inherently less 
harmful to the environment are other options whilst the “holy grail” is the use 
of water as a lubricant.
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2.   Research Objectives 

Increasing local and worldwide demand for electricity and difficulties 
associated with constructing new power stations mean that generating 
companies need to eke out as much as they can from their existing facilities. 
This means that machine efficiency must be maximised within the constraints 
of the incumbent equipment while at the same time maintaining or improving 
machine reliability and availability. 
Given the sensitivity of operating any form of mechanical equipment in the 
vicinity of watercourses, often the source of drinking water for major 
population centres, the hydropower industry has a duty of responsibility in 
ensuring that as much as possible is done to minimise the risk of contamination 
of the water or damage to flora and fauna. 
These two, at first sight conflicting points are the major driving forces behind 
Research and Development in the power generation industry today. 
Looking at these from a tribological (friction and lubrication) point of view, the 
following areas of particular interest can be determined: 

Can the load carrying capacity of thrust bearings be increased whilst at the 
same time improving performance within existing dimensional 
constraints?
What is the influence of transient events (rapid changes in speed or load) 
and what impact do they have on machinery component operation? 
Can Environmentally Adapted Lubricants provide a suitable alternative to 
mineral oils?  
Can the employment of new materials contribute to improved operation 
and reliability of fluid-film (hydrodynamic) bearings? 

Each of these points has been studied in detail during the course of my work at 
Luleå University of Technology.  
The work in this study has primarily concentrated on addressing these problems 
in respect to hydropower applications. However, the investigations and results 
are equally applicable to other applications where similar lubrication conditions 
can be found. 
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3.  Sliding Bearings and Their Lubrication – a Brief Introduction 

Broadly speaking, bearings can be split into two groups: rolling bearings and 
sliding bearings.
Rolling bearings attempt to eliminate friction and sliding between surfaces by 
introducing interfaces such as balls or rollers which rotate or “roll” as opposed 
to sliding. Examples of this type of bearing are ball and roller bearings. 
The term “sliding bearing” refers to a type of bearing where two surfaces 
(usually the stationary bearing and a moving shaft) slide relative to one another 
with load distributed directly across the interface. A suitable lubricant may be 
employed to reduce the friction between these two surfaces. In “fluid film” 
bearings, this lubricant builds up a layer of sufficient thickness such that the 
two surfaces are completely separated. Examples of sliding bearings include 
journal and thrust bearings (see Fig. 2) and shaft bushings. 
The main lubrication regimes are illustrated in Fig. 1 below. This diagram is 
commonly referred to as the “Stribeck curve”, after the German engineer 
Richard Stribeck [3,4]. The dominating lubrication regime within the contact is 
indicated by the dimensionless film thickness parameter  [5].  relates to the 
minimum film thickness hmin and the quadratic mean surface deviation of the 
lubricated surfaces Rq.

Figure 1 – Lubrication regimes and the Stribeck curve [5] 
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The three regimes, namely boundary, mixed (partial) and full-film 
(hydrodynamic) lubrication, are defined by the relative surface separation in the 
contact as a result of the presence of the lubricant. Values given for  are 
approximate.
In boundary lubrication ( <~1), the asperities on the two surfaces in relative 
motion are in direct contact. A very thin lubricant film (only a few atomic 
layers, 1-10 nm) exists with additives playing a significant role in the contact 
through the formation of layers on the material surfaces. 
Hydrodynamic (full-film) lubrication ( >~10) is when the two surfaces are 
fully separated by a lubricant film, the thickness of which is dependent on its 
viscosity.
The intermediate regime, mixed (partial) lubrication (~1< <~10), is a 
combination of the other two whereby surface separation is such that contact 
between surfaces can still occur.
Unlike rolling bearings which have a limited lifespan, principally due to their 
being prone to fatigue wear through the occurrence of high point loads in the 
contact between running elements and raceways, sliding bearings have, at least 
in theory, an indefinite operational lifespan. As long as an oil film of sufficient 
thickness is maintained and contamination is avoided, the bearing will continue 
to do its job indefinitely. However, more and more onerous demands are being 
placed on such bearings and their 
associated methods of lubrication 
in order to maximise performance 
in terms of efficiency and load 
carrying capacity, for example in 
electricity generators and turbines. 
Sliding bearings are vulnerable to 
damage during, amongst other 
things, rapid changes in operating 
parameters e.g. during the start-up 
process. During running, the faces 
of the bearing pads are separated 
from the shaft / collar by a thin oil 
film which provides a “buffer” 
between the two surfaces 
(hydrodynamic lubrication). As 
well as preventing contact between the surfaces, this buffer also provides a 
means of cooling. However, when the machinery is stationary this film 
disappears and contact between the surfaces occurs. Therefore, at start-up, 
friction between the surfaces is inevitable until an adequate film has had time to 

Figure 2 – A tilting-pad thrust bearing 
(Kingsbury Inc.) [6] 
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build up. This makes the bearing susceptible to surface damage. The use of a 
facing (surface coating) can help limit this susceptibility. 
The shortcomings of hydrodynamic bearings, such as the susceptibility to 
breakdown of the fluid-film during transient operating conditions or the 
inability to generate an oil film at very slow speeds, can be overcome by using 
hydrostatic sliding bearings. Here oil supplied at elevated pressure separates the 
surface i.e. a film can be created while the machine is stationary. However, this 
requires a more complicated hydraulic system and consequently makes the 
machinery more complex. 
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4.   Sliding Bearings, Lubricants and Novel Materials 

4.1  Hydrodynamic Thrust Bearings 

Hydrodynamic thrust bearings are used to carry loads in applications where 
roller bearings are unsuitable due to dimensional limitations, demands for 
operational lifespan, high loading requirements or difficult access for mounting. 
Here the load carrying surfaces are completely separated by an oil film, 
eliminating the risk of surface wear as long as a film of sufficient thickness is 
maintained. 
In order to attain hydrodynamic (full-film) lubrication, the pad must sit at an 
angle to the oil flow so that a converging “wedge” is produced (see Fig.3). This 
flow constriction acts as a bottleneck, effectively slowing down the flow rate 
across the pad from the inlet edge towards the trailing edge. The gradually 
reducing available volume in the gap leads to a pressure build-up in the oil film 
giving rise to a force which “lifts” the counterface. Another contributory effect 
is the viscous flow resistance which prevents the oil from running out of the gap 
instantaneously as the pressure increases. 

Figure 3 a) - A cut-away illustration of a tilting pad thrust bearing and runner 
arrangement and b) a demonstration of how the pressure in the oil film varies 
within the converging gap created by the tilted pad and the face of the rotating 
runner. [7] 

Thrust bearings come in many different forms and sizes. The particular version 
examined during the course of the investigations referred to here is of the self-
equalising, tilting-pad variety (as in Figs. 2 and 4) although fixed-pad bearings 
also exist. 
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Figure 4 – A self-equalising, tilting-pad thrust bearing [8] 

In the self-equalising type of bearing, the levelling plates help to make 
correction for slight static misalignments and manufacturing tolerances. Tilting 
of the pad around a pivot at the theoretical centre of pressure in the oil-film 
means that oil entering the gap automatically gives a pressure distribution that 
provides maximum load carrying capacity.
The location of the pivot point is important for bearing operation. A location 
offset from the pad mid-point can give an increase in minimum film thickness 
and hence increased load carrying capacity. However, this also means that the 
bearing is functional with rotation in one direction only. 
A more thorough explanation of the functioning of a tilting pad thrust bearing 
can be found in [9].
Research has been carried out in recent years to improve the operation and 
performance of thrust bearings in hydropower applications with the aim of 
producing a bearing that can sustain as high a load as possible at (relatively) 
low speed while also possessing as small physical dimensions as possible. A 
review of this work can be found in [10].
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4.1.1 Transient state tests

Transient operating conditions (i.e. when load and / or speed are rapidly 
increased or decreased) are becoming more commonplace in hydro-turbine 
applications as this means of electricity generation is increasingly used to meet 
peak power demand at very short notice, e.g. in the early evening or when 
temperatures suddenly drop and more people turn on their kettles, cookers or 
electric heaters. It is therefore important for machinery operators to be certain 
that the equipment can safely cope with these rapid changes. It is also important 
to know how rapidly these changes can be made and what maximum loads etc 
can be applied whilst maintaining operating safety. This operating factor has 
been studied in [11]. The present workscope expands on the results obtained to 
supplement the data available. 
Full details relating to this work can be found in Paper A. 

4.1.1.1  Experiments and Methodology 

As with any fluid-film bearing, temperature is an important factor in 
determining the limits of performance. This applies to both the bearing itself as 
well as the lubricating fluid. Temperature influences lubricant viscosity which 
in turn has an impact on oil film thickness. This film thickness affects bearing 
load carrying capacity. Therefore, in order to develop a full picture of bearing 
and lubricant performance, all these factors must be monitored. 
To this end, a number of tests have been carried out to assess the impact on oil 
film thickness as a result of rapid increases in bearing loading and speed for a 
babbitt faced thrust bearing pair. 
Experiments performed in the laboratory at LTU have been carried out using a 
test-rig specially developed for the task, full details of which can be found in 
[12]. The bearing in the experiments referred to here has pads mounted on 
spherical pivots at the 60% offset position (relative to the inner corner of the 
leading edge). Full bearing details can be found in [12].
Before any transient conditions are initiated, the machinery is run until steady-
state operating conditions are achieved (i.e. temperatures no longer rise or fall 
over a period of approximately 30 minutes) at the desired initial load and speed 
settings. Oil is supplied at a constant temperature in all test cases.
Rapid load changes (from 0.5 MPa to 2.0 MPa) are achieved by means of a gas 
accumulator. Using a supply of pressurised nitrogen gas, the load change is 
achieved in 1.8 – 2.4 seconds. 
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Speed change takes slightly longer to implement given that this is carried out 
manually using the frequency converter control (potentiometer). Speed change 
rates of 180 – 230 rpm/s are achieved.

4.1.1.2  Results and comments 

How do rapid changes in bearing loading or shaft rotational speed affect 
temperature and oil-film pressure and thickness? 
By recording measurements for a complete set of bearing parameters, a 
comprehensive picture of transients in bearing operation is produced. 
Measurements show a sharp change in film thickness (rapid drop and rapid 
climb respectively) following sudden load and speed increases. The impact of 
rapid load change can be seen in Fig. 5 with film thickness values halving. 
However, subsequent behaviour in the two cases differs following this initial 
reaction. In the loading case, steady-state is reached almost immediately whilst 
a more gradual reduction in thickness is seen for the speed change. The rise to a 
peak after the increase in speed suggests that, should speed be decreased too 
quickly, a rapid drop of film thickness to a potentially damaging minimum may 
occur. This factor is therefore vital in defining the operation limits for the 
bearing / lubricant pair. A pairing that maintains film thickness or supports a 
complete film at high deceleration rates would appear to be an operational 
advantage.

Time / mins
0 1 2 3 4

Film thickness 
/ µm

0

20

40

60

80

100

120

h1

h3

Load change initiated

Figure 5 - Variation in oil film thickness with rapid increase in loading at shaft 
speed 3000 rpm for the pad leading edge, h1, and trailing edge, h3.
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From the results obtained for temperature when a rapid speed change is 
initiated, response times (to 50% of total temperature change) for the sensor 
exposed to the oil in the film are 3.5-5.0 times faster than for the sensor in the 
collar and 2.0-2.2 times faster than those in the pad steel backing.  
When a load is rapidly applied, the ratios are then 5.3-7.0 times and 1.3-2.0 
times respectively. This is explained by differing thermal inertia within the 
various components and materials. Settling times seen in the experimental 
results are nearly identical. However, defining settling-time is made difficult by 
the slow rate of change over the final 5% of the total temperature increase prior 
to the final value being reached. 

Fourier Number

0,001 0,01 0,1 1 10

Oil Film Thickness 
(experiment) / µm

10

20

30

40

50

60

Oil Film Thickness 
(theoretical) [6] / µm

40

50

60

70

80

90

Period for
load increase

Figure 6. Oil film thickness as a function of Fourier number for experimental 
(solid line) and theoretical (dashed line) [13] data. Experimental data relates to 
h3 values whilst theoretical values are from calculations for the minimum film 
thickness, hmin.

Comparison of trends for temperature and film thickness (see Fig.6) from 
theoretical [13] and experimental data for rapid loading cases show that 
results are very similar. However, experimental temperature values exhibit 
a rate of change approximately two times faster than those found from 
theory.
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4.1.2 Bearings with surface texture 

Patterned or “textured” surfaces have been studied extensively for many 
applications [14,15,16], particularly in rotating machinery. A pattern, often a 
regular sequence of shallow (micrometre scale) troughs or pits, are cut into one 
or other of the surfaces in a contact. The aim of this is to provide “pockets” 
where oil can be stored so that it is available in the contact at start-up. These 
have also been shown to reduce friction in certain circumstances [16]. An 
example of a surface with microgrooves is shown in Fig. 7. 
The benefits of surface textures are seen at start-up from the way that they 
retain oil in the contact region such that lubricant is immediately available. The 
incorporation of grooves such as those in Fig. 7 has also led to cooler bearing 
running temperatures. Engine noise and vibration is also reduced through using 
this type of surface modification [17]. 

Figure 7 - High performance engine bearings with microgrooved inner surfaces 
[17].

The work carried out in the experimental investigation described in the 
following sections is intended to obtain measurements which can indicate to 
what extent the use of a surface texture pattern can affect coefficient of friction, 
temperature and oil-film thickness. This is achieved through direct comparison 
with a plain babbitt faced bearing. 
Full details relating to this work can be found in Paper B 
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4.1.2.1  Experiments and Methodology 

In order to study the impact of surface texture on bearing operation at steady-
state, the babbitt faced pads of a tilting-pad thrust bearing have been machined 
to provide a complex pattern / texture on the pad surface as shown in Fig. 8. 
The patterned surface consists of a system of entwined “c” and “s”-shaped 
channels of less than 10 micrometres in depth. Bearing operational performance 
is compared with that for an identical bearing with plain babbitt faced pads 
[18]. Tests for the two bearings were carried out in the test-rig referred to 
above. Separate tests were performed for plain and patterned babbitt thrust 
bearing pairs respectively. 

Figure 8 - Photograph of a bearing pad showing the surface texture. 

Measurements were made at steady-state operating conditions for a series of 
load and speed settings (0.5 – 2.0 MPa and 1500 – 3000 rpm) for both bearing 
types.

4.1.2.2  Results and Comments 

From the results recorded during this investigation, if the coefficient of friction 
is considered as a function of the modified Sommerfeld Number, it is reduced 
as a result of surface texturing. In these tests, the maximum reduction observed 
was approximately 10% (as shown in Fig. 9). This is desirable as it helps in 
reducing energy losses, thereby improving efficiency.
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Duty parameter: (coefficient of friction x average
    film thickness / bearing mean radius) x 106
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Figure 9 - Friction coefficient as a function of duty parameter (plain babbitt 
bearing : black dots; patterned bearing: white dots) 

Pad temperatures are marginally cooler when the patterned surface is employed.  
In the tests carried out, a difference of up to 5oC can be seen when compared to 
plain babbitt under identical operating conditions. However, temperatures in the 
shaft collar remain essentially unchanged between the two cases. 
Results show that oil-film thicknesses are also influenced by the texturing of the 
pad facing material. A thicker film across the pad (i.e. at both leading and 
trailing edges) is seen for the patterned material in comparison to the plain 
babbitt indicating an associated improvement in load-bearing capacity. 
Various reasons have been put forward for the positive results seen from 
employing surface texturing. As stated earlier, it is thought that the “dimples” 
and channels in the pad surface retain oil. Other theories relate load carrying 
capacity to oil circulation within the cavities as well as to their dimensions [19].  
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4.2 Environmentally Adapted Lubricants

It has long been well known that the utilisation of petroleum products carries 
with it a risk for undesirable environmental consequences resulting from, for 
example, the leakage of fluids into water courses and from combustion 
products. For a number of years, oil companies, principally in the USA and 
Europe, have worked in collaboration with customers and authorities in taking 
steps to limit these risks. Amongst other things this has led to the development 
of “environmentally adapted” lubricants (EALs). See Appendix I for further 
details in regard to EALs. Information relating to synthetic esters specifically is 
given in Appendix II. 
Lubricants (we shall concentrate on liquids in this instance) are concoctions of 
polymers (e.g. long-chain; short-chain; saturated; unsaturated etc), produced 
according to a myriad of different recipes depending on the intended application 
and prevailing environmental conditions. A base fluid forms the foundations of 
the lubricant to which may be added a range of other chemicals to introduce, for 
example, improved corrosion and wear resistance, anti-foaming properties or to 
extend lubricant lifetime by inhibiting oxidation. 
Despite the fact that other solutions, such as dry (e.g. PTFE) bearings, methods 
for reducing lubricant quantities and even, in certain applications, water 
lubrication exist, such options are often expensive to implement retrospectively. 
It is usually markedly easier and cheaper to change the lubricant rather than the 
machinery. Consequently the requirement for determination of the functionality 
of the lubricant and associated machinery performance in specific applications 
has an important role in ensuring that costs are pared back to a minimum and 
that machines continue to function as intended. With increasing public and 
legislative pressure for the employment of more environmentally acceptable 
alternatives, it is important to gather as much information as possible so that 
informed decisions can be made quickly. It is this point that lies behind the 
investigations in the second part of this study. 
A considerable amount of research has been carried out examining the efficacy 
of employing EALs as a replacement for mineral oils currently used in 
machines such as Kaplan turbines [20] and thrust bearings [21,22,23,24] and 
hydro-power plants in general [25]. This work has shown that EALs 
demonstrate superior performance characteristics under prevailing operating 
conditions. This is reflected in the data presented in the following sections. 

4.2.1 Bronze bushings and EALs

Bronze alloys are a commonly used material for journal bearings / bushings 
found in all types of mechanical machinery. For example, tin bronze is used in 
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journal bearings supporting the shafts for the variable pitch blades (vanes) on 
Kaplan turbine runners (see Fig. 10). 

Figure 10 - A cross-section illustration of a Kaplan turbine runner hub showing 
the principal components and lubricating oil. 

The effectiveness of EALs in this application has previously been studied in 
[26]. In that study, fresh (unaged) fluids were examined in a specially built test-
rig. These gave some interesting results whereby certain bearing materials and 
lubricants were seen to outperform others. Evidence of material transfer was 
clearly seen in a number of cases, this being interpreted as indicating interaction 
between the lubricating fluid and the bearing and / or shaft material. 
How do different EALs affect friction and wear in an oscillating, sliding contact 
and how does the use of different EALs affect the surfaces of the contact 
materials. Full details relating to this work can be found in Paper C. 

4.2.1.1  Experiments and Methodology 

A series of experiments has been performed to investigate the affect of 
reciprocating motion in a contact between a tin-bronze and a hardened steel 
under lubrication. The experiments were aimed at simulating the journal 
bearing / shaft contact previously studied in [26]. This also permitted the 
investigation of physical and chemical changes within the surface layer of the 
bronze material as well as a comparison with results obtained under similar 
loadings in the bearing test rig.
In these tests, a small bronze pin is held in contact with the flat surface of a 
hardened steel disc. The pin is then loaded and moved from side to side with a 
stroke length of 1 mm while the disc remains stationary. Friction between the 
two surfaces is carefully measured while wear is determined from loss of pin 
mass.
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The oils studied in these investigations are all fully formulated, each containing 
(when fresh) antioxidants and corrosion inhibitors. The oils are: 
• A commercially available unsaturated synthetic ester based hydraulic fluid 

(ISOVG32)  
• A mineral based turbine oil (ISOVG68) 
• A saturated synthetic ester based lubricating fluid (ISOVG46). 
A fourth oil, a base ester, has also been tested to permit comparison with results 
obtained from previous work on bronze journal bearings [26]. 
When trying to simulate an actual contact, it is important to use identical 
materials and conditions that reflect the actual application as closely as 
possible. In this case, materials (composition and surfaces), loads, sliding 
speeds and lubricants have been carefully chosen to match those found in the 
Kaplan turbine bushings. 
In order to assess the sub-surface layer of the bronze material for changes in 
chemical and physical construction as a result plastic deformation due to 
stresses initiated during the tests, an investigation has been performed using 
scanning electron microscopy (SEM), x-ray dot-mapping and x-ray diffraction 
(XRD). In these methods, the diffraction of electrons and x-rays, much like the 
diffraction of light in a crystal, reveals information about the material. 

4.2.1.2  Results and comments 

From the measurements and observations made, the tribological performance of 
a fully-formulated saturated complex ester is seen to be superior to that for the 
other test fluids at a loading of 424 N (low friction and wear values). It is 
reckoned that this is an effect of the formation of a soft, ductile outermost 
copper layer in the contact combined with a slight sub-surface hardening. This 
ductile copper layer formation is not seen with the mineral oil at this load in this 
set of experiments.
As the tin-depleted layer of the bronze thickens at higher loads, wear increases 
and the principal mechanism of surface wear correspondingly changes from 
abrasive to adhesive. Adhesive contact mechanisms cause fluctuating friction 
and higher wear, seen more prominently at higher loads. Some differences in 
wear mechanism are seen for the tested lubricants at the different load settings.  
Although no definitive coupling between the lubricants and friction and wear 
characteristics for the given material pair can be given due to the relatively 
small number of tests carried out, results clearly demonstrate that it is possible 
to combine X-ray dot mapping, SEM and XRD analyses for this purpose. For 
definitive conclusions to be drawn a more extensive test programme is required 
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but results given here show that the choice of lubricant has a marked influence 
on the friction and wear characteristics of a bearing bronze – steel pair. 
A summary of results for material transfer and wear surface structure found 
after tests with the different lubricants is given in Fig. 11 below. 
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Figure 11 - Transfer layer formation and tin dissolution. 

4.2.2 Ageing and its impact on EAL performance

A natural consequence of exposing an oil to the elevated temperatures, shearing 
in a contact or contaminants, such as soot particles or other chemicals, that can 
be encountered in any lubrication application is degradation of the fluid through 
oxidation.  
Taking the practical example of oil in a car engine, the oil has a limited service 
lifetime, hence the requirement stated by vehicle manufacturers for a regular oil 
change. As the oil is exposed to high temperature etc, additives are consumed 
and the base fluid oxidises making the fluid thicker i.e. increasing the viscosity. 
This is clearly seen when draining the oil from a car engine by the thick, black, 
sooty nature of the fluid that is removed in comparison to the clean, thinner 
fluid that originally went in.  
In industrial applications, mineral oils have been used for generations for 
lubrication purposes. The way in which they oxidise and hence their useful 
service lifetimes are relatively easy to determine and so oil change intervals can 
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be optimised such that a change is only made when absolutely necessary. In 
hydropower turbines, the low temperatures and less demanding operational 
conditions mean that the lubricating fluids can potentially, and indeed have 
been used for periods of tens of years without needing to be changed out. 
Environmentally Adapted Lubricants (EALs) are becoming of increasing 
interest to industry due to their superior performance characteristics as well as 
legislative demands for the replacement of mineral oil lubricants. However, 
little or nothing is known about the influence of ageing on the performance of 
these fluids in mixed and boundary lubricated tribological contacts.
In this study, samples of three fully formulated lubricating oils, both in their 
“fresh” form and “aged” by means of an oxidation process in the laboratory, are 
utilised in a detailed study whereby variations in relative lubrication 
performance are examined.
Full details relating to this work can be found in Paper D. 

4.2.2.1 Experiments and methodology 

An investigation of the efficacy of aged oils (mineral and EALs) has been 
performed in this study. As in the investigation referred to in section 4.2.1, the 
test is intended to simulate the contact between an oil lubricated tin-bronze 
bearing and a steel shaft as found in the vane adjustment mechanism of a 
Kaplan turbine runner. However, in this case, the relative motion in the contact 
is continuous and unidirectional. 
Standard laboratory pin-on-disc equipment is utilised in order to allow 
comparisons to be made with work performed previously [26]. A sliding speed 
of 1 cm/s and load 15 / 30 MPa are applied along total sliding distances of up to 
5000 m. 
The oils investigated in this study are fully formulated lubricants containing (in 
their fresh state) antioxidant and corrosion inhibiting additives. The specific 
fluids are: 
• Oil A – a commercially available unsaturated synthetic ester based hydraulic 

fluid (ISOVG32) 
• Oil B – a mineral based turbine oil (ISOVG68) 
• Oil C – a saturated synthetic ester based lubricating fluid (ISOVG46) 
The ageing (oxidation) of the various lubricating fluids has been performed in 
the laboratory using a modified dry-TOST method (Dry Turbine Oil Oxidation 
Test – ASTM D 943) performed at 120 °C with oxygen and iron-copper 
catalysts [27].
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XPS analysis has been employed to assess the effect on surface layer structural 
chemistry. Unlike the analysis methods described in 4.2.2.1 which can penetrate 
the surface layer to a depth of several micrometres, this technique examines the 
immediate surface layer to a depth of only a few nanometres. This makes it 
much more sensitive when investigating chemical and physical changes in the 
surface layer.

4.2.2.2 Results and comments 

Oxidation has a clear impact on the nature of the test fluids. All of them 
increase in viscosity following the “ageing” process. The Total Acidity Number 
(TAN) values for the aged fluids are such that in any normal lubricated 
application, the oils would be declared as “dead” and be changed out.
An indication of wear rate measurements is given in Fig. 12. As can be seen 
from the results, the values obtained for oil A, the unsaturated ester, are higher 
for the aged fluid. However, despite having acid numbers in the region of 4 
mgKOH/g, the aged fluids continue to display acceptable wear performance, 
especially when compared to the mineral turbine oil, oil B. Good agreement is 
found in a comparison with results found in [28] for fresh (unaged) oil B.

Figure 12 – Wear rates in terms of sliding distance for tests performed with 
fresh and aged samples of the three oils. B fresh* relates to wear data from [28]. 

Results for oil C show relatively high wear values for the unaged fluid. 
However, a sharp drop in wear is seen after fluid ageing. The high wear values 
would suggest that the additives in the fully formulated fluid are not providing 
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any benefit in terms of wear protection to the bronze under these operating 
conditions. This theory is further strengthened by results obtained for tests with 
the unaged base ester which show values in line with those seen for aged oil C.
It is clear from the results obtained for friction and wear, most notably for the 
saturated ester, that ageing of the fluid does not catastrophically reduce the 
performance of the lubricants. Indeed, it actually improves performance for the 
saturated ester in terms of friction and wear. 
• All three fluids continue to show acceptable performance even at high acid 

number. This suggests a limited risk for catastrophic failure of the equipment 
during normal operational use. 

• Coefficient of friction appears to reduce with fluid age. 
• The formation of agglomerated wear particle “sludge” occurs to varying 

extents with the “fresh” fluids and for aged mineral oil but is not seen after 
ageing for the esters. 

• A copper enriched surface layer is formed on the bronze material after tests 
with all lubricants. 

Results show, for the specific application being investigated, that EALs 
continue to function well in terms of their friction and wear performance even 
at high acid numbers. 

4.2.3 Influence of oil type on journal bearing performance

As stated previously, the use of Environmentally Adapted Lubricants (EALs) is 
a subject of growing interest to industry. Vegetable based fluids are widely seen 
as providing lubricants from a renewable source as well as meeting demands for 
improved biodegradability. However, at present, utilisation of such fluids is 
limited due to their rapid oxidation. EALs produced from other base stocks (i.e. 
synthetic esters) have been shown to provide performance benefits in 
hydrodynamic thrust bearings [23]. 
In earlier work carried out with tilting-pad thrust bearings [22,23], a number of 
different lubricants were tested under identical operating conditions in order to 
obtain data that would permit a direct comparison between the relative 
operational performances of the fluids.
The requirement to compliment the thrust bearing measurements with similar 
tests for a hydrodynamic journal bearing has led to the current study, full details 
of which can be found in Paper E.
An illustration of a typical (babbitted) journal bearing as found in hydropower 
turbines is given in Fig. 13.



22

Figure 13 - A shaft guide bearing (Chats Falls Power Station, Canada) [29] 
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Figure - 14 Operational principles for a hydrodynamic journal bearing. The 
diagram on the left shows a stationary system with the shaft centred in the 
bearing. The diagram on the right shows a system with a rotating shaft. 
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Just as with thrust bearings, oil film thickness is a critical element in the 
operation of hydrodynamic journal bearings. This is influenced by several 
factors, the principal ones being oil viscosity, shaft speed and bearing loading. 
Also of importance is the radial clearance, c, illustrated in Fig. 14. This value is 
found from half the difference between shaft and bearing inner bore diameters. 
The operation of a hydrodynamic journal bearing is illustrated in Fig. 14. As oil 
is drawn into the converging gap between the shaft and the bearing, pressure is 
built up within the oil film. This pressure provides a lifting force which moves 
the shaft. The magnitude of this effect is defined by the relative positions of the 
shaft and bearing bore centre points given by attitude angle  and eccentricity 
e. It is customary to use shaft relative eccentricity, , the ratio of eccentricity e 
to radial clearance, c.
The angle and eccentricity normally increase with speed and decrease with 
load.
Different lubricants possess different properties. How these properties impact 
on the operational performance of a plain hydrodynamic journal bearing is 
investigated in the workscope referred to in the following sections. 

4.2.3.1 Experiments and methodology 

The experimental investigation discussed here looks at the relative performance 
characteristics of a series of lubricants, including a synthetic ester EAL, in 
comparison with mineral turbine oils in hydrodynamic journal bearings.
A specially developed test rig employing a two axial groove hydrodynamic 
journal bearing has been employed to compare the performance of three EALs 
(a VG32 saturated ester, rapeseed base fluid and a Propylene Glycol Dioleate) 
relative to three mineral turbine oils (ISOVG32, ISOVG46 and ISOVG68) in 
the hydrodynamic regime.
Measurements are recorded for temperature, power loss and minimum film 
thickness. The impact of oil viscosity index (VI) is also examined. Film 
thickness is measured by means of inductive sensors, one of which can be seen 
mounted in the bearing in Fig. 15. Temperature sensor and oil inlet holes are 
marked with arrows.
Temperature is measured at a series of points along the centreline of the loaded 
(lower) half of the bearing. This permits close examination of the development 
of heat within the oil film for the different lubricants at a range of speed and 
load conditions. 
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Figure 15 – A view of the bearing bore looking towards the upper half. 

The experimental method is much the same as that employed for the tests 
referred to elsewhere in this thesis in regard to tilting-pad thrust bearings 
whereby the machine is run until steady-state operation is achieved at a set of 
pre-determined operating conditions (speed, load and oil supply temperature 
and flow rate). This makes comparison between the different oils simpler to 
perform.

4.2.3.2  Results and comments 

The relative variation in oil viscosity is illustrated in Fig. 16 as a function of the 
measured temperature along the bearing centreline at a speed of 2000 rpm and 
loading of 2 MPa. Here it can be seen that the EALs enter the bearing at a lower 
viscosity than the corresponding mineral oils. However, in the region of 
thinnest film, the EALs have viscosities equal to or even greater than those 
found for the corresponding mineral oils. This suggests that through using the 
EALs losses due to friction at the oil inlet can be reduced while minimum oil 
film thickness is maintained. 

Oil inlets

Temperature sensors
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Figure 16 - Fluid viscosity along the bearing centreline at 2000 rpm, 2 MPa 

This film building ability is seen most clearly at the highest load setting shown 
in Fig. 17. Indeed, values seen for the synthetic ester mirror very closely those 
recorded for the VG46 mineral oil. 
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Figure 17 - Minimum oil-film thickness at 2000 rpm for load 1, 1.5 and 2 MPa 
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It is clear from the results obtained that the EALs function satisfactorily in 
comparison with the mineral oils tested in this particular bearing 
arrangement. The synthetic ester fluid exhibits characteristics very close to 
those found for VG46 mineral oil. At the higher loads and speeds in particular it 
demonstrates lower temperatures, a more favourable viscosity distribution and 
comparable minimum oil film thickness to the mineral oil. 
Rapeseed base fluid has been shown to perform well at higher load and speed in 
terms of minimum film thickness and power losses when compared with VG68 
mineral oils. Similar results are seen for the PGD fluid in comparison with 
VG32 mineral oil.
Viscosity Index is seen to play an important role, together with heat capacity, in 
producing a thicker oil film. This suggests that it may be possible to replace 
lubricants in certain applications with thinner, high VI fluids. The possibility to 
use a thinner oil but maintain oil film thickness is very attractive for large 
machines as power losses from both friction (shearing) and churning can be 
reduced, improving machine efficiency 
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4.3 Novel Materials 

Ever since the beginning of the industrial age (and even before), the fields of 
materials science and mechanical engineering have had a strong symbiosis. The 
development of new materials has allowed more complex, daring and 
innovative ideas to be taken to the stage of implementation. 
Without the continual development of materials such as steels we would not be 
able to construct the more lightweight transport vehicles we have today 
compared to those available 50 years ago. Metal alloys allow machines to 
operate at higher temperatures than could have been imagined possible even a 
decade ago and polymers have changed society in latter years by providing 
cheap components for consumer goods.
In [30], the World Energy Council states that through the employment of novel 
materials, technological innovation in local energy end-use can be advanced to 
promote increased efficiency in electricity transmission and distribution. This is 
an area where original thinking has already developed energy efficient 
technology and provides an example of the thinking behind employing novel 
materials for new applications. 
The use of novel materials in the hydropower industry has enabled the 
construction of dams in locations and on scales that would amaze the industry 
pioneers. New, more efficient turbines and generators are being developed [31] 
meaning that by replacing older machinery, outputs can be substantially 
improved. This is vitally important in an age when increasing demand for 
power has to be matched with the limitations of generation capacity.   
Novel materials also have an impact on equipment reliability and associated 
maintenance requirements. Friction and wear are major factors in determining 
maintenance regimes. Less friction and wear often means reduced maintenance 
frequency, thereby decreasing costs while maximising income through 
increased machine availability. 
For many years, a soft-metal alloy coating (“babbitt”, “white-metal”) has been 
applied to both thrust and journal bearings. Babbitt metal is named after Isaac 
Babbitt (1799-1862) who developed the original alloys. These are any one of 
several soft metal alloys, usually containing large amounts of tin with smaller 
amounts of antimony, copper, and lead, used to line bearings and bushings in 
order to reduce friction.  This soft “facing” serves two main purposes: limiting 
damage from small contaminant particles (these become embedded in the soft 
babbitt) and protecting the shaft material from severe damage should over-
heating occur (e.g. due to failure of the oil film). In this respect the babbitt is 
employed as a form of “sacrificial protector”. Babbitt’s main weakness is poor 
fatigue strength. Its strength also falls with rising temperature so that in practice 
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it is not recommended to permit pad surface temperatures of greater than 
130 C.
Given the short-comings of Babbitt, it is of interest to determine whether other 
materials may offer a better solution, providing properties that can benefit 
bearing operation. 
Poly-tetra-fluoro-ethylene (PTFE, Teflon® [32]) has been used in various 
bearing applications for a number of years and has long been recognised for its 
low friction / non-stick and insulation (low heat conduction) properties. These 
have made it a suitable solution for applications where dry (oil-free) bearings 
are required e.g. in the food processing industry. Inherent properties of the 
material, such as low coefficient of friction and mouldability make it the ideal 
choice for many applications. Conversely, other inherent properties such as 
high creep rate and the fact that it will not readily adhere to other materials have 
limited its utilisation. However, methods have been developed by which the 
material can be attached to thrust bearing pads, in pure or composite form. 
For hydrodynamic bearing applications it is desirable for the facing material to 
provide the following properties:

• a low coefficient of friction – for bearing operation 
• compliability (i.e. a slightly elastic surface) – to counter pressure peaks 
• thermal insulation – to limit pad thermal deformation in thrust bearings 

These three properties can be obtained with polymers such as PTFE. 

4.3.1 PTFE faced thrust bearings

Interest in using PTFE as a bearing pad facing material has been growing in the 
western hemisphere after several decades of being predominantly a preserve of 
the former Soviet Union and, more recently, China. Michell Bearings in the UK 
have carried out extensive research and development experimentation with wire 
mesh supported PTFE surfaces [33,34]. The low friction and good insulating 
properties of the material offer the possibility for reducing the requirement for 
“oil-jacking” (where high pressure oil is injected into the gap between the 
bearing and counterface during start-up to separate the surfaces until a self-
sustaining film can be formed) as well as offering an improvement in 
performance. An example of a polymer faced thrust bearing is given in Fig. 18. 
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Figure 18 - Toshiba T3 bearing with a PTFE composite thrust surface [35] 

How does the use of a PTFE facing material affect the temperature of the oil-
film and the bearing bulk material as well as oil-film thickness and how does 
this compare with similar measurements for plain babbitt faced bearings? This 
is investigated in the study described in the following sections. Complete details 
relating to this work can be found in Paper F. 

4.3.1.1 Experiments and Methodology 

In the present study, the pads of a tilting-pad thrust bearing have been faced 
with a PTFE / glass-fibre composite (the glass fibres provide a means of 
improving the wear resistance the PTFE).  
In order to determine the impact of the employment of the PTFE-glass fibre 
composite facing, the operational performance of this bearing is compared with 
that of an identical bearing with a standard plain babbitt facing [Paper B, 36]. A 
similar approach to that used for the patterned bearing pads, as described in 
section 4.1.2.1, has been applied. The only difference in this case is that the two 
different bearings are mounted in the test rig at the same time i.e. direct 
comparison has been made possible through mounting one bearing of each type 
in the test rig so that their performance can be monitored simultaneously. 
Further data relating to experiments with the PTFE bearing is given in [37]. 
Oil film thickness has been measured by means of a pair of capacitive sensors 
mounted at the leading and trailing edges of one of the bearing pads. This is an 
innovative technique for this type of application. 
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4.3.1.2 Results and comments 

Pad temperatures are considerably cooler when PTFE is employed due to the 
good thermal insulating properties of the material. In the tests carried out, a 
difference of up to 20oC can be seen for PTFE faced bearings when compared 
to babbitt under identical operating conditions as illustrated on Fig. 19.
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Figure 19 - Temperatures in the pads at 3000 rpm and 2.0 MPa. Oil enters from 
the right hand side and exits to the left. The value at the middle of the left hand 
edge in both cases shows oil temperature. 

Oil film temperature is consequently slightly higher for the PTFE faced pads as 
heat is not dissipated through the pad. However, results from experiments show 
that oil-film temperature values measured at the mid-radius near the pad trailing 
edge for the PTFE and babbitt faced pads do not differ significantly given 
identical operating conditions despite the powerful insulating effect of the 
PTFE layer (see Fig. 19). 

Figure 20 – Comparison of pad tilt for babbitt and PTFE faced pads. Oil enters 
from the left and exits to the right. 
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It is seen that oil-film thicknesses are influenced by pad facing material 
resulting in a thinner film at the leading edge and thicker film at the trailing 
edge for the PTFE faced pad than for the babbitt faced pad (see Fig. 20). The 
former therefore gives a larger minimum film thickness (h3 - trailing edge). 
When comparing results for experiments involving variation of oil supply 
temperature, it is demonstrated that oil-film thickness and angle of pad tilt are 
affected differently depending on what pad material is employed. However, a 
thicker film at the trailing edge is maintained for the PTFE faced pad in 
comparison with the babbitt in all cases. 

4.3.2 PTFE composites for journal bearing facing 

Polymer composites are utilised in dry, self lubricating journal bearings (not 
lubricated with oil) due to properties such as their low coefficient of friction. 
However, their use in fluid-film bearings, as with the thrust bearings discussed 
earlier, is not as widespread.  
Although both thrust and journal bearings have a good deal of similarities, the 
risk for damage as a result of contact between shaft and bearing can be said to 
be greater for journal bearings given their physical form and the way the 
bearing functions. 
A high contact pressure can be encountered between the shaft and bearing 
during stationary conditions. With prolonged contact between the surfaces, 
adhesion forces can be quite substantial meaning that material can be “torn out” 
when the equipment is restarted. This is one reason why the same metals should 
not be used for both shaft and bearing as this is a sure-fire way to incur shaft 
seizure. Dry sliding contact between the surfaces can give substantial wear and 
high temperatures which can also lead to shaft seizure. 
Machine start-up is a particularly sensitive period where the risk for bearing 
damage is at its greatest since oil drains away from the contact while the 
machine is stationary. If insufficient oil exists in the contact at start-up then 
material damage is an almost inevitable consequence. A common means of 
eliminating this is to employ “oil jacking” (as described in section 4.3.1). 
However, it is desirable to avoid this requirement.
The static “break-free” friction (an indication of the torque required to initiate 
shaft rotation in a loaded contact) is therefore a factor of importance in 
hydrodynamic bearings given the potential for bearing damage during the start 
moment. It is also important to have knowledge of this factor when determining 
the type of machinery that is required to start the turbine. A high “break-away” 
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friction value will necessitate the provision of a larger starter motor or engine 
than a low value. 
Given that polymer composites for bearing applications can have low 
coefficients of friction and low wear rate properties, a logical step is to 
investigate what materials may be appropriate for use as a facing material for 
hydrodynamic journal bearings. 
An investigation of the static “break-away” friction is carried out to assess the 
relative merits of a set of commercially available composite materials in 
comparison with pure PTFE and a babbitt material. Full details relating to this 
work can be found in Paper G. 

4.3.2.1  Experiments and methodology 

Friction and wear values for a series of polymer materials have been compared 
with those for a babbitt material using a standard laboratory block-on-ring 
apparatus. A shaft acceleration rate akin to that encountered in hydropower 
turbines is used in order to simulate the start-up of this type of machine.  
A steel ring with outer diameter 40 mm and width 9.2 mm (marked 2 in the 
schematic diagram in Fig. 21) is used to simulate the shaft while a block of the 
test material (1) measuring 12.5 mm x 7.5 mm in the contact plane represents 
the bearing. Lubrication is supplied by means of a drip-feed (3) in order to 
continuously supply clean oil to the contact. In this configuration, the contact is 
initially dry as the lubricant does not enter the contact until part of the first 
revolution has been completed. An ISO VG32 mineral oil lubricant is used in 
all tests. 

Figure 21 – Block-on-ring test arrangement used in the experiments. 

Direction
of rotation 
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2

3 1
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Tests have been performed to simulate both “dry” and “wet” contact at start-up 
i.e. unlubricated and lubricated contacts in the start moment. These are intended 
to simulate oil starved and lubricated start under load in a journal bearing in 
order to investigate break-away friction. 

4.3.2.2 Results and comments 

In investigations performed with these materials, friction results for the test runs 
starting from dry contact conditions show coefficient of friction values for 
babbitt considerably higher than those found for the polymers. This is 
illustrated in Fig. 22.  
Tests for four of the materials have also been performed at a second (lower) 
acceleration rate. In this operational set-up, acceleration rate appears to exert an 
influence on the coefficient of friction – in general, values increase with 
acceleration rate. This effect is not seen during wet start. 
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Figure 22 - Peak coefficient of friction at dry start-up. Plots inside a box 
represent tests carried out at the two acceleration rates. 

Fillers can often play a double role: on one hand helping to bind the matrix 
material, combating creep and increasing tensile and compressive strength 
while on the other contributing properties of their own such as a means of 
building up a more effective transfer layer during sliding or a more conducive 
contact layer. By using scanning electron microscopy to examine the 
microscale, the filler materials have been investigated more closely. 
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Of all the composite materials tested, a glass fibre reinforced PTFE material is 
seen to give the highest friction at dry start. The SEM micrographs in Fig. 23 a) 
and b) show how the surface is changed as a result of the wear process. It can 
be clearly seen that the PTFE material is smoothed out leaving a fine surface 
finish while the glass fibres are sheared along the wear plane.
Corresponding images for the Pure PTFE show a very smooth finish in the wear 
track (the two white specks are surface debris). 
From the results obtained during the current investigation it is clear that the 
polymer composites exhibit positive properties that demonstrate an 
improvement on the babbitt material in terms of break-away friction and wear.

a) PTFE / glass fibre (unworn) b) PTFE / glass fibre (worn) 

c) Pure PTFE (unworn) d) Pure PTFE (worn) 

Figure 23 a)-d) – SEM micrographs of the unworn and worn surfaces of a glass 
fibre reinforced PTFE composite and Pure PTFE. The arrow in the right hand 
images indicate the direction in which the ring has rolled. 
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5. Conclusions 

The most significant conclusions from the various scopes of work incorporated 
in this thesis are: 
1. Rapid changes in shaft rotational speed and bearing loading produce 

significant responses in terms of lubricant and shaft collar temperature and 
oil-film thickness. A sharp change in oil film thickness is seen for sudden 
increases in loading and speed. The rise to a peak after increasing speed 
suggests that, should speed be decreased too quickly, a rapid reduction of 
film thickness to a potentially damaging minimum may occur.  

2. The specific surface pattern tested has a positive effect on bearing operation 
especially in regard to the observed reduction in coefficient of friction.

3. The use of synthetic esters has been shown to be beneficial to the 
performance, in terms of friction and wear, of bronze-steel contacts as 
found in Kaplan turbine hubs under certain operating conditions. 

4. Comparison tests have shown that EALs can perform equally well, if not 
better than, mineral oils of similar viscosity grades for use in hydrodynamic 
lubrication applications.

5. Viscosity Index (VI) has been shown to influence the comparative 
performance of lubricants. This offers the prospect for the replacement of a 
mineral oil with an EAL possessing a lower viscosity grade but higher VI. 

6. The use of a PTFE / glass-fibre composite has demonstrated reduced 
temperatures within the thrust bearing and shaft collar. This, together with 
data collected in previous studies, suggests that a lower viscosity lubricant 
can be used, reducing costs without compromising machine efficiency or 
effectiveness. Alternatively, if the same lubricant continues to be used, 
efficiency can be improved and ultimate machine loading can be increased. 
Hence generation output can be increased.

7. PTFE composite materials tested show significantly lower “break-away” 
friction than that seen for babbitt.  

In all these studies, it has been shown that performance benefits can be 
achieved through the implementation of relatively simple but significant 
innovations. The associated economic and environmental advantages 
potentially outweigh the comparatively minor investment required. It therefore 
only remains to put them into practise!  
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6. What Next ? Topics for Continued and Future Research 

The use of PTFE and other innovative surfaces, e.g. patterned babbitt surfaces, 
presents significant potential in terms of (relatively) simple solutions for the 
improvement of machinery efficiency. The fact that the technology is not in 
more widespread use at present is due, in part, to a lack of published data and 
an associated fear of changing tried and tested technology. 
Further testing of thrust and journal bearings with a PTFE composite surface 
will provide useful data which will hopefully make the argument for the 
employment of such material even more persuasive. The same is equally true 
for patterned (textured) bearing surfaces, specifically for the type of application 
discussed in this thesis. The quest for the optimal pattern requires continued 
research.
While laboratory investigations are extremely important in defining operational 
characteristics, the verification of results in full-scale tests is also required in 
order to obtain a full understanding of the mechanisms encountered in industrial 
scale applications. Ongoing work in the Porjus research turbine is intended to 
provide this data.
At the time of writing, Environmentally Adapted Lubricants are in use at 
several hydroelectric power stations. It will be of interest to monitor the 
lubricants from these facilities to assess the “real” ageing and how it compares 
with the experiments performed to date. Monitoring of performance parameters 
will give a more detailed indication of the results of using EALs in the entire 
hydraulic system rather than the bearings alone. 
The combined effect of the optimisation of bearings and lubricants has the 
potential for providing substantial operational, production and economical as 
well as environmental benefits. New polymers and oils are continually being 
developed and further performance improvements in the future are quite likely. 
In such a way we can eke out more from existing facilities with long term 
benefits for all parties concerned whilst also contributing to the next generation 
of industrial equipment. 
Finally, no discussion about research and development in hydrodynamic 
lubrication is complete without mentioning water lubrication. This is an 
exciting topic which requires a targeted effort to achieve the next “leap 
forward” in machine component development. 
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Appendix I – Environmentally Adapted Lubricants: A definition 

Put simply, mineral lubrication oils consist of a broad mixture of hydrocarbon 
molecules with a range of structures and molecular weights and properties. 
EALs on the other hand are produced in various chemical processes from 

simple hydrocarbons such as ethane or 
propene meaning that the final product tends 
to consist of only a few different types of 
molecule. This also means that an EAL can be 
carefully tailored to a specific function. 
There are several base-fluid types employed in 
the production of EALs. These include: 
mineral oils; polyalphaolefins (PAO); 
vegetable oils; synthetic esters; alkylated 
aromatics; polglycols and phosphate esters. 
The title “Environmentally Adapted” does not 
necessarily imply that such a lubricant is 

environmentally “friendly”. It may not be neutral in interactions with flora and 
fauna nor can it be said unequivocally to be safe for humans to handle. An EAL 
has less of a detrimental impact on the environment than a mineral oil and, as a 
minimum, follows current legislative demands. However, it is also imperative 
that the product functions in a technical sense. Technically superior products 
reduce fuel and oil consumption and increase the time interval between oil 
changes. All these points combine to reduce any possible negative effects on the 
environment.
EALs are principally used in applications where the lubricant is consumed or 
where there is a risk for leakage in sensitive environments. Examples include 
engine lubricants, refrigeration and compressor oils and transmission fluids. 
For a lubricant to be “environmentally adapted”, it must fulfil two distinct 
demands. These are 

1) be easily broken down biologically (biodegrade),
2) possess a low level of toxicity and a low degree of bioaccumulation 

A third demand, renewability of origin materials, is applicable for vegetable oils 
and synthetic esters. Other EALs are produced from non-renewable sources. 
A brief explanation of these requirements is given here. 
Biodegradability: A lubricant is said to be biodegradable if it can degrade 
(break down) through the action of organisms or enzymes into naturally 
occurring substances to a specified extent within a given period of time. This 
ability can be defined by standard tests e.g. OECD 301B (modified Sturm test),  

Figure 1 – a typical alkene 
(olefin) molecule [1] 
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ISO 9439 (Water quality - Evaluation of ultimate aerobic biodegradability of 
organic compounds in aqueous medium - Carbon dioxide evolution test ). In the 
latter, the amount of CO2 produced by bacteria breaking down the lubricant is 
measured. At least 60 % of the lubricant must be broken down within 28 days 
for the test to be passed.
Renewability of the raw component materials/compounds from which the 
lubricant is produced is also of importance. This decreases pressure on the 
planet’s resources. For example, oilseed rape plants used to make vegetable oil 
can be replaced with new plants i.e. complete renewability.  
Lubricant toxicity is measured using a series of standard tests. These include 
[2,3]:
OECD 201 (ISO 8692:2004) - algal growth inhibition
OECD 202 (ISO 6341:1996) - Daphnia magna acute immobilisation  
OECD 203 (ISO 7346:1996) - acute aquatic toxicity for fish
EC50/LC50/IC50 - acute aquatic toxicity 
The lubricant should exceed 100 mg lubricant per litre of water for each 
chemical compound with more than 5 % mass fraction. Toxicity includes the 
long term effect on organisms leading to chronic changes in the environment 
which is difficult to predict. 

It should be noted that the information above makes reference to base fluids. 
The addition of additives (e.g. anti-wear, friction-modifiers etc) can have a 
significant affect on fluid properties in respect to their environmental adaptation 
although non-toxicity can be maintained through the use of suitable additives. 

Additional information about EALs can be found at the following sources, 
amongst others. 
www.usace.army.mil/inet/usace-docs/eng-manuals/em1110-2-1424/c-8.pdf
www.uniqema.com/lubricants/lit/ELGIforAGM2003.pdf 

References:

[1] www.spi.se/fprw/files/omolja.pdf 
[2] www.chemex.co.uk/ecotoxicology/Methods.htm#fisha
[3]  International Organisation for Standardisation, www.iso.org 
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Appendix II – Synthetic Esters

Synthetic esters are suited to various lubrication tasks as the possibilities for 
adapting these compounds for specific applications are enormous. They have 
high viscosity index and good friction reduction characteristics making them 
highly suitable for use as lubricants. They also possess good ageing stability 
and liquidity at both low and elevated temperatures. 
Synthetic esters are basically fatty acids and alcohols boiled together with a 
catalyst. Depending on the choice of fatty acid and alcohol, the final product 
can be tailored to the intended application.
In hydropower applications, long operational life is important. Therefore a 
synthetic ester with a low oxidation rate is preferable. This low rate of oxidation 
(stability) infers a slower biodegrading process than is generally exhibited by, 
for example, vegetable oils. However, the biodegradability still remains 
superior to that for mineral oils.  
The development of additives for synthetic esters is continually ongoing and 
they do not always produce the same affect as when used in a mineral oil. 
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Further transient test results for a pivoted-pad thrust bearing  

S.B. Glavatskiha, D.M.C. McCarthy a, I. Sherringtonb

a Division of Machine Elements, Sirius Laboratory, Luleå University of Technology, SE-97187 Luleå, Sweden 

b Dept of Engineering and Product Design, University of Central Lancashire, Preston, Lancashire PR1 2HE, UK 

Evolution of friction torque in a pivoted-pad thrust pad bearing, as well as collar and shaft temperatures and 
pressure profiles in transient conditions, have been investigated in [1]. The present paper reports further transient 
test results for the same thrust bearing with an outer diameter of 228.6mm and 60% offset pivoted pads, operated 
in fully flooded mode. In this study, a complete set of bearing main performance parameters, including bearing 
pad and collar temperatures, oil film thickness and friction torque are obtained by means of a high-speed data 
acquisition system. Evolution of these parameters as a result of sudden variations in rotational speed and load are 
presented and analysed. Results are generalised in terms of Fourier number and compared with published 
numerical data. 

1. INTRODUCTION

In mechanical machinery, “steady-state” 
conditions can only be achieved after a period of 
transition has been completed. Indeed, it can be said 
that steady-state conditions do not really ever exist 
due to the multitude of factors that can influence 
machine performance e.g. shock loadings, 
vibration, alignment faults etc.   

Following a sudden change in operating 
conditions, a period of time is required before the 
main parameters settle down. It can be important to 
have a good idea of what these settling-times are 
likely to be and how parameters change in the 
transient period. Temperature changes can be an 
indication of faults or failures and since altering the 
operating conditions, such as speed or loading, is a 
potential initiator of equipment damage, it is vital to 
know whether the changes being observed are 
acceptable or indicate a problem. Work carried out 
by other researchers within this field is reviewed in 
[1]. 
 Work carried out during this study involves the 
rapid change of a key operating parameter for a 
pivoted-pad thrust bearing. This is a continuation of 
research previously reported in [1]. In that study, 
evolution of bearing friction torque, collar and shaft 
temperature and pressure profile following sudden 

changes in speed, load and oil flow supply rate was 
analysed.

The intention of this workscope is to establish 
the impact of rapid transitions in loading and shaft 
speed on operating performance of the thrust 
bearing in terms of the complete range of principal 
bearing parameters, namely pad and collar 
temperatures, friction torque and oil-film thickness.

2. DESCRIPTION OF TEST EQUIPMENT 

2.1. Hydrodynamic bearing test rig 
In this study, the same thrust bearing and test rig 

are used as employed in [1].  
A general arrangement of the test rig is shown 

in fig. 1. Test bearings (1,2), each with six tilting 
pads, are mounted in the guiding holders (3). These 
holders can slide within the housing (4), which is 
positioned on steel wheels (5,6) mounted on rolling 
element bearings. Such an arrangement permits 
direct measurement of bearing power loss since the 
housing is free to rotate by the action of bearing 
friction torque. Rotation is prevented by a load cell 
(7), which gives the torque value. Test bearings are 
loaded back to back against separate collars, 
integral parts of the main shaft (10). The required 
load is applied by means of four hydraulic cylinders 
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(8,9) located in the gap between the bearing holders. 
The main shaft (10) is supported at each end by 
means of a journal bearing. Power to the test rig is 
provided by a 143 kW variable speed DC motor. 
Full details of the test facility can be found in [2]. 

Figure 1. Arrangement diagram of hydrodynamic 
bearing test rig.  

2.2. Test Bearing  
Details relating to the physical dimensions of the 

test bearing are listed in Table 1. The bearing is a 
standard production scale unit and as such is 
representative of commercially available equipment. 

Table 1 
Test bearing characteristics 

Outer diameter, mm 
Inner diameter, mm 
Number of pads 
Bearing area, mm2

Pad angle, degrees 
Pad thickness, mm 
Pivot position (offset), % 
Pivot type 
Collar thickness, mm 

228,6 
114.3 

6
26130 

51
25.5 
60

spherical
51

2.3. Instrumentation
 A significant number of sensors have been 
installed in the thrust bearing examined during this 
study in order to provide comprehensive information 
in regard to the operating characteristics.  
 Fig. 2 shows the location of these sensors within 
the bearing assembly. Sensors T21 and T22 
(temperature) and h1 and h3 (oil-film thickness) are 
referred to in the results and discussion sections of 
this paper. 

Figure 2. Location of temperature and film thickness 
sensors installed in the thrust-bearing pads.  

 A comprehensive description of the sensors most 
important to this particular study is given in the 
following sections. 

2.3.1 Temperature Sensors 
 Sensors for monitoring temperature in the pad 
are installed as illustrated in fig. 3. All 
thermocouples are mounted in the backing material 
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(steel) since any voids or inclusions within the 
relatively low strength babbitt can affect the 
integrity of the bearing. The thermocouples are 
glued in place using a thermally conductive epoxy to 
coat the tips. The remaining space is then filled with 
a low viscosity epoxy. 

Figure 3. Location of the temperature sensors, 4mm 
beneath the surface of the thrust-bearing pads. 

Type J thermocouples are used since they are 
small enough to fit within the space available. They 
also possess a relatively quick response time, 
important when temperatures being monitored can 
change almost instantaneously. Timely signalling of 
changes is required for this study in order to allow 
accurate information regarding temperature change 
in the bearing to be recorded. The thermocouples are 
fitted at a depth of approximately 4mm beneath the 
surface of the pad. The babbitt layer and a thin layer 
of steel therefore separate the thermocouple from the 
oil film. In pads 3 and 6 (see fig. 2) an array of ten 
such thermocouples is used to permit the 
construction of a temperature “map” of the thrust 
surface.
 In order to record a more accurate value for the 
temperature of the oil in the film at any given 
moment in time, a thermocouple is mounted slightly 
in from the trailing edge of the pad (T22 and T24 in 
fig. 2). A hole cut from the pad face provides a 
means of tapping the oil so that it can be brought 
into direct contact with the sensor tip. This hole is 
approximately 0.5mm in diameter [3]. 
 In the case of R75, the sensor is a negative 
temperature coefficient (NTC) type thermistor, 
1.9mm in diameter, positioned at a depth of 1.5mm 
beneath the surface of the collar with only a thin 
layer of steel separating it from the circulating oil. It 
is mounted in the right-hand shaft collar at the 75% 

position in relation to the radial dimension of the 
bearing pads. Temperatures recorded at this position 
can be said to be representative of the average 
temperature within the bearing as this point passes 
through both the coolest and warmest regions of the 
circulating oil.  

2.3.2 Capacitive Oil Film Thickness Sensors 
The capacitive sensors are of a metal / ceramic 

construction with a standard M4 thread [3]. The 
mounting arrangement for these is shown in fig. 4. 
Both sensors are positioned at the 50% radial 
dimension on the pad, at a small displacement from 
the leading and trailing edges respectively. A 
threaded “plug” is used to seal the hole in the back 
of the pad in order to limit any effects on oil flow 
and also to help ensure the sensors remain in place. 

A

A

Section A-A

Figure 4. Pad layout and location of the capacitive 
sensors within the bearing pad. 

 The tip of the sensors are set at a small 
displacement (no greater than 0.01mm at maximum) 
beneath the pad surface so that should the pad come 
into direct contact with the steel surface of the collar 
an output voltage reading will be observed (see fig. 
6). This also removes any chance of the hard 
ceramic causing abrasive damage to the collar. 
 A simple technique for calibrating the capacitive 
sensors is used, as illustrated in fig. 5. Inductive 
gauging sensors [4], with an operating range of 0 to 
1mm, and the capacitive sensors are mounted at 
opposite ends of a fixture on a single common axis. 
A setscrew of fixed dimension is installed in the 
fixture in the gap between the two sensors. When 
moved away from one, it moves toward the other by 
a correspondingly identical displacement. Since the 
inductive gauging sensors show a displacement 
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value, these readings can be coupled to output 
voltages from the capacitive sensor. 

Fixed distance

Inductive
sensor

Capacitive
sensor

Computer

Setscrew

Figure 5. Schematic representation of the equipment 
employed for calibration of the capacitive sensors. 

Measurements are taken at successive intervals 
of approximately 10 micrometres as the setscrew is 
threaded through the block. Fig. 6 shows the 
calibration curve for the trailing edge sensor, h3.

Measured displacement / µm
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Output signal / V

1
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Figure 6. Calibration curve for the capacitive sensors 
used for measurement of the trailing edge (h3) oil-
film thickness (VG68 mineral oil).  

In assessing the performance of the capacitive 
sensors, it was discovered that temperature changes 
had a very limited effect, having a deviation within 
the accuracy of the equipment used for calibration. It 
was therefore decided to proceed with values 
obtained from calibration at room temperature.

2.3.3 Data Acquisition System  
 Data from the various sensors and other 
monitoring equipment is logged by means of a PC 
based modular data acquisition unit. This is identical 
to that described in [1].  
 A specially written computer programme is 
employed to facilitate continuous monitoring of all 
parameters during the running of the experiments. 
This permits careful control of the oil inlet 
temperature as well as providing an effective data 
presentation and storage function. 
 Table 2 provides details of the uncertainty in the 
accuracy of measurements for the various sensors. 

Table 2 
Measurement uncertainty 

Temperature, C
Thermocouple (type J) 
Thermistor 

 1 
 0.3 

Friction torque, Nm  0.2% 
Bearing load, MPa  1% 
Rotational speed, rpm  0.1% 
Flow rate, l/min  0.5% 
Oil-film thickness, µm  3% 

    

3. EXPERIMENTAL PROCEDURE 

A run-up period at the desired starting speed / 
load settings is carried out until it is seen that steady-
state conditions have been obtained with an oil 
supply temperature of 50 0.5°C. Oil flow rate to 
each of the bearings is kept constant at 15litres/min 
throughout the duration of the experiments. 

After a rapid transient change, bearing 
parameters are monitored until thermal equilibrium 
has been attained. The principal criterion for 
determining thermal equilibrium after the load or 
speed is changed is the variation in pad and collar 
temperatures. If this variation does not exceed 

0.5 C during a thirty-minute period then 
equilibrium is judged to have been reached. 

In the case of rapid loading, an initial load of 
0.5MPa is applied to the two bearings at a speed of 
2000rpm and 3000rpm respectively. A nitrogen gas 
supply is attached to the pressure accumulator on the 
test-rig. The supply valve is then rapidly opened and 
closed again when a minimum reading of 2MPa is 
seen on the rig pressure gauge. Due to the use of 
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pressurised gas, this procedure is carried out very 
rapidly. At 3000rpm, the change in load is applied in 
a period of 1.8 seconds (0.88MPa/s) whilst at 
2000rpm the time required is 2.4 seconds 
(0.66MPa/s). 

In the case of rapid speed change, an initial speed 
of 1500rpm is set for bearing loadings of 1.0MPa 
and 2.0MPa respectively. 

A potentiometer is employed as the speed change 
device. A relatively constant rate of speed change is 
achieved (~230rpm/s at 1MPa and ~180rpm/s at 
2MPa). Speed is monitored through the employment 
of two separate devices so that the intended final 
value of 3000rpm can clearly be seen to have been 
reached. Due to the type of potentiometer utilised, 
the rate at which this action is carried out is slower 
than for the experiments involving load change. In 
this case, the operation takes approximately 8 
seconds. However, this is still seen as a rapid 
transition. 

In order to monitor the transition phase as 
accurately as possible, a scan rate of 10 readings per 
second is employed during the first quarter of an 
hour of each test whilst a rate of one reading per 
second is deemed acceptable for the latter stages of 
the experiments. This is aimed purely at easing the 
post-test processing of the data. 

Repeatability of the results is assessed through 
performing the tests between two and four times 
each. In this study, similar results were obtained in 
further testing so repeatability is deemed to be good.  

In all experiments carried out in this study, the 
oil used is ISO VG68 mineral oil. Properties of this 
oil are given in Table 3. 

Table 3 
Lubricant characteristics (ISO VG68 mineral oil) 

Density, kg/m3

Viscosity at 40 C, Pas 
Viscosity at 100 C, Pas 

861 
60.7 
7.4 

4. RESULTS

4.1. Rapid Application of Load 
 Fig. 7 shows settings for the principal operating 
parameters during the experiment performed to 
assess the influence of a sudden change in applied 
loading. 

Loading is increased from 0.5MPa to a final value of 
2.1MPa. 

Time / mins

0 5 10 15 20 25

Load / MPa, 
Speed / rpm x 10-3
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1.0
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Temperature / oC
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44

48

52

56

60

64

L

Tin

Figure 7. Status of shaft speed ( ), applied load (L)
and oil inlet temperature (Tin) for the transient 
loading case at 3000rpm over a period of 25 
minutes. 
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Figure 8. Variations in temperature and frictional 
torque with rapid increase in loading at shaft speed 
of 3000rpm. (1 - temperature at T22; 2 – 
temperature at T21; 3 – friction torque; 4 – 
temperature at R75) 

 In fig.7, shaft rotational speed, , shows a 
constant value of 3000rpm except for a slight, 
momentary drop at the very instant of loading. This 
drop is in the range of 50rpm but is almost 
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immediately reversed as the speed returns to the 
preset value. 
 Values illustrated for the oil inlet temperature, 
Tin, in fig. 7 show slight variation throughout the 
entire period of the test due to the thermal inertia of 
the water-cooled heat exchanger used to maintain 
constant oil inlet temperature. 
 In the case of the plot for applied load, L, a small 
peak can be seen as the load reaches a maximum 
immediately following the sudden increase. This can 
be attributed to the method employed to achieve the 
load increase: pressurised gas. As the equipment is 
disconnected, there is a slight loss of pressure 
resulting in a small drop in the load. 
 Fig. 8 shows results obtained using these settings 
with respect to time in terms of oil, pad and collar 
temperatures and friction torque. From this diagram, 
it can be seen that there is an almost instantaneous 
reaction to the change in loading in experiments 
carried out at the settings illustrated in fig. 7. Rapid 
increases in oil, pad and shaft temperature and 
friction torque occur in response to the load change 
before the values begin to level out, eventually 
settling over time. The extent of variation in data 
recorded for friction torque before and after a point 
approximately 17 minutes into the test is due to the 
change in scan rate being initiated.  

Variation in gradient for the three temperature 
curves is due to the differing proximity of each 
sensor to the heat source (i.e. the oil in the gap 
between the bearing and the shaft), their relative 
positions and to the material / component in which 
the sensor is mounted. The value for R75, curve 4, is 
liable to respond more slowly as there is a greater 
bulk of material to be heated in the shaft than is the 
case with the pad. Also, the effect of the shaft collar 
constantly rotating through regions of oil at different 
temperatures introduces a cooling effect that will 
delay response time.  

Direct exposure to the oil (thermocouple T22) 
means that changes in oil temperature can be 
measured immediately rather than having to wait 
until heat is radiated through the metal layer 
(thermocouple T21). 

Immediately following initiation of the load 
change, friction torque rises to a sharp maximum. 
This is to be expected since the oil has not yet had a 
chance to heat up. Viscosity is still comparatively 
high. Since friction torque is a measure of power 
loss in the system, it is clear that more energy is 
being used in shearing the oil. This in turn generates 

heat, reducing the oil viscosity. Therefore friction 
torque reduces and oil temperature increases in a 
careful balance until the effects cancel each other 
out and a steady-state equilibrium is achieved. This 
process takes a significant period of time to 
complete.  

Values for the four measured parameters increase 
rapidly before levelling-off and finally settling after 
a period of approximately 5 minutes. Judging the 
actual settling-time is difficult since the rate of 
change for the temperature becomes very small as it 
approaches the steady-state condition.  

Results obtained for tests carried out at 2000rpm 
show very similar profiles to those obtained at 
3000rpm although actual temperature and friction 
torque values are correspondingly lower since less 
friction is encountered at the lower speed. 

Figs. 9 and 10 illustrate the thickness of the oil 
film at the leading and trailing edges for the transient 
loading cases at 3000rpm and 2000rpm respectively.  

Time / mins
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Film thickness 
/ µm
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Load change initiated

Figure 9. Variation in oil film thickness with rapid 
increase in loading at shaft speed of 3000rpm for the 
leading edge, h1, and the trailing edge, h3.

 Initial film thickness values are approximately 
halved after application of the increased loading. 
Final values are reached after a settling-period of 
approximately 1 minute in contrast with the 5 
minute period for temperatures. 
 A timescale of only four minutes is employed in 
order to display as much detail as possible given that 
settling-times for these parameters are within this 
range. 
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Figure 10. Variation in oil film thickness with rapid 
increase in loading at shaft speed of 2000rpm for the 
leading edge, h1, and the trailing edge, h3.

The plots in figs. 9 and 10 are very similar in that 
both cases exhibit an approximate halving of the 
values after the load increase although values in the 
2000rpm case are slightly lower. A very slight “dip” 
can be seen in the values obtained for h1 in both 
cases at a point where the value reaches a minimum 
value, immediately following the application of the 
increased loading. This can be explained as being 
due to the small, momentary drop in shaft speed 
seen at the instant the load is applied. This speed 
change also has an effect on h3, visible as a slight 
step in the curve. 
 Different reactions to the sudden change in 
bearing loading for the leading and trailing edge film 
thicknesses are apparent from the plots shown in 
figs. 9 and 10. Measurements at h1 demonstrate a 
drop to a minimum value immediately following the 
initiation of the load change followed by a slight rise 
before a more gradual, steady drop over a period of 
approximately 1 minute to a value that is then 
maintained for the remainder of the test. However, 
in the case of h3, after an initial sharp drop in the 
thickness value, there is a gradual, parabolic 
reduction to a steady-state condition over a time of 
approximately 30 seconds. 

An explanation as to why the measured film 
thickness seems to settle before the temperatures can 
be obtained by comparing measured temperatures 
and film thickness values. From the comparison, it 

can be determined that thicknesses settle when 
thermocouple T21 indicates a temperature at 86% of 
its overall change in the 2000rpm case and 90% for 
3000rpm. The remaining 10-14% of the temperature 
change is sufficiently small (<3°C) for the cases 
discussed that it does not register as having an 
influence on the film thicknesses even though this 
remaining temperature rise takes approximately four 
minutes to complete. With temperatures being in the 
vicinity of 90°C, any small temperature change has 
minimal impact on oil viscosity and so cannot easily 
be detected by the film thickness sensors.  

4.2. Rapid Increase of Shaft Speed 
 As with fig. 7, fig. 11 illustrates the principal 
operating parameters during the experiment, in this 
case performed to assess the influence of a sudden 
change in shaft rotational speed, .

The time period for this change is slower than 
that needed for sudden loading. Hence, a slight 
gradient may be identifiable in the transient. At 
2MPa, the change in speed is carried out within a 
period of 8.8 seconds whilst for the 1MPa loading 
case the time required is 7.1 seconds. 

When settings given in fig. 11 are applied, the 
results, as shown in fig. 12, show an almost 
instantaneous reaction to the change in speed. 
Immediately following initiation of the speed 
change, as in the load change case, friction torque 
rises to a sharp maximum. Temperatures also react 
in a similar manner. Reasons for this reaction are as 
described for the almost identical response seen in 
the case of rapid load increase (see fig. 8). 

As with the load change case, variation in the 
rate at which the three temperatures increase can be 
put down to obstacles to heat transfer between the 
heat source (the oil) and the different sensors such as 
the material / component in which the sensor is 
mounted and the distance it is mounted from the oil.  

Results obtained for tests carried out at 1MPa 
show very similar profiles to those obtained at 
2MPa. Again, actual temperature and friction torque 
values are correspondingly lower since less friction 
is encountered at the lower speed. 
 As with the load change experiments, values for 
the four measured parameters increase rapidly 
before levelling off and finally settling, in this case 
after a period of approximately 8 minutes. 
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Figure 11. Status of shaft speed ( ), applied load (L) 
and oil inlet temperature (Tin) for the transient speed 
case at 2MPa over a period of 25 mins.  
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Figure 12. Variations in temperature and frictional 
torque with rapid increase in shaft rotational speed at 
2MPa loading. (1 - temperature at T22; 2 – 
temperature at T21; 3 – Friction torque; 4 – 
temperature at R75). 

The gradual decrease in film thickness following 
the sudden change in speed, as illustrated in figs. 13 
and 14, stands in marked contrast to that in response 
to rapid loading. In the latter case, the settling-period 
is comparatively short (approximately 1 minute) 
whilst after a change in speed the settling-time is 
more in the range of three minutes.  
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Figure 13. Variation in oil film thickness with 
rapid increase in shaft speed at 2MPa loading for the 
leading edge, h1, and the trailing edge, h3.

 Once again, given that the settling-times for 
these parameters are short, a timescale of only four 
minutes is employed in order to allow as much detail 
as possible to be seen. 

Time / mins
0 1 2 3 4

Film thickness 
/ µm

30

33

36

39

42
60

70

80

90

100

speed change initiated

h1

h3

Figure 14. Variation in oil film thickness with a 
rapid increase in shaft speed at 1MPa loading for the 
leading edge, h1, and trailing edge, h3.

 Film thicknesses reach their peak values 
immediately after the speed change has been 
completed. In the case of changes at 2MPa, the peak 
values are 63µm and 27µm for h1 and h3
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respectively. For the 1MPa loading case, the 
maximum thicknesses are 96µm and 42µm. The 
corresponding settling-times are 3 and 2½ minutes.  

The behaviour outlined in the previous paragraph 
can be explained as follows: the rapid increase in 
film thickness is caused as a direct result of the 
increase in speed. The subsequent gradual decrease 
is brought about by a reduction in the viscosity of 
the oil due to increased temperatures. This ties in 
with the curves obtained from recorded temperature 
data.  

As in the loading cases, film thickness settles 
before temperatures. By the time that thermocouple 
T21 records a temperature at 94% of total 
temperature change in both the speed change cases, 
film thicknesses are already at their final values. The 
vast majority of measurable changes in the various 
parameters are recorded within this first period of 
three minutes following initiation of the speed 
change. The remaining 6% of the temperature rise, 
although taking five minutes to complete, is small 
enough such that it has only a marginal effect on 
viscosity and thus film thickness. 

5. DISCUSSION 

Reactions of bearing temperatures and friction 
torque to rapid changes in loading and rotational 
speed are found to be very similar. A rapid increase 
in values immediately following initiation of the 
parameter change is followed by steady settling to 
equilibrium conditions.  

The most interesting finding is perhaps the 
different behaviours of film thickness in the load and 
speed cases. In the latter case, oil film thickness 
shows a clear peak much higher than the final value, 
as shown in figs. 13 and 14. This ties in with the 
behaviour of friction torque. Based on the results of 
[1] where it was shown that a “trough” in the friction 
torque values is observed after a sudden drop in 
speed, it can be surmised that film thickness can 
exhibit a similar “trough”. This implies that there is 
a potential risk in decreasing shaft speed too rapidly. 
A momentary minimum immediately following a 
rapid speed change has the potential to give a film 
thinner than the required minimum for safe bearing 
operation. There is then a risk for damage occurring 
after a sharp drop in speed as the bearing may 
“ground” itself on the shaft thereby initiating 
material damage. 

Settling-times observed in the experiments are in 
the range 5-8 minutes, the shorter timescale applying 
to rapid loading cases. This is faster than reported in 
[1] where the same equipment was used. In the latter 
case, the settling time for friction torque and collar 
temperature was approximately 15-20 minutes. This 
difference may be explained by a higher oil flow rate 
(15 litres/min as opposed to 10 litres/min in [1]).   

Another possible explanation can be the 
uncertainty in determining settling-times as 
mentioned previously. A simpler and perhaps more 
accurate means of representing the transient period 
involves taking the time needed to reach 50% of the 
temperature difference between the initial and final- 
state values.

This time is used in generalisation of the results 
obtained as well as for comparison with data found 
by other researchers. In order to accomplish this, an 
approach involving Fourier number, as outlined in 
[6], has been adopted. 

Fourier number is given by:  

2H
t

c
kFo

s

   
where t is the elapsed time in seconds from a point 
immediately prior to initiation of the load / speed 
change and H is a characteristic dimension. Values 
for the pad and collar material properties are given 
in Table 4. 

Table 4 
Material properties [6] 

Density ( ), kg/m3

Specific heat of solid (cs), J/kgK 
Conductivity (k), W/mK 

7850 
460 
52

Table 5 shows values for Fourier Number 
calculated using t equal to the time to reach 50% of 
the total temperature change for each sensor. Here 
all values are calculated using a value for H equal to 
the collar thickness, 51mm, allowing direct 
comparison between the various values.  

These numbers can be compared with data from 
[1]. Comparison is made between values calculated 
for measurements made at the sensor mounted in the 
shaft collar, R75 (referred to as T75% in [1]). In the 
case of the previous study, a value for Fo of 0.21 
was calculated for the speed increase case whereas 
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results from the present experiments give values of 
0.18 and 0.24. This suggests that the time for the 
temperature change in the latest experiments is 
almost the same as that seen in [1]. 
 Looking at the cases involving load change, 
calculated values are 0.18 for data from [1] and 0.14 
and 0.16 for the more recent workscope. These 
values are fairly similar. 

Table 5 
Fourier numbers  

Parameter change Sensor Fo

Speed change at T22 0.05 
1.0MPa T21 0.11 

 R75 0.24 
   

Speed change at T22 0.05 
2.0MPa T21 0.10 

 R75 0.18 
   

Load change at T22 0.03 
2000rpm T21 0.04 

 R75 0.16 
   

Load change at T22 0.02 
3000rpm T21 0.04 

 R75 0.14 
   

The rate at which temperature increase is 
recorded differs at each sensor. Comparing values of 
Fo for the three sensors  shows that in the speed 
change cases, T22 responds 2.0-2.2 times faster than 
T21 and 3.5-5.0 times faster than R75. Looking at 
results for load change shows corresponding ratios 
of  1.3-2.0 and 5.3-7.0. As previously noted, this is 
in part due to sensor mounting arrangements etc. 

It is clear from the data shown in Table 5 that 
responses to load variation are faster than those for 
the sudden speed change. Apart from the different 
times required to complete the respective parameter 
change (approximately 2 and 8 seconds), heat 
convection is more efficient in the speed change 
case. This is due to the higher speed and thicker film 
generated.  

Further insight into the evolution of temperatures 
during the transient period can be obtained by 
comparing their maximum rates of change. 
Maximum rates of change for temperatures recorded 
at R75 and T21 are given in Table 6. Data taken 

from [1] for the collar temperature is also included 
although it should be noted that oil flow rate was 
lower. Very good agreement is seen between the two 
sets of results. 

Table 6 
Maximum rate of temperature change 

Parameter change Rate of change 
/ °C/s 

Load increase 2000rpm 0.21 
R75 2400rpm[1] 0.25 

 3000rpm 0.31 
   

Speed increase 1MPa 0.22 
R75 1.5MPa [1] 0.25 

 2MPa 0.31 
   

Load increase 2000rpm 0.93 
T21 3000rpm 1.49 

   

Speed increase 1MPa 0.61 
T21 2MPa 0.66 

   

It is also of interest to compare our experimental 
results with data and trends obtained by means of 
numerical calculation. Such a comparison is given in 
fig. 15, illustrating plots obtained for film thickness 
resulting from sudden change in bearing load. In this 
case, H is taken as being the pad thickness. 

Experimental data is taken for h3 from fig. 9 and 
relates to load variation at 3000rpm (equivalent to a 
sliding speed, v, of 26.9ms 1 at the pad radial 
centreline). Theoretical values are taken from fig. 9b 
in [6]. The latter relates to a small shoe bearing 
(length 0.12m, thickness 0.03m) in which load is 
doubled at time zero from an initial specific pressure 
value of 4.64MPa. It should be highlighted here that 
in a subsequent paper [7], where the same curves 
were again shown, the load was said to have been 
increased from 2.8 to 5.6MPa.  

Dissimilarities in the two plots can be explained 
in part by the difference in initiation periods. In the 
theoretical analysis, it is clear that initiation is 
reckoned to occur almost instantaneously (i.e. within 
a fraction of a second) whereas in the experimental 
results this process takes appreciably longer 
(approximately 2 seconds). This difference is 
highlighted in fig. 15 by showing the period required 
to complete the load change in the experiment. 
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Figure 15. Oil film thickness as a function of Fourier 
number for experimental (solid line) and theoretical 
(dashed line) [6] data. Experimental data relates to 
h3 values whilst theoretical values are from 
calculations for the minimum film thickness, hmin.

The shape of the curve for experimental data can 
be explained as follows: the initial slow response is 
due to the “squeezing” effect of the increased 
loading. During this time, the influence of 
temperature change is negligible as the system has 
as yet not begun to heat up. The film thickness then 
starts to drop at a more rapid rate as temperature 
effects start to kick in approximately halfway 
through the period required to change the loading. 
The point at which the load change stops appears to 
be slightly to the right of the steepest section of the 
curve. This is due to some “elastic” settling of the 
gas accumulator as the valve is closed. This is 
evident from a slight reduction in the rate of change 
as the load reaches a maximum value. 

However, in comparing the two curves it is clear 
that the general profiles are similar. An initial high 
reading decreases at a growing rate before reaching 
a point where the gradient starts to decrease steadily 
until a near constant rate is achieved. Given an 
extended time period, this rate will reach zero when 
a steady-state condition is achieved. Closer 
inspection of the curve for numerical simulation data 
shows a slight difference in behaviour following the 
steep drop in film thickness. A transition point can 
be observed at Fo = 0.2. According to [7], this is due 
to transient thermal deformation of the pad. 

Experimental results show no such feature implying 
that there is no measurable transient thermal 
deflection of the pad. 

Curves in fig. 16 provide a comparison between 
experimental and theoretical temperature data during 
the transient period. The data relates to the same 
bearings and operating conditions as for the film 
thickness data in fig. 15. Experimental data again 
relates to variations at 3000rpm. However, in this 
case theoretical values are taken from fig. 9a in [6]. 
Also, data relates to calculations made using values 
for H equal to the pad thickness, 25.5mm in the 
experimental case. 
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Figure 16. Temperature as a function of Fourier 
number for experimental (ex) and theoretical (t) [6] 
data. Curves illustrate temperatures obtained from 
numerical simulation [6] for oil film and pad (max. 
values) and for the shaft surface as well as 
corresponding values at T22, T21 and R75 obtained 
from our experiments.  

 As previously noted, there is a delay in 
temperatures reacting to load change (as can be seen 
in fig. 16). Again, the period for load increase lasts 
until a value of Fo = 0.044, imposing an added delay 
on the temperature sensors’ response times. 
Additionally, response times for the temperature 
sensors are greater than that for the film thickness 
sensors (which react within microseconds). Delays 
are also caused as a result of the sensor mounting 
positions. 
 Plots for temperature response in the film and in 
the pad exhibit different forms for the experimental 
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and numerical results. The rate of temperature 
increase immediately following implementation of 
the load change is much greater in the experimental 
case. It is also clear that settling-time for the 
numerically obtained data is longer. However, 
evolutionary profiles for temperatures in the film 
and in the pad are similar in both experiment and 
simulation.    
 Plots for collar temperature are more alike 
although, again, experimental data shows a higher 
gradient and shorter settling-time. 
 Finally, comparing figs. 15 and 16, a correlation 
can be seen between the initiation point for the sharp 
drop in film thickness and reaction of thermocouple 
T22 to temperature rise in the oil film. 

6. CONCLUSIONS 

The influence on bearing performance of a rapid 
increase in applied loading at constant shaft speed 
and a similarly rapid increase in shaft speed at 
constant loading has been investigated. A complete 
set of bearing parameters has been studied in order 
to build up a complete picture of transients in 
bearing operation.  

From the results obtained, the following 
conclusions can be drawn: 

Temperature Response: response times (to 50% 
of total temperature change) for the sensor 
exposed to the oil are 3.5-5.0 times faster in the 
film than the collar and 2.0-2.2 times faster than 
in the pad (speed change). In loading cases, the 
ratios are 5.3-7.0 times and 1.3-2.0 times 
respectively. This is explained by differing 
thermal inertia within the various components 
and materials. Settling times seen in the 
experimental results are nearly identical. 
However, defining settling-time is made difficult 
by the slow rate of change over the final 5% of 
the total temperature increase prior to the final 
value being reached. 

Film Thickness: a sharp change is seen in film 
thickness following both sudden load and speed 
increases (rapid drop and rapid climb 
respectively). However, behaviour in the two 
cases differs following this immediate reaction. 
In the loading case, a steady-state is reached 
almost directly whilst a more gradual reduction 
in thickness is seen in the speed change case. The 
rise to a peak after increasing speed suggests 

that, should speed be decreased too quickly, a 
rapid drop of film thickness to a potentially 
damaging minimum may occur. 

Comparison of trends for temperature and film 
thickness from theoretical [6] and experimental 
data for rapid loading cases show that results are 
very similar. However, experimental temperature 
values exhibit a rate of change approximately 
two times faster than those found from theory.  
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Abstract

The primary objective of this study was to investigate the influence of surface texturing 
on hydrodynamic lubrication of tilting pad thrust bearings in terms of bearing power loss, 
operating temperature and oil film thickness. For this purpose, the working faces of 6 thrust 
pads from a 228.6mm outer diameter bearing were textured. The textured surface consisted of 
a system of crossing channels of less than 10 micrometres in depth. Tests were conducted 
with a VG68 mineral turbine oil supplied to the bearings at a constant temperature of 50 C
and flow rate of 15 l/min. The following parameters were measured: frictional torque; pad and 
collar temperatures; oil film thickness; and pressure profiles along two circumferential lines. 
No significant change in collar and pad temperature could be observed when the patterned 
bearing was used. However, the textured bearing showed a tendency to exhibit lower power 
loss especially when an optimum oil flow supply rate was used. At the same time, inlet and 
outlet film thicknesses for the patterned bearing showed larger values than those obtained 
during tests on the plain babbitt pads.
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Surface texturing, tilting pad thrust bearing, temperature, oil film thickness, power loss 

1. Introduction 

 In the analysis of tilting pad bearing performance it is usually assumed, for simplicity, 
that surfaces of the collar and pads are smooth. This assumption is also supported by some 
experimental results showing improved operation of bearings with smooth collar and pads 
under both boundary and hydrodynamic conditions. It was established in [1] that a smooth 
collar surface was necessary during the start-up period, when the bearing is operating in the 
boundary lubrication regime, to reduce coefficient of friction and avoid significant pad 
damage. In the hydrodynamic region an improvement in collar finish from Ra0.4 to Ra0.15 
markedly increased the ultimate bearing load-carrying capacity as shown in [2].  

 At the same time, high adhesion between the overly smooth collar and babbitt surface can 
occur resulting in bearing seizure during start-up, as reported in [3]. A well known remedy is 
to introduce subtle indentations in the babbitt surface where oil can be trapped. For years this 
has been achieved by scraping the pads against a surface plate. The oil trapped in these 
indentations is drawn into the contact region through the relative motion of the surfaces 
thereby contributing to the reduction of friction and wear. 
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There are also indications that these subtle indentations may have a positive function in 
the hydrodynamic region as well. It was reported [4] that dimples machined on the shaft 
surface allowed a significant increase in the load-carrying capacity of a journal bearing 
operating at high speeds. Better heat removal from the loaded zone due to more efficient oil 
circulation was thought to be the explanation. At low speeds no pressure generation was 
found over the dimples, which explained a reduction in load carrying capacity. 

In another investigation, a dimpled-surface thrust bearing was tested at low speeds (below 
1 m/s) and loads of up to 3.45 MPa [5]. The bearing was of a bending-pad type with three 
pads rotated in an oil bath with a stationary collar. The measured pressure profiles had 
“bumps” at the converging part of each dimple. It was concluded that they could improve load 
carrying capacity. The study also revealed that depending on Sommerfeld number, the friction 
coefficient of the dimpled bearing was up to 7.3% lower than that associated with a plain 
surface. Unfortunately, dimple dimensions were not given. 

In both the references mentioned above, the indentations were placed on the moving 
surface. The purpose of this paper is to investigate how micro-grooves on the stationary 
surface affect the hydrodynamic performance of a tilting pad thrust bearing. For this purpose, 
the pad thrust surfaces were textured in such a way as to provide a pattern similar to that 
obtained following hand-scraping. 

2. Test facility, bearing and instrumentation 

2.1. Test facility 

In this study, the same test rig was used as employed in [6]. Only a brief description of 
the test facility is given here. A general arrangement of the test rig is shown in Fig. 1. Test 
bearings (1,2) are mounted in the guiding holders (3), which can slide in the housing (4) 
positioned on steel wheels (5,6) with rolling element bearings. Such an arrangement allows 
direct measurement of bearing power loss since the housing is free to rotate by the action of 
bearing frictional torque. The rotation is prevented by a load cell (7), which provides the 
value of torque. Test bearings are loaded back to back against separate collars. The required 
load is applied by means of four hydraulic cylinders (8,9) located between the bearing 
holders.

Figure 1. Cross-section of the test rig 
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The main shaft (10) with two integral collars is supported at each end by journal bearings. 
Power to the test rig is provided by a 143 kW variable speed DC motor through an 
intermediate shaft and a belt-and-pulley system. The bearings tested are operated in a fully-
flooded mode. 

2.2. Test bearing and pad surface pattern 

The plain bearing tested is a standard production unit and as such is representative of 
commercially available equipment. Bearing characteristics are given in Table 1. Bearings are 
tested in matched pairs: two plain bearings and two patterned bearings. Load equalisation 
between pads is provided by a system of levelling plates. 

Table 1. Test bearing characteristics 

Outer diameter, mm 228.6 

Inner diameter, mm 114.3 

Number of pads 6 

Bearing area, mm2 26130 

Pad angle, degrees 50 

Pad thickness, mm 25.5 

Pivot position (offset), % 60 

Pivot type spherical 

Babbitt tin base 

The patterned bearing is produced by texturing the babbitt surface of the plain bearing 
pads. The textured surface of the patterned pads was manufactured by milling as described in 
[7]. Each pad has a surface that is dealt up into flat, level sections (marked “1” in Fig. 2) and 
sunken sections (marked “2”). The level sections act as the actual glide surface whilst the 
sunken sections contribute to the formation of additional pressure in the oil film. 

Figure 2. A schematic partial cross-sectional view of the bearing pad 
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With such a glide surface, oil drawn in with the rotation of the machinery will expand 
when it arrives in the channels. This reduces the relative velocity of the oil whilst at the same 
time creating an underpressure in the channel, sucking in new oil from the edges. When the 
oil then leaves the channel, it is compressed once more building pressure. This principle is 
illustrated by the black arrows in Fig. 2. It is thought that the combined effect of all this is to 
increase the film thickness over the flat, level sections thus providing increased load bearing 
capacity. It can therefore be surmised that oil of lower viscosity and / or bearings with smaller 
glide surface area could be used than is currently the case. Through this method friction is 
reduced, as is energy consumption. 

The sunken sections of the actual pattern tested form “S” and “C” shaped channels as 
shown in Fig. 3. Micro-grooves have a depth of less than 10 m. The flat regions make up 
approximately 60% of the overall glide surface. 

Figure 3. a photograph of the actual surface of the patterned pad. 

2.3. Sensors and their location 

Pad Mounted Sensors

Figure 4 illustrates the positioning of the sensors mounted in the patterned pads. 
Thermocouples (type J) are mounted in each pad in the 75/75 position, widely used in 
industry to monitor pad maximum temperature. In order to find the temperature pattern over 
the entire pad surface an array of 9 thermocouples are evenly distributed across the pad 
surface in pad 3. A tenth thermocouple is located at the 75/75 position. This arrangement is 
repeated in the diametrically opposite shoe, pad 6. All thermocouples are mounted in the 
backing material (steel), approximately 3.5mm beneath the surface of the babbitt. 
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Figure 4. Positioning of thermocouples and oil film sensors in the patterned bearing. 

The two capacitive sensors, used for determining the thickness of the oil film during the 
tests are located in pad 2. More complete details about these sensors and a description of the 
calibration technique can be found in [8, 9]. Figure 5 shows the capacitive sensors mounted in 
the patterned pad. 

Figure 5. Patterned pad with capacitive sensors installed 

Instrumentation of the plain bearing is similar to that for the patterned bearing except that 
only pads 1, 3, 4 and 6 have T75/75 thermocouples.  

Shaft Mounted Sensors

Two thermistors were installed 1.5mm beneath the surface of the collar face in positions 
corresponding to 25% and 75% of the pad radial dimension. Pressure profiles across bearing 
pads were measured by two pressure transducers mounted diametrically opposite to the 
thermistors, also in the 25% and 75% radial positions. The cavity in front of the recess-
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mounted pressure sensors was filled with high viscosity oil (VG higher than 1000) to reduce 
the effect of centrifugal force on oil distribution in the passage which could adversely affect 
sensor performance. A narrow passage, 0.5 mm in diameter, connected the cavity with the oil 
film. The sampling rate during pressure measurements was 20kHz. This means that at a shaft 
speed of 1500 rpm a measurement was taken approximately every 0.45 rotational degree, 
giving about 110 points across each pad. 

Uncertainties of the key measured quantities are listed in Table 2. 

Table 2. Measurement uncertainties  

Temperature: 
Thermocouple (type J) 
Thermistor (NTC) 

1 C
0.3 C

Friction torque, N m 0.2%

Bearing load, MPa 1%

Shaft speed, rpm 0.1%

Oil flow rate, l/min 0.5%

Oil film thickness, m 3%

3. Test conditions 

The basic test procedure was as follows. The test sequence began by setting speed to 1500 
rpm and load to 0.5 MPa. After thermal equilibrium was reached the various variables were 
measured. A criterion for equilibrium was variation in collar and pad temperature. If this 
variation did not exceed 0.2 C during a period of 15 minutes, equilibrium was judged to 
prevail. The speed was then increased stepwise, through increments of 500 rpm, up to 3000 
rpm at the same load. Experimental data was also generated when the speed was decreased in 
similar steps to 1500rpm in order to remove questions about thermal cycling. The difference 
in measured data was found to be within the accuracy of the measuring instruments. The same 
procedure was repeated for other loads.  

All tests were conducted with an oil supply temperature of 50 C, held constant within 
0.3 C. Oil supply flow rate of 15 0.1 l/min was maintained for all operating conditions. 

Mineral oil ISO VG68 was used in all tests. Its viscosity is 60.73 mPas at 40ºC and 7.36 mPas 
at 100ºC. 

The data is continuously measured with an acquisition speed of 1 Hz (except pressure). 
Cold junction compensation for thermocouples is provided by a thermistor that measures the 
reference junction temperature. The verification of system performance at 0 C and 100 C
temperatures has shown a scatter in thermocouple output of less than 0.3 C.

4. Results 

4.1. Power loss 

Power loss is calculated from measured frictional torque and rotational speed in the test 
equipment. The results obtained show that power loss is reduced when the patterned bearings 
are employed. This reduction becomes more marked at higher speed / load settings. 



7

It is customary to use the coefficient of friction, f, as a generalised parameter when 
comparing efficiency of bearings of different sizes. This is defined as the ratio of friction 
force to bearing load. In order to analyse the influence of surface texture on the coefficient of 
friction, f can be plotted as a function of the Sommerfeld Number. This number includes oil 
viscosity, , and as such is dependent on the temperature at which  is calculated. 
Temperature within the oil film varies in a range from 50 to 100ºC. In order to eliminate 
uncertainties that arise from the large degree of variation in oil viscosity and the difficulty in 
establishing a suitable value for use in calculating the duty parameter, the latter can be 
redefined through mathematical substitution. It can be shown that  

r
hf

p

where r is the mean radius of the pad;  is the angular speed; p is bearing load, MPa. This 
relationship eliminates the need for viscosity values and relies only on power loss and film 
thickness measurements. Since we have reliable values for the film thickness h, it is sensible 
to use this in the equation. In the calculations, h is taken as the average of the two oil film 
thickness values obtained for each load / speed combination. 

Taking the results as shown in Figure 6, it is clear that the patterned babbitt exhibits a 
reduced coefficient of friction when compared with the pads faced with plain babbitt. In terms 
of percentages, this can represent as much as a 10% improvement on the plain babbitt 
bearings in certain cases. A similar finding was reported by [5]. Almost uniform reduction of 
7.3 % in the coefficient of friction considered as a function of Sommerfeld number was 
observed in the dimpled bearing tests. 

Duty parameter: (coefficient of friction x average
    film thickness / bearing mean radius) x 106
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Figure 6. Friction coefficient as a function of duty parameter (plain: black dots; patterned: 
white dots) 
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It should be noted that results obtained here are affected by the amount of oil supplied to 
the test bearings. An optimum amount corresponds to about a 15 C temperature rise from 
supply to discharge. In order to investigate how this variable influences the measured 
parameters, its value was fixed at a flow rate corresponding to an optimum amount of oil for 
the highest load / highest speed combination. For other load / speed combinations the amount 
of supplied oil was thus excessive. Maximum reduction in power loss in the textured bearing 
was observed when an optimum oil flow rate was used.  

4.2 Temperature 

Collar temperature describes the temperature at points 25% (R25) and 75% (R75) from 
the inner edge of the thrust surface on the shaft. Figure 7 illustrates R25 and R75 
temperatures for both, plain and patterned, bearings. In general, R75 values are greater than 
those for R25. This is as would be expected from the location of the two sensors, R75 
experiencing higher heat flux due to greater shear rate. 
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Figure 7. Collar temperature as a function of load at a shaft speed of 3000rpm 

Referring to Figure 7 again, it can be seen from the diagram that there is no difference in 
shaft temperatures for the two bearings tested. Tests at other shaft speeds show similar 
results: shaft temperatures for both bearings are essentially the same. 

Pad temperature for the plain and patterned bearings is shown in Figure 8. This is an average 
value of readings taken at sensors located in the 75/75 position on four of the six pads (1, 3, 4 
and 6) in the case of the plain babbitt and all six pads in the case of the patterned material. In 
comparing the different bearings, it is clear from the diagram that the temperatures in the case 
of the patterned pads are generally lower than those obtained during testing of the plain pads. 
This difference is, however, relatively small. In each bearing there is a variation in 
temperature between the pads due to differences in pad heights caused by machining 
tolerances. Despite the differences, the temperature pattern is the same for both plain and 
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patterned bearings, confirming similar load distribution between the pads. Once again, a pad-
to-pad comparison between two bearings shows a slight but consistent reduction in 
temperature for all patterned pads.  
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Figure 8. Pad temperature as a function of load at shaft rotational speeds of 1500rpm and 
3000rpm 

The reduction in temperature found in the present study is much lower than the one 
reported in [4] where tests of a journal bearing with a dimpled shaft of 100 mm in diameter 
showed a 29ºC reduction in oil temperature (from 99ºC to 70ºC) in the loaded zone. More 
favourable thermal conditions within the loaded zone due to greater amount of oil passing the 
contact lead to significantly reduced temperature. 

4.3 Oil film thickness 

Output of the capacitive sensors showed good agreement with results previously 
obtained using eddy-current sensors installed in the same plain bearing [10]. This confirmed 
the reliability of the system employed in this study.  

The diagram in Figure 9 illustrates the film thickness readings obtained for the plain and 
patterned pads from the capacitive sensors. Readings for the patterned pads represent oil film 
between the collar surface and flat sections of the pad surface (see Figure 2). For both 
bearings, film thickness reduces with loading. At the same time, film thickness above the 
patterned pad is greater at all loads and at both leading and trailing edges. The difference is 
relatively constant with the exception of the lowest load, 0.5 MPa. Similar results were also 
obtained at other rotational speeds. 

Thus, the main outcome observed from this data is that the oil film is thicker across the 
patterned pads than is the case with the plain babbitt pads. This correlates well with the 
results of [5] where a thicker oil film was also observed in the tests of the dimpled pad. 
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Figure 9. Leading and trailing edge oil film thicknesses as a function of load at a shaft 
rotational speed of 2000rpm (plain: black points; patterned: white points) 

4.4 Pressure 

Figure 10 illustrates a comparison between pressure curves P75 obtained for the 
patterned and plain babbitt surfaces respectively. Pressure patterns are alike for both bearings 
indicating similar load redistribution between the pads. Variations in the peak values are due 
to unequal pad heights. 
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Figure 10. Pressure profiles at sensor P75 at 1500rpm and loading of 2.0MPa for the plain 
(dash line) and patterned (solid line) bearings 
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In theory, the micro-grooves on the surface should initiate a “wave” on a pressure curve 
i.e. the only difference between the two curves should be occasional small peaks 
corresponding to the dimples and ridges on the pad surface. However, although some 
“spiking” is observed in the pressure waveform for the patterned bearing, it retains a 
relatively smooth profile. 

Pressure peaks relating to only one pad are shown in Figure 11 in order to make it easier 
to discern the finer details of the curves. The peaks shown represent a general view of the 
overall picture for the complete bearing and as such are representative of the values for all six 
pads. Comparing pressures, it can be observed that there is indeed a “wave” on each of the 
profiles corresponding to the patterned pad. These local pressure build-ups are thought to 
contribute to improved load carrying capacity as pointed out by [5, 11]. Some reasons for the 
pressure build-up in the micro-grooves are also studied in [12]. 
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Figure 11. Pressure profiles at sensors P25 and P75 at 1500rpm and loading of 2.0MPa for 
the plain (dash-dot line: P25; dash line: P75) and patterned (solid line: P25; dash-dot-dot line: 
P75) bearings 

Explanations as to why sharp spikes are not seen in the pressure profiles include the fact 
that the diameter of the hole used for tapping the oil to the pressure sensors is comparable to 
the cross-section of the dimples or channels. In order for pressure spikes brought about by the 
surface texturing to be detected, the diameter of the hole must be considerably smaller than 
the dimensions of the dimples or channels i.e. less than 1mm. Practical issues prevented us 
from drilling a hole of this size in the steel collar integral with the shaft. Another possible 
reason relates to the sampling speed of the equipment, limited to 20,000 samples/sec. 

6. Conclusions 

Based on pad-to-pad comparison of the measured bearing operating parameters it can be 
concluded that the specific surface pattern tested has a positive effect on bearing operation. In 
regard to the main bearing operating parameters the following was established. 
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The coefficient of friction, if considered as a function of the modified Sommerfeld 
Number, is reduced as a result of surface texturing. In terms of percentages, the maximum 
reduction observed in the tests was approximately 10%. 

Collar temperature during the tests of the patterned bearing was essentially the same 
as when the plain bearing was used. 

Pad temperatures for the textured bearing were slightly lower compared to those of the 
plain pads. The difference observed didn’t exceed 5ºC.  

Film thickness at the leading and trailing edges of the patterned bearing show larger 
values than those obtained during the tests on the plain babbitt pads. This means that load 
carrying capacity of the patterned bearing is higher compared to the plain bearing. 

Pressure profiles for the patterned bearing remain relatively smooth though some 
“spiking” can be observed in the pressure waveform. Measuring limitations caused by the 
sensor’s pressure sensitive area (0.5 mm diameter) and the data sampling rate (20 kHz) 
could preclude detection of sharp pressure peaks.  
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ABSTRACT 

Boundary lubricated journal bearings are 
found in various applications involving 
oscillatory sliding conditions. Environmental 
adaptation of hydraulic systems includes the 
introduction of synthetic esters. These new 
environmentally adapted lubricants (EALs) 
have shown very good boundary lubrication 
performance but also condition sensitivity. 
This study examines an oil lubricated bronze 
pin on hardened steel configuration in a 
reciprocating friction and wear test machine. 
Three synthetic esters were tested with a 1 
mm stroke length. Results were compared 
with those for a mineral oil. The tribological 
performance with synthetic ester lubricant 
can, under certain conditions, be very good. 
SEM-EDS and XRD surface sensitive studies 
indicate the formation of a soft, copper 
enriched outer contact layer. The layer’s 
nature and contact mechanisms clearly affect 
the performance of the different lubricants.  

Keywords: synthetic ester; environmentally 
adapted lubricants; bronze; selective transfer 

INTRODUCTION

The potential for harmful environmental 
effects in the event of leakage from 
applications employing hydraulic fluids can 
be reduced through replacing mineral-oil 
based lubricants with new environmentally 

adapted lubricants (EALs). Oscillating bronze 
journal or thrust bearings are common 
components in such applications e.g. in the 
hub of Kaplan turbine runners. In a dynamic 
mechanism such as this, vibrations can cause 
small oscillatory motions which can in turn 
lead to fretting damage, material fatigue and 
wear.

EALs, such as synthetic esters, have shown 
excellent results in terms of friction and wear 
in boundary lubrication for bronze journal 
bearings subject to oscillatory motion [1,2,3]. 
Tribological conditions, combined with the 
selection of bearing [1] and shaft [2] 
materials, are very important. The synthetic 
esters are more active in a bronze - hardened 
steel contact in which a copper surface layer 
can be formed, the formation of which is due 
to dissolution of copper alloy elements 
whereby transfer of copper to the counter-
surface occurs. More stable behaviour has 
been shown for bronze with a relatively low 
(in comparison to copper) alloying element 
content (e.g. Sn, Al, Zn) than for bronzes with 
high alloy element content where corrosive 
wear can cause extensive wear [1,4]. Contacts 
involving tin-bronze bearings against 
hardened, unhardened and coated steel shafts 
respectively have shown very appealing 
performances in synthetic ester lubricated 
journal bearing tests [2]. The hardened shaft 
tests showed the most varied results.  
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Some important parameters affecting friction 
and wear in a lubricated contact are: 
mechanical energy; deformation of contacting 
materials; and chemical interaction. This last 
factor becomes more important in the 
presence of synthetic ester lubricants. The 
dissolution of copper (bronze) alloying 
elements is accomplished through chemical 
potential when glycerine lubricant is used [5]. 
The positive ions of the metal are dissolved 
into the lubricant. Low dissolution rate can 
cause substantial pile-up (material dislocation 
motion stopped at grain boundary) to occur 
leading to deformation hardening of the 
material. The material eventually reaches the 
strain limit and wear, such as delamination 
wear, may follow. Studies of glycerine in a 
reciprocating flat contact have shown very 
low friction and wear, referred to as “selective 
transfer”. However, glycerine is not stable in 
the long term in the real environment. Efforts 
to find other, stable lubricants with similar 
behaviour using esters have only indicated 
minor surface hardening reduction [6]. 
Morphological studies have shown surface 
changes in sliding of copper alloys [7,8,9].
Transferred material can have different 
compositions under the action of different 
lubricants. In addition, this material can have 
either a uni- or bi-directional nature. Transfer
of material can be both beneficial and 
detrimental. If the transfer layer is stable, the 
substrates of the material are protected from 
further contact and low wear is likely. If the 
layer delaminates easily or adheres, contact 
between the substrates can result in renewed 
adhesion and high wear.

Knowledge of tribological mechanisms and 
the affect on contact materials are important 
for the development of lubricants. Currently,
their compatibility with materials is not fully 
understood. More studies are needed to fully 
explore the boundary lubrication potential of 
EALs.

This study attempts to characterise worn 
bronze material from EAL lubricated contacts 
in order to increase knowledge of material 
changes in tribological contacts. Here three 
different synthetic ester EALs were compared 

to a mineral oil. A reciprocating friction and 
wear tester with a bronze pin on hardened 
steel plate configuration was employed (1 mm 
stroke) in order to simulate an oscillating 
contact e.g. between a journal bearing and 
shaft. Material surface analyses were 
conducted by means of SEM-EDS, X-ray dot 
mapping and XRD. A flat pin permits more 
convenient and rapid material study compared 
to a curved journal bearing surface, especially 
when using XRD. This work is also a part of 
[10] where mineral oil, EAL and self 
lubricated (in water) journal bearing tribology 
was evaluated for hydropower applications. 

EQUIPMENT AND MATERIALS 

Test equipment and materials 

The tests were performed in an SRV Optimol 
reciprocating friction and wear test machine 
employing a reciprocating pin-on-flat 
configuration as shown in Figure 1. The plate 
is mounted in a shallow lubricant bath.  

Pin  
Plate

Load 

Figure 1 - Oscillating pin on plate. 

The pin material in all tests was a tin-bronze 
(12 % Sn, 88 % Cu). The flat test piece was a 
tool steel (SS 2260) hardened to 700 HV. 
These materials are representative of a bronze 
journal bearing and steel shaft respectively. 
Dimensions were those for standard test 
samples. 

Lubricants tested during this study (one 
mineral oil and three EALs) are:  
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Lubricant A: naphthenic / paraffinic 
mineral oil - with oxidation and corrosion 
inhibitors but without anti wear additives. 

Lubricant B: saturated short-chain 
polyolester base fluid. NPI ca. 80 (non-
polarity index). 

Lubricant C: saturated short-chain 
polyolester - Lubricant B plus oxidation 
and corrosion inhibitors and 
phosphor/sulphur based anti-wear 
additives. NPI ca. 80. 

Lubricant D: unsaturated long-chain ester 
with oxidation and corrosion inhibitors and 
phosphor / sulphur based anti-wear 
additives. NPI ca. 170. 

The biodegradability of the synthetic ester 
lubricants B, C and D satisfies the ISO 9434 
test (OECD 301B). 

Surface sensitive XRD 

X-ray diffraction (XRD) is a common 
technique for stress and deformation analysis 
of surface layers in a material. Studying x-ray 
peak broadening can give information about 
plastic deformation in a material. Higher 
dislocation density after plastic deformation 
will cause misorientations within the crystals 
which in turn cause peak broadening [11]. 
The penetration depth of the x-rays is 

dependent on the angle of incidence ( ), see 
Figure 2. By decreasing  the method can be 
made more surface sensitive due to reduced 
penetration depth. In this study Cu K
radiation was used with a penetration depth of 
about 0.4 µm at  = 1º to about 8 µm at 

 = 20º. The peak width, FWHM (Full Width 
Half Maximum) was determined for each 
peak by fitting a Pseudo-Voigt function. 

Using small angles of incidence (1
20 ) introduces an increased possibility of 
error in the measurements. It is therefore 
important to constrain the x-ray beam as 
much as possible. It is desirable to obtain 
parallel x-rays through the use of collimators. 
Those used in [12] were specially 
manufactured for surface sensitive analysis 
and give more distinct results. However, this 
method can be very time consuming. The 
experimental setup used in this present case is 
demonstrated in Figure 2. No collimators 
were used, but the x-rays were constrained by 
means of narrow slits. Soller slits were also 
used to achieve parallel x-rays horizontally. 
Horizontal divergence can otherwise cause 
peak broadening and a peak shift at small 
angles of incidence [13]. Low angle XRD is 
sensitive to surface roughness. A large worn 
area with uniform wear characteristics is 
optimal for this method of material analysis. 

2

X-ray source 

Detector 

Slit: 0.25

Slit: 1/32

Specimen 

Figure 2 - XRD setup employed in this study. 
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TEST PROCEDURE 

All tests are performed in the reciprocating 
friction and wear machine described 
previously. Two tests are carried out for each 
lubricant / load combination in order to assess 
repeatability. Test conditions are: 

Oscillation stroke length:  1 mm 
Frequency:  10 Hz 
Test duration:  4 hours 
Loads:  424 N and 848 N  

 (equating to 15, 30 MPa contact pressure) 
Bronze pin diameter:  6 mm 
Steel surface roughness:  Ra 0.1 µm
Lubricant bath temperature:   Initially 25 C
Temperatures were seen to increase to a 
maximum of 36 C during tests as a result 
of friction generated heat. 

Prior to commencement of each test, 
specimens are cleaned in two steps in an 
ultrasonic cleaning bath using petroleum 
spirits and ethanol. The specimens are then 
carefully weighed. This removes any possible 
contamination and provides a reference value 
for the calculation of material loss through 
wear during the tests. 

Friction values were monitored every 6 
seconds through the duration of the tests.
Following completion of a test, the sample 
was cleaned and re-weighed to give the 
difference in weight due to material wear. In 
order to minimise the risk of error in these 
measurements, a sensitive set of scales 
(accuracy ±10 µg) was used and the mean 
value of five measurements recorded.  

Surface analyses of bronze and steel 
specimens were made by means of images 
and elemental analysis from SEM-EDS 
(Scanning Electron Microscopy-Energy 
Dispersive Spectroscopy). Material 

composition of the bronze specimens was also 
studied in the SEM. Additional analysis of the 
worn bronze pin surface material was 
conducted using XRD (X-ray diffraction) 
employing a surface sensitive technique.  

RESULTS

Friction

Measured friction values are shown in Figure 
3. The first four plots show values obtained 
from tests at a load of 424 N with Lubricants 
A, B, C and D respectively. The second group 
of plots shows results at 848 N loading. The 
respective test numbers are given in the 
legends.

Reasonably stable friction behaviour with 
some minor fluctuation is seen during tests at 
both loads for Lubricant A.  

At 424 N, one test for Lubricant B exhibits 
low friction values whilst the second shows 
slightly higher values with more fluctuation. 
This is also true for Lubricant C. However, at 
higher load the friction increases and large 
fluctuations are seen for both B and C 
(although the latter is marginally more stable).  
The relatively large, less stable fluctuation of 
friction values seen for Lubricant B at higher 
load is also seen with Lubricant D. Friction 
values for Lubricant D at both loads start to 
fluctuate shortly after the run-in period. 
Greater fluctuation was seen at higher load 
and is indicative of contact seizure behaviour.

Reasons for variation of friction values 
between the two tests for each lubricant / load 
combination can be due to differences in the 
contact area, surface alignment, initial 
topography (either surface) or material 
composition. Adhesive mechanisms can 
explain the fluctuations in friction values. 
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Figure 3 - Friction values for Lubricants A, B, C and D at 424 N and 848 N loading respectively. 
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Figure 4 - Weight loss values from tests. 

Wear

Material wear is monitored by measuring 
weight loss for the bronze specimens during 
the tests. Figure 4 shows results for these 
measurements. What examinations were 
conducted or analysis methods used on 
certain test specimens are also highlighted.

Each shaded bar represents the mean weight 
loss value over the two tests at each load 
setting for the four lubricants respectively. 
The upper and lower ends of the error bars 
show the actual measured values.  

In all cases, weight loss increased with 
loading but to different extents. By examining 
the complete set of results, a coupling can be 
determined as regards the extent of wear seen 
for lubricants A and C for the two loadings 
studied. A corresponding coupling can also be 
seen for lubricants B and D. Different 
lubricants give different wear. 

Surface analysis 

With the friction and weight loss results in 
mind, two bronze and steel specimens were 

selected from the “best” and “worst” results 
for each test lubricant, as illustrated in Figure 
4. Lubricants B and C were considered as one 
and the same lubricant in this selection 
process due to their similar chemistry and 
thus six specimens in total were selected for 
SEM-EDS surface analysis. 

Bronze 

The worn areas of the bronze pin surface 
covered between 50 % and 90 % of the total 
surface area. Larger worn areas generally 
correspond to higher load and more material 
weight loss.

SEM images of the worn bronze pin surfaces 
from tests with Lubricant A are shown in 
Figure 5. At 424 N loading, fine abrasive and 
mild adhesive wear marks were found in the 
centre of the contact area. Fine abrasive scars 
are seen towards the outer edge of the contact 
area. More substantial removal of material 
through adhesive wear can be seen at 848 N 
loading. EDS elemental analysis showed clear 
signs of copper enrichment in contacts at 848 
N loading. A small elemental composition 
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change was noticeable at 424 N showing 
slightly more copper on the worn surface.

Analysis of material from the Lubricant C 
tests showed fine abrasive wear scars at 424 
N, as illustrated in Figure 6. Material from 
tests with Lubricant B at 848 N showed an 
increase in adhesive contact mechanisms 
compared to that for 424 N loading for 
Lubricant C.

A small amount of oxygen was found at 
certain spots on the worn surface for 
Lubricant B, 848 N indicating the formation 
of copper oxide films. It is also possible that 
this is present on the surface of the other 
specimens. However, only this test piece was 
analysed for oxygen after some “spots” were 
noticed on micrograph images.  

Significant influence from adhesive 
mechanisms was seen in the contact for both 
load cases with Lubricant D, see Figure 7. 
This is also indicated in the friction 
behaviour. Elemental analysis showed signs 
of copper enriched contacts at both loads. The
lowest relative concentration of tin was found 
on the bronze specimen for Lubricant D at 
848 N loading.

Steel

Results for steel show a broadly similar 
profile to those for the bronze test pieces. 

For Lubricant A at 424 N, Figure 8, the 
transfer layer on the steel shows no clear 
signs of adhesive contact. Indeed, the surface 
is very even. Values of Cu concentration are 
relatively low. However, at the higher 
loading, adhesive wear becomes evident. 
Changes in the material composition are 

demonstrated by an increase in the Cu and Sn 
concentrations, as shown in Figure 8. 

As with Lubricant A, Lubricant C shows no 
signs of adhesive contact at 424N, as can be 
seen in Figure 9. However, composition of the 
transfer layer differs from that for Lubricant 
A in that it is completely lacking in Sn. 

Examining results for Lubricant B at 848 N 
shows a very similar transfer layer material 
composition to that seen for Lubricant A at 
the same loading. Some adhesive contact is 
also evident. Looking at the material analysis 
plots, the relative Fe and Cu values show that 
more material is transferred from the bronze 
to the steel at higher loading.

Lubricant D tests clearly revealed adhesive 
contact at the higher loading and the material 
composition shows a moderate increase in the 
relative content of Cu, Figure 10. No distinct 
change in tin concentration can be determined 
here. Compared to the results obtained for the 
other three lubricants, there is less of a 
difference between the relative Cu 
concentrations for the two load cases using 
Lubricant D. However, the largest amount of 
transfer material was seen in this particular 
test.

Transfer of bronze material to the steel plate 
was seen to varying extents. The largest 
amount of transfer was seen when the 
adhesive wear mechanism was present. SEM-
EDS analysis showed that the elemental 
composition of the transferred material 
comprised both tin and copper. The tin 
content varied and was not found at all in the 
Lubricant C, 424 N test.
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Figure 5 - SEM analysis of Lubricant A lubricated bronze pins. 

Figure 6 - SEM analysis of Lubricant C (424N) and B (828N) lubricated bronze pins. 
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Figure 7 - SEM analysis of Lubricant D lubricated bronze pins at both 424N and 848N. 

Figure 8 - SEM analysis of Lubricant A lubricated steel surface at 424 N and 848 N. 
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Figure 9 - SEM analysis of Lubricant C (424 N) and B (848 N) lubricated steel surface. 

Figure 10 - SEM analysis of Lubricant D lubricated steel surface at 424N and 848N. 

Bronze cross-section analysis 

Bronze specimens from tests with Lubricants 
A, B and C were cut to provide a cross section 
of the sliding surface. These were then 

polished to permit study in the SEM. 
Backscattered electron images shown in 
Figure 11 were complemented with elemental 
mapping using higher resolution 
magnification.  
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Figure 11 - Backscattered electron images of polished sub-surface material. 

The images and mapping analyses did not 
show any signs of a copper layer having 
formed on the worn bronze surface for 
Lubricant A at 424 N load. However, results 
from SEM analysis show copper enrichment 
at the surface for this test piece.

With Lubricant C at 424 N loading there is an 
indication of a copper layer in the image. This 
is supported by X-ray dot mapping analysis 
which showed reduced tin content to a depth 
of approximately 1-2 m. SEM images for the 
848 N load case showed that this reduced tin 
content layer was on average 3-4 µm thick but 
could at times reach as much as 10 m thick.  

The image from the test specimen for 
Lubricant B at 848 N loading indicates greater 
variation in thickness for the copper enriched 
layer than that seen from the Lubricant A test. 
Higher energy from frictional work enables 
tin from deeper in the sub-surface material to 
enter the contact and lubricant.  

Surface material stress 

As a complement to the material composition 
studies, surface stress analysis was carried out 

using XRD for specimens tested with 
Lubricants A, B and C. The diffracted-
intensity peak width, FWHM (Full Width 
Half Maximum) was determined by fitting a 
Pseudo-Voigt function to each peak, Figure 
12. This diagram shows an example for  at 
2  and 3 . This provides information relating 
to plastic deformation in the surface material. 
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Figure 12 – Diffracted intensity peak at 
incident beam angle  = 2  and 3 .



12

0.6

0.7

0.8

0.9

1

1.1

0 5 10 15 20

X-
ra

y 
br

oa
de

ni
ng

 (d
eg

re
es

)

Lubricant A 424 N Lubricant A 848 N

~0.4 m ~8 m

0 5 10 15 20

0.6

0.7

0.8

0.9

1

1.1

0 5 10 15 20

X-
ra

y 
br

oa
de

ni
ng

 (d
eg

re
es

)

Lubricant C 424 N Lubricant B 848 N

2010

~0.4 m ~8 m

0 5 15

Figure 13 - Peak broadening as a function of X-ray beam angle  (penetration depth). 

Results from the XRD study are shown in 
Figure 13. The plots show the incident beam 
angle versus x-ray peak broadening (degrees). 
Approximate penetration depth (given in µm) 
beneath the contact surface is also indicated 
on the diagrams. 

The peak-broadening for the bronze material 
tested using Lubricant A shows no significant 
changes through the depth of penetration for 
either of the tested loads. However, in the 

case of Lubricant C at 424 N a slight 
hardening of material is seen between  = 2 
and 5  whilst a softening or relaxation of the 
outermost material can be identified from the 
plot for  = 1 to 1.5 .

Summary of material analyses 

A summary of SEM and XRD studies is 
shown in Figure 14 where tribological 
ranking is also noted. 
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Figure 14 - Transfer layer formation and tin dissolution. 

All bronze pins became copper enriched at the 
contact surface. However, minimal effect was 
seen for Lubricant A at 424 N. For all cases, 
the amount of transferred material increased 
at higher load. Transferred material consisted 
of copper plus small amounts of tin except for 
the test with Lubricant C at 424 N where pure 
copper was found on the steel surface.

Tribological performance is dependent on the 
interaction between these materials and 
lubricants. The best performance can be found 
when only the outermost surface materials are 
affected (1-2 m). Worsened performances 
can be seen when minimal (<< 1 m) or large 
depth (> 3 m) material changes occur.  

DISCUSSION 

The results generally coincide with those 
found in [14]: Good tribological performance 
can be found where the load is carried by the 
harder substrate material while the soft 
surface layer reduces the critical shear 
strength.

Low friction and wear were seen in the test 
for Lubricant C at 424 N, probably an effect 
of a thin copper layer transferred to the steel 
and a relaxation of the outermost bronze 
material (see Figure 14). A relaxed material 
can also be deformed several times before 
fatigue occurs resulting in reduced wear. The 
soft surface material could provide for a 
reduction in the energy required to shear the 
surface material and consequently reduce 
friction values. Very low friction and wear 
seen here was also found for oscillating 
journal bearings at 15 MPa loading [1] using 
an identical material-lubricant combination to 
that used in this study.

The bronze from the test with Lubricant B at 
higher loading (848 N) shows a deeper 
material relaxation whilst also exhibiting high 
friction and wear. A thick copper enriched 
layer and more transferred material on the 
steel surface could provide for high friction 
due to the fact that a thick copper layer 
increases the real area of contact [14,15]. A 
thick copper enriched layer, as described in 
[16], was seen to generate high wear. High 
wear is brought about by the fact that the 
copper layer is soft and relatively weak. 
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Combined with adhesive wear mechanisms, 
this means that extensive wear can occur 
through the removal of relatively large 
particles. A thick copper surface layer was 
also formed in [1] which showed higher 
friction and wear at 30 MPa compared to that 
at 15 MPa. The wear mechanism was also 
seen to change from abrasive to adhesive with 
increase in load, as was seen in the present 
study. Higher load increases the transfer of 
material to the counter surface. Material 
transfer is generated from adhesion.

Formation of surface oxides identified can 
indicate a reduction in the plasticizing effect 
[6]. Copper oxide is softer than copper and 
was noted for Lubricant B at 848 N. Various 
amounts of surface oxides are expected to be 
found on all surfaces. The oxide quantity 
undeniably affects the tribological 
performance.  

Tin dissolution can be caused by the chemical 
potential difference between the lubricant and 
contact material in combination with 
mechanical energy [4], probably assisted by 
surface material redistribution enabling more 
material to come in direct contact with the 
lubricant [1]. This study shows no definite 
evidence for material redistribution, but this is 
a logical explanation. Dissolution by 
thermally activated diffusion is unlikely in 
this case since bulk temperatures never reach 
the required levels for this to occur. 
Dissolution and relaxation differences with 
different lubricants indicate tribological 
behaviour.

A possible source of error comes from 
polishing of the bronze specimen prior to 
testing. Electro-polishing would have been 
more effective in achieving similar residual 
stresses in the bronze material before the 
tests. A larger, uniformly worn contact area 
also improves the precision of XRD analysis.  

In [17], glycerine, a surface-active lubricant, 
was used as a lubricant. Alloying elements 
were seen in the contact after a period of 
10 hours but a significant reduction in 
concentrations was seen after 50 hours. In

order to reach more definitive results from 
this study, lengthened test duration could be 
beneficial.

CONCLUSIONS 

The tribological performance of the fully-
formulated saturated polyol synthetic ester 
(Lubricant C) in an oscillatory bronze pin on 
steel plate test at 424 N was superior to the 
other tests due to low friction and wear. This 
can be an effect of the formation of a soft, 
ductile outermost copper layer in the contact 
and a slight hardening below the surface. This 
was not seen with the mineral oil lubricant 
(Lubricant A).

As the tin-depleted layer thickens at higher 
load, wear increases and the principal surface 
wear mechanism changes correspondingly 
from abrasive to adhesive. Adhesive contact 
mechanisms cause fluctuating friction and 
higher wear, seen foremost at higher load. 
Some differences in wear mechanism were 
seen between the tested lubricants at the 
different load settings.

Although no definitive coupling between 
lubricants and the friction and wear 
characteristics for the given material pair can 
be given here due to the relatively small 
number of tests carried out, results outlined in 
this work clearly demonstrate that it is 
possible to combine X-ray dot mapping, SEM 
and XRD analyses for this purpose. A more 
extensive test programme is required if any 
definitive conclusions are to be drawn but 
results given here show that the choice of 
lubricant has a marked influence on the 
friction and wear characteristics of a bearing 
bronze – steel pair. 
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ABSTRACT 

Environmentally Adapted Lubricants (EALs) are becoming of increasing interest to industry as 
legislation demands the replacement of mineral oil lubricants. However, little or nothing is known 
about the influence of ageing on the performance of these fluids in mixed and boundary lubricated 
tribological contacts. In this study, samples of three fully formulated lubricating oils, both in their 
“fresh” form and “aged” by means of an oxidation process in the laboratory, are utilised in a 
detailed study whereby variations in relative lubrication performance are examined. Standard 
laboratory pin-on-disc equipment is utilised in order to allow comparisons to be made and the 
definition of conclusions for a sliding tin-bronze on steel contact. This simulates the interaction 
between an oil lubricated bronze bushing and steel shaft as found in the vane adjustment 
mechanism of a Kaplan turbine. XPS analysis is employed to assess the effect on surface layer 
structural chemistry. Results show, for the specific application being investigated, that EALs 
continue to function well in terms of their friction and wear performance even at high acid numbers. 

Keywords: synthetic ester; oxidised; journal bearing; low speed; friction and wear 

1 INTRODUCTION 

Although Environmentally Adapted Lubricants (EALs) are, at present, a relatively low volume 
product from the lubricant industry (even though they have been on the market for years), 
environmental considerations are helping to gradually advance their utilisation. Testing has shown 
that they can perform equally well as or even, in certain cases, improve performance when 
compared with traditional mineral oils in a range of applications [1,2,3]. Indeed, results for full-
scale tests carried out at the Porjus U9 test facility in Northern Sweden [4] using the mineral and 
saturated ester oils investigated in this study have shown a 20% reduction in power losses in a 
hydrodynamic thrust bearing when the mineral oil is replaced with the saturated ester fluid.  

Another application of interest to the hydropower industry is the (boundary) lubrication of bronze 
bushings within the vane adjustment mechanism of Kaplan turbines. Given the proximity of these 
components to the water flowing through the turbine runner and the risk for lubricant leakage into 
the watercourse, environmental considerations play an important role. Therefore a change from 
mineral oils to EALs is of potential benefit in this machinery. The suitability of EALs for this 
application has been investigated in [1]. A synthetic ester was seen to give better results in terms of 
friction and wear in comparison with a mineral oil in the lubricated contact between a tin-bronze 
bushing and a steel shaft. 
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A good deal of research has been carried out to date investigating the efficacy of various EALs in 
numerous applications. However, a review of the literature reveals a dearth of experimental data 
relating to aged EALs i.e. how their performance is affected by ageing. 

It is well understood that predominating machine operating conditions can induce property changes 
in a lubricant that can impact upon its performance. This is of great importance in the case of 
lubricated contacts. Ageing (oxidation) can lead to various undesirable consequences such as 
corrosion, sludge formation or changes in viscosity. For this reason, additives have been developed 
to counter these effects. However, these additives can react in different ways depending on the type 
of base fluid being employed. For example, the differing chemistry of mineral oils and synthetic 
esters means that, over the long term, changes in properties may differ markedly between the two 
lubricant types.  

Whilst a lot is known about mineral oils, little is known about aged EALs. Will they continue to 
perform well with long term use or is there a risk for sudden catastrophic failure? It is therefore of 
immediate interest to study and compare their performance over time.  

This question was examined in [5] where saturated and unsaturated synthetic ester based fluids were 
tested in field trials in relation to applications in mobile hydraulic equipment. It was noted that 
negligible fluid degradation or hydraulic pump wear was seen for the two top-tier fluids tested after 
3,500 to 5,000 hours service. 

In this present study, experiments have been carried out in order to permit a comparison of the 
performance of “fresh” and “aged” samples of three oils (a mineral oil, an unsaturated ester based 
EAL and a saturated ester based EAL) in a sliding tin-bronze on steel contact. Ageing of the fluids 
is performed in the laboratory using a modified dry-TOST method, details of which can be found in 
[6].

Results from the tests provide data relating to friction and wear and their coupling to ageing of the 
fluids.

2  MATERIALS 

The materials utilised in this study are specifically chosen to investigate the sliding contact between 
a tin-bronze bushing and a medium carbon steel (CK45) shaft as found in a Kaplan hydro-turbine 
vane mounting and adjustment mechanism [1]. Material composition details are given in Tables 1 
and 2. This material pairing also permits a comparison of results with those found in tests carried 
out previously using “fresh” lubricants [1,5].

Table 1: Material composition (wt %) for tin-bronze. 

Cu Sn Al Fe Mn Ni P Pb S Sb Si Zn 
88 11 - 13 0.01 0.25 0.2 2.0 0.05 - 0.4 1.0 0.05 0.2 0.01 0.5 

Table 2: Material composition (wt %) for CK45 steel. N.B. Only alloying elements are shown. Fe is 
omitted. 

C Si Mn Cr Mo Ni 
0.46  0.4 0.65  0.4  0.1  0.4 
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The oils investigated in this study are fully formulated lubricants containing (in their fresh state) 
antioxidant and corrosion inhibiting additives. The specific fluids are: 

• Oil A - a commercially available unsaturated synthetic ester based hydraulic fluid (ISOVG32) 
• Oil B - a mineral based turbine oil (ISOVG68) 
• Oil C - a saturated synthetic ester based lubricating fluid (ISOVG46). 

Viscosity and density data for the fresh (unaged) oils is given in Table 3 with corresponding data 
for the aged fluids provided in Table 4.

Table 3: Oil Data - fresh (unaged) oils 

Test
fluid

Viscosity
40°C

(mm2/s)

Viscosity
100°C

(mm2/s)

Density
15°C

(kg/m3)
A 35.9 7.4 916.0 

B 74.9 8.8 888.0 

C 45.9 8.1 920.6 

The measure of acid number in Table 4 provides a simple means of illustrating the oxidative state of 
the fluids. An acid number of 2 is deemed to be high and an oil reaching this level of oxidation 
would normally be said to be “dead” i.e. past the end of its useful life. However, samples of oils 
with acid numbers well over 2 have been tested in an attempt to assess extreme ageing. Due to the 
very short ageing time for Oil A [6], three different “ages” were created for the fluid thus allowing 
additional comparison between samples of the same oil. 

Table 4: Oil Data - aged oils 

Test
fluid

Viscosity
40°C

(mm2/s)

Viscosity
100°C

(mm2/s)

Density
15°C

(kg/m3)

Acid
number

(mgKOH/g) 
A1 41.8 8.6 924.8 2.8 

A2 45.5 8.8 926.3 3.9 

A3 46.5 9.0 927.8 4.0 

B 83.0 9.4 891.0 2.4 

C 49.3 8.5 927.3 2.6 

3  EXPERIMENTAL PROCEDURE 

Tests referred to in this paper are performed in a standard pin-on-disc apparatus using a tin-bronze 
pin with tip diameter 2.8 mm. This is positioned at a radial displacement of 25.13 mm from the 
centre of rotation of the steel disc. A contact pressure of 15 MPa, typical of that found in the Kaplan 
turbine, is attained through the application of a 9.4 kg load. A rotational speed of 3.8 rpm gives a 
sliding velocity of 1 cm/s. Initial tests are run for a period of approximately 133 hours. This gives a 
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total sliding distance in the range of 4500-5000 m. These settings are identical to those used in [1]. 
All tests are performed at room temperature (~25ºC). 

It is seen from the results of the first tests that the most significant changes in friction values occur 
within this period of time. Therefore, tests to assess experiment repeatability are carried out over a 
shorter period (approximately 45-60 hours) in order to reduce the experiment timescale.  

The equipment allows for the recording of applied load (Fz), frictional force (Fx), coefficient of 
friction (µ) and vertical displacement (z) of the pin holder (used as a measure of wear). Readings 
are recorded and averaged for each individual rotation of the disc in order to eliminate small 
discrepancies caused by variations in the evenness of the disc surface.  

Prior to testing, the roughness of the surfaces is measured using an optical profiler. The Ra values 
for the two contact surfaces are in the range 1.5-3 µm (see Fig. 4a for an example of the pin). Final 
machining of the disc is carried out such that the surface finish tracks run circumferentially. This 
gives a similar contact profile to that found in the bushing-shaft couple. 

4  RESULTS AND DISCUSSION 

Monitoring of temperature during the tests shows very little variation from room temperature both 
in the air around the oil bath and in the oil bath itself, close to the contact. The maximum 
temperature recorded using an infra-red thermometer is no higher than 32ºC in the oil and bulk 
material near the contact.  

4.1 Friction

Values obtained for coefficient of friction vary quite widely during the initial run-in phase with a 
peak in the values being seen at test start-up. This variation can be due to differences in the initial 
contact shape e.g. slight curvature or machining ridges at the pin tip, the peaks and troughs of the 
material surface roughness or the alignment of surface roughness tracks on the two surfaces. This 
variation in coefficient of friction values is illustrated in Fig. 1. Figure 2 shows optical profiles of 
the wear surface of the tin-bronze pin prior to and after testing. Data relating to the surface 
roughness is given for each surface respectively. The concentric rings from machining of the pin 
can clearly be seen in Fig 2a). As can be seen from Fig. 2b), the surface becomes relatively smooth 
during the tests as a result of wear. It should be noted, however, that following this initial run-in 
phase, friction values become more stable. In addition, it is also thought that the contact is initially 
in boundary lubrication before shifting to mixed lubrication. 

Figure 1 – Typical friction plots for a) fresh oil B and b) aged oil C 
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Figure 2a) - A typical pin surface prior to testing  
Sa 1.56 µm, Sq 2.02 µm, St 14.28 µm 

Figure 2b) – Pin tip after test with fresh oil B
Sa 189.3 nm, Sq 248.5 nm, St 2.30 µm 

It is apparent that there is a hydrodynamic effect i.e. the contact is in the “mixed” rather than 
“boundary” lubricated zone. An increased impact from this hydrodynamic effect is clearly seen 
through a reduction in friction with lubricant ageing. This can be explained by the associated 
thickening of the fluid (increased viscosity) as shown in Tables 3 and 4 and in Table 5 for the 
measured test temperature range.  

This hypothesis was checked by running tests with a low viscosity grade mineral oil (ISOVG10). 
These gave results indicating higher values for coefficient of friction and linear wear at 
considerably higher wear rates (more than 10 times that seen for the other test lubricants), indicating 
lubrication with the thicker oils is most probably in the mixed regime. 

Table 5: Oil Data - oils at test temperature 

Viscosity (mm2/s)Test fluid 
25ºC 30ºC 

Oil A 
Fresh 63 51 

   Aged (1) 73 60 
   Aged (2) 87 69 
   Aged (3) 92 72 
Oil B 

Fresh 175 130 
Aged 200 142 

Oil C 
Fresh 85 68 
Aged 100 77 
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As wear begins to take effect, the contact becomes smoother and friction values are seen to become 
more stable. Table 6 shows typical values for the peak coefficient of friction as well as values after 
60 and 130 hours respectively. Where a range of values is shown, variation in measurements was 
found.

Table 6: Coefficient of friction during tests. 

Coefficient of Friction Test fluid 
Peak 60 hours 130 hours

Oil A 
Fresh 0.13 0.09 - 0.11 0.10 

 Aged (1) 0.13 0.08 0.05 
 Aged (2) 0.12 0.10 0.07 
 Aged (3) 0.13 0.07 0.04 
Oil B 

Fresh 0.13 0.06 - 0.07 0.07 
Aged 0.12 0.04 - 0.06 0.04 

Oil C    
Fresh 0.18 0.11 - 0.12 0.11 
Aged 0.14 0.08 - 0.11 0.07 - 0.09

It is clearly seen that friction is reduced for the aged samples of all three oils in comparison to 
results for the fresh fluids. As discussed previously, this is at least in part due to hydrodynamic 
effects as a result of the increased viscosity of the fluid following ageing. 

4.2 Wear

Wear of the bronze pin has been measured from the vertical displacement of the tip during the tests. 
A typical wear plot is shown in Fig. 3. 

Figure 3 – A comparison of the wear profiles for tests carried out with “fresh” and “aged” samples 
of oil C. 
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The wear rate k is calculated from the gradient of the wear curve once it has reached a steady-state 
(or near steady-state) i.e. data from the run-in period is omitted from the calculation. In this case, k
has been determined as a function of sliding distance.  

The results for the three test lubricants (both fresh and aged) are shown in Fig. 4. Each column 
represents the average value of the results from all tests performed with that specific fluid. The error 
bars illustrate the range of results obtained, highlighting the maximum and minimum wear rate 
seen. Two additional sets of test results are presented in Fig. 4 to provide a more complete picture 
of lubricant performance. Data from tests using oil B (fresh) at 15 MPa [1] and oil C base fluid 
(fresh) allows for comparison between tests carried out in two different test rigs and an assessment 
of the impact of additives in oil C. 

As can be seen from the results in Fig. 4, the values obtained for oil A, the unsaturated ester, are 
markedly higher for the aged fluid. However, despite having acid numbers in the region of 4 
mgKOH/g, the aged fluids continue to display acceptable wear performance, especially when 
compared to the turbine oil, oil B. 

Figure 4 – Wear rates in terms of sliding distance for tests performed with fresh and aged samples 
of the three oils. Data from [1] for fresh oil B (B fresh*) is also shown in this diagram to assist 
comparison of test methods. 

The values for the tests with oil B (fresh and aged) show very similar results and indicate little 
change as a result of fluid ageing. In addition, comparison between results for the fresh oil from this 
test and that from [1] (B fresh*) indicate close agreement despite the fact that the flow of lubricant 
within the test equipment differs. In [1], the bearing is vertically mounted and wear particles can be 
washed out with the circulating lubricant. This is not the case in the pin-on-disc tests. In addition, 
the direction of sliding is constantly changing in the tests performed in [1] with intermediate stops 
between direction changes. In the pin-on-disc tests, constant sliding is maintained in a single 
direction.

Results for oil C show relatively high wear values for the unaged fluid. However, a sharp drop in 
wear is seen after fluid ageing. Wear particle size appears to be greater for the “fresh” than the 
“aged” fully formulated fluids for oil C. Given that friction also reduces after fluid ageing, it can be 
said that this is coupled to a reduction in wear and wear particle size. The high wear values would 
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suggest that the additives in the fully formulated fluid are not providing any benefit in terms of wear 
protection to the bronze under these operating conditions. This theory is further strengthened by 
results obtained for tests with the unaged base ester which show values in line with those seen for 
aged oil C. Low wear rates for the base fluid were also seen in [1] for these operating conditions.

In comparing results for base and fully formulated oils it should be remembered that additives are 
generally developed for steel-steel contacts and mineral oils. The use of a softer bronze material can 
initiate different reactions. The additives also work against the effects of oxidation. Oxidation 
(ageing) has been seen to reduce wear in this particular application. Hence wear for a fully 
formulated oil may be higher than that for the base fluid. 

Esters are very polar (high surface affinity) which may assist in reducing friction. In [7] it is stated 
that the influence of a lubricant on friction induced transfer increases in line with its surface 
activity. 

4.3 Sludge

During tests with the fresh mineral oil and saturated ester (oils B and C), a build-up of black 
“sludge” is observed (see Fig. 5). This is seen more extensively in the former case. Sludge is seen 
extensively during the laboratory ageing [6]. However, this phenomenon is not encountered to any 
noteworthy extent during tests with the more highly polar unsaturated ester (oil A).

This “sludge” is thought to be an insoluble agglomeration of oil and wear particles, a theory 
supported by the fact that solubility is strongly influenced by fluid polarity. This is further 
strengthened by the complete absence of the agglomeration in tests carried out with the aged esters 
coupled with the fact that fluid polarity and hence solubility increases with ageing. 

It is unclear as to what influence this phenomenon has on friction and wear. However, since a clear 
track is made through this particle agglomeration during testing, it is not thought to impact in any 
physical sense. In any case, the presence of sludge is not conducive to good machinery 
performance. Excessive sludge formation can lead to blocked filters and clogging of flow lines. 

a)  fresh oil A b)  aged oil A3 c)  fresh oil C d)  aged oil C 
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e)  fresh oil B f)  sludge formation during 
ageing in the laboratory 

g)  aged oil B 

Figure 5 – Photographs showing “sludge” and particles in the lubricants following test completion. 

4.4 Oil analysis 

Due to the small volume of lubricant used in each test (approximately 15 ml) all the oil used is 
collected post-test. Table 7 shows results of ICP oil analyses. Values relate to elements found in 
particles <5 µm in size and ions in the lubricant. It should be noted that some wear debris remains 
attached to the pin and can also remain in the oil-bath after draining. 

The elements of main interest are copper, iron, tin and lead given the contact materials in this 
particular case. 

Table 7. Metal concentration in the lubricants 

Metal
conc.
(ppm)

Cu Fe Sn 

Oil A    
Fresh pre 3 - - 
Fresh post 110 3 16 
Aged pre 1 - 1 
Aged post 31 3 6 
Oil B    
Fresh pre - - - 
Fresh post 19 1 6 
Aged pre - - 1 
Aged post 9 1 3 
Oil C    
Fresh pre 7 - - 
Fresh post 77 22 9 
Aged pre 9 - 1 
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From the results obtained, a clear difference is apparent between the wear residues seen for the 
fresh and aged fluids for all oils A and B. Copper concentration especially is lower for the aged than 
for the fresh oils. This may be partly explained by differences in wear particle size, 5 µm being the 
limiting dimension. However, as stated earlier, wear particle size for oil C appeared to reduce with 
ageing. The fact that copper and iron catalysts are employed in the laboratory ageing process may 
also have an impact (in addition to additive consumption) but results seem to indicate a reverse 
effect on element concentration. 

A small amount of lead is also seen in the used oils. This is assumed to have come from the bronze 
which, according to the material composition details available, contains small quantities. The 
presence of small quantities of lead is confirmed by SEM and XPS investigations of the worn 
surfaces where localised concentrations are observed. 

According to findings reported in [8], elements such as tin in copper alloys boost the resistance of 
the bronze to the absorption of oxides of wear products from the steel thereby reducing the 
secondary abrasiveness of the composite structure created on the bronze surface. It also reports that 
only the friction surface of the steel in steel-bronze pairs is oxidised, this being due to the higher 
reactivity of iron. 

However, it was seen in [9] that a pin tested under a load of 15MPa in a reciprocating friction and 
wear test with fresh oil A exhibited signs of tin leaching / copper enrichment in the contact region. 
Hence this resistance to oxide absorption may well be reduced. 

In [10] it was shown that esters containing long-chain oxygenated molecules can by themselves 
considerably reduce friction between sliding surfaces. This would appear to agree with the findings 
in this study where the more polar aged fluids showed improved wear performance (reduction in 
wear). Increased molecular size as a result of oxidation reactions would also be conducive to this 
theory for reduced friction (the increase in solubility with polarity means that heavier molecules can 
remain in solution in the aged oils). 

4.5 Surface analysis (XPS and SEM) 

The surfaces of six test pins (from tests with fluids A and A1 as well as fresh and aged B and C) 
have been examined using x-ray photoelectron spectroscopy (XPS). Results have been compared 
against those for an untested reference pin. This has been used to compliment SEM investigations 
as the sensitivity of the XPS method means it is possible to investigate a region only a fraction of a 
micrometre beneath the material surface.   

High-resolution XPS surveys reveal the presence of tin oxides at the surface for the unused material 
(Figure 6) and in more limited concentrations for fresh oils B and C but not for the aged fluids. In 
these high resolution surveys, tin is not detected in either the fresh or aged samples tested with oil 
A. These latter observations would appear to suggest that the surface layer is exclusively copper i.e. 
there is no tin at the surface to react with oxygen in the atmosphere. However, it is known that a 
copper enriched surface does contribute to a reduction in friction. This is also coupled to the 
transfer of material to the counter-surface. It is thought that the copper layer is more easily sheared 
than the bronze material.  

The results obtained do not show any clear differences in the relative performance of the lubricants. 
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Figure 6 – Angle-resolved XPS spectrum intensity for SnO / SnO2 for a) control pin and b) pin 
tested with fresh oil B. The three plots relate to extraction angles of 10, 45 and 80 degrees to the 
normal respectively with greatest penetration depth (approximately 10 nm) at 10 degrees. 

The SEM micrographs in Figure 7 show the worn surface of bronze pins run with fresh and aged 
samples of oils A, B and C. The darker bulk material is copper while the lighter shaded areas are 
“islands” of tin.

  a)   b) 

 c)  d) 
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  e)   f) 

Figure 7 – the worn surface of bronze pins run with oils a) A fresh, b) A3 aged, c) B fresh, d) B 
aged, e) C fresh and f) C aged. 

Given that the penetration depth of the SEM analysis is considerably greater than that of the XPS 
and that tin is detected in all the pins examined, this would appear to suggest that the copper 
enriched layer is relatively thin. This agrees with observations made in [9]. 

Visual examination of the discs reveals evidence of the transfer of material from the bronze to the 
steel surface. This also follows results seen in [9,11]. Investigation of the steel surface using XPS 
was not possible given the size of the disc and contamination of the material during cutting. 

From a comparison of results from the XPS and SEM analyses, it is seen that there is an apparent 
copper enrichment (reduction in tin concentration) of the immediate surface layer following the 
friction and wear process. This surface layer is, however, relatively thin. This hypothesis agrees 
with results seen elsewhere for an identical bronze material in loaded contacts undergoing friction 
and wear processes with similar lubricants [9,13]. Tin is leached out of the bronze with reduced 
concentrations evident in the surface layer following tests with all lubricants.  

5 CONCLUSIONS 

It is clear from the results obtained for friction and wear, most notably for the saturated ester, that 
ageing of the fluid does not catastrophically reduce the performance of the lubricants. Indeed, it 
actually improves performance for the saturated ester in terms of friction and wear. 

• All three fluids continue to show acceptable performance even at high acid number. This 
suggests a limited risk for catastrophic failure of the equipment during normal operational use. 

• Coefficient of friction appears to reduce with fluid age. 
• The formation of agglomerated wear particle “sludge” occurs to varying extents with the “fresh” 

fluids and for aged mineral oil but is not seen after ageing for the esters. 
• A copper enriched surface layer is formed on the bronze material after tests with all lubricants. 
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ABSTRACT

The use of Environmentally Adapted Lubricants (EALs) is a subject of growing interest 
to industry as legislation increasingly demands the replacement of mineral oil 
lubricants. Vegetable based fluids are widely seen as providing lubricants from a 
renewable source as well as meeting demands for improved biodegradability. However, 
at present, utilisation of such fluids is limited due to their rapid oxidation. EALs 
produced from other base stocks (i.e. synthetic esters) have been shown to provide 
performance benefits in hydrodynamic thrust bearings. In the present study, a 
hydrodynamic journal bearing test rig has been employed to compare the performance 
of three EALs (a VG32 saturated ester, rapeseed base fluid and a Propylene Glycol 
Dioleate) relative to three mineral turbine oils (ISOVG32, ISOVG46 and ISOVG68) in 
the hydrodynamic regime. Results are given in terms of temperature, power loss and 
minimum film thickness. The impact of oil VI is also discussed. 

1 INTRODUCTION 

The use of Environmentally Adapted Lubricants for industrial applications is a major 
area of current interest given increasing environmental awareness and the potential for 
performance enhancement, as demonstrated in previous studies, for example [1,2].

Both thrust and journal bearings are major mechanical components in numerous 
applications including hydroelectric turbines. In order to maximise the efficiency of 
these devices, the choice of a suitable lubricant is essential.  A review of the literature 
reveals a shortage of experimental data regarding the performance of synthetic and 
vegetable base fluids (e.g. rapeseed) in hydrodynamic lubrication and how this 
performance compares with that of mineral oils.

A summary of published literature regarding experimental investigations performed 
with fixed geometry hydrodynamic journal bearings is provided in [3].   

In [4], a series of lubricating fluids (mineral, synthetic and VI enhanced oils) were 
tested in a journal bearing test rig. It was found that bulk fluid properties have the 
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greatest impact on oil-film temperatures while temperature-viscosity properties were 
seen to be of significance. When comparing synthetic and mineral fluids with the same 
initial viscosity grade, despite higher temperatures at the inlet side (due to shear in the 
“wedge” of reducing oil film thickness), thicker films were seen for the synthetic 
lubricants due to their higher “operating” viscosity in the region of minimum film 
thickness. A hypothesis is promoted whereby high VI permits the use of a synthetic 
lubricant with lower base viscosity grade in comparison with a mineral oil, reducing 
heat originating at the inlet side of the bearing but maintaining oil film thickness.  

Experiments referred to in [5] showed that bearings lubricated with higher VI fluids 
demonstrated slightly lower bearing surface temperatures than those seen for lubricants 
with lower VI. This, combined with a 10% lower power loss for the higher VI lubricant, 
was observed despite little or no difference being seen in minimum oil film thickness. 

Temperature-viscosity properties were also examined for a two axial groove bearing in 
[6]. Viscosity was found to have a pronounced effect on bearing operating temperature. 
Comparison of temperatures along the bearing centreline with theory show best 
correlation for a low viscosity fluid. Thermal distortion was also seen to alter bearing 
geometry. Results from these tests were confirmed by experiments with different oils in 
a two axial groove journal bearing [7]. 

Work carried out for the present study is aimed at extending available knowledge in 
respect to the use of EALs in hydrodynamic lubrication, primarily for hydropower 
applications. This is achieved through examining the operation and performance of a 
fluid-film journal bearing with a range of mineral and synthetic fluids. This study also 
provides an opportunity to examine the influence of viscosity index (VI) on bearing 
performance given that synthetic and vegetable oils have, in general, considerably 
higher VI values than mineral oils.  

2  MATERIALS AND EQUIPMENT 

2.1 Hydrodynamic Journal Bearing Test Rig 

Tests referred to in this paper are performed in a test-rig specially developed for the 
purpose of investigating fluid-film journal bearing performance. A schematic diagram 
of the equipment is given in Fig. 1.  

The test bearing (1) is mounted in a spherically formed, self-aligning unit (2) which is 
in turn mounted within a larger housing (3). Oil from a 40 litre tank is supplied and 
drained through an inlet and outlet on the underside of the main housing. Requisite load 
is applied by means of a vertically mounted hydraulic cylinder (4) located immediately 
above the bearing housing. This is attached via pins to the support frame and a yoke 
around the main housing. An accumulator is utilised in order to maintain constant 
loading, monitored by means of a load cell (5). The shaft is driven by a 3-phase electric 
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motor (6) coupled to a frequency converter to permit speed variation. Oil flow rate is 
monitored by a gear wheel type flow-meter. 

The machine has a so-called “no seal” configuration. This means that there are no shaft 
seals installed to close the gap between the bearing housing and shaft. This has the 
advantage of removing a possible source of friction losses and also means that the 
bearing is never submerged in a “bath” of oil. 

Figure 1. Schematic diagram of test rig showing principal components. 

2.2 Test Bearing and Instrumentation 

A babbitt-faced two axial groove bearing (split in two halves) is used in this study. A 
shaft diameter of 179.72 mm gives a bearing radial clearance (cold) of 154 ± 14 µm. 
The bearing is 129 mm wide giving a projected area of 23184 mm2. The bearing is a 
standard product and as such is representative of commercially available equipment.  

Figure 2. Location of sensors installed in the bearing. (View shows inside surfaces of 
upper and lower bearing halves). The figures beneath the diagram indicate the relative 
angular position on the bearing circumference. 
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The journal bearing has been equipped with a number of sensors to provide as 
comprehensive a set of data as possible for performance characteristics. Fig. 2 shows 
the location of the sensors mounted in the bearing. In the lower bearing half, 
temperature sensors are mounted at regular intervals (i.e. at 15, 30, 45, 75, 90, 105, 120, 
135 and 165 degrees from the horizontal split, inlet side). Two additional sensors are 
located 5mm in from either side of the bearing at the 135º position. Sensors are also 
mounted in the oil supply and drainage and water cooling lines to monitor inlet / outlet 
temperatures. Additional instrumentation is provided by the frequency converter unit. 
Details of measurement uncertainty for the various sensors are given in Table 1. 

Table 1. Measurement uncertainty 

Thermocouple (type K) 
Friction torque
Bearing load 

 1.0 C
 0.2 % 
 0.05 % 

Rotational speed 
Flow rate 
Shaft displacement 
(verified by calibration) 

 0.4 % 
 3.0 % 
 5 µm 

Sensors for measuring oil-film temperature are carefully mounted so that oil “tapped” 
from the film comes into direct contact with the sensor.

Shaft displacement (inductive) sensors have a tip diameter of 8mm and standard M10 
thread. Sensors are mounted at the 240˚ and 330˚ positions respectively relative to the 
inlet side at the horizontal split (i.e. with a 90º angle between them). The sensor tip is 
set at a slight radial displacement (no greater than 0.4 mm) below the bearing inner 
surface so an output voltage reading will still be observed should the bearing come into 
direct contact with the steel shaft. This also eliminates any risk of damage to the sensor. 

Data from the various sensors and other monitoring equipment is logged by means of a 
PC based modular data acquisition unit. This is identical to that described in [8].

2.3 Lubricants

Table 2. Lubricant characteristics 

Density 15°C 
(kg/m3)

Viscosity 40°C
(mPas)

Viscosity 100°C
(mPas) Viscosity Index

VG32 mineral 847 27 4.5 113 
VG46 mineral 857 37 5.6 114 
VG68 mineral 860 56 7.2 106 
Synthetic ester 934 29 5.3 152 
Rapeseed oil 919 32 7.0 213 

PGD 904 19 5.0 209 
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The mineral oils used in these experiments are all standard, commercially available, 
fully-formulated turbine oils. These are utilised as a reference set for comparison with 
the EALs. Lubricant properties are shown in Table 2. 

The EALs have considerably higher viscosity index (VI) values than the mineral oils. 
The value for the synthetic ester is 50% higher than that for the mineral oils while the 
rapeseed and PGD lubricants have values twice as large as the mineral oils.

3  EXPERIMENTAL PROCEDURE 

All experiments are carried out in the hydrodynamic journal bearing test rig described 
previously. The same method is employed for all test lubricants, allowing for direct 
comparisons to be made.  

In this study, speeds of 1000, 1500 and 2000 rpm together with loadings of 1, 1.5 and 2 
MPa are employed. These settings are determined by the operational limits of the 
equipment and have also been used in order to provide a set of data permitting future 
comparison with results obtained from tests carried out with other lubricants and with 
other test apparatus. In all tests carried out during this study, oil is supplied at constant 
temperature and flow rate i.e. 40 C  0.5 C and 2 l/min  0.05 l/min.

In the initial “warm-up” stage, the (unloaded) shaft is first brought up to speed in order 
to form an oil film. Loading is then applied by means of an hydraulic cylinder whereby 
the bearing housing is hoisted such that a specified pressure, related to the projected 
shaft area, is achieved between the bearing and the shaft. The machine is then left to run 
until the desired oil inlet temperature (in this case 40 C  0.5 C) is attained at the 
required load-speed setting.

Once this stage is complete, the machine continues to be run but with careful control of 
the oil inlet temperature, achieved using a water-cooled heat exchanger. With the inlet 
temperature held constant, the machine is now run until thermal equilibrium is reached. 

Once thermal equilibrium is attained, i.e. “steady-state conditions” when variation in 
oil-film temperatures does not exceed  0.2 C during a period of 20 minutes, the 
various variables are measured. Further tests can be carried out by increasing load 
and/or speed, following the procedure as given above. Due to the bulk of the test rig and 
the consequent thermal properties, it is important to ensure that the housing has heated 
through completely before taking any final measurements. 

4  RESULTS AND DISCUSSION 

Figs. 3 and 4 show temperature distribution along the bearing circumferential midline 
for a shaft rotational speed of 2000 rpm and loadings of 1 and 2 MPa respectively. Fig. 
5 shows the corresponding temperature distribution for settings of 1000 rpm and 2 MPa. 
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As expected, when comparing values for all the oils, the highest temperatures are seen 
for the VG68 mineral oil. In general, temperature profiles along the bearing centre line 
are very similar for all the test fluids at all speed and load combinations. For the two 
cases illustrated at the highest speed of 2000 rpm (Figs. 3 and 4), the temperature plots 
appear to move through a simple vertical shift (i.e. an identical temperature difference is 
seen between results for any two fluids at all measurement points). However, at the 
lower speed setting (Fig. 5) values seen for the VG68 mineral oil at the inlet and outlet 
positions are very close to those for other fluids while a larger temperature difference is 
seen in the region of thinnest film thickness. 

Sensor Position / degrees

0 15 30 45 60 75 90 105 120 135 150 165 180

Te
m

pe
ra

tu
re

 / 
o C

47

51

55

59

63

67

71

75

79

83
VG32
VG46
VG68
Syn Ester
R'seed
PGD 

Figure 3. Midline temperatures at 2000 rpm, 1 MPa 
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Figure 5. Midline temperatures at 1000 rpm, 2 MPa 

Examining the temperatures found for the synthetic ester shows values in all three test 
cases approximately halfway between those for the VG32 and VG46 mineral oils. At 
the highest speed / load setting, the readings are slightly below the halfway values. This 
is due purely to the difference in fluid viscosities.

Temperature values for the synthetic rapeseed base fluid along the circumferential 
midline of the bearing are only slightly lower than those for the VG46 mineral oil (see 
Fig. 3). However, if the speed is decreased, values for the two oils are seen to be almost 
exactly the same (see Fig. 5). In this case, temperatures at the bearing inlet for these two 
oils are almost the same as for the VG68 mineral. In comparison with the VG32 mineral 
however, peak values for the rapeseed base fluid are approximately 4-5˚C warmer in all 
cases, a result of the higher viscosity of the latter.  

Looking at the results for the PGD fluid, these are by far the lowest values seen for any 
of the test oils, as would be expected from the low viscosity grade. Comparing Figs. 3 
and 4, it is apparent that the change in loading does not have as substantial an effect on 
the PGD when compared to the other test fluids. 

Significant temperature fade at the outlet side of the bearing is caused by the presence 
of the taper. The fact that the final thermocouple is located in the cavitation region and 
is also mounted at the edge of the downstream oil supply groove means that “back-
flow” of the colder oil reaches the thermocouple i.e. hot oil in the cavitation zone mixes 
with cold oil entering the bearing from the groove. 

Figure 6 illustrates the actual viscosity of the fluids according to the temperatures 
measured at the various points along the bearing centreline at 2000 rpm and 2 MPa. 
This permits us to compare fluid viscosities under identical operating conditions.  
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Figure 6. Fluid viscosity at each point along the bearing centreline at 2000 rpm, 2 MPa 

From the plot it can be seen that in the region of highest temperature (thinnest film, 
lowest viscosity) the values found for the VG46 mineral and synthetic ester fluids are 
essentially identical. However, in the inlet region, represented by measurements at 15º, 
30º and 45º, viscosities for the synthetic ester are lower than that for the VG46 mineral 
oil. This is beneficial in reducing losses within the bearing while maintaining acceptable 
minimum film thickness. Thicker viscosities for the EALs in comparison with VG32 
mineral oil suggest better film-building ability at the measured temperatures. 

Flow rate may have an impact on temperatures within the oil film. A reduced flow rate 
of 1.6 l/min was used for a number of additional tests. This showed a marginal 
difference in measured temperature values whereby the bearing ran slightly warmer. 
The higher rate of flow was retained as it was found to be easier to control oil inlet 
temperature. Conversely, due to the limitations of the oil pump, it was not possible to 
run the thinner oils at flow rates higher than 2 l/min. 

Power losses in the system as a whole (the two support bearings as well as the test 
bearing) are measured via the frequency converter unit. This provides a means of 
comparing relative losses due to friction for each of the test fluids. Fig. 7 shows the 
results obtained during tests with an applied load of 2 MPa at 1000, 1500 and 2000 rpm. 

It is clear that losses are affected by the VI of the fluid. For all three EALs, losses 
increase with speed at a greater rate than for the mineral oils. However, this must be 
kept within perspective – the difference between corresponding values is not 
considerable. Indeed, at the lowest speed there is no real difference. Again, this follows 
the predicted behaviour as dictated by the high VI value. The VG68 mineral oil 
continues to show highest losses for all test cases. 
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Figure 7. Power losses in the system at 2 MPa load 

An indication of minimum oil film thickness measured in the bearing, i.e. the minimum 
clearance between the shaft and bearing at given load and speed, is shown in Figs. 8 and 
9. In this case, a correction has been made for thermal expansion of the shaft using the 
recorded temperature data. A temperature value obtained from half the difference 
between the maximum and minimum values measured in the bearing and a reference 
value (taken as the oil inlet temperature, 40ºC) is used to calculate variation of the radial 
gap between the shaft and bearing. This is then used to correct readings taken from the 
two inductive sensors installed in the test rig. This correction is applied with reference 
to data for bearing and shaft temperatures given in [6,9]. A favourable comparison is 
found between results obtained here for the VG32 mineral oil and those in [10] for the 
same type of fluid. 
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Figure 8. Minimum oil-film thickness at 2000 rpm and loadings 1, 1.5 and 2 MPa 
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Figure 9. Minimum oil-film thickness at 2 MPa and speeds 1000, 1500 and 2000 rpm. 

Results given here cannot be taken as absolute values since certain factors, such as
thermal expansion and pressure effects on the facing material, have not been determined 
exactly. However, these plots provide a means of comparing results obtained for the 
bearing with the different lubricating fluids at the given operational settings. 

The correction for thermal expansion does not incorporate any allowance for bearing / 
housing expansion as this is not deemed necessary. Due to the shear bulk of the bearing 
housing (width 450 mm, height 745 mm, mass 400 kg), combined with the fact that the 
incoming oil circulates around the housing before entering the bearing, thereby 
providing effective cooling, it is not thought that the housing warms up to any notable 
extent. A constant temperature of < 40 ºC is maintained in the housing material. On the 
other hand, shaft temperature can reach higher values, hence its inclusion in the 
temperature correction. This has the effect that the radial clearance effectively reduces 
slightly as temperature increases. Two views of the bearing housing are given in Fig. 10 
illustrating the non-symmetrical form and large dimensions.  

Figure 10 a) and b). Bearing housing. The visible shaft section has diameter 268 mm. 
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From Figs. 8 and 9 it can be seen, as expected, that the thickest oil (VG68 mineral) 
gives the thickest oil film in each load / speed case. For all the test fluids, an increase in 
speed or decrease in load results in increased minimum film thickness. It is also clear 
that VI plays an important role as load and speed are increased.  

Comparing the different oils, measurements for the synthetic ester are in line with those 
seen for the VG46 mineral with slightly thicker values for the ester at higher load / 
speed. The rapeseed fluid also demonstrates similar readings at lower load / speed 
settings. The higher VI of the fluid is demonstrated by the thicker film seen at high load 
and speed. This is also seen for the PGD in comparison with VG32 mineral. 

A viscosity-temperature diagram for the test fluids is shown in Fig. 11. From this it can 
be seen that the higher VI of the EALs gives similar viscosity at elevated temperatures 
compared to corresponding mineral oils. The value for the synthetic ester eventually 
converges with that for VG46 mineral at approx. 115 ºC. However, in the temperature 
range of specific interest (40 – 100 ºC), it can be seen that viscosity of the synthetic 
ester lies between those of the VG32 and VG46 mineral oils.  

Figure 11. Plot of Dynamic Viscosity v. Temperature for the four test fluids 

At the same time, referring back to Figs. 3, 4 and 5, maximum temperatures for the 
synthetic ester and rapeseed fluids are seen to be marginally lower than those for the 
VG46 mineral oil. These results are due to a combination of the higher VI and heat 
capacities of the EALs. Heat capacity data available for the mineral oil shows a value of 
approximately 1.74 x 106 JK-1m-3 while a value of 1.84 x 106 JK-1m-3 is found for 
rapeseed oil [11]. The corresponding value for the synthetic ester is 1.85 x 106 JK-1m-3.
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The results obtained allow us to conclude that high VI fluids can adequately match the 
performance of mineral oils with higher viscosity grade. In this respect the three EALs 
tested perform well in comparison with the mineral oils. 

In commenting on the rapeseed base fluid, it should be noted that utilisation of such 
vegetable base fluids is restricted, for example to lower temperature applications, due to 
factors relating to their chemistry such as oxidation and hydrolysis. In tests to measure 
oxidative stability, e.g. Baader test DIN 51554 part 3, rapeseed oils display considerably 
shorter life-times when compared to those found for synthetic esters [12].  

5  CONCLUSIONS 

It is clear from the results obtained that the EALs function satisfactorily in comparison 
with the mineral oils tested in this particular bearing arrangement. The synthetic ester 
fluid exhibits characteristics very close to those found for VG46 mineral oil. At the 
higher loads and speeds in particular it demonstrates lower temperatures, a more 
favourable viscosity distribution along the film and comparable minimum oil film 
thickness values to the mineral oil. 

The PGD fluid has been shown to perform well at the higher loads and speeds in terms 
of minimum film thickness and power losses when compared with VG32 mineral oil. 
This is equally true for the rapeseed base fluid when compared with VG68 mineral oil. 

Viscosity Index is seen to play an important role, together with heat capacity, in 
producing a thicker oil film. This suggests that it may be possible to replace lubricants 
in certain applications with thinner, high VI fluids.
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ABSTRACT

The influence of pad facing material on hydrodynamic lubrication in tilting-pad thrust 

bearings is investigated in terms of pad and oil-film temperatures and oil-film thickness. 

Two tilting-pad thrust bearings are examined: one with babbitt pad facing, the other 

with a layer of a PTFE based composite material. Frictional torque, pad, collar and oil-

film temperatures and oil-film thickness are all monitored by means of a comprehensive 

array of sensors mounted in the bearing and shaft.  

A considerably smaller range of temperature is seen in the steel backing immediately 

below the surface material for the PTFE faced pads. Oil-film temperatures measured at 

the mid-point on the pad trailing edge show no significant difference between the two 

bearings. Oil-film thicknesses in the two bearings are seen to differ. At the leading edge, 

oil-film thickness is thinner for the PTFE pad than for babbitt. However, at the trailing 

edge the PTFE pad has the thicker film. 

1 INTRODUCTION

Since the first tilting-pad thrust bearing was brought into service in 1907, loads and 

operating speeds have increased dramatically. This has necessitated continual 

modification of bearing designs to cope with these increased demands. 

Temperature is a fundamental limiting factor for safe bearing operation. With elevated 

temperatures the pad surface material begins to lose strength. If this loss of strength 

exceeds a critical point, machinery damage and even seizure can occur since the 

material can no longer perform its intended function.  

An additional effect of higher temperatures is seen from heat flow through the pad 

thickness resulting in a thermal gradient. This in turn induces thermal deformation 

(crowning) of the pads. Although this can be beneficial for the operation of offset pads 

and is essential for centrally pivoted pads [1], excessive crowning is undesirable. 

Indeed, harmful effects of thermal crowning in large bearings in hydroelectric turbines 
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are described in [2]. Here it was shown that thermal deflections in large bearings could 

be several times larger than minimum oil film thickness. 

Excessive pad temperatures and thus thermal crowning can be reduced through the use 

of pad facing materials with low thermal conductivity (i.e. insulators). Apart from 

controlling thermal crowning, bearing performance can be improved by using a non-

rigid working surface. Local deformation relieves pressure through improved 

distribution. The formation of a concave surface as opposed to the convex seen with 

crowning means lubricant is held in the contact area more effectively and edge 

cavitation problems are less likely to occur. PTFE has been attracting attention for a 

number of years in this application due to its outstanding physical and chemical 

properties.

A number of studies have been carried out into the influence of PTFE on the operation 

and performance of thrust bearings, with specific emphasis on hydropower applications. 

Russian researchers showed that the performance of large bearings can significantly 

improve if PTFE is applied as a pad facing in combination with metal wire mesh, as 

proposed in [3]. This facing has proved to be very efficient for large thrust bearings 

having been successfully employed in hydroelectric power stations in the former Soviet 

Union since 1974 [4]. Despite these statements, a lack of published scientific data in 

regard to the Russian bearings means that little is actually known about their operational 

characteristics.

A PTFE faced bearing was tested [5] under a wide range of operating conditions with 

loads up to 10.1 MPa and sliding speeds reaching 35.5 m/s. To achieve high load, the 

normal compliment of eight pads was reduced to four, grouped in two pairs to achieve 

the same mixing of hot and cold oil before the downstream pair as with a full 

compliment. Inlet temperature for ISO VG68 oil was 43 C. A number of thermocouples 

were installed 3mm below the working surface of the two downstream pads. Resultant 

pad temperatures were almost identical to those measured in babbitted pads with a 

similar geometry. However, given that PTFE has a thermal conductivity 176 times 

lower than babbitt, it is unclear as to how this result was found.

Further test results for this PTFE bearing were reported in [6]. Superior performance 

was found only at high loads. At normal loads the PTFE bearing behaved in a similar 

manner to conventional babbitted bearings. This may depend on stiffness of the wire 

mesh layer. The higher the stiffness, the higher the loads at which the superior 

performance is apparent. In an attempt to take the bearing to failure, loads of up to 20 

MPa were applied in conjunction with pad thinning to induce bending and hence higher 

peak pressures. The bearing continued to operate despite evident wear of the surface. 

Moreover, when loads were reduced to normal levels the bearing operated as before.

Temperature and power loss for PTFE faced pads were investigated in [7]. Results 

showed noticeable insulating effects of the PTFE, holding down temperatures in the pad 
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backing material. Small improvements in power loss were evident under certain 

operating conditions. Shaft collar temperatures for the two bearings had similar radial 

distributions although operating temperatures for PTFE were observed to be higher than 

for babbitt. A similar investigation was performed in [8]. However, sensor mountings 

are not fully described so direct comparisons are difficult to make. 

Comparisons between PTFE and babbitt faced bearings were made by Ettles et al [9]. 

This looked at pad face temperature, oil film pressure and thickness as well as material 

creep and wear by means of practical experimentation and computer modelling. Oil-film 

temperatures for the PTFE pad were measured at loads of 7-10 MPa using an exposed 

thermocouple near the pad trailing edge. These showed values similar to those found 

just below the babbitt pad surface. Similar values were also found for power loss. 

Temperatures within the pad body were seen to be markedly lower for the PTFE faced 

bearing. Distribution of computed temperature, pressure and film thickness values 

across the pads are presented for PTFE and babbitt for two pad sizes. These show a 

tendency for a uniform film thickness across the central portion of the PTFE pad as well 

as improved pressure distribution. 

An FEM model of a PTFE faced bearing was investigated in [10]. This showed some 

improvement in bearing performance if a PTFE-like resilient facing material is 

employed. In a comparison with babbitt, the model showed reduced maximum oil-film 

pressure and power loss whereas no change was seen in minimum oil-film thickness. 

The model also predicted substantially lower temperatures in the steel backing of the 

PTFE faced bearing. 

From the available literature it is clear that test data is available regarding pad and shaft 

temperatures. This has already been utilised in constructing TEHD and other models. 

However, data from experiments for oil-film thickness and temperature is lacking. If 

more accurate modelling is to be possible, this must also be obtained. Therefore the 

purpose of this study is to quantify the effect of a PTFE composite facing material on 

oil-film temperature and thickness within the bearing and consequently on bearing 

operation. Comparison is made with results from a simultaneous examination of a 

babbitt faced bearing. 

2 DESCRIPTION OF TEST EQUIPMENT

2.1 Hydrodynamic bearing test rig

The same thrust bearings and test rig as employed in [7] and [11] are utilised in this 

study. Two test bearings are loaded back-to-back against corresponding collars, integral 

parts of the main shaft. The requisite load is applied by means of four hydraulic 

cylinders located in the space between the two bearing holders. A full description of the 

apparatus, including a general arrangement drawing, can be found in [12].
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2.2 Test bearing 

Details relating to the physical dimensions of the test bearing are listed in Table 1. The 

bearing is a standard production unit and as such is representative of commercially 

available equipment.  

Table 1. Test bearing characteristics 

Outer diameter, mm 

Inner diameter, mm 

Number of pads 

Bearing area, mm
2

Pad angle, degrees 

Pivot type 

228.6

114.3

6

26130

50

spherical

Pad thickness, mm 

Facing thickness (babbitt), mm 

Facing thickness (PTFE), mm 

Collar thickness, mm 

Pivot position (offset), % 

25.5

~0.6

~1.4

51

60

2.3 Instrumentation 

The thrust bearings examined during this study have been equipped with a significant 

number of sensors to provide as comprehensive a set of data for performance 

characteristics as possible. Fig. 1 shows the location of sensors within the bearings 

during mixed pair (one PTFE, one babbitt) tests. Sensors are also mounted in the shaft 

and housing. 

Figure 1. Location of sensors installed in (a) the PTFE and (b) babbitt faced pads during 

mixed pair (PTFE-babbitt) tests. The positioning of thermocouples under the pad 

surface (all tests) is shown in Figure 1(c). 

Sensors T22, T24, T31 and T32 are measure oil-film temperature and h1 and h3 oil-film 

thickness. The remainder are used for measuring temperature in the pad backing 

immediately beneath the facing material. All thermocouples are mounted in the backing 

material (steel) to avoid the risk of introducing weaknesses in the surface material. 
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Sensors for measuring oil-film temperature are specially mounted [13] so that oil 

“tapped” from the film comes into direct contact with the sensor. This is particularly 

important in the case of the PTFE faced bearing. Full details of the sensors and their 

arrangement can be found in [13].  

The oil-film thickness sensors (capacitive) are of a metal / ceramic construction with a 

standard M4 thread. The two sensors are mounted at the 50% radial position, at a small 

displacement from the leading and trailing edges respectively as shown in Fig. 2.

Figure 2 – Location of oil-film thickness sensors on the pad surface.  

The tip of the sensors is set at a slight displacement (no greater than 0.01mm at 

maximum) beneath the pad surface so an output voltage reading will still be observed 

should the pad come into direct contact with the surface of the steel collar. This also 

eliminates any risk of the hard ceramic causing abrasive damage to the collar. More 

complete details about these sensors and a description of the calibration technique used 

for this specific application can be found in [14] and [15].

Table 2 provides details of the uncertainty in measurements for the various sensors. 

Table 2. Measurement uncertainty 

Temperature, C

 Thermocouple (type J) 

 Thermistor  

Friction torque, Nm 

   

 1.0 C

 0.3 C

 0.2 % 

   

Bearing load, MPa 

Rotational speed, rpm 

Flow rate, l/min 

Oil-film thickness, μm

    

 1.0 % 

 0.1 % 

 0.5 % 

 3.0 % 

Data from the various sensors and other monitoring equipment is logged by means of a 

PC based modular data acquisition unit. This is identical to that described in [12].

3 EXPERIMENTAL PROCEDURE

Experiments carried out during the course of this study involved the testing of a mixed 

bearing pair (one PTFE, one babbitt). This method allows for some immediate 

comparisons to be made. Data was also obtained from experiments where identical 
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“matched” bearings (i.e. two babbitt or two PTFE) were mounted in the test rig. These 

allowed monitoring of power loss by measurement of frictional torque, as shown in [7]. 

Each test sequence begins by setting the speed to 1500rpm and load to 0.5 MPa. Once 

thermal equilibrium is attained, i.e. when variation in collar and pad temperature does 

not exceed 0.2 C during a period of 15 minutes, the various variables are measured. 

The next step is to increase speed stepwise, through increments of 500rpm, up to 

3000rpm at the same load. Experimental data is also generated through stepwise speed 

decreases. This removes questions about thermal cycling. The difference in measured 

data is found to be within the accuracy of the measuring instruments. The same 

procedure is repeated for different load whilst maintaining constant speed. 

Mineral oil ISO VG68 was used in all tests. Oil properties are shown in Table 3. For all 

tests, oil is supplied at constant temperature and constant flow rate. For the majority of 

tests carried out during this study, oil is supplied at 50 C ( 0.3 C) and at a flow rate of 

15 l/min ( 0.1 l/min). However, some tests have also been carried out with oil supply 

temperatures 30ºC, 40ºC and 60ºC in order to assess the impact on bearing performance. 

Table3. Lubricant characteristics (ISO VG68 mineral oil) 

Density, kg/m
3

Viscosity at 40 C, Pas 

Viscosity at 100 C, Pas 

861

60.7

7.4

4 RESULTS AND DISCUSSION 

Results for pad, collar and oil-film temperatures and oil-film thickness have been 

collected from tests carried out with babbitt and PTFE faced thrust bearings. Results for 

the PTFE faced pads were obtained from two sets of experiments carried out using a 

“matched” as well as a mixed bearing pair.  

4.1 Pad and oil film temperature

Fig. 3 illustrates temperatures across the babbitt and PTFE faced pads respectively.  

62.4

93.1

63.5

-

63.4

64.0

63.5

62.7

61.2

63.4
91.7

93.4

84.9

77.0

79.4

77.0

62.7

63.4

64.3

90.3

PTFE Babbitt 

Figure 3 - Temperatures in the pads at 3000rpm and 2.0MPa. 
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This data is taken from matched bearing pair tests. Temperature sensor arrays as 

illustrated in Fig. 1(b) were utilised for both cases. Values were measured in the steel 

backing immediately beneath the facing material. However, the point located at the left 

hand side of the PTFE diagram at the 50% radial position (93.1ºC) shows oil-film 

temperature at the trailing edge (the trailing edge is on the left in both diagrams).. 

From this data it can be seen that the temperature range across the PTFE faced pad is 

considerably smaller than for the babbitt. This difference applies in both the radial and 

circumferential axes. Looking at the pad as a whole, values for the PTFE faced pad 

differ by 2.8ºC from lowest to highest value compared to 29ºC for babbitt. This 

difference in temperatures changes with load and speed. The PTFE composite provides 

excellent thermal insulation acting as a barrier preventing heat transfer from the oil film 

to the steel pad backing material. This in turn means thermal crowning is minimised and 

hence bearing load capacity can ultimately increase.  

Fig. 4 shows a typical set of results for oil-film temperature as obtained at different 

speed and load settings. The values indicated are an average of readings from the two 

sensors in each bearing (see Fig. 1). Examining this data reveals that despite the 

insulating effects of the PTFE, no major impact on oil temperature at the mid-radius of 

the pad trailing edge is discernable. At lowest load, 0.5MPa, oil temperatures for PTFE 

pads are higher by approximately 6-8ºC. Conversely at the highest load setting, 2 MPa, 

and depending on shaft speed, the temperature can be lower than that seen for babbitt.

Shaft speed / rpm

1500 2000 2500 3000

Temperature / oC

72

76

80

84

88

92

96

Babbitt 1.5MPa

PTFE 1.5MPa

Babbitt 2.0MPa

PTFE 2.0MPa

Applied load / MPa

0.5 1.0 1.5 2.0

Temperature / oC

59

65

71

77

83

89

95

Babbitt 1500rpm

PTFE 1500rpm

Babbitt 3000rpm

PTFE 3000rpm

Figure 4 – (a) Oil film temperature as a function of speed at loads of 1.5 and 2.0 MPa 

and (b) as a function of load at speeds of 1500 and 3000rpm 

It can be seen that values tend to level off as load is increased. This ties in with 

computed data in [9] and can be attributed to changes in geometry due to increased 

deformation. Pressure redistribution can produce a convex pad surface. If, as suggested, 

pressure is distributed more evenly and a uniform oil-film is built up across the pad face 

then the shear rate will reduce, thereby reducing the rate of oil-film temperature change.  
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By looking at oil discharge temperatures, marginal differences can be observed in 

power loss values for the two bearings. Slightly lower temperatures for the PTFE 

bearing infer correspondingly lower power loss. However, this is only seen for certain 

operating conditions, principally at high load and high speed. An explanation for this is 

excess cooling at lower speed and load due to an oversupply of oil (the same supply rate 

being used in all tests). As load and speed increase, oil in the film for the PTFE bearing 

experiences a greater reduction in viscosity than with babbitt as a result of less loss of 

heat (insulating effects). Film temperature readings at the mid-radius of the trailing edge 

seem to oppose this suggestion but collar temperatures at high load and speed, measured 

at the 25 and 75% pad radial positions, show slightly higher temperatures for the PTFE 

faced bearing than those for the babbitt, as is illustrated in Fig. 5.  

Shaft speed / rpm

1500 2000 2500 3000

Temperature / 
o
C

67

71

75

79

83

87

R25 Babbitt

R25 PTFE

R75 Babbitt

R75 PTFE

Applied load / MPa

0.5 1.0 1.5 2.0

Temperature / 
o
C

68

72

76

80

84

88

R25 Babbitt

R25 PTFE

R75 Babbitt

R75 PTFE

Figure 5 – Collar temperature at the 25 and 75% pad radial positions (a) as a function of 

speed at 2.0 MPa and (b) as a function of load at 3000rpm 

This ties in with the theory for reduced power loss at these settings whereby a slightly 

higher temperature leads to lower lubricant viscosity and hence shearing force demands. 

A temperature difference exists in the oil nearer the steel collar surface for the two 

bearings, relating well to findings in [9] using numerical methods (although the opposite 

for experimental measurements from the same study). 

4.2 Oil film thickness 

Looking at oil-film thickness there is a clear difference in measurements for the two 

bearings at all speed / load settings. Fig. 6(a) gives a graphical representation of values 

seen at a load of 2 MPa whilst Fig. 6(b) illustrates readings for a shaft speed of 3000 

rpm. In comparison with babbitt faced pads, leading edge values for PTFE are smaller 

and trailing edge values larger. This means that the angle between the shaft collar and 

pad surface is smaller than that seen for babbitt. This difference, even though it alters 
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with speed and most noticeably with increases in load, remains consistently relatively 

large. Deformation of the PTFE layer due to oil film pressure is a contributory factor.  

Shaft speed / rpm

1500 2000 2500 3000

Oil film thickness / μm

10

20

30

40

50

60

70

80

Babbitt - leading edge

PTFE - leading edge

PTFE - trailing edge

Babbitt - trailing edge

Applied load / MPa

0.5 1.0 1.5 2.0

Oil film thickness / μm

0

20

40

60

80

100

120

140

Babbitt - leading edge

PTFE - leading edge

PTFE - trailing edge

Babbitt - trailing edge

Figure 6 – (a) Oil-film thickness as a function of speed at a load of 2.0 MPa and (b) as a 

function of load at a speed of 3000rpm. 

In varying the oil supply temperature it was seen that, in general, film thickness at the 

trailing edge decreased with increased temperature and vice versa. It was also seen that 

oil supply temperature has a greater effect on film thickness for the babbitt faced pads. 

At load 1MPa, speed 1500rpm and oil supply temperature 30ºC, film thicknesses at both 

leading and trailing edges for the babbitt faced bearing are approximately 26% thicker 

than for 50ºC whilst the differences are only 9% at the leading and 6% at the trailing 

edge for the PTFE faced pads. In all test cases, the percentage change for the babbitt pad 

trailing edge was very close to that at the leading edge. However, PTFE bearing values 

did not exhibit such a relationship. Indeed, whilst thickness at the leading edge changed 

by between 5 and 10%, values at the trailing edge adjusted by only 1 to 7%.

5 CONCLUSIONS

Oil-film temperature and thickness have been investigated for an offset tilting-pad thrust 

bearing with a novel PTFE composite facing. Conclusions that can be drawn from this 

series of tests refer to comparisons with data obtained for plain babbitt bearings.

Oil-film temperature values measured at the mid-radius near the pad trailing edge 

for the PTFE and babbitt faced pads do not differ significantly given identical 

operating conditions despite the powerful insulating effect of the PTFE layer. 

Oil-film thicknesses are influenced by pad facing material resulting in a thinner film 

at the leading edge and thicker film at the trailing edge for the PTFE faced pad in 

comparison to the babbitt faced pad. 
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Oil supply temperature has a different influence on oil-film thicknesses and the 

angle of pad tilt for the two facing materials. A thicker film at the trailing edge is 

maintained for the PTFE faced pad.  
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ABSTRACT

Polymer composites are employed as facing materials in hydrodynamic bearings for 
their low friction and “compliant” properties which play an important role during 
machinery operation. In journal bearings, this low friction property can be of significant 
importance during start and stop cycles when insufficient oil is available to fully 
separate the surfaces in relative motion. Current work is aimed at determining a suitable 
material for use in hydrodynamic journal bearings. This study investigates friction and 
wear encountered during the transition from the stationary state to operational speed 
(acceleration) during initial start-up. This is examined for virgin PTFE together with a 
series of commercially available PTFE-based composites and a babbitt material in 
boundary / mixed lubrication conditions. Tests are performed using a standard 
laboratory block-on-ring test apparatus with a VG32 mineral oil.  

1 INTRODUCTION 

The advantages associated with polymer composites in respect to bearing applications 
have been extensively studied and researched in recent times [1]. Polymers such as 
poly-tetra-fluoro-ethylene (PTFE) have raised considerable interest when selecting 
materials for such applications. In the main, this is due to their inherent characteristics 
such as low coefficient of friction, a desirable factor in both dry (unlubricated) and 
boundary / mixed lubricated contacts.   

A considerable number of studies have been carried out to examine the friction and 
wear characteristics of PTFE and other polymer composites. A review of these can 
found in [2,3] However, despite the amount of published work, relatively little has been 
done in investigating oil lubricated contacts.

The stop / start stage is of particular interest since hydrodynamic bearings are most 
susceptible to damage during periods of transient operating conditions. Polymer 
materials can offer a potential solution to improve bearing operation and performance 
without sacrificing integrity. 



2

Babbitt (white metal) is a relatively soft material, an amalgam of metals such as tin, 
copper and antimony, traditionally used as a facing material in hydrodynamic thrust and 
journal bearings. It provides a layer of material that it is easily “smeared” and can take 
care of small particles that may find their way into the oil film / contact region, reducing 
the risk for damage to the bulk material of the bearing. These properties, while positive 
for the application, mean that it is prone to wear should contact occur between shaft and 
bearing.

Wear in a lead-bronze alloy hydrodynamic journal bearing as a result of repeated start / 
stop was studied in [4]. This showed wear occurring only during the start-up phase. 

In our previous study [5], a PTFE / glass fibre composite was utilised as a facing 
material for the pads of a tilting-pad thrust bearing. Results from laboratory tests using 
this bearing showed improved operational performance when compared with that for an 
identical bearing with a babbitt facing material. 

Further investigations regarding PTFE faced thrust bearings were performed in [6,7]. 

In [8], a series of tests were performed at a constant sliding speed of 10.2 m/s and 
varying load (49-1192 N) under lubricated conditions in a block-on-ring contact to 
compare friction and wear values for PTFE, PTFE composites and a babbitt material. 
The PTFE composites were seen to perform better than the pure PTFE and babbitt 
under severe lubricated sliding conditions.

Friction and wear coefficients of polymer composites are strongly affected by the type, 
quantity and orientation of filler materials, the most common forms being fibres and 
particles. In [9] it was found that inorganic (metal) filler has the ability to reduce PTFE 
wear. Decomposition of the filler was found to lead to bonding between the transfer 
film and counterface making the transfer film more difficult to remove. This bonding, 
combined with stability of the transfer film, was found to be important for wear 
reduction.

A number of experiments have been carried out to examine the relative merits of 
different polymer materials [10,11,12]. These have led to the development of a PEEK 
(polyether-ether-ketone) and carbon fibre composite specifically for use as a facing 
material for hydrodynamic thrust bearings.  

Advantages with using a polymer facing material are seen to include the possibility for 
elimination of the requirement for “oil-jacking” during the machinery start-up phase. 
This is of particular relevance to large machines such as hydroelectric turbines which 
are regularly subjected to rapid “on demand” start-ups. This need for a means of 
eliminating contact between shaft and bearing also applies to large gas and steam 
turbines. During the procedure to stop such machinery, a period of slow running is 
necessary to allow the shaft to cool sufficiently in order to reduce the thermal 
deformation incurred during operation.  
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Little has been written concerning oil lubricated contacts in the start / stop transient case 
[4], specifically for hydrodynamic bearing applications such as those found in 
hydroelectric power plant. The aim of the present study is to assess the suitability of a 
series of polymer composite materials for employment as a facing material in a (fluid 
film) journal bearing. Given that initial conditions at start-up can be such that there is a 
dry, loaded, linear contact between the shaft and bearing, wear of the material and 
coefficient of friction are important factors in the first stages of machinery motion. Both 
values should be kept low to provide the equipment with as long a working lifetime as 
possible while meeting all operational requirements. 

Experiments have been carried out in order to assess the performance of the composite 
materials in comparison with babbitt in dry start-up and boundary / mixed lubrication 
conditions for specific material pairings. 

2 MATERIALS AND EQUIPMENT 

All tests referred to in this paper are performed using commercially available polymer 
composite materials, loaded in a contact against common carbon steel. The materials 
have been chosen due to their ready availability and they form a good baseline for 
future development work. Details of the polymer composites are given in Table 1 
below. The steel ring has an initial surface roughness, Ra, value of ~ 0.8 µm. The 
lubricant used in all tests is an ISO VG32 grade mineral turbine oil. Both ring and block 
are cleaned in an ultrasonic bath prior to testing. 

Table 1 – Test materials  

Material Denotation
Virgin PTFE PTFE 
PTFE + 40% bronze  PB 
PTFE + 25% carbon PC 
PTFE + 25% black glass PBG 
PTFE + 20% glass fibre + 5% Mo PMo 
PEEK + PTFE + carbon PEEK 
Babbitt (white metal) Babbitt 

Experiments are performed using a standard block-on-ring apparatus, as illustrated in 
Fig 1. This method is used as it is seen to be representative of the contact configuration 
found in a journal bearing. A sample of the polymer composite (1), 12.5 mm long x 7.5 
mm wide, is loaded against the outer circumferential surface of a rotating steel ring (2).  

The steel ring has an outer diameter of 40 mm and width 9.2 mm. Lubrication is 
supplied by means of a “drip feed” (3) in order to continuously supply clean oil to the 
contact. It should be noted that in this configuration, the contact is initially dry as the 
lubricant does not enter the contact until part of the first revolution has been completed. 
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The set-up used here is similar to that used in [8] although the load is applied vertically
rather than horizontally. 

Figure 1 – Schematic diagram of block-on-ring test apparatus showing oil drip feed. 

3  EXPERIMENTAL PROCEDURE 

For the tests carried out in this study, a load of 12 kg (118 N) is applied to the stationary 
ring. The ring is then accelerated to a final rotational speed of 1500 rpm (equivalent 
sliding speed 3.13 ms-1). Each test sequence is run for a further period of 15 - 20 
seconds once full speed has been reached. These settings have been chosen after 
performing tests to establish the maximum load / speed combination possible for the 
equipment with the specific materials being tested.  

The first series of tests investigates peak “break-away” friction values for four materials 
(PTFE, PB, PC and Babbitt) at ten different acceleration rates. The same block and ring 
pairing for each material is used with all ten acceleration rates. Each test series begins 
with the slowest rate and continues with steadily increasing values. Acceleration is 
defined by the time required to reach 1500 rpm, namely: 25, 20, 18, 16, 14, 12, 10, 8, 6 
and 4 seconds. These correspond to accelerations rates of 0.125 - 0.783 ms-2.

Following each test run, the ring is stopped and oil and debris cleaned from both contact 
surfaces using a paper cloth and white spirits. More thorough cleaning of the surfaces is 
not deemed possible as this would require dismantling of the components and hence 
lead to possible mismatching of the contact surfaces upon reassembly.  The test process 
is then repeated with the next acceleration rate. 

A further set of experiments, using all 7 materials, has been performed to examine more 
closely the “break-away” friction at start-up for an acceleration rate of 0.52 ms-2,
representative of typical start-up acceleration in hydroelectric turbines. Immediately 
prior to start-up, the block is loaded against the ring which is then accelerated to 1500 
rpm. This first run gives a “dry” start-up friction value. The load is then removed and 
the ring stopped. Once the ring is stationary, the load is reapplied and the process 

Direction
of rotation 

Applied load 

2

3 1
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repeated. This gives a “wet” start value for the friction coefficient. A final test is 
conducted at half load (6 kg, 59 N).

Relative material loss due to wear is examined both visually and by measuring the 
weight of the blocks prior to and after testing. Relative wear volumes and hence specific 
wear rates are then calculated using material density values. 

4  RESULTS AND DISCUSSION 

In all tests cases, an initial peak is seen for the coefficient of friction. This is particularly 
apparent for the first test run with each material, principally due to the initial dry nature 
of the contact. In certain cases the initial peak value can be almost twice that seen only a 
further couple of seconds into the test (see Figs 2 a and b).  
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0.10
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0.20
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0.30
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Figure 2 – Coefficient of friction for initial “dry” test-runs for a) PTFE and b) babbitt 

A sharp friction peak at the test start can clearly be seen in both illustrated cases. Values 
consequently drop as the surface wears in and lubricant is drawn into the contact.  
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In investigations performed with the babbitt material, friction results for the initial test 
runs show coefficient of friction values in the range 0.223 - 0.356, considerably higher 
than those found for the polymers.  

A summary of “dry” start test results is given in Table 2 (average values). The data is 
illustrated in graphical form in Fig. 3. In this operational case, acceleration rate appears 
to exert an influence on the coefficient of friction – in general, values increase with 
acceleration rate. 

Table 2 – Average peak coefficient of friction at dry start-up for two acceleration rates. 

PTFE PB PC PBG PMo PEEK Babbitt
0.125
ms-2 0.136 0.147 0.145 - - - 0.235 

0.52
ms-2 0.157 0.142 0.157 0.211 0.182 0.143 0.325 
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Figure 3 - Peak coefficient of friction values at dry start-up (data from Table 2) 

Table 3 – Peak coefficient of friction values at start-up at each acceleration rate. 

 Acceleration time (seconds) 
 20 18 16 14 12 10 8 6 4 

PTFE 0.101 0.083 0.078 0.064 0.109 0.078 0.077 0.080 0.106 
PB 0.095 0.115 0.085 0.099 0.086 0.094 0.093 0.088 0.086 
PC 0.097 0.095 0.096 0.097 0.101 0.094 0.092 0.098 0.093 

Babbitt 0.128 0.124 0.113 0.124 0.124 0.161 0.105 0.154 0.124 

Table 3 shows results obtained from the first series of experiments, recording the peak 
coefficient of friction values for a range of acceleration rates. These values are also 
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illustrated in Fig. 4. Results for the first (“dry”) test are not included. As stated 
previously, the contact was cleaned between each test i.e. excess lubricant was removed 
along with any wear debris remaining on the surfaces. 

Values given in Table 3 show no clear effect from changing acceleration rate other than 
a drop from the initial high value measured during the first (“dry”) run in each series. 
This may be due to some lubricant remaining on the material surfaces or through 
material transfer from the softer test material onto the steel ring.  
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Figure 4 – Summary of peak coefficient of friction values as given in Table 3. 

The theory concerning transfer of material from the block to the steel ring is backed up 
by measurements showing that the steel rings gain mass during the tests. Comparing the 
relative mass loss / gain for the block and ring respectively reveals that the loss of mass 
from the block is greater than or equal to the gain for the corresponding ring. This is 
true for all test cases. This will obviously have an impact on friction values following 
the initial “running-in” whereby the contact may change to a polymer–polymer junction. 
Visual observations during the initial test run with the babbitt material clearly show 
wear and transfer to the surface of the steel ring.  

Tables 4 and 5 give friction data for the “wet” start tests. Values in Table 4 are for a test 
immediately following the first (“dry”) run while those in Table 5 show data for a 
second, subsequent “wet” start, this time at half the load (6kg). Unlike in the first set of 
acceleration tests (Table 3), the contact surfaces were not wiped clean between each 
run. Therefore lubricant remains within the contact region (although it is squeezed out 
when the load is re-applied) as well as, possibly, some wear debris. 

From the measurements listed in Tables 4 and 5, the fact that different loads have been 
used does not appear to have any influence on friction values under wet start conditions. 
Differences between values for the different materials are also seen to be relatively 
small with similar values for all the materials. 
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Table 4 – Average peak coefficient of friction at “wet” start, 12kg loading. 

PTFE PB PC PBG PMo PEEK Babbitt
0.099 0.095 0.111 0.107 0.096 0.109 0.116 

Table 5 – Average peak coefficient of friction at “wet” start, 6kg loading.

PTFE PB PC PBG PMo PEEK Babbitt

0.105 0.092 0.096 0.119 0.104 0.112 0.121 
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Figure 5 – Comparison of “wet” start friction values (data from Tables 4 and 5) 

The lower friction values for babbitt seen in Fig. 5 (in comparison to those found for dry 
start) can be explained by referring to the photograph of the worn material in Fig. 6.  

Figure 6 – Worn surface of the Babbitt material showing wear “grooves” 

As can be seen in the picture, the surface is crossed by a series of grooves, the result of 
the surface roughness of the ring. This groove pattern is not seen on the polymer 
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materials to this extent. It is thought that these grooves retain more oil in the contact at 
wet start thereby reducing friction by a greater amount than may otherwise be the case.

The plot in Fig. 7 gives the specific wear rates for the materials calculated from weight 
loss measurements. The composite materials are clearly seen to outperform both pure 
PTFE and the Babbitt material. 
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Figure 7 – Comparison of specific wear rates for the test materials (calculated from 
weight loss measurements) 

Fillers can often play a double role: on one hand helping to bind the matrix material, 
combating creep and increasing tensile and compressive strength while on the other 
contributing properties of their own such as a means of building up a more effective 
transfer layer during sliding or a more conducive contact layer. By using scanning 
electron microscopy to examine the microscale, the filler materials are investigated 
more closely. 

Carbon (graphite) is a solid lubricant and has been shown to reduce PTFE wear in both 
dry and lubricated contacts for thrust bearing applications [13]. In Fig. 8a, the PTFE / 
carbon composite does not appear to show much change in structure following wear.

For PB (Fig. 8b) it appears that the bronze material is not actually removed from the 
composite (unlike the PTFE matrix) but rather smeared across the contact forming a 
copper rich layer (confirmed by elemental analysis in the SEM). Given that the bronze 
has a much higher density than the PTFE, wear measurements using weight difference 
are sensitive to the relative component material loss. 

Such a “smearing” effect is also seen for the PEEK based composite in Fig. 8c, 
apparently forming a PTFE enriched layer seen by the areas of lighter shading. The 
formation of a friction reducing PTFE film on the surface was seen for a similar 
material in dry running [14]. Wear scar width measurements suggest that the PEEK 
composite wears the least (it exhibits the narrowest wear scar).  
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a) unworn PC a) worn PC 

b) unworn PB b) worn PB 

c) unworn PEEK c) worn PEEK 

d) unworn PBG d) worn PBG 

Figure 8 – SEM micrographs of the material structure in the unworn and worn regions. 
Arrows show ring rolling direction. 
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Of all the composite materials, PBG is seen to give the highest friction at dry start. 
From the SEM images for this material in Fig. 8d), it can be seen that the glass fibres at 
the surface have been sheared through, in both the axial and the cross-sectional planes. 
In [15] it was found that the behaviour of fibres at the worn surface of a glass fibre 
reinforced PTFE composite have a strong influence on friction and wear properties. For 
the test loads of between 300 and 800 N, friction increased with load as a result of the 
ploughing action of the glass fibres into the steel counterface. It is clear that exposed 
glass fibres have a potential to cause damage to the shaft should a similar wear process 
occur in a bearing application. 

The elastic modulus of the materials is to a large extent dependent on the filler material. 
In a journal bearing application it is desirable to have a certain degree of material 
compliability (surface deflection under the action of pressure) in order to counteract 
pressure peaks in the oil film. The thickness of this material layer will therefore be 
dependent on the elastic modulus of the composite in question. A less stiff material will 
permit the employment of a thinner layer. 

From the results obtained during the current investigation it is clear that the polymer 
composites exhibit positive properties that demonstrate an improvement on the babbitt 
material in terms of break-away friction and wear. Further investigations can now be 
performed with these composites to determine the most suitable material composition 
for the intended bearing application. 

5  CONCLUSIONS 

The results obtained show that using a polymer composite material introduces clear 
benefits in comparison with pure PTFE and babbitt in terms of reduced wear and break-
away friction at start-up.

At dry start, the break-away friction is seen to be influenced by the acceleration rate but 
in wet start conditions no difference is evident. Babbitt is shown to perform poorly in 
comparison with the polymer based materials with a coefficient of friction almost twice 
that of the composites.  
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