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Abstract 

Noise control and sound quality analysis are important, since noise has been registered to 
be a predominant factor in stress and a source of great annoyance. Traffic noise is a problem 
and a major part of this noise comes from heavy vehicles. The only legislative requirement 
for heavy-duty trucks regarding noise emissions, is that the noise level does not exceed an A-
weighted sound pressure level of 80 dB. The specification of an A-weighted sound pressure 
level is, however, not an adequate description of psychoacoustic annoyance and therefore 
work towards defining a better description of loudness is one of the principal fields of 
acoustics today. Sound radiation from trucks is speed-related. At medium and high speeds, 
the overall noise level is comprised mainly of the tyre noise, whereas at low speed and during 
acceleration, exhaust noise and noise from the engine and transmission structure are 
predominant. In front of the truck, the noise from the engine and especially that from the 
timing transmission cover, the torsional damper and the oil sump, comprises a greater 
proportion of the total noise. The aim of sound quality analysis of diesel engines is to find 
cost-efficient methods of reducing sound radiation and of changing the character of the sound 
in order to minimise annoyance. 

This thesis concerns the development of experimental methods for analysing the sound 
quality of diesel engines, and focuses on measurement of acoustic intensity, multivariate data 
analysis, structural modification and subjective assessment of engine noise. 

The applicability of the FFT-based sound intensity method is evaluated. It is found that the 
intensity measurements may be influenced by high reactivity, interference due to partly-
coherent sources, difficulties in performing the spatial average, real-time limitations and 
engine speed variations. Scanning the intensity probe, preferably by a robot, is necessary 
when measuring within narrow bands to avoid interference problems. Scanning achieves 
more reliable estimates of sound power and intensity vectors. 

Experimental design and the multivariate techniques, principal components analysis (PCA) 
and partial least squares (PLS) were utilised to facilitate interpretation of intensity 
measurements. The results show that PCA and PLS enable independent phenomena in the 
sound field to be extracted and which can thereby be visualised by principal spectra and 
principal radiating patterns. 

The characteristics of sound radiation are determined by designed experiments, sound 
intensity measurements and operational deflection shape estimations. These methods enable 
the effects on sound radiation of structure modifications to be predicted. 

An annoyance index for in-line 6-cylinder diesel engines in stationary running conditions 
was developed using multivariate statistics. The index is based on engine sounds resulting 
from structure modifications and changes in fuel. The annoyance level was measured during 
listening tests of sound stimuli recorded in stereo and reproduced by loudspeakers under 
anechoic conditions. The different sound stimuli were ranked using paired comparisons or the 
method of successive intervals. It was found that 94% of the variance of annoyance can be 
explained by a model based on loudness (Sone), sharpness (Acum) and harmonic ratio 
(rumble). Impulsiveness, roughness and tonality were other important criteria used in the 
study and which were found to have a relationship with specific speed ranges. The annoyance 
was minimised by an increase in stiffness in the lower part of the engine achieved by using a 
ladder frame in combination with a bearing beam. 

Keywords: Sound Intensity, FFT, Diesel Engine, Noise Quality, Multivariate Methods, 
Principal Component Analysis, Partial Least Squares, Experimental Design, Operational 
Deflection Shapes, Structure Modifications, Annoyance, Loudness, Sharpness, Roughness. 
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1. INTRODUCTION 

Noise is today an important environmental factor [1-3]. One of the most significant effects of 
noise is annoyance. Noise is defined as unwanted sound and in many circumstances opinions 
differ as to whether the sound in question is unwanted or not. The words of Rolf Edberg 
(letter to Columbus, 1973), may provide historical background to the field of noise control. 

"Plågsammast av alla föroreningar är emellertid bullret, den moderna teknologins gåva till 
människan. Den som fyllt sina öron med vindarnas växlande musik lär knappast kunna 
föreställa sig det ständiga motorlarm, som följer storstadsbon på gatan, på arbetsplatsen, 
in i hemmet som trasar sönder hörselnerver och skapar en snarande kvävningskänsla". 

"The most trying of all pollutants is, however, noise, that gift of modern technology to 
mankind. Anyone who has filled their ears with the shifting music of the winds can hardly 
imagine the continuous alarm of motor vehicles that pursues the city-dweller in the street, at 
the workplace, into his home, and which destroys the auditory nerves and engenders an 
ensnaring, choking sensation ". (Translated by Peter Travis) 

In noise control, the main concern has been to reduce the sound level to avoid hearing 
impairment. The methods for noise control have become more and more sophisticated, and 
many effective solutions have been applied. In many conditions where the noise sources of 
primary concern have reached reasonable levels, new phenomena of a more subtle character 
arise. The problem is that when the contribution from the predominant source has been 
reduced, sounds that were masked previously become audible. Another problem, which is 
related to the need to save material and reduce costs, is a change in character of the sound 
from lower to higher frequencies, since the save in material has to be compensated by an 
increase in structure stiffness. A third problem is that the A-weighted sound pressure level, 
which is used to quantify the sound level or loudness does not reflect annoyance reactions 
very well [4]. These problems caused a change in attitude to noise control in the mid-eighties, 
described by Blauert and Jekosch as follows: 

"Instead of only pursuing the one-dimensional aim of reducing the acoustical energy 
emitted by a product, it was now realised that acoustic emissions of products may have 
further relevant characteristics to consider e.g. the time structure and the frequency 
spectrum. After all, products which produce the same noise level in dB(A) may indeed sound 
very different" [5]. 

The concept of annoyance due to noise has been the concern of researchers in 
psychoacoustics for over thirty years. Research towards the development of better criteria to 
describe the multi-dimensional phenomenon of sound, is defined as Sound Quality Analysis 
[6, 5]. 

"Sound Quality is a perceptual reaction to the sound of a product that reflects the listener's 
reaction to how acceptable the sound of that product is; the more acceptable, the greater 
SQ" [6]. 

Traffic noise, caused by various types of vehicles, is a major cause of annoyance to a great 
many people. One of the predominant sources of noise from vehicles is the engine. The 
engine is an important cause of annoyance both under idling and running conditions [7]. 
Within the field of engine and vehicle development, the major objective of noise control 
continues to be a reduction of the A-weighted sound pressure level (LA) to meet current [8, 
9] and future [10,11] legislative requirements. 



2 Sound Quality Analysis of Diesel Engines 

The legislation demands (80 dBA) have been achieved by the truck manufacturers by 
enclosing the engines to a greater or lesser degree which is unsatisfactory from such aspects 
as cooling, maintenance and production. The requirements made on the engines of the future 
such as, weight reduction, increased efficiency and power, a minimum of enclosure and low 
exhaust emissions, would have the effect of increasing noise levels. These requirement might 
also increase the sharp and impulsive character of engine sound. These problems coupled 
with the fact that a reduced LA does not automatically reduce annoyance experienced, 
indicates that a better test procedure to quantify vehicle noise is required. One measure used 
today is the "Loudness" [12], which is a better alternative which describes annoyance 
variations due to car noise to more than 90 % [13]. Research is also being conducted aimed at 
improving loudness calculations which would give a better description of the temporal 
masking effects [14, 15]. 

Sound quality analysis mainly concerns the relationship between the hearing sensation 
and objective parameters. Sound quality evaluation can be conducted in both field studies and 
in the laboratory. Annoyance reaction is determined by subjective assessment of sound, often 
obtained by listening tests. Objective analysis is based on microphone measurements of the 
level, duration and spectral composition (in both time and frequency domain) of the sound 
stimuli. These studies have resulted in a number of psychoacoustic descriptors such as 
loudness [12], sharpness [16], roughness [17, 18], impulsiveness [19, 20], tonality [21, 22] 
and harmonic content [23, 24]. None of the models satisfactorily describes the relationship 
between the physical characteristics of a sound and annoyance judgements in terms of a 
single-valued descriptor because subjective response to undesired sound is complex with 
considerable variability between and within different subject populations [25]. 

SOUND MEASUREMENT 
AND RECORDING 

Objective and Subjective 
Evaluation 

fff Spectral Analysis 
Time and frequency Domain 

Sound Character Modification 

Subjective Problem 
Identification 

Optimized 
Sound Character 

NUMERICAL MODELLING 
E N G I N E MODIFICATIONS SOUND 

C H A R A C T E R PREDICTION 

SOURCE CHARACTERIZATION 
AND LOCALIZATION 
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Principal Component Analysis of 
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Correlation Analysis 
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Figure 1 The framework for sound quality analysis in the thesis, based on the ideas from Van der 

Auweraer and Wyckaert [26] 
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This thesis focuses on experimental methods for sound quality analysis of diesel engines 
for heavy vehicles and buses. The study is restricted to in-line, 6 cylinder, 9 and 11 litres, 
direct-injected and turbo-charged (DITC) diesel engines. The sound quality analysis in the 
thesis (Figure 1) have been divided into three phases. The first phase, which is the phase that 
differs from noise control analysis carried out to date, is a subjective evaluation using 
listening tests, conducted by a panel of listeners, with the aim of finding objective descriptors 
of the annoyance response. The panel varied and comprised at times, a) listeners who were 
experienced in this exercise, b) listeners who were all inexperienced, c) a mixture of both the 
above categories. The second step is to describe and define the characteristics of the sources 
of acoustic radiation. In a third step, the effects of engine modifications on sound 
characteristics are evaluated. 

The study concerned the fields of sound intensity measurement [27], characterisation of 
sound sources, multivariate data analysis techniques and psychoacoustic descriptors. The 
objectives of the thesis were to describe the sources of noise radiation and the annoyance 
reaction as a function of objective measurements and to develop design criteria for engine 
structure modifications. The following studies were performed to achieve these goals: 

0 Characterisation of the sound field in front of the engine, based on sound pressure and 
sound intensity measurements [papers A, E and G]. 

0 Source characterisation of the lower front-end area of a diesel engine in order to predict 
the effect on noise radiation due to structure modifications [papers A & B]. 

0 Optimisation of the performance and reliability of the indirect (FFT) sound intensity 
method for engine measurements [papers B, C, D, E and 28]. 

0 Evaluation of the multivariate techniques, principal components analysis and partial least 
squares modelling, for interpretation of sound intensity measurements, and to find 
relationships between annoyance and psychoacoustic parameters [papers B, D, E and F]. 

v Structural modifications of the lower part of the engine block to evaluate the effects on 
sound quality and sound power level [papers G and H]. 

0 Sound quality evaluation of diesel engines in both idling and stationary running 
conditions, by listening tests of stereo reproduced sound stimuli [papers F, H and 29-31]. 

These studies have shown that: 
• The use of multivariate data analysis of scanned FFT-based sound intensity measurements 

improved the accuracy in source localisation and enabled the extraction of independent 
phenomena in the sound field. 

• Accurate predictions of the sound radiation due to structural modifications may be made 
by using models developed on the basis of sound intensity measurements and experimental 
design in combination with operational deflection shape estimation. 

• The use of multivariate statistics facilitates the search for a correlation between 
psychoacoustic descriptors and the annoyance response. 

• The method of successive intervals, determined the annoyance response due to engine 
noise more effectively than the paired comparison method in the cases where the listening 
tests were conducted by experienced listeners. 

• Substantial improvements in engine sound quality was achieved by increasing the stiffness 
of the lower crankcase. 

• A developed prediction model, based on loudness, sharpness and harmonic ratio, described 
94 % of the variation in annoyance judgements of diesel engine noise. 

• Considering engine sounds in a wide speed range, loudness explains up to 90 % of the 
annoyance variation, which is much better than LA (70 %) . 
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2. DIESEL ENGINE NOISE 

The development towards quieter vehicles is the result of the pressure of increasing 
legislative requirements. During the last fifteen years the noise level stipulated by legislation 
has been reduced by 12 dB. The certification procedure is based on the pass-by-test ISO 362, 
see Figure 2. The improvement of this procedure have been comprehensively discussed and 
evaluated in the B RITE/EUR A M , PIANO project [32]. One problem is that the ISO 
procedure focuses too much on exhaust and engine structure sound, but neglects the problems 
related to tyre and road noise. A further problem is that the legislation is based on LA 
measurements, which are insufficient as regards describing annoyance reaction to vehicle 
sound [33]. 

Figure 2. Pass-by-test according to ISO 362 [Scania AB]. 

The noise problems related to heavy-duty trucks are difficult to solve for several reasons. The 
main demand made on a truck is cost-efficiency. Consequently there is a need to minimise 
weight and fuel consumption, increase the power to carry a maximum load, but still fu l f i l the 
environmental restrictions on exhaust and noise emissions. According to these requirements a 
direct-injected diesel engine is the best solution, due to its high efficiency (45% for the latest 
generation of diesel engines). The optimisation of fuel consumption and exhaust emissions 
tend, however, to increase the noise level and to reduce the sound quality. 

One way to solve the noise problem is to encapsulate the engine. This is unfortunately 
impossible since cooling, maintenance and production require as little encapsulation as 
possible. An alternative method of reducing exhaust emissions, but not noise emissions, is to 
use diesel fuel of higher quality or to use diesel fuel mixed with alcohol. The best methods of 
sound reduction are to modify the combustion process, improve engine design and increase 
damping. The noise problems related to diesel engines, and modern techniques and strategies 
to control and optimise engine sound, are described well in the literature [9, 11, 34, 35, 36 
and 37] and are summarised briefly below. 

2.1. Sound Generation 

Engine sound is characterised by discrete harmonically related tonal components. The 
fundamental frequencies are due to the combustion process and the relation between these 
frequencies depends on the engine type, and is directly proportional to the number of 
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revolutions per time unit. Depending on the engine construction, the number of combustion 
events per revolution varies and a distinction can be made between the individual cylinder 
firing frequency, the rotation frequency and the combustion frequency. In higher frequency 
ranges tonal components related to efficiently radiating resonant modes tend to dominate the 
sound spectra. 

The main excitation of a diesel engine structure is the combustion knock, but there are 
also indirect excitations as piston slap and gear noise. The high noise level is generated by the 
sudden pressure rise during the combustion phase. The time for this combustion has to be as 
short as possible to minimise fuel consumption and N O x emissions. To achieve an even faster 
combustion, which give an increase in power and a reduction of fuel consumption and 
exhaust emmissions, the inlet air is cooled (intercooler). This leads unfortunately to a very 
efficient excitation of vibrations in the engine structure. 

The energy that is released by the combustion knock is transferred through the engine 
structure. The main transfer path is normally through the crank drive, which comprises the 
piston, piston pin, connecting rod and crankshaft (Figure 3) or directly to the cylinder walls 
due to piston slap. The combustion generates by that reaction forces and moments in the 
engine block which generates vibrations especially in the lower crankcase [paper F, 39, 40]. 
These vibrations are then converted to sound, but the radiation from the engine block (cast 
iron) is relatively low due to its large mass, high stiffness and high damping. The vibrations 
in the engine block are transferred to the light-weight structures mounted on to the block such 
as the oil sump, timing transmission cover and valve covers, which due to difference in mass 
are efficiently excited. The assembled structures have low mass to reduce weight and high 
stiffness to satisfy a range of load conditions and production requirements. This gives a low 
critical frequency and coupled with the efficient excitation, these structures become effective 
sound radiators. 

^/\$s i Crank case 
/ j \\ Lateral vibrato 

Piston rod - ^ j . 
Bulkhead k 

Crank shaft\ 
Bearing cap 

Connection to 
crank case skirts 

Figure 3 Diesel engine structure and the main energy transfer path. 

Specific noise problems for the direct-injected diesel engines are related to the mechanically 
controlled fuel injection. The timing transmission, which synchronises the crankshaft rotation 
with the fuel injection and the camshaft rotation, acts as a noise source itself. The interactions 
between the combustion pulse, fuel pump and load, cause pulsating torque in the shaft system 
shown in Figure 4. This leads to torsional oscillations in both the shaft system and the engine 
block, which cause irregularities in the synchronisation between injection time and piston 
position [41]. The torsional vibration problem may be solved partly by a torsional damper 
which in turn cause new noise problems [42, paper A and B]. A phenomenon due to poor 
synchronisation can be seen as differences in the excitation pattern when measuring the sound 
pressure outside the engine. A typical effect is that some of the cylinders excite the structure 
more effectively than others, which causes strong half-order frequency components for the in-
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line 6 cylinder DI diesel engines [23, 49]. One phenomenon observed is that the first and 
fourth combustion pulses dominate in front of the engine, see Figure 5. The problem of gear 
noise from the timing transmission becomes evident at low speeds and, as a result, what is 
known as "rattle noise" tends to dominate the sound spectrum. The gear noise often 
comprises tonal components in the range where human hearing is most sensitive (2-4 kHz). 

Figure 4. The diesel engine shaft system. 1: Crankshaft, 2: Fuel pump, 3: Camshaft. [Scania AB, Sweden] 

Figure 5. The sound pressure variations in time domain, measured 1 m from the front of a 9 litre, in
line 6 cylinder, DI T C diesel engine, a) original engine and b) engine with modified lower crankcase. 

2.2. Sound Radiation 

Sound radiation is related to the normal component of the vibration velocity of bending 
waves in the structure, because only this type of wave can effectively couple with the 
surrounding air. The bending wave is dispersive in character, which means that there is a 
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relation between the propagating wave speed and the frequency. A mathematical description 
of the relation between structure vibrations and sound pressure oscillations for a complex 
structure is very complicated. To overcome this problem, a radiation efficiency a is defined 
(Eq.l) which describes the relation between the space and time averaged squared vibration 
velocity and the radiated acoustic power (W) [43]. 

where pc is the fluid impedance. At a certain frequency, known as the critical frequency ( f ) , 
the sound radiation of bending waves reaches its maximum [43]. Above fc the radiation 
efficiency reaches unity and the radiated sound power is proportional to the time and space 
averaged squared vibration velocity <v^> and the surface area S. In the case of engine 
structures, the critical frequency becomes rather low ( f c is around 1000 Hz for a large diesel 
engine [44]) as the structure is very rigid in proportion to the mass. Below this critical 
frequency the radiation comes from boundary areas or areas of local stiffeners and uneven 
resonant modes. The critical frequency for a uniform plate can be calculated as in Eq 2. 

where, c is the fluid wave speed, p s is the plate density, E is the Young modulus, h is the plate 
thickness and v is the Poisson's ratio. Internal stiffeners, commonly used in the automotive 
industry, reduce the vibration velocity but also the critical frequency, and may therefore 
increase the acoustic radiation. 

2.3. Noise Control 

Diesel engine noise comprises a multitude of individual noise sources. To make significant 
reductions more than one source has to be treated by for example smoothening the 
combustion pulse, reducing piston vibrations, changing the natural frequencies of engine 
structures to avoid interference, reducing vibration propagation from the internal structures to 
the engine shell, isolating light weight structures and optimising gear transmissions [paper G, 
45]. The most efficient method of reducing noise is generally to change the source of 
excitation. The problem is that the combustion process of a diesel engine is optimised in order 
to minimise exhaust emissions and fuel consumption and not noise. The problem of reducing 
the sound radiation is illustrated with the following example: Assume that the root mean 
squared vibration amplitude is 1 urn over a 1 trp- surface. At a frequency above the critical 
frequency this vibration amplitude gives rise to a sound power level of 102 dB. 

One principle applied in noise control is to keep the critical frequency as high as 
possible so the modes of low radiation efficiency will dominate the response of the structure 
in the frequency range of interest. High critical frequency is obtained for materials with high 
density and low bending stiffness. For lead the case is extreme, e.g., for a 2 mm thick lead 
plate fc is above 20 kHz. Another principle for noise reduction is to mismatch the modal 
characteristics and the impedance between the structures. A third method is to increase the 
damping. In some cases, however, the critical frequency is reduced by the increased mass 
which may increase the sound radiation, for example when putting damping pads on thin shell 
structures. 

W = op cS<v2

n >, (1) 

(2) 
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3. SOURCE CHARACTERISATION 

Both numerical and measurement methods are available for the description of sound 
generation and radiation. Numerical models are established to predict the vibration behaviour 
and sound radiation e.g. using BEM [46, 47], FEM [48] and SEA (Statistical Energy 
Analysis) [49]. These models provide powerful tools for optimising the engine structure at the 
design stage and enable understanding of the mechanisms of vibration propagation and sound 
radiation. However, it is always necessary to update and verify numerical simulations by 
appropriate measurement methods. Another problem with numerical methods is to model the 
sound radiation correctly at high frequencies. 

Surface acceleration, force and sound pressure are the general measures to describe the 
characteristics of a source. Modal analysis [50] and operational deflection shapes [51] are 
used to quantify the vibration characteristics. The measurements of sound pressure, sound 
power or sound intensity levels provide a description of acoustic emissions. Both sound 
power and sound intensity is, however, indirectly estimated from the measurements of sound 
pressures. Commonly used methods to quantify engine noise are for example: direct 
measurements of sound pressure level, signature analysis [52], sound power determination 
[ISO 3740-3748], sound intensity measurements [53, 54], near-field acoustic holography 
applications [55-57], and techniques based on the principles of reciprocity [58]. 

The use of sound pressure measurements in the extreme near field is of uncertain value, 
however, since the pressure and, especially, the phase varies very rapidly with position 
changes [59]. Signature analysis, which is a measurement during the run-up or run-down in 
speed, is a method of identifying speed ranges of particular interest (Figure 6). The method 
gives an indication to whether noise problems are related to resonance phenomena or to 
forced mechanical phenomena. Any resonance phenomena that are detected may then be 
evaluated in stationary conditions. 

Figure 6 Signature measurement using a microphone placed 1 m in front of a 9 litre diesel engir.e 
during run-up. The response is mainly resonant since the main frequency components are 
independent of the speed variation 

It is difficult to predict the effects on sound radiation due to structure modifications from 
measurements. The use of narrow band sound intensity (SI) measurements combined with 
experimental design [60] and operating deflection shape (ODS) estimation [paper A] and 
multivariate analysis [61, Paper B] have, however, shown good results. 

Another prediction method of interest, not treated in this context, however, is based on 
cylinder pressure measurements which enable studies of the combustion process. It is 
possible to make a rough prediction of how changes in the combustion process effect the 
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sound radiation by measuring the transfer function between the cylinder pressure and the 
sound pressure outside the engine [34]. 

3.1. Vibration Analysis 

Structural acoustics is of great importance for sound quality analysis. This thesis concentrates, 
however, on the acoustic part of the problem and only a brief introduction to some of the 
available methods is therefore given. 

3.1.1. Modal Analysis 
The most common analysis method in vibro-acoustics is experimental modal analysis, 

which provides determination of the modal vibration behaviour and damping characteristics 
of structures [62]. Modal analysis of a highly integrated structure such as a diesel engine 
becomes very complex and has not been treated in detail here. Experimental modal analysis 
on a fully suspended structure provides, on the other hand, a straight forward analysis of 
natural frequencies, damping characteristics and mode shapes. The results of a case study on a 
multiple-excited crank shaft and torsional damper are shown to give a brief introduction to 
the method. 

b) c) d) . 
Figure 7 Experimental modal analysis of a crankshaft in a 9 litre diesel engine, a) wire frame model 
and excitation points, and mode shapes at b) 347 Hz, c) 531 Hz and d) 994 Hz. 

The geometry of the crankshaft and the damper was described by a wire frame model 
(Figure 7a). The excitation position A, represents axial and momentum excitation induced by 
the flywheel and drive line. The second excitation position B represents the piston rod impact 
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due to the ignition of the first cylinder, which in the condition when the engine is running 
dominates the excitation. The frequency response functions for the crankshaft were measured 
in three directions. The modal behaviour was evaluated by the complex mode indicator 
function (CMIF) method [63] which estimates the independent vibration behaviours of the 
crankshaft. Figures 7b to 7d, show mode shapes of considerable interest with regard to the 
sound radiation from the torsional damper. 

Another interesting tool for vibration analysis is TV-holography [64]. This method 
provides a study of the vibration characteristics in real time and provides a very brief survey 
of the mode shapes. The method is, however, so far restricted to pure sine wave excited 
structures, see Figure 8. 

Figure 8. TV-holography measurement of a timing transmission cover, acoustically excited by a 
pure sine wave at 1852 Hz. 

3.1.2 Operational Deflection Shapes 
For sound quality applications, the method of ODS estimation is suitable, since the 

vibration characteristics of structures may be determined during operating conditions. In ODS 
the input forces are unknown, but the use of a reference accelerometer or other coherent 
reference signal gives the required phase relation to the response points. This method shows 
the vibration behaviour with phase and amplitude information, based on the measurements of 
cross-power spectra between measurement locations distributed over the structure and the 
reference signal. This method gives, however, no information about damping properties. 

The surface vibration of the engine structure is normally measured by lightweight PCB 
accelerometers. The in-plane vibration behaviour of rotating parts can be measured by a laser 
interferometer [65]. A simultaneous study of vibration patterns in the engine structure and a 
rotating damper was carried out using triggered measurements, and coherent vibrations were 
thereby detected [66, paper A ] . 
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3.2. Sound Intensity Measurements 

Sound intensity measurement estimates the magnitude and direction of the power flow in a 
sound field. When equipment for sound intensity measurement became commercially 
available it was a break-through for acoustic measurement. The intensity method facilitates 
measurements in the acoustic near-field and makes it possible to determine the sound power 
of a source of noise in situ, even in the presence of other sources. This is of great benefit as 
existing sound pressure measurement methods require a special acoustic environment. 

The active intensity, which is the product of the pressure and the in-phase particle 
velocity, determines the propagating energy flow. This method, patented in 1931 by Harry F 
Olsen at the Radio Corporation of America, was not commercially available until 1980. The 
reason for this delay was due mainly to the delay in development of stable and phase-linear 
transducers and analysers covering a wide frequency range. The break-through came when 
digital measurement systems became available during the 1970s and researchers such as Fahy 
[67] and Chung [68] discovered the relationship between sound intensity and the imaginary 
part of the cross-power spectrum of two adjacent microphones. The necessary calculations are 
performed by an FFT analyser and give an indirect estimate of the sound intensity in narrow 
frequency bands, see Figure 9. 

Figure 9. Block scheme for F F T based intensity measurements [Bruel & Kjaer]. a(t) and b(t) 
represent the sampled time variations of sound pressure at the microphones positions, in blocks of 
length T. A(f) and B(f) represent the fast Fourier transformation of these time blocks into the 
frequency domain. * indicates the complex conjugate of the complex frequency spectrum. is the 
cross power spectrum between the frequency spectra A*(f) and B(f). The active intensity component 
I, is proportional to the imaginary part of the averaged cross-power spectrum and is inversely 
proportional to the frequency, fluid density and the distance Ar between the microphones. 

The sound intensity estimate relies on a finite difference approximation where the pressure 
gradient in the sound field is determined by the pressure difference between two closely 
spaced microphones. Since particle velocity is proportional to the time integral of the pressure 
gradient, a direct calculation of the intensity is possible. This calculation can be carried out by 
the use of parallel digital band-pass filters of relative bandwidth, often in third octave bands. 
This is called the direct method and facilitates real time measurements, but with the drawback 
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of coarse frequency resolution with respect to high frequency. For both the indirect and direct 
method, reliable measurements are obtained in a limited frequency range (50 - 5000 Hz using 
a 12 mm spacer) due to the finite approximation (upper limit) and phase errors between the 
channels (lower limit) [27, 69]. Spatial sampling errors and random errors in the intensity 
estimate have also been comprehensively evaluated in detail [70 ,71]. 

Various transducers have been developed and the most successful are, (1) the face-to-face 
configured pressure microphones (Figure 10), which was developed by Bruel and Kjaer in 
Denmark and is denoted the face-to-face probe. ,-. 

Figure 10. Two types of face to face configured intensity probes, a) a so called ID-probe, B&K 
4177, and its directivity pattern, and b) a 3D-probe B&K 0447. 

The intensity method is subject to various types of error. To control the reliability of the 
intensity estimate, various field indicators used to describe the measurement condition, were 
introduced [68, 27, 72 and 73]. The two most useful indicators are the pressure intensity 
index (pl-index) and the pressure residual intensity index (5pl 0). The pl-index define the 
difference between the pressure and the intensity component of the sound field. The indicator 
has two alternative definitions denoted F2 (Surface pressure-intensity indicator) and F 3 

(Negative partial power indicator). The F3 indicator, which describe the level difference 
between the averaged sound pressure level and the averaged intensity level with respect to the 
sign information,, however, is shown to be preferable [70]. 

The pressure residual intensity index defines the total phase error between the two 
channels and is a direct measure of the measurement performance. The pressure residual 
intensity index in comparison to the pi index indicates the useful measurement range. The pl-
index also indicates where difficulties may exist concerning measurement performance. When 
the condition; 8p l 0 - p i - 10 > 0 dB, is fulfilled, an accurate and detailed description of the 
sound field is possible, and the normal intensity component can be used to estimate the 
radiated sound power. In severe measurement conditions it is possible to improve probe 
performance by a method based on an interchange of the microphone positions [74]. 

Sound intensity results can be displayed as vector plots in 3D showing the magnitude and 
direction of the sound propagation or as iso-contour maps of the normal component on a 
measurement grid, see Figure 11. 

There are two established standards regarding sound power determination by sound 
intensity measurements, ISO 9614-1 for spatial averaging in discrete points and 9614-2 for 
spatial averaging by scanning the probe. There has been and is still going on a discussion 
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about point or scanned measurements [75, 70, 76]. Regarding narrow band measurements, 
which is used throughout the thesis, it is necessary to use scanned measurements since the 
positioning become very sensitive due to rapid variations in the sound field due to acoustic 
interference, and unstable source conditions [paper C]. One important aspect when scanning 
the probe is to move the probe at a low speed, not faster than 0.1 m/s, to avoid an 
underestimation of the intensity [70]. 

Figure 11 Alternatives for displaying intensity measurement results, a) 2D-vector plot perpendicular 
to the measured surface, b) 2D-vector parallel to the structure (diesel engine) and c) Iso-contour plot 
of the intensity component normal to the surface. 
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Figure 12 A comparison of scanned narrow band intensity measurements at 1752 Hz, 20 cm from 
an idling diesel engine, a) hanning window and no overlapping, b) time adjusted hanning window 
and no overlapping and c) triggered measurement using a time adjusted uniform window. 
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Figure 12 shows the results due to scanned intensity measurements over the front side of a 
diesel engine when idling, where three different methods are compared. (1) regular hanning 
window, (2) time adjusted hanning window and (3) triggered measurement and a time 
adjusted uniform window. The time window is adjusted to cover exactly 2 complete engine 
cycles. Even though different techniques for signal processing have been used the results are 
consistent. The use of triggered measurements enhance the sound radiation due to 
periodically forced modes. This triggering minimises errors related to the lack of real time 
performance and also enables studies of the contribution of individual cylinders. To minimise 
random errors it is necessary to adjust the length of the uniform time window or alternatively 
to use an exponential time window. 

3.2.1. Evaluation of FFT-based intensity measurements 
Several publications [77, 78, 72] show that the indirect (FFT) sound intensity technique 

in particular may give rise to serious errors in some applications since it suffers from 
important limitations such as real-time performance in a wide frequency range. The FFT-
based intensity method provides, however, very detailed measurements of the sound field and 
enables independent sources to be separated. 

An experiment was performed [28] to determine the influence on bias and random errors 
in the sound power estimate, of various parameters to optimise the performance of the FFT 
based intensity technique (Table 1). The "source" in the study, the torsional vibration damper 
area of a diesel engine, was analysed during a series of different running conditions. The 
signals required for the intensity estimate were recorded with the aid of throughput 
acquisition to provide signal processing in "real time". The test series comprised tests of 23 
parameter combinations out of a possible 64, and, together with replicates, 40 third octave 
band spectra were evaluated in the frequency range 250 Hz to 3250 Hz. The expected 
influence from the evaluated parameters (Table 1) is summarised below. 

Table 1. 

Variables defined in two levels 

Variable Low(-) High(+) 

A:speed 620 1900 
B: source normal modified 
C : averaging time 300 1200 
D: spatial averaging sweep point 
E : real time no yes 
F : resolution 8Hz 1 Hz 

A: speed. Low speed and load (idling power) gives a source character which shows a high 
degree of impulsiveness which may cause bias errors. High speed and load gives a stable and 
fairly continuous signal. 
B: source character. A structural modification may change the vibration and radiation 
behaviour from one of low order (monopole and dipole) to one of high order (dipole and 
quadropole) in specific frequency bands. This is seen as an increase of the pl-index and may 
cause both bias and random errors. 
C: averaging time. The total number of independent spectra was used as a measure of 
averaging time. This give a variation in the total averaging time dependent on the frequency 
resolution. Short averaging time increases the random error [77], but might reduce the 
influence of an unstable source. Long averaging time minimises the random error, but the 
difficulties in performing a correct spatial averaging by using hand-held probe increase. 
D: spatial averaging. Two alternatives for spatial averaging, over a hemispheric grid, were 
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investigated. In the first case, scanning over 12 sub-areas was performed by a hand held 
probe. In the second case, measurement in 36 discrete points was performed by an ABB 
robot. 
E: real time. Real time performance is required i f rapid changes, in time and/or spatial 
domain, occurs in the sound field. Real-time performance is provided by post-processing of 
"through-put" measurements, using a hanning window and 75 % overlap. These 
measurements were compared with the standard acquisition which does not perform real-time 
processing. 
F: resolution. High resolution is needed i f detailed data are of interest: this enables sources 
that almost coincide to be separated. The averaging time has to be increased to keep the 
random error constant. 

In this case, partial least squares (PLS) regression is used for data analysis to demonstrate 
the benefits of multivariate analysis. PLS is applied directly on the synthesised third octave 
band spectra (Y) for each of the measurement combinations to detect bias effects in the sound 
intensity estimate. 

The PLS decomposes the mesurement results in four significant components. Figure 13 
shows the loading values for both variables and responses for all components. Loadings 
describe the relation between the variables and the variation in the third octave band spectra. 
The first component showed a strong correlation between speed (A) and acoustic power. The 
second component described the change in the spectra due to the modification of the source 
(B). The third component reflected the difference in the intensity estimate due to the lack of 
real time performance (E). This means that the regular aqusition, especially in case of high 
resolution, underestimate the intensity. The fourth component shows that the spatial 
averaging method (D) caused inconsistent bias effects over the frequency range. The 
parameters C and F , which mainly is expected to influence the random error, do not give any 
significant bias effects. 

I . UiiUnuii 
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c) d) 

Figure 13 The results due to the parametric study, a) Loadings for component 1, which describes 

83 % of the variation in the logarithmic transformed sound power spectra b) Component 2 (7%), c) 

Component 3 (3%), d) Component 4 (1.5 %). 
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3.2.2. Multivariate Analysis of Intensity Measurements 
The ideas on which the multivariate analysis technique of principal component analysis 

(PCA) and partial least squares modelling (PLS) are based, can be traced back to the 19th 
century. They rely on the Heisenberg principles of mathematical modelling [79]. These basic 
algorithms have been used in different fields and many synonyms are thereby available e.g. 
principal component analysis (PCA), Hotelling transform [80], Karhunen-Loeve transform 
[81] and singular value decomposition [82]. Otte [83] carried out a comprehensive 
investigation of the use of singular-value decomposition (SVD) in vibro-acoustics and 
describes distinctions between PCA and SVD. SVD facilitates the evaluation of complex 
data. This thesis concentrates on the use of PCA and PLS which focus on the statistical 
perspective, since the phase information is omitted in intensity measurements. 
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Figure 14 Comparison between measured sound intensity, principal radiating patterns (PRP) and the 
vibration behaviour determined by ODS estimation at 2984 Hz. a) tangential intensity components, b) 
Iso-contour plot of the normal intensity component, L l r a n=64dB, c) corresponding deflection shape d) 
PRP(l) , e) PRP(2), f) PRP(3), g) PRP(4), h) PRP(5), and i) PRP(12345). AL,=1.5dB in all contour plots. 

The application of PCA and PLS is described in the papers B, D and E. The use of 
multivariate analysis simplifies data interpretation because redundant noise wi l l be removed 
and the accuracy of the intensity estimate is thereby increased. It is also possible to detect 
independent correlated patterns in the sound field by the decomposition of the measurement 
data into principal components in decreasing order of importance. It is shown that these 
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components give important clues to physically relevant phenomena [paper D]. The ability to 
increase the accuracy of the intensity estimate by the use of PCA is shown in Figure 14. The 
example shows the radiation pattern at 2984 Hz (from the source used in paper D) 
decomposed in five principal component patterns and the cumulative pattern. Comparing 
these results with the ODS at this frequency confirms an increased ability to point out sources 
by using PCA of intensity data. 

4. SUBJECTIVE EVALUATION OF NOISE 

In daily life people are surrounded by sounds which originate from various sources. The main 
parameters that affect the human classification of a sound are shown in Figure 15 [84]. To 
quantify annoyance, prediction models are developed on the basis of objective parameters. In 
the field of psychoacoustics, several aurally adequate parameters have been proposed, e.g. 
loudness, sharpness, roughness and tonality [85]. 

Figure 15. Parameters of importance for classification of a sound [84]. 

To obtain prediction models, that distinguish small differences in sound character, laboratory 
studies are necessary. In a laboratory it is possible to repeat and compare different sound 
stimuli, but a drawback is that the sounds have to be reproduced in an environment that 
differs from the original environment. Different techniques have been proposed to reproduce 
the sound as naturally as possible. Among the techniques for sound reproduction a clear 
distinction is made between stereophonic sound and binaural sound. Normally, both 
techniques are related to a two channel recording. The difference is that binaural recording 
requires a dummy head and is normally reproduced through head phones while stereo-
recorded sound is generally reproduced through a pair of loudspeakers. 

4.1 Human Hearing 

Comprehensive studies of the auditory system are available [86-88]. The intention here is 
only to review the most important features of hearing. 

For natural hearing, phase and time delays are the essential mechanisms for sound 
localisation, especially below 1600 Hz. At higher frequencies (>4000 Hz) the shadowing 
effects of the head give level differences, which is another important aspect of localisation. At 
frequencies around 3000 Hz the ability of sound localisation becomes confused and source 
location becomes more difficult [88, 89]. 

The most commonly used psychoacoustic parameters are based on measurements of 
sound pressure oscillations, normally expressed in logarithmic units which gives a more 
representative relation to the hearing sensation. The reason for this is that the auditory system 
is non-linear and covers a huge dynamic range and which can distinguish between sound 
intensity (energy) differences of 1 million million times (10^) . As a rule of thumb; -3dB 
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means a reduction by 50% of the acoustic energy and -10 dB correspond to a 50% reduction 
in loudness. The audible frequency range spans from 20 to 20000 Hz and the sensitivity of 
the ear is frequency dependent, see Figure 16. The ear is less sensitive to low and very high 
frequencies, and has its maximum sensitivity in the range from 2000-4000 Hz due to the first 
resonance of the ear canal. Another important feature of human hearing is selectivity, e.g. the 
cocktail party effect, which indicates that there is an extensive signal processing of the sound 
signal that reaches the inner ear. Rössing [89], summarises the abilities of the auditory system 
as follows: 

"The human auditory system is complex in structure and remarkable in function. Not only 
does it respond to a wide range of stimuli, but it precisely identifies the pitch and the timbre 
(quality) of a sound and even the direction of the source. Much of the hearing function is 
performed by the organ we call the ear but recent research has emphasised how much 
hearing depends on the data processing that occurs in the central nervous systems as well" 
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Figure 16. Equal loudness level contours of pure tones in a free field condition [90]. 

Table 2 
Dependence of subjective qualities of sound on physical parameters [89]  

Subjective Quality 

Physical Parameter Loudness Pitch Timbre Duration 

Pressure + + + + + + 

Frequency + + + + + + 

Spectrum + + + + + + 

Duration + + + + + + 

Envelop + + + + + 

+ = weakly dependent: + + = moderately dependent; + + + = strongly dependent. 
Note: Spectrum refers to the frequencies and amplitudes of all the partials (components) in the 
sound. The physical duration of a sound and its perceived (subjective) duration, though closely 
related, are not the same. Envelop includes the attack, the release and variation in amplitude 

The hearing sensation can be defined in terms of different dimensions, see Table 2. The main 
dimension is related to loudness. Other important dimensions are related to the pitch, timbre 
(quality) and duration. Loudness is often described by the sound pressure level, but the 
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loudness concept developed by Zwicker based on the critical band scale provides much better 
estimates [12]. Pitch is mainly described by the frequency scale. The duration is reflected in 
the loudness estimate but can also be defined by impulsiveness measures. Timbre is related to 
the spectral composition of the sound event in both time and frequency domain and shows a 
relation to the harmonic content. Timbre is also related to the envelop, which is related to 
modulation phenomena. Roughness [17] for example is parameter developed to describe 
frequency and amplitude modulation. 

4.2. Recording and Reproduction of Engine Noise 

The goal for a true sound reproduction is to achieve a listening condition that can recreate a 
natural image of the event. For this purpose binaural hearing is in certain circumstances 
closely related to natural hearing. The "stereo hearing", on the other hand, has to be 
distinguished from natural hearing. In figure 17, a simple model of binaural hearing is shown. 
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Figure 17. The principles of binaural hearing when listening to loudspeakers [91] 

A l l techniques for sound reproduction has limitations and it therefore seems difficult to reach 
a general agreement since different circumstances require different techniques. The intention 
here is to give an overview of the most suitable techniques for sound reproduction for 
subjective evaluation of engine sounds in various running conditions. A very good overview 
of the actual problems and limitations of different recording techniques is given by Lipshitz 
[92]. 

"77ie most perfect recreation of an acoustic event for a listener is in principle obtained by a 
system that can re-create at his or her eardrums the same acoustic pressures as occurred 
originally. This is however not as easy as it sounds. It involves recording the signals at the 
ears of a dummy head and torso with pinnae and ear canals identical to those of the 
auditor, and reproducing those signals in such a way (usually through headphones) that the 
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same acoustic pressures at the eardrum position as would have occurred naturally. This is 
the basis of the so-called binaural recording and reproduction system. Only two channels 
are required. The important point is that these two signals must be independently and 
separately conveyed to the two ears of the listener-the right ear must not hear the left ear 
signal, and vice versa." 

"In stereo sound reproduction using two loudspeakers, each ear hears both loudspeakers, 
and is intended to do so. Stereo is predicated on the existence of this "interaural crosstalk". 
The problem in stereo are those of capturing suitable signals to be fed to the two 
loudspeakers, given that each ear hears both loud speakers. Stereo derives from the Greek 
word "stereos" meaning solid. Stereophonic is defined as "giving a three dimensional effect 
of auditory perspective". Stereo is inherently limited by the availability of only two 
transmission channels. Stereophony is inherently incapable of fully natural imaging and the 
best that stereo can do is to provide a credible illusion that between and beyond the pair of 
loudspeakers there exists another acoustic environment within which the musicians are 
located and performing." [92] 

4.2.1. Stereo Recording for Loudspeaker Reproduction 
In a free field condition and/or when the source under investigation is in front of the 

subject the stereo technique works very well. The benefits are (i) accurate reproduction and 
calibration of sub-frequencies below 60 Hz [93] (ii) the stable virtual sound image in front of 
the listener and (iii) the fact that most people are used to stereo listening. 

trontal incidence 

Figure 18 a) Coincident microphone and its mono and eight configurations [Neuman], b) the 
priciples of Schoeps sphere microphone [95] 
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Three suitable stereo recording techniques should be mentioned. First, there is the 
stereo based on the coincident microphone technique [92], and which is often referred to as 
Blumlein stereo, see Figure 18. This technique can also be defined as a single-point stereo 
technique which gives the benefit of direct comparison with a single measurement 
microphone. 

The two other techniques the OSS method [94] and the sphere microphone [95], are 
both similar to binaural recording. The distance between the two microphones is roughly the 
same as that between the ears, and sounds that come from other angles than a frontal incident 
wil l be corrected by a transfer function due to shadow effects in close conjunction to the 
human head, see figure 18b. For a frontal incident, however, both these techniques give a 
linear response, which is different from a "dummy-head" recording. 

4.2.2. Binaural Recording for Headphone Reproduction 

"The input to the hearing consists of two signals, sound pressures at both eardrums. If these 
are recorded in the ears of a listeners ear and reproduced exactly as they were, then the 
complete additive experience is assumed to be reproduced, including timbre and spatial 
aspects. The recording may be made with small microphones placed in the ear canals of a 
human listener, but normally a copy of human head is used. The copy has the shape of an 
average human head, including nose, orbits, pinnae and ear canals, and sometimes the head 
is even attached to a torso copy. Also the acoustical impedance of the ear drum is sometimes 
simulated. By accurately copying a human head it is ensured that sound waves undergo the 
same transmission on their way to the ear canals, as if they were reaching a real listener." 
[91] 

Figure 19 a) Feature of the binaural recording technique [97], b) a commercial available dummy 
head and torso [Bruel & Kjaer] 

Even though the binaural technique, see Figure 19, is the one closest to human hearing it 
has some fundamental problems. The main problem is the poor ability of a correct frontal 
localisation, i.e. when sound sources originally in the frontal hemisphere are perceived behind 
the listener. One explanation of these observations is that human heads and pinnae have 



22 Sound Quality Analysis of Diesel Engines 

individual differences, and only recording with the hstener's own pinnae may guarantee 
proper frontal localisation [91]. 

However, in a comparative study of different dummy heads available on the market and 
a direct measurement on the blocked ear canal, a surprising result was found [96]. It was 
shown that a direct recording on the blocked ear canal of an arbitrary person gives a better 
ability to localise the source than any of the dummy heads. According to these results, 
extensive improvement of the dummy heads in the near future can be expected. 

4.2.3. Binaural Recording for Loudspeaker Reproduction 
A method of restoration of the two ear drums signal captured by a binaural recording for 

playback through loudspeakers is described by Möller [91]. By using this technique the 
spatial reproduction of the binaural recording is preserved but the method is limited to 
anechoic surroundings. The cancellation of the cross-talk which occurs when listening to loud 
speakers, is achieved by extensive signal processing. The idea is to add an artificial cross-talk 
which cancels out the natural cross-talk. Systems for cross talk cancellation are often called 
TRADES systems (True Reproduction of A l l Directional Information by Stereophonic). 
Assuming that this cancellation does not change the original signal the dummy head related 
transfer function (HRTF) can be slightly adjusted by the listeners own HRTF, which may 
give a better frontal image. 

4.2.4. Discussion 
Theoretically it is clear that binaural recordings give the most natural sound 

reproduction. In practice though, the technique requires an almost exact copy of the subjects 
head and ear, which seems to be hard to realise in the case of large test groups. 

If the sound event takes place in free-field conditions the stereophonic techniques provide 
a very good alternative which may reproduce frequencies below 100 Hz more correctly. The 
use of coincident microphones for stereo recordings of the sound of an engine in free-field 
conditions, reproduced through loud speakers, was also shown to give good results [29]. On 
the other hand it was also shown that monophonic recording and reproduction could give 
good results [98]. The method recommended for future use, however, would be to record the 
sound with a dummy head and to reproduce it through loud speakers where the so-called 
cross-talk effect is eliminated. In this case, the final impression would be adjusted in some 
extent by the shape of the listener's own head and ears. 

The studies within the framework of the thesis are all based on stereo recorded sounds in 
front of the engines in a hemi-anechoic room. The recordings were made at a distance of 1 
metre from the engine and 1 metre above ground level. Recorded sounds were played back in 
an anechoic room through a pair of loudspeakers (Figure 20). The response of the 
loudspeakers at the listening position varied with an accuracy± 2 dB from 20 Hz to 20 kHz 
The loudspeakers were calibrated by a variety of measurement techniques, and by an 
extensive subjective evaluation using listening tests. Figure 21 shows the idling sound in the 
frequency domain, measured both in front of the engine and from the listening position. The 
listening position was kept constant for all subjects. The original sound pressure level of all 
sounds was reduced by 17 dB during presentation. This reduced level corresponded roughly 
to the level at a distance 7.5 m from the engine (ISO 362) and attenuation effects related to 
the acoustic reflex were thereby avoided. 

Objective parameters were estimated on the basis of a single microphone (B&K 4133) 
measurement from the listening position with no subject present. Each sound was fed directly 
into a high resolution FFT based measurement system (LMS) at a sample rate of 64 kHz or 
alternatively into a B&K 2123 real-time third-octave-band analyser. The psychoacoustic 
parameters were then determined in "real time" by post-processing of the recorded data. 
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4.3. Subjective Assessment 

Annoyance response to sound is often studied by means of personal judgements on observed 
stimuli. Various methods have been developed to determine the subjective judgements by 
means of a one-dimensional rating. Three types of rating methods have been considered 
throughout this work, namely the paired-comparisons method [99], equal-appearing intervals 
method [100], and the method of successive intervals [101,102]. 

The annoyance ratings resulting from the paired comparison procedure were analysed 
using two different methods. The first method was based on the proportion of trials in which 
one stimulus was chosen over the other or alternatively chosen equally [103]. The second 
method was based on the degree of annoyance response to the sound which was recorded on a 
10 cm rating scale. The main drawback of the paired-comparisons method (PCM) is the 
difficulty in obtaining a reliable judgement from the subjects for a large number of stimuli 
[102]. A solution to this problem is to use a scaling method that requires only one judgement 
for each stimulus, for example, the method of equal-appearing intervals (MEAI) or the 
method of successive intervals (MSI) [30]. Another unfavourable aspect of paired 
comparisons is that the listener may focus on particular differences between the sound stimuli 
and not on the overall annoyance. 

Sound stimuli were always presented in randomised order, and to familiarise with the 
test procedure a number of sound stimuli were presented prior to the test. Judgement of 
annoyance for each sound was recorded on a rating scale, ranging from "not at all annoying" 
to "very much annoying". There are a number of possible scales to use for subjective 
evaluation [104]. Figure 22 shows a seven point scale used based on three different 
modalities, text, number and colour (grey scale). 

Consistent judgement of annoyance response to various sound stimuli was observed both 
for trained and untrained listeners using the paired comparisons method. Judgements of 
annoyance based on equal-appearing and successive intervals methods were only consistent 
for the trained listeners [30]. 

1 7, 3 4 6 7 
not at all moderately very much 
annoying annoying annoying 

Figure 22. Seven point scale used for annoyance judgements. 

4.4 Psychoacoustic Parameters 

The most commonly used psychoacoustic parameters are briefly discussed: more detailed 
definitions are to be found in the literature [16, 18,22, 24, 26 and 85]. 

Loudness: This criterion is usually measured according to ISO 532B, see Figure 23, and is 
related to the spectral distribution of the sound which takes into account the non-linear 
relationship between excitation level and specific loudness, and the non-ideal frequency 
selectivity of the human ear, expressed in critical bands and in the slopes found in masking 
patterns. Loudness calculations would ideally be based on filter shapes of the 24 defined 
critical bands on the Bark scale. The procedure is, however, normally approximated by third 
octave band-pass filters. Computer programs in combination with a real time third octave 
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band analyser enables efficient calculation of the loudness in sone. Using exponential 
averaging and the "fast" time constant, a rough similarity to the temporal and spectral 
masking effects of the human hearing is provided [15]. Time variations and statistical 
distributions of loudness can also be studied. Another approach to loudness is to estimate the 
specific loudness (N) in critical bands [85] determined by equation 3. 

N = 0.08 
Eo 

0.5 + - sone  
Bark 

(3) 

where, Em is the excitation at threshold in quiet condition and Eo is the excitation that 
corresponds to the reference intensity 10 = 10~*2 W/m2. E is the intensity level of the critical 
band. ^* 

•T 1 1 f f f T 

B*rfc 

b) c) 
Figure 23. Specific loudness estimate according to ISO 532 B, based on mesurements in front of 
three different engines (the enclosed area represents total loudness), a) original engine, b) modified 
engine using a bearing beam and a ladder frame, and c) modified engine using a ladder frame, 
vibration isolated oilsump, torsional damper cover and modified timing transmission cover. 

Sharpness: This criterion defines the tonal colour of a sound and is related to the first 
spectral moment of the loudness pattern with an emphasis on higher frequencies. The 
criterion allows sounds to be classed as "shrill" ("sharp") or "dull". Sharpness is only slightly 
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dependent of loudness level and detailed spectral content of the sound. Quantitative 
procedures for calculating sharpness (S) in Acum have been proposed [16], see equation 4. 

where N ' (z) is the specific loudness as a function of critical bands and g(z) is a weighting 
function that boosts specific loudness values above 16 bark. 

Roughness: Temporal variations in sounds can lead to two different hearing sensations: 
Fluctuation strengths at low frequencies of variation and roughness at higher frequencies of 
variation. These criteria are associated with amplitude and frequency modulations of tones, 
sometimes denoted as harshness, rumble or muddiness in the field of engine development. 
Two characteristics of the ear seem to influence the sensation of roughness: at low centre 
frequencies it is frequency selectivity; at high centre frequencies, it is the limited temporal 
resolution. Different procedures for calculating roughness have been proposed [17, 85,18]. A 
model for aurally adequate roughness (Asper) calculation is described by Eq 5 [85]. The 
calculations are performed by data captured through a digital third octave filter bank. The 
time constant has to be a half time shorter compared to the loudness estimation [105] and a 
correct estimate of modulation frequencies up to 200 Hz requires sample to be taken every 2 
ms. 

where is the dominant modulation frequency and ALdz) = difference in excitation level in 
each critical band produced by the modulation. 

An alternative method of determining roughness is based on FFT measurements, see 
Figure 24 [18]. In this case, roughness is estimated by determining the mean degree of 
modulation of the sound in six octave bands with centre frequencies between 125 Hz and 4 
kHz. The temporal sound pressure envelope within these octave bands is calculated by using a 
Hilbert transformation of the band-limited narrow-band spectrum. The envelope function for 
each of the octave band signals is then transformed back to frequency domain where it is 
corrected according to the sensitivity modulated tones [17]. Each of the corrected envelope 
spectrum is summarised and divided by the total sound pressure level in that band. Finally 
these partial roughness values are averaged together. 

Irregularity is a roughness related descriptor [24] and describes the phenomena that some 
types of engines emit irregular noise over well-defined speed ranges. The irregularity of the 
engine noise varies with speed when the maximum rate of heat release and the peak rate of 
pressure rise vary, and the combustion noise therefore varies from cycle to cycle and from 
cylinder to cylinder. The quantitative measurement of irregularity is shown in Eq 6. 

(4) 

(5) 

Standard Deviation of Peak Pressures 
Irregularity = 

Average Value of Peak Pressures (6) 
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Figure 24. Calculation procedure for roughness (Smod). a) autopower spectrum of engine noise 
covering the frequency range of the octave bands 125 to 4k Hz. b) band limited spectrum for 1kHz 
octave band, c) the corresponding time envelop achived by Hilbert transformation of the band 
limited spectrum, d) the autopower spectrum of the envelop signal, e) correction curves due to the 
sensitively of modulation phenomena, f) the weighted envelop spectra. 

Impulsiveness: Impulsive sounds can be very annoying, even i f their total energy is limited. 
This criterion is a measure of the amplitude and of the frequency of occurrence of pulse peaks 
with the background part of the signal and is based upon an amplitude probability analysis. 
Several quantitative methods to measure impulsiveness have been proposed [19, 33, 106 and 
20]. The classical measures of the impulsiveness of sounds, are the crest factor and Kurtosis. 
The Kurtosis (ß) of a distribution is calculated by the fourth and the second moments of the 
amplitude [19], given in equation 7. Equation 8 shows the logaritmic Kurtosis value, 
expressed as KL. It is suggested that the Kurtosis of engine sounds is determined from a band 
limited signal i.e. from 1 kHz to 5 kHz to avoid the influence from the harmonics related to 
the combustion process [106]. 
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where, p = instantaneous sound pressure and T = analysed time period. 

Periodicity: This criterion applies particularly to a comparative assessment of different types 
of engines. Periodicity is determined by cepstral analysis of a high-resolution Fourier 
spectrum of the sound pressure signal which emphasises the periodic structure in the engine 
sound and often the predominant source is the individual cylinder firing frequency [18]. 

Tonality: A tedious procedure to calculate tonality is suggested [22] which is based on the 
algorithms defined by Terhardt [21]. A simple and alternative method may be based on ratios 
between individual critical band levels. In paper F, a strong relation between annoyance and 
tonal components was observed in the frequency range of the ear canal resonance 2000 to 
4000 Hz (ERR) 

Harmonic ratio: This criterion is based on ratios of harmonically related frequency 
components [23]. The sound pressure levels of specific harmonic components e.g. half orders, 
first orders and third orders, are summated over a specific frequency range, e.g. from 0 to 800 
Hz. Then the ratios between these groups are used as descriptors of harmonic content. A 
harmonic descriptor often denoted rumble that gives the highest correlation to the annoyance 
judgements of the investigated diesel engines is shown in equation 9. 

H = 10log\ 
2 2 

^ Pn-1/2 + Pn+1/2 
(9) 

where, n is the order number related to the revolution frequency and p2 is a mean squared 
narrow-band sound pressure for a specific harmonic component. 

4.5. Structure Modifications and Sound Quality 

Figure 25. Examples of structural modifications of the lower crankcase of a diesel engine. 1) a ladder 
frame which connects the skirts of the engine block to each other 2) bearing beam to connect bearing 
caps 2 - 6 , and 3) cover for the torsional damper. 

The improvement of engines sound quality by structural modifications has been described in 
many articles [23, 33, 24, 42]. Several of these modifications (Figure 25) and their 
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combinations have been evaluated during the thesis work [41, 107, paper A, G and HQ. The 
impact on annoyance judgements and aurally adequate psychoacoustic descriptors due to 
these modifications are summarised in Table 3. 

Table 3 
The effect on annoyance and psychoacoustic descriptors due to structural modifications  

Annoyance Loudness Sharpness Roughness Harmonic ratio 
Modification (Sone) (Acum) (Asper) (dB)  

Original engine (O) 0 a 0 0 0 0 

Bearing Beam (BB) 0 0 0 - 0 

Ladder Frame (LF) - - 0 -

Decoupled Oil sump (DO) d 

Torsional Damper Cover (DC) - -

Modified Timing Cover (TC) d 

B B + L F . . . . o 

BB+LF+DO + 0 + 0 0 

LF+DO - - 0 0 

LF+DO+DC - - 0 

LF+DO+DC+TC - - - - -_• 

a 0 = original condition or no significant change of the considered parameter 
b + = significant increase of considered parameter 
0 - = significant decrease of considered parameter 
d not tested as a single modification 

The fact that a maximum stiffness of the lower crankcase improves sound quality, confirms 
the results presented by Aoki et. al. [34]. Another finding is that the combination of a ladder 
frame and a vibration isolated oil sump, which gives low radiation from the sides of the 
engine, only gave a slight improvement in sound quality in front of the engine. 

4.6 Annoyance Index 

Annoyance due to engine noise is quantified by correlation between annoyance assessments 
and various psychoacoustic parameters. An annoyance-index for engine noise has been 
developed by A V L and is based on loudness (sone), sharpness (Bark), periodicity and 
impulsiveness (Kurtosis) [108]. 

The last three years of annoyance evaluations at the division, are summed up and render an 
annoyance index for in-line 6 cylinder DITC diesel engines, see Figure 26. The index (R2

2 d j= 
94 %) is based on loudness (sone), sharpness (Acum), and harmonic ratio(dB). The model is 
established by the use of multivariate methods such as PCA and PLS [paper F]. A sub
division of the model in idling power and running conditions render two slightly different 
models. 

The annoyance index is based on the following engine and driving conditions (Table 4): 

I 11 litre diesel and ethanol engines with identical structures, in different load and 
running conditions [29]. 

I I , I I I Structural modifications of a 9 litre engine in idling and running conditions [paper 
A,B, F, H and 45]. 
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IV Engine in idling power, sound levels equalized to constant dB (A) levels and using an 
equalizer to synthesise some of the sound spectra [paper F and 107]. 

V Optimisation of the sound quality of an in-line 6 cylinder, 9 litre, diesel engine. 

Table 4 
Specified running conditions (Stimuli Number; swept volume & fuel, rpm/load(Nm).modifications)  

I : 1; H E , 1900/370,0 
4; H E , 1200/900,0 
7; H E , 1500/500, ct9 
10; 11D, 1900/900,0 
13; 11D, 1200/200,0 
16; HE1500/500,O 
19; 9D,500/200, O 

I I : 20; 9D,500/20,DO+LF+BB 
23; 9D, 500/20, L F 
26; 9D, 500/20, BB 
29; 9D, 500/20, O 

m:31; 9D,1900/370,DO+LF+BB 
34; 9D, 800/800, L F 
37; 9D, 800/800, BB 
40; 9D, 800/800, O 

2; H E , 1900/900,0 
5; H E , 600/20, O 
8; H E , 1500/500, a l3 
11; 11D, 1500/500,0 
14; 11D, 1700/900,0 
17; 9D1100/915,O 

21; 9D, 620/20, DO+LF+BB 
24; 9D, 500/20, DO+LF 
27; 9D, 620/20, BB 
30; 9D, 500/20, D C 

32; 9D, 1900/370, LF+BB 
35, 9D, 1900/370, DO+LF 
38; 9D, 1900/370, BB 
41; 9D, 1900/370, O 

rV: 42; 9D 620/20, Sinchigh 
45; 9D 620/20, Sinceven 
48; 9D 620/20, Sohot 
51; 9D 620/20, SoptA 

V: 52; 9D, 520/20, DO+LF+DC 
55; 9D,620/20,DO+LF+DC+TC 
57; 9D, 620/20, DO+LF* 58; 9D, 520/20, O 
60; 9D, 800/800, DO+LF+DC 61; 9D, 1900/370, DO+LF+DC 
63; 9D, 1900/370, DO+LF+DC+TC 
65; 9D, 1900/370, DO+LF * 66; 9D, 800/800, O* 

43; 9D 620/20, Sdechigh 
46; 9D 620/20, Sincrogh 
49; 9D 620/20, Ocold45 

53; 9D, 620/20, DO+LF+DC 

3; H E , 1200/200,0 
6; H E , 1700/900,0 
9; 11D, 1900/370,0 
12; 11D, 1200/900,0 
15; 11D, 600/20,0 
18; 9D2100/864, O 

22; 9D, 500/20, L F + B B 
25; 9D, 620/20, DO+LF 
28; 9D 620/20, O 

33; 9D, 1900/370, L F 
36; 9D, 800/800, D O + L F 
39; 9D, 1900/370, D C 

44; 9D 620/20, Sdecimpl 
47; 9D 620/20, Ocold 
50; 9D 620/20, SoptB 

54; 9D, 520/20, DO+LF+DC+TC 
56; 9D, 520/20, DO+LF 
59; 9D, 620/20, O* 
62; 9D, 800/800, DO+LF+DC+TC 
64; 9D, 800/800, DO+LF* 
67; 9D, 1900/370, O* 

O = original condition, a = injection angle, S = syntnesised sounds, * = replicated test 

Annoyance 
b„=-2.31 
b,= 0.07 
b2= 0.90 
b3= 0.03 

= bj+b.sone+bjAcum+bjdB 

«2 

«6 

•18 
• 17 

. 7 * 9 - J | f % 4 1 . 7 * 9 - J | f % 4 1 
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Figure 26 Annoyance index due to noise from in-line 6 cylinder diesel engines developed by PLS. 
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Figure 27 shows a comparison between the original engine and two of the modified engines. 
One of the structural modifications gave a minimised total sound power and the other engine 
was assessed as least annoying regarding the sound recorded in front of the engine. The figure 
shows the normalised values of, annoyance, and some important objective parameters. 
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Figure 27. Comparison of annoyance and psychoacoustic parameters, a) original engine, b) engine 
with minimised total sound power level, and c) engine that minimised annoyance. The normalised 
levels cover the following intervals: ALoudness=72 sone, ASharpness=0.55 Acum, AHarmonic ratio 
= l l d B , ARoughness =8.6Smod and A L A =19dB. The annoyance ranges from not at all annoying to 
extremly annoying. 
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5. FUTURE WORK 

The development of new criteria regarding engine and vehicle noise has to be based on a 
measurement procedure that provide minimisation of annoyance. To evaluate the needs and 
requirements of such procedures and to efficiently evaluate the characteristics of sound 
sources, topics to be treated in my future research is listed below. 

• The use of binaural recordings in field studies, for noise source evaluation on heavy-duty 
trucks during acceleration. 

• The use of binaural recordings in laboratory studies for noise source localisation on diesel 
engines. 

• A comparison between engine sound quality evaluation in laboratory and studies of the 
sound quality of trucks in field conditions. 

• Evaluation of the effects on annoyance judgements due to problems of correct spatial 
localisation when listening to binaural recorded sound stimuli. 

• Development of aurally adequate descriptors for tonality and harmonic content. 

• Continuous development of an annoyance index for diesel engine noise. 

• Design of engines that are optimised for sound quality. 

• Experiments designed to improve detection of independent phenomena in the sound field 
when measuring 3D intensity. 

• PCA and PLS of 3D sound intensity measurements of diesel engines to provide estimates 
of the overall noise source contributions to specific positions in the far-field. 

• Further development of methods based on intensity measurements that provide detailed 
analysis of the sound radiation from a diesel engine 

• Evaluation of the effects of fuel mixtures and fuel quality on sound quality. 

6. SUMMARY OF THE PAPERS 

Paper A describes a method by which the characteristics of a complex source may be 
determined. Advanced measurement techniques and designed experiments based on engine 
modifications and lead wrapping of radiating structures, are used. Sound intensity 
measurement and operational deflection shape measurement of modifications of the timing 
transmission cover, the oil sump and the rotating damper provided valuable information 
concerning engine radiation and vibration. The test series enabled acoustic interference to be 
studied and provided an insight in interaction phenomena. The acoustic radiation from the 
source considered, the torsional vibration damper area, originated from the timing 
transmission cover behind the damper, and due to interaction phenomena such as: i) coherent 
vibrations in the structures, ii) resonance phenomena in the cavity between the structures and 
iii) changes in the characteristic of the source. 

Paper B is a continuation of paper A and interprets the measurement results in narrow bands 
by using the PCA and PLS methods. These multivariate techniques allow the measurement 
results due to each modification, to be decomposed into three independent spectra. This and 
the fact that redundant noise is removed simplifies interpretation of the sound radiation 
phenomena. 
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Paper C focuses on the measurement accuracy of 3D intensity measurements in discrete 
points. The influence of probe arrangement, probe control, and source characteristics was 
evaluated in four case studies. The result indicates that narrow band intensity measurement in 
discrete points may give serious errors in the vector estimate, due to high directional pl-index, 
unstable source conditions and errors in probe-positioning. 

Paper D explores the possibilities of detecting independent phenomena in a partly coherent 
sound field by using PCA to facilitate interpretation of 3D intensity measurements in narrow 
bands. This method is tested and evaluated experimentally by the investigation of the sound 
field generated by a well-controlled noise source. The use of PLS to find correlated patterns 
in the near-field intensity estimate related to a sound pressure in the far-field is also 
evaluated. The results indicate that the removal of redundant noise improves the accuracy of 
source localisation and facilitate the detection of independent phenomena in a partly coherent 
sound field. 

Paper E describes the application of the methods described in paper D: these determine the 
characteristics of the sound field in front of a diesel engine which is idling. The results of this 
application indicate that source localisation may be improved, since independent phenomena 
might be separated and thereby also give indications of extraneous phenomena in the sound 
field such as external noise. 

Paper F provide an analysis of the sound quality of synthesised idling sound at a constant A-
weighted sound pressure level using stereo-reproduced sound stimuli. The relationship 
between annoyance and various psychoacoustic parameters is evaluated efficiently by the use 
of PCA and PLS. As a result, a strong correlation between the variation of tonal components 
in the ear resonance range (ERR) and annoyance was discovered. 

Paper G shows that reducing sound radiation from a diesel engine and changing the spectral 
distribution may be provided by modification of the lower crankcase and the oil sump. Two 
additional structures are developed: a bearing beam that connects the bearing caps of the 
crank shaft and a ladder frame that connects the sides of the lower crankcase. A significant 
reduction in sound power level was achieved by the ladder frame in combination with a 
vibration isolated oil sump. In front of the engine the combination of ladder frame and 
bearing beam gave a similar reduction especially in the frequencies from 1600 to 3200 Hz. 

Paper H describes the procedure for sound quality evaluation of the engine modifications 
investigated in papers A, B, and G. The use of listening tests conducted with a panel of 
experienced subjects, and an evaluation of the annoyance response based on the method of 
successive intervals, provided statistically significant assessments of sound quality 
differences. It was found that the combination of a bearing beam and a ladder frame, which 
give increased stiffness of the lower crankcase, minimised the annoyance due to sounds 
recorded in front of the engine. The low annoyance assessment is associated with low 
loudness, sharpness and roughness levels. The engine with least total sound power, gave in 
this specific position only a slight improvement in sound quality. 
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ABSTRACT 

The lower front end of a diesel engine is a major noise source. Describing the source 
mechanisms of this area is problematic as it consists of a rotating torsional vibration damper in 
front of the timing transmission cover and the oil sump. This experimental study focuses on the 
acoustic interaction phenomena between the damper and the structure behind it. To describe the 
source mechanisms a test series of different modifications by conventional lead wrapping 
technique is performed The vibration behaviour of each sub-structure is determined by 
operational deflection shape measurements and the source strength for each modification is 
determined by nearfield sound intensity measurements. The results show the contributions from 
different sub-structures and describes the interference effects due to coherent radiation. It is 
concluded that the radiation is dominated by the timing transmission cover structure behind the 
damper. At some frequencies though, the torsional vibration damper in combination with the 
timing transmission cover behind it, causes the high radiation. This effect is mainly due to 
coherent vibrations and a resonance phenomenon in the cavity between the structures. 

1 INTRODUCTION 

New E E C legislation's regarding noise from vehicles will come into force in 1995. This has led 
to work by track manufacturing companies to make their vehicles less noisy. To fulfil the new 
legislation demands of 80 dB(A), it is necessary to use various types of covers to enclose the 
drive-line which is one of the main noise sources during acceleration. Covers are expensive 
solutions because they cause difficulties in production, service and with heat transfer. A more 
cost-efficient solution would therefore be to reduce the effect of the drive-line noise sources. 
This paper comprises an investigation of the complex source mechanisms of the lower front-end 
of a 9 litre in-line 6 cylinder diesel engine. The main structures within this area are the torsional 
vibration damper (TVD), the tirning transmission cover (TTC) and the front of the oil sump. 
This considered area will from now on be defined as the TVD area. 

The TVD is a heavy and well-damped disc attached to the front end of the crankshaft 
Even though, it acts as a substantial noise source which has been shown in several papers.1" 3  

The TVD reduces the torsional vibrations in the engine shaft system. These vibrations cause a 
reduction in timing accuracy between injection time and piston position which lead to 
irregularities in engine performance.4 An increase in timing accuracy gives lower noise and 
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exhaust emissions and extend the lifetime of the drive-line. The problem is that the TVD, 
together with the lower part of the TTC, acts as a noise source due to some kind of interaction 
phenomena probably caused by axial and bending vibrations in the crankshaft. This is 
emphasised in the third octave bands centred at 630 Hz, 800 Hz and lk Hz which dominate the 
noise spectrum measured at 1 m in front of the engine. 

The objective of the experimental series of different modifications is to describe the source 
mechanisms of the TVD area by the aid of nearfield sound intensity measurements. One problem 
of nearfield sound intensity (SI) measurements of a local source is the interference by partially 
coherent surrounding sources.5 To overcome this problem and to better understand the 
mechanisms of sound radiation the intensity measurements are combined with the conventional 
lead wrapping technique. The vibration behaviour of each sub-structure is determined by 
operational deflection shape (ODS) measurements. As a result of the investigation a 
modification is suggested which gives a decrease of the sound power level of the TVD area with 
around 4 dB (A). 

2. MODEL OF SOUND RADIATION 

The sound radiation from the TVD area, Figure 1, is assumed to be a mixture of contributions 
from 4 partly coherent sub-structures defined as: X j : TVD radiation, X3: radiation from the 
lower part of the TTC structure behind the TVD, X4: radiation from the oil sump and X5: 
radiation from the upper part of the timing cover. The radiated sound power is determined by 
near field intensity measurements over a hemispheric grid shown in Figure 1. Substructure's 
and X3 are of special interest. The surrounding structures X4 and X5 are taken into account as 
small areas of them are covered by the grid 
and as coherent sources outside the control 
volume might interfere the intensity estimate. 

The TVD, with diameter 280 mm, is 
mounted at the front end of the crankshaft 
and the distance between the TVD and the 
TTC is 5 mm, see Figure 1. The TVD 
position is modified during the experiment 
which is described by two additional 
variables. X2, describes the distance between 
the TVD and the structure surface and Xg, 
describes the displacement of the TVD. The 
displacement is defined as a forward move of 
40 mm. 
The TVD radiation (Xi) near a reflecting 
and/or radiating structure with a complex 
modal behaviour is difficult to derive by 
analytical methods. Figure 2 describes a 
simple model of the TVD sound radiation in 
free field as a function of both vibration 
behaviour and radiation condition. The model 
is based on the assumption that the vibrations 
in the crank shaft, cause tilting and circular 
"modes" of the TVD. The estimate is based 
on the far field relations of source strength 
between different idealised finite sources as 

Fig. 1. Model description of the sound radiation from 
the T V D area. The sub-structures are defined as: X j 
= T V D radiation, X3 = radiation from the T T C near 
and behind T V D , X4 = oil sump radiation, X5 = 
radiation from the upper part of the T T C . The T V D 
position is described by: X 2 = distance between T V D 
and the structure behind, Xg= displacement of the 
T V D . 
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monopoles, dipoles and quadropoles.6 As the 
back area is 25 % smaller than the front area, 
no perfect dipole or quadropole radiation will 
occur. Interaction effects due to coherence 
and reflection phenomena are not considered. 

Fig. 2. Principal drawing of the T V D sound radiation 
for different conditions, a) Due to tilting rigid body 
motion the source can be described as a dipole 
(baffled) or as a combination of a dipole and a 
quadropole (free), b) When first order circular 
"modes" occur, the source in baffled condition is 
described as a baffled piston. When "free" radiation 
occurs the source is described as a combination of a 
monopole and a dipole. c) In the case of second order 
circular "mode" shapes the centre part of the T V D 
vibrates out of phase to the outer area. In "free" 
radiation the source combines monopole and dipole 
character, and the baffled front condition is described 
as two baffled pistons of different source strength and 
opposite phase. 

3. EXPERIMENTATION 

The measurements were carried out in a hemi anechoic engine test cell, with the reflecting plane 
0.7 m below the centre of the crankshaft. Each test was duplicated and performed in randomised 
order at a constant speed of 1900 rpm +/-5rpm, load 370 Nm+/-5Nm (half load) and water 
temperature 85°C +/-10°C. To be able to carry out this experiment, belts and belt pulleys were 
removed. 

The basic idea with the experimental series was to measure the radiated sound power from 
the TVD area in different conditions to be able to describe the contribution from different sub
structures and the interaction effects between them. By the use of lead wrapping technique the 
contribution from a certain part of the engine was assumed to be reduced to a miriimum. By this, 
the sub-structures were treated in two different conditions, normal or covered, which gave a 
great number of possible test combinations. To reduce the number of tests a special experimental 
design was used. 

3.1. Instrumentation and procedures 

For the SI measurement an intensity probe 4177 from Bruel & Kjaer fitted with 1/2" 
microphones type 4165 was used, configured to give a positive residual intensity value in order 
to ntiitimise the error of the sound power estimate.7 The probe was connected to a LMS 
(Leuven Measurement Systems) CADA-X FFT based measurement and analysis system, with a 
HP(Hewlett Packard) Paragon 35650 front-end and supplied with a HP 9000/360 computer. 

The intensity and sound pressure level were measured simultaneously, which gave a good 
control of the field indicators F2, F3 5 ' 8 - 1 0 and of the dynamic capability of the measurement 
system. The residual pressure intensity index 1 1- 1 2 was checked by a coupler measurement 
(B&K3541) and Hed in the interval of 19 to 23 dB. This procedure is not suggested by B&K but 
it has been shown to give accurate results.13 The sound power level was measured over a 
hemispheric grid with a radius of 0.22 m, 4 levels and 6 sectors (24 sub-areas), see Figure 1. 
Over every single area 80 independent samples were averaged together, which gave a reasonably 

'Free condition' 'Baffeledcondition' 
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30mm absorbing material 

Chip-board 2x3mm 

Absorbing material 15mm 

Viscoelastic material 

stable spectrum. The probe was hand-held during the whole sequence of measurement. Point 
measurements were made at the first two levels of the hemisphere. The two lower levels with 
larger areas were swept with a speed around 0.1 m/s. 

To determine the vibration behaviour of the radiating structures an ODS analysis was 
carried out. The surface vibration velocity of the rotating TVD was measured using an Ometron 
VS 100 laser interferometer.14 The surface acceleration of the engine structure was determined 
by light weight PCB accelerometers (2g). The 
ODS estimation was based on the cross 
power spectra between a carefully chosen 
reference point on the engine structure and 
each response point on the TVD and the 
engine structure. 

3.2 Experimental design 

During the experimental series the two 
position descriptors (X2 and Xg) and the 
defined sources (except the TVD) were 
varied in two distinct levels, defined in Table 
1. The radiation condition of the TVD (Xj) 
was examined in five different cases, defined 
as: 1) baffled front, 2) radiation in normal 
position 3) "free" radiation in displaced 
position, 4) baffled back, 5) covered. 

The experimental series was based on a 
two-level quarter fractional factorial design.15 

This design reduces the number of tests in an 
optimised way and allows the study of 
interactions between the defined variables. 
The design also allows all the data from the 
experiment to be used to study the effect of 
individual variables. The practical realisation 
of the experimental series is shown and 
described briefly in Figures 3 to 6. To 
facilitate interpretation, three additional 
measurements were performed, see Figure 7. 

Table 1 
Definition of the variables in the experimental series 

Fig. 3. a) Test 1: A cylindrical pot, made of plywooc 
and chip board covered with a heavy viscoelastic 
material and absorbing material, was used to cover 
the T V D . This cover was bolted (at two points of high 
impedance) and sealed with silicone on to the T T C . 
b) Test 2: The engine structure, except the T V D was 
covered with a 2 mm lead-plate. Around the T V D a 
chip board was mounted to a fine-fit. The space 
between the engine structure and the lead plate was 
filled with absorbing material. 

5mm Ahplate 

Variable Low(-l) High(+1) 

e e 

1 1 

1 

X I : T V D radiation a a 

X2: Cavity space 45 mm 5mm 
X3: T T C rad. (lower part) covered normal 
X4:Oil Sump radcovered covered normal 
X5: T T C rad (upper part) covered normal 
X6: displacement of T V D 0mm 40mm 

a five different conditions 

Ring of ship-board  

2mm lead eta te 

Fig. 4. a) Test 3: The T V D was displaced by a spacer 
of steel material. The cylindrical pot used in test 1, 
modified with a ring of chip board that fitted perfectly 
around the T V D , covered the front. The lower part of 
the T T C and the oil sump was covered with a 2 mm 
lead plate and absorbing material. Behind the TVD a 
5 mm thick aluminium plate was mounted at a 
distance of 5 mm from the T V D back surface. To 
avoid absorption a rubber sealing was mounted 
between the plate and the crankshaft This realised 
the standard conditions except that the structure, in 
this case the additional heavily damped aluminium 
plate, just acted as a reflector, b) Test 4: The T V D 
radiated freely close to the additional Al-plate and the 
whole engine front was covered. 
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Fig. 5. a) Test 5: The T V D was displaced and the 
cylindrical pot covered the front. The upper part of 
the T T C was covered with lead and absorbing 
material, b) Test 6: The T V D was displaced and 
freely radiating, and the oil sump was covered with 
lead and absorbing material. 

Fig. 6. a) Test 7: The T V D was in normal position 
and the front was covered. The oil sump and the 
upper part of the T T C was covered, b) Test 8: The 
modified original condition, where the belts and 
pulleys were removed. 

Fig. 7. Three additional tests to u .^.e 
interpretation, a) Test 9: The T V D was dispiaceä ana 
the upper part of T T C was covered, b) Test 10: 
Normal conditions except that upper part of the T T C 
was covered, c) Test 11: Normal conditions except 
that the T V D was displaced. 

4. RESULTS AND DISCUSSION 

4.1 Operational deflection shapes of the engine structures 

The results focus on the properties of sound radiation but to facilitate the understanding of the 
described phenomena some results of the ODS analysis are studied. Figures 8 and 9 show some 
typical ODS of the TVD and the engine structure. Due to axial vibrations in the crankshaft the 
TVD vibrates mainly in a first order (800 Hz band) and a second order (1 kHz band) circular 
deflection shape. In the case of bending vibrations in the crank shaft, a tilting motion of the TVD 
occurs (630 Hz band). 



6 Ö Johansson 950630 

Fig. 8. Examples of typical ODS of the TVD, determined by gated measurements of the T V D in normal position, 
a) tilting rigid body motion, 624 Hz b) first order circular "mode" shape, 808 Hz, c) second order circular 
"mode" shape, 1024 Hz. 

Figure 9 shows some representative ODS of the engine structure, where the main deflection 
pattern is of first and second order. In 630 Hz a first order behaviour is seen over the TTC 
structure. In 800 Hz a local first order behaviour is seen in the lower part of the TTC. In 1 kHz 
a second order behaviour is seen involving both lower part of TTC and the oil sump. 

Fig. 9. Typical ODS of the engine structure, a) undeformed structure b) 664 Hz, c) 808 Hz and d) 1024 Hz. 

4.2 Narrow and third octave band analysis of sound power measurements 

The results shown in Figures 10 and 11 
emphasises that the TVD area is an important 
source in the third octave bands 630 Hz, 800 
Hz and 1000 Hz, as the sound radiation 
shows large variations and is very sensitive to 
modifications of the TVD area. Values 
obtained of the global pl-index (F3) for the 
experimental series are also relatively low at 
these frequencies, see Figure 12, which 
indicates mainly active sound radiation. 

The narrow band spectrum shows a 
harmonic relation to the fundamental 
frequencies of the engine at 1900 rpm, i.e. to 
the firing frequency (96 Hz), revolution 
frequency (32 Hz) and individual cylinder 
firing frequency (16 Hz). Each of the third 

W i 
UM KL i I 

360 500 630 800 1000 1250 1600 2000 2500 3600 

frequency [Hz] 
Fig. 10. Measured sound power levels in the nearfield 
of the T V D area, in both third octave and narrow 
bands, , normal condition-(test 8) and 

> modified T V D position (test 11). 
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octave bands studied contained four or five dominating peaks, see Figure 10. The amphtude 
variations of these peaks are significant and very large in this experimental series. Relations 
among the 1/3 octave band levels were studied in order to see any pattern and to interpret 
results more easily. 

9 " / 
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\ ^ * - - - ~ n / 
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_ 2 4 frequency [Hz] 
Fig . 11. Measured sound power levels over the hemisphere in third octave bands, referred to test 8 

A general interpretation of Figure 11 is that 
covering the lower part of the TTC structure 
(X3) gives a consistent decrease in sound 
power level (test 1-4). The fact that covering 
the engine structure (test 2) is more efficient 
than covering the TVD area (test 1), indicates 
that the surrounding structures X4 and X5 
influence the sound power estimate. The 
results also indicate that the TVD is a much 
more efficient radiator (800Hz & 1kHz) when 
it radiates close to a structure (test 4) than 
when the front is baffled (test 2). To make a 
more detailed description of the source 
mechanisms the effect of displacement is 
determined first of all. Then the contribution 
from the engine structure is investigated. 
Finally, the source strength of the TVD and 
the interaction effects are examined. 

o 
c. 

CO 

Dynamic zapabiliiiy 

cr,Q:ne~'ing grade 

Fig. 12. Global pressure intensity index F3 for the 
experimental series 

4.2.1 Effect of displacement 
The difference between normal and modified TVD position is evaluated by comparisons of tests 
8 & 11 and tests 9 & 10, see Figure 13. The observed amplifications and attenuation's might 
berelated to a change in vibration behaviour of the TVD. The displacement of the TVD was 
expected to give a reduction in vibration amplitude and sound radiation. However, the space 
averaged squared vibration velocity, based on 17 measurement points on the TVD surface, 
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indicates an unchanged vibration level in case 
of axial motion. In case of tilting motion a 
small reduction was found (3dB). Since the 
displacement gives a very predominant 
increase (800 Hz, +7 dB) and decrease (630 
Hz, -3 dB) in sound power level, an 
interaction phenomenon between the TVD 
and the engine structure can be expected. The 
almost unchanged level in the 1 kHz third 
octave band is a little bit mis-leading which 
can be seen in the narrow band spectra in 
Figure 10. Within this frequency band two 
contradictory phenomena can be observed 
which cancel out each other (for further 
analysis see 4.2.4). 

4.2.2 Sound radiation from the engine structure 
Covering different parts of the engine 
structure give significant changes of the 
sound power level. Figure 14 shows the 
contribution from each part of the engine 
front structure. The upper part of TTC 
contributes slightly to the sound power level 
in all frequency bands except in 630 Hz and 
800 Hz. In the 630 Hz band, the TTC 
structure mainly vibrates in first order "mode" 
shapes, see Figure 9. The close vincinity of 
the TVD probably causes a phase shift of the 
sound radiation from the TTC structure 
behind the TVD ( see 4.2.3 for further 
analysis). This phenomenon gives an 
increased level in test 10, due to a change 
from dipole to monopole radiation. The oil 
sump gives a clear contribution to the sound 
power level in all frequency bands except at 
800 Hz and 4 kHz. The surrounding 
structures (X4 and X5) do not influence the 
sound power estimate in the 800 Hz band, 
which indicates a very strong contribution 
from the lower part of the TTCCK^) and the 
TVD. Covering the whole engine structure 
except the TVD (test 4) gives a very 
cleardecrease in sound power level in all 
frequency bands except in 4 kHz. This 
indicates that the cavity and the engine 
structure behind the TVD are the main 
contributors to the total sound power level. 

9 r 

-9 L 

Fig. 13. The change of the spectrum due to a forward 
displacement of the damper, normal 
condition (T11-T8), upper part of T T C 
covered (T9-T10). 

frequency [Hz] 

Fig. 14. The contribution to the sound power level 
from different parts of the engine structure,  
the whole structure covered (T4-T11), - - - - upper 
part of T T C covered, T V D displaced (T9-T11), —x— 
upper part of T T C covered, normal T V D position 
(T10-T8)and oil sump covered (T6-T11). 

4.2.3 The radiation behaviour of the TVD 
Figure 15 (a - c) shows the intensity patterns in third octave bands for test 2 (baffled front), 
which confirms the obtained vibration behaviours shown in Figure 8. In the 630 Hz band a 
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dipole radiation pattern can be seen which is expected due to the tilting motion of the TVD. The 
dipole behaviour explains the low measured sound power level in this particular condition. The 
expected monopole radiation pattern in the 800 Hz band can not be seen clearly, it might be 
interfered by a weak tilting "mode" behaviour that occur parallel with the first order mode 
shape. At 1 kHz a very narrow radiation pattern can be seen which is expected for a circular 
surface where the inner area vibrates out of phase with the outer area. For this particular 
vibration behaviour, a very low radiation efficiency is evident16 

27.5 

29.8 

30.5 

-32.0 

33.5 

I -35.0 

Ü 4 -36.5 

38.0 

39.5 

41.0 

d) 

Fig. 15. Intensity maps in third octave bands for test 2 (baffled front) and for test 4 (free radiation close to a 
reflecting structure). Test 2, a) 630 Hz, dipole radiation pattern, b) 800 Hz, monopole pattern, disturbed by a 
weak tilting deflection shape coupled with the first order shape, c) 1kHz, a narrow monopole pattern. Test 4, d) 
630 Hz, the sound radiation is almost cancelled out, e) 800 Hz, monopole pattern with local cancellation over the 
edge, disturbed by a weak tilting deflection shape coupled with the first order shape, f) 1kHz, monopole pattern 
with local cancellation over the front surface. 

To determine the source strength of the TVD, different tests are compared, see Figure 16. 
The difference between front radiation (test 2) and normal radiation close to a structure (test 4) 
shows that the TVD source strength becomes lower in baffled front condition (except in 630 
Hz). The main reason for an increase of radiation efficiency in normal condition, is probably 
related to a phase shift and an amplification of the back radiation (only in case of axial motion), 
see Figure 15(d-f). The amplification of the back radiation can be expected as this effect is found 
when point sources come close to a rigid surface.6 The phenomenon of a phase shift of the back 
radiation in the close vicinity of a reflecting structure has been observed in a previous study.17 In 
that case the radiated sound from a loud speaker was phase shifted when it was moved close to 
a structure (<10 mm). In 630 Hz the difference between dipole and quadropole radiation 
explains why the TVD source strength increases in baffled front condition. 
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The relation between back and "free" 
radiation can be seen when comparing tests 5 
and 9. In 630 Hz the same difference is found 
as in the case of front and normal radiation. 
This confirms the difference between the 
dipole and quadropole radiation behaviour. 

In 800 Hz the TVD back radiation 
becomes more efficient than the radiation in 
"free" condition. This is expected, at least in 
the case of displaced TVD where no phase 
shift of the back radiation occurs, as it reflects 
the difference between monopole and dipole 
radiation. 

In 1 kHz, the baffled back condition 
(almost monopole condition) was assumed to 
be more efficient than the free radiation but 
the obtained result is contradictory. There are 
two possible explanations for this 
phenomenon, (i) there is a coherent vibration 
behaviour of the TVD and the TTC structure 
and (ii) the back radiation is amplified by 
reflection and therefore only partly cancelled 
out by the outer front surface and due to this, 
it contributes together with the centre area of 
the TVD front. 

If the TVD source strength is estimated from tests 2, 4 ,5, 7, 9 and 10 (where X3 radiates 
or the whole engine structure is covered) on the assumption of incoherent sources, it becomes 
evident that the TVD and TTC structures must be coherent, as the result of such analysis ends 
up in negative powers or huge amplifications. This is confirmed by a simultaneous ODS 
measurement of both TTC structure and the T V D 1 4 which indicates coherent vibration 
behaviours at some frequencies. However, if the TVD is treated as an independent source, the 
known vibration behaviours, the effect of displacement and the results of tests 2 and 4 gives the 
rank order shown in Table 2. 

Table 2 
Rank order of the T V D source strength due to different deflection shapes and radiation conditions 

Rank order Tilting motion l:st order circular shapes 2:nd order circular "modes 

1 baffled back normal condition normal condition 
2 baffled front baffled back "free" radiation 
3 normal condition "free" radiation baffled back 
4 "free" radiation baffled front baffled front 
5 covered covered covered 

4.2.4 Interaction phenomena 
The narrow band spectra in figure 10 indicate some important interaction phenomena. One 
phenomenon is seen in the frequency range 600 to 632 Hz where the sound power level is 
reduced by 10 dB. It was expected that this interaction effect was related to the cavity between 
the TVD and the reflecting structure. The facts that test 3 and tests 1 and 2 give an almost equal 

frequency [Hz] 

Fig. 16. The relative source strength of the T V D in 
different conditions, - - - - the relation between 
front and free radiation (T2-T4), - - - - difference 
between back and free radiation (T5-T9), T T C 
upper covered, difference between free and 
covered damper (T1-T8), the lower part of T T C 
structure is covered in test 1. 
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reduction show that the high sound power level is related to some other phenomenon. The 
global pl-index (F3) in narrow bands within this range increases when the TVD is displaced. 
This means that the complexity of the radiation increases, in this case it indicates a change from 
monopole radiation to a more inefficient radiation condition. The monopole radiation is probably 
due to a resonance phenomenon in the cavity excited by the TTC structure. The resonance 
phenomenon is confirmed by a repetition of test 8 with high resolution18, where the global pl-
index is close to zero at the specific frequency 616 Hz. A resonator excited by the surrounding 
sound field acts as an absorber,19 which is one of the reasons to the sigriificant reduce in sound 
radiation in test 3, where the TVD is closely mounted to the damped additional Al - plate ( 
Figure 4 ). In this case the TTC radiation (X5) is cancelled out since the cavity acts as an 
absorber. 

The other important interaction phenomenon is found in the 800 Hz band. In tests 5, 6 
and 7 this phenomenon leads to an increase in radiated sound power, probably due to coherent 
vibrations in the lower part of the TTC and the TVD. Around 808 Hz the structures vibrate 
slighdy out of phase and due to the displacement of the TVD the back area will radiate in phase 
with the TTC structure which explains the great increase in radiated power. The increase is 
especially emphasised in test 5 where also 720 Hz and 760 Hz shows great amplifications. For 
these frequencies the increase is mainly related to the change of source character of the TVD, 
from a dipole to a monopole. 

In the 1 kHz band two different phenomena occur. There are probably both a resonance 
phenomenon, which can be observed around 1080 to 1100 Hz, and a coherent behaviour which 
is seen in the range from 960 to 1032 Hz. In the latter case the ODS measurement shows a 
second order panel mode behaviour over the oil sump front and the lower part of the TTC 
structure, see Figure 9. If the TVD vibration (second order circular deflection shape) was 
incoherent with the structure an increase of the radiated power would be seen especially in tests 
6 and 7. However, for these tests a decrease in sound power level is observed which indicates a 
coherent behaviour between the TVD and the lower part of the TTC. This result also indicates 
that the TVD radiates out of phase with the TTC structure (X3) and therefore in phase with the 
oil sump. 

4.3 Error analysis 

The requirement of repeatability was not satisfied in tests 4, 6 and 7 (AJDyy >1.5dB in narrow 
bands). These tests were replicated four times and the reasons for the poor repeatability were 
found in the narrow band results, which showed frequency shifts and bias errors. Errors like 
these can be expected due to (i) an unstable source and (ii) limited averaging time. The fact that 
the frequency lines are roughly centred around the fundamental and harmonically related peaks 
in the spectra, indicates that speed variations can cause bias errors. In case of point 
measurements the bias error can also be related to a slight change in the directivity of the source. 
Other problems that can arise are; (iii) difficulty in mamtaining identical measurement and test 
conditions due to the complex modifications; (iv) severe measurement conditions due to 
relatively high global PI index, see Figure 12; (v) variations due to bias and random error of the 
measurement method,5-20'21 (vi) the problem of correct spatial averaging of the hemispheric 
surface with a hand-held intensity probe; (vii) interference from sources surrounding the TVD 
area and (viii) the lack of real time performance. 

4.4. The use of the obtained results 

The obtained results indicate that the TTC structure behind the TVD and the TVD back 
radiation give the strongest contributions to the radiated sound power and that the radiation 
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from the baffled TVD front is considerably low. In order to reduce the source strength of the 
TVD area the TTC structure behind the TVD and the back area of the TVD was covered. This 
is realised with a noise "trap" around the TVD, see Figure 17. The solution was found to give a 
sufficient decrease of the radiated sound power (-4 dBA) of the local source and gives a smoth 
sound character. However, in 1000 Hz the reduction was lower than expected, probably due to 
the contribution from the oil sump. 

Fig. 17. a) Proposed modification of the T V D area. A ring of fibre composite material with a L-profile cross-
section surrounds the T V D . It is covered with a thin metal sheet and filled with absorbing material. Between the 
inner volume and the cavity there are open connections which act as tuned Helmholz absorbers, b) Sound power 
change for the first prototype of the noise trap (referred to test 8) at five different speeds, c) Comparison of sound 
power levels for test 8 ( ) and test 12 ( ). 

5. CONCLUSIONS 

In combination with lead wrapping technique sound intensity measurements can be used to give 
a detailed understanding of a complex source mechanism. The sound intensity method gives 
accurate results but coherent sources outside the control volume interfere clearly if the source is 
weak. On the basis of this investigation and the suggested modifications the following 
conclusions may be drawn: 

630 Hz band: The damper is vibrating in a tilting rigid body motion of high amphtude, 
but the sound power contribution is low as the radiation efficiency of this mode shape is low. 
The TVD in normal position contributes effectively to the noise radiation as an interaction effect 
occur between the TTC structure and the TVD. A probable explanation is that the cavity 
between the TVD and TTC acts as a volume source in resonance. The cavity is mainly excited 
by the TTC structure and is described as a quarter wave length resonance in the radius direction 
of the TVD around 616 Hz. 

800 Hz band: The main excitation is from a first order panel "mode" shape (808 Hz) 
over the timing cover behind the TVD and the oil sump front. When there is a small distance 
between the TVD and the TTC a significant reduction of the radiation is obtained. A large 
distance leads to a significant increase (+7dB). The phenomena in 800 Hz might be explained as 
a combination of coherent vibration between the lower TTC structure and the TVD, and a 
change of source strength of the TVD. At 760 and 808 Hz, a first order "mode" behaviour of 
the TVD was found, where the TVD front vibrates slightly out of phase with the TTC structure. 
Maximum source strength of the TVD is obtained when it is freely radiating close to a structure, 
probably due to a phase shift of the back radiation. The coherent behaviour between the TVD 
and the TTC explains why the sound radiation is sensitive to a displacement of the TVD. In 
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normal position a cancellation effect occurs between the structures and due to the displacement 

the structures radiate more or less in phase. 

1000 Hz: It is shown that the radiation in this frequency band comes from the T T C and 

oil sump structure behind the T V D . T h e main excitation is from a second order panel "mode" 

over the T T C behind the T V D and the oil sump front. T h e contribution from the T V D to the 

total radiation is low except when the lower part of T T C is covered. 
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Summary 
A common problem in noise control is to interpret measurement data of high resolution. Normally, results 
are presented in octave or third octave frequency bands which give good repeatability, are easy to interpret 
and correspond roughly to the ability of human hearing. In many cases however, data of high resolution are 
necessary for a complete understanding of a noise problem. This study stresses the use of the multivariate 
techniques principal component analysis (PCA) and partial least squares modelling (PLS) for efficient 
interpretation of narrow band spectra. The advantage with PCA and PLS are the ability to handle correlated 
data sets and to decompose the data in orthogonal components. PCA and PLS are tested and validated on 
measurement data of a test series of different engine modifications. For each test the local sound power of 
the lower front end of a diesel engine is determined by intensity measurements. Finally a prediction model, 
which describes the contribution from different sub-structures to the measured sound power level, is 
developed by PLS. The results of the study confirm that multivariate analysis of narrow band measurements 
enhances the possibility to understand the mechanisms of sound radiation. 

1. Introduction 

The sound intensity method is widely used in the field 
of noise control engineering. For intensity 
measurements there are two established methods for 
signal processing of the two pressures or the pressure 
and velocity signals. The direct filtering method, 
which mainly treats data in third octave bands, is 
quick and gives high precision but the poor resolution 
may be insufficient to achieve a detailed 
understanding of the process of sound generation. The 
indirect intensity method (FFT) gives frequency data 
of high resolution and is well suited for stationary 
deterministic noise sources. Compared to the direct 
filtering method the F F T method has to be applied 
with much more care, as it is more sensitive to the 
inherent errors in sound intensity estimation [1], The 
advantage of high resolution data is that detailed 
information about the source is available, but 
unfortunately there is an increase in data complexity 
and thus an increased possibility of errors in data 
analysis and interpretation of results. To overcome 
some of these problems there is a need for methods 
which efficiently analyse narrow band data. 
The sound intensity method gives the possibility to 
measure in the near field which is often used to 
determine the sound power of a local source. One 
problem is, however, the interference by partially 
coherent sources outside the control volume [1]. 
Interference is of special interest when measuring in 
narrow bands because almost no frequency smearing 

effect occurs. This becomes a problem when a highly 
integrated structure like a diesel engine is 
investigated. On the other hand, the information 
contained in spectral data of high resolution is needed 
for a clear description of the sound radiation, 
especially for correlation with narrow band vibration 
patterns. 

In this study, the benefits of principal component 
analysis (PCA) and partial least squares modelling 
(PLS) [2] were examined and validated 
experimentally. These techniques are well suited to: 
(1) extract information from correlated data [ 2 - 4 ] , 
(2) remove redundant noise and, (3) decompose the 
measurement result in a number of principal 
component spectra. This leads to a reduction of the 
complexity of measurement data and thereby simplify 
interpretation. Principal components describe 
mutually orthogonal spectra and thus ideally 
independent phenomena in the sound signal. It might 
however be difficult to find the proper physical 
explanation without additional information about the 
source. PCA and PLS were also expected to indicate 
interference problems in data, validate measurement 
results and to create a prediction model. For test and 
validation, PCA and PLS were applied to previously 
published experimental data [5] due to different 
engine modifications. The measurement results were 
expressed as sound power spectra in narrow bands, 
estimated by sound intensity measurements. The 
objective of the trial was to describe the sound 
radiation from a local area of a diesel engine. 
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2. Experimental Procedure 

PCA and PLS were used to evaluate measurement 
results, describing the local sound power radiation 
from the area of the torsional vibration damper (a 
rotating disc), in a 9 litre in-line 6 cylinder diesel 
engine. The heavy and well damped disc-like damper 
is attached to the front end of the crankshaft in the 
vicinity of the timing transmission cover (engine 
structure), and acts as a substantial noise source [6 -
8]. The source strength of the considered area is very 
sensitive to modifications of the disc position. The 
sensitivity can be related to various phenomena such 
as, (i) coherent vibration behaviour between the disc 
and the engine structure, (ii) changes in radiation 
impedance for both structures and (iii) changes in 
vibration characteristics. 

2.1. Experimental design 

The local sound power is the sum of contributions 
from different parts of the engine structure. To predict 
the sound radiation due to different modifications, 
multiplicative effects caused by acoustic interference 
need to be controlled. To reduce this problem the 
experimental series was based on a two-level quarter 
fractional factorial design [9]. This kind of design 
allows both the study of interactions between 
variables and the effect of individual variables. The 
series of modifications comprised changes of distance 
between disc and structure and a conventional lead 
wrapping technique was used to cover the different 
radiating surfaces inside and in the vicinity of the 
control volume. 

The sound radiation from the considered source 
area, (Figure 1), was modelled as four partly coherent 
sub-structures. These were defined as: ( X i ) disc 
radiation described as a source with front and back 
radiation, with expected monopole, dipole or 
quadrupole character [10], (X3) radiation from the 
lower part of the timing transmission cover (TTC) 
behind the disc (X4) radiation from the oil sump and 
(X5) radiation from the upper part of the T T C . The 
disc location is described by two additional variables, 
where (X2) describes the distance between the disc 
and the structure surface and ( X q describes the 
displacement of the disc. The displacement is defined 
as a forward move of 40 mm. 
The sound radiation from the disc ( X j ) , was 
investigated for four different conditions namely: 1) 
baffled front (Figure 2b), 2) "free" in normal or 
displaced position (Figure 2d, 2f & 2h), 3) baffled 
back (Figure 2c, 2g & 2h), and 4) covered disc (Figure 
2a). However, since the disc radiation near a 
reflecting or radiating structure with a complex modal 
behaviour is difficult to derive analytically, X ^ was 
described by front (Xip) and back ( X j g ) radiation. 

Figure 1. Model of sound radiation: X j = disc radiation, 
X2 - distance between disc and the structure behind, X3 -
radiation from the TTC near and behind the disc, X4 = oil 
sump radiation, X5 = radiation from the upper part of TTC 
structure, and Xg = displacement of the disc. 

Table 1 summarise the different variables and the 
variable settings during the series of tests (Table 2). 
Each modification was tested twice and performed in 
randomised order to prevent possible experimental 
drift to cause spurious correlations. The experimental 
response was the narrow band sound power spectrum 
estimated by intensity measurements. The practical 
implementation of the test series is shown in Figure 2. 
A detailed description of the engine modifications is 
found in a previously published paper [5]. For 
evaluation and validation of the prediction model, 
three additional tests were performed (Figure 3). 

a) b) 
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c) d) 

e) 0 

g) h) 
Figure 2. Practical implementation of the test series of 
different modifications (Mod), a) Mod 1, b) Mod 2, c) Mod 
3, d) Mod 4, e) Mod 5, f) Mod 6, g) Mod 7, h) Mod 8 
(original condition). 

Table 1. Definition and treatment of the variables in the test 
series 

Treatment: 
VariableDescription Low (-1) High (+1) 

* l f disc front radiation covered normal 
X l b disc back radiation covered normal 
x 2 cavity space 45 mm 5 mm 
X 3 TTC, lower part covered normal 

X 4 oil sump front covered normal 

x 5 

TTC, upper part covered normal 

*6 displacement of disc 0 mm 40 mm 

Table 2. Design Matrix  

Variable: 
Test: X 1 f X j h X ? X^ X 4 X<; X 6 

T l - 1 - 1 1 - 1 1 1 -1 
T2 1 -1 1 -1 -1 -1 -1 
T3 -1 1 1 - 1 - 1 1 1 
T4 1 1 1 - 1 - 1 - 1 1 
T5 -1 1 -1 1 1 - 1 1 
T6 1 1 -1 1 -1 1 1 
T7 -1 1 1 1 - 1 - 1 - 1 
T8 1 1 1 1 1 1 -1 

a) b) c) 
Figure 3. Three additional modifications were tested to 
facilitate interpretation, a) Mod 9: Xjp=l, Xj]j=l, X2=-l, 
X 3 = l , X 4 = l , X 5 =-l , X 6 = l , b) Mod 10: X 1 F =1, X 1 B =1, 
X 2 = l , X 3 = l , X 4 =l , X 5 =- l , X 6 =- l , c) Mod 11: X 1 F=1, 
X 1 B =1 , X 2 =- l , X 3 =l , X 4 = l , X 5 = l , X 6 =l 

2.2. Measurement Set-up 

The measurements were carried out in a hemi-
anechoic engine test cell at a constant speed of 1900 
+/-5 rpm, load 370 +1-5 Nm (half load) and the 
cooling water temperature 85 +/-10°C. For the sound 
intensity measurement a p-p probe 4177 from Briiel & 
Kjær fitted with 1/2" microphones type 4165 was 
used. The probe was connected to a Leuven 
Measurement Systems, CADA-X, F F T based 
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measurement and analysis system, with a Hewlett 
Packard Paragon 35650 front-end. With this system, 
intensity and sound pressure level may be measured 
simultaneously. This gives good control of the field 
indicators F2 and F3 [1, 11,12]. The residual pressure 
intensity index [13] was checked by a coupler 
measurement (B&K 3541) and lay in the interval of 
17 to 22 dB in the frequency range 250 - 4000 Hz. 

The sound power level was measured over a 
hemispheric grid (Figure 1) with a radius of 0.22m, 4 
and 6 sectors (24 areas). The resolution was 8 Hz and 
at every single area element 80 independent samples 
were averaged to obtain a reasonably stable spectrum. 
The probe was hand held during the whole sequence 
of measurements. Point measurements were made at 
the first two levels of the hemisphere grid and over 
the two remaining levels with larger sub-areas the 
probe was swept with a speed of approximately 0.1 
m/s. 

3. Multivariate Analysis 

Multivariate data analysis techniques such as PCA and 
PLS are efficient tools for interpretation of narrow 
band spectra [2 - 4]. One important feature of both 
PCA and PLS is that the original data is decomposed 
into a number of independent so called principal 
components which can be displayed and interpreted 
graphically in a few plots. 

The most frequent application of PCA is where the 
variables are expected to be coltinear. Collmearity 
means that the true dimension (rank) of the data 
matrix X, of m observations and n variables, is much 
less than the number of variables measured, and that 
the matrix has some dominating types of variability 
that carry most of the information. In PCA linear 
combinations of the variables are calculated so that 
the dominating types of variability are concentrated in 
a few new orthogonal variables (principal 
components) and thereby removing redundant noise. 
To decide whether a component is significant or not 
the cross validation method is used [14]. 

In PLS, a model which relates two matrices X (m 

observations, and n variables) and Y (m observations 
and k variables ), are calculated. The extracted 

components in PLS are calculated as linear 
combinations of X and Y respectively, but the goal 
here is to extract information in X relevant for 
predicting Y . The PLS model describes a subspace in 
X which is calculated to attain a maximum covariance 
with Y . This is unlike PCA where the model describes 
the space of largest variance in X . Cross validation is 
used also in PLS to test for significance of each 
component and is performed on the Y matrix. Thus, 
the systematic part of data is extracted in a few new 
latent variables. A major advantage of PLS over 

multiple linear regression analysis which often is used 
for this type of problems is that the PLS method can 
handle correlated data. 

The theory and algorithms for PCA and PLS have 
been thoroughly described in the literature[2,14-17]. 
The calculation of PCA and PLS models were carried 
out by the software SIMCA-S 2.1 (Umetri A B , Umeå, 
Sweden). 

3.1. Application of PCA 
To prepare the measurement data for the PCA, the 
sound power spectra were arranged in a matrix of m 
tests and n frequency lines, see Figure 4. The rows (Q 
of the matrix comprise the sound power spectra of the 
different tests. The columns ( j ) describe the amplitude 
variation over the test series for individual frequency 
lines. 

narrow-band frequency 

u 

Figure 4. Data arrangement for multivariate analysis, 
where X and Y matrices contains measurement data, p and 
c indicate loading vectors, and score vectors are indicated 
by t and u. a) PCA, b) PLS. 

The PCA results in a decomposition of the original 
data matrix X into a number (N) of orthogonal loading 
(pq) and score (tq) vectors. A specific loading vector 
(a spectrum) describes the largest variance in data and 
thus the most dominating spectral distribution over the 
test series. The corresponding score vector describes 
the contribution of the different tests to the loading 
spectrum. Vector multiplication of a specific loading 



PCA and PLS of intensity measurements 5 

and score vector pair gives a matrix of principal 
component spectra. Each row in this matrix 
corresponds to a principal component spectrum for a 
specific test. 

The procedure to calculate the principal 
components is described as follows: (1) subtract the 
mean of every column from each element in the 
matrix (mean centering) in order to make the 
subsequent calculations numerically well conditioned, 
(2) calculate the first component by extracting the first 
loading and score vector pair from the mean centred 
data matrix, (3) calculate a residual as the difference 
between the first principal component matrix and the 
original data matrix, (4) extract the loading and score 
vector pair of the second component from the first 
residual matrix, (5) a third component is extracted 
from the residual matrix from the second component 
and the process is repeated until all significant 
variability in the data is extracted, (6) in matrix terms 
the final result can be expressed as in E q . 1. 

X=Xavg + TP' + E, (1) 

where X is the original data matrix, X a v g is the mean 
value matrix, P is the loading matrix, f is the score 
matrix and E is the residual matrix. The prime 
notation indicates a transposed matrix. 

For efficient interpretation of Eq. 1 are N so called 
averaged principal component spectra (APCS) 
determined as shown in Eq. 2 - 4. 

TP'= h q P q ' , 

q=l 

(2) 
where t* is the score vector of a principal component 
and pq is a principal component loading vector. Each 

component is described by a matrix of principal 
component spectra (Xpsq), see Eq. 3, where each 
spectrum corresponds to a specific test. For a 
transformation back to original data values, the first 
component matrix has to be corrected as the 
calculations of score and loading vectors are based on 
mean value centred data. 

% PSi = x a v g + t i P i ' 
(3) 

XpSq

 = t«P< 9 = 2,3,...,N 

For a quick overview of the result and to utilise 
comparison between components each Xpsq matrix is 
averaged over the columns, see Eq. 4. 

1 m 

*PSq = - l L X p S q i q = l,2,....,N.(4) 
i = 1 

This final expression gives the N number of APCS, 
which describes the independent characteristics within 
the original spectra. The corresponding score plots 
show how different tests contribute to the APSC. 
3.2. Application of PLS 
For PLS the X matrix represents m tests and it design 
variables (Table 2) and here Y represents m sound 
power spectra expressed in n narrow bands, see Figure 

4(b). The goal was to achieve a prediction model that 
describes the relation between the structure 
modifications of the engine (Table 1) and the sound 
power spectra. 

Using matrix notation a PLS model can be 
described as in Eq. 5 to 8. Equation 7 is frequently 
called the inner relation and relates the X and Y 
matrices to each other. 

X=Xavg + TP' + E, (5) 

Y=Yavg+UCl + F, (6) 

U=T + H, (7) 

where; X = design matrix, X a v g = mean value matrix 
of X, Y = original data matrix, Y a Y g = mean value 
matrix of Y, C = loading matrix for Y, U = score 
matrix for Y, F= residual matrix for Y, and H = 
residual for the inner relation. The averaged principal 
spectra in this case, is defined in a similar way as in 
Eq. 3 to 4, and the final expressions are seen in Eq. 8 
and 9. Eq. 9 is denoted as the averaged partial least 
squares spectrum (APLS). 

YpS1 = Yavg+tiCi' 
(8) 

YpSq=tqCq' q = 2,3,...,N 

1 m 

y p S q = - l Y P S q . , q = l2,...,N (9) 
i = 1 

4. Results and Discussion 

4.1. Measurement results 

The frequency range 560 to 1120 Hz covers the 
dominating peaks in the sound pressure spectrum 
measured in the free field in front of the engine. The 
local sound power spectra (Figure 5) determined over 
the hemispheric grid (Figure 1) are harmonically 
related to the fundamental frequencies of the engine, 
i.e. at 1900 rpm the firing frequency (96 Hz), 
revolution frequency (32 Hz) and individual cylinder 
firing frequency (16 Hz). The dominating frequencies 
are found in the following narrow bands: 568, 600, 
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Figure S. Averaged sound power levels in narrow bands due to modifications 1 to 8. 

616, 632, 664, 752 - 760, 800 - 808, 896, 912, 960, 
1008,1088 and 1104 Hz. These frequencies also show 
very large amplitude variations during the 
experimental series, see Figure 5. 

Interpreting Figure 5 is difficult and time 
consuming but may be possible, which make these 
narrow band spectra suitable for test and validation of 
PCA and P L S . The measurement results show that 
covering the lower part of the T T C structure (X3) 
gives a consistent decrease in sound power level. It is 
also clear that the adjacent sources X 4 and X5 
influence the sound power estimate, as covering the 
engine structure (Modification 2) is more efficient 
than covering the T V D area (Modification 1). 
Comparison of modification 2 and modification 4 also 
shows that the disc radiation is more efficient when it 
is in "free" position compared with the baffled front 
case. 

The PCA and PLS of the sound power spectra 
were performed to decompose the measurement data 
in a number of independent component spectra and to 
remove redundant noise. The question was to find a 
more efficient interpretation of the result by obtaining 
a relevant physical explanation for each of the 
component spectra. 

4.2. Principal component analysis 

As a first step, the quality of the measurement results 
were evaluated by studies of the residuals of the PCA 
model, which can indicate possible errors in data. The 
residuals are expressed as the standard deviation of 
the difference between measured and modelled result 
over the spectrum for each modification. PCA of the 

measurement results due to modifications 1 to 8 
(duplicated tests) decomposed the data matrix (see 
figure 4a) in 6 significant components. This model 
describes 98 % of the variance in the data set. Since 
there were some discrepancies between the duplicates 
of modifications 4, 6 and 7, these deviations were 
assumed to show up in the PCA model. The residuals 
of the six component model indicated a main problem 
in test 6b, but when reducing the model to four 
components, which explain 94 % of data, the 
problems of modifications 4 and 7 were also 
visualised, see Figure 6a. The plot indicates that 
especially tests 6b and 7b deviates from the model. 
The problem for these tests were related to frequency 
shifts and bias effects in the repeated spectrum. In 
test 6b the discrepancy is related to a frequency shift 
probably caused by a small change in speed. In test 
7b the deviation might be related to a mass loading 
effect due to the lead cover. The conclusion is that 
the two highest numbered components can be 
excluded from the model as they only reflect the 
discrepancies between these duplicates. 

One benefit of PCA is the ability to reduce the 
complexity in the data set. In order to simplify the 
model test 6b was excluded and a new analysis was 
performed. A new model, based on three components 
explaining 93% of the variation, was found to be 
appropriate. The model residuals, which showed an 
even distribution in a normal probability plot, can be 
observed in Figure 6b. For interpretation of this 
model, three APCS (Figure 7a) were calculated 
according to equations 2 - 4 . These spectra describes, 
in an averaged point of view, the character of the 
independent phenomena observed in the test series. In 
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practice, valuable information about the source 
mechanisms of a specific component can be found in 
the score plots (Figure 7b). 
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Figure 6. a) The residuals due to the four component PCA 
model that describes the original data-set and b) normal 
probability plot of the residuals due to the modified model 
(test 6b is excluded) described by three components. 

The principal component spectra related to the 
first APCS, describe 75% of the variation in the sound 
power spectra. If an averaged deviation of 2 dB is 
accepted, the first component gives a proper model of 
the variation for all frequencies, except 592-616, 720-
728, 752-760 and 1056-1088 Hz. The difference 
between modifications 1-4 and modifications 5-8 seen 
in the scores (X-score [1], in Figure 7b) indicates that 
the first component describes the sound radiation from 
the lower part of the T T C structure (X3). The 
frequencies not well described by the first component 
are related to other phenomena, described by the 
second and the third component. 

The second component (APCS 2) gives in 
combination with APCS 1 a complete picture of the 
phenomena at 720-728 Hz and 1056-1088 Hz. The 
score plot for the second component (Figure 7b) 
shows the greatest difference between modifications 8 

and 5 but indicates also a difference between 
modifications 7 and 6. The phenomena described by 
this component is probably related to acoustic 
interference of the sound radiation from the disc and 
the engine structure due to the distance between the 
structures. This explain why the sound power 
radiation is sensitive to a displacement of the disc. 

The third component (APCS 3) aids in describing 
the variation at 592 - 616 Hz. The variation at these 
frequencies mainly reflects a difference of 
modifications 2 and 4 and modifications 6 and 7 
(Figure 7b) which are similar in the first two 
components. The phenomena at these frequencies are 
probably related to a change in sound radiation from 
the disc due to the displacement and/or an interaction 
between the disc and the upper part of the T T C (X5). 
The sound radiation from the disc is reduced, since 
the tilting deflection shape of the disc at these 
frequencies [10] might be attenuated by the 
displacement The fact that sound radiation increases 
when covering the upper part of the T T C (X5) is 
probably related to a cancellation of a dipole 
phenomenon over the engine structure, which means 
that the radiation from X3 becomes more efficient 
when X5 is covered. 

4.3. Partial least squares modelling 

PLS was performed to find the relationship between 
the X-matrix describing the structure modifications 
(Table 2) and the estimated sound power spectra (Y-
matrix). Before performing the PLS, the matrices 
were even further modified by removing test 4a which 
both deviated from the PCA model and in aspect of its 
duplicate, see Figure 6b. The PLS model, obtained 
from test data due to modifications 1 to 8 (14 tests), 
explains 88 % of the variation in the sound power 
spectra ( Y ) and 65 % of the variation in the X-matrix, 
by three significant components. These components 
show a rough similarity to the components due to the 
PCA, but before interpreting the results further the 
reliability of the model has to be evaluated. 

Figure 8 shows the model residuals for both X and 
Y matrices. The greatest distance between the model 
and the measured spectra ( Y ) are seen for 
modifications 6 and 7 (Figure 8b). For the X-
variables, modification 1 shows the greatest 
discrepancy, which indicates that the radiation 
condition for this modification is slightly different 
than is indicated in the experimental design. The fact 
that the X-variables defined for modification 1 
deviates from the model, is because the cover used for 
the modification might be insufficient in attenuating 
the X I and X3 radiation. A comparison of designed 
and modelled variable values (Table 3) shows a 
difference especially for X l f , X4 and X 5 . The fact 
that X4 contribution is modelled to be low might be 
due to the partly covered oil sump. 
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Figure 7. a) Averaged principal component spectra (APCS) of the PCA model based on 15 tests of 8 modifications. 
APCS 1, — " — APCS 2, - -A- - APCS 3, • measured values, modelled values. The markers for APCS 2 and APCS 3 
indicate positive sound power, b) Corresponding X-scores for each component 

Figure 8. Residuals due to the PLS model based on 14 tests of 8 modifications, a) X-matrix residuals and b) Y-matrix residuals. 
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frequency [Hz] 

Figure 9. Prediction v/s measured results, measurement result, predicted result due to the PLS model based on 
14 tests of 8 different modifications, modelled result due to the PLS model based on 17 tests of 11 different 
modifications, a) Modification 9, b) Modification 10 and c) Modification 11. 

4.3.7 Model validation 
To validate the PLS model, the sound power spectra 
due to the modifications 9 to 11 (Figure 3), were 
predicted. A comparison of measured and predicted 
values, see Figure 9, indicates a good predicting 
ability. For internal validation of the prediction 
model, the test results due to modifications 9 to 11 
were included and a new model was created. The new 
model gave only a slight improvement of the pre
diction, which confirms the robustoess of the PLS 
model. 

Table 3. X-variable values for modification 1. 

Variable: X l f X l b x 2 
x 3 x 4 x5 x 6 

Designed: 

Modelled: 

-1 -1 

0.1 -0.3 

1 

1.3 

-1 

-0.7 

1 

-0.3 

1 -1 

0.1 -0.9 
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Figure 10 shows the averaged partial least squares 
spectra (APLS) defined by equations 5 to 9. This final 
model is based on 17 tests of 11 different 
modifications. The corresponding X-Ioadings (Figure 
10b) show the influence from each design variable 
and the X-scores (Figure 10c), show how different 
modifications contribute to the model. The modelled 
X-variable values for each component are obtained by 
considering the X-scores and X-loadings as a vector 

pair. 
The first component (APLS 1) describes the main 

variation (64 %) in the entire frequency range, with an 
exception for 592-616, 656, 720-728, 756, 1048 and 
1072-1088 Hz. This component is related to the T T C 
radiation (X3) in combination with the disc back 
radiation(Xlb). The component also shows an 
interaction effect between these structures as the 
sound power radiation is effected by the distance 
between them (X2). This is probably related to a 
coherent behaviour between the structures or due to a 
change in radiation impedance. 

The second component (14.5 %) has a strong 

Narrow band frequency [Hz] 

Figure 10. a) Averaged partial least squares sound power spectra (APLS), due to the PLS model based on 17 tests of 11 
different modifications. APLS 1, — ' — APLS 2, - -A- - APLS 3, • measured values, modelled values. For 
APLS 2 and APLS 3 markers indicate positive sound power, b) scaled loadings for each X-variable and corresponding APLS. 
c) scores for each X-variable and corresponding APLS. 
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relation to the displacement (X6) but also X2 and X3 
contribute. This component describes the behaviour at 
592 - 624 and 1048-1088 Hz, probably related to a 
resonance phenomena in the cavity between the disc 
and the engine structure, excited by the T T C structure. 

The third component (6.5 %) is related to the disc-
front radiation (Xl f ) and the upper part of the T T C 
structure(X5). This component describes a very 
localised behaviour at 592-600, 656-664, 756, 800 and 
960 Hz. The phenomena are probably due to acoustic 
interference and describes the situation when the 
upper part of the T T C structure and the disc front are 
covered, which increases the contribution from the 
corresponding structures (X3 and Xlb) . An other 
explanation could be that this component describes 
the frequency shifts of closely lying deflection shapes 
caused by the lead covering. 

4.3.2 Prediction model 

The PLS model describes the relationship between 
sound power radiation for each frequency line and 
different structure modifications. The PLS model aids 

in the understanding of the radiation mechanism but it 
also provides a possibility to predict the result of a 
future modification. To simplify the analysis, the PLS 
model can be converted to linear regression models 
for each frequency line. Table 4 shows the regression 
coefficients for the most important frequencies. The 
results indicate that the sound power is generated by 
the T T C structure behind the disc (X3) in combination 
with sound radiation from the back of the disc (Xlb) 
and that the radiation from the front of the disc is 
considerably low. 

Figure 11 shows two possible engine 
modifications, which both are predicted to attenuate 
the radiated sound power efficiently. The first 
modification (Mod A), is a "noise trap" around the 
disc. The "noise trap" is assumed to provide a 
substantial reduction of the contribution from X3 and 
X l b and by that minimise the sound power level 
(Figure 11c). Figure l i b shows the other modification 
(Mod B) which is similar to Mod A except that the 
disc is displaced in this case. Mod B is not (according 
to the model, see Figure 11c) as efficient as Mod A, 

Table 4. Regression coefficients in dB for some important 
frequencies in the PLS model  

Frequency 

600 616 664 752 760 800 808 960 992 1008 1088  

Xlf-2.0-1.0-1.9 -2.2 -1.6-1.5 -0.9 1.6 0.5 0.9 0 Xlb 1.4 
X2 0.7 
X3 4.0 
X4 0.8 
X5 -1.1 
X6 -3.3 

1.5 0.9 1.2 
0.6-1.3 -2.2 
3.7 2.4 2.7 
1.0 0.5 0.6 

0.7 
-2.2 
1.5 
0.4 

1.7 
2.0 
3.4 
1.1 

•0.5 -1.3 -1.5 -1.2 -1.2 
•2.8-0.1 0.6 1.5 0.4 

1.1 
-1.9 
1.9 
0.7 
-0.8 
1.1 

2.5 2.0 
-0.7 -0.6 
3.7 3.3 
2.0 1.5 
0.6 0.1 

-0.4 -0.7 

1.9 
-1.0 
2.8 
1.5 
0.2 
0 

1.7 
0.6 
3.5 
1.3 
0 

-2.3 

frequency [Hz] 

Figure 11. Engine modifications to minimise the radiated sound power from the torsional vibration damper area, a) Mod A 
( X 1 F = 1, X 1 B = -1, X 2 = 1, X 3 = -1, X 4 = 1, X 5 = 1, X 6 = -1), b) mod B ( X 1 F = 1, X 1 B = -1, X 2 = -1, X 3 = -1, X 4 = 1, X 5 = 1, X 6 = 
1) and c) predicted sound power spectra, - - - - mod A and mod B, versus measurement results, original condition 
(mod 8) and mod A. 



12 PCA and PLS of intensity measurements 

but in reality it provides a better possibility to reduce 
the contribution from X l b and X3. The problem to 
efficiently attenuate the contribution from X3 and 
X l b by Mod A was also confirmed in a test (Figure 
11c). The observed discrepancy between measured 
and predicted result indicates a low attenuation of the 
phenomena described by the first component. The 
observed deviation may also, however, imply a poor 
modelling or some unknown interference effect. 

4.4. Discussion 

Both PCA and PLS models reduce the complexity in 

the measurement results and remove noise. The sound 
spectrum due to each modification can be properly 
modelled by three independent spectra, and the 
physical interpretation of these spectra can be 
obtained from the score plots. Some of the 
conclusions have, however, also been verified by 
deflection shape measurements of the radiating 
structures [10,18]. 

The development of both PCA and PLS models 
were based on a logarithmic transformation of the 
sound power spectra during the correlation procedure. 
The use of a logarithmic transform reduces the 
influence from otherwise dominating frequencies and 
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by that better predictions were obtained. The 
logarithmic values were only used in the correlation 
procedure, all other calculations e.g. when calculating 
the residual matrices, were based on linear sound 
power values. 

Comparison of Figures 7b and 10b shows that the 
results of PCA and PLS have similarities. The results 
based on PLS (Figure 10) are however more useful, 
since these are more easily interpreted and extract 
more information from the data set. 

The PLS model can be used in different ways, e.g. 
for a decomposition of the test results in orthogonal 
spectra due to a specific modification. Figure 12a 
shows modification 8 (original condition) described 
by the three component spectra defined by the PLS 
model, and Figure 12b shows a comparison between 
measured and modelled result (all component spectra 
added together). From the results shown in Figure 12 
the following conclusions can be made. 

The sound radiation in original condition is 
correctly described by the first component (X3, X l b 
& X2) only for frequencies around 568, 648 and 912 
Hz. In the frequency range 584 - 632 Hz, the second 
component (X6, X2 & X3) gives a complete 
description of the sound radiation. The effect of the 
second component can also be observed at 936, 984 
and 1072 - 1088 Hz. The phenomenon due to the 
second component attenuate the contribution from the 
first component in the range from 696 to 904 Hz, and 
an combined effect between the first and second 
component can be observed in the range from 944 to 
1064 Hz. The third component (Xlf , X5) influence 
the result at 600, 656-664, 752, 800, 848, 960-968, 
1008 and 1056 Hz. 

5. Conclusions 

Principal component analysis and partial least squares 
modelling decomposes the measurement data into a 
number of orthogonal spectra. The radiated sound 
power due to a series of engine modifications can be 
modelled by three principal component spectra. 
Describing the results by averaged principal spectra 
and corresponding score plots gives a quick but still 
detailed overview of the result. The possibility to 
model each narrow band spectrum by three 
independent spectra make the interpretation of the 
result more efficient. A prediction model obtained by 
PLS, describes the radiated sound power as a function 
of engine modifications. This provides an easy 
interpretation and facilitates simulation of the sound 
radiation in conditions not measured. The sound 
radiation can also be described in a few characteristic 
bands with similar behaviour. 

The analysis can be applied on a wider frequency 
range with a higher resolution, as the software can 
handle up to 1600 variables. Both PCA and PLS are 

useful for many other applications but good results 
still require measurement data of high quality. PCA is 
however an efficient tool for examination of the 
quality of measurement data since it efficiently 
detects frequency shifts and bias errors. The methods 
are very robust and there is no risk to overfit data. The 
use of a logarithmic transform of the sound power 
spectra during the model development improved the 
predicting ability. 
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ABSTRACT 

When investigating the 2D or 3D intensity of complex 'real life' noise 
sources, rather than the intensity normal to a surface, to obtain more 
detailed information about the radiated sound field great care has to be 
taken both in measuring and in interpreting the results. In this study it is 
shown that in measurements of 3D intensity for fixed points and in narrow 
frequency bands, large errors can be expected for a well-defined simple 
source if the positioning is imprecise and for a complex source even if the 
positioning device and the probe are of highest quality. Comparisons have 
been made between a two-microphone and a six-microphone probe, hand
held and robot-controlled. The comparisons show that, except for the case 
of an ideal measurement with a simple source and a high-precision robot, 
significant errors can be expected for all the tested measurement cases. 
The measurements also show that the positioning of the microphone is of 
major importance for the repeatability accuracy. The accuracy obtained 
with a 3D-probe is notably better than with a ID-probe. The errors when 
measuring the complex source with a robot-controlled 3D-probe, however, 
are still so high, especially for the non-dominant directions, that interpre
tations have to be made with great care. Under non-ideal measurement 
conditions, the errors are found to be exponentially dependent upon the 
sound field pressure/intensity relationship (the pl-index). 

1 INTRODUCTION 

The possibility of measuring and displaying sound intensities as vectors has 
rapidly improved due to the access of inexpensive commercially available 
or 'home-made' software packages. Measuring 2D or 3D intensity gives 
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us far more detailed information about a radiated field than just measur
ing intensity in a plane. Using complementary methods such as 3D re
active intensity1 or studying various field indicators (see, e.g., Refs 2 and 
3) will give even further information about the radiated field and the 
expected measurement errors. However, the amount of input data and 
measurement time will increase and it is of prime importance to stress 
that the quality of data has to be good since the possible errors will also 
increase. The results from measured 3D intensity are generally graphic
ally presented for a fixed point in what appear to be deterministic and 
exact vectors summed from components in the x-, y- and z-directions. In 
measurements of 3D intensity on complex real life noise sources, how
ever, the results are not always as accurate. In most publications about 
errors in intensity measurements data is obtained from ideal sources and 
treated in 1/3-octave bands or wider. In this paper we investigate how the 
complexity and instability of a source, how the low levels of weak com
ponents and how the sparse sampling of a field with approximately fixed 
measurement points will influence the errors in 3D-intensity measure
ment in narrow bands in an engineering situation. A two-microphone 
probe (ID-probe) and a six-microphone probe (3D-probe) are used on a 
simple and a more complex source, i.e. a loudspeaker and an automotive 
engine. 

2 MEASUREMENT ERRORS 

Ideally the components of a 3D-vector should be measured with 4-6 
phase-matched, small and non-scattering microphones arranged to give 
the X- , y-, and z-components simultaneously. However, as these phase-
matched microphones are expensive and must be used together with a 
4-6 channel analyser or a multiplexer, this is an expensive set-up, far 
more expensive than a simple PC software package with two input 
channels. More feasible is to use one single pair of phase-matched 
pressure microphones that can be turned in the three directions needed. 
The 3D-vector is then calculated as the vector sum of the three com
ponents. There are several possible errors involved that can arise as 
erroneous angles and magnitudes. A short summary of the errors that 
can be expected in such cases is given below: 

2.1 Error 1: Non-steady acoustic centre: Imprecise positioning and shaking 

One major possibility for error with the 3D-method is that fixed measure
ment points are normally used as the 3D-vectors graphically represent 
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radiation through a point in space. This will give sparse sampling of the 
field and high sensitivity to irregularities in the field. When the probe is 
used in three directions, an acoustic focus or centre has to be chosen. 
The centre must be an imaginary point in space as it will be in the middle 
of the microphone spacer (with a face-to-face probe). The precision in 
finding this centre for all three directions will be extremely important 
when measuring complex sources in narrow bands. Otherwise it is 
an obvious risk that the measurements will pick different levels of the 
radiation lobes or even capture different sources for different direct
ions. Hand-holding the probe during averaging (for complex sources 
and low to mid frequencies often around 60 s or more) will furthermore 
create variations through hand-shaking. Uncontrolled space averaging 
will be the result. A traditional microphone stand could improve the 
repeatability but is not practical for multi-point grids; a manual or 
step-motor-driven xj-positioner or a high-precision robot is to be pre
ferred. The ABB 1500 robot used in this study is specified for a position
ing precision of ±01 mm. 

2.2 Error 2: Non-stationary source and environment conditions 

Most engineering noise sources are not stable over time. Measurements 
should be performed during a short period to minimise the influence of 
these variations. With a two-microphone measurement each direction will 
be measured during different periods and will therefore be more sensitive 
to time variations. In the example of an engine running in a laboratory, 
the speed and load conditions are controlled by an electric or hydraulic 
dynamometer and a computer-based control system. All systems have a 
finite accuracy in holding a steady level during the measurement period. 
Temperature is an important factor too as there is considerable heat 
radiation from an engine and there can be air-temperature variations 
during the measurement period. 

2.3 Error 3: Reactivity and directivity dependent errors arising from large 
differences between sound pressure and intensity 

Various pressure-intensity indicators have been defined (see, e.g., Refs 2 
and 3) for sound power measurements. One such indicator is the Lp -

= /»/-index, using the absolute intensity. It is mostly used for sound 
power measurements in the normal to a radiating surface; it is then a 
measure of the reactivity of the sound field and of the relative com
ponent strength in the measured direction. In 3D-measurements the indi-
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cator's importance as a measure of the relative component strength will 
be stressed compared to its measure of reactivity. This is because at least 
one or two components will normally be measured in low-radiating 
directions and show higher /"/-indices than measurements done in the 
normal to the source. A high /»/-index can then be expected for the 
directions of low sound intensity even though the field is not being 
reactive in the sense of oscillating and time-averaged non-radiating 
power flow, or contributions from an external source as defined in Ref. 
4. The main physical indication from a high pressure-intensity relation
ship for a 3D-component is that there is a low power flow in this direc
tion. Such a direction with low power flow but high sound pressure can 
be expected to give poor measurements from random errors and from 
bias errors caused by the weak components approaching the residual in
tensity 'floor' of the probe. Equally, for a measurement in a direction 
with a high power flow and low /?/-index, the errors can be expected to 
be small. 

One comment worth making about the influence of residual intensity 
on weak components, is that the repetition errors will decrease as the 
intensity levels approach the residual intensity level, while the absolute 
errors will increase. 

To distinguish the /»/-index in 3D-measurements, with its higher sensi
tivity to relative component strength, from the /»/-index in ID-measure
ments, a directional /»/-index is used in this article called the /»/dir-index. 
It is the difference between the measured average sound pressure level Lp 

and the measured average sound intensity per direction, Lw. 

pI& = Lp~Lm where « = x, y, z 

The /7/dir-index has the interpretation that a high index for 3D intensity 
components does not necessarily indicate a reactive sound field but 
mainly indicates a weak component in that direction. 

2.4 Error 4: Instrumentation errors: microphone errors, phase errors, 
random errors, scattering, etc 

Errors when measuring ID-intensity with a p-p probe are treated in 
numerous other articles (see, e.g., Refs 1-5) and are not treated further 
here. One important result that should be mentioned, however, is that 
random errors in measurements of the intensity normal to a surface are 
strongly dependent upon the pressure/intensity relationship and indepen
dent of frequency and bandwidth4. Furthermore, when measuring 3D 
intensity additional considerations have to be made to the inherent phase 
errors as a complication will be introduced due to the low relative levels 
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of non-dominant components. Even though the reactivity of the actual 
sound field can be low, an increased error will normally appear in at 
least one or two low-radiating directions. This will lead both to the 
above-mentioned increase in random and bias errors and to an increase 
in phase-introduced errors. Kjaergard7 has derived expressions for angle-
and magnitude errors derived from instrumentation phase errors in 3D 
measurements. The results emphasise the great influence of the reactivity 
of the sound field, especially on the angle of the vector. If there are free-
field conditions, the errors will be similar to ID-measurements, but as the 
reactivity increases the errors will rapidly increase as well. It is shown 
that an increase in reactivity of 3 dB, measured as the pl-index, will 
approximately double the angle errors (in degrees) and the amplitude 
errors (+3 dB). The errors due to phase decrease with frequency to 
become very small from 1 kHz and upwards. 

3 CHARACTERISATION OF THE SOURCES 

This study has been performed on the front side of a 9-litre diesel engine 
and on a 3-way loudspeaker (Fig. 1). The loudspeaker is a relatively sim
ple and well-defined source, which has two in-phase radiating woofers 
and a tweeter and is driven by a white-noise generator. 

Noise radiation from the front side of the engine is relatively complex 
and can be seen as an example of an engineering situation with its atten-
dent complications. The noise radiation and deflection mode shapes of 
the front side of the engine were investigated in earlier studies.8,9'10 The 
structural radiation generally originates from whole body modes around 
500-800 Hz, low-order panel modes around 800-1100 Hz and local panel 
modes from 1200-4000 Hz. 

Fig. 1. Measurement positions in front of the loudspeaker (two identical in-phase 
woofers and one tweeter) and on the front side of the engine (shaded) with timing cover, 

oil sump front, torsional damper and measurement grid. 
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960 Hz 1024 Hz 1088 Hz 

Fig. 2. A n example of the differences in vibration mode shapes and noise radiation for 

three close frequency lines within the 1 k H z 1/3-octave band for a timing transmission 

cover coupled to an oil sump front. (9-litre diesel engine). 

Narrow-band analysis has been chosen as in earlier engine measure
ments it was found to be necessary to separate some of the engine 
sources that are close in frequency. In Fig. 2 such an example is shown, 
where three close-frequency lines within a one-third octave band show 
such differences in their radiating vibration mode shapes that they will 
give important variations in intensity vectors as well. 

A repetition of the measurements and analysis have been performed in 
three positions chosen out of 15 in a measurement grid (Fig. 1). The 
three positions represent three different sound fields. All measurements 
have been performed in a hemi-anechoic laboratory with the engine close 
to a reflecting floor. The complexity of the sound field for each position 
and direction is evaluated from measurements of the directional pldir-

Fig . 3. Directional />/ d i r-index as a function of measurement position and frequency 

(numbered 1-12) for the loudspeaker (left) and the engine (right), hand-held probe. 

Along each vertical line the average ^/-values for the three directions x, y, z are shown as 

small squares. 
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index. To give a picture of the sound field complexity of the sources, an 
overview of the measured relative /?/dir-indices for the engine and the 
loudspeaker are plotted in Fig. 3 as a function of measurement position 
and frequency. One example of interpretation of the figure is the effect of 
monopole radiation in position 2 for the loudspeaker, giving a low 
p/dir-index in one direction for all frequencies. No such simple radiation 
pattern is seen for the engine. 

4 MEASUREMENT PROCEDURE 

For the repeatability test, three positions representing different radiation 
conditions have been chosen. The acoustic focus has been chosen to be 
350 mm (on average) from the source surface. Great care was been taken 
to hold the microphone steady during sampling, although some hand
shaking is inevitable. The body of the person holding the probe was out 
of the z-axis to prevent unwanted reflections. Measurements with the 1D-
probe have been made in the following order: z-direction first in all three 
positions, then the /-direction and lastly the x-direction. This order was 
chosen to benefit a more stable and repeatable positioning of the probe; 
the disadvantage is a greater influence of variations with time within each 
measurement position. Each measurement was made with 120 indepen
dent averages, 10% overlap and a frequency range of 400^4000 Hz with a 
resolution of Af = 8 Hz. The temperature in the lab varied around 
22-27°C. The surface temperatures of the engine front varied around 
60-70°C The speed and load of the engine were held constant at 1900 rpm/ 
370 N m with variations ±0-3% with a hydraulic brake. 

The measurements have been carried out with an LMS CADA test 
and analysis system and HP Paragon front-end. A phase-matched micro
phone pair B&K 4177 with 12 mm spacer was powered by a B&K 2804 
microphone power supply and a B&K 0447 3D-probe with 20 mm spacer 
powered by a B&K 5953 microphone power supply. The dynamic capa
bility, Lp-LIres-l dB, (LIres = the residual intensity) for the system with 
the 3D probe was tested with a B&K 3541 calibrator and found to be 
around 18 dB from 600 Hz to 1-5 kHz and around 26 dB from 1-5 kHz 
to 4 kHz and for the ID probe it was found to be from 12-
16 dB in that frequency range. 

The repeatability analysis for the engine measurement has been 
performed for 12 frequency lines that were chosen for their predomi
nant levels and for their importance for the overall noise levels. These 
were: 568, 600, 760, 808, 1000, 1088, 1776, 2232, 2296, 2800, 3248 and 
3576 Hz. 
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5 MEASUREMENT ERROR ANALYSIS 

The measured data from the selected frequency bands have been treated 
as independent samples. The dB-average and population standard devi
ation over the four measurements of sound intensity levels are calculated 
for each position, direction and frequency from the following expressions: 

Sound intensity avg.: L | / | a v g = (Lm + Lm + L m + L]I]A)'
4 

Intensity standard deviation: cr„ = a/X (£ | / i _ L\i\)2ln 

where 

L|/i = measured sound intensity levels for single frequency lines 
n = 4 = number of repeated measurements 

An evaluation of the obtained intensity levels in the repeated measure
ments shows that there are large individual variations in level. In some 
examples individual variations have been found to be up to 20 dB per 
direction and frequency, although these are extreme values, arising mainly 
from a few components of low level. 

A comparison of repetition errors measured as the average a„ per 
direction for the hand-held I D probe and the robot-controlled 3D-probe 
is given in Fig. 4. Average cr„ shows very low values, with the simple 
source measured in the z-direction for both measurement techniques, but 
errors seriously increase in the x- and v-directions with the hand-held 
technique. The high-precision robot with the 3D-probe gives very good 
repeatability for the simple source, as can be expected from theory, with 

Average intensity std.deviation 

3D/Ro/Lsp ID/H/Lsp 3D/Ro/Eng 1D/HfEng 1D/H/Uoct 
M M M i I v/tt/wi g p ^ B ^ i i- . - . • j 

Std.deviation dB 

X Y 2 

Measurement direction 

Fig. 4. Average standard deviations crn for measured sound intensity levels in the three 
measurement directions (z-direction is normal to the surface) summed over 12 frequency 
lines. Comparison between hand-held ID-probe and robot-controlled 3D-probe, loud
speaker and engine measurements. The standard deviation from a 1/3 octave band transfer 

of the ID-probe loudspeaker measurement is also shown. 
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cr„ around 0-4 dB even for the x- and v-directions. When the source is 
non-ideal, however, as for the engine, large errors occur even when the 
measurement system has high positioning precision and good probe 
quality. When the hand-held ID-probe is used, the standard deviation 
increases with approximately 0-5 dB in all directions. 

A regression analysis has been carried out in order to investigate 
whether a relationship can be found between the standard deviation and 
the />/dir-index. Calculations of linear and exponential relationships were 
performed. Ideally there should be a clear relationship between measure
ment error and pl-index as shown in Ref. 11, where an exponential rela
tionship between pl-index and measurement errors is derived theoretically 
and verified under ideal measurement conditions due to phase errors, and 
in Ref. 4 due to random errors. 

In Fig. 5 the resulting standard deviations are plotted as a function of 
/?/dir-index for the four measurement cases. Evidently the repeatability is 
very good under ideal measurement conditions (d) with a stable source, 
precision robot and 3D-probe. Somewhat surprising though is that a is 
nearly constant with increasing /»/-index; this could possibly be explained 
by the emphasised influence from the low relative level of the non-
dominant vectors. When comparing all the non-ideal measurements 
(parts (a), (b) and (c)), it can be seen that there is an exponential increase 
in measurement error with increasing pl-index. The steepest gradient is 
with the 3D-probe on the engine. The patterns of the plots have a more 
random look for the ID-probe measurements, especially in (b) when it is 
used on the engine. One conclusion that can be drawn is that the errors 
become very hard to predict when a ID-probe is used on a complex 
source such as the engine. 

Regression analysis on the standard deviation as a function of the pläir  

index gave the best regression parameters with the exponential regression 
model (1) below, for a 3D-probe, engine measurement. The resulting 
regression expression gives an estimate of the standard deviation of the 
measured sound intensity level as a function of the pldir-index and is 
plotted in Fig. 5: 

tr = exp(-0-3 + 01/>/ d i r) (1) 

The statistical reliability of this regression expression is not fully satisfy
ing for predictions since the variations are too large, but it gives a picture 
of the measurement errors' exponential relationship to the plä„ index. 
With the wide spread of the measured values, the significance level for 
predictions is low, even for the 3D-probe. This can be seen in Fig. 5, where 
the dotted lines show the 95% confidence limits and the 95% prediction 
limits. 
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Fig. 5. Sound intensity standard deviation plotted with an estimated exponential regres
sion line as a function of />/dir-index for (a) hand-held ID-probe, loudspeaker, (b) hand
held ID-probe, engine, (c) 3D-probe, robot-controlled, engine and (d) 3D-probe, 
robot-controlled, loudspeaker. The dotted lines show the 95% confidence limits (close to 

the regression line) and the 95% prediction line (far from regression line). 

TABLE 1 
Average Measurement Standard Deviations Divided into Three /»/d i r-Index Intervals 

pldjr-index intervals (dB) Average standard deviation (dB) 

0-30 31-10-0 >10-0 

3D-probe, robot, loudspeaker 0-36 0-36 0-45 
ID-probe, hand-held, loudspeaker 0-55 0-92 2-7 
3D-probe, robot, engine 102 1-56 50 
ID-probe, hand-held, engine 1-49 1-76 3-7 
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Dividing the /7/dir-index into three intervals, strong component/low re
activity (0-3 dB), weak component/medium reactivity (3-10 dB) and very 
weak component/strong reactivity (> 10 dB) gives a simplified view of the 
relationship between a„ and the />/dir-index (Table 1). For both sources 
the 3D-probe gives the best results, with an exception for the >10 dB 
interval, where there are only a few samples with high deviations. It 
is also very clear that there is a significant difference between the ideal 
measurement and the 'engineering case'. 

F i g . 6. Plotted 3D sound intensity vectors for 568 Hz, Af = 8 H z , for four repeated 

measurements. Measured sound intensity averages and standard deviations per direction 

are: 

Position l:L,x = 76 dB, LIy = 82 dB , L,. = 83 dB , ax = 1 dB , cry = 1-3 dB, er. = 0-9 dB, 

Position 2: L,x = 78 dB, Lly = 79 d B , Lh = 81 d B , ax = 0-6 dB , o-, = 1 dB , CT. = 1-7 dB, 

Position 3: L,x = 72 dB, LIy = 81 dB , L,._ = 85 dB, ax = 5-3 dB , ay = 1 dB, ä. = 0-4 dB. 
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6 INFLUENCE ON 3D-INTENSITY VECTOR PLOTS 

One conclusion from the results is as expected, that the largest repeat
ability errors are obtained when measuring the weakest components and 
that the predominant direction will have the smallest repeatability errors, 
resulting in large variations in the estimated intensity vectors. In Figs 6 
and 7, two examples of the variations in vector plots are shown. They 
have been obtained when repeating one measurement four times with a 

Fig. 7. Plotted 3D sound intensity vectors for 3248 Hz, A / = 8 Hz, for four repeated 
measurements. Measured sound intensity averages and standard deviations per direction 
are: 
Position 1: LIx 63 dB, LIy = 55 dB, Lh = 69 dB, ov, = 4-1 dB, cry = 9-2 dB, o-. = 12 dB, 
Position 2: Llx = 66 dB, L,y - 69 dB, Lh = 72 dB, crx - 2 dB, <ry = 1-5 dB, a. = 1-2 dB, 
Position 3: L,x - 55 dB, Lly = 74 dB, Ll: = 76 dB, ffx = 11-6 dB, tr = 1-1 dB,~<rr = 0-6 dB. 
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Estimate of angle errors 
For various relative component levels and measurement error 

Ldf1=OdB Lditf=3dB LdHf=6dB Ldll=10d3 

0 0.5 1 2 Å 8 16 

Measufement error, log. (dB) 

Fig. 8. Estimation of angle error between two vectors as a function of measurement 
error e and relative level of components L , / | d i f r . 

hand-held ID probe on an engine. The examples show the two narrow 
bands of 568 Hz and 3248 Hz. The figures are accompanied by the mea
sured intensity levels and the resulting standard deviations. The vectors 
are scaled to the same reference levels within each frequency band so that 
the amplitudes are comparable. In Fig. 6 the intensity vectors for 568 Hz 
are shown. The largest differences are for the magnitude of the vectors, 
especially in positions 1 and 2. The source can be characterised in this 
frequency as large global radiating modes over the whole engine front 
side, plus an approximate monopole radiation from the circular torsional 
damper in front 1 2. 

In Fig. 7 the intensity vectors for 3248 Hz can be seen. This frequency 
shows large variations both in angle and magnitude. The source can be 
characterised as local panel modes over the whole front side. 

The influence the measurement errors have on the angle of the 
summed vector is dependent upon the relative level of each component. 
Figure 8 illustrates how the angle error Ar/> between two vectors, the 
normal In and a tangential vector It, is dependent upon the measurement 
error s (dB) and the relative intensity level of a component, £m d u T . The 
calculations have been performed for four relative component levels, 
L m m = 0 dB, -3 dB, - 6 dB and -10 dB. 

The angle between the vectors will be 

<h = arctan IJIt (2) 

The angle error will be approximately 

±A</> = arctan 10 6 / 1 0 - arctan In/It (3) 



Fig . 10. Average narrow-band spectra for the z-direction in position 3; engine measure

ment, hand-held ID-probe. T h e spectra are zoomed for better resolution. F o u r super 

imposed repetitive measurements. 
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7 INFLUENCE ON NARROW BAND INTENSITY SPECTRA 

A good way of demonstrating repeatability errors is also to compare 
superimposed spectra for the repeated measurements. One representative 
example of average narrow-band spectra per direction is shown in Fig. 9 
(position 3, ID-probe, hand-held engine measurement). The plots give a 
picture of the spread in measurements and it is obvious from the figure 
that the spread is largest for non-dominating directions such as the x-
direction in position 3 and that the smallest spread is for dominating di
rections such as the z- and v-directions. 

A closer look into the spectra through a zoom in Fig. 10 (same mea
surement as above), reveals that where there are only a few predominant 
radiating modes, at frequencies up to around 1-2 kHz, the repeatability is 
quite good. At higher frequencies the radiation origins from a multitude 
of panel modes and the repeatability errors increase, though not as a 
continuously increasing function of frequency, more as a function of 
complex radiation. It can also be seen that the non-stationary condition 
of the source during the measurement creates a slight frequency shift, es
pecially for. the peaks around 1 kHz. This is probably caused either by 
excitation of closely lying modes or by an unstable shift between two ad
jacent frequency lines. 

A method of improving repeatability in the calculation of the intensity 
vector for a single frequency line, is to use double cursors around the 
frequency of interest, including 3-4 frequency lines and using the maxi
mum level within this band. This has been found to be particularly useful 
in directions that have low intensity levels, but also at some frequencies 
in the predominant direction, e.g. around 970, 1000 and 1060 Hz as in 
Fig. 10. 

Using wider bands such as 1/3 octave bands will also improve the mea
surement accuracy by reducing some of the instability effects from the 
source and the positioning. The same measurement data for loudspeaker 
and hand-held ID-probe has been transferred into synthesised 1/3 octave 
bands and calculations of average standard deviation have been per
formed. The comparison is shown below: 

narrow band: ax = 10, ay = 1-7, cr. = 0-5 dB 
1/3 oct band: ax = 0-8, ay = 0-9, o\ = 0-3 dB 

8 CONCLUSIONS 

When investigating 3D intensity on complex 'real life' noise sources 
instead of ordinary ID intensity, great care has to be taken both when 
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measuring and interpreting the results. The study shows that 3D intensity 
measurements in narrow bands performed under engineering conditions 
can give significant errors. This can be expected if the source is complex, 
not perfectly stable, and if the positioning is not precise. Large errors 
have been found both when using a hand-held ID probe and a robot-
controlled 3D probe. Measurement errors have been analysed through 
standard deviations of sound intensity per direction. For strong vector 
components, the standard deviation was found to be around 0-4 dB in 
the ideal measurements, around 0-6 dB in the lD-probe/hand-held/loud-
speaker measurement, around 10 dB in the 3D-probe/robot/engine 
measurement and around 1-5 dB in the worst case with the ID-probe/ 
hand-held/engine measurement. 

In non-ideal measurement cases the errors have been found to increase 
exponentially with increasing /?/-index, an increase which to a great 
extent includes the uncertainties originating from unsteady positioning, 
complex radiation patterns, random errors, bias errors and errors arising 
from long measurement times combined with a non-stable source. To 
distinguish the pressure-intensity indicator in 3D measurements, where 
the influence from the relative component strength is generally empha
sised, from the ordinary /»/-index, a directional indicator is used called 
the />/dir-index. 

In summary, measurement of 3D-intensity is a useful tool for evalu
ating the noise radiation from a source. When there is a need for fixed-
point measurements in narrow bands, however, it is not recommended to 
use a hand-held two-microphone probe, especially if the source is com
plex and not perfectly stable. To minimise the errors, a four- or six-
microphone probe should be used together with a high-precision 
positioner. The resulting plotted vectors for an engineering source should 
even then not be interpreted as exact and deterministic in magnitude and 
angle, merely as fair approximations of the true sound field. I f the source 
has some degree of frequency shift, lower errors can be expected if the 
measurements are performed in wider bands such as 1/3 octave bands or 
by using a double-cursor technique. Choosing wider bands instead of 
narrow bands gives better repeatability, especially in the non-dominant 
directions. 
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A method for evaluating and interpreting 3D sound intensity measurements in narrow bands by 
multivariate techniques such as principal component analysis (PCA) and partial least squares (PLS) 
modelling is described. PCA and PLS allow correlation in both the frequency and spatial domains, and 
are appropriate for detecting independent phenomena in a correlated sound field. The methods are 
tested and validated experimentally by studies of a complex but controlled source model, with partially 
correlated sources. It is concluded that PCA and PLS enhance interpretation of narrow band data and 
that partly coherent sources can be separated. The PCA method allows identification of independent 
phenomena in the sound field, described by principal spectra and corresponding radiating patterns. The 
PLS method can be used to describe the relation between the sound intensity estimate and the sound 
pressure level at a particular point in the far field. 

1. INTRODUCTION 

In noise control and sound quality analysis a common problem is to locate the sources of 
sound radiation. A further problem is to establish the relation between the specific source 
location and the hearing sensation. For source location, 3D-intensity measurements are often 
used as a simple and straightforward method. In reality, however, there is a complex relation 
between the near field intensity estimate and the sound pressure level in the far field. 
Another complication is that the intensity from a complex structure l i te a diesel engine may 
be a combination of direct radiation and interference from coherent secondary sources [1]. 
Interference is of particular interest when measuring in narrow bands because almost no 
frequency smearing effect occurs. This been a problem when investigating the sound field of 
a diesel engine using point measurements [2]. On the other hand, the information contained in 
spectral data of high resolution is needed for a clear description of the sound radiation, 
especially for correlation with narrow band vibration patterns. 

Several studies of source location have been presented. One such method based on partial 
coherence analysis and called selective intensity was presented by Bucheger et al. in 1982 [3], 
and has given rise to several interesting discussions [4-6]. However, a problem with the 
selective intensity method seems to be that the choice of reference points is crucial since it 
wil l have a strong influence on the description of the sound field, which creates serious 
difficulties when investigating a highly integrated structure such as a diesel engine [5], Other 
related techniques of interest are: near field acoustic holography (NAH) [7], spatial 
transformation of the sound field (STSF) [8], broad band acoustic holography using intensity 
measurements (BAHIM) [9], and the principles of reciprocity [10]. The main advantage of 
the last method is its ability to predict the contribution from a certain area of the engine 
structure to a specific point in the far field. In general, the main drawback for all the methods 
mentioned is that a complex measurement procedure is required. A problem with NAH 
related techniques is also that the assumed radiation condition is not always fulfilled due, for 
example to heat gradients. The intensity method on the other hand, is a well-established 
technique with documented applications and limitations. 
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The aim of this study is to improve the FFT-based intensity measurements by using 
multivariate techniques such as principal component analysis (PCA) and partial least squares 
regression (PLS) [11], for post processing of the data. A feature of PCA and PLS is the 
ability to analyse correlated measurement data in both frequency and spatial domain. 
Another advantage is that the original data is decomposed in principal components which 
may be related to independent phenomena in the sound field. PCA and PLS have already 
been used for evaluation of near field intensity measurements in front of a diesel engine[12]. 
The results indicate interesting phenomena in the sound field but were not fully validated. To 
enable verification of the multivariate methods, a model experiment was performed. The 
model contains a number of loudspeakers covered by a complex aluminium enclosure. The 
enclosure is acoustically excited by near-field recorded engine noise (partly coherent). The 
objectives are: (1) to see in what extent partly coherent sources can be separated. (2) to use 
PCA to evaluate the 3D intensity measurement results to increase the accuracy of the vector 
estimate. (3) to use PCA and PLS to decompose the sound field in independent components 
and thereby identify inherent noise sources. (4) to employ PLS regression for developing a 
model between the near-field intensity estimate and the sound pressure in a listening position. 

2. MULTIVARIATE METHODS 

Multivariate data analysis techniques such as PCA and PLS are efficient tools for 
interpretation of narrow band spectra [8, 11-15]. One important feature of both PCA and 
PLS is that the original data is decomposed into a number of independent "principal 
components" which can be displayed and interpreted graphically in a few plots. The theory 
and algorithms for PCA and PLS rely on the Heisenberg principle of mathematical 
modelling[16] and have been described in detail in the literature[11,16-18]. The calculation 
of PCA and PLS models was carried out by the software SIMCA-S 2.1 (Umetri AB, Umeå, 
Sweden). Matlab was used for further processing of the multivariate for transformation back 
to spectra in acoustic units. 

2.1. PRINCIPAL COMPONENT ANALYSIS 

PCA of intensity data resolves correlated patterns in both frequency and spatial domain. 
The most frequent application of PCA is where the variables are expected to be collinear. 
Collinearity means that the true dimension (rank) of the data matrix X, of m observations and 
n variables, is much less than the number of variables measured, and that the matrix has some 
dominating types of variability that carry most of the information. In PCA, linear 
combinations of the variables are calculated so that the dominating types of variability are 
concentrated in a few new orthogonal variables (principal components), thereby removing 
redundant noise. The principal components are orthogonal and by that independent 
phenomena in a partly coherent sound field may be detected. The cross validation method 
[19] is used to decide whether a component is significant or not. 

When performing PCA, the matrix of spectral data can be arranged in several 
combinations. The 3D-intensity vector in each grid position is calculated from the intensity 
spectra along x-, y-, and z-axes, which are measured at almost the same point. These spectra 
are highly correlated and arranged in rows where the spectra on the x-, y- and z-axis are 
stacked on top of each other, see Figure la. This means that the rows in the matrix comprise 
the sound intensity spectra for different positions and directions. The columns describe the 
spatial amplitude variation for individual frequency lines. 

PCA results in a decomposition of the original data matrix X into a number (N) of 
orthogonal loading (pq) and score (tq) vectors. A specific loading vector (a spectrum) 
describes the largest variance in data and thus the most dominating spectral distribution in the 
test series. The corresponding score vector describes the contribution from different positions 
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and directions to the loading spectrum. Vector multiplication of a specific loading and score 
vector pair gives a matrix of principal component spectra. Each row in this matrix 
corresponds to a principal component spectrum for a specific direction in a specific position. 

/^Reference^N. 
narrow-band 

Sound Pressure 

Figure 1. Data arrangement for P C A and PLS, where the X and Y matrices contain measurement data, p 
and c indicate loading vectors, and t and u indicate score vectors, a) PCA, b) PLS. 

The procedure followed to calculate the principal components is as follows: 
(1) Subtract the mean of every column from each element in the data matrix (mean 

centring) in order to provide subsequent calculations that are well-conditioned 
numerically. 

(2) Calculate the first component by extracting the first loading and score vector pair from 
the mean centred data matrix. 

(3) Calculate a residual as the difference between the first principal component matrix and 
the original data matrix. 

(4) Extract the loading and score vector pair of the second component from the first 
residual matrix. 

(5) A third component is extracted from the residual matrix from the second component 
and the process is repeated until all significant variability in the data is extracted. 

In matrix terms the final result can be expressed as in equation (1). 

X = X a v g + TP' + E, (1) 

where X is the original data matrix, XaVg is the mean value matrix, P is the loading matrix, T 
is the score matrix and E is the residual matrix. The prime notation indicates a transposed 
matrix. 

For efficient interpretation of Equation 1 are a N number independent so called averaged 
principal component intensity spectra (PIS), determined as shown in equations (2 - 4). 

TP'= hqP,' . (2) 
1=1 

where tq is a principal component score vector and pq is a principal component loading 
vector. Each component is described by a matrix of principal component spectra (XpSq), see 
equation (3). For a transformation back to original values, the first component matrix has to 
be corrected as the calculations of score and loading vectors are based on mean centred data. 

% PSi - X a v g + t i P i ' 

X p s q

 = tiP*' q = 2,3,...,N 
(3) 
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For a quick overview of the result and to utilise comparisons between components, each XPSq 

matrix is averaged over the columns, see equation (4), 

7 m 

* P S q = - l X p S q , i q = l2,....,N. (4) 
;' = 1 

This final expression defines the PIS, each describing independent characteristics within the 
original spectra. The contributions from different positions and directions are visualised as 
principal radiating patterns (PRP), according to the principal component matrices defined in 
equation (3). 

2.2. PARTIAL L E A S T SQUARES 

PLS is used to model the relation between the two matrices X (m observations, and n 
variables) and Y (m observations and k variables ). The extracted components in PLS are 
calculated as linear combinations of X and Y respectively, but the goal here is to extract 
information in X which is relevant for predicting Y. The PLS model describes a subspace in 
X which is calculated to attain a maximum covariance with Y. This is unlike PCA where the 
model describes the space of largest variance in X. Cross validation is used also in PLS to 
test for significance of each component and is performed on the Y matrix. Thus, the 
systematic part of data is extracted in a few new latent variables. 

To achieve the best results, PLS is performed on the transposed intensity matrix X 
(defined for PCA) and a Y matrix that contains reference sound pressure spectra. This means 
that the rows in the X matrix represent the spatial intensity variation at a specific frequency 
line and each column represents an intensity spectrum for a specific position and direction. In 
Y the columns represent the reference sound pressure spectra, see Figure lb. The goal is to 
develop a prediction model that reveals the relation between the near field intensity estimate 
and the sound pressure spectrum in a specific position. 

Using matrix notation, a PLS model can be described as in equations (5 - 7). Equation (7) 
is frequently called the inner relation and relates the X and Y matrices to each other. 

x = x a v g . +TP'+E, 

Y=Yavg. +UC + F, 

U=T+H, 

(5) 

(6) 

(7) 

where; X = sound intensity matrix, XaVg = mean value matrix of X, Y = reference sound 
pressure matrix, YaVg = mean value matrix of Y, C = loading matrix for Y, U = score matrix 
for Y, F= residual matrix for Y, and H = residual for the inner relation. 

The principal sound intensity spectrum for PLS is defined in a similar way as in PCA 
(equations 3 - 4). The data matrix however, is transposed which means that the averaging 
procedure defined in Equation 4, has to be carried out over the rows. The averaged principal 
intensity spectra when performing PLS are denoted PIS2. The principal sound pressure 
spectra (equation 8) are denoted PPS, and since only one reference pressure is observed no 
averaging is required. 

YpSi = Yavg+tiCi' 

Yps=tqcq' q = 2,3,...,N 
(8) 
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3. EXPERIMENTAL PROCEDURES 

The multivariate calculations were tested and validated by using a noise source model 
(Figure 2). For this purpose the sound radiation from a timing transmission cover (TTC) in 
cast aluminium was examined. The TTC structure is a dominating sound radiator in front of 
a diesel engine. The TTC contains two parts assembled together where the back part is 
mounted to the front-end of the engine block. The function of the TTC is to cover the gear 
transmission which connects the crankshaft rotation with the fuel-pump and camshaft 
rotations. The main excitation of the TTC structure is due to mechanically transmitted 
vibrations but at some frequencies the excitation might be induced by acoustic radiation due 
to resonant modes in the individual gears . 

3.1. NOISE SOURCE MODEL 

The noise source model was designed to enable acoustic excitation of the TTC structure. 
The TTC was bolted to a 35 mm thick steel plate which was softly connected to a box of 
chipboard. The box contained three loudspeakers, where the position roughly coincided with 
the position of the gears. Along the boundary of the TTC structure a 2 mm lead plate was 
mounted on to the loud speaker box and sealed with silicon to the TTC structure. 

The loudspeakers were fed with near-field recorded engine noise. A 2-channel recording 
was made at two different positions on the engine, one close to the oil sump and the other 
near the fuel pump. This resulted in two partly coherent signals, see Figure 3. Below 1000 
Hz the signals are roughly coherent, above 1000 Hz however, the coherence is reduced. 
During the whole recording session the engine was running in idling power and the speed was 
kept constant (620 +/- 2 rpm). The dominating sound energy were contained in the frequency 
range 400-4000 Hz. The A loudspeaker (Figure 2) was fed by the signal recorded close to the 
fuel pump. The B and C loudspeakers were out of phase and fed by the signal recorded close 
to the oil sump. Three different measurements were carried out, the first using only A 
excitation and the second using BC excitation and finally an ABC excitation was performed. 
The measurement results due to ABC excitation was analysed with PCA and PLS and the 
other two cases were used to validate the multivariate calculations. 

Figure 2. Noise source model. 1: Loud-speaker. 2: Hub (simulation of crankshaft). 3: Box of chipboard. 4: 

Steel plate. 5: T T C cover. 



1000 2000 3000 
frequency [Hz] 

Figure 3 The excitation signals and the coherence between them. The black line represent the signal fed 
to the A loudspeaker. The upper grey line represents the signal fed to the B and C loudspeakers, and the lower 
represents the coherence between the electrical signals. 

3.2. MEASUREMENT SET-UP 

The acoustic measurements were carried out in anechoic conditions (Figure 4) in the 
frequency range 400 - 4400 Hz with a resolution of 4 Hz. The sound intensity [1] was 
measured by a robot controlled 3D-probe (B&K 0447). The intensity was measured by 
sweeping the probe with a speed of less than 0.1 m/s [20] over each sub-area (0.01 m 2) in a 
plane grid (6x7). Each intensity spectrum is an average based on 60 independent samples, 
determined at a distance of 10 cm from the structure. The averaging time and sweeping 
speed were adjusted to cover each sub-area equally. The probe was calibrated using an 
acoustic coupler B & K 3541 and the residual pressure intensity index [21] varied from 26 -
32 dB in the frequency range from 400 - 4000 Hz. The reference microphones were 
positioned 1 m apart and 1 m from the source. The reference sound pressure spectra were 
measured before and after the intensity measurement with the robot removed. 

Figure 4. Experimental set-up. 1, 2: 16-channel measurement system. 3: DAT recorder and amplifier. 4: 
Intensity probe. 5: Accelerometer. 6: T T C structure. 7: Scanning scheme for intensity probe (z= 0.1m). 8: 
Mid-position between the reference sound pressure microphones (z=lm). 9: Hub (simulating crankshaft). 
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To validate the intensity measurements the vibration behaviour of the TTC structure was 
determined by operational deflection shape (ODS) estimation [13]. The ODS estimate was 
based on measurements of frequency response functions (FRF) [22], using the 16 channel 
LMS system. For the FRF measurements, band limited white noise (200 - 4000 Hz) was used 
as the excitation signal. The FRFs (equation 9) were measured between a reference signal 
and 662 response points. The reference signal was the frequency spectrum of the input 
voltage to the loudspeakers, and the response signals were the frequency spectra of the 
acceleration, measured by a PCB light weight accelerometer (2g). 

H i = ^ r (9) 
Cr« 

where Gij is the cross power spectrum between input voltage and acceleration and Gii is the 
auto power spectrum of the input voltage. By these calculations, relative amplitude and phase 
values can be obtained for each response point. Each FRF is an average based on 60 
independent samples, which gives a stable spectrum and a coherence close to one in the 
frequencies being studied. The deflection shapes for the entire frequency range, which can be 
visualised in animated pictures, are then estimated from the measured FRFs. The deflection 
shapes can be scaled to vibration velocities by multiplying the FRFs by the square root of the 
reference auto power spectrum and integrate one time, see Equation 10. 

Vj = —H^i (10) 
CO 

4. RESULTS AND DISCUSSION 

4.1. MEASUREMENT RESULTS 

4.1.1. Sound Pressure Measurements 

19 [~ i I i i i i I i i i i I i i i i I i I * i I i I 1 I 1 I I L. 

1000 1500 2000 2500 3000 3500 
frequency [Hz] 

Figure 5 Sound pressure level (ABC excitation) in the right Chlack line) and left (grey line) reference 

positions 1 m from the T T C structure. 
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Figure 5 shows the reference sound pressure level in both right and left positions due to 
ABC excitation. The differences between the spectra, especially at 1852, 1948, 2353, 2700-
2750 and 3440 Hz indicate acoustic interference due to a multiple-pole radiation behaviour. 

Figure 6 shows the sound pressure level in the right position due to A and BC excitation. 
The result indicates a strong influence due to BC excitation, since the A excitation only 
contributes to the sound pressure level at 1525, 2350,2500 and 3200-3700 Hz. 

frequency [Hz] 

Figure 6 Sound pressure level in the right reference position 1 m from the T T C structure due to A (black 

line) and B C (grey line) excitation. 

4.1.2. Sound intensity measurements 
Figure 7 shows the sound intensity spectra, averaged over the grid area, due to A or BC 

excitation. The BC excitation is dominant, which is similar to the sound pressure 
measurement. 

a 
-3 

J 

i — i — i — i — i — i — j — r 
1024 

i — m — i — i — r i — i — i — i — i — i — i — i — i — i — i — r 

1852 

2352 2984 

1000 1500 3000 3500 2000 2500 
frequency [Hz] 

Figure 7 Averaged sound intensity level over the grid area due to A (black line) and B C (grey line) 

excitation. A B C excitation gives a result close to the sum of the A and B C spectra. 
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Figure 8. Sound intensity level (Li) distributions due to A B C (normal and tangential component), and A 

and B C (normal component) excitation. The coherence between the excitation signals is indicated within 
brackets. The resolution in the contour plots corresponds to AL m =1.5dB Oblack = max intensity), a) 1024 Hz 

(0.88), b) 1852 Hz(0.43) and, c) 2352 Hz(0.00), d) 2756 Hz(0.42), e) 2984 Hz (0.46), and f) 3460 Hz (0.05). 
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Figure 8 shows the radiating patterns for the frequencies labelled in Figure 7. The chosen 
frequencies are of importance in the reference positions, related to both sources of excitation 
and corresponding to the main peaks in important critical bands. 

4.1.3. ODS measurements 
Figure 9 shows the vibration behaviour (ABC excitation by white noise) for the studied 

frequencies (Figure 8). The deflection shapes show approximately "monopole" (1024 Hz 
and 2352 Hz), "dipole" (2984 Hz), and "multiple-pole" (1852,2756 and 3460 Hz) character. 

c) 

Figure 9 ODS of the T T C structure for frequencies related to the radiation patterns displayed in Figure 8. 
Dark areas indicate high vibration amplitude, a) 1024 Hz, b) 1852 Hz, c) 2352 Hz, d) 2756 Hz, e) 2984 Hz 
and f) 3460 Hz. 

4.1.4. Discussion of measurement results 
The sound radiation is related to forced structure modes, which probably means that the 

coherence between the excitation signals is reduced. In four of the chosen frequencies BC 
excitation dominates and at two frequencies A is the important source. The correlation 
between the excitation signals is high at 1024 Hz and almost zero at 2352 and 3456 Hz. In 
the other studied frequencies the coherence ranges from 0.42 to 0.46. In the "monopole" 
cases it is rather straight forward to locate the origin of sound radiation. However, at some 
frequencies e.g. 2756, 2984 and 3460 Hz, complex patterns occur which makes interpretation 
difficult without further evaluation. 

4.2. MULTIVARIATE ANALYSIS 

The development of PCA and PLS models was based on a logarithmic transformation of 
the absolute values of the sound spectra during the calculation procedure. The intensity 
components sign information were stored in a sign matrix and afterwards added to the 
analysed data. The use of a logarithmic transform reduces the influence from otherwise 
dominating frequencies and by that better predictions were obtained. The logarithmic values 
were only used when extracting the principal components, all other calculations, e.g. when 
calculating the residual matrices, were based on linear values. 
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4.2.1. PCA of intensity spectra 
The PCA resulted in 5 significant principal components (spectra) describing 63 % of the 

total variance in the logarithmic transformed sound intensity spectra (73 % for the normal 
component and 54 % for the tangential component). Figure 10 shows the averaged principal 
intensity spectra (PIS) compared with the averaged measurement result. The principal spectra 
added together gives an almost perfect reproduction of the averaged original intensity 
spectrum. 

1030 2CCO 2500 300D . . . 30 1500 2000 2500 3000 3500 

c) frequency [Hz] d) frequency [Hz] 

1C<» 1503 2030 2500 »300 3S0O 1003 1530 2 « « 2SX 3C0O 3500 

e) frequency [Hz] f) frequency [Hz] 

Figure 10 The averaged original intensity spectra due to A B C excitation (dotted line), decomposed in 5 
significant averaged principal component spectra (solid line), a) PIS(l), b) PIS(2), c) PIS(3), PIS(4), e) PIS(5) 
and f) all PIS added together. 

Comparing individual PIS, different phenomena can be observed. PIS 1 describes 44 % of 
the variation and gives a rough approximation of the whole spectrum except at frequencies 
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around 1520 Hz, 1740 Hz, 2000 Hz, 2352 Hz and 3246 Hz. The characteristics of PIS 1 is 
similar to the results due to BC excitation and the deviations from the original spectrum are 
observed at frequencies related to A excitation. PIS 2 and PIS 3 do only contribute at 
frequencies where PIS 1 explains almost all variation in data. Therefore it can be assumed 
that these components are related to the same source which in this case means the BC 
excitation. PIS 4 on the other hand differs in character compared to PIS 1, 2 and 3, and 
shows similarities to the spectrum due to A source excitation, but at a lower level. 

To further evaluate the independent characteristics of the radiating sources the 
corresponding principal radiating patterns (PRP) are investigated. A study of the PIS in 
Figure 10 at the most interesting frequencies (Figure 8) indicates PRPs of interest. The 
choice is based on the level difference between the PIS and the original spectra. I f the level 
of a PIS at a specific frequency is 10 dB below the original spectra or more, then the 
corresponding PRP may be of no interest. Figure 11 shows the predominant PRPs for all the 
frequencies studied. 
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Figure 11 The two most important principal radiating pattern (PRP) and the most appropriate combination, 
extracted from data due to A B C excitation. The maximum intensity level is labelled and each contour line 
corresponds to ALi n =1.5dB. a) 1024 Hz, b) 1848 Hz, c) 2352 Hz, d) 2756 Hz, e) 2984 Hz and 0 3460 Hz. 

Each principal component is characterised by the peaks in the PIS and the PRP 1, 2 and 3 
show similar patterns for all these frequency peaks (the intensity component sign might be 
negative at some of the frequencies). The first PRP shows the "source" location close to the 
position where the crankshaft normally is situated. The first pattern gives, however, no 
detailed information and can be seen as a general descriptor of the sound field. The details 
are found when combining the first component spectra with higher order components. 
PRP(2) is located in the vicinity of the C loudspeaker and the PRP(3) is located diagonally 
over the TTC structure covering both the A and B loudspeaker. The fourth and f i f th PRP 
show differences between frequencies, e.g. whether the maximum for PRP(4) is observed at 
either the A or B loud speaker. Adding the first and second or third principal spectra is 
relevant for the frequencies 1024, 1852, 2756 and 2984 Hz which results in PRPs similar to 
the results due to BC excitation. PRP(4) and PRP(5) describe phenomena related to the A 
excitation, seen especially at 2348 Hz and 3460 respectively. 

4.2.2. PLS-modelling 
The developed PLS model describes the relation between the averaged intensity over the 

defined sub-areas and the sound pressure level in a reference position. From the PLS model, 
principal pressure spectra (PPS) and corresponding principal intensity radiating patterns 
(PRP2) can be developed. The model is based on 3 significant components that describe 82% 
of the variance in p r e fH> see Figure 12. The first PPS (77%) shows only a rough similarity to 
the sound pressure spectrum due to BC excitation (Figure 6). The third PPS on the other hand 
is rather close to the pressure spectrum due to A excitation. The levels at 1852 Hz and 3460 
Hz are almost correctly determined by PPS(l), see Figure 12b. PPS(2) gives a correct 
representation of the sound pressure level at 2756 Hz, see Figure 12c. The level at the 
frequencies 1024, 2352 and 2984 Hz are correctly determined only by adding all three PPSs 
together, see Figure 12(a). 
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c) frequency [Hz] dj frequency [Hz] 

Figure 12 The sound pressure spectra in the right position due to A B C excitation (dotted line), 
decomposed in three PPS (solid line), a) PPS (1), b) PPS(2), c) PPS(3) and d) original right reference sound 
pressure spectrum compared to the 3 PPS added together, 

a) frequency [Hz] 

b) frequency [Hz] c) frequency [Hz] 

Figure 13 The averaged original intensity spectra due to A B C excitation (dotted line), decomposed in 
three PIS2 (solid line) which are referred to the right sound pressure spectra, a) original intensity spectrum 
compared to PPS(l) , b) PPS(2) compared to PPS(l) and c) PPS(3) compared to PPS(l), 
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The corresponding averaged principal intensity spectra (PIS2), see Figure 13, are similar 
to the PIS extracted by PCA (Figure 10). The most significant difference between PIS2 and 
PIS (PCA) is that the peak at 2352 Hz is not fully described. The PRP2 shows a wider 
distribution compared to the PRP due to PCA, which may be related to the transposed data 
matrix instead of a physical phenomena. The PLS, which is performed on the transposed 
intensity matrix seems to focus on spatially distributed phenomena, especially in the first 
component. This is probably the reason why the peak at 2352 Hz related to the second order 
source (speaker A) is not fully described. A physical interpretation on the other hand, is that 
the PRP2 may be treted as the radiation pattern "seen" by the reference sound pressure. 

Figure 14 shows PRP2 combinations for each of the studied frequencies related to a 
correct determination of the right reference sound pressure by the PPS in Figure 12. 
Comparison of the PRP2s with the PRPs extracted by PCA indicates differences and it is seen 
that the PRP2s are less detailed which might be physically relevant since the PRP2s reflect 
the contribution to the far-field. 

a) 1024 Hz; PRP2(123) b) 1852 Hz; PRP(l) c) 2352 Hz; PRPQ23) 
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d) 2756 Hz; PRP2(2) e) 2984 Hz; PRP2(123) f) 3460 Hz; PRP2(1) 

Figure 14 Principal radiating patterns (PRP2) related to the PPS which correctly determines the right 
reference sound pressure level, a) 1024 Hz, b) 1848 Hz, c) 2352 Hz, d) 2756 Hz, e) 2984 Hz and f) 3460 Hz. 

5. CONCLUSIONS 

Principal component analysis and partial least squares modelling decompose the 
measurement data into a number of statistically independent spectra. Describing the results 
by averaged principal spectra and corresponding radiating patterns gives a quick, but detailed 
overview of the result. The results indicate a method of extracting physically relevant 
information from a partly coherent sound field. The decomposition of the sound field 
facilitates finding important clues to real independent phenomena in the sound field and 
enables source characterisation. A prediction model obtained by PLS describes the near field 
intensity estimate in relation to a reference sound pressure spectrum. This provides an easy 
interpretation and facilitates simulation of the sound pressure level in the reference position 
due to changes in the near field. The difference between PCA and PLS is that the former 
models the near field estimate alone, while the latter models variability in the near-field 
contributing to a point in the far field. Both PCA and PLS are useful methods but good 
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results still require measurement data of high quality. The methods are robust and there is 
little risk to overfit data. The use of a logarithmic transformation of the spectra during the 
model development improved the predicting ability. 
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SUMMARY 

An experimental investigation of the sources of noise radiation observed from the front side of a diesel engine is described. The 
objective of the study is to evaluate and interpret the sound intensity vector estimate in narrow bands by using multivariate 
techniques such as principal component analysis (PCA) and partial least squares (PLS) modelling. The PCA method allows the 
identification of virtually independent sources that are described by principal spectra and corresponding radiating patterns. The 
PLS method is used to describe the relation between the sound intensity measurement and a sound pressure in the far field. 

INTRODUCTION 

A n important aspect in sound quality engineering is to find the relationship between the annoyance reaction 

and the noise source characteristics. Listening tests enable often an identification of specific frequencies that 

are responsible for the annoyance reaction. However, problems often arise in the next step, where the 

questions are to detect the sources of noise generation and to find the relationship between the hearing 

sensation and the specific source location. 3d-intensity measurements might be used as a straight forward 

method for source location but in reality there is a complex relation between the near field intensity estimate 

and the sound pressure level in the far field. Source location by 3D intensity on a complex structure like a 

diesel engine may be problematic, as data often show a combination of direct radiation and interference 

from coherent secondary sources. 1 This has been shown to create problems when investigating the sound 

field of a diesel engine by point measurements.2 

Several studies discussing the problem of source location have been presented. One such method based 

on partial coherence analysis and called selective intensity was introduced by Bucheger et al. in 1982,4 ^ 

several interesting discussions have followed.^"7 However, a problem with the selective intensity method 

seems to be that the choice of reference points is crucial since it will have a strong influence on the 

description of the sound field, which creates serious difficulties when investigating a highly integrated 

structure such as a diesel engine. ̂  Other related techniques of interest are, near field acoustic holography 

(NAH),8 spatial transformation of the sound field (STSF) ,9 and a new approach of source location, based 

on the principles of reciprocity. *0 The main advantage with the latter method is the ability to predict the 

contribution from a certain area of the engine structure to a specific point in the far field. 

The objective of this study is to improve the accuracy in the 3D sound intensity estimate by evaluating 

the measurement results by principal component analysis (PCA) . P C A facilitates a decomposition of the 

sound field into virtually independent phenomena, by this the inherent noise sources may be identified. 

Finally, partial least squares ( P L S ) regression was employed in developing a model between the near field 

intensity estimate and the sound pressure in a listening position. 

Spectral data of high resolution is often required in sound quality analysis. To aid in the interpretation of 

high resolution spectra, multivariate analysis is an efficient tool.3 The most frequent application of P C A is 

where the X-variables are expected to be collinear. This means that the true dimension (rank) of the matrix 

is much less than the number of variables measured, and that the matrix has some dominating types of 

variability that carry most of the information. In P C A linear combinations of the variables are calculated so 

that the dominating types of variability are concentrated in a few new variables thereby removing redundant 

noise. In P L S , a model which relates two matrices (X and Y ) is calculated. The extracted components in 

METHOD 
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P L S are also calculated as linear combinations of the measured variables and describe the systematic 

variance in X and Y , but here the goal is also to achieve a maximum correlation between the two matrices. 

Thus, the systematic part of data is also in this case extracted in a few new latent variables. Because the 

information both in P C A and P L S is concentrated in only a few dimensions, data can be displayed in a few 

plots. The P C A and P L S modelling were performed by the S I M C A - P 2.1a software package. 

P C A and P L S are applied directly on the narrow band frequency spectra. P C A is performed on a matrix 

of intensity spectra, where the spectra due to x-, y-, and z-direction for each point on the grid, are stacked 

on top of each other. This means that the rows (i) of the matrix comprise the spectra in each direction in all 

grid positions. The columns ( j ) describe the spatial amplitude variation for each frequency band. To judge 

whether a calculated component is significant or not cross-validation is used. 11 

P C A results in a decomposition of the original spectra into a number of principal component 

matrices. E a c h matrix of principal spectra is described by two vectors, denoted as score and loading 

vectors. For a specific frequency line and direction, the first averaged principal intensity value is described 

by : ?dir(fj) - tavgty + 1 / N Pi(fj)%dir}< w h e r e P ( f j ) = loading value for the specific frequency, før = 

score vector values for all points due to a specific direction, and N = no grid positions. This calculation for 

all frequencies leads to an averaged principal intensity spectrum, which defines the relative importance 

among the frequencies in relation to the measured intensity in that direction. The relation between the 

intensity components in every point over the grid is described by the corresponding principal radiating 

pattern (PRP) . The first P R P is estimated by the following relation: i j f f j ) = I a V g ( f j ) + p ( f j ) % where t t f p is 

the principal intensity value for a specific frequency, position and direction. 

For the P L S regression a different matrix combination will be used, where Y represents the reference 

sound pressure levels at 1 metre distance from the radiating structure and X represents the sound intensity 

spectra for all directions and positions. In this case, each column in X describes a position and a direction 

and the rows represent different frequencies. P L S results in a number of principal pressure spectra (PPS) 

and P I S . The relationship between the PPS s and the reference sound pressure spectrum show the relative 

importance of different principal frequency components. The combinations of PPSs that give a correct 

estimate of the measured sound pressure indicates the proper combination of PRPs in relation to the 

reference positions. B y that, the relationship between the sound intensity measurement and the reference 

sound pressures is enabled. 

EXPERIMENTAL 

The measurements were carried out on a 9 litre 

in-line 6-cylinder diesel engine in idling power 

(612 +/- 3 rpm) in a semi-anechoic engine test 

cell. Table 1 describes the instrumentation and 

measurement procedure. The reference 

microphones were positioned 1 m apart and 1 m 

from the engine and the ground (Figure 1). The 

reference pressure spectra were measured 

before and after the intensity estimate with the 

robot removed. To obtain accurate intensity 

estimates it is important to keep the engine 

speed constant, as small changes in speed cause 

frequency shifts and changes the directivity of 

the source. T o avoid influences of directivity 

changes and acoustic interference the probe was 

scanned by the control of a robot and the 

averaging time was adjusted so that each sub-

area was covered equally. To increase the 

signal to noise ratio and to obtain an improved 

time relation between the signals the 

measurements were triggered on the injection of 

the first cylinder and an adjusted uniform time 

window was used to cover two complete cycles. 

mstrurnentation and settings for the intensity measurement 

Measurement system: LMS CADA.HP Paragon front-end 
Probe type: 3d-probe (B&K 0447),12 mm spacer 
Microphones: 6 phase-matched B&K 4178 
Residual pl-index : 25 dB (500 - 1.5k), 33 dB (1.5k - 5 k) 
Frequency range: 400 - 4400 Hz 
Resolution: 2 Hz 
Sweeping speed: < 0.1 m/s 
Average distance: 0.15 m  

Figure 1. Experimental set-up. 

Table 1 



3 

RESULTS AND DISCUSSION 

Compared to a discrete point measurement, the scanned 3d-intensity measurement, shows an improved 

repeatability and accuracy. Figure 2a shows the spectrum of total sound power level over the grid and the 

reference sound pressure level. Figure 2(b) shows the radiating patterns for 552 Hz. At this frequency it is 

rather straight forward to point out the source location, but at some frequencies complex patterns occur 

which makes interpretation difficult without further evaluation. For the P C A and P L S modelling the spectra 

are interpolated to 6 Hz resolution in order to minimise noise and computation time. 

500 

a) 

1000 
frequency [Hz] 

2000 4000 

'15 \ 

' "' • ;'' ' ' -. •••• ; 

b) ALjjj = 15dB, Acontour level = 1.5 dB c) 

Figure 2 a) Estimated sound power level over the grid area and the sound pressure level at 1 m distance from the engine 

structure, b) Normal intensity component at 552 Hz, c) Corresponding tangential intensity components. 

PCA of intensity spectra 
P C A extracted 5 significant principal components (spectra) that describes 89 % of the variation in the 

sound intensity measurements (Figure 3). Each component is characterised by the frequency peaks in the 

averaged principal intensity spectrum (PIS). The PISs show the independent characteristics in the intensity 

field which is defined by the corresponding PRPs. The PRPs for each component show similar patterns at 

all the frequency peaks. The first PIS describes the general characteristics in the sound intensity estimate 

(R2adj=70%). This effect can be seen for all frequencies with emphasis on the frequencies around 550, 946, 

1192, 1852 and 2300 Hz (Figure 4a). The corresponding PRPs indicates a "source" location at the right 

side of the timing cover probably the fuel pump connected to the engine structure in the back of this area. 

The second P I S contributes only at frequencies already described by P I S ( l ) but emphasise the information 

in the PRPs at frequencies around 610 Hz, 1100 Hz and 2300 Hz (Figure 4b). 

measurement 

PIS(l)-5dB 

PIS(2) - 5 dB 

PIS(3) - 5 dB 

PIS(4) - 20 dB 

PIS(5) - 20 dB 
1QJ frequency [Hz] 

Figure 3. Averaged intensity spectra, measured spectrum and P1S(1) to (5). The spectra are separated to enable interpretation. 

The third PIS is different in character and contributes at frequencies where PIS[1&2] not fully describe the 

sound radiation. This indicates an independent behaviour, characterised by frequency peaks at 454, 616, 

796, 958, 1102, 1188, 1534 and 1756 Hz. The corresponding PRPs show that the radiation seems to be 

related to dipole phenomenon close to the upper belt pulley (Figure 5a). At some frequencies, i.e., at 616 

Hz and 796 Hz., the sound radiation also seems to be related to the oil sump (Figure 5b). 
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PIS 4 and 5 do only contribute at single frequencies. 

Using a 10 dB level difference to indicate important 

frequencies, it is seen that PRP[4] contributes at 

frequencies described by PRP[3] such as 454 Hz and 

958 Hz. PRP(5) only contribute at 520 and 946 Hz. 

PLS-regression 
The model obtained by P L S is based on 4 principal 

components which describe 92 % of the variance in 

the reference pressure spectra, and 90% of the 

variation in the intensity spectra. The differences 

between the two reference spectra indicates a complex 

radiation pattern, which is reflected in the PPS s 

(Figure 6a). PPS[1] gives an accurate estimate of the 

sound pressure at 550 Hz and the P R P is similar to 

PRP[1] due to P C A (Figure 4a). The left reference 

spectrum is not fully described by the first PPSs. At 

550 Hz the radiation pattern due to a correct sound 

pressure estimate is obtained by PRP[123] (Figure 

6b). The PRPr231 indicate three areas of radiation. 

P P S R I U :  
PPSJl]:  

•Z0d£ 

Figure 4. a) PRP[1] at 552 Hz, b) PRP[l+2] at 2300 Hz. 

figure 5. a) PRP[l+3] at 796 Hz, b) PRP[l+3] at 616 Hz. 

PPS L[4]: •ZOdtS 

Figure 6 a) PPS due ;o the right and left reference positions in the far field, b) PRP2[1], and c) PRP2[2+3], (550 Hz). 

CONCLUSIONS 

P C A results in a decomposition of the sound field, due to virtually independent phenomena. The result 

indicates two independent phenomena of physical relevance. The P L S model describes the relationship 

between the near field intensity and a reference sound pressure in the far field. The suggested methods 

seems to facilitate the interpretation of 3D intensity measurements in narrow-bands. At this stage no final 

conclusions can be drawn. The results in comparison to the known vibration behaviours of the engine, 

however, indicate that these methods give an improved possibility for source characterisation. Further 

validation will be done on a complex but well controlled model structure. 
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Judgments of annoyance caused by the sound of an idling diesel engine were determined by 80 
subjects. The diesel-engine sounds were recorded and the spectra were subsequently modified 
electronically to produce various test signals. The subjects listened to eight different sounds in 
a paired-comparison procedure. Each sound signal was presented to the subjects at a 
time-averaged A-weighted sound level of 80 dB. Two different prediction models of the 
annoyance response were developed by use of principal component analysis and partial least-
squares regression. A new descriptor, the "ear resonance range," was discovered as a result of 
employing these analysis methods. The first prediction model, based on psychoacoustic 
measures, utilized the ear resonance range along with loudness and kurtosis to predict the 
annoyance judgments of the test signals. The second model utilized critical-band sound-
pressure levels as the basis for the annoyance predictions. Both models were confirmed by 
internal and external validations and gave good predictions. The critical-band 
sound-pressure-level prediction model may provide a better means than the 
psychoacoustic-measure model to evaluate options for minimizing the annoyance of the sound 
from an idling diesel engine. © 1995 Institute of Noise Control Engineering. 

Primary subject classification: 63.2; Secondary subject classification: 52.3 

1. I N T R O D U C T I O N 

Human beings are exposed to various types of traffic 
noise in their daily life. Among the sources of traffic noise, 
the sound of engines at idle power has been reported to 
cause annoyance.' Idling noise is present when vehicles are 
loading or unloading goods and also at temporary stops 
while driving. For automotive applications, most previous 
research on annoyance response has been devoted to the 
noise inside the passenger compartment. A few efforts were 
directed at analyzing the annoyance of external vehicle 
noise. External vehicle noise is important for pedestrians as 
well as for those who work or live in the vicinity of a 
roadway carrying vehicular traffic. 

Annoyance reactions to diesel engine noise have been 
described by a variety of psychoacoustic descriptors includ
ing: loudness, sharpness, roughness, impulsiveness, irregu
larity, periodicity, harmony, and the tonal components of 
the sound.2'3 Researchers have attempted to develop predic
tion models that quantify psychoacoustic factors on the ba
sis of objective measurements. None of the models satis
factorily describes the relationship between the physical 
characteristics of a sound and annoyance judgments in 
terms of a single-valued descriptor because subjective re
sponse to undesired sound is complex with considerable 
variability between and within different subject 
populations.4 

The study reported in this paper dealt with annoyance 
judgments of the sound from a diesel engine at idle power. 
A new statistical approach to modeling is presented to in
terpret annoyance judgment data. The paper demonstrates 
the utility of principal component analysis (PCA) and par
tial least-squares (PLS) regression5 to obtain prediction 
models for annoyance response. The main advantages of 

'Acoustics Group, Division of Environment Technology. Lutea University 
of Technology. S-971 87 Luleå. Sweden. 

the PCA and PLS methods over the multiple linear regres
sion method are that they can handle correlated data and 
also can provide valuable insights into the interrelation
ships between psychoacoustical variables and sound 
stimuli. 

Principal Component Analysis and PLS regressions re
sult in a decomposition of the original data into a number 
of orthogonal components. The components are arranged 
according to the corresponding loadings and scores. The 
loadings describe the average contribution of the psychoa
coustic variables to specific components. Scores describe 
the contribution of the components to different sound 
stimuli. Plots of PCA and PLS scores and the correspond
ing loadings serve to visualize interrelationships and to 
validate or correct prior knowledge by revealing unex
pected systematic phenomena. 

2 . A N N O Y A N C E D E S C R I P T O R S 

Table I lists the descriptors that were considered in this 
study for rating the annoyance of a diesel engine at idle 
power. The descriptors included frequency-weighted sound 
levels as well as various psychoacoustic measures. 

Loudness (LD) in sones was determined according to 
ISO 532B6 f rom one-third-octave-band sound-pressure lev
els. Another approach to defining loudness is the specific 
loudness.7 Specific loudness (SPLD), also in sones, was 
determined from the spectral distribution of a sound and 
takes into account the nonlinear relationship between exci
tation and loudness judgment, and the frequency selectivity 
of the human ear. The sound spectra also were analyzed in 
critical frequency bands with due allowance for masking. 

Sharpness in acums8 was determined from narrow-band 
sound-pressure levels. Sharpness (ACM) corresponds, ap
proximately, to the first spectral moment of specific loud
ness, with an emphasis on sound at higher frequencies.9 
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TABLE 1 - Psychoacoustic descriptors considered for rating the annoy
ance of the diesel-engine sounds. 

mined from A-weighted octave-band kurtosis levels at mid-
band frequencies from 125 Hz to 8 kHz . 1 2 

Descriptor Specific measure symbol Abbreviation 

Sound level A-weighted (dB) AL 
B-weighted (dB) BL 

C-weighted (dB) CL 

D-weighted (dB) DL 
Flat response (dB) FL 

Loudness ISO 532B (sone) LD 
Specific loudness (sone) SPLD 

Sharpness Sharpness based on loudness (bark) SLB 
Sharpness based on specific (bark) SPB 

loudness 
Sharpness (acum) ACM 

Roughness Average modulation 80 Hz 
to 5.7 kHz 

(smod) AVM 

Roughness level (dB) RL 

Impulsiveness Kurtosis KRT 

Kurtosis level (dB) KL 
A-weighted kurtosis level (dB) WKL 

Harmonic Ratio of narrow-band. 

content mean-square sound pressures 
at odd harmonics of engine 
firing frequency to those at 
even harmonics a 

aRatio of the sum of mean-square sound pressures from the 1st to the 27th 
odd harmonics of the nominal 30-Hz engine firing frequency to the sum 
of the mean-square sound pressures from the 2nd to the 26th even har
monics. 

3 . E X P E R I M E N T A L M E T H O D S 

A . S u b j e c t s 

Forty male and forty female subjects were chosen ran
domly from the students and staff of Luleå University. The 
average age was 27.3 years (standard deviation = 7.3 
years) for the male subjects and 25.3 years (standard devia
tion = 7.8 years) for the female subjects. A l l subjects had 
normal hearing with hearing thresholds less than 20 dB at 

13 
octave midband frequencies to 8 kHz. 

B. E x p e r i m e n t a l d e s i g n 

The sound from a 9-L, in-line 6-cylinder diesel engine 
operating at its nominal 610-rev/min idle power setting was 
recorded on a NAGRA IV-SJ two-channel magnetic tape 
recorder. Two-microphone stereophonic recordings were 
made at two locations in front of the engine in a hemi-
anechoic room; see Fig. 1. For each location, the two B & K 
4165, 12.7-mm-diam microphones were placed at 1 m 
above the floor. 

The spectra of the recorded engine sounds were subse
quently manipulated by a one-third-octave-band equalizer 
to create various sound stimuli. The sound stimuli con
tained various degrees of harmonic content, low- and high-
frequency sound-pressure levels, roughness, and impulsive-

Sharpness (SLB) in barks7'9 was determined from the cen-
troid position of the spectral distribution based on its loud
ness in the "Zwicker spectrum." A measure of sharpness 
based on specific loudness (SPB) was also calculated. 

Roughness^ was determined from the mean degree of 
amplitude modulation of the sound in each of six octave 
bands with nominal midband frequencies from 125 Hz to 4 
kHz. For this study, the temporal sound-pressure envelope 
of the octave-band sound-pressure levels was estimated by 
means of a Hilbert transformation of narrow-band spectra, 
and then transferred to the frequency domain where it was 
corrected according to the annoyance response of ampli
tude modulated tones. Roughness (AVM) was calculated by 
summing each corrected modulation spectrum normalized 
by the original octave-band sound-pressure levels. 

Roughness level (RL) was determined from sound-
pressure levels in seven frequency bands from 20 to 1121 
Hz. The frequency-band sound-pressure levels were 
weighted by a defined weighting function. 1 0 The frequency-
weighted, band-limited sound-pressure levels were then 
combined on a mean-square sound-pressure basis. The total 
weighted mean-square sound pressure was divided by the 
square of the reference sound pressure to obtain roughness 
level in decibels. 

The impulsive character of the sound stimuli was evalu
ated by kurtosis.1 1 Kurtosis (KRT) is a measure of the am
plitude and number of sound-pressure peaks based upon an 
amplitude probability analysis. Kurtosis level (KL) is the 
level of kurtosis in decibels without frequency weighting. 
The A-frequency-weighted kurtosis level (WKL) was deter-

Diesel 
Engine 

0.5m 1 0.5m 

Fig. 1 - Microphone positions for recordings of the idle-power 
diesel engine sounds. The solid circles represent the lo
cations for the two microphones. 
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ness. The intent of the manipulation was to find 
relationships among the various psychoacoustic descriptors 
of Table 1 and the differing spectral content. The eight 
sound stimuli were re-recorded on a digital audio tape re
corder. Figure 2 and Table 2 give details of the eight sound 
stimuli and their spectra. 

The purpose of the present study was to focus on subtle 
differences in sound character. The time-average 
A-weighted sound level of each stimulus was adjusted elec
tronically to 80 dB to avoid the variation in loudness3 that 

90 i i i j i i j i i j i i j i i j i i i i i j i i j i i j i i 

0.063 0.25 1 4 
0.0315 0.125 0.5 2 8 

nominal midband frequency (kHz) 

Fig. 2 — One-third-octave-band sound-pressure levels for the 
spectra of the original (stimuli 6, 7, and 8) and manipu
lated (stimuli 1-5) engine sounds. See Table 2 for a 
description of each spectrum. In (a) and (b), Q=stimuli 
I & 5, • =stimuli 2 & 6, A ̂ stimuli 3 & 7, and V 
=stimuli 4 & 8. 

otherwise would tend to mask the effect of other dimen
sions of the sound stimulus' character. The 80-dB sound 
level was chosen to avoid interference with the acoustic 
reflex of human ears. 

C . E x p e r i m e n t a l p r o c e d u r e 

Engine sounds were presented through a pair of loud
speakers in an anechoic room. The loudspeaker response 
was flat, within ± 2 dB, from 20 Hz to 20 kHz. The listen
ing position was the same for all subjects. A randomized 
paired-comparison procedure was used either in an AB or a 
BA sequence. The duration of each sound was 8 s. Each 
pair of sounds was separated by a quiet period of 8-10 s. 
After presenting each pair of sounds, the subjects were 
asked to judge the annoyance of both stimuli and to rate 
how much more annoying one stimulus was compared with 
the other, or i f they were equal in annoyance. Each judg
ment was recorded on an 11-point scale with linearly 
spaced markings ranging from 0 to 10. 

During the annoyance judgment tests, all sound signals 
were measured by a single B & K 4133, 12.7-mm-diam mi
crophone at the listening position, but with the subject not 
present. Sound pressure signals were fed into a Leuven 
Measurement Systems CADA-X fast-Fourier-transform 
spectrum analyzer. The psychoacoustic descriptors shown 
in Table 1 were evaluated by processing the recorded 
acoustical data. 

In an analysis of paired-comparison data, the scores for 
each judge are first combined in a single table. Each cell in 
the table contains the total number of scores given by all 
judges . 1 4 1 5 Then, the scores in each cell are expressed as a 
fraction of the maximum possible score that could be given 
by all judges. The normalized scores in the cells in a col
umn are summed and then divided by the number of total 
stimuli to obtain the stimulus rating on the 11-point scale. 
This procedure gave the rating of the stimuli on an annoy
ance scale for all judges. A total of 28 pairs [ n ( n - l ) / 2 ] of 
sound stimuli (n=8) was presented to each subject. The 
diagonal entries in the table involving a comparison of each 
stimulus with itself were assumed to be equal. 

The well-known paired-comparison method is based on 
a forced choice where subjects are not allowed to give 
equal scores for both s t i m u l i . 1 4 ' 1 6 For this study, a rating 
scale was included in the paired-comparison data to provide 
freedom for the judgments and thereby widen the range of 
variability of judgments between subjects. 

In the present study, the procedure for analyzing the 
paired-comparison data was partially adopted from an ear
lier investigation, where subjects were allowed to give 
equal scores for both stimuli. 1 7 The distributions on the 
rating scale were " A is much more annoying" at 10, "B is 
much more annoying" at 0, and " A & B equal" in the 
middle of the scale at 5. The subjects were instructed to 
consider that the degree of annoyance increased toward the 
extremes. The distance along the scale from 0 to the 
marked judgment score was the result for stimulus A, and 
10 minus the distance to the marked judgment was the 
score for stimulus B. For an equal judgment between a 
stimulus pair, a score of 5 was given for both stimuli. In 
this way, the rating of the stimulus on the annoyance scale 
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TABLE 2 - Mean annoyance-response scores for modified and original diesel-engine sound stimuli. 

Mean annoyance response a 

Stimulus Description of spectral content re that of stimulus 6 Male Female 

1 Increased the one-third-octave-band sound-pressure levels in 6.55 6.70 

high-frequency bands from 2 to 16 kHz 
2 Increased the one-third-octave-band sound-pressure levels in 

low-frequency bands from 125 to 630 Hz 

4.22 4.24 

3 Increased the one-third-octave-band sound-pressure levels in those 

bands where the ratio of peak-to-rms sound pressure was low and 

decreased the one-third-octave-band sound-pressure levels in those 

bands where the ratio of peak-to-rms sound-pressure was high 

(attempt to reduce the impulsive character of the reference sound of 

stimulus 6) 

4.66 4.52 

4 Increased the one-third-octave-band sound-pressure levels in those 

bands containing even harmonics of the 30-Hz engine firing 

frequency and decreased the sound-pressure levels in those bands 

containing odd harmonics 

3.63 3.65 

5 Increased the one-third-octave-band sound-pressure levels in bands 

from 200 to 630 Hz and 2.5 to 5 kHz; decreased the sound-pressure 

levels in bands from 800 Hz to 1.6 kHz 

6.55 6.14 

6 Normal cold-engine idle sound recorded in front of the engine at 1 m 

from its center 

4,39 4.52 

7 Normal hot-engine idle sound recorded in front of the engine at 1 m 

from its center 

5.06 4.90 

8 Normal cold-engine idle sound recorded at an angle of 45° from the 4.94 5.30 

axis of the engine and its center 

aResponse scores on a scale from 0 to 10 (i.e.. not at ail annoying to much more annoying). 

for each subject was calculated by summing all the scores 
in the column and dividing by the total number of stimuli. 

D. S ta t is t ica l m e t h o d s 

Differences in annoyance judgments according to the 
sex of the subjects, and according to the various engine 
sound stimuli, were analyzed using Tukey's method. 1 8 The 
consistency of agreement among the subjects was evaluated 
using Kendall's rank correlation coefficient method. 1 9 Prin
cipal component analysis (PCA) was applied to investigate 
the interrelationship among the psychoacoustic descriptors 
as well as the spectral characteristics. Partial least squares 
(PLS) regression was then used to obtain a prediction 
model for the annoyance response. The analyses were per
formed on a personal computer utilizing a commercial soft
ware program for statistical analyses. 

E . Mult ivariate a n a l y s i s 

In the investigation of annoyance reactions to engine 
noise, the measured data were arranged into three matrices. 
The n different sound stimuli were represented in the rows 
and the measured variables as the columns; see Fig. 3. The 
p columns in the X matrix contain the psychoacoustic de
scriptors. The q columns in the Z matrix represent the 24 
critical-band sound-pressure levels. In the Y matrix, the 
corresponding annoyance response data were stored in n 
rows. The objective of this evaluation was to investigate the 
interrelationships between the variables in each matrix as 
well as to model the relationships between the matrices. 

A property of multivariate data is that the variables sel
dom are independent but rather are correlated. Thus the true 
dimension of the data is much less than the number of 

variables, and the matrix has some dominating types of 
variability that carry most of the information. The dominant 
factors can be found by combining the variables in some 
way. With a Principal Component Analysis, linear combi
nations of the variables are calculated so that the systematic 
variability in the data is concentrated in a few new vari
ables (the Principal Components) and redundant data 
(noise) are removed. 

In matrix terms, the Principal Component Analysis can 
be expressed as 

X = T P T + E , (1) 

where X is the original data matrix, T P T is a matrix of 
lower rank than X containing the systematic part of the 
data, and E is the matrix of residuals (noise). Usually ma
trix X is also mean-centered prior to the calculation of the 
principal components to make the calculations numerically 
well conditioned. Note that X in this case represents a gen
eral matrix and not necessarily the matrix of psychoacous
tic descriptors shown in Fig. 3. Matrix T is the score matrix 
and describes interrelationships among the objects 
(stimuli). Matrix P is the loading matrix and contains infor
mation about the variables (critical-band sound-pressure 
levels, psychoacoustic descriptors, and annoyance judg
ments); matrix P T is the transpose of matrix P. 

Columns of matrix T as well as the rows of matrix P T 

are mutually orthogonal. Plots of pairs of vectors of T and 
P can be used to interpret data. Principal Component 
Analysis can also be viewed as a projection method where 
the original variables are projected onto the subspace that 
contains the statistically significant variance in the data 
where the plotted pairs of vectors are "windows" in mea
surement space. 
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Fig. 3 - Organization of the data for the Principal Component Analysis and Partial Least-Squares analyses. Matrix Y represents the mean 
annoyance scores for both male and female subjects. Matrix X c a [ represents the psychoacoustic descriptors from Table 1. Matrix 
Z c a ] represents the 24 critical-band sound-pressure levels of the eight sound stimuli described in Table 2. Annoyance prediction 
models developed from the measured judgments (subscript "cal") subsequently were used to predict annoyance responses to 
additional engine sounds (subscript "test"). 

In the Partial Least-Squares (PLS) method, a model is 
calculated to relate two matrices ( X and Y) to each other. 
PLS can be described in terms similar to projections and 
subspaces, but here the goal was to achieve a maximum 
correlation between the two matrices (e.g., psychoacoustic 
descriptors or critical-band sound-pressure levels and an
noyance response). The systematic part of the data is also in 
this case concentrated in a few new variables so that the 
information can be displayed in a few informative plots. 

Using matrix notation a PLS model can be described as 
follows: 

X = T P T + E , (2) 

Y = U C T + F , (3) 

U = T + H , (4) 

where X , T, P, and E were defined above for Eq. (1) and U 
and C are the score and loading matrices of matrix Y . The 
nonsystematic part of matrix Y is denoted by F . Equation 
(4) frequently is called the inner relation and relates the T 
and U matrices to each other. Matrix H denotes the residual 
in Eq. (4). The theory of both PCA and PLS have been 
thoroughly described in the literature. 5 - 2 0" 2 3 

Annoyance prediction models were developed with the 
PCA and PLS analysis methods by calculating the first 
component (line) that explained the maximum variance. I f 
this component was statistically significant, a second com
ponent (line) orthogonal to the first was calculated, thus 
describing a plane. I f this component was also significant, a 
third component (line) orthogonal to both the first and sec
ond was calculated and the procedure was repeated until all 
systematic variation in data was explained.2 4 Cross 
validation 2 5 was used to establish significance during the 
course of model development. 

For graphical evaluation of data using PCA and PLS, 
one primarily inspects score and loading plots. The score 

plot reveals the main pattern of the objects (stimuli) in the 
data set. The loading plot shows the main relationships be
tween variables, as estimated from the data set. Redun
dancy and close relationships among the variables occurred 
when the loadings for a group of variables were all about 
the same. 

In this work, PCA was used to classify data from the 
frequency spectra of the sounds and also to investigate 
which of the descriptors in Table 1 was best related to the 
annoyance judgments. PLS was used to describe annoyance 
response (Y) modeled both from the psychoacoustic de
scriptors (X) derived from the sound stimuli and from the 
critical-band sound-pressure levels (Z). The goals were to 
predict the annoyance judgment responses f rom estimated 
descriptors and from the critical-band sound-pressure lev
els, and to evaluate the results obtained by the two ap
proaches. 

4 . R E S U L T S A N D D I S C U S S I O N 

A . A n a l y s i s of s u b j e c t i v e a n n o y a n c e ra t ings 

The analysis of variance showed that there was a signifi
cant difference between various manipulated diesel-engine 
sound stimuli at a 95% significance level as well as be
tween various sound stimuli and the sex of the subjects at a 
90% significant level. The consistency of agreement among 
the female subjects (0.989) was higher than among the 
male subjects (0.951). A higher annoyance rating for stimu
lus 5 (see Table 2) was given by the male subjects than by 
the female subjects. A higher annoyance rating for stimulus 
8 was given by the female subjects than by the male sub
jects. 

A description of the sound stimuli and their correspond
ing mean annoyance scores for both male and female sub
jects is shown in Table 2. For all subjects, judgments of the 
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Fig. 4 - Loadings plot of the magnitudes of the first and second 
components of the Principal Component Analysis utiliz
ing (a) the psychoacoustic descriptors of Table 1 and (b) 
the critical-band sound-pressure levels. Both axes were 
normalized by the explained variance in each compo
nent. All critical-band center frequencies are in kilo-
hertz The A-weighted sound level descriptor (AL) was 
not included in the prediction model because all test 
sound stimuli had a constant A-weighted sound level of 
80 dB. Groupings of related descriptors are enclosed 
within ovals. 

annoyance of stimuli 1 and 5 were higher than for the other 
sound stimuli. Stimulus 4, where the one-third-octave-band 
sound-pressure levels for those frequency bands containing 
even harmonics of the fundamental firing frequency were 
increased and the sound-pressure levels for those frequency 
bands containing odd harmonics were decreased, was the 
least annoying to all subjects. The fundamental firing fre

quency of the engine was considered to be (610/60)(6/2) or 
approximately 30 Hz. 

Stimulus 8, with the sound recorded at the 45-deg angle 
from the axis of the engine and right of center as shown in 
Fig. 1, had a somewhat higher annoyance response score 
than the sound of stimulus 6 recorded in front of the engine. 
The stimulus-8 sound was recorded closer to the fuel pump 
and consequently had higher sound-pressure levels at high 
frequencies and hence a more-high-pitched acoustical char
acter. 

B. P r inc ipa l C o m p o n e n t A n a l y s i s ( P C A ) 

As a first step in the data evaluation, the psychoacoustic 
descriptors in Table 1 were subjected to a Principal Com
ponent Analysis (PCA) to evaluate their interrelationship. 
The magnitude of the loadings for the first and second prin
cipal (nondimensional) components are shown in Fig. 4(a). 
Positive magnitudes for loadings indicate a positive corre
lation for a component; negative loadings indicate a nega
tive correlation. Component magnitudes for the abscissa 
and ordinate scales were normalized by the explained vari
ance in each component. 

A l l the descriptors in Table 1 except harmonic content 
were considered for the PCA multivariate analysis. The 
harmonic-content descriptor did not show any correlation 
with annoyance response and is not shown in Fig. 4(a). 

The interpretation of the loadings data in Fig. 4 is that a 
descriptor (such as kurtosis KRT or kurtosis level KL) with 
a high positive magnitude of a component (first or second) 
contributes more to a model's ability to explain the vari
ance in the annoyance judgment scores than those descrip
tors with smaller positive or negative magnitudes such as 
roughness (AVM) or roughness level (RL). The kurtosis 
and sharpness descriptors in the upper right quadrant of a 
loadings plot such as Fig. 4(a) contributed the most to the 
ability of the first and second components of the prediction 
model to explain the variance in the data. 

The loadings plot in Fig. 4(a) indicated similarities 
among certain descriptors as shown by the ovals enclosing 
two groups. The kurtosis and sharpness descriptors were in 
one group and loudness (LD). specific loudness (SPLD). 
and all sound level measures were in the other group. 

The first principal component accounted for 61.5% of 
the total variance in the data, the second accounted for 
18%, the third described 9.5%, and the fourth accounted for 
6.1%. Altogether the four components described 95.1% of 
the variance in the data. 

In the second step of the data examination, PCA was 
used to evaluate the pattern and determine relationships 
among the 24 critical-band sound-pressure levels of the 
spectra and the various psychoacoustic descriptors (matri
ces X and Z in Fig. 3). The first component accounted for 
47.7% of the total variance in the data, the second ac
counted for 21%, the third described 13.6%, the fourth ac
counted for 7.9%, and the fifth described 4.5%. Altogether 
the five components described 94.7% of the variance in the 
data. 

The 24 critical-band sound-pressure levels seemed to be 
arranged in four groups shown enclosed within ovals in 
Fig. 4(b). The four groups were: (1) a low-frequency group 
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from 50 to 770 Hz, (2) a mid-frequency group from 770 to 
2000 Hz, (3) a mid-to-high-frequency group from 2320 to 
5350 Hz, and (4) a high-frequency group from 5350 to 
15 550 Hz. Loudness (LD) and the sound levels had mag
nitudes similar to those of the group of low-frequency 
critical-band sound-pressure levels. The high-frequency 
critical-band sound-pressure levels were grouped with the 
two measures of sharpness (SPB and SLB) and impulsive
ness (KRT and K L ) . 

Roughness (AVM) did not have a strong relation to any 
critical-band sound-pressure level because its component 
magnitudes were well separated from those of any of the 
four groups. This result is due to the fact that roughness is 
more related to the temporal aspects of a sound than its 
frequency content. None of the descriptors of Table 1 were 
related to the mid-to-high-frequency group of critical-band 
sound-pressure levels. 

C . Part ia l L e a s t S q u a r e s ( P L S ) 

In the case of the Partial Least-Squares (PLS) regres
sion, the scores of annoyance response for male and female 
subjects were considered separately (see Table 2) because 
there was a significant difference in their ratings. In the first 
step, the PLS regression was utilized to relate annoyance 
response with all psychoacoustic descriptors. The model 
with the descriptors of Table 1 could explain only 68.3% of 
the total variance in annoyance judgment data. 

The second step examined the relationship between the 
annoyance judgments and psychoacoustic descriptors plus 
the critical-band sound-pressure levels; see the sketch in 
Fig. 3. The 2nd-step model was now able to explain 97.6% 
of the total variance in the annoyance data. The first com
ponent accounted for 80.6%, the second component de
scribed 14.2%, and the third accounted for 2.8% of the 
variance. 

Figure 5 shows the loadings plot of the magnitudes of 
the first two components of the PLS regression analysis. 
Figure 5 reveals that the mid-to-high-frequency group of 
critical-band sound-pressure levels (enclosed within the 
oval) was highly correlated with the annoyance judgment 
scores of Table 2 (indicated by ANS in Fig. 5) because of 
the high positive magnitudes for both loading components. 
Confirming the observation from the Principal Component 
Analysis data in Fig. 4(b), none of the descriptors from 
Table 1 was correlated with the results of the PLS analysis 
in Fig. 5 for the mid-to-high-frequency group of critical-
band sound-pressure levels. 

In the last step of the PLS data evaluation, a prediction 
model was developed for annoyance response based on 
critical-band sound-pressure levels. Three PLS components 
were found to be significant and explained 97.9% of the 
total variance in annoyance response. The first component 
accounted for 90.8% of the total variance in data, the sec
ond accounted for 5.3%, and the third described 1.8% of 
the variance. The standard error was 0.11. 

Figure 6 shows the regression coefficients of the PLS 
model. For a constant 80-dB A-weighted sound level, in
creasing the sound-pressure level in the 1.5- to 6-kHz re
gion caused increased annoyance. In contrast, increasing 
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Fig. 5 - Loadings plot of the magnitudes of the first and second 
components of the Partial Least-Squares analysis. Both 
axes were normalized by the explained variance in each 
component. All critical-band center frequencies are in 
kilohertz. Grouping of mid-to-high-frequencies of 
critical-band sound-pressure levels enclosed within the 
oval. The annoyance judgment scores of Table 2 are in
dicated by ANS in the grouping of mid-to-high-frequency 
critical-band sound-pressure levels. 

the sound-pressure level in the 50- to 1500-Hz region was 
correlated inversely with the annoyance response. 

The PLS model based on critical-band sound-pressure 
levels explained a larger amount of variance than the model 
based on the psychoacoustic descriptors of Table 1. Pos
sible explanations are that: (a) there is a direct relation be
tween critical frequency bands and the corresponding co
chlea characteristics of the human ear,7 (b) the descriptors 
of Table 1 did not extract sufficient information, and (c) 
critical-band sound-pressure levels are well suited to de
scribe the frequency content of the particular diesel-engine 
sound. A model based on critical-band sound-pressure lev
els could be used as a tool prior to the modifications of 
engine sound because it is a simpler and faster method to 
evaluate changes in the annoyance response. 

The model based on critical-band sound-pressure levels 
is however limited to this particular diesel engine. An an
noyance prediction model based on one-third-octave-band 
sound-pressure levels instead of critical-band sound-
pressure levels also was developed, but a lower correlation 
with annoyance response was obtained explaining only 
83% of the total variance in annoyance responses compared 
with 97.9% for the model based on critical-band sound-
pressure levels. This result indicated that the critical-band 
sound-pressure levels extracted more information from the 
sound spectra than did the one-third-octave-band sound-
pressure levels. 
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0 . D e v e l o p m e n t of a n e w descr ip to r 

The results in Fig. 5 showed that it was not possible to 
make a good annoyance prediction model based on the psy
choacoustic descriptors in Table 1. None of the descriptors 
from Table 1 was able to explain a significant amount of the 
variance in the annoyance judgment data for those sound 
stimuli (particularly stimulus 5) with high sound-pressure 
levels in the mid-to-high-frequency range that is important 
for hearing. Both PCA and PLS methods indicated that 
stimulus 5 was responsible for explaining less variance in 
the annoyance data than the other seven stimuli. The PLS 
model based on one descriptor of loudness (LD), sharpness 
(SLB), impulsiveness (KRT), and roughness (AVM) ex
plained 96.6% variance in the data when the annoyance 
judgments for stimulus 5 were excluded from the model. 
These four descriptors were chosen because they provided 
the highest loadings for the components of the prediction 
model. 

To predict the annoyance response from the psychoa
coustic descriptors of Table 1, it was necessary to consider 
the sound-pressure levels in some of the critical frequency 
bands. It appeared from the results that none of the descrip
tors in Table 1 reflected the mid-to-high-frequency group; 
see the data in Fig. 5. The spectrum in this frequency range 
was manipulated in stimulus 5 to a greater extent than for 
the other stimuli and hence was a probable reason for the 
significant difference in explained variance when stimulus 
5 was excluded. The human ear is most sensitive in this 
frequency range because the first resonance of the ear var
ies between 2 and 4 kHz depending on the individual. 2 6 As 
a consequence a new descriptor was introduced, denoted 
"ear resonance range" or ERR. The new descriptor was 
defined as ten times the base-10 logarithm of the sum of the 
time-mean-square sound-pressures in the four critical bands 
with center frequencies of 2500, 2900, 3400, and 4000 Hz. 

E . P red ic t ion mode l f rom p s y c h o a c o u s t i c 
d e s c r i p t o r s 

A prediction model was developed on the basis of ear 
resonance range and all psychoacoustic descriptors from 
Table 1. The model explained 94.1% of the total variance in 
the annoyance response by four components. The first com

ponent accounted for 60.3% variance in the annoyance 
data, the second component described 24.9%, the third ac
counted for 4.9%, and the fourth described 4 .1% of the 
variance. The model showed that loudness (LD) gave 

higher loadings than any of the frequency-weighted sound 
levels. 

To simplify the model while maintaining the ability to 
predict the annoyance judgment scores in Table 2 for each 
of the eight sound stimuli, the redundant variables observed 
in Fig. 4(a) were removed. In this case, the model ex
plained 89.6% of the total variance of annoyance data with 
two significant components. The first component explained 
70% and the second component explained 19.6% of the 
variance in the annoyance data. The standard error was 
0.20. The model thus reflected the contributions to the an
noyance judgment data for sound stimuli with dominant 

spectral content at low frequencies, high frequencies, and 
mid-to-high frequencies. 

Roughness and sharpness had a negligible effect on the 
explanation of the variance in the annoyance responses. 
The reason that roughness did not improve the model was 
probably because the different sound-stimuli spectra only 
had a narrow range of roughness. The reason that the effect 
of sharpness was negligible might be because of its corre
lation with kurtosis as shown in Fig. 4(a) and the ear reso
nance range. Regression coefficients of the model shown in 
Fig. 7 indicated that sounds in the ear resonance range were 
the highest contributors to the annoyance judgments. 
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Regression coefficients for the annoyance-judgment prediction model based on critical-band sound-pressure levels; see Eq. (5). 
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total loudness kurtosis ear resonance 
by ISO 532 B range (ERR) 
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Fig. 7 - Regression coefficients for the annoyance-judgment pre
diction model based on total loudness, kurtosis, and ear 
resonance range; see Eq. (6). 

F. Val idat ion of the pred ic t ion m o d e l s 

Annoyance prediction models for critical-band sound-
pressure levels (method 1) and psychoacoustic descriptors 
(method 2) were validated internally and externally. Inter
nal validations of both models were checked by splitting 
the data into two halves. Models developed on half of the 
samples were tested on the other half. A negligible differ
ence in the standard errors between the two methods was 
obtained, 0.22 and 0.26. 

For method 1, the equation for the model to predict the 
annoyance judgment responses Y, in terms of critical-band 
sound-pressure levels Xh was 

(5) 

where the 24 regression coefficients ß-, are given in Fig. 6. 
The constant of proportionality ß0 was -1.0978. 

For method 2, the equation for the model to predict the 
annoyance judgment responses Y, in terms of total loudness 
X] , kurtosis X2, and ear resonance range X 3 , was 

Y = ß 0 + ß l X l + ß 2 X 2 + ß,X, (6) 

where the three regression coefficients are given in Fig. 7. 
The constant of proportionality ß0 was -28.381. 

External validation of the two annoyance prediction 
models was checked by introducing two additional sound 
stimuli, denoted sti-9 and sti-10. The new stimuli were se
lected from various engine sounds created by experienced 
acoustical engineers. The sounds were created by manipu
lation of the spectrum of the original sound (stimulus 6) by 
means of an equalizer while still maintaining an 80-dB 
A-weighted sound level. The intention of the manipulation 
was to create as pleasant a sound as possible. 

Both method 1 and method 2 models were used to pre
dict the annoyance response for the two additional sound 
stimuli. The predicted annoyance ratings of the two sounds 
were similar for both models. Figure 8(a) for method 1 and 

Fig. 8(b) for method 2 show that both of the new sounds 
were more pleasant than the other sound stimuli of Table 2. 
This result was confirmed by a further investigation carried 
out on 20 new subjects; see Table 3. The additional subjects 
consisted of ten males and ten females. A l l subjects were 
chosen randomly from the students and employees of Luleå 
University. The hearing of each subject was tested and 
found to be normal. 

The experimental procedure was similar to the paired-
comparison procedure described previously. Al l sound-
stimuli pairs (see Table 3) were presented randomly both in 
AB and BA sequences to determine the reliability of the 
annoyance judgments. The reliability of the judgments was 
found to be 100%, meaning that the judgments were iden
tical for both sequences. 

Table 3 shows that stimulus 9 was the least annoying to 
the subjects. Stimulus 10 was also less annoying compared 
with the original sound stimuli. A probable reason why 
stimulus 9 was judged least annoying was the fact that its 
spectrum had low kurtosis and low sound-pressure levels in 
the ear resonance range. Regression coefficients for the pre
diction model in Fig. 6 indicated that increasing the sound-
pressure levels at low frequencies and decreasing the 
sound-pressure levels at high frequencies would minimize 
annoyance. This conclusion is consistent with the fact that 
human beings are more sensitive to high-frequency sounds 
than low-frequency sounds.27 Figure 9 shows the one-third-
octave-band sound-pressure levels for the least-annoying 
sound of stimulus 9 compared with the spectrum of the 
original engine sound of stimulus 6. 

5 . C O N C L U S I O N S 

The annoyance of the sound produced by a diesel engine 
operating at idle power was studied. Principal Component 
Analysis (PCA) and Partial Least-Squares (PLS) methods 
provided extensive possibilities for examining data with re
spect to subjective annoyance judgments and to the physi
cal characteristics of test sounds, each of which had an 
A-frequency-weighted sound level of 80 dB. A total of 15 
psychoacoustic descriptors was considered in the develop
ment of a prediction model for annoyance response. No 
combination of the 15 descriptors could accurately and ad
equately define the annoyance judgments of all the sound 
stimuli. 

- Annoyance-response scores of 20 subjects to each of six 
pairs of diesel-engine sounds. "A" represents the annoyance-
response score to the first sound in a pair of stimuli; " B " 
represents the annoyance-response score to the second sound. 

Stimulus numbers A more B more A & B 
in a pair annoying annoying equal 

1 and 9 20 0 0 
6 and 9 20 0 0 
4 and 9 17 1 2 
1 and 10 20 0 0 
6 and 10 20 0 0 
4 and 10 10 6 4 
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2 3 4 5 6 7 
predicted annoyance response 

0.063 0.25 1 4 
0.0315 0.125 0.5 2 8 

nominal midband frequency (kHz) 

Fig. 9 - One-third-octave-band sound-pressure levels for stimu
lus 6 (normal cold-idle diesel engine sound) and addi
tional stimulus 9 (judged by 20 subjects as least annoy
ing). • =stimulus 6 and 0= stimulus 9. 

evaluate the annoyance of the spectrum of the sound pro
duced by modifications that might be considered for the 
particular diesel engine that was studied. Both prediction 
models could serve as tools to evaluate the annoyance of a 
modification to the sound from the engine. 
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Fig. 8 - Observed and predicted annoyance judgments for the 8 
sound stimuli of Table 2 and the 2 additional sounds in 
stimuli 9 and JO. Results for the prediction model based 
on critical-band sound-pressure levels (a) and loudness, 
kurtosis. and ear resonance range (b). Numbers by the 
data points indicate the sound stimulus number. Nota
tions m for male and f for female subjects. 

An improved annoyance-judgment prediction model was 
developed by introducing a new descriptor called ear reso
nance range for human hearing. The improved prediction 
model was based on loudness, kurtosis, and ear resonance 
range. 

A further improvement to the annoyance prediction 
model was developed on the basis of critical-band sound-
pressure levels. This second model provides a means to 
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In recent years there has been an increased interest from truck manufacturers 
on reducing the noise from combustion engines through stiffening solutions like 
bearing beams, ladder frames and bedplates. This paper presents a short 
literature review of experiences published on the topic. An experimental study of 
engine modifications with a bearing beam, a ladder frame and an isolated oil 
sump is presented as well. The beam and the frame were designed so that they can 
be installed together without vibration propagating connections and to give high 
stiffness in the areas where they are most effective. The study has been performed 
on a relatively light 9 litre 6 cyl diesel engine with an engine block of deep skirt 
type. The influence of the engine modifications has been investigated through 
measurements of sound intensity, sound pressure, running modes, internal and 
external vibrations and mobility. The results show that a ladder frame effectively 
reduces the noise from a deep skirt engine and that the reductions are 
substantially increased with an isolation of the oil sump. The results also show 
where the components of the ladder frame are effective and that a bearing beam 
can be an unsuitable solution for deep skirt engines as resonances are shifted into 
higher frequencies that can be more effectively transferred and radiated. 
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1. Introduction 

It is well known that a significant contribution to the noise radiation from diesel engines to 
originate from structure radiation. As the demands resulting from noise legislation are 
increasmg rapidly and as there is a requirement to make engines lighter and more efficient the 
interest in this noise source will increase and thus the need for optimisation, and additional 
stiffiiess and damping. Much work has been done in recent years by vehicle manufacturers in 
finding less noisy engine designs. In this paper a short literature review is presented of papers 
published in recent years where various stiffening solutions like bearing beams, ladder frames 
and bedplates have been tested. In all of these, stiffness is added to the low end of the engine, 
across the crank case skirts or across the bearing caps. Some of the presented solutions 
increase stiffness by connecting the bearing caps with the crank case, thus introducing a 
vibration propagation path from inside the engine to the noise radiating engine surfaces. In this 
paper, an experimental study on a 9 litre 6 cyl diesel engine with an engine block of deep skirt 
type is presented. A separate ladder frame, a comb-shaped bearing beam and a sump isolation 
have been tested and evaluated . 

2. Literature Review 

A. Transfer paths and radiation of combustion noise 

In previously published studies 1 - 1 0 the acoustic behaviour of the nine litre diesel engine and 
other similar combustion engines has been investigated. The dominating excitation forces 
normally originate from the combustion pulses and the main transfer paths are through the 
cylinder head and through the piston rod into the crank shaft J>2. The transfer paths for the 
combustion forces in a diesel engine have been investigated in 2 , where it was shown that the 
transfer path over the piston rod and the crank shaft to the bearing caps into the crank case is 
around 13 dB higher than the contribution from the cylinder liner and head. These forces along 
the piston rod give vertical forces and moments as well as horizontal and rotational forces on 
the crankshaft. The crank shaft forces induce bending vibrations in the axial direction and 
torsion vibrations on the crank shaft bearing caps leading to noise radiating lateral vibrations in 
the crank case skirts, illustrated in figure 1. The effectiveness of the vibration transfer from 
the bulkheads to the crankcase is dependent on the design of the engine low end. A method to 
reduce the noise by partly detaching the bulheads from the crank case walls, thus reducing the 
vibration transfer is shown in 2 > 8 ' J 1 . There it is shown on deep skirt engines that detaching the 
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bulkheads by removing parts of the cross supports from the bulkheads to the crank case lowers 
the noise levels. 

Crank case 

Figure 1. 

Lateral vibrations 

Piston rod 
Bulkhead 

Crank s h a f t s Axial 

Bearing cap 

Connection to 
crank case skirts 

Vertical piston rodforces exciting axial bending vibrations in bearing caps and lateral 
bending vibrations in crank case skirts. 

The vibration mode shapes in the crank case walls are dependent on the construction 8 of the 
low end of the engine block. In both short skirt and deep skirt engines, figure 2, there is an 
efficient excitation of the lateral vibrations in the crank case walls. The crank case area is a 
major noise radiating area on both types of engine blocks, especially for deep skirt engines as 
the crank case skirt will be a relatively flexible plate of significant size. Furthermore, the sump 
will be effectively excited as there is normally a strong coupling between the crank case and the 
oil sump 5 . Oil sumps are normally constructed in materials with low damping and high 
stiffness, like pressed steel or cast aluminium, and will therefore also be substantial noise 
radiators. 

SHORT SKIRT DEEP SKIRT 
ORIGINAL 

INTEGRATED BEDPLATE 

LADDER FRAME SINGLE DOUBLE INTEGRATED 

BEARING BEAMS 

Figure 2. - General designs of engine block low ends. 

A major part of the sump vibrations lies in a resonance-controlled frequency region 8 so 
additional damping can be effective. Significant noise reductions can be achieved by increasing 
the damping of oil sumps, this is treated in several articles and a few examples are presented in 
2 , 7 , 8 , 9 Another method of decreasing oil sump noise is to isolate the sump through an 
efficiently decoupling resilient coupling at the crank case flange. A disadvantage, especially for 
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deep skirt engines, with isolating the sump is that there will be increased vibration levels in the 
crank case and in the front timing cover due to the loss of mass and stiffness from the sump. 

B. Additional stiffeners inside the engine. 

Increasing the stiffness at the bearing caps and at the crank case skirts has been shown to be 
effective when it is added as axial and torsion stiffeners on the bearing caps and lateral 
stiffeners on the crank case. Several articles 1,2,7,12,13,14,16,17 } j a v e s n 0 w n the effect of 
increasing the stiffness on the bearing caps as either a single beam, a double beam, integrated 
twin-beam bearing caps or as a bedplate. In table 1 there is a summary of published results 
from low end engine modifications tested under various conditions. There are examples of both 
real ninning engines and test engines, and vibration tests on model engines as well as F E -
models. Only a few predictions of noise reduction through F E M are presented: in 1 5 FEM 
was applied to optimise the mass of an engine block and predicted 2-3 dBA reductions with an 
increase of weight of only 1 kg; in 1 2 FEM was applied on cross-bolting and on a bearing 
beam; and in 1 7 FEM was used to predict reductions (that seem to be overestimated) from a 
bearing beam, a ladder frame and a bedplate. A study of the articles leads to some general 
conclusions, although their results are somewhat ambiguous.. 

Bedplates are constructions where bearing caps and crank case skirts are connected. There 
are different alternatives spanning from large cast metal constructions to thin pressed steel 
plates 1 8 and simple cross-bolting between the crank case skirts and the bearing caps. A 
bedplate will reduce the main bearing vibrations and create frequency shifts but will also 
transfer some of the vibration energy to the crank case. In 1 8 it is shown that a thin 10 mm 
bedplate mainly causes frequency shifts into higher frequencies. Some vibration reductions 
were obtained, especially at 1.6 kHz, but the radiation efficiency increased so the total noise 
was almost unchanged. Without added damping there is an obvious risk that the total noise 
reduction will be zero, in 2,13 the effect of a bedplate alone in a short skirt engine block was 
shown to be small or negligable. In I 4 the same solution tested on a 6 cyl short skirted diesel 
engine gave resulted in 2.5 dB reduction, but with an increased engine weight of 10%. In 
deep skirt engines the reductions are generally very small. 

Bearing beams that are either bolted to the bearing caps (mounted in pairs to be effective) 
or integrated with the bearing caps, give 1-4 dB reductions for both short and deep skirt 
engines. In article 1 3 it is shown that the best results with an integrated bearing beam are 
reached at low speed and that there are no reductions at high speed. 

Ladder frames in deep skirt engines or ladder frame girdles in short skirt engines, give a 
wide spread of reductions of 1 to 5.5 dB. Generally, the reductions are significant on deep 
skirt engines but seem to be correlated to the relative amount of added mass and stiffness 
introduced by the ladder frame. An example where only minor reductions were achieved is 
presented in 1 6 where an aluminium ladder frame with a robust frame and relatively thin struts 
was used. It is unclear whether the reduction effects of these ladder frames originate from the 
mass and stiffness of the framework, which in some papers seem to be very rigid, or from the 
cross-stiffening struts inside the framework. 

Some general guidelines for low noise design of engine low ends can be summarised from the 
studied articles: 

1) Reduce the vibration transfer from crank shaft bearings to the crankcase skirts. 
2) Increase the lateral stiffness of the crank case skirts. 
3) Reduce the coupling between crank case and oil sump or increase the damping of the 

oil sump. 
4) Increase the mass and stiffness of the bearing caps. 

These guidelines are not universally applicable for all kinds of engine constructions though, as 
can be seen in the references and as will be shown in this paper. 
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Noise reduction 

R e f . 
N o . 

E n g i n e 

t y p e 

S h o r t 
/ d e e p 
s k i r t 

Mesured 
or 

predicted 

T y p e 
o f 
change 

None Low 
( 1 - 2 
dB) 

Medium 
( 2 - 4 
dB) 

H i g h 
(>4 

dB) 

N o t e s 

14 6c,dies. D M,P L f X Weight 
increase 

D it Bp X 2-10% 
S II Bp X 

2 exper.dies. S M Bp X 
D II d X 

D I I L f X thin plate 
D II Bb X 

1 1 - D P d X a t 2kHz 
16 4c.,gas. D (M) , P L f X front side 

D I I Bp X I I 

D •1 Bb X II 

S M B p l X I I 

S I I Bb X •i 
18 4 c D M(exp) Bp X 

17 4 c , g a s D P L f X over
estimates !? D I I Bp X 
over

estimates !? 
D it Bb X 

7 4 c , g a s S M sngl Bb X 

S II dbl Bb X 

12 4 c D P Bb X 

D •t Bb+Xb X 

13 V6 g a s S M Bp X 

S M Bb X I X2 1. high speed 
2. low speed 
1. high speed 
2. low speed 

Table 1. A summary of the noise reduction results from some published experiments with 
low end modifications like ladder frames (Lf), bearing beams (Bb), bedplates (also 
crankcase/bearing cap girdle) (Bp), detached bearing caps (d) and cross bolting (between 
bearing caps and crank case) (Xb). The sound pressure reductions are normally measured or 
predicted at 1 m distance in dB or dBA levels. 

3. Experimental Study on a 9 Litre Diesel Engine 

In this study experiments have been performed on a 9 litre, 6 cyl diesel engine rated at 160 
kW. The engine has a relatively light weight engine block of deep skirt type with 5 mm crank 
case skirts and is equipped with an oil sump in 4 mm cast aluminium. The noise reduction 
effects of a double bearing beam, a ladder frame with variable stiffness and an isolated sump 
have been investigated. Measurements of surface vibrations, bearing cap vibrations, sound 
pressure, sound intensity and mobility have been performed, both on a running engine and on 
a stripped engine excited with a shaker. These measurements were performed in a hemi-
anechoic engine laboratory where the engine was installed with the crank shaft centre 0.7 m 
above a reflecting plane. The measurement and analysis equipment were based on a LMS 
CADA-X analysis system with a 16 channel HP Paragon 35650 Front-end. Accelerometers 
were 2 grams 353M15 by PCB, impedance head was B&K 8001, sound intensity microphones 
were B&K 4177 2-micr. probe and B&K 0447 6-micr. probe powered by a B&K 5953 power 
supply. The intensity probes were hand-held or controlled by an ABB 1500 precision robot. 
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4. Design of Ladder Frame and Bearing Beam 

The main objective of the modifications was to increase the stiffness at the areas where the 
noise generating force input is high (the bearing beam) and where noise radiating and exciting 
vibrations have their highest amplitudes (the ladder frame). In the study one pair of bearing 
beams and one ladder frame with cross-stiffening struts connecting the crank case skirts have 
been designed, figure 3. The parts were designed without inter-connections to avoid unwanted 
vibration propagation from the bearing caps to the crank case skirts. 

Figure 3. - Ladder frame and bearing beam (long version) mounted inside the engine. 

Ladder frame: The ladder frame was designed as a rectangular frame with nine cross-
stiffening struts. The struts are removable to permit investigations of variable stiffness. The 
struts have a "bow-shape" to fit under the crankshaft counter-weights. The bow-shape is not 
ideal from a stiffening point of view but was necessary because of the space needed for the 
crankshaft throw. It was possible to fit two straight struts where there were no crank shaft 
counter weights. Straight strut prototypes were also made but were not tested. The total 
stiffness of the ladder frame depends on the thickness and height of the frame as well as the 
profile, width, number and position of the struts. The frame had a cross-section area of 35 
mm thickness and 26 mm width and the struts had a total height of 62 mm, width 20 mm and a 
niinimum bow thickness of 18 mm. The material was construction steel with a total mass of 
27.5 kg (4 % of the total engine weight). A reduction of the weight could however be 
achieved by changing to aluminium, leading to a reduction in stiffness though. 

Bearing beam: The bearing beam was designed as two parallel beams in order to reduce 
both axial and torsion vibrations in the crankshaft bearing system. The beams were mounted on 
the bearing caps with long bearing bolts. Construction material was steel and the total weight 
was 14 kg (2% of the total engine weight) for the double beam. Beam height was 76 mm with 
a cross section in the narrow section of 36 mm width and 20 mm thickness. The bearing beams 
were made in two versions, one longer version connecting bearing caps No. 2-7, where the 
bearing cap No. 7 is in the back end of the engine block close to the flywheel cover, see figure 
3. This mounting position creates the undesired effect that the beam will introduce an increased 
connection between the "free" bearings and the engine block. Therefore in another version, a 
second shorter bearing beam was tested, connecting bearings No. 2-6 only. 
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5. Measurements on Running Engine 

A. Running mode measurements on standard engine. 

The noise radiating vibration mode shapes of the engine can be analysed through a running 
mode measurement. The phase and magnitude of a number of points are measured and 
transferred to a geometric model of the engine. From this model animated mode shapes can be 
obtained showing a good estimate of the real engine vibration mode shapes during operation. 
The efficiency of a ladder frame to reduce noise is dependent on the mode shapes of the 
vibrations that it is designed to suppress. Running mode measurements were therefore 
performed on the engine to study the deflection mode shapes of the frequencies that 
predominant in the engine noise. To obtain a fixed phase relation between the measurement 
points, the cross-power spectrum between a reference point and the response points were 
measured according to: 

G,(») = J r f ( m ) . * > ) 

where is the complex response spectrum and X'(a>) is the conjugate of the 

complex reference spectrum. The running modes were normalised for absolute magnitudes by 
dividing the cross power by the RMS value of the auto-power spectrum at the reference point: 

552 Hz 220 Hz 552 Hz 

852 Hz 1136 Hz 

^ ^ ^ ^ ^ 

1296 Hz 2116 Hz 

2432 Hz 2736 Hz 

Figure 4. - Typical operational deflection mode shapes on the exhaust side of the engine for some of 
the dominant noise radiating frequencies. In the modes 220, 552, 852 and 1.3kHz the 

engine sides were moving in phase, other frequencies were in antiphase, "yawning modes". 
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One multi-point measurement was made on the surface of the lower part of the engine block 
and the oil sump side and one was made on the surface of the timing cover and oil sump in the 
front. Another measurement was made around the whole engine with only a few points to 
investigate the relative phase of the engine side motions. In figures 4 and 5 some typical mode 
shapes at important frequencies are shown for the exhaust side and the engine front. 

664 Hz 808 Hz 1024 Hz 

Figure 5. - Operational deflection mode shapes on the front side of the engine with an aluminium 
timing cover and the oil sump front. Examples for somes predominant noise radiating frequencies. 

Experimental modal analysis and run-up measurements of sound pressure and vibrations 
were also performed. It was found that the frequency bands that have the highest levels are 
constant over the active speed range and that the predominant running modes seem to be 
identical to natural modes. This indicates that natural modes are the main structural sources of 
radiation. 

B. Relation between ladder frame stiffness and mode shapes in the 
coupling flange 

A ladder frame can generally be expected to be most effective: A) at frequencies that have 
high vibration amplitudes in the crank case flange, and B) at frequencies where the oil sump 
has strong natural modes. There are three main properties of the ladder frame that can be 
assumed to contribute to the reduced engine noise and vibrations: 1) the stiffness of the struts 
(longitudinal, vertical bending and horizontal bending stiffnesses), 2) the bending and torsion 
stiffness of the frame, and, 3) the mass of the frame and the struts. The ladder frame in this 
study was designed with two struts crossing the crank case at each crank shaft overslung. A 
sketch of how the vibrations of the bending mode shapes will give an impact on the struts in 
shown in figure 6 for three typical crankcase mode shapes. The figure indicates that it is more 
than the cross-stiffness of the frame and the struts that are important. It can be seen that the 
horisontal bending stiffness of the struts will be important as well. The figure indicates, 
especially for frequencies of the 1st order crankcase modes between bearings (around 2.1 
kHz), that the struts will mainly be exposed to bending moments. For opening closing crank 
skirt modes of >2nd order, approximately 1.3-1.9 kHz, it seems like the longitudinal stiffness 
of the struts are of greater importance. For side by side engine block modes of 1st order, 
around 220 Hz, and 3rd order crank case modes, around 1.2 kHz, it seems like some struts will 
mostly be translated laterally while some struts will more be exposed to moments. At 
frequencies >3 kHz the vibrations are mainly local panel modes in the oil sump and in the crank 
case and are not concentrated to the crank case flange to such a degree. 

In the engine front there is a direct coupling between the two relatively flexible and 
undamped structures; the timing transmission cover and the oil sump front. They showed 
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shared modes with low damping in their coupling flanges, especially at 630, 800 and lk Hz. 
These modes may be expected to be substantially influenced by the ladder frame as the added 
relative stiffness and mass will be high. 

bearing caps struts 

Ena.tn.0: 

crank case 

1200 Hz f l a n 9 e 

1600 Hz 2100 Hz 

Figure 6. - Outline of vibration mode shapes of the crank case superimposed over the ladder 
frame to illustrate the forces and moments acting on the ladder frame struts. 

C . Vibrations in bearing caps with bearing beam. 

Accelerometers were mounted on two bearing caps inside the engine and on the crank case 
flange with the objective of investigating how bearing cap and crank case vibrations are 
influenced by the bearing beam. The vibrations in the bearing caps were measured with seven 
transducers. Seven transducers were screwed to bearing caps No. 2 and 3, six of them for 
measuring in the crankshaft axial direction, one for measuring in the lateral direction. Four of 
the axial transducers were mounted close to the crankshaft bolts, and two transducers were 
mounted on the bearing cap top. Six transducers were screwed to glued nuts along the crank 
case flange, three of them were in line with a bearing and three were in the middle between two 
bearings. Cross power and auto power spectra were measured and analysed as absolute levels 
and running modes. In this test, the short bearing beam was used (connecting bearing No. 2-6) 
in order to avoid the assumed increase of vibration transfer from the bearings to the engine 
block. 

lOdB 
\ 
\ \J\ . i l l A i J 
m few^ 

it * W" i j 
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Figure 7. - Vibrations measured on a running engine on bearing cap No. 2, close to a bolt in 
a) axial direction, b) lateral direction. Comparison between standard engine (solid line) 
and engine with short bearing beam (dashed line). Measured at 800 rpm at half load. 
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The results showed that the shapes of the vibration spectra in the axial direction were 
independent of speed. The increase in level with speed was about 10 dB at a speed increase 
from 800 - 2100 rpm at full load. The axial vibrations in the bearing caps were dominated by 
peaks around 580 Hz and by higher order modes around 1.6 kHz and 3 kHz. When the bearing 
beam was mounted the predominant bending modes around 580 Hz were shifted to around 1.1 
kHz, leading to an increased vibration level of more than 10 dB at 1.1 kHz. There was also a 
shift of the peaks at around 1.6 to around 2.3 kHz, figure 7. Only smaller changes on the crank 
case flange could be observed. 

D. Vibrations in crank case and oil sump with isolated oil sump and 
a ladder frame. 

It is well known 9 that the vibration response of an oil sump normally is dominated by resonant 
behaviour. If the excitation from the crank case flange is decoupling the vibrations in the sump 
can be effectively reduced. With traditional materials in the sump, the radiation efficiency will 
be high the noise radiation will be reduced as well. In order to evaluate the reduction of 
radiated noise that can be achieved by a decoupling of the sump, vibrations were measured 
with the ladder frame and an isolated sump. The measurements were made at eight points on 
the oil sump and at six points on the crankcase at 12 engine speeds. The sump was isolated 
with a 12 mm soft rubber seal in the crank case flange and bolts that were isolated by a rubber 
tube and a rubber washer. The effect of the ladder frame on crank case vibration is shown in 
figure 8. It can be seen that the ladder frame reduced the vibrations in the crank case in the 
frequency range 0.8 - 3 kHz, with a maximum reduction in the range around 0.8 - 1.3 kHz. 
The crank case vibrations increased slightly when the oil sump was isolated, but when the 
isolated sump was used in combination with the ladder frame the crankcase vibrations did not 
substantially increase. 

Figure 8. - Average vibrations in the crank case with ladder frame (dashed line) and without (solid 
line). 

The ladder frame reduced the oil sump vibrations in the frequency range 600 Hz - 3 kHz, 
figure 9. When the isolating rubber seal was mounted between the sump and the crank case 
the vibrations of the sump were substantially reduced at frequencies above 300 Hz. 
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Figure 9 . - Average vibrations in the oil sump with ladder frame (dashed line), isolated oil sump 
and ladder frame (dotted line) and standard engine (solid line). 

An estimate of the vibration isolation introduced between the sump and the crank case was 
obtained from the difference between the time and space averaged acceleration of the oil sump 
(8 measurement points) for: 1) the ladder frame alone and 2) the isolated oil sump together 
with the ladder frame. The vibration isolation was then found to be increasing by 
approximately 7 dB/octave from 300 Hz to 2 kHz and by 10 dB/octave from 2 to 4 kHz, figure 
10. There was no reduction at the fundamental engine beam mode around 200-300 Hz. 
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Figure 10. - Average vibration isolation by a 12 mm rubber seal and isolated bolts between the crank 
case flange and the oil sump flange. Measured in combination with a ladder frame. 

£ . Sound power radiation from engine sides with ladder frame and 
bearing beam. 

Mapping of active acoustic intensity with and without the ladder frame and the long bearing 
beam (connecting bearings No. 2 to 7) was performed on three sides of the engine: the engine 
front, the exhaust side and the injection pump side. The intensity normal to the plane was 
measured at an average distance of 0.2 m from the engine surface. A 7x9 wire-grid with mesh 
size 0.1x0.1 m^ was used for guiding the intensity probe, the microphone probe was swept 
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within each mesh. The sound power reductions for the two sides that are dominated by engine 
body structural radiation are shown in figures 11 and 12. The results from the measurements 
with ladder frame and bearing beam mounted together show that the individual results simply 
add and are therefore not shown. 

630 Hz 2 kHz 

Figure 11. - Sound intensity reductions from the ladder frame, measured on the engine front and the 
exhaust side for some of the frequency bands with the highest reductions. 

The resulting maps of reductions in sound intensity, L | i | r e c j , for the ladder frame are shown 
in figure 11, and for the long bearing beam in figure 12. Where L[ljred = Llllpriginal " 
L|Ilmodified • The measurements were made at constant engine speed and load, 1900 rpm and 
370 Nm. 

The trial with the ladder frame showed very clear sound power reductions on all three sides 
of the engine. These reductions were emphasized at the engines lower half and especially 
around the oil sump. Reductions were seen of up to 9 dB on individual grid surfaces and of up 
to 4.8 dB over the whole surface for single 1/3 octave bands. The ladder frame was especially 
effective at the exhaust side in the frequency range 1-1.6 kHz, where there are crankcase 
modes of low order and oil sump modes of 4th to 6th order, the mode shapes have previously 
been presented in 1 9 . An example shown in figure 8 is the 3rd order crank case mode around 
1.25 kHz, where it may also be observed that the highest reductions were over the oil sump 
side. At the engine front the reductions were highest for the frequency bands of the 
predominant timing cover and oil sump front low order modes, 630 - lk Hz. Lower, but still 
substantial, reductions were found for higher order panel modes, 1.25-3.15 kHz. The highest 
reduction was found in the 1 kHz band. This is a frequency where there is a strong 2nd order 
natural mode connecting the lower half of the timing cover and the oil sump front. The ladder 
frame was installed in the connection flange between the timing cover and the sump and 
apparently caused a strong reduction of that mode. 
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630 Hz 1 kHz 

Figure 12. - Sound intensity reduction and increase caused by the bearing beam (long version 
connecting bearings No. 2-7), measured on engine front and exhaust side for some 
of the most important frequency bands. 

The long bearing beam gave a very evident increase of noise on the side of the engine at 200 
Hz, 1 kHz and 2 kHz. The increase at 200 Hz was largest along the side of the sump. At 2 kHz 
the increase was mainly over the rear half of the engine. The reason for this increase at 2 kHz 
is assumed to be due to the frequency shifts of bearing cap resonances shown in chapter 5 c, 
combined with an increased propagation of energy from the interior bearings to the engine 
block and the flywheel cover; this is further investigated in chapter 6 as bearing cap mobility. 
The flywheel cover is suspected to be an efficient radiator for the 2 kHz band as it is mounted 
directly to the engine block rear end and as it is a relatively stiff and undamped construction in 
cast aluminium. The only real reduction from the long beam is on the exhaust side at 400 and 
500 Hz. This decrease can be expected as the predominant bending modes of the bulkheads are 
frequency shifted out from the frequency range 450-700 Hz to around 1.1 kHz, see figure 7a. 
This frequency shift is probably the cause for the increased sound power levels at lk and 
1.25kHz that can be seen in figures 12 and 14. 

In figures 13 and 14 the total sound power reductions for the front and exhaust sides are 
shown for the modifications at a constant speed and load. The figures show that the reductions 
with the ladder frame are significant both on the engine front, 2-5 dB from 630 to 2000 Hz, 
and on the exhaust side, 2-4 dB from 400 to 3150 Hz. The long bearing beam increased the 
total sound power radiation both at 200 Hz, 1 kHz and 2 kHz. 
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Figure 13. - The influence on measured sound power on the front side of the engine from the ladder 
frame and the long bearing beam. Measured at 0.2 m distance at 1900 rpm and 370 Nm. 
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Figure 14. - The influence on measured sound power on the exhaust side of the engine from ladder 
frame and long bearing beam. Measured at 0.2 m distance at 1900 rpm and 370 Nm. 

F . Reduction in overall sound power with isolated oil sump and 
ladder frame. 

The vibration measurements clearly showed a vibration reduction effect of the ladder frame 
and that there is a large improvement if the ladder frame is combined with an isolation of the 
sump. The improved reductions were seen as reductions in overall sound power as well, figure 
15. In the figure the effect on overall sound power radiation, distributed over four partial 
engine surfaces and measured at two speeds and loads, is shown. 

The main influence from the ladder frame on radiated sound power was on the oil sump, both 
on the side and in the front. There was only a minor impact on the overall engine block 
radiation. The timing cover radiated even slightly more when the sump and the frame were 
added. The average overall decrease on the oil sump side was 1.5 dBA with the ladder frame 
and 4.5 dBA when the sump was isolated. It was clearly seen that the ladder frame can be very 
effective if it is complemented with modifications on the sump such as isolation or increased 
damping. 
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Figure 15. - Overall sound power reductions with ladder frame and isolated sump for four speed/load 
(rpm/Nm) combinations. Measured with a slowly sweeping intensity microphone probe 
controlled by a robot. 

6. Mobility of Bearing Caps and Crank Case Flange 

In order to evaluate the relative increase of dynamic stiffness introduced by the bearing beam 
and the ladder frame, point and transfer mobility measurements were performed. The 
measurements were done with a shaker attached to the top of bearing cap No. 1 and to the 
crank case flange, figure 16. Responses were measured as transfer functions H v in the 
excitation point with an impedance head and with 14 accelerometers on various positions on 
the bearing caps and on the crank case flange. The choice of excitation positions led to some 
drawbacks that have to be taken into account when evaluating the results: 
1) The bearings were excited higher up on the bearing caps than the real excitation from the 
crank shaft; i.e. in the bearing centre. Thus mainly the bearing cap was excited and not the 
whole bearing area and bulkheads, see left part of figure 16. 
2) The excitation on the flange of the crank case exaggerates the influence from modifications 
close to the flange, such as the added stiffness from the ladder frame and the oil sump. 

\ / / / / / / / / / / / / s / / / / / / / / / / 
/ / / / / / / / / / / / / / / / / / / / / / / 

Exciter 

* Response po in ts 
© Exci tat ion points 

Impedance head 

Figure 16. - Exciter positions and measurement positions for mobility measurements. 

Bearing caps: The point mobility results obtained through excitation on the bearing cap top, 
figure 17 a), indicated that the bearing caps have their most predominant axial natural 
frequencies around 720 Hz and 1.8 kHz. Previous experiments as well as the vibration 
measurements, in ch. 5D, stated that the fundamental resonance frequencies of the bearing caps 
should be around 600 Hz and 1.6 kHz when they are naturally excited (N.E.) in or close to the 
bearing centre. Mounting the bearing beam caused a frequency shift of the natural frequencies 
to around 1.47 Hz (1.1 kHz N.E.) and to a band around 1.9-2 kHz (2.3 kHz N.E.), where the 
mobility became higher as well. The shapes of the predominant bending mode for the bearing 
caps with and without bearing beam are shown in figure 18. It is also worth noting the 
increased mobility around 2 kHz with the bearing beam; a result of this is also seen as an 
increased level in radiated sound intensity 2 u . The transfer of axial vibrations from bearings to 
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lateral vibrations in the crank case is also influenced by the bearing beam, figure 17 b). The 
transfer mobility to the crank case flange was substantially lowered at frequencies below 1.1 
kHz but increased by 11 dB around 1.5 kHz and by 5-17 dB around 2 kHz. The first order 
natural frequency of the crank case panel between two bearings was around 2.1 kHz, so the 
increase of transfer mobility from the bearings to the crank case in this frequency range is likely 
to give increased noise radiation as well. 

a ) a ) 

10 dB \ 

i . . . . 

— w.b.beam -

« -
500 Hz 2k 

Figure 17. - a) Point mobility on bearing cap and b) transfer mobility from axial vibrations in 
bearing caps to lateral vibrations in crank case flange. Measured with and without the 
short bearing beam. 

a ) 

Figure 18. - Bearing cap mode shapes of the fundamental bending modes a) in standard engine 
and b) with bearing beam, short version. 

Crank case flange: It was found that the sump added significant mass and stiffness to the 
crank case flange. The natural frequencies of the low order crank case modes, 0.9 -1.2 kHz, 
decreased in frequency by about 10 % and decreased in mobility by around 3 dB when the 
sump was mounted, mainly indicating a mass-addition effect from the sump. The ladder frame 
showed itself to be an effective stiffener for lateral vibrations in the crank case flange, 
especially at frequencies 900 Hz - 2.5 kHz. In figure 19 two typical mobility results for the 
flange are shown; a) point mobility in the excitation point, and, b) transfer mobility to a 
position close to the excitation point and in line with a bearing. The influence on mobility is 
shown both for the complete ladder frame and for parts of the frame, such as the rectangular 
frame only and the frame with only four of the struts. Generally, the struts showed highest 
influence at higher frequencies, 1.7 - 2.2 kHz; the rectangular frame caused a reduction in 
mobility of around 6 dB, a reduction of another 4 dB was caused by adding 4 struts and yet 
another reduction of 6 dB was obtained when adding the remaining struts. The point mobility 
was also clearly influenced at the short panel modes between bearings around 2 - 2.2 kHz. At 
frequencies 900 Hz -1.6 kHz the main influences seemed to be from the frame alone. 
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Figure 19. - Measured a) point mobility and b) transfer mobility on crank case flange : 
1) on original engine, including oil sump, 2) with complete ladder frame, 
3) ladder frame without cross-stiffening struts, 4) ladder frame with four struts. 

7. Summary of Experimental Results 

A. Results with ladder frame. 

The added stiffness and mass of the ladder frame are inserted at the crank case flange where 
the crank case has its maximum vibration amplitudes and where the oil sump is structurally 
excited. Mobility measurements have shown that the main stiffness of the ladder frame was 
caused by the struts for opening closing modes at higher frequencies, 1.6 - 2.2 kHz. This is 
>3rd order crank case modes and 1st order crank case panel modes between bearings. The 
rectangular frame was predominant at frequencies around the low order crank case skirt 
modes, 900 Hz-1.2 kHz. The reduction of radiated sound power by the ladder frame was up 
to 9 dB on individual measurement grid surfaces and up to 4.8 dB over the whole surface for 
single 1/3 octave bands. 

The effect on overall sound power levels per side were distributed over the frequencies 
according to (at 1900 rpm and half load): 
- Fundamental engine block modes (125-250 Hz). Only small changes on the exhaust side. 

An increase of around 3 dB at 125 Hz on the front side. 
- Low order crank case modes and second order beam modes (400 Hz -1 kHz). Significant 

reductions for both the exhaust and the front side. Overall reductions of 3-4 dB were 
common, except for 630 Hz (side by side modes) where there were no change. 

- >2 nd order crank case modes (1-1.9 kHz). Significant reductions on exhaust sides, 2-5 dB. 
Greatest reductions on the front side at 1 and 1.25 kHz, 2-5 dB. 

- Crank case panel modes between bearings, oil sump panel modes and timing cover panel 
modes (>2 kHz). Significant reductions on oil sump side and on crank case skirts, 2-5 dB. 
Smaller reductions on front side. 

B. Results with ladder frame and isolated oil sump 

- Complementing the ladder frame with an effectively isolated oil sump decreased the overall 
sound power radiation on the engine side by, on average, 3 dBA. The vibrations in the sump 
were greatly reduced; results showed an average reduction through decoupling that started 
above the fundamental engine beam mode around 200 Hz and then increased with frequency at 
a slope of 7-10 dB/octave. 
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C . Results with bearing beam. 

The bearing beam had a significant effect on bearing cap mobility, and thus on bearing 
vibrations. This added stiffness gave two frequency shifts of major importance, one shift of the 
fundamental natural frequency from around 580 Hz to 1.1 kHz, and one from around 1.6 kHz 
to around 1.9 kHz. Measurements of transfer mobility from bearing caps to the crank case 
flange showed that there can be an effective transfer of energy around the new fundamental 
bearing cap mode around 1.1 kHz and an increased transfer mobility around 1.9 kHz, a 
frequency area that is close to the 1st order crank case natural frequencies between bearings. 
The frequency shifts to around 1.1 and 1.9 kHz lead to increased sound power when the long 
bearing beam (connecting the internal bearings with the rear bearing) was used. The vibrations 
in the 2 kHz band were injected into the flywheel cover, which is mounted directly to the 
engine block rear end, and were observed as increased noise. The increase at 2 kHz 
disappeared when the bearing beam was shortened to connect only the interior bearings No. 
2-6. One conclusion is that a bearing beam for a deep skirt engine should be designed to 
connect interior bearings solely in order to avoid additional power injection into the engine 
block. 

- The noise reduction effect from the bearing beam on the deep skirt engine was small in spite 
of the strong influence on point and transfer mobility. The only clear noise reduction effects 
were on the exhaust side at 400 and 500 Hz, 2-3 dB, and on the engine front at 250 and 315 
Hz, 2 dB. 
- The bearing beam was designed for use in combination with a ladder frame. The beam was 
therefore designed in a specific bow-shape with a limited stiffness leading to the disadvantage 
of the frequency shifts coinciding with natural frequencies of the crank case skirt. A potential 
with the bearing beam for a future study is to increase the stiffness of the beam and transpose 
the frequency shifts to frequencies over 3.5 kHz. This would reduce the bearing vibrations and 
could also reduce the vibration transfer from the bearings to the crank case. Another alterna
tive is to make the crank case skirts thinner to achieve a higher frequency for the panel modes 
between bearings. For example, a reduction in skirt thickness, h, from 5 mm to 2 mm would 
result in a frequency shift for the 1st order panel mode from 2.1 kHz to approximately 3.2 
kHz, according to the simple relation for rectangular plates, f n ^ K / h , where AT is a material 
constant. 

8. Conclusions 

The low end of a diesel engine has a predominant influence on the radiated noise from the 
engine sides. Vibrations propagate from the piston rods over the crank shaft, the bearings and 
the bulkheads to the crankcase, and further to the oil sump and the timing cover where they are 
radiated as noise. When considering measures to be taken to lower noise radiation from an 
engine the solutions are different if the engine is of short skirt or of deep skirt type. 
Decreasing the coupling from the bulkheads to the crank case is one way to lower the noise, 
another is to increase the stiffness of the bulkheads with bearing beams. A bearing beam will 
create a frequency shift of the bearing cap resonances into higher frequencies. It has been 
shown in this study regarding a deep skirt engine that a bearing beam can give an unwanted 
increase in noise at higher frequencies due to this frequency shift. This increase is likely to 
appear if the frequencies are shifted into frequencies that coincide with natural modes of other 
engine parts, such as the crank case, the oil sump, the timing cover or the flywheel cover. 
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Especially i f the beam connects the interior bearings with the end bearings, leading to increased 
vibration transfer from the bearings to the engine block. 

Increasing the stiffness in the crank case by a ladder frame leads to clear noise reductions on 
deep skirt engines as the initial stiffness of the crank case is relatively low. These reductions 
can be very significant i f the ladder frame is combined with an isolation of the oil sump with a 
resilient coupling. The noise and vibration reduction of the tested ladder frame seemed to be 
caused by the cross-stiffening struts at higher frequencies 1.6 - 2.5 kHz and by the rectangular 
frame at frequencies 0.9-1.6 kHz. A main disadvantage of a ladder frame is the added weight, 
in this case a total of 4% of the engine weight. The total weight can, however, be lowered by 
reducing mass from the engine block or by optimising the shape of the struts and the frame. 
Other alternatives are to make the frame in a lower and wider profile, and to cut down the 
number of struts. Reducing the number of struts may be expected to give only a minor increase 
in noise in the frequency range 1.6-2.5 kHz, especially i f the ladder frame is used in 
combination with an isolated sump. Optimisation of a low-weight ladder frame through FE-
modelling will be performed in a future study. 
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1, INTRODUCTION 

Traffic noise is a predominant environmental problem in the modern 
society. Among the sources of traffic noise, the sound from heavy truck 
diesel engines has frequently been reported to cause annoyance. To 
minimise the disturbance a reduction in dB(A) might be insufficient, as "80 
dB(A) trucks" can sound very different. To improve the situation it is 
necessary to correlate the acoustic signal with the annoyance response. 
Psychoacoustic research has resulted in a number of psychoacoustic (PA) 
descriptors, which can be related to the annoyance of vehicle sound [1,2,3 
], e.g. loudness, sharpness, roughness, tonality and impulsiveness. 

Generally, a first step in product-sound-quality [4] evaluation is to define 
a target sound by listening tests conducted by a representative jury. 
Finally, the problem is to achieve the desired character of the real sound. 

This study focuses on the annoyance reaction to the external sound 
from a heavy truck diesel engine. The objective is to stress the 
relationships between engine modifications, PA descriptors and 
annoyance reaction. 

2. METHODS AND PROCEDURES 

The diesel engine, 9 litre, 6 cylinder in-line, is of a deep skirt type [5]. The 
problems of acoustic radiation are identified to the lower part (oil sump 
and crank case) and the frontal side (timing transmission cover) of the 
engine. To reduce sound level and to improve sound quality, different 
modifications were tested, see Figure 1 and Table 1 - 3. 
Experimental Design 
The engine modifications, were defined as variables in two distinct levels 
(Table 1). The experiment was subdivided in two groups. The first group 
contained engines in idling power (Table 2) and the second group 
comprised running conditions (Table 3). 
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Fig. 1. Structure modifications of the lower and frontal part of the engine, (1) ladder 
frame, (2) bearing beam and (3) torsional damper cover [5]. 

Table 1. Variable definition for the experimental design  
Variable Description (low) Level (high) 

X-| j c Idling condition, speed(rpm); torque (Nm) 500;20 (-) 620;20(+) 
Xirc Running condition, speed(rpm); torque (Nm) 800; 800 (-) 1900;370 (+) 
X2 Oil Sump softly coupled no (o)riginal yes (SO) 
X3 Ladder Frame no (o) yes (LF) 
X4 Bearing Beam no (o) yes (BB) 
X5 Covered Torsional Vibration Damper no (o) yes (CD) 

Stimuli Xnc x2 X3 X4 X5 Stimuli Xirc x2 X3 x4 X5 
i d - SO LF BB 0 ret + SO LF BB 0 
ic2 + so LF BB 0 rc2 + 0 LF BB 0 
ic3 - 0 LF BB 0 rc3 + 0 LF 0 0 
ic4 - 0 LF 0 0 rc4 - 0 LF 0 0 

ic5 - SO LF 0 0 rc5 + SO LF 0 0 
ic6 + so LF 0 0 rc6 - so LF 0 0 
ic7 - 0 0 BB 0 rc7 - 0 0 BB 0 
ic8 + 0 0 BB 0 rc8 + 0 0 BB 0 
ic9 + 0 0 0 0 rc9 + 0 0 0 CD 

ic10 - 0 0 0 0 rc10 + 0 0 0 0 
ic11 - 0 0 0 CD rc11 - 0 0 0 0 

Subjective Evaluation 
The engine sounds were recorded in a hemi-anechoic room, by a MS-
stereo-microphone (Neuman 69 fet) [6]. The microphone was positioned 
in front of the engine at 1m distance and 1m above ground. 

The listening tests, carried out in an anechoic room, were conducted by 
trained and experienced subjects (10 males and 6 females) chosen from 
the staff of the university. All sounds were presented through a pair of 
loudspeakers. The listening position was kept constant for all subjects and 
the sound level was reduced by 17 dB compared to the original level. 

The subjective response was recorded on a seven point scale ranging 
from "not at all annoying" to 'Very much annoying". To familiarise with the 
procedure, three stimuli were used as a test. Annoyance ratings were 
scaled by the sequential rating method [7,8]. 
Objective Evaluation 
The sound pressure signal for each sound stimulus was measured by a 
single microphone (B&K 4133) in the listening position, with the subject 
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not present. All PA descriptors (Table 4) were determined by post
processing of the acoustic signal, sampled to the disc in the FFT based 
measurement system (LMS CADA-X) or alternatively sampled in third-
octave-bands by a B&K 2123 real-time analyser. 
Multivariate Statistics 
Principal component analysis (PCA) 
and partial least squares modelling 
(PLS) [10] were used to evaluate 
both subjective and objective data. 
PCA was used to determine the 
relationship and redundancy among 
the variables. PLS was used to 
develop prediction models that 
describe annoyance as a function of 
PA descriptors. 

Table 4. PA descriptors  
Descriptors Unit Abbreviation 
Loudness Sone[1] N 
Specific N Sone/Bark [1] N' 
Sharpness Bark, Acum[1] SB, SA 
ERR dB [10] ERR 
Roughness Smod[3], Asper[1] RS, RA 
Fluct. Strength Vacil [1] FS 
Impulsiveness Kurtosis [9] IK 
Sound Level dB Lp, LA, LB, LC, LD 
Periodicity Hz [3] PP 

3. R E S U L T S AND DISCUSSION 

Figure 2 shows some of the estimated PA descriptors (Table 4) for all 
sound stimuli. A variation between L A and loudness can be observed. All 
modifications gave a reduction in loudness except the use of the BB in 
idling condition. A combination of LF and BB (ic3 & rc2) minimises 
loudness. The overall results indicate that an increased stiffness in the 
lower part of the engine reduces loudness and roughness. 
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Fig. 2. Normalised values of LA(AdB =16.5), loudness(ASone=44.2), roughness(AAsper= 
0.066), sharpness(AAcum =0.29) and impulsiveness (AKurtosis=2.78), for all stimuli. 

The subjective ratings (Figure 3) indicate that all modifications, except the 
combination of SO, LF and BB at high speed, reduce annoyance. The 
reason for the increased annoyance is probably related to an increase in 
sharpness. Annoyance is minimised by combining LF and BB. A softly 
connected oil sump increased annoyance due to an increase in 
sharpness and roughness. 

The PCA, based on engine modifications, PA descriptors and scaled 
ratings (YSR), explained the data variation by 2 respectively 4 
components for each group. Figure 4a shows the two components due to 
idling condition. The first component, explains 52 % of data variation and 
indicates a relationship between, loudness, ERR and annoyance which 
are inversely proportional to the modifications LF and SO. For runing 
condition (Figure 4b) a more complex behaviour is seen, since annoyance 
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(YSR) is related to the first and second component. The first component 
(58%) is described by loudness with an emphasis on frequencies in the 
ear resonance range (ERR). The structure modifications SO and LF are 
related to the second component which is proportional to periodicity (PP) 
and sharpness(SA), and inversily proportional to roughness(RS). 
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Fig. 3. Scaled values of annoyance as a function of engine modifications 
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Fig. 4. Loadings for the two most significant principal components, a) idling c, b) run c. 

The PLS model for idling condition describes 93% of annoyance variation 
as a function of loudness. The model for running condition, based on 
loudness and sharpness(Acum), describes 96 % of the annoyance and 
indicates that lower levels of loudness and sharpness reduce annoyance. 
An alternative model, based on loudness, sharpness(Bark), periodicity and 
impulsiveness(AVL annoyance index) explain 95 % of the annoyance. 

4. CONCLUSIONS 

It is possible to find significant differences in perceived sound quality due 
to structure modifications of a diesel engine. In idling power, however, the 
sound character remain unchanged. This is partly related to the recording 
position, which emphasises the acoustic radiation from the transmission 
cover, mainly described by the ERR frequencies. 
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