
LICENTIATE T H E S I S

Department of Engineering Science and Mathematics,
Division of Machine Elements Friction in Elasto Hydrodynamically 

Lubricated contacts
The influence of speed and slide to roll ratio

Marcus Björling

ISSN: 1402-1757  ISBN 978-91-7439-298-2

Luleå University of Technology 2011

M
arcus B

jörling  Friction in E
lasto H

ydrodynam
ically Lubricated contacts T

he influence of speed and slide to roll ratio

ISSN: 1402-1757  ISBN 978-91-7439-XXX-X     Se i listan och fyll i siffror där kryssen är





Friction in Elasto Hydrodynamically 

Lubricated contacts

The influence of speed and slide to roll ratio

Marcus Björling

Luleå University of  Technology
Department of Engineering Science and Mathematics,

Division of Machine Elements

2008:38

FRICTION IN ELASTO HYDRODYNAMICALLY
LUBRICATED CONTACTS

THE INFLUENCE OF SPEED AND SLIDE TO ROLL
RATIO

2

4

6

8

0
10

20
30

40

0.03

0.035

0.04

0.045

0.05

0.055

0.06

0.065

0.07

0.075

Fr
ic

tio
n 

co
ef

fic
ie

nt

Entrainment speed [m/s] Slip [percent]

MARCUS BJÖRLING

Luleå University of Technology
Department of Engineering Science and Mathematics,

Division of Machine Elements



Printed by Universitetstryckeriet, Luleå 2011

ISSN: 1402-1757  
ISBN 978-91-7439-298-2

Luleå 2011

www.ltu.se

2008 : 38 | ISSN : |ISRN:LTU-DT--08/38--SE

Cover figure: Friction map from
ball on disc experiment.

Title page figure: Friction map from
ball on disc experiment
with axes.

FRICTION IN ELASTO HYDRODYNAMICALLY LUBRICATED
CONTACTS

THE INFLUENCE OF SPEED AND SLIDE TO ROLL RATIO

Copyright c©Marcus Björling (2011). This document is available at

www.ltu.se

The document may be freely distributed in its original form including the current
author’s name. None of the content may be changed or excluded without permissions
from the author.

ISSN: X
ISRN: X

This document was typeset in LATEX2ε

.

2008 : 38 | ISSN : |ISRN:LTU-DT--08/38--SE

Cover figure: Friction map from
ball on disc experiment.

Title page figure: Friction map from
ball on disc experiment
with axes.

FRICTION IN ELASTO HYDRODYNAMICALLY LUBRICATED
CONTACTS

THE INFLUENCE OF SPEED AND SLIDE TO ROLL RATIO

Copyright c©Marcus Björling (2011). This document is available at

www.ltu.se

The document may be freely distributed in its original form including the current
author’s name. None of the content may be changed or excluded without permissions
from the author.

ISSN: X
ISRN: X

This document was typeset in LATEX2ε



Preface

The work presented in this licentiate thesis has been carried out at Luleå University of
Technology at the Division of Machine elements. I would like to thank my supervisors
Professor Roland Larsson and Dr. Pär Marklund for supporting me through this work
and for guidance and valuable discussions. I would also like to thank Professor Elis-
abet Kassfeldt for helpful discussions regarding the friction maps presented in Paper
A.

I would also like to express my gratitude to all my friends and colleagues at Luleå
University of Technology for providing an enjoyable place to work. Special thanks
go to Kim Berglund and Patrik Isaksson for taking their time for discussions that have
aided me in my work.

The support and assistance from my industrial partners Volvo Construction Equip-
ment, Scania and Vicura (former SAAB Powertrain) is gratefully acknowledged. Ac-
knowledgements should also be made to Statoil Lubricants for providing test lubri-
cants and to IonBond for providing DLC coatings.

Finally I would like to thank the Swedish Foundation for Strategic Research (ProViking)
for financial support through the PROACT project.

Marcus Björling
Luleå, Aug 2011

7





Abstract

Reducing losses in transmissions has become a high priority in the automotive mar-
ket during recent years, mainly due to environmental concerns leading to regulations
placed on the automotive industry to drive the development of vehicles with lower
fuel consumption and CO2 emissions. Rising fuel prices and increasing environmen-
tal concerns have also made customers more prone to purchase more fuel efficient
vehicles. In addition to the fuel savings that could be achieved by increased efficiency
of transmissions there are other benefits as well. A more efficient transmission will in
general generate less heat, and experience less wear. This will lead to fewer failures,
longer service life of components, and possibly longer service intervals. Furthermore
this implies a possibility to reduce coolant components, thus reducing the total weight
of the system, leading to a further decrease in consumption and a lower impact on the
environment due to a reduction of material usage. A low weight design is also bene-
ficial for vehicle dynamics and handling. In addition to the automotive market, gears
are extensively used in many other fields, such as wind power and industry.

In some cases a substantial part of the losses in a gear transmission is attributed to
gear contact friction due to sliding and rolling between the gear teeth. To better un-
derstand the contact friction phenomena in gears an experimental apparatus capable of
running under similar conditions to gears is chosen. By using a ball on disc test device
the contact friction can be measured in a broad range of speeds and slide to roll ratios
(SRR). The results are presented as a 3D friction map which can be divided into four
different regions; Linear, Non-linear, mixed and thermal. In each of these regions dif-
ferent mechanisms are influencing the coefficient of friction. Several tests have been
conducted with different lubricants, EP- additive packages, operating temperatures,
surface roughness and coatings. The method gives a good overview, a system finger-
print, of the frictional behaviour for a specific system in a broad operating range. By
observing results for different systems, it is possible to identify how different changes
will influence the coefficient of friction in different regimes, and therefore optimize
the system depending on operating conditions.

Among other things the tests have shown that reducing base oil viscosity increases
contact friction in most operating conditions, introducing an earlier transition from
full film to mixed lubrication, and increasing full film friction in many cases with high
sliding speeds. An increase in operating temperature could both increase, and decrease
the coefficient of friction depending on running conditions. Introducing smoother

9



surfaces reduces the coefficient of friction at lower entrainment speeds since thinner
lubricant films are required to avoid asperity collitions. By applying a DLC coating
on one or both surfaces in a EHL contact, the friction coefficient is shown to decrease,
even in the full film regime.
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Nomenclature

αp Pressure-viscosity coefficient[Pa−1]

β Viscosity-temperature gradient at operating temperatureβ = ∂η/∂T

δts Time scaling coefficient

ε Thermal expansion coefficient [◦C−1]

η0 Viscosity at atmospheric pressure and operating temperature[Pas]

κ Thermal conductivity [W/(mK)]

Λ Film parameter

λx,λy Wavelength or autocorrelation length in direction of x or y [m]

µ Coefficient of friction

∇1 Dimensionless wavelength parameter∇1 = (λx/b)(M3/4/L1/2)
√

Sn

ω Rotational speed [rps]

ρ Density [kg/m3]

τ Shear stress [N/m2]

b Half width of Hertzian contactb=
√

(8w1Rx)/(πE′) [m]

B Hertzian contact width [m]

cp Heat capacity at constant pressure [J/(kgK)]

E′ Effective elastic modulus,E′ = 2[(1−v2
1)/E1+(1−v2

2)/E2]
−1

Ei Youngs modulus [Gpa]

G Dimensionless material parameter G=αpE′
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H Hersey number [ηω
p ]

hcen Hamrock and Dowson central film thickness [m]

hmin Hamrock and Dowson minimum film thickness [m]

L Dimensionless material parameterL=G(2U)0.25

M1 One dimensional load parameterM1 = W1(2U)−0.5

p Pressure [Pa]

Ph Hertzian pressure [Pa]

Q Heat source [W/m3]

q Invard heat flux [W/m2]

Rx Effective radius [m]

S Slide to roll ratio

s Shear strain rate [s−1]

Sa Arithmetic average of absolute roughness [m]

Sc Combined roughness [m]

Sn Slip numberSn=ur/Ue

Sq Root mean square roughness [m]

T Temperature [◦C]

t Time [s]

T0 Initial temperature [◦C]

tc Contact time [s]

U Dimensionless speed parameter U=Ueη0/E′Rx

Ub Surface velocity of ball [m/s]

Ud Surface velocity of disc [m/s]

Ue Entrainment speed [m/s]

ur Surface velocity of rough surface [m/s]

vi Poisson’s ratio

w′ Contact load, 1d-geometry [Nm]



W1 Dimensionless load parameter 1d-geometry(line contact),W1 = w′/(E′Rx)

x Cross film position [m]

Z1 Viscosity-pressure index

Acronyms

AISI American Iron & Steel Institute

AW Anti Wear

COF Coefficient Of Friction

DLC Diamond Like Carbon

EHD Elasto Hydrodynamics

EHL Elasto Hydrodynamic Lubrication

EP Extreme Pressure

FOV Field Of View

FZG Forschungsstelle für Zahnräder und Getriebebau

HRC Rockwell Hardness

MoDTC Molybdenum DiThio Carbamates

MTM Mini Traction Machine

PAO Poly Alpha Olefin

PECVD Plasma Enhanced Chemical Vapour Deposition

PVD Physical Vapour Deposition

SRR Slide to Roll Ratio

WAM Wedeven Associates Machine

ZDDP Zinc DialkylDithioPhosphate
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Chapter 1

Introduction

Lubrication is vital for most modern machine components to work properly and have
a satisfactory service life. In ancient times people found that animal fat, olive oil or
other materials placed between two objects rubbing against each other would reduce
the force required to keep them in motion. The lubricant creates a film of easily
sheared material between the machine components that reduces friction and wear. In
1883 Beauchamp Tower discovered hydrodynamic lubrication when he observed a
pressure build-up in his test rig for journal bearings [1]. Oil was found to rise upwards
in an oil feed hole in the bearing, and when a wooden plug was used to block the
hole it was pushed out. The explanation came only a few years after this discovery.
Osborne Reynolds managed to use a reduced form of the Navier-Stokes equations and
the continuity equation to generate a second order differential equation for the pressure
in a narrow converging gap between two surfaces [2]. The pressure generated in the
lubricant film between the two surfaces is high enough to separate the surfaces so that
a load can be carried partly or totally by the fluid film.

1.1 Conformal and non-conformal contacts

In many cases the surfaces of two contacting bodies fit well into each other geomet-
rically in the way that the apparent area of contact is large, and that the load carried
is distributed over a large contact area compared to the thickness of the lubricant film.
Figure 1.1 pictures one conformal, and one non-conformal contact. Journal bearings
and slider bearings are examples of conformal contacts where the load is carried over
a relatively large area and the load carrying area remains almost constant when the
load is increased. In journal bearings the radial clearance between journal and the
sleeve is typically around one thousandth of the journal diameter [3]. In case of non-
conformal contacts the two contacting bodies do not fit well into each other and the
load between the bodies is carried by a relatively small area. Furthermore, the lubrica-
tion area in a non-conformal contact generally increases considerably with increasing
load. Many common machine elements have non-conformal contacts, such as gears,
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22 CHAPTER 1. INTRODUCTION

rolling bearings, cams and followers.

Figure 1.1: Conformal and non-conformal contacts

A classification of the non-conformal contacts can be made by the geometry of
the contact between rigid bodies, or with zero load. Two cylinders with parallel axes
or a cylinder on a plane will form a contact path known as a line contact, which will
expand to a rectangle when load is applied on elastic bodies. A sphere on a plane, a
sphere on a sphere or two cylinders with identical radii and perpendicular axes will
form what is known as a point contact, and will expand to a circular contact when load
is applied. Finally an elliptical point contact that will expand to an elliptical contact
patch is formed by a sphere on a cylinder or by crowned rollers where the radius
around the symmetry axis differs from the crown radius.

Johnson divided lubrication of non-conformal contacts into regimes by the influ-
ence of the elastic deformation of the solid bodies, and the influence of pressure on
the viscosity of the lubricant [4]. Four different regimes were identified:

1. Isoviscous rigid:In this regime the pressure generated in the film is too low to
substantially alter the viscosity of the lubricant or change the geometry of the
solid bodies relative to the thickness of the film.

2. Piezoviscous rigid:The piezoviscous rigid regime is reached when the pressure
in the fluid film is high enough to substantially increase the viscosity of the
lubricant, but at the same time not high enough to change the shape of the solid
bodies.

3. Isoviscous elastic:The pressure in the fluid film is not affecting the viscosity of
the lubricant, but is changing the shape of the solid bodies. This regime is often
found in systems where the solid bodies are made of materials with low elastic
modulus, and possibly also when the viscosity of the lubricant is very insensi-
tive to pressure. This regime is often referred to as soft Elasto Hydrodynamic
Lubrication (EHL).
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4. Piezoviscous elastic:Many common machine components such as gears and
rolling bearings operate in the piezoviscous regime where the pressure in the
fluid film is great enough to significantly affect both the viscosity of the lu-
bricant, and the shape of the solid bodies. This is often referred to as Elasto
Hydrodynamic Lubrication (EHL) or Elasto Hydrodynamics (EHD).

1.2 Hydrodynamic and Elasto Hydrodynamic Lubri-
cation

Hydrodynamic lubrication generally occurrs in conformal contacts through a positive
pressure build-up in the fluid film due to a converging gap, where fluid is dragged in
and pressurized. The pressurized film creates possibilities to apply a load which is
carried by the fluid film, a technique that is utilized in journal and thrust bearings. The
pressure range of this kind of bearings is usually between 2 and 5 MPa, and is thus not
generally enough to cause significant elastic deformation.

Non conformal contacts are often associated with Elasto Hydrodynamic Lubrica-
tion where elastic deformation of the surfaces becomes significant. The maximum
pressure in machine components operating in EHL is typically between 0.5 and 3
GPa, and the minimum film thickness is normally less than 1µm [3]. The reason
that machine components operating in EHL can manage to carry the load in such a
small lubricated area without suffering catastrophic wear is mainly contributed to two
effects. The elastic deformation in EHL machine components are usually several or-
ders of magnitude greater than the minimum film thickness. This elastic deformation
creates a gap for the lubricant to pass through, and the second effect is the near expo-
nential increase in viscosity with pressure that keeps the lubricant from flowing out of
the contact. For organic liquids the viscosity is roughly doubled for every increase of
0.05 GPa in pressure [5].

1.3 Lubrication regimes

Ideally both hydrodynamic and elastohydrodynamic systems are running with a fluid
film that is so thick that there is no contact at all between the solids. A system op-
erating under these conditions experiences virtually no wear at all, and the friction
coefficients are generally low, and only attributed to shearing in the lubricant. How-
ever, if lubricated machine components are running at too low speeds or having too
high contact pressure the lubricant film will be penetrated by the asperities of the
contacting bodies. Surface treatment plays an important role here since smoother sur-
faces will allow for higher loads or lower speeds without the asperities breaking the
fluid film. A common approach is to divide a lubricated system into three regimes;
boundary lubrication, mixed lubrication and full film lubrication.

1. Boundary lubrication:Boundary lubrication is characterized by asperity inter-
action carrying all the contact force. In this regime the effect of lubricant bulk
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properties is almost negligible. The contact friction and wear performance are
governed by physical and chemical properties of thin lubricating films formed
on the surfaces in combination with the properties of the bulk material or surface
coatings. Lubricants usually contain additives that are engineered to react with
the surface physically and/or chemically to produce boundary films to reduce
friction and wear in a situation of fluid film breakdown.

2. Mixed lubrication: In mixed lubrication, or partial (elasto) hydrodynamic lu-
brication the contact force is carried by both asperity interaction, and hydro-
dynamic or elastohydrodynamic effects. Depending on running conditions the
coefficient of friction in the mixed lubrication regime can vary over a wide span
depending on how much of the load that is carried by asperity interactions and
hydrodynamicaction respectively. Since there still is asperity interaction, chem-
ical effects of the lubricant are important.

3. Full film lubrication: When there is no asperity interaction the full film regime
has been entered, and the contact force is fully carried by hydrodynamic ef-
fects. If the pressures in the contact zone are so high that material is elastically
deformed the mode of lubrication is called EHL, or Elasto Hydrodynamic Lu-
brication.

1.3.1 The film parameter

Historically a common way to judge which lubrication regime a system is running in
is by use of the film parameter, lambda. This dimensionless parameter is the ratio of
the film thickness to the surface roughness.

Λ =
hmin

√

S2
q1 +S2

q2

(1.1)

where

hmin = Minimum film thickness, m
Sq = Composite surface roughness, m

A general rule of thumb is that whenΛ < 1 the system is running in boundary
lubrication, and 1< λ < 3 is the mixed lubrication regime, whereasΛ > 3 is the full
film regime [6].

Another use of the film parameter is found in a paper from 1982, where Bair and
Winer [7] present experimental evidence of the presence of three regimes of traction in
a concentrated contact. Tests were conducted in a rolling contact simulator by varying
lubricant, temperature, rolling speed, load and surface roughness while holding a con-
stant slide to roll ratio (SRR). They proposed that whenΛ < 1.0 the traction coefficient
is mainly attributed to the shear properties of the lubricant absorbed on the mating sur-
faces. The asperity interactions are quite severe at these low lambda values, and thus
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fit the classification of boundary lubrication. Furthermore if 1.0 < Λ < 10, Bair and
Winer mean that the film thickness and the combined roughness are of comparable
magnitude, and the traction will be determined by the bulk properties of the lubricant,
and at local conditions in asperity contacts. This is an example of mixed lubrication or
micro-EHL. Finally, whenΛ > 10 the film thickness is greater than the surface rough-
ness, the traction coefficient will be governed only by the bulk rheological properties
and running conditions.

However, there are some limitations in the film parameter theory. Firstly, the film
parameter depends on the correct calculation of the film thickness, and most quick
methods to calculate film thickness, for example the empirical expression for isother-
mal film thickness derived by Hamrock and Dowson [3] only give approximations of
the film thickness. The accuracy of the prediction depends on running conditions and
lubricant parameters. In case of higher amounts of SRR’s where thermal effects are
thinning the lubricant films there are thermal correction factors proposed, by among
others Gupta [8] and Hsu and Lee [9], that multiplied with the isothermal film thick-
ness give the thermally corrected film thickness. Also these correction factors are
approximations, only valid within certain boundaries.

Another source of error is the surface roughness measurements, since when a sur-
face is measured with an optical profilometer or a stylus profilometer the results do
not perfectly reproduce the original surface. Moreover, the results given by one pro-
filometer can differ quite significantly from what you get from another profilometer
measuring the exact same sample [10].

1.3.2 Amplitude reduction

The biggest objection against the film parameter is however the fact that many modern
elastohydrodynamically lubricated machine components are operating with a lambda
ratio less than 1 without showing any signs of problems [11]. At first it seems strange
that machines operating without problems have film thicknesses lower than the com-
posite roughness. The explanation is that the actual roughness inside the EHL contact
is lower than the roughness measured outside of the contact, and therefore full film
lubrication can be obtained even if the lambda ratio is less than 1. The surface rough-
ness is flattened inside the contact due to surface deformation and flow of the pres-
surized and therefore highly viscous lubricant. Morales-Espejel and Greenwood [12]
showed in an analytical investigation that film formation in line contacts with transver-
sal roughness can be attributed to two effects. The first effect is dominating in rolling
contacts where the asperities are largely deformed when they enter the EHL contact
region. The other effect becomes more important when sliding is introduced in the
contact. The film formation is dependent on the entrainment of lubricant in the con-
tact, which means the mean velocity of the surfaces. In case of sliding the surfaces
will move with different velocities, and due to the roughness of the surfaces the en-
trainment of lubricant will be fluctuating. When a valley enters the contact much more
lubricant is entrained compared to when an asperity enters the contact, and the result is
a fluctuating entrainment that causes a film thickness variation moving with the mean
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velocity. As a consequence the asperities move with a different speed than the film
thickness fluctuations it causes, a fact that makes rough surface EHL analyses more
complex requiring transient solutions of the coupled EHL equations.

The effect of asperity flattening in rough surface EHL has been studied by Lu-
brecht and Venner [13–15]. They studied the behaviour of a simple case with a sinu-
soidal waviness represented by the two parameters, wavelengthλ and an undeformed
amplitudeAi . Ad represents the deformed height. For rolling/sliding line contacts the
expression is:

Ad

Ai
=

1

1+0.125∇̃1+0.04∇̃1
2 (1.2)

where
∇̃1 = ∇1/

√

(Sn) = (λx/b)(M3/4/L1/2)/
√

(Sn) (1.3)

The slip number is defined as the ratio between the velocity of the rough surface and
the mean velocity:

Sn = ur/Ue (1.4)

This implies that one of the surfaces is expected to be smooth,whereas the other one
is rough. Figure 1.2 shows the ratioAd/Ai versus∇̃1. One conclusion is that short
wavelengths are hardly deformed, while long wavelengths are almost completely de-
formed. However, what are short and long wavelengths, and thus also the degree of
deformation is also dependent on operating conditions. If the roughness of a real sur-
face is dominated by one wavelength this method could be used to calculate the in
contact roughness and thus be used to calculate a true film parameter.

1.3.3 The Stribeck curve

A popular way of showing the regimes of lubrication is the Stribeck curve, first pre-
sented by Stribeck in 1902 [16]. The y-axis is the coefficient of friction and the x-axis
is a dimensionless number, often referred to as the Hersey number given by:

H =
ηω
p

(1.5)

where

η=absolute viscosity, Pas
ω=rotational speed, rps
p=pressure, Pa

Figure 1.3 shows a typical Stribeck curve with the regimes of lubrication. Gen-
erally a small Hersey number indicates a thin lubricant film, and consequently a high
Hersey number indicates a thick lubricant film. For that reason it is possible to find
many different Stribeck like curves in literature with a variety of parameters on the
x-axis, such as entrainment speed, rotational speed and film thickness. The smallest
Hersey numbers represent the boundary lubrication regime which usually represents
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Figure 1.2: Ratio between the amplitudes of deformed and initial roughness versus
wavelength parameter [15].

a coefficient of friction of about 0.1. This is just a general value, and depending on
the materials of the mating surfaces and the properties of the oil the value can be
both higher and lower. When the Hersey number increases a rapid decrease in friction
coefficient can be observed when a transition is made from the boundary lubrication
regime to the mixed lubrication regime. The explanation for this rapid decrease in
friction coefficient is that a larger part of the load is carried by hydrodynamic action
with increasing film thickness. The lowest value of the friction coefficient usually
marks the transition from mixed to full film lubrication where the fluid film is just
thick enough to avoid asperity collisions. A minor increase in friction coefficient with
respect to increased Hersey number in the full film region is usually found in the
Stribeck curves. This effect is attributed to increased viscous losses in certain bearing
types, especially journal bearings which was presented in the work of Stribeck. For
machine components operating in EHL the curve may look a bit different with a co-
efficient of friction not increasing in the full film regime due to lower shear rates and
altered thermal conditions.
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Figure 1.3: Stribeck curve, the effect on Hersey number (ηω/p) on coefficient of
friction

1.4 Lubricant rheology

To understand what is happening in an EHL contact in for instance gears there are
some effects that need consideration. One is the elastic deformation of the surfaces in
contact that allows oil film transportation, and another is the influence of temperature
and pressure on the viscosity of the lubricant, as well as the effect of shear rate on
viscosity and shear stress.

1.4.1 Pressure-Viscosity effects

Without the increase in viscosity with pressure many machine elements like gears,
roller bearings and cams would not work, since the lubricant film would not be able to
carry the load. It is found that the increase in viscosity with pressure of the lubricant is
nearly exponential. This relationship has been the topic of many authors, among them
Roeland [17], Barus [18] and Bair [19]. The Barus equation for isothermal viscosity
pressure dependence:



1.4. LUBRICANT RHEOLOGY 29

η = η0eαp (1.6)

where

η0 = absolute viscosity at p=0 and constant temperature, Ns/m2

α = pressure viscosity coefficient of the lubricant dependent on temperature,m2/N
p = pressure,Pa

The Roelands pressure viscosity relationships for isothermal cases can be ex-
pressed as:

η = η0

(

η∞

η0

)1−(1+p/cp)
Z1

(1.7)

where

Z1 = viscosity-pressure index
η∞ = 6.3110−5Ns/m2

cp = 1.96108N/m2

The pressure viscosity indexZ1 needs to be obtained for each specific lubricant
whereasη∞ and cp are generally valid. It is however shown by Roelands that for
most fluids,Z1 is usually constant over a wide temperature range. Figure 1.4 show
pressure viscosity responses for two different lubricants expressed with both Barus
and Roelands formulas. The values used as input for the calculation were obtained
by Joneset al. [20] and presented in Table 1.1. Blok [21] found that it is possible to
approximate the pressure viscosity coefficient with viscosity index by the use of the
following equation:

Z1 =
α

(1/cp)(ln(η0− lnη∞)
(1.8)

These models (Barus and Roelands) behave quite similar, but show differences,
especially at higher pressures, and Bair showed in a paper that the Roelands equation
is not suitable at pressures above 0.5 GPa [22]. A modified two slope model was
utilized by Cioc [23] to avoid overestimation of the viscosity under heavy loads (high
pressures), which was influenced by the work of Allen [24] in 1973. Outside of the
field of EHL the most used model for the low shear viscosity-pressure relationship
has been the free volume model [25, 26], that was used for pressure dependence at
the same time as Roeland proposed his model [27]. The free volume model has been
shown to be more accurate than the models by Barus and Roeland, especially for high
pressures, but requires more measurements on the lubricant for variables needed in the
equation. More recently Bairet al. [28] presented a review of piezoviscous models
for low pressures, and a model to predict Newtonian film thicknesses for all realistic
pressure-viscosity responses. Together with a scaling parameter based on repulsive
intermolecular potential this is claimed to be superior to the free volume model [29].
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Table 1.1: Lubricant properties
Fluid designation Synthetic paraffinic Superrefined naphthenic
Absolute viscosity @ p=0, 38◦C, η0 [Pas] 4.14 0.0681
Pressure viscosity coefficient @ 38◦C, α 1.77e−8 m2/N 2.51e−8 m2/N
Dimensionless viscosity pressure index @ 38◦C 0.43 0.67

The same author presented a thorough review of the high pressure models required for
a quantitative model of the EHL behaviour in 2009 [30].
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Figure 1.4: Pressure viscosity response for two different lubricants obtained from
Barus and Roelands formulas

Seldaet al.[31] made an experimental analysis of the possible correlation between
pressure viscosity coefficient and the limiting traction coefficient in EHD lubrication.
Their analysis shows that there is a correlation between these coefficients, at least
among the tested lubricants. Lubricants with high pressure-viscosity coefficients gen-
erally also had a high limiting traction coefficient. Within the tested lubricants there
was also significant differences between conventionally refined oils and non conven-
tionally refined oils, like PAO’s, where the latter showed considerably lower EHD
traction coefficients and pressure-viscosity coefficients. Höglund gives an overview
of important lubricant properties in EHL, along with some experimental methods to
obtain properties like pressure-viscosity and limiting shear stress-pressure [32]. More
measurements of lubricant properties can be found in a paper written by Larssonet
al. [33].
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1.4.2 Non-Newtonian behavior

In a Newtonian fluid, the relationship between shear stress,τ and strain rate,s is linear

τ = ηs (1.9)

whereη is the absolute viscosity. However, in elastohydrodynamic lubrication
the pressures varies very much under short periods of time, together with high shear
rates, especially in sliding contacts. During these conditions it is questionable that
the lubricant in general acts in a Newtonian way. One evidence of this non linear
behaviour is seen in experimental testing where traction is plotted against SRR. This
shows that the lubricant shear stress is still related to the shear strain rate, but not in
a linear relationship. Several authors have addressed this non-linear behavior, and in
1977 Johnson and Tavaarwerk [34] presented their paper with a non-linear Maxwell
constitutive equation using Eyrings [35] sinh law for the non-linear viscous response
of the lubricant.

Two years later Bair and Winer [36] presented another model for the non-Newtonian
behaviour of lubricants. They assumed that there is a limit at a certain temperature and
pressure where the lubricant does not experience any higher shear stresses, but instead
shears plastically even when the shear strain rate is further increased. This lubricant
property is called the limiting shear strength. Fluid models that allow the shear stress
to reach this limit are referred to as viscoplastic models. Bair and Winer’s model has
been used and modified by several authors, such as the circular model by Lee and
Hamrock [37] in 1990, later refined by Hsiao and Hamrock [38].

Numerical solutions for the Eyring model have among others been used in 1991 by
Sui and Sadeghi [39]. Figure 1.5 shows a plot of a variety of different non-Newtonian
model predictions.

Hirst and Richmond wrote a paper discussing the thermal properties of an EHL
contact coupled to the Maxwell-Eyring viscoelastic model [40]. Evans and Johnson
[41] give a good overview of the regimes; Newtonian, Eyring, viscoelastic and elastic-
plastic, along with the construction of so called traction maps. Several authors have
however presented evidence that the sinh-law (or Eyring equation) is not suitable for
describing the non-Newtonian behavior, something that Eyring himself also pointed
out.

An overview of EHL rheology was written by Moore [42] in 1997, and by Jacod
[43] in 2000. More recently Bair [30] and Kumar and Khonsari [44] have written two
papers which focus on the developments of lubricant rheology and EHD calculations.
Here, another overview is given, and they also point out problems and inaccuracies
with some well known models and equations.

1.5 Scope and objectives

As mentioned earlier many machine components like gears, cams and rolling bearings
are dependent on the mechanisms of EHL to function properly. By studying EHL con-
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Figure 1.5: Non Newtonian models

tacts, and EHL contact friction behaviour it is possible to obtain knowledge that can
be used to enhance the properties and performance of todays machine components.
The pressure generated between the mating teeth in a gearbox can reach several GPa
and the frictional losses in a gearbox are therefore to a big extent governed by EHL
behaviour. In some cases a substantial part of the losses in an automotive transmission
are attributed to gear contact friction due to sliding and rolling between the gear teeth.
The total transmission losses due to gear contact friction range from between 4.5 to
50 percent [45–47]. Generally gearboxes running at low speeds and high loads have a
substantial friction of gear contact losses, whereas high speed applications are usually
dominated by churning losses. The EHL gear contact is subjected to transient con-
ditions where load, entrainment speed and SRR are continuously changing along the
line of action, as exemplified in Figure 1.6. The load and consequently the pressure in
the contact are governed by the transmitted torque, number of teeth in contact, and the
geometry of each gear tooth. Entrainment speed and SRR are governed by the rota-
tional speed of the gears, and the geometry of the gears. By studying the EHL contact
in tribological test rigs it is possible to investigate how a change of for instance lu-
bricant, surface roughness or coating influences the coefficient of friction for specific
entrainment speeds and SRR, something that is not possible in a gear test rig.
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Figure 1.6: Transient conditions of gear contact

Although much work has been done in the field of EHL over the years, there are
still areas where more investigation needs to be carried out for better understanding,
and to gain knowledge to be able to develop machine components even further. There
is to date no absolute model for predicting non-Newtonian behaviour and limiting
shear stress effects, as well as accurate predictions of the friction coefficient for a wide
range of running conditions, lubricants and coatings. In this licentiate thesis a ball on
disc test device is used to perform measurements on an EHL contact, and a method
to present the results over a wide range of entrainment speeds and SRR is introduced.
Several experiments have been conducted to evaluate the friction performance in sys-
tems with different surface roughness, lubricants, temperatures and coatings, under
a wide range of operating conditions (entrainment speed and SRR). Furthermore, a
numerical model is developed to investigate the effect of thermal heating of the lu-
bricant for combinations of coated and uncoated specimens under different operating
conditions.





Chapter 2

Method

2.1 Ball on disc tests

The experiments for the investigations in this work are conducted in a Wedeven Asso-
ciates Machine (WAM) ball on disc test device, model 11, where the setup is shown
in detail in Figure 2.1. A ball is loaded against a solid disc and the result is a circular
EHL contact. The rotation of the ball and disc drags oil into the contact and a lubri-
cant film is formed. The ball and the disc are driven by separate electric motors, the
former to a speed up to 25000 rpm and the latter up to 12000 rpm. From the rotational
speed of the spindle connected to the ball, spindle angle and the radius of the ball, the
surface speed of the ball,Ub can be calculated. In the same way by knowing the track
radius on the disc, and the rotational speed, the surface speed of the disc,Ud can be
calculated. The entrainment speed,Ue is defined as:

Ue =
Ub +Ud

2
(2.1)

By adjusting the speeds of the motors separately, different surface speeds of the
ball and the disc can be achieved, resulting in a partly sliding contact. The Slide to
Roll Ratio (SRR) is defined as:

SRR=
Ub−Ud

Ue
(2.2)

A more thorough description of the ball on disc test rig can be found in section
A.3.1

2.2 Test procedure

The test cycle covers entrainment speeds between 0.34-9.6 m/s and SRR between
0.0002 to 0.49 or 0.02 to 49 % slip as used in the figures throughout this thesis. In
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Figure 2.1: WAM ball on disc test device

all cases of slip the ball rotates faster than the disc. Unless surface roughness and/or
thermal properties of the specimens are significantly different compared to each other,
the friction curve with respect to SRR will look almost identical for negative SRR’s
as shown in figure 2.2. Therefore tests with negative SRR’s are not performed in this
study. The test cycle contains several loops where the slip is held constant and the
entrainment speed is varied from 9.6 to 0.34 m/s. In the first loop the slip is held
at 0.02 % and is increased with each loop until it reaches 49 %. The data logged
from each test is processed separately. All measured values from a specific running
condition are averaged, and a triangle based linear interpolation is used between the
data points. The results are either presented as a 3D map, or as a 2D contour map as
explained in more detail in section 3.1. More details about the test procedure are given
in section A.3.3.
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Figure 2.2: Friction coefficient versus positive and negative SRR





Chapter 3

Results

A classic way to present results from experimental measurements of friction coeffi-
cients in various systems is to plot friction coefficient against SRR in a plot often
referred to as aµ-slip curve. An example is given in Figure 3.1 where the friction
coefficient for a ball on disc experiment is presented for three different entrainment
speeds. Another common way is the earlier mentioned Stribeck curve where in Figure
3.2 the coefficient of friction is plotted against entrainment speed for three different
SRR. Both of these techniques are very useful in many cases to interpret and under-
stand frictional behaviour for different systems. However, both of these methods have
limitations when it comes to evaluating a specific system under a wide range of SRR
and entrainment speeds. In this licentiate a method called friction mapping is intro-
duced as an alternative to more classical methods. In the next section the approach of
friction mapping is described.

3.1 Friction mapping

As a complement to theµ-slip curve and Stribeck curves the friction mapping tech-
nique is proposed since it contains both SRR, entrainment speed and coefficient of
friction and can thus replace severalµ-slip- and Stribeck curves allowing for a better
overview of the friction characteristics of the studied system. The data from one of
the performed measurements according to the description in section 2.2 is presented
in Figure 3.3 as a 3D friction map where friction coefficient is displayed versus en-
trainment speed and SRR. Here the high gradient in friction coefficient when little
sliding is induced from pure rolling is clearly seen, as well as the general decrease in
friction coefficient with increased entrainment speed due to a transition from mixed to
full film lubrication.

In addition to the 3D map, a contour map is usually more suitable for compar-
isons. Figure 3.4 shows a 2D contour map corresponding to the friction map in Figure
3.3. The test results displayed in Figs. 3.3 and 3.4 are both from Paper A, and the
experiment has been conducted at a temperature of 40◦C where the lubricant has a
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Figure 3.1: Example ofµ-slip curve
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Figure 3.3: 3D friction map
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Figure 3.4: 2D Contour map - Low viscosity oil @ 40◦C
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Figure 3.5: 2D Contour map - High viscosity oil @ 40◦C

kinematic viscosity of 30.8 cSt. As a comparison, a test under the same conditions has
been performed with another lubricant with a higher viscosity of 94.9 cSt at the same
temperature. The result from this test is presented in Figure 3.5 as a 2D contour map.
Both oils are mineral base oils without additives. Therefore the difference in coeffi-
cient of friction between the two cases should mostly be attributed to the difference
in viscosity. Comparing lubricants with different viscosities is sound, since there is a
current trend in the automotive industry to go towards thinner oils in transmissions.
To make it easier to investigate how these two cases differ from each other, another
map is presented where the absolute friction coefficients from the high viscosity oil
is subtracted from the low viscosity case, as presented in Figure 3.6. In this map it is
possible to see the difference between the two cases at different entrainment speeds
and SRR. In this example a negative number indicates a higher friction coefficient for
the high viscosity case, and a positive number indicated a lower friction coefficient
for the high viscosity case. As seen in the figure the higher viscosity oil gives lower
contact friction over a majority of the tested range of operating conditions. However,
it has to be pointed out here that a low viscosity oil for use in a gear box may give
lower total losses other than a high viscous oil when other sources of losses than con-
tact friction are considered. Another industrial trend for the moment is the application
of surface coatings on various machine components.

In Figure 3.7 a similar comparison is made as in Figure 3.6. In this case the test
is still performed at 40◦C, but both using the high viscosity oil, with the difference
that in one of the cases, a DLC coating is applied to one of the surfaces. The friction



3.1. FRICTION MAPPING 43

Entrainment speed [m/s]

S
lip

 [p
er

ce
nt

] 0.008

0.004

0

−0.004

1 2 3 4 5 6 7 8 9
0

5

10

15

20

25

30

35

40

45

Figure 3.6: 2D Contour map - difference between low viscosityoil and high viscosity
oil @ 40◦C

coefficients from the case with one surface coated with DLC is subtracted from the
uncoated case, so that positive numbers indicate lower friction coefficients for the
DLC coated case. Under these conditions the DLC coating provided a reduction of the
coefficient of friction under all tested running conditions. For a complete description
of the effects of coating either surface, or both surfaces with DLC under different
temperatures and running conditions, see Paper B.

Figure 3.8 shows a schematic 2D friction map divided into four different regimes,
with reasoning from Johnson and Tevaarwerk [34]. In the linear region, "L", shear
stress is proportional to shear rate, and is barely visible in the presented maps. The
non-linear region, "NL", is dominated by shear thinning effects. In the thermal re-
gion, "T", the shear stress decreases with increasing shear rate. Finally one region is
marked, "M", where asperity contact occurs between the surfaces, which is the mixed
lubrication regime. The boundaries of these regions are exclusive for each system,
depending on running conditions as well as on the material and lubricant parameters.

The location of the mixed lubrication boundary is assumed to be where the coeffi-
cient of friction is no longer decreasing with increasing slip for a certain entrainment
speed, which would imply incipient asperity interactions. However, this is a float-
ing boundary controlled by several parameters, among others the balance between
increasing asperity interactions, and the decrease in limiting shear strength and in-
creased shearability with the increase in temperature associated with increased slip,
both affecting coefficient of friction, but in opposite ways.
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Figure 3.7: 2D Contour map - difference uncoated and DLC coated surfaces

The location of the thermal boundary is assumed to be where the limiting shear
strength is reached for the lubricant, and thus entering the region where thermal effects
dominate the coefficient of friction.

For each combination of running conditions a mapping of the input friction power
of the system can be done by multiplying the measured friction coefficient with en-
trainment speed, SRR and contact pressure. Figure 3.9 shows the friction power input
corresponding to the case in Figure 3.3. It is evident that reducing coefficient of fric-
tion in the high speed, high slip region has a bigger influence on the total frictional
losses compared to a reduction of friction coefficient in the low speed, low slip region.
With the friction power map in mind the case in Figure 3.6 can be studied again. De-
pending on the operating condition of the machine component where a change from
a high viscosity to a low viscosity oil has been considered it could have both effects.
If the machine component is working in a region with very low SRR a change of oil
would reduce the efficiency of the component, but if the machine component is work-
ing with high SRR a change of oil from low viscosity to high viscosity seems feasible.
Finally, if the machine component operates in both areas, the concept of input friction
power can be used to give an insight of if the net effect would be positive or negative.
In this case it would almost certainly be positive since the high viscosity oil has better
performance in the regions where most power is entered to the system.
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Figure 3.8: Schematic 2D map - Regimes
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Figure 3.9: Friction power map [MW/m2]





Chapter 4

Conclusions

A method for evaluating and presenting contact friction behaviour in EHL tribological
systems with respect to surface roughness, DLC coating, temperature and oil parame-
ters under various running conditions is presented. The method gives a good overview,
a system finger print, of the frictional behaviour in a broad operating range, and the
performed tests show the differences in friction coefficient with respect to different
surface topographies as well as viscosity, base oil type andtemperature. Table 4.1 is a
summary of the results obtained from the tests performed within this licentiate thesis.
It gives an overview of how changing certain parameters changes the contact friction
coefficient in different regimes. A ”↗ ” indicates an increase in coefficient of fric-
tion, and a ”↘ ” the opposite. In some cases a ”l ” with annotation is given, here the
results are inconclusive or not possible to generalize. Thelinear regime is excluded
since it is almost non-existing in the tests performed.

Table 4.1: The influence of several parameters on coefficientof friction
Non-Linear Thermal Mixed

Decreasing operating temperature ↗ ↘ ↗
Decreasing lubricant viscosity ↘ ↗ ↗
Decreasing surface roughness ↘ ↘ ↘
Adding EP additive l1 l1 l1

Changing from mineral to ester base oil ↘2 ↘2 ↘2

Applying DLC coating ↘ ↘ ↘

1The EP additive seems to have different effect on coefficientof friction depending on surface roughness
and operating temperature. For information see section A.4.3.
2Given that the viscosities of the lubricants are comparableat the test temperature.
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Chapter 5

Future Work

In this licentiate thesis experiments are carried out to investigate how changes in dif-
ferent parameters influences the friction coefficient in a circular EHL contact. Future
work should focus on:

• To correlate experiments carried out in the WAM ball on disc test device to
tests performed in a full gear test rig. By knowing the gear geometry, input
speed and torque, similar conditions in terms of load, slide to roll ratio and
entrainment speed can be investigated in the WAM ball on disc test device to
determine the contact friction equivalent to the gear contact. By excluding non-
torque dependent losses in the gear test rig, like bearing and churning losses, the
contact friction losses in the gear test rig can be obtained, and thus compared to
the losses measured in the ball on disc test device.

• To perform measurements in the ball on disc test device for lubricants with well
known properties. Correlate the experimental results with simulations using the
most recent models for rheology and EHL friction models; pressure-viscosity-
temperature dependence, density-pressure-temperature dependence and shear-
viscosity relationship. Determine if some models need to be refined to accu-
rately capture the friction behaviour in EHL contacts in the typical range of
pressure, entrainment speed and slide to roll ratio.

• To find a suitable method to simulate gear contact friction by applying knowl-
edge about friction in EHL contacts obtained from earlier studies, without solv-
ing the full EHL equations including surface roughness contact mechanics.
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Proceedings of the Institution of Mechanical Engineers, Part J: Journal of Engineering
Tribology, 2011 May; vol. 225, Issue 7, p. 671-681.

EHL friction mapping
The influence of lubricant, roughness, speed and slide to

roll ratio

M. Bjorling, R. Larsson, P. Marklund and E. Kassfeldt

Luleå University of Technology, Division of Machine Elements,
Luleå, SE-971 87 Sweden

A.1 Abstract

A friction test is conducted in a WAM ball on disc test rig. The output from the test
is friction coefficient versus entrainment speed and slide-to-roll ratio presented as a
3D friction map. A number of parameters are varied while studying the friction coef-
ficient; surface roughness, base oil viscosity, base oil type and EP additive package.
Entrainment speed, slide to roll ratio and oil temperature are also varied. The results
show that the mapping is efficient in showing the different types of friction that may
occur in an EHL contact. The results also show that the friction behaviour can be
strongly influenced by changing surface roughness as well as base oil viscosity, base
oil type, EP additive content and operating temperature.
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A.2 Introduction

Reducing losses in transmissions has become a priority in the automotive market dur-
ing the latest years, mainly due to environmental aspects leading to regulations on the
automotive industry to drive the development of cars with lower fuel consumption.
Rising fuel prices and increasing environmental concern also makes customers more
prone to purchase more fuel efficient vehicles.

In addition to the fuel savings that could be done by increased efficiency of trans-
missions there are other benefits as well. A more efficient transmission will in general
generate less heat, and experience less wear. This will lead to fewer failures, longer
lifetime of components, and possibly longer service intervals. Furthermore this im-
plies a possibility to reduce coolant components, thus reducing the total weight of the
system, leading to further decrease in consumption and a lower impact on nature due
to a reduction of material usage. A low weight design is also beneficial for vehicle
dynamics and handling.

In some cases a substantial part of the losses in an automotive transmission is
attributed to gear contact friction due to sliding and rolling between the gear teeth.
The total transmission losses due to gear contact friction are ranging between 4.5
and 50 percent [45–47]. Generally gearboxes running at low speeds and high loads
have a substantial part of gear contact losses, whereas high speed applications usually
dominates by churning losses. Since churning losses mostly are related to the oil
viscosity, the best system performance ought to be obtained by optimizing the gear
contact to work with as low viscosity as possible to minimize churning losses while
still keeping a low wear of the system.

Much research has been conducted on the topics of gear contacts covering contact
geometry, materials, surface topography, coatings as well as lubricant properties and
rheological effects. Several authors have presented papers describing and modeling
the gear contact behaviour. Already 1966 Dowson and Higginson [48] used their
EHL theory to predict the film thickness between two gear teeth at the pitch point.
This work was extended by Gu [49] to include the whole line of action in an involute
gear mesh. This study also included an approximate thermal model. The complexity
of the models has increased over the years to consider more parameters and gives
more accurate results. Recently Akbarzadeh and Khonsari [50] presented a model for
calculating the friction in spur gears considering shear thinning and surface roughness.
Their model uses the scaling factors of Johnsonet al. [51], to predict friction from
the hydrodynamic respectively asperity contact part, and Greenwood and Tripp [52]
formula for contacts between two rough surfaces. They later extended their model to
incorporate thermal effects in the analysis [53].

Parallel with the theoretical research, experiments have been carried out for dif-
ferent purposes. One is of course for validation of mathematical models, but it is also
a way to test how altering different factors, such as lubricant properties and surface
roughness influences for instance the efficiency of the system. Experiments are con-
ducted in various tests rigs, for instance the FZG back-to-back, as well as in twin disc,
and ball on disc configurations. All of these has their own benefits and disadvantages
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which must be considered together with the purpose of the actual experiment. Exper-
iments with real gears are of course closest to the real application, and in some cases
the actual gear box is mounted in a test rig and the experiments are performed. This
approach gives very good indications on how the real system performance is influ-
enced by changing certain parameters, and standardised methods like the FZG should
make it easy to replicate results [54–58]. However, testing with real gears is generally
the most expensive way of testing, and it is also hard to draw any detailed conclusions
since there are many components influencing the results and the output generally is an
average friction value even though contact load, radii, entrainment speed and slide to
roll ratio (SRR) are continuously changing along the line of action.

Many authors have used twin-disc test devices to simulate power loss and wear
behaviour of gear contacts [54, 58–60]. The benefits compared to gear testing are
lower costs, and the possibility to in detail study parameters like friction coefficient
at specific entrainment speeds and slide to roll ratios. Furthermore it is possible to
simulate the gear contact without other friction losses present in gears (like churning
in dip lubricated gears and bearing losses).

The ball on disc configuration shares the benefits of the twin disc, and is also
easier to control since there are not the same alignment issues. In the present study a
Wedeven Associates Machine (WAM) ball on disc configuration is used to study the
friction behaviour in various entrainment speeds and slide to roll ratios. Additional
parameters studied includes: surface roughness, base oil type, base oil viscosity, oil
temperature and additive packages. The output from the test is friction coefficient
versus entrainment speed and slide-to-roll ratio presented as a 3D friction map. Ball
on disc friction experiments have earlier been carried out to investigate EHL film
formation and friction behaviour during rolling and sliding [61,62].

A.3 Method

The following sections cover a description of the ball on disc test rig, the test speci-
mens and lubricants, and an overview of the test procedure.

A.3.1 Ball on disc tribotester

The experiments are conducted in a Wedeven Associates Machine (WAM) ball on disc
test device, model 11, where the contact is shown in detail in Fig. A.1. The WAM
utilizes advanced positioning technology for high precision testing under incipient
sliding conditions. The ball and the disc are driven by separate electric motors, the
former to a speed up to 25000 rpm and the latter up to 12000 rpm. Each motor is ad-
justable on-line to change entrainment speed and slide to roll ratio. The standard ball
specimen has a diameter of 20.637 mm and the disc has a diameter of 101 mm. With
standard sized test specimens an entrainment speed of up to 27 m/s is possible under
pure rolling conditions, and the maximum load of 1000 N which gives a maximum
circular Hertzian contact pressure of 2.91 GPa.
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Figure A.1: WAM ball on disc test device

The test device contains a built in cooling and heating system allowing for lubri-
cant test temperatures between 5 and 100◦C. A closed loop system supplies the ball
on disc contact with new lubricant.

Load cells are used to measure the force on the three principal axes where the
machine operates, X, Y and Z. The test device also measures shaft rotating speeds, oil
pump speed and values from up to twelve thermocouples. In the current setup three
thermocouples are used. One is located in the oil bath, one in the outlet of the oil
supply and one measures oil film temperature very close to the inlet region in the ball
on disc contact.

The lubricant is supplied to the contact trough the oil dispenser in the middle of the
disc in Figs. A.1 and A.2. The oil dispenser has several small holes on the underside
which distributes the lubricant on to the disc. The supply to the oil dispenser is secured
by a hose pump delivering approximately 60 ml/min which is connected to the oil
sump.

A.3.2 Test specimens and lubricants

Two different pairs of test specimens were used in the test. The first pair, referred to as
"smooth" is made from AISI 52100 bearing steel, where the balls are taken direct from
factory and the discs are processed the same way as raceway material. These speci-
mens both have a hardness of HRC = 60 and very smooth surfaces (approximately 30
nm Sa for the ball and 55 nmSa for the disc) whereas the second pair, referred to as
"rough" is made of AISI 9310 gear steel for both ball and disc providing a rougher
grind closer to gear roughness, approximately 220 nmSa for the disc and 200 nmSa

for the ball. The 9310 disc is case carburized to a depth of about 0.8 mm and has a
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Figure A.2: Schematic sketch of the WAM ball on disc test device

Table A.1: Roughness and standard deviation values of unworn discs
Material Diameter [mm] Sa[nm] Sq[nm] StdSa StdSq

9310 95 220 282 13 17
9310 81 214 274 11 16
9310 60 221 283 7 10
52100 95 55 77 2 4
52100 81 54 76 3 6
52100 60 57 81 2 4

hardness of HRC = 63. Both discs have a circumferential grind. The roughness of
the discs was measured with a Wyko NT1100 optical profiling system from Veeco.
Measurements were done using 10x magnification and 0.5x field of view (FOV). The
measurements were made at different diameters of the discs. For each diameter, mean
values of seven measurements on different positions of the discs are presented together
with standard deviation in Table A.1.

Four different lubricants were used in the study. Two pure mineral base oils with
the same dynamic viscosity, 27.1 mPas at 40◦C, one of them with a two percent EP
additive content, and one pure mineral base oil of the same type but with a dynamic
viscosity of 94.5 mPas at 40◦C. One saturated synthetic ester with a dynamic viscosity
of 94.9 mPas at 40◦C were also tested. The lubricant data is presented in Table A.2.

A.3.3 Test procedure

The test cycle covers entrainment speeds between 0.34-9.6 m/s and slide to roll ratios
from 0.0002 to 0.49, or 0.02 to 49 % slip as used in the present paper. In all cases of
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Table A.2: Test oil data
Type SL324 SL211 SL212 SL326

Additives None None EP None
Kin. Visc @ 40◦C 103 30.8 30.7 109.3

[cSt]
Dyn. Visc @ 40◦C 94.5 27.1 27.1 94.9

[mPas]
Kin. Visc @ 100◦C 15.6 5.3 5.3 11.98

[cSt]
Dyn. Visc @ 100◦C 13.4 4.46 4.46 9.97

[mPas]
Density @ 15◦C 928 872 872 885

[kg/m3]
Viscosity Index 157 104 104 99

Type Ester Mineral Mineral Mineral

slip the ball rotates faster than the disc. SRR, or slip is defined as the speed difference
divided with the mean entrainment speed. After the test, surfaces were measured
in the Wyko to observe eventual changes in surface topography. Before each test
the device and specimens were thoroughly cleaned with heptane and ethyl alcohol,
and the test device warmed up approximately 60 minutes before starting the test with
lubricant circulation to ensure temperature stability. During the warm up sequence
the entrainment velocity is set to 2.5 m/s and there is no load applied, but the ball is
positioned very close to the disc so that lubricant is circulated over the ball to ensure
warm up. When temperature stability is reached a 200 N load, equivalent to 1.7 GPa
Hertzian pressure is applied and the machine calibrated for pure rolling. The machine
is run 20 minutes with these settings to ensure a mild run-in. The test cycle is then
started which contains several loops where the slip is held constant for each loop and
the entrainment speed is varied from 9.6 to 0.34 m/s. In the first loop the slip is held
at 0.02 % and is increased with each loop until it reaches 49 %. The test cycle is then
repeated in the same track for both ball and disc until the absolute traction coefficient
does not vary more than a maximum of 0.002 from the previous test cycle, excluding
slip below 0.16 % where the machine scatters a bit.

When this occurs, the system is considered run in, and the data from the final
test cycle is used for evaluation. The oil bulk temperature and the temperature at the
disc surface is deviating less than± 1.5◦C from the target temperatures of 40 and
90 ◦C during testing. However, the actual contact temperatures are higher than the
bulk oil temperature. In the most severe cases with high entrainment speed, SRR and
coefficient of friction, the contact temperature will increase several tens of degrees.
[63]

The logged data from each test is processed separately. All measured values from
a specific running condition is averaged, and a triangle based linear interpolation is
used between the data points. The result is either plotted as a 3D map, or as a 2D
contour map.
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Table A.3: Test cases

Track Oil Temp[◦C] Material Sa[nm]
diameter[mm] (AISI) (After test)

70 SL326 90 9310 187
74 SL211 90 9310 188
77 SL212 90 9310 186
96 SL324 90 9310 197
94 SL326 40 9310 194
80 SL212 40 9310 183
82 SL211 40 9310 191
92 SL324 40 9310 201
76 SL326 90 52100 54
74 SL211 90 52100 55
68 SL212 90 52100 55
93 SL324 90 52100 56
92 SL326 40 52100 54
90 SL211 40 52100 56
94 SL212 40 52100 52
95 SL324 40 52100 55

A.4 Results and discussion

The different test cases are shown in Table A.3, also containing surface roughness
information after completed tests. Figure A.3 shows a 3D friction map of one of the
test cycles, where friction coefficient is displayed versus entrainment speed and slip.
Here one can see the high gradient in friction coefficient when little slip is induced
from pure rolling, as well as the general decrease in friction coefficient with increased
entrainment speed. In addition to the 3D map, a contour map is usually more suitable
for comparisons. Figure A.4 shows a 2D contour map corresponding to the friction
map in figure A.3. All the results in the present work are presented in 2D contour
maps Figs. A.7(a)- A.10(d).

Figure A.5 shows a schematic 2D friction map divided into four different regimes,
with reasoning from Johnson and Tevaarwerk [34]. In the linear region "L", shear
stress is proportional to shear rate, and are in the presented maps barely visible. The
non-linear region, "NL", is dominated by shear thinning effects. In the thermal region,
"T" the shear stress decreases with increasing shear rate. Finally one region is marked
"M", where asperity contact occurs between the surfaces, which is the mixed lubrica-
tion regime. The boundaries of these regions are exclusive for each system, depending
on running conditions as well as on the material and lubricant parameters.

The location of the mixed lubrication boundary is assumed to be where the coeffi-
cient of friction is no longer decreasing with increasing slip for a certain entrainment
speed, which would imply incipient asperity interactions. However, this is a float-
ing boundary controlled by several parameters, among others the balance between
increasing asperity interactions, and the decrease in limiting shear strength and in-
creased shearability with the increase in temperature associated with increased slip,
both affecting coefficient of friction, but in opposite ways.



62 PAPER A. EHL FRICTION MAPPING

Figure A.3: 3D friction map - SL211, 40◦ C, smooth
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Figure A.4: 2D Contour map - SL211, 40◦ C, smooth. Dashed lines indicates operat-
ing conditions for a FZG type A gear at 3200 RPM
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Figure A.5: 2D map - Regimes
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Figure A.6: Power map [MW/m2]
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(a) Smooth surfaces, 40◦C
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(b) Smooth surfaces, 90◦C
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(c) Rough surfaces, 40◦C
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(d) Rough surfaces, 90◦C

Figure A.7: 2D friction maps - SL211, low viscosity oil without EP additive
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The location of the thermal boundary is assumed to be where the limiting shear
strength is reached for the lubricant, and thus entering the region where thermal effects
dominates the coefficient of friction.

For each combination of running conditions a mapping of the input power of the
system can be done by multiplying the measured friction coefficient with entrainment
speed, SRR and contact pressure. Figure A.6 shows the power input corresponding
to the case in figure A.3. It is evident that reducing coefficient of friction in the high
speed, high slip region has a bigger influence on the total frictional losses compared
to a reduction of friction coefficient in the low speed, low slip region.

The coefficient of friction is most commonly presented against SRR in a plot often
referred to as a "µ-slip curve", or against entrainment speed in a Stribeck like curve.
The friction maps presented here provide advantages compared to these more conven-
tional ways of presenting friction results. Since the friction maps contain both SRR,
entrainment speed and coefficient of friction it can replace severalµ-slip and Stribeck
curves, and it is easy to see how changes in entrainment speed and SRR influences the
friction coefficient. There is also possible to indentify the regimes discussed above
and thus understand which mechanisms that are mainy contributing to the friction in
different areas of the map. By indicating the typical running condition for a certain
application, for instance a gear mesh, or a cam follower one could approximately cal-
culate contact friction power loss for the application, and also determine where it is
most suitable to put in resources to lower the friction coefficients, and hence the power
loss. In figure A.4 the operating conditions (entrainment speed and SRR) for a FZG
type A gear at 3200 RPM is indicated as two dashed lines.

A.4.1 Surface roughness

It is evident from the test results that the surface topography has a rather big influ-
ence on friction characteristics. In all cases where oil type and temperature are kept
at the same level the test cycles performed with the smoother surfaces gives lower co-
efficients of friction. Furthermore, the mixed lubrication regime is larger when rough
surfaces are used, not surprising since the transition from full film to mixed lubrication
is reached at higher entrainment speeds. This could be examined in pairs, for instance,
Figs. A.7(a) and A.7(c) or Figs. A.7(b) and A.7(d).

In case of the smooth disc and ball pair, the observations made after the test cycles
showed only minor signs of wear on the disc surface, and a very small wear track
on the balls, suggesting a mild running in of the surfaces. This is also confirmed by
the surface roughness measurements where theSa values presented in table A.3 is
very close to the measurements made outside the tracks presented in table A.1. The
rough balls and disc on the other hand show more pronounced wear, where theSa

values, in the wear track on the disc, generally are 30-40 nm smoother compared to
the unworn disc. It is, however, difficult to draw any conclusions from the difference
in wear when using the various oil and temperature combinations. This is because the
resulting surface measurements show very similar results, within 20 nm inSa for all
wear tracks, and that the difference could as well be attributed to different amounts of
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(a) Smooth surfaces, 40◦C
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(b) Smooth surfaces, 90◦C
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(c) Rough surfaces, 40◦C

Entrainment speed [m/s]

S
lip

 [p
er

ce
nt

]

0.035

0.040.045

0.05

0.055

0.06

0.
06

5
0.

07

0.075

0.04

1 2 3 4 5 6 7 8 9

5

10

15

20

25

30

35

40

45

(d) Rough surfaces, 90◦C

Figure A.8: 2D friction maps - SL326, high viscosity oil without EP additive
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(b) Smooth surfaces, 90◦C
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(c) Rough surfaces, 40◦C
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(d) Rough surfaces, 90◦C

Figure A.9: 2D friction maps - SL212, low viscosity oil with EP additive

roll-overs, since the tracks are located on different diameters on the disc, and that tests
have not been run the same number of times for all combinations. Furthermore is the
surface roughness varying at different locations on the disc even before the tests are
performed as shown by Table A.1. However, there is an indication that tests performed
with the thicker oils, SL324 and SL326 were less worn.

A.4.2 Temperature and viscosity

With increasing temperature, pressure viscosity coefficient, limiting shear strength and
viscosity are decreasing [33,64]. As a consequence of this the lubricant, and therefore
also the friction characteristics, will have different behaviours at 40 and 90◦C. At the
lower temperature the friction coefficients will increase more with increased slip, and
also reach higher values due to a higher limiting shear strength. However, after the
peak value, the friction coefficients will decrease faster as well. This behaviour can
be seen in Figs. A.7(a) and A.7(b) or Figs. A.8(a) and A.8(b), where the friction co-
efficients increases in the thermal region, and decreases in the Linear and Non Linear
regions when the lubricant temperature is increased from 40 and 90◦C for cases with
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(b) Smooth surfaces, 90◦C
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(c) Rough surfaces, 40◦C
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Figure A.10: 2D friction maps - SL324, ester oil without EP additive
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smooth surfaces. The same behaviour is observed for the ester as seen in Figs. A.10(a)
and A.10(b).

Cases with rough surfaces follow the same trend, however showing higher friction
coefficients in average due to a transition from full film to mixed lubrication regime
at higher speeds, thus increasing the area of the mixed lubrication regime, see Figs.
A.7(c) and A.7(d) or Figs. A.8(c) and A.8(d).

An interesting comparison is between the high viscosity oil SL326 at 90◦ C Fig.
A.8(b), and the low viscosity oil SL211 at 40◦ C, Fig. A.7(a) tested with smooth sur-
faces. In this case the SL211 has three times as high viscosity compared to SL326
since they are run at different temperatures. Despite this the latter show lower coeffi-
cients of friction with the exception of a region with high speeds and high slip. This
comparison also indicates that the film formed in both cases are sufficient, and that the
lower limiting shear strength, and more easily sheared films at higher temperature is
beneficial for the friction coefficients.

Changing the lubricant viscosity from low to high with smooth surfaces show
small differences, Figs. A.7(a) and A.8(a) or Figs. A.7(b) and A.8(b), suggesting that
the film thickness in both cases are sufficient for full film lubrication in most parts of
the map. The friction coefficients are lower for the higher viscosity oil in the thermal
region, but higher in the linear and non-linear region. The former is believed to be
due to higher thermal insulation in the thicker oil film for the high viscosity oil, and
therefore locally higher temperatures in the film leadning to lower shear resistance.
However, for the test cases with rough surfaces, a change from the lower viscosity
oil, SL211 to the higher viscosity oil, SL326 shows a general decrease of the friction
coefficient and a transition from full film to mixed lubrication at lower speeds, Figs.
A.7(c) and A.8(c) or Figs. A.7(d) and A.8(d). Metal to metal contact is thus more
likely to occur with a low viscosity oil.

A.4.3 Additives

When adding EP additive to the low viscosity oil, the friction coefficient in the low
temperature tests show very little difference, Figs. A.7(a) and A.9(a), or Figs. A.7(c)
and A.9(c). At 90◦C and with the smoother surfaces, Figs. A.9(b) and A.7(b), the
SL326 EP oil shows a slightly lower friction coefficient, but with the rougher surfaces
the friction coefficient is higher compared to the pure base oil, Figs. A.7(d) and A.9(d).
Similar results were reported in [65] where higher friction coefficients were found
for rough surfaces with added EP, and lower friction coefficients with added EP with
smooth surfaces, compared to the same base oil without EP additive, for measurements
made at 90◦C. These results suggest that the EP additive becomes more reactive with
higher temperature and an increased number of asperity collisions.

A.4.4 Base oil type

The thicker of the mineral oils, SL326 has similar dynamic viscosity compared to the
ester oil, SL324 for an operating temperature of 40◦C. The ester show lower friction
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coefficients for both the smooth and rough material pairs, Figs. A.10(a) and A.8(a)
respectively Figs. A.10(c) and A.8(c). The main differences between the ester and
the mineral oil are lower limiting shear strength, pressure-viscosity coefficient and
temperature-viscosity coefficient for the ester [32]. The difference in temperature-
viscosity coefficient explains the difference in viscosity index and hence the fact that
the viscosities are similar for both oils at 40◦C but lower for the mineral oil at 90◦C.
The lower limiting shear strength in combination with the lower high pressure viscos-
ity in the thermal region is thought to be the reason for the lower friction coefficients
for the ester. When comparing the same oils at 90◦C the differences are even bigger
with lower coefficients of friction for the ester oil, Figs. A.8(b) and A.10(b) or Figs.
A.8(d) and A.10(d). An effect as discussed earlier are believed to be due to benefits of
larger film thickness for the ester oil which has an higher viscosity at 90◦C.

A.5 Conclusions

A method for evaluating and presenting contact friction behaviour in EHL tribological
systems with respect to surface roughness, temperature and oil parameters under var-
ious running conditions are presented. The method gives a good overview, a system
finger print, of the frictional behaviour in a broad operating range, and the performed
tests show the differences in friction coefficient with respect to different surface to-
pographies as well as viscosity, base oil type and temperature.

The method was applied in a study of the influence of a number of parameters.
The following conclusions can be drawn from this study:

1. Decreasing base oil viscosity increases contact friction in most operating con-
ditions, introducing a transition from full film to mixed lubrication at higher
entrainment speeds due to thinner lubricating films, and also increasing friction
coefficients in the thermal region.

2. Increasing the operating temperature lowers the friction coefficients in the Lin-
ear and Non Linear regions and the opposite for the high speed-high slip thermal
region.

3. By using smoother surfaces the transition from full film to mixed lubrication
occurs at lower entrainment speeds.

4. An ester oil with the same viscosity as the mineral oil shows lower friction
coefficients for all investigated running conditions.
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Abstract

High hardness, high elastic modulus, low friction characteristics, high wear and corro-
sion resistance, chemical inertness and thermal stability are factors that make diamond
like carbon (DLC) coatings the subject of many studies. For the same reasons they
also seem suitable for use in, amongst others, machine components and cutting tools.
While most studies in literature focus on the influence of coatings on wear and friction
in boundary lubrication and pure sliding contacts, few studies can be found concern-
ing rolling and sliding EHL friction, especially in the mixed and full film regime.
In the present paper tests are carried out in a Wedeven Associates Machine (WAM)
tribotester where an uncoated ball and disc pair is compared to the case of coated
ball against uncoated disc, coated disc against uncoated ball, and coated disc against
coated ball. The tests are conducted at two different temperatures and over a broad
range of slide to roll ratios and entrainment speeds. The results are presented as fric-
tion maps as introduced in previous work [66]. Furthermore a numerical simulation
model is developed to investigate if there is a possibility that the hard, thin DLC coat-
ing is affecting the friction coefficient in an EHL contact due to thermal effects caused
by the different thermal properties of the coating compared to the substrate. The ex-
perimental results show a reduction in friction coefficient in the full film regime when
DLC coated surfaces are used. The biggest reduction is found when both surfaces are
coated, followed by the case when either ball or disc is coated. The thermal simula-
tion model shows a substantial increase of the lubricant film temperature compared to
uncoated surfaces when both surfaces are coated with DLC. The reduction in friction
coefficient when coating either only the ball or the disc are almost the same, lower
than when coating both surfaces but still higher than the uncoated case. The findings
above indicate that it is reasonable to conclude that thermal effects are a likely cause
for the decrease in coefficient of friction when operating under full film conditions,
and in the mixed lubrication regime when DLC coated surfaces are used.
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B.1 Introduction

The elasto hydrodynamic lubrication (EHL) performance of machine components is
governed by many factors such as lubricant properties, load conditions, operating tem-
perature, speed, slide to roll ratio and surface roughness. Increasing demands on im-
proved efficiency, sustainability and longer service life have led to improvements in
lubrication technology and surface finishing techniques as well as geometrical changes
to components to improve the performance. In recent years tribological coatings have
been more frequently used to improve the performance of machine components. The
use of tribological coatings have been shown to have several benefits, such as im-
proved running in performance, higher wear resistance and reduced friction. Some
machine components like journal bearings are mainly operating in the full film regime,
while other components like rolling contact bearings, gears and cam followers are op-
erating in a range from boundary or mixed to full film EHL. It is therefore of interest
to understand the influence of coatings in all regimes. The focus in this study is on
thin, hard coatings usually deposited using physical vapor deposition (PVD) or plasma
enhanced chemical vapour deposition (PECVD) such as different varieties of diamond
like carbon (DLC). The following section contains a short review of the effect of DLC
coatings on wear and above all friction in EHL contacts.

High hardness, high elastic modulus, low friction characteristics, high wear and
corrosion resistance, chemical inertness and thermal stability are factors that make
DLC coatings the subject of many studies, and seem suitable for use in, amongst
others, machine components and cutting tools. DLC coatings show low dry friction
(friction coefficients are typically in the range of 0.1-0.2) and wear rates compared
to steel on steel in dry conditions, an effect mainly attributed to the formation of
easily sheared graphitic layers on one or both of the mating surfaces [67, 68]. It is
reported that in some cases the friction coefficient of a steel-DLC dry interface is
lower than a lubricated steel-steel interface [67]. However, most machine components
are operating under lubricated conditions, and several studies have been conducted on
the topic of DLC performance under lubricated conditions.

In general the friction in boundary lubrication is lower for a steel-DLC system
compared to a steel-steel system and especially during the running in processes a
system containing at least one DLC coated surface shows much lower initial fric-
tion coefficients, and a faster and more efficient running in [67, 69]. A system where
both surfaces are DLC coated also shows a lower initial friction value but a longer
running in period as expected since both surfaces have high hardness and therefore
need a longer time to smoothen down. Another issue that arises when both surfaces
are coated are the surface additive interactions. Most of todays lubricants with ex-
treme pressure (EP) and anti wear (AW) additives are formulated with steel contacts
in mind, and when there is no steel surface available, the additives may not work as
intended. Several studies indicate that EP and AW additives developed for steel-steel
contacts still give beneficial effects in systems where two, or preferably one surface
is coated with DLC [69, 70]. ZDDP has been widely used since 1960 and is proven
to work well together with iron surfaces where a polyphosphate film is formed that
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gives good wear resistance. Podgorniket al. has found that aWS2 tribofilm is formed
when sulfur is present in the lubricant in a sliding WC DLC coating [71]. The same
reaction was observed by Mistryet al. in tests run with WC DLC together with a lu-
bricant containing ZDDP and MoDTC whereMoS2 andWS2 tribofilms were formed
resulting in promising friction and wear performance [72]. Several other authors have
also studied the interaction between DLC coatings and the combination of ZDDP and
MoDTC [73–77]. However depending on lubricant composition, additive package and
type of DLC coating both friction and wear performance varies greatly so it is hard to
draw any general conclusions [78–81].

While most studies in literature focus on the influence of coatings on wear and
friction in boundary lubrication and pure sliding contacts, few studies can be found
concerning rolling and sliding EHL friction, especially in the mixed and full film
regime. Renodeauet al. used a rolling sliding mini traction machine (MTM) to test
discs coated with four different commercial DLC coatings against a steel ball with four
different lubricants [80]. The entrainment speed in the test device was chosen to sim-
ulate mixed lubrication. Friction and wear of the different configurations were mea-
sured and showed dissimilar results, some material/lubricant combinations showed
lower friction and wear compared to the steel-steel system whereas some combina-
tions showed higher friction and wear. Topolovec-Miklozicet al. also performed tests
in a MTM where two types of commercial DLC coatings were studied, one hydro-
genated diamond like and the other Cr-doped, non hydrogenated and graphitic. The
study focused on the effect of boundary friction with several types of additives [78].
Bobzinet al. performed tests in a twin disc tribometer with two different PVD coat-
ings, WC/C and CrAIN, compared to uncoated discs [82]. Both of the latter studies
report lower friction coefficients for the coated specimens in both boundary and mixed
lubrication. It is however not clear if the friction reduction achieved in the mixed lu-
brication regime is solely attributed to lower friction in the asperity interactions or
if there is also a beneficial effect in the hydrodynamic part of the mixed lubrication
regime.

A dissertation written by Hai Xu at Ohio State university caught the authors inter-
est [62]. Here tests were performed in a Wedeven Associates Machine (WAM) ball on
disc test device with both uncoated and DLC coated steel balls and discs. The tested
combinations were with either both ball and disc uncoated, or uncoated disc against a
coated ball or both ball and disc coated. Results from the tests showed significantly re-
duced friction coefficients even in full film lubrication with coated surfaces, especially
the case with both surfaces coated. Other than a comment that coatings should be con-
sidered in any efficiency improvement efforts there is no further discussions regarding
how a coating can reduce friction in the full film regime. Evanset al. also performed
tests in a WAM tribotester where discs with three different coatings were compared to
an uncoated disc [83]. All discs were run against an uncoated steel ball. The tested
coatings were chromium nitride (CrxN), tungsten carbide-reinforced amorphous hy-
drocarbon (WC/a-C:H) and silicon incorporated diamond like carbon (Si-DLC). At
lower entrainment speeds where the asperity interaction between the mating surfaces
are large the CrxN coating had the highest friction whereas the WC/a-C:H and espe-
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cially Si-DLC showed lower friction than the uncoated surface. At higher entrainment
speeds where full film lubrication was assumed the Si-DLC and WC/a-C:H showed
lower friction coefficients than the uncoated surface. The reason for this is hypothe-
sized to be due to boundary slip between smooth, non wetting surfaces as addressed
by Chooet al. [84]. An interfacial slip would lead to lower shear stresses and thus
lower friction in the EHL contact. In the work presented by Evanset al. low surface
energy is correlated with low friction as the Si-DLC coating that has lower surface
energy compared to WC/a-C:H showed even lower friction in the full film regime.

The authors have not found any studies in the literature focusing on the effect
of DLC coatings on the friction coefficient in the full film EHL regime, especially
addressing the effect of coating both surfaces or the combination of coating either ball
or disc. Is it reasonable that boundary slip is the reason for the reduction in friction
coefficient, or is there possibly other reasons as well?

In the present paper tests are carried out in a WAM tribotester where an uncoated
ball and disc pair is compared to the case of coated ball against uncoated disc, coated
disc against uncoated ball, and coated disc against coated ball. The tests are conducted
at two different temperatures and over a broad range of slide to roll ratios and entrain-
ment speeds. The results are presented as friction maps as introduced in previous
work [66]. Furthermore a numerical simulation model is developed to investigate if
there is a possibility that the hard thin DLC coating is affecting the friction coefficient
in an EHL contact due to thermal effects caused by the different thermal properties of
the coating compared to the substrate.

B.2 Method

The following sections cover a description of the ball on disc test rig, the test speci-
mens and lubricant, and an overview of the test procedure. Furthermore the numerical
simulation model is described together with boundary conditions and assumptions.

B.2.1 Ball on disc tribotester

The experiments were performed in a WAM 11 ball on disc test device as shown in
Figure B.1. The lubricant is supplied at the centre of the disc in an oil dispenser that
distributes the lubricant across the disc surface. Lubricant is circulated in a closed
loop from the oil bath, through a hose pump to the oil dispenser at the centre of the
disc. The hose pump is delivering approximately 140 ml/min. Three thermocouples
are used in the test setup, one located in the oil bath, one in the outlet of the oil supply
and one trailing in the oil film close to the inlet region of the ball on disc contact.
A more thorough description of the test rig and its features is presented in previous
work [66].
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Figure B.1: WAM ball on disc test device

B.2.2 Test specimens and lubricants

All tests were performed with the same lubricant, a pure mineral oil without any ad-
ditives. An oil without additives was chosen to minimize the effect of tribochemical
reactions on the friction coefficient. As explained later the tests are conducted repeat-
edly until a satisfactory repeatability is reached, and since this could take a different
amount of cycles for different test cases a lubricant containing additives could be in
different stages of tribofilm development. Properties of the test lubricant are given in
Table B.1.

All specimens used in the tests, both balls and discs are made from AISI 52100
bearing steel, where the balls are taken direct from factory and the discs are processed

Table B.1: Test lubricant properties
Additives None
Kin. Visc @ 40◦C 109.3 cSt
Dyn. Visc @ 40◦C 94.9 mPas
Kin. Visc @ 100◦C 11.98 cSt
Dyn. Visc @ 100◦C 9.97 mPas
Density @ 15◦C 885 kg/m3

Viscosity Index 99
Type Mineral
Thermal conductivity 0.3 W/mK
Heat capacity 1800 J/kgK
Pressure viscosity coefficient 19 GPa−1

Temperature viscosity coefficient 0.04 K−1

Thermal expansion coefficient 6.5e-4◦C−1 [33]
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the same way as bearing raceway material. The balls are grade 20 with a 13/16 inch
(20.637 mm) outer diameter and a hardness of about 60 HRC. The discs have a 4 inch
(101.6 mm) outer diameter, a circumferential grind and are through hardened to about
60 HRC.

The commercially available coating Tribobond 44 was used on all coated speci-
mens. Tribobond 44 is an a-C:Cr coating deposited using reactive PVD processes with
a deposition temperature of 200◦C. The thickness of the coatings are 2µm, the hard-
ness 1500HV0.005 and the friction coefficient against steel in dry sliding is 0.08. Both
balls and discs were measured for surface roughness data before and after friction
testing with a Wyko NT1100 optical profilometer system from Veeco. Measurements
were performed using 10x magnification and 1x field of view (FOV). Twenty one
measurements were made per ball, seven on the unworn surface, and seven in each
wear track after testing. The discs were measured in several positions, and for each
radius thirteen measurements were made. For each series of measurements mean val-
ues and standard deviations are calculated for the root mean square roughness,Sq and
the arithmetic average of absolute roughness,Sa.

B.2.3 Test procedure

The WAM is used to generate friction data from a relatively broad range of operating
conditions where one test cycle covers entrainment speeds between 0.34 to 9.6 m/s and
slide to roll ratios (SRR) from 0.02 to 0.49. SRR is defined as the speed difference
divided by the mean entrainment speed. All test are performed with positive sliding
only, which in this case means that the ball is rotating faster than the disc. Both ball
and disc specimens were cleaned with heptane and ethyl alcohol before starting the
experiments for each of the test cases. Before starting the experiments for each test
case the test device is warmed up to the desired operation temperature during approx-
imately 60 minutes with oil circulation over both ball and disc to ensure temperature
stability. When thermal stability is reached a 200 N load, equivalent to 1.7 GPa max-
imum Hertzian pressure is applied and the machine is calibrated for pure rolling by
adjusting spindle angle and positioning of the ball to ensure a condition of no spin-
ning. These settings are then held constant for 20 minutes to ensure a mild run-in.
Subsequently the test cycle is started that contains several loops where SRR is held
constant for each loop and the entrainment speed is ramped from 9.6 to 0.34 m/s. In
the first loop the SRR is held at 0.02 and is continously increased with each loop until
it reaches 49. The same test cycle is repeated in the same track for both ball and disc
until the absolute friction coefficient for each measured combination of entrainment
speed and SRR does not differ more than 0.001 from the previous test cycle, excluding
SRR below 0.16 % where the accuracy of the machine is slightly lower. When this
occurs, the system is considered run in, and the data from the final test cycle is used
for evaluation. The temperature of the oil bulk and fluid film at the disc surface is typ-
ically deviating less than± 1.5◦C from the target temperatures of 40 and 90◦C during
testing. The actual contact temperatures are however higher than the bulk oil temper-
ature. In the most severe cases with high entrainment speed, SRR and coefficient of



B.2. METHOD 79

friction (COF), the contact temperature will increase several tens of degrees [63].
Data from each test is processed separately, and a triangle based linear interpo-

lation is used between the data points measured for specific SRR’s and entrainment
speeds. The results are presented as 2D contour maps.

B.2.4 Simulation model

To investigate if there is a possibility that hard thin DLC coating is affecting the fric-
tion coefficient in a EHL contact due to thermal effects caused by the different thermal
properties of the coating compared to the substrate a numerical simulation model is
developed. While bulk DLC can have very high thermal conductivity it is shown
by several authors that thin DLC films can become insulating due to interfacial ef-
fects [85, 86]. A one dimensional model is developed that features a thin oil film
between two infinitely wide and flat, full film lubricated surfaces, with or without
coatings subjected to a heat source. The solution is time dependent where the temper-
ature rise in a line directed in the cross section of the film thickness passing the centre
of the contact from leading edge to trailing edge is calculated. In that way the temper-
ature distribution in a plane crossing the centre of the contact is obtained. The time
it takes for the line to move from the leading edge to the trailing edge is calculated
by dividing the Hertzian contact zone with the surface velocity of the faster moving
surface:

tc = B/Ub (B.1)

where

tc = Contact time [s]
B = Hertzian contact width [m]
Ub = Surface velocity of ball [m/s]

The dimensions of the contact zone is approximated by the Hertzian theory using
the 52100 steel values for elastic modulus and Poisson’s ratio. Since the coatings
are thin the substrate is assumed to predominate the EHL deformation in the contact.
Since the authors did not have the possibility to perform thermal measurements on
the DLC coating used in this study the thermal properties are collected from work
performed by other authors [85–88]. Properties of the DLC coating and substrate used
in the model are given in Table B.2, the oil properties in Table B.1 and a schematic
view of the model in Figure B.2. Numbers 1-6 in Figure B.2 corresponds to boundary
points, and the letters A-E are computational domains where the heat equation is being
solved. The heat equation solved in the domains A-E is expressed as:

δtscpρ
∂T
∂t

+ ∇(−κ∇T) = Q (B.2)

where

δts = Time scaling coefficient
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ρ = Density [kg/m3]
cp = Heat capacity at constant pressure [J/(kgK)]
κ = Thermal conductivity [W/(mK)]
Q = Heat source [W/m3]
T = Temperature [◦C]
t = Time [s]

The energy input of the heat source that is applied uniformly throughout the lubri-
cant film is calculated as:

Q = µPh
SUe

hcen
+ εT

∂Ph

∂t
(B.3)

where

Ph = Hertzian pressure [Pa]
µ = Coefficient of friction
S = Slide to roll ratio
Ue = Entrainment speed [m/s]
hcen = Central film thickness [m]
ε = Thermal expansion coefficient [◦C−1]

The surfaces will be in contact with the oil film under different amounts of time,
since the surface speed of the ball and disc are different due to sliding. The simulation
time is governed by the time it takes for the faster sliding ball to pass the Hertzian
contact width of the ball-on-disc contact, and a time scaling coefficient is therefore
applied on the slower moving surface of the disc, both in case of coated or uncoated.
The time scaling coefficient for the disc is given as:

δts =
Ud

Ub
(B.4)

where

Ud = surface velocity of disc [m/s]
Ub = surface velocity of ball [m/s]

For the same reason a time scaling coefficient is also applied on the lubricant film,
but instead of being constant it is a function of the position,x across the film:

δts =
Ud

Ub
+

1− Ud
Ub

hcen
x (B.5)

For all other domains the time scaling coefficient is set to 1. The steel surfaces
that are domains A and E in Figure B.2 are assigned the thickness of the disc and
the diameter of the ball, and the coatings, that are assigned domains B and D have
a fixed thickness set to 2µm. The oil film is assigned domain C and the thickness
is approximated by the Hamrock-Dowson equation for central film thickness [3] and
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Figure B.2: Schematic view of thermal model, not to scale

Table B.2: Model properties
DLC AISI 52100

Density [kg/m3] 2500 7810
Thermal conductivity [W/mK] 2 46.6
Heat capacity [J/kgK] 1000 475
Elastic modulus [GPa] 210
Poisson’s ratio 0.3

a thermal correction model developed by Hsu and Lee [9] is usedto compensate for
thermal thinning of the lubricant film. The outer boundaries of the steel surfaces,
points 1 and 6, are assigned the bulk oil temperature, and the interior boundaries 2-5
are assigned a continuity condition.

Therefore the boundary conditions can be described as:

Boundary 1 and 6: T=T0
Internal boundariesi=2-5: ki∇Ti |− = ki∇Ti |+ andTi |− = Ti |+

where T0 is the initial temperature. All subdomains are assigned the bulk oil
temperature as an initial value (T0):

For A-E: T(t0)=T0

All solutions are checked for convergence with respect to both mesh size and time
step length.

B.3 Results and discussion

Eight different combinations were evaluated as presented in Table B.3. Depending on
surface roughness, coatings and operating temperature a different amount of test cy-
cles were required to meet the criterion of running in, as listed in Table B.3. Table B.3
also contains information about the combined roughness,Sc of each test combination
measured after the test has been completed. Table B.4 contains information from the
surface roughness measurements made on the ball and disc specimens before and after
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Table B.3: Test combinations
Case Ball surface Disc surface Temperature Test cyclesSc [nm]
1 Uncoated Uncoated 40◦C 4 155
2 Uncoated Uncoated 90◦C 11 157
3 Uncoated Coated 40◦C 4 355
4 Uncoated Coated 90◦C 11 293
5 Coated Uncoated 40◦C 4 170
6 Coated Uncoated 90◦C 11 162
7 Coated Coated 40◦C 4 315
8 Coated Coated 90◦C 11 259
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Figure B.3: Uncoated disc against uncoated ball at 40◦C

testing. The measurements show that the uncoated balls wear more than the coated
ones regardless of if the counter surface is coated or not.

Case one and two where an uncoated ball is run against an uncoated disc at 40 and
90 ◦C are considered as reference cases, and are shown in Figs. B.3 and B.4. The
results are presented as 2D friction maps whose advantages and features are described
in detail elsewhere [66] where the friction coefficient is plotted against SRR and en-
trainment speed. Similar 2D maps are obtained for case 3-8, but are not shown here.
Instead the absolute coefficients of friction from case 3, 5 and 7 that are conducted
with a lubricant bulk temperature of 40◦C are subtracted from case 1 and displayed
as difference maps in Figs. B.5-B.7. In these figures a positive number indicates that
the presented case had a lower coefficient of friction (COF) compared to the reference
case, and vice versa for negative numbers. The results from case 4, 6 and 8 that are
conducted with a bulk temperature of 90◦C are in the same way subtracted from case
2 and shown in Figs. B.8-B.10.

As seen in Figs. B.5-B.7 the friction coefficients at higher entrainment speeds
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Table B.4: Surface roughness measurements for ball and disc specimens
Ball Counter Temp Sa Sq Std Sa StdSq

surface [◦C] [nm] [nm] [nm] [nm]
Coated* - - 25 41 3 8
Coated Uncoated 40 33 54 2 6
Coated Uncoated 90 31 54 1 5
Coated* - - 31 53 4 11
Coated Coated 40 41 72 4 9
Coated Coated 90 29 51 2 13
Uncoated* - - 35 53 4 8
Uncoated Uncoated 40 47 78 4 13
Uncoated Uncoated 90 70 124 5 6
Uncoated * - - 32 47 2 6
Uncoated Coated 40 88 133 10 12
Uncoated Coated 90 64 90 8 13
Disc Counter Temp Sa Sq Std Sa StdSq

surface [◦C] [nm] [nm] [nm] [nm]
Coated* - - 215 270 22 25
Coated Coated 40 244 303 32 39
Coated Coated 90 203 254 31 36
Coated Uncoated 40 267 329 16 18
Coated Uncoated 90 224 279 39 46
Uncoated * - - 110 144 7 9
Uncoated Coated 40 246 309 19 27
Uncoated Coated 90 206 260 17 20
Uncoated Uncoated 40 201 134 4 5
Uncoated Uncoated 90 108 140 5 6
*Unworn surface
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Figure B.4: Uncoated disc against uncoated ball at 90◦C
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when full film lubrication is assumed to occur are generally lower when one or both
surfaces are coated with DLC, which is consistent with earlier findings [62, 83]. The
biggest decrease in friction coefficient is achieved when both surfaces are coated, as
also reported elsewhere [62], followed by coating only the disc, and then the smallest
reduction by only coating the ball. However, at lower speeds where mixed lubrication
is assumed to occur the friction coefficients are higher for all coated cases. The reason
for this is probably due to the rougher surface of the DLC coated disc that promotes a
transition to mixed lubrication from full film lubrication at higher entrainment speeds.

The same trend can be seen in Figs B.8-B.10 where the increased oil bulk temper-
ature from 40 to 90◦C leads to a thinner lubricant film and thus promotes a transition
to mixed lubrication at even higher entrainment speeds compared to the lower tem-
perature, especially in the cases when the rougher DLC coated discs are used. With
increasing entrainment speed and especially SRR the combinations with one or two
surfaces coated with DLC will show COF lower than the reference case. This is mainly
believed to be due to lower hydrodynamic friction, as seen in the low temperature case,
but possibly also due to a lower COF in the asperity interactions compared to steel
against steel. The difference between figures B.8 and B.10 is therefore most likely
to be explained by the reduction in hydrodynamic friction by coating both surfaces
rather than one, and also the slightly lower combined roughness in the DLC-DLC
combination. In Figure B.9 where only the ball is DLC coated there seem to be no
substantial differences compared to the reference case, indicating that the friction co-
efficient between steel-steel asperities and steel-DLC asperities in this case is roughly
the same.

It is evident that the DLC coating in some way promotes lower friction coeffi-
cients compared to the uncoated references cases, in these tests most noticeably in
the full film regime. Chooet al. [84] have discussed that smooth surfaces are one of
the key factors for the boundary slip theory. They tested coated surfaces with RMS
roughness of 0.75 and 9.5 nm and found negligible difference in friction between the
rough coated surface and an uncoated surface with roughness of the same magnitude,
while the smoother surface showed a significant reduction in friction compared to its
uncoated counterpart. Considering that the coated surfaces used in this study are one
or two orders of magnitude larger than the rough surfaces used by Chooet al. it is
likely that boundary slip is not the dominant reason, or possibly not part at all in the
decrease in friction coefficient found with the coated surfaces in this study.

Part of the explanation may be found from the thermal simulation model. Figure
B.11 shows a graph of the maximum value of the mean cross film temperature increase
in the lubricant as the computational domain passes the contact zone. Values are pre-
sented for four different combinations of entrainment speeds and SRR. The simulation
has been run for both the reference case with uncoated surfaces, but also with the other
cases with one or both surfaces coated. All simulations has been performed with an
initial temperature of 40◦C since the experiments conducted at 90◦C indicates mixed
lubrication in large parts of the tested operating range.

There is a significant increase in temperature for all cases where one or both sur-
faces are coated with DLC. The highest temperature increase is found for the case
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Figure B.5: Difference in friction coefficients between case1 and 3, uncoated refer-
ences compared to uncoated ball and DLC coated disc @ 40◦C
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Figure B.6: Difference in friction coefficients between case1 and 5, uncoated refer-
ences compared to DLC coated ball and uncoated disc @ 40◦C
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Figure B.7: Difference in friction coefficients between case1 and 7, uncoated refer-
ences compared to DLC coated ball and DLC coated disc @ 40◦C
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Figure B.8: Difference in friction coefficients between case2 and 4, uncoated refer-
ences compared to uncoated ball and DLC coated disc @ 90◦C
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Figure B.9: Difference in friction coefficients between case2 and 6, uncoated refer-
ences compared to DLC coated ball and uncoated disc @ 90◦C
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Figure B.10: Difference in friction coefficients between case 2 and 8, uncoated refer-
ences compared to DLC coated ball and DLC coated disc @ 90◦C



88 PAPER B. THE INFLUENCE OF DLC COATING ON EHL

O
il

fil
m

te
m

pe
ra

tu
re

in
cr

ea
se

[
◦ C

]

DLC disc - DLC ball
DLC disc - Steel ball
Steel disc - DLC ball
Steel disc - Steel ball

Ue:7.68,S:0.49Ue:7.68,S:0.04Ue:2.01,S:0.49Ue:2.01,S:0.04
0

20

40

60

80

100

120

140

160

180

Figure B.11: Temperature increase in lubricant

when both surfaces are coated with DLC followed by the case where the ball is coated
with DLC and the disc is uncoated. These findings are in line with the experimental
results that showed the biggest decrease in COF for the cases where both surfaces
were coated with DLC, and only a negligible difference between coating the ball, or
the disc, but still a substantial difference compared to having both ball and disc un-
coated. An increased temperature in the contact leads to lower shear resistance and
lower limiting shear strength and it is therefore likely that it will result in lower friction
coefficients. An increased temperature in the contact will only have a small effect on
film thickness since the lubricant film build-up is mainly governed by the viscosity in
the inlet region of the contact, which is not subjected to the same temperature increase
as the lubricant inside the contact. It is reasonable to believe that thermal effects are
most likely to be one of the reasons for the decrease in coefficient of friction seen
in the experiments. Especially at higher SRR the temperature increase is substantial.
However, at lower SRR the increase in temperature is not as distinct, and even though
the experiments show less decrease in COF at lower SRR it is possible that there are
other effects as well that are part of the reduction in COF. One possibility is the fact
that the thermal model does not take global effects into account, and there could also
be other factors.

B.4 Conclusions

The experiments conducted in the ball on disc apparatus with both coated and un-
coated specimens show that:

• There is a reduction in coefficient of friction in the full film regime when a DLC
coating is applied to at least one of the surfaces.
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• The biggest reduction in coefficient of friction is found when both ball and disc
are coated.

• There is only a very small difference in coefficient of friction comparing coating
only the ball, or only the disc.

• The decrease in coefficient of friction is generally increasing with entrainment
speed, and especially SRR.

The thermal simulation model shows that:

• The increase of the lubricant film temperature is largest compared to uncoated
surfaces when both surfaces are coated with DLC. The reduction in friction
coefficient when coating only the ball, or only the disc are almost the same,
lower than coating both surfaces but still higher than the uncoated case.

• The increase of mean lubricant film temperature is larger for higher entrainment
speeds, and above all for higher SRR.

The findings above indicate that it is reasonable to conclude that thermal effects
are a likely cause for the decrease in coefficient of friction in the full film, and mixed
lubrication regime when DLC coated surfaces are used.

Acknowledgement

The authors gratefully acknowledge industrial partners Volvo Construction Equip-
ment, Scania and Vicura AB for support, Ion Bond for providing the coatings, Sta-
toil lubricants for providing the test lubricant, and Swedish Foundation for Strategic
Research (ProViking) for financial support.





Bibliography

[1] B. Tower, “Second report on friction experiments (experiments on the oil pres-
sure in a bearing),”Proc. Inst. Mech. Eng., pp. 58–70, 1885.

[2] O. Reynolds, “On the theory of lubrication and its aplication to mr beuchamp
tower’s experiments, including an experimental determination of the viscosity of
olive oil,” Philosophical Transactions of the Royal Society, vol. 177, pp. 157–
234, 1886.

[3] B. Hamrock, S. Schmid, and B. Jacobson,Fundamentals of fluid film lubrication
- SE. Marcel Dekker, Inc, 2004.

[4] K. Johnson, “Regimes of elastohydrodynamic lubrication,”Journal of Mechani-
cal Engineering Science, vol. 12(1), pp. 9–16, 1970.

[5] S. Bair, High Pressure Rheology for Quantitative Elastohydrodynamics. Else-
vier, first edition ed., 2007.

[6] B. Hamrock,Fundamentals of fluid film lubrication. McGraw-Hill, 1994.

[7] S. Bair and W. Winer, “Regimes of traction in concentrated contact lubrication,”
TRANS. ASME J. LUBR. TECHNOLOGY, vol. 104(3), pp. 382–391, 1982.

[8] P. K. Gupta, H. S. Cheng, D. Zhu, N. H. Forster, and J. B. Schrand, “Viscoelastic
effects in MIL-L-7808-type lubricant. part 1: analytical formulation,”Tribology
transactions, vol. 35(2), pp. 269–274, 1992.

[9] C.-H. Hsu and R.-T. Lee, “An efficient algorithm for thermal elastohydro-
dynamic lubrication under rolling/sliding line contacts,”Journal of tribology,
vol. 116(4), pp. 762–769, 1994.

[10] R. Ohlsson, A. Wihlborg, and H. Westberg, “The accuracy of fast 3D topogra-
phy measurements,”International Journal of Machine Tools and Manufacture,
vol. 41(13-14), pp. 1899–1907, 2001.

[11] P. Cann, E. Ioannides, B. Jacobson, and A. Lubrecht, “The lambda ratio - a
critical re-examination,”Wear, vol. 175(1-2), pp. 177–188, 1994.

91



92 BIBLIOGRAPHY

[12] J. Greenwood and G. Morales-Espejel, “The behaviour of transverse roughness
in EHL contacts,”Proceedings - IMechE: Part J, Journal of Engineering Tribol-
ogy, vol. 208(2), pp. 121–132, 1994.

[13] C. Venner and A. Lubrecht, “Numerical simulation of a transverse ridge in a
circular EHL contact under rolling/sliding,”Journal of Tribology, vol. 116(4),
pp. 751–761, 1994.

[14] C. Venner and A. Lubrecht, “Numerical analysis of the influence of waviness on
the film thickness of a circular EHL contact,”Journal of Tribology, vol. 118(1),
pp. 153–161, 1996.

[15] A. A. Lubrecht and C. H. Venner, “Elastohydrodynamic lubrication of rough
surfaces,”Journal of Engineering Tribology, vol. 213, pp. 397–403, 1999.

[16] R. Stribeck, “Characteristics of plain and roller bearings,”Zeitschrift des Vere-
ines deutscher Ingenieure, vol. 46(37), pp. 1341–1348, 1432–1438, 1463–1470,
1902.

[17] C. Roelands,Correlational aspects of the viscosity-temperature-pressure rela-
tionships of lubricating oils. Groningen: Druk. V.R.B., 1966.

[18] C. Barus, “Isothermals, isopiestics, and isometrics relative to viscosity,”Am. J.
Sci., vol. 266, pp. 87–96, 1893.

[19] S. Bair, M. Khonsari, and W. Winer, “High-pressure rheology of lubricants
and limitations of the reynolds equation,”Tribology International, vol. 31(10),
pp. 573–586, 1998.

[20] W. Jones, R. Johnson, W. Winer, and D. Sandborn, “Pressure-viscosity measure-
ments for several lubricants to 5.5 x 108 newtons per square meter (8x 104 psi)
and 149 degrees◦c (300◦f),” ASLE Trans, vol. 18 (4), pp. 249–262, 1975.

[21] H. Blok, “Inverse problems in hydrodynamic lubrication and design directives
for lubricated flexible surfaces,” inProceedings of the International Symposium
on Lubrication and wear(D. Muster and B. Sternlicht, eds.), pp. 1–151, 1965.

[22] S. Bair, “A note on the use of roelands equation to describe viscosity for ehd
hertzian zone calculations,”Journal of Tribology, vol. 115(2), pp. 333–334,
1993.

[23] C. Cioc, S. Cioc, L. Moraru, A. Kahraman, and T. K. Jr., “A deterministic elas-
tohydrodynamic lubrication model of high speed rotorcraft transmission compo-
nents,”Tribology transactions, vol. 45(4), pp. 556–562, 2002.

[24] C. Allen, D. Townsend, and E. Zaretsky, “New generalized rheological model
for lubrication of a ball spinning in a nonconforming groove,” 1973.



BIBLIOGRAPHY 93

[25] C. Herbst, R. Cook, and H. K. Jr, “High-pressure viscosity of glycerol measured
by centrifugal-force viscometry,”Nature, vol. 361(6412), pp. 518–520, 1993.

[26] R. Cook, C. Herbst, and H. K. Jr, “High-pressure viscosity of glass forming liq-
uids measured by the centrifugal force diamond anvil cell viscometer,”Journal
of Physical Chemistry, vol. 97(10), pp. 2355–2361, 1993.

[27] D. Hogenboom, W. Webb, and J. Dixon, “Viscosity of several liquid hydrocar-
bons as a function of temperature, pressure, and free volume,”The Journal of
Chemical Physics, vol. 46(7), pp. 2586–2598, 1967.

[28] S. Bair, Y. Liu, and Q. Wang, “The pressure-viscosity coefficient for newtonian
EHL film thickness with general piezoviscous response,”Journal of Tribology,
vol. 128(3), pp. 624–631, 2006.

[29] S. Bair and R. Casalini, “A scaling parameter and function for the accurate cor-
relation of viscosity with temperature and pressure across eight orders of magni-
tude of viscosity,”Journal of Tribology, vol. 130(4), p. no. 041802, 2008.

[30] S. Bair, “Rheology and high-pressure models for quantitative elastohydrodynam-
ics,” Proc. IMechE Vol. 223 Part J: J. Engineering Tribology, vol. 223, pp. 617–
628, 2009.

[31] S. Gunsel, S. Korcek, M. Smeeth, and H. Spikes, “The elastohydrodynamic fric-
tion and film forming properties of lubricant base oils,”Tribology Transactions,
vol. 42(3), pp. 559–569, 1999.

[32] E. Höglund, “Influence of lubricant properties on elastohydrodynamic lubrica-
tion,” Wear, vol. 232(2), pp. 176–184, 1999.

[33] R. Larsson, P. Larsson, E. Eriksson, M. Sjoberg, and E. Hoglund, “Lubricant
properties for input to hydrodynamic and elastohydrodynamic lubrication analy-
ses,”Proceedings of the Institution of Mechanical Engineers, Part J: Journal of
Engineering Tribology, vol. 214(1), pp. 17–27, 2000.

[34] K. Johnson and J. Tevaarkwerk, “Shear behaviour of elastohydrodynamic oil
films,” Proceedings of the Royal Society of London. Series A, Mathematical and
Physical Sciences., vol. A356, pp. 215–236, 1977.

[35] H. Eyring, “Viscosity, plasticity, and diffusion as examples of absolute reaction
rates,”The Journal of Chemical Physics, vol. 4(4), pp. 283–291, 1936.

[36] S. Bair and W. Winer, “Shear strength measurements of lubricants at high pres-
sure,”Journal of lubrication technology, vol. 101(3), pp. 251–257, 1979.

[37] R.-T. Lee and B. Hamrock, “A circular non-newtonian fluid model. part i. used in
elastohydrodynamic lubrication,”Journal of tribology, vol. 112(3), pp. 486–496,
1990.



94 BIBLIOGRAPHY

[38] H. S. Hsiao and B. J. Hamrock, “A complete solution for thermal elastohydro-
dynamic lubrication of line contacts using circular non-newtonian fluid model,”
Journal of tribology, vol. 114(3), pp. 540–551, 1992.

[39] P. C. Sui and F. Sadeghi, “Non-newtonian thermal elastohydrodynamic lubrica-
tion,” Journal of tribology, vol. 113(2), pp. 390–397, 1991.

[40] W. Hirst and J. Richmond, “Traction in elastohydrodynamic contacts,”Proceed-
ings of the Institution of Mechanical Engineers. Part C. Mechanical engineering
science, vol. 202, pp. 129–144, 1988.

[41] C. Evans and K. Johnson, “Regimes of traction in elastohydrodynamic lubrica-
tion,” Proceedings of the Institution of Mechanical Engineers. Part C. Mechani-
cal engineering science, vol. 200, pp. 313–324, 1986.

[42] A. Moore, “The behaviour of lubricants in elastohydrodynamic contacts,”Pro-
ceedings of the Institution of Mechanical Engineers, Part J: Journal of Engineer-
ing Tribology, vol. 211(2), pp. 91–106, 1997.

[43] B. Jacod,Friction in elastohydrodynamic lubrication. PhD thesis, University of
Twente, 2002.

[44] P. Kumar and M. Khonsari, “On the role of lubricant rheology and piezo-viscous
properties in line and point contact EHL,”Tribology international, vol. 42(11-
12), pp. 1522–1530, 2009.

[45] P. Heingartner and D. Mba, “Determining power losses in the helical gear mesh,”
Gear Technology, vol. 22(5), pp. 32–37, 2005.

[46] C. Changenet, “Power loss predictions in geared transmissions using thermal
networks-applications to a six-speed manual gearbox,”Journal of Mechanical
Design, Transactions of the ASME, vol. 128, pp. 618–625, 2006.

[47] T. Petry-Johnson, A. Kahraman, N. Anderson, and D. Chase, “An experimental
investigation of spur gear efficiency,”Journal of Mechanical Design, vol. 130,
pp. 62601–1 – 62601–10, 2008.

[48] D. Dowson and G. Higginson,Elastohydrodynamic Lubrication, the Fundamen-
tals of Roller and Gear Lubrication. Oxford: Pergamon, 1966.

[49] A. Gu, “Elastohydrodynamic lubrication of involute gears,”Journal of engineer-
ing for industry, vol. 95(4), pp. 1164–1170, 1973.

[50] S. Akbarzadeh and M. Khonsari, “Performance of spur gears considering sur-
face roughness and shear thinning lubricant,”Journal of Tribology, vol. 130,
pp. 021503.1–021503.8, 2008.

[51] K. Johnson, J. Greenwood, and S. Poon, “A simple theory of asperity contact in
elastohydro-dynamic lubrication,”Wear, vol. 19(1), pp. 91–108, 1972.



BIBLIOGRAPHY 95

[52] J. Greenwood and J. Tripp, “The contact of two nominally flat rough surfaces,”
Proc Inst Mech Eng, vol. 185, pp. 625–633, 1971.

[53] S. Akbarzadeh and M. M. Khonsari, “Thermoelastohydrodynamic analysis of
spur gears with consideration of surface roughness,”Tribol lett, vol. 32, pp. 129–
141, 2008.

[54] J. Castro and J. Seabra, “Coefficient of friction in mixed film lubrication: gears
versus twin-discs,”Proceedings of the Institution of Mechanical Engineers, Part
J: Journal of Engineering Tribology, vol. 221(3), pp. 399–411, 2007.

[55] B.-R. Höhn, K. Michaelis, and A. Doleschel, “Frictional behaviour of synthetic
gear lubricants,”Tribology Series, vol. 39, pp. 759–768, 2001.

[56] R. Martins, J. Seabra, A. Brito, C. Seyfert, R. Luther, and A. Igartua, “Friction
coefficient in FZG gears lubricated with industrial gear oils: Biodegradable ester
vs. mineral oil,”Tribology International, vol. 39(6), pp. 512–521, 2006.

[57] R. Martins, N. Cardoso, H. Bock, A. Igartua, and J. Seabra, “Power loss perfor-
mance of high pressure nitrided steel gears,”Tribology International, vol. 42(11-
12), pp. 1807–1815, 2009.

[58] R. Amaro, R. Martins, J. Seabra, S. Yang, D. Teer, and N. Renevier, “Car-
bon/chromium low friction surface coating for gears application,”Industrial Lu-
brication and Tribology, vol. 57(6), pp. 233–242, 2005.

[59] J. Kleemola and A. Lehtovaara, “Experimental evaluation of friction between
contacting discs for the simulation of gear contact,”Tribo test, vol. 13(1), pp. 13–
20, 2007.

[60] J. Kleemola and A. Lehtovaara, “Experimental simulation of gear contact along
the line of action,”Tribology International, vol. 42(10), pp. 1453–1459, 2009.

[61] J. Lord and R. Larsson, “Film-forming capability in rough surface EHL investi-
gated using contact resistance,”Tribology International, vol. 41(9-10), pp. 831–
838, 2008.

[62] H. Xu, Development of a generalized mechanical efficiency prediction method-
ology for gear pairs. PhD thesis, Graduate School of The Ohio State University,
2005.

[63] W. Habchi, D. Eyheramendy, S. Bair, P. Vergne, and G. Morales-Espejel,
“Thermal elastohydrodynamic lubrication of point contacts using a newto-
nian/generalized newtonian lubricant,”Tribology letters, vol. 30(1), pp. 41–52,
2008.

[64] V. Wikstrom and E. Hoglund, “Investigation of parameters affecting the limit-
ing shear stress-pressure coefficient: a new model incorporating temperature,”
Journal of Tribology, vol. 116(3), pp. 612–620, 1994.



96 BIBLIOGRAPHY

[65] C. Chou and J. Lin, “A new approach to the effect of EP additive and surface
roughness on the pitting fatigue of a line contact system,”Journal of Tribology,
vol. 124(2), pp. 245–258, 2002.

[66] M. Björling, R. Larsson, P. Marklund, and E. Kassfeldt, “Elastohydrodynamic
lubrication friction mapping - the influence of lubricant, roughness, speed, and
slide-to-roll ratio,”Proceedings of the Institution of Mechanical Engineers, Part
J: Journal of Engineering Tribology, vol. 225(7), pp. 671–681, 2011.

[67] H. Ronkainen, D. Varjus, and K. Holmberg, “Friction and wear properties in dry,
water- and oil-lubricated DLC against alumina and DLC against steel contacts,”
Wear, vol. 222(2), pp. 120–128, 1998.

[68] Z. Zhou, K. Li, I. Bello, C. Lee, and S. Lee, “Study of tribological performance
of ECR-CVD diamond-like carbon coatings on steel substrates part 2. the anal-
ysis of wear mechanism,”Wear, vol. 258(10), pp. 1589–1599, 2005.

[69] B. Podgornik, S. Jacobson, and S. Hogmark, “DLC coating of boundary lubri-
cated components - advantages of coating one of the contact surfaces rather than
both or none,”Tribology International, vol. 36(11), pp. 843–849, 2003.

[70] B. Podgornik, S. Jacobson, and S. Hogmark, “Influence of EP additive concen-
tration on the tribological behaviour of DLC-coated steel surfaces,”Surface and
Coatings Technology, vol. 191(2-3), pp. 357–366, 2005.
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