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Abstract 
 
Rolling element bearings contain seals to keep lubricant inside and 
contamination outside the bearing system. These bearings are more often 
lubricated with grease rather than oil. Much knowledge is available on oil 
lubricated seals but a good understanding of grease lubricated seals is lacking. 
In this thesis, first the lubrication, pumping and sealing mechanisms of oil and 
grease lubricated radial lip seals have been discussed. The first paper reviews 
the public literature. This review has shown that very little is known on grease 
lubrication in radial lip seals. The primary lubrication, sealing and pumping 
mechanisms found for oil lubricated seals are micro-elastohydrodynamic 
lubrication between the seal and shaft roughness and tangential deformations of 
the seal surface for a pumping action. These mechanisms are important but it is 
felt that other effects have to be included for explaining differences seen in 
grease lubricated radial lip seals.  
One effect in grease lubrication is the normal stress effect which is described in 
the second paper. It is shown that the grease rheology and especially the normal 
stress effect play a significant role in film formation in grease lubricated seals. 
The model predicts that 50 to 60% of the load carrying capacity can be 
generated by the normal stress effect for a low contact pressure bearing seal 
depending on the operating conditions.  
The oil bleed model presented in the third paper describes the release of oil 
from the grease. This model is based on viscous flow through the porous soap 
microstructure and the driving force is the pressure gradient resulting from 
centripetal forces. It is shown that the soap fibre distribution has to become 
anisotropic during oil bleed and the model has been validated with experiments 
at different temperatures and rotating speeds. The model can be used with good 
confidence for longer periods of time and can be used as input for 
replenishment models. 
 



 4



 5

 
 
 
 

Appended papers 
 
Paper A: Baart, P., Lugt, P.M. and Prakash, B. ‘Review of the lubrication, 
sealing and pumping mechanisms in oil and grease lubricated radial lip seals,’ 
Proc. Inst. Mech. Engrs., part J: J. Engineering Tribology, 2009, 223, 3, 347-
358 
 
Paper B: Baart, P., Lugt, P.M. and Prakash, B. ‘Non-Newtonian effects on 
film formation in grease lubricated radial lip seals,’ submitted for publication 
 
Paper C: Baart, P., Van der Vorst, B., Lugt, P.M. and Van Ostayen, R.A.J., 
‘Oil bleeding model for lubricating grease based on viscous flow through a 
porous microstructure,’ submitted for publication 
 
 



 6



 7

Contents 
 

PREFACE ...............................................................................................................................................1 

ABSTRACT ............................................................................................................................................3 

APPENDED PAPERS............................................................................................................................5 

CONTENTS ............................................................................................................................................7 

CHAPTER 1 ...........................................................................................................................................9 

1.1 INTRODUCTION..........................................................................................................................9 
1.2 RADIAL LIP SEALS ...................................................................................................................10 
1.3 GREASE LUBRICATION.............................................................................................................11 
1.4 OBJECTIVES.............................................................................................................................13 

CHAPTER 2 .........................................................................................................................................15 

2.1 SUMMARY OF PAPER A ............................................................................................................15 
2.2 SUMMARY OF PAPER B ............................................................................................................15 
2.3 SUMMARY OF PAPER C ............................................................................................................16 

CHAPTER 3 .........................................................................................................................................19 

3.1 CONCLUSIONS .........................................................................................................................19 
3.2 FUTURE WORK.........................................................................................................................19 

BIBLIOGRAPHY.................................................................................................................................21

 

PAPER A...............................................................................................................................................23 

A.1 INTRODUCTION........................................................................................................................26 
A.2 EXPERIMENTAL RESEARCH AND OBSERVATIONS .....................................................................27 
A.3 MICROSCOPIC LUBRICATION, SEALING AND PUMPING .............................................................29 
A.4 MACROSCOPIC MECHANISMS TO IMPROVE PUMPING ...............................................................37 
A.5 GREASE LUBRICATED SEALS....................................................................................................40 
A.6 CONCLUDING REMARKS ..........................................................................................................42 
ACKNOWLEDGEMENTS.......................................................................................................................45 
REFERENCES ......................................................................................................................................45 

PAPER B ...............................................................................................................................................49 

B.1 INTRODUCTION........................................................................................................................52 
B.2 THEORY...................................................................................................................................54 
B.3 METHODS AND MODELLING.....................................................................................................59 
B.4 RESULTS AND DISCUSSION.......................................................................................................64 
B.5 CONCLUSION ...........................................................................................................................75 
ACKNOWLEDGEMENTS.......................................................................................................................76 
REFERENCES ......................................................................................................................................76 

PAPER C...............................................................................................................................................79 

C.1 INTRODUCTION........................................................................................................................82 
C.2 THEORY...................................................................................................................................84 
C.3 METHODS AND MODELLING.....................................................................................................87 
C.4 RESULTS AND DISCUSSION.......................................................................................................96 
C.5 CONCLUSION .........................................................................................................................102 
ACKNOWLEDGEMENTS.....................................................................................................................102 
REFERENCES ....................................................................................................................................102 

 



 8



 9

 
 
 
 

Chapter 1  
 
1.1 Introduction 
 
Automotive vehicles, industrial equipment and many consumer products 
contain rotating or moving parts. These parts can be in contact transferring a 
mechanical load and be in rolling or sliding motion. The interaction between 
the surfaces of these parts is the science of tribology, which studies the relation 
between friction, wear and lubrication.  
 
Nowadays, there is a large focus on reducing energy consumption to reduce the 
emission of CO2 gasses and prevent global warming. Here tribology is the key 
element when designing new systems having lower friction to reduce the 
energy dissipation. At the same time, good system performance and reliability 
have to be maintained. This brings new challenges for engineers. 
 
One tribological component used in many everyday machines are rolling 
element bearings which enable rotational movement between two parts with 
low friction and the ability to carry a high mechanical load. Figure 1 shows a 
Cylindrical Rolling Bearing (CRB) containing cylindrical shape rolling 
elements. To make these bearings perform reliably, effective lubrication is 
required to prevent the direct contact of the rolling element and the ring 
surfaces. The lubricating medium can be oil or grease. Today 80-90% of all 
rolling element bearings are grease lubricated and this number is expected to 
increase in the future. 
 
 

 

 

 
Figure 1 Rolling element bearing CRB: 
1- outer ring, 2- inner ring, 3- rolling 
element and 4- cage supporting the 
rolling elements. 

 Figure 2 Radial lip seal: 1- seal contact 
with rotating shaft, 2- outer static seal, 
3- metal reinforcement and 4- garter 
spring for constant lip force. 
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The final key element in the system is the seal which is an elastomer ring 
preventing lubricant leakage into the environment and preventing 
contamination from entering and damaging the bearing. Figure 2 shows a 
typical radial lip seal which is used in many types of machines and automotive 
vehicles. 
 
Radial lip seals are successfully used since the 1940’s to seal lubricated 
systems. Despite extensive experimental and theoretical research, it is still not 
fully clear as to how these seals function. Especially concerning grease 
lubrication, very little is known. In the work presented in this thesis the focus is 
on these grease lubricated (bearing) seals and the interaction between grease as 
a lubricant and the sealing contact. Section 1.2 will further introduce the radial 
lip seal system and section 1.3 will introduce grease lubrication. Chapter two 
will be an introduction to the papers which discuss the technical problems on 
grease lubrication in radial lip seals. 
 

 

1.2 Radial lip seals 
 
On the first sight, a radial lip seal looks like a very simple machine component. 
It consists of a lip which contacts the rotating shaft surface and is supported by 
a metal reinforcement. A garter spring may be used to apply a constant lip 
force. Oil seals are designed with asymmetric lip angles as shown in Figure 3. 
The angle between the shaft and lip on the air side is smaller than that on the 
lubricant side to prevent lubricant from leaking out of the system. In ‘grease 
seals’ the difference in angles is less pronounced and often reversed to provide 
better sealing against contamination from the environment. Leakage is less a 
concern here since the properties of the grease prevent it from excessive 
lubricant loss. The main purpose of the grease seal is thus to keep the 
contaminants out. 
 

 
 Figure 3 Radial lip seal running on shaft with lip angle α < β for sealing oil 

 
Between the soft elastomer seal lip and the hard metal shaft there is pure 
sliding motion. When looking in more depth into this sliding contact it is 
surprising that there is hardly any wear of the elastomer and frictional torque is 
low. This can only be explained by a thin lubricant film which is being sheared. 
The presence of this lubricant film was first reported in 1957 by Jagger [1]. He 
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has shown that the frictional torque of a seal is much lower in lubricated than in 
dry condition. Even when increasing the load the lubricant film remains at the 
interface. From 1957 onwards the focus has mainly been on the mechanisms of 
lubrication and the sealing action (no leakage). Many hypotheses have been 
published during the years on how these seals work. Hirano and Ischiwata [2] 
suggested in 1965 that the film formation is a result of micro-hydrodynamic 
lubrication between the rough shaft surface and a smooth seal. One year later in 
1966, Jagger and Walker [3] claimed that the seal surface is rough rather than 
the shaft surface. Nowadays it is believed that both the seal and shaft roughness 
are important. Numerical models support this hypothesis, Gabelli and Poll [4], 
Shen and Salant [5], Hajjam and Bonneau [6]. Horve [7] has shown that a high 
seal roughness and a shaft roughness of 0.25-0.5  Ra  are critical for long seal 
life and good sealing performance. Sealing performance is also referred to as 
the pumping action of the seal and has been studied extensively. Several 
hypotheses try to explain why these seals do not leak and include various 
factors such as surface tension, capillary forces, Weissenberg effect, vortex 
flow, seal lip dynamics, and tangential deformations in the seal contact. The 
last hypothesis was proposed by Kuzma [8] in 1969 and was further developed 
by Kammüller [9] in 1986. Today, the tangential deformation theory is well 
accepted as the primary sealing mechanism. The other ‘secondary’ mechanisms 
can still be very important in certain operating conditions. 
 
All the fundamental work on radial lip seals discuss a system where oil is used 
as the lubricating medium. This oil is assumed to behave like a Newtonian 
fluid. However, Schulz et al. [10] claim that (multigrade) oil behaves in a non-
Newtonian manner at the very high shear rates experienced in seals and the 
normal stress component can generate the load carrying capacity and also 
explain the sealing action. Unfortunately, no experimental results have been 
published that can verify these hypotheses. 
 
 

1.3 Grease lubrication 
 
Grease is a complex lubricant which consists of base oil (65-95%), additives 
(0-10%) and thickener (3-30%) [11], which forms a network that acts as a 
reservoir for the oil. Most grease thickeners are lithium, calcium or aluminium 
soaps. The soap gives the grease a semisolid appearance and enables 
lubrication in applications where a continuous supply of oil is not possible.  
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The semisolid composition of the grease including solid and fluid phases, 
results in a complex flow behaviour. Below a certain ‘yield’ stress, the grease is 
almost stiff like a solid and deforms elastically. Above this yield stress, the 
grease will flow like a fluid and the viscosity will decrease with increasing 
shear rate. This semisolid behaviour is also called viscoelastic behaviour. There 
is no well defined yield stress value but the yield stress is often used in the non-
Newtonian flow models describing the grease shear stress.  
 
As mentioned above, in 80-90% of all rolling element bearings, grease is the 
preferred lubricant. Grease is easy to apply and it does not leak easily. Low 
friction is obtained after an initial running period where the grease is 
redistributed through the bearing and moves to the sides of the running track, 
Figure 4. The grease is retained in the bearing using a simple shield or seal and 
it continuously supplies oil to the contact surfaces for lubrication [13]. This 
mechanism where oil is slowly released from the grease is called oil bleeding 
and is of great importance for bearing performance and reliability.  
 
In grease lubricated bearings, it is not only the small gap between the seal lip 
and the shaft that provides sealing against contamination. The grease in the 
vicinity of the seal lip and grease in between two sealing lips also provide a 
sealing action, Figure 5. This additional “grease sealing mechanism” is 
expected to be present but its existence and functionality have yet to be 
ascertained.  
 

 
 

 

 

Figure 4 Grease lubrication in a deep 
groove bearing containing a RS seal. 

Figure 5 SKF Mudblock seal with grease 
in-between  the sealing lips providing an 
additional sealing action. 

  



 13

1.4 Objectives 
 
Nowadays, an increasing number of seals are lubricated with grease but very 
little is known about grease lubrication, grease sealing and its influence on seal 
life. It is known that the maximum permissible rotational speed is lower and 
seal life is shorter for grease lubricated seals in relation to oil lubricated seals 
but the reasons for these observations are unclear. 
 
The objectives of this work are to investigate grease lubrication in radial lip 
seals and to develop tools and models for predicting lubricating conditions and 
the sealing action of grease.  
 
The following specific objectives are defined: 

- To investigate the main (fundamental) differences between oil and 
grease lubrication in radial lip seals. 

- To investigate the non-Newtonian flow behaviour of grease and identify 
whether the normal stress effect can significantly contribute to the load 
carrying capacity for separating the seal lip from the shaft. 

- To investigate whether it is oil or grease that lubricates the contact zone. 
- To investigate the oil bleed mechanism of grease driven by a centripetal 

body load. 
 
Ultimately, the goal is to provide the tools to include grease lubrication in 
advanced seal friction and seal life models which are being developed for oil 
lubricated seals.  
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Chapter 2  

 

2.1 Summary of paper A 
 
In the first paper, the open literature on radial lip seals has been reviewed. Six 
fundamental hypotheses are presented on the lubrication, pumping and sealing 
mechanisms to explain the working principles of oil lubricated radial lip seals. 
The seal contact is considered on both microscopic and macroscopic scales. It 
is shown that most of the seal behaviour can be explained with the seal 
roughness on microscopic level; micro elastohydrodynamic lubrication and 
pumping mechanism as a consequence of tangential deformation of the seal 
surface. However, by using the so called pumping aids on macroscopic level, 
sealing performance can increase significantly. Secondary effects have been 
identified like vortex flow, capillary forces and the Weissenberg effect where it 
is assumed that normal forces in the oil at high shear rates generate a load 
capacity and sealing action. 
Almost all experimental work and theoretical modelling work found in the 
open literature discuss oil lubricated radial lip seals. Only a few papers were 
found on grease lubrication in seal applications. Grease lubrication results in 
much more complicated lubricating conditions and may result in an additional 
sealing action. Hardly any fundamental work discussing these issues on grease 
lubrication in radial lip seals has been found in the open literature. 
 
 
2.2 Summary of paper B 
 
The second paper considers grease rheology and the lubricant film formation in 
the seal contact and in the vicinity of the lip. Current models, found in the open 
literature, use only the oil viscosity as a function of temperature and sometimes 
shear rate for calculating film thickness and friction. One hypothesis has 
already been discussed in the first paper where normal stress components in the 
shear flow are also considered. It is claimed that these stresses can generate a 
load carrying capacity which is able to separate the seal lip from the shaft. 
In this paper, the first normal stress component, or ‘normal stress effect’, has 
been measured in lubricating grease using a rotational rheometer. The 
experimental results confirm that the normal stress is in the same order of 
magnitude as the shear stress. Subsequently, the grease rheology has been 
studied in more detail and a model for the first normal stress component has 
been developed, based on the experimental results. This model can be 
integrated over lubricated zone under the seal lip to obtain the specific lift force 
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where γ&  is the shear rate, ∞η  the base oil viscosity and λ1, K, n, and m are the 
rheology constants which have been obtained from fitting the rheology model 
to experiments. 
 
The model in eq. 1 is used to predict the load carrying capacity and it is shown 
that the normal stress effect significantly contributes to film formation in low 
contact pressure bearing seals. A lift of 50-60% of the lip force can be 
generated at realistic operating conditions for a low contact pressure bearing 
seal. This lift force depends very much on the temperature and at low 
temperatures this percentage can be even higher, see Figure 6. The equations 
derived here can easily be included in existing models which have been 
developed for oil lubricated seals. 
 
 

 
Figure 6 Model results of the lift generated by the grease in the vicinity of the 
lip contact for different temperatures and lip angles α-β at u=10m/s. 

 
 

2.3 Summary of paper C 
 
The third paper is a first step in developing a replenishment model for grease 
lubricated seals and rolling element bearings. Here, the fundamental 
mechanism responsible for replenishment of the contact is assumed to be oil 
bleeding where oil is slowly released from the grease. The microstructure of 
lithium complex grease is studied and the oil flow through this network of soap 
fibres is modelled using Darcy’s law for viscous flow through a porous 
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medium. The oil flow is driven by a pressure gradient in the grease which is the 
result of centripetal forces. The influence of temperature on the oil bleed has 
also been studied.  
The model results show that the permeability and thus the grease 
microstructure must change from an isotropic fibre distribution to an 
anisotropic fibre distribution during oil bleed. Consequently, in the model the 
permeability k consists of two terms: first a constant term and secondly a term 
depending on the amount of oil that has been bled out 
 

( )θkkk
3

1

3

2
+= ⊥        (2) 

 
where ⊥k  is the permeability perpendicular to a bed of uniaxial aligned fibres 
and k(θ) the permeability depending on the fibre angle which basically depends 
on the amount of oil loss. 
 
The model predicts the oil loss in the experiments very well for the different 
temperatures and speeds. The predicted oil loss for different temperatures is 
shown in Figure 7. Despite the fact that the model does not include capillary 
forces, soap-oil interactions and other secondary effects, the model appears to 
be a very useful tool in predicting the oil available for replenishment of the 
contact also for longer periods of time. 
 
 

 
Figure 7 Oil loss due to oil bleed at different temperatures. The symbols 
represent the experimental data and the lines the physical model. Here the 
model includes an anisotropic grease microstructure where fibres that are 
initially parallel tilt perpendicular to the pressure gradient or oil flow. 
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Chapter 3 
 
 

3.1 Conclusions 
 
It can be concluded from the work presented in this thesis that: 

- Very little is known in the open literature on grease lubrication in radial 
lip seals.  

- Seal roughness is critical in lubrication, sealing and pumping and 
secondary mechanisms may play a role under certain operating 
conditions.  

- The normal stress effect significantly contributes to film formation in 
grease lubricated low contact pressure bearing seals. 

- Oil bleeding of grease can be modelled as viscous flow through a porous 
thickener microstructure where the oil bleed rate depends on 
temperature and centripetal forces. 

- The fibrous soap microstructure changes during oil bleed and becomes 
anisotropic. 

 
 
3.2 Future work 
 
Future work will focus on two aspects. Firstly, a replenishment model for 
predicting the lubricating conditions in radial lip seals will be developed. 
Different mechanisms, depending on the operating conditions of the seal, will 
be identified and modelled. The replenishment model will be used as an input 
for seal life and seal friction models.  
Secondly, the sealing action of grease in the vicinity of the lip will be studied. 
Here the focus will be on contaminant flow through a small volume of grease 
being sheared like the grease in between two sealing lips. 
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Abstract 
Radial lip seals are successfully used since the 1940’s to seal lubricated 
systems. Despite extensive experimental and theoretical research in the field, it 
is still not fully clear how these seals function. Experimental studies, found in 
the public literature, show that the relatively high surface roughness of the seal 
lip is very important for good and reliable performance. Also the pressure 
distribution under the lip seems a critical factor. Six fundamental hypotheses 
are presented on the lubrication, pumping and sealing mechanisms to explain 
the working principles of these seals. It is generally accepted that lubrication 
results from micro-hydrodynamic film build up between the rough seal surface 
and the shaft. Non-symmetrical tangential deformations of the lip surface are 
observed in experiments and assumed to act like spiral groove bearings that 
generate a pumping action and lubricant film as well. Another hypothesis 
suggests that the lubricant will behave non-Newtonian under the very high 
shear rates experienced in operating conditions. This will reduce friction 
because of shear-thinning and enhances sealing. Macroscopic aids, like 
hydrodynamic pumping aids and engineered asperity patterns on the shaft, do 
improve seal performance. Almost all public literature discusses oil lubricated 
radial lip seals while many seals are grease lubricated, especially in certain 
technical fields. Due to the non-Newtonian behaviour of grease, the lubrication, 
sealing and pumping mechanisms are assumed to differ from the oil lubricated 
seals. Lower friction and improved protection against contamination are 
measured, it is expected that the interest in grease lubrication will rapidly grow 
in the future. 
 
Keywords 
Radial lip seal, grease lubrication, pumping, sealing, non-Newtonian. 
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A.1 Introduction 

Radial lip seals are widely used in industry to retain lubricant and exclude 
contamination in rotating shaft and bearing applications. Perfect sealing can be 
obtained by full contact between the seal and the shaft or bearing inner ring. 
But with a rotating shaft this full contact will lead to high friction and wear. A 
lubricant film between the seal and the shaft will reduce both friction and wear 
but may lead to leakage of the lubricant into the environment. Well designed 
radial lip seals show low friction, low wear and no leakage with a small 
lubricant film between the seal lip and the shaft. The thickness of this film 
should be large enough to minimize wear but thin enough to ensure proper 
sealing against contamination. Although radial lip seals are used since the 
1940’s, the mechanisms of lubrication and sealing are still poorly understood.  
A typical example of a radial lip seal is shown in figure A.1. The seal is 
mounted on a shaft with an interference fit. A garter spring is used to ensure 
that the seal lip is pressed against the shaft with a constant load throughout the 
seal life. The lip is characterized by two angles; the air side angle α and the 
lubricant side angle β. By selecting the air side angle smaller than the lubricant 
side angle, the seal keeps the lubricant inside the system.  
In the public literature, three mechanisms have been identified to explain the 
performance of radial lip seals: the lubrication, sealing and pumping 
mechanism, Schulz et al. [1]. The lubrication mechanism generates a thin 
lubricant film between the lip and the rotating shaft. This film separates the lip 
form the shaft and will minimize friction and wear. The sealing mechanism 
provides static and dynamic sealing and keeps the lubricant inside and 
contamination outside the system despite the small lubricant film. The pumping 
mechanism ensures that lubricant will be pumped from the air side back to the 
lubricant side. This pumping compensates for natural leakage. 
 

 
Figure A.1 Radial lip seal running on a rotating shaft 

  
In the public literature many hypotheses can be found that explain these three 
mechanisms, Salant [2]. However none of them gives a conclusive 
understanding of how radial lip seals work. Especially in relation to grease 
lubrication, very little is known.  
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The aim of this paper is to critically review the lubrication, sealing and 
pumping mechanisms for oil and grease lubricated radial lip seals. Therefore, 
first the performance of oil seals is discussed with the results from public 
experimental research and observations. Next, different hypotheses on the 
micro scale contact level are identified to explain the lubrication, sealing and 
pumping mechanisms. On the macro scale of the lip, mechanisms have been 
found that enhance the pumping action of radial lip seals. Grease lubricated 
seals are introduced and studied in comparison with oil lubricated seals. 
Finally, the various hypotheses are discussed with respect to oil and grease 
lubrication. 
  
 
 
A.2 Experimental research and observations 
 
Although rubber seals are used since the 1940’s, the research on these seals just 
started in 1957 with the work of Jagger [3]. Jagger [3] and Hirano and Ishiwata 
[4] tried to identify the mechanisms that explain the sealing action and the long 
life of the seal. This early work was mainly experimental and was continued by 
Horve [5], Nakamura and Kawahara [6], Horve [7] and Müller [8]. In the 90’s 
the first numerical studies were done by Gabelli [9] and Gabelli and Poll [10]. 
Salant and co-workers [11] continued with many other numerical studies to 
identify the radial lip seal operating mechanisms.  
Despite all the intensive work of many researchers, no conclusive mechanisms 
have been identified which fully explain the lubrication, sealing and pumping 
mechanisms of radial lip seals. However there seems to be consensus on a few 
seal properties that were observed during experiments and they will be 
discussed in this section. 
  

(a) There may exist a lubricating film under the lip 
(b) Successful seals pump lubricant from the air side to the lubricant side 
(c) The micro geometry of the lip surface plays an important role 
(d) The macro geometry of the lip plays an important role 
(e) Seal life depends on lip temperature 

 
(a) In 1957 Jagger [3] proved the existence of a lubricant film between the lip 
and the shaft. He noticed that the dry friction was much higher than the friction 
when the seal was lubricated with oil. Further experiments showed that the 
lubricant film remains when increasing radial load of the lip on the shaft. The 
existence of the lubricant film has subsequently been confirmed by many other 
researchers. Poll and Gabelli [12] measured a film thickness of 2.5-5.5 μm at 
0.035-0.35  m/s. Later Van Leeuwen and Wolfert [13] measured a (smaller) 
film thickness of 1-3.5 μm in the same speed interval. The classical lubrication 
theory can not explain this lubricant film and the load carrying ability of the 
lubricant film since there is no “wedge” between the parallel shaft surface and 
the seal that may cause hydrodynamic pressure build up, Lebeck [14].  
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(b) One would expect the seal to leak lubricant from the high pressure lubricant 
film between the lip and the shaft to the air side. However, a successful seal 
does not leak and is even able to pump lubricant from the air side back to the 
lubricant side of the seal. This phenomenon is called the pumping mechanism 
and increases with shaft speed, shown by Kawahara and Hirabayashi [15] and 
Horve [16]. Horve [16] has also shown that this pumping or sealing ability is 
very much related to the surface roughness of the seal, see figure A.2.  
 
(c) Horve [16] showed that a successful seal has a high surface roughness 
which is much higher than the roughness of the shaft. A new moulded seal does 
not have this high roughness and needs a running-in time to wear-off the rubber 
skin and become rough. A shaft roughness of 0.25-0.50 Ra is critical here; too 
low shaft roughness does not run in the seal and a too high shaft roughness 
gives an excessive amount of wear and decreases seal life. The high seal 
roughness after running-in is critical for reliable seal performance. 
 

 
Figure A.2 Seal surface roughness determines whether the seal leaks or not: 
left shows a zero leakage seal and right shows a leaky seal [16] 

 
The seal surface after running-in is characterized by the resulting roughness 
pattern. Müller [8] found that some seals show axially extended undulations 
while other seals show irregular micro-asperities over the contact surface, see 
figure A.3. The development of this roughness pattern depends very much on 
the choice of seal material. Paige and Stephens [17] showed that also the 
specific conditions under which the seal operates have a large influence on the 
formation of the  roughness pattern and formation of micro-asperities. They 
also showed that is not only the rubber skin that wears-off during running-in 
but it is also the tip of the lip that will wear-off and flatten. Horve [16] already 
showed that the contact width must be wide enough to have a sufficiently large 
amount of undulations or micro-asperities to seal the gap. 
 
(d) The macro geometry of the lip is designed such that the location of the 
maximum pressure under the lip is closer to the lubricant side then to the air 
side. This is accomplished by choosing the right air and lubricant side angles 
and the location of the garter spring (if present). The elasticity of the rubber 
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material allows for some shaft eccentricity or dynamic run-out. Finite element 
models are often used to calculate global lip deformations and the pressure 
distribution under the lip. 
 
(e) Lip temperature is a very important parameter in determining seal life. High 
temperatures reduce seal life because of aging, swelling and coking of the 
rubber material. High temperatures are enhanced by high sump temperatures 
and frictional heat between the lip and the shaft. For example, high oil 
viscosity, misalignment of the seal and high speeds result in high friction and 
heat development resulting in a shorter seal life. The seal life can be expected 
to double for every 14oC decrease in sump temperature, Horve [7]. Also Heat 
dissipation from the seal contact and heat generation form other machine 
components are very important. This explains why identical seals, in different 
locations on the same shaft, may exhibit considerable differences in sealing 
performance and life, Stakenborg [18].  
 

 
Figure A.3 Irregular micro-asperities (left) and axially extended undulations 
(right). The arrow indicates the sliding direction. 

 
 

A.3 Microscopic lubrication, sealing and pumping  
  
A number of hypotheses have been presented in the public literature to explain 
the lubrication, sealing and pumping effect of conventional radial lip seals. 
These hypothesises are listed in this section and subsequently described in 
some detail. 
 
 

A.3.1 Surface tension and contact angle  
 
Jagger [3] developed a theory on the effect of surface tension to understand the 
sealing action of seals.  In his experiments he measured the leakage of the seal 
against a static head of oil. He discussed the formation of a lubricant meniscus 
at the air side of the seal to be the sealing mechanism. This meniscus is a direct 
result of the surface tension at the lubricant-air interface. Jagger [3] added 
chemicals to reduce the surface tension of the lubricant but found no change in 
the sealing ability of the seal. Then he flooded both the lubricant side and air 
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side of the seal with oil to remove the meniscus. This gave rise to leakage and 
he concluded that the meniscus is the mechanism for sealing. In a later study of 
Jagger and Wallace [19] they also discussed the contact angle between the 
lubricant, air and seal. They investigated the variation in leakage using an oil-
water interface instead of oil-air. They then assumed that the observations also 
apply to an oil-air interface. As in the previous study of Jagger [3] they again 
concluded that the formation of the meniscus explains the sealing action of the 
seal.  
More recent studies of Müller [8] and Horve [16] show that the seal actually 
pumps lubricant from the low angle (air) side to the high angle (lubricant) side 
when both sides of the seal are flooded with oil and no meniscus is present. 
Jagger and Wallace [19] did observe this pumping in their experiments but they 
were not able to explain it.  
Rajakovics [20] tried to explain the effect of surface tension with an analytical 
study. He calculated the capillary force in the gap. The capillary force is 
determined by the surface tension, contact angle and gap height. He claimed 
that the fluid viscosity and contact width are irrelevant to sealing since they do 
not contribute to the capillary force expression. Müller [8] and Horve [16] 
showed that the fluid viscosity and gap width after running-in are of great 
importance on seal performance. Rajakovics [20] and Jagger and Wallace [19] 
could not explain the difference in performance of a new seal and a seal that 
had been run in.  
Stakenburg [18] observed the wetted area under the seal lip through a 
stationary shaft where the seal was rotating. He distinguished the contact area, 
wetted area at the lubricant side and the wetted area at the air side of the 
contact. Under static conditions the wetted area at the air side is much bigger 

than at the lubricant side because of the capillary forces. With a rotating seal, 
the wetted area at the air side decreases due to the pumping action of the seal. 
Now, under steady-state conditions, there will be a balance between the 
pumping action of the seal and the capillary force. Increasing the rotational 
speed will finally cause cavitation at the sides of the contact area. Stakenborgs 
[18] experiments were done under realistic operating conditions. Most other 
studies were done under pumping conditions with a reservoir of oil at the low 
angle side of the seal but that system does not represent the normal steady-state 
running conditions of the radial lip seal.  

A.3.2 Micro-EHL: lubrication 
 
In 1965 Hirano and Ischiwata [4] suggested micro-hydrodynamic lubrication 
between a rough shaft and a smooth seal to be the lubrication mechanism. They 
applied the foil bearing theory in a microscopic scale taking into account the 
effect of shaft surface roughness. A hydrodynamic film will build up when the 
roughness asperities move relative to the smooth elastic seal surface. One year 
later, in 1966, Jagger and Walker [21] claimed that  the seal surface is rough 
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rather than the shaft surface. Also in 1966 Hamilton et al. [22] presented an 
experimental and analytical study and confirmed that load support can be 
obtained with this micro-hydrodynamic lubrication theory. They manufactured 
surfaces with different micro-asperity heights and modelled the lubricant film 
using Reynolds equation. 
The first significant numerical studies were performed by Gabelli [9] and 
Gabelli and Poll [10]. Gabelli [9] modelled the lubricant film formation 
between two parallel rough surfaces, the seal and the shaft, using Reynolds 
equation and finite difference techniques. In his model the load is carried by 
both hydrodynamic pressure and micro-asperity contact. No micro-asperity 
deformations are included here. Gabelli [9] has shown that his model is an 
efficient tool for evaluating the influence of roughness geometry on lubrication 
of radial lip seals. Gabelli and Poll [10] also take into account the visco-elastic 
bulk effects of the rubber lip on the lubricant film pressure. Here the load 
carrying capacity is the sum of the hydrodynamic pressure component, the 
micro-asperity contact and a squeeze-film component which includes the 
dynamic response of the rubber lip. 
Salant and co-workers published a series of papers including deformation of the 
micro-asperities and deformation of the lip. In the papers of Gabelli [9], Gabelli 
and Poll [10] and Salant the micro-asperities are represented by regular 
periodic structures given by sinusoidal functions. The flow between the lip and 
the shaft is considered laminar. The lubricant is assumed to be an 
incompressible Newtonian fluid of constant dynamic viscosity. Since the 
lubricant film is very thin, Reynolds equation applies which is given for a 2 
dimensional geometry as 
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Here h is the film thickness equation, p the film pressure, ηo the dynamic 
viscosity, x tangential position, y the axial position and Ux the shaft surface 
velocity in tangential direction. The film thickness equation is expressed in 
more detail as 
 
     ( ) ( ) ( )yxhyhhyxh asplipo ,, ++=                   (A.2) 

 
where ho the nominal film thickness, hlip(y) the macroscopic axial geometry of 
the lip and hasp(x,y) the seal surface roughness geometry. The seal surface 
roughness geometry is modelled by simple periodic sinusoidal functions.  
Shi and Salant [23] used a more realistic quasi-random surface roughness 
geometry. They generated a surface that consists of random roughness heights 
with a specified average roughness, correlation length and Gaussian 
distribution. They made the simplification of a perfectly smooth shaft and 
assumed pure elastic deformation of the lip. The results of their quasi-random 
model are in agreement with experimental results published in public literature.  
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It is well known that the seal surface roughness after running-in is much higher 
than the shaft roughness, Horve [16]. From experimental work it is also known 
that shaft roughness has a significant influence in lip seal performance. Salant 
and Shen [24] and Shen and Salant [25] developed numerical models and 
demonstrated that small fluctuations in shaft roughness can produce large 
hydrodynamic effects. This is due to the non-linearity of Reynolds equation. 
Hajjam and Bonneau [26] showed the importance of selecting appropriate 
roughness models for the seal surface in numerical modelling. They studied the 
influence of different mathematical roughness models on performance features 
as power loss, film thickness, pumping rate and lip temperature. The results 
show that the choice of roughness model highly influences the numerical 
results. Unfortunately, they were not able to validate their models with 
experimental data. 
To solve the numerical models mentioned above, equations (1) and (2) have to 
be solved simultaneously: Reynolds equation for the lubricant film pressure 
and the film thickness equation taking into account the lip deformation and 
surface roughness geometry. This results in a highly non-linear problem. In 
certain zones in the contact, normally close behind the micro-asperities, 
cavitation occurs. Here Reynolds equation calculates non-realistic negative 
pressures. In the numerical models, the cavitation pressure is then set to vapour 
pressure.  Or in other words, the cavitation zones are set ‘non-active’. These 
models are solved for steady-state situations. 
Solving the numerical models including transient behaviour, where a dynamic 
load is applied, has not been done yet. Hajjam and Bonneau [27] studied the 
dynamic load behaviour including cavitation and compared their model to 
oscillating parallel plate models. When these parallel plates move away from 
each other, the pressure falls to vapour pressure in the centre between the 
plates. Their model can also be applied to dynamically loaded radial lip seals.  
  

A.3.3 Micro-EHL: pumping 

The Micro-EHL theory, as discussed above, explains the film formation 
between seal micro-asperities and the shaft but does not explain the pumping 
action of the seal. Müller [8] described a mechanism called ‘the cascade 
pumping side flow concept’. This theory can be implemented together with the 
Micro-EHL to explain both the lubrication and pumping mechanisms of the 
seal.  
The elastic micro-asperities on the seal will be radially deformed because of the 
relatively high pressure under the lip. The footprints of these asperities on the 
“smooth” shaft are largest at the pressure equator where the radial lip 
deformation is maximal. When the shaft rotates, a micro-hydrodynamic film 
develops between the micro-asperity and the shaft which provides the load 
carrying capacity as in micro-EHL lubrication. However, a significant amount 
of lubricant will flow along both sides of the micro-asperity. The flow along 
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one side is against the mean global pressure gradient of the seal contact. 
Considering the micro-asperities close to the pressure equator, flow passes the 
pressure equator from both directions but with unequal intensities since the 
mean global pressure gradient is lower for the low angle side and because the 
density of micro-asperities is highest at this side. A net flow will now occur 
from the low angle side to the high angle side of the radial lip seal.  
 

 
Figure A.4 The cascade pumping side flow concept where pumping is 
initiated due to the non-symmetric distribution of seal roughness asperity 
footprints on the shaft 

A.3.4 Non-symmetrical tangential deformations 
 
In 1969 Kuzma [28] presented a theory including tangential deformation of a 
face seal surface due to viscous shear forces. He thought that the theory could 
also be applied to radial lip seals. Kammüller [29] was the first who visualized 
this tangential deformation and he related the pumping rate to the observed 
roughness pattern. Kammüllers [29] hypothesis is shown in figure A.5. With 
the shaft at rest axially extended undulations were observed. When the shaft 
rotates, the highest viscous friction force will be where the contact pressure is 
highest, thus at the pressure equator. The seal surface will then tangentially 
deform and the axially extended undulations will form a V-shape, like in an 
asymmetrical spiral groove bearing, and pump lubricant to the centre of the 
contact. Due to the asymmetric groove pattern with the pressure equator closer 
to the lubricant side, there will be a net pump flow from the air side to the 
lubricant side of the seal. 
 
Kammüller [29] related the lubricant side and air side angle geometry to the 
sealing performance of the seal. He concluded from his measurements that a 
significant difference in angles is needed to generate the asymmetric tangential 
deformations which are required for pumping. The seal will function when the 
pumping rate is higher than the natural leakage. 
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Figure A.5 Non-symmetrical tangential deformations of the seal roughness 
and pumping effect by Kammüller  

 
 
Tønder and Salant [11] numerically studied this non-symmetric groove pattern 
and modelled the oil flow under the lip. Their model predicts a reduction in 
leakage flow with increasing viscosity, speed and lip width. This will finally 
lead to total suppression of the leakage flow. They also performed a 
parametrical study on the parameters describing the lip surface groove pattern 
with axially extended undulations. Their work shows that the assumed non-
symmetrical tangential deformation theory is able to generate a non-leaking 
situation under realistic conditions.  
However, most radial lip seals have been found to have irregular micro-
asperities, rather than axially extended undulations. Therefore, Salant and 
Flaherty [30] studied the non-symmetrical tangential deformation in 
combination with different types of seal surface roughness: axially extended 
undulations and micro-asperities with different densities. Their numerical 
model clearly showed the highest pumping rates for the axially extended 
undulations but also the micro-asperities showed positive pumping rates and 
sufficient load support. Salant and Flaherty [30] showed that the pumping rate 
strongly depends on the shape, density and orientation of the micro-asperities. 
It appeared to be the crossflow between the micro-asperities that reduces their 
pumping effectiveness compared to the axially extended undulations. 
Bavel et al. [31] performed a very similar study to that of Salant and Flaherty 
[30]. They modelled both the axially extended undulations and the micro-
asperity surface geometry. They evaluated the axially extended undulations 
first, called in their study the one-dimensional roughness structure, with and 
without tangential deformations. They showed that without tangential 
deformations a negative pumping rate, thus leakage occurs. When including the 
tangential deformations, the calculated radial load capacity and the pumping 
rate became more consistent with experimental data. Next, they evaluated the 
micro-asperity surface geometry, called in their study two-dimensional 
roughness structure, including tangential deformations and found realistic 
values for the pumping rate, load capacity and friction. 
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An interesting step in the analysis of flow under the lip has been performed by 
Salant and Rocke [32] and Rocke and Salant [33]. Instead of a deterministic 
approach, now they used a method using flow factors in Reynolds equation. 
This greatly reduced computation time. Here the lip geometry properties 
(surface groove pattern and lip elasticity) are studied with micro-asperities that 
stretch in the direction of shear. Also the pumping rate and load support were 
calculated. An interesting result is that the maximum pumping rate was found 
for a film thickness of 2.5μm. They have shown that, if the point of maximum 
deformation is located further towards the oil side, the pumping rate will 
increase enormously. This means that the point of maximum radial pressure 
should be moved towards the oil side which can be done by designing the 
lubricant side angle β much bigger than the air side angle α.  
  
 

A.3.5 Non-Newtonian fluid behaviour  
 
In non-Newtonian fluids the fluid viscosity is a function of the shear rate. High 
shear rates also introduce normal stresses perpendicular to the direction of 
shear, Barnes [34]. Due to these normal stresses, non-Newtonian fluids have 
the tendency to flow to the location with the highest shear. This is 
demonstrated with a rotating rod in a stationary vessel filled with a non-
Newtonian fluid; the fluid then climbs up the rod. The rod climbing effect, also 
called the Weissenberg effect. 
Schulz et al. [1] introduced a new and innovative hypothesis. They assumed a 
Newtonian lubricant to behave non-Newtonian in a thin film at very high shear 
rates of approximately 10e6 1/s. This exhibits anisotropic behaviour like the 
Weissenberg effect and normal stresses in the radial direction will occur, see 
figure A.6. They claimed that these normal stresses provide a load carrying 
capacity that is able to separate the lip from the shaft, without the need for 
micro-hydrodynamic lubrication. Davies and Stokes [35] did experiments with 
narrow-gap parallel-plate rheometry to measure the rheological properties of 
different types of non-Newtonian fluids including multiphase complex fluids 
like grease. They measured the viscosity and normal forces up to shear rates of 
10e5 1/s in gaps between 5-100 μm and showed that the normal force indeed 
increases with increasing shear rate. They also showed the dependence on gap 
height and surface roughness of the plates. 
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Figure A.6 Effect of normal stress differences due to non-Newtonian fluid 
behaviour [36] 

 
Schulz et al. [1] performed experiments to show the significance of non-
Newtonian fluid behaviour inside the thin lubricant film. They compared two 
fluids, one Newtonian fluid and one non-Newtonian fluid. Equal viscosities 
were obtained by selecting the right temperature. In their experiments the non-
Newtonian fluid showed a lower friction torque value under steady-state 
conditions. They concluded that the lower friction is due to non-Newtonian 
behaviour. Later, Wiehler and Wollesen [36] discussed the use of polymer 
additives to enhance non-Newtonian behaviour of the lubricant under the lip to 
decrease friction. Hajjam and Dominique [37] showed a similar reduction in 
friction for a non-Newtonian fluid with a theoretical approach where the 
viscosity is a function of the shear rate. They used the Gecim law for non-
Newtonian fluids to show that friction reduces due to shear thinning. The 
viscosity decrease also reduces the film thickness and therefore leakage.   

A.3.6 Vortexes  
 
Radial lip seals can operate without leakage even under unfavourable 
conditions when a relatively large gap is formed. Müller and Ott [38] explained 
this dynamic sealing mechanism with the formation of a secondary oil flow, 
called Görtler-Taylor vortex flow. They showed in their experiments that a 
rigid Plexiglas sleeve seal, with an inner radius larger than outer radius of the 
shaft, is able to seal the gap at sufficiently high shaft speeds, called “sealing 
speed”. At speeds lower than the sealing speed the leakage rate increases with 
increasing gap height. In their experiments, with the shaft highly flooded with 
oil, a flow component pointing radially inward is clearly visible. The oil flow 
close to the sealing gap must now turn axially towards the seals chamber. The 
oil-air meniscus is then pulled closer to the sump.  
Qu [39] continued with measurements very similar to those of Müller and Ott 
[38]. He showed that the leakage reduces continuously with increasing shaft 
speed, see figure A.7. The sealing speed is found to occur at a critical Taylor 
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number where the oil head, the viscosity of the oil and the negative vortex 
pressure are in dynamic balance. The dynamic sealing will sustain with 
increasing speed until a shaft speed is reached where the rotational flow near 
the gap turns turbulent. If this sealing speed is not attained before turbulent 
flow occurs, the dynamic sealing will never happen.  
Müller and Ott [38] reported that the sealing speed is independent of the gap 
height. This would mean that the oil would seal itself at a certain shaft speed 
even when the gap height is a few millimetres. Qu [39] showed in his study that 
the minimum sealing speed does depend on the gap height. The experiments of 
both Müller and Ott [38] and Qu [39] show that seals can function even when 
there is a relatively large gap as long as the operation parameters are carefully 
chosen.  
 
 

 
Figure A.7 Oil leakage for different shaft speeds and oil levels by Qu. H = 
38.1 mm corresponds with an oil level equal to the shaft centre [39] 

 
 
 

A.4 Macroscopic mechanisms to improve pumping 

To improve the pumping performance of the conventional radial lip seal 
macroscopic mechanisms can be used. The main macroscopic mechanisms are 
listed in this section. 
  
 

A.4.1 Hydrodynamic pumping aids  

Seals with hydrodynamic pumping aids, also called hydrodynamic seals, have 
asperities on the lip surface close to the contact area. These asperities can be 
helix ribs, triangles, wedges or pads. The asperities act as vanes and pump 
lubricant from the air side to the lubricant side of the seal. They generate an 



 38

additional pumping action which is especially useful in case of high natural 
leakage or when not even the smallest amount of leakage is allowed. 
Hydrodynamic pumping aids often work in one direction of rotation only. This 
makes this type of seals only applicable in applications such as engines where 
the shaft rotates in one direction only. Hydrodynamic seals that are direction 
independent do also exist, like the ones with triangle shaped asperities. Other 
disadvantages can be the tendency to pump dust inward because of the forced 
pumping and the seal can pump too much and run dry which will end seal life 
quickly, Brink and Horve [5]. 
 
 

A.4.2 Seal cocking  
 
Cocking is the result of misalignment of the seal where the seal is installed 
under a small angle compared to the perpendicular position to the shaft, see 
figure A.8. The dynamic seal contact will create a sinusoidal pattern on the 
shaft when observing one fixed spot on the shaft. A reciprocating motion of the 
seal wiping oil back to the oil side can be seen. The seal ‘scrapes’ towards the 
lubricant side and ‘floats’ back towards the air side which can be modelled with 
straightforward hydrodynamic equations.  
Horve [7] showed that this reciprocating motion increases the pumping action. 
But because of the misalignment, cocked seals have regions of high and low 
pressure between the lip and the shaft. As a result, these seals will run hotter 
and the increased lip temperature will reduce seal life. Horve [7] also measured 
this increase in underlip temperature. Because of the shorter seal live, increase 
in friction and power consumption, seal cocking should be minimized. 
 
 

A.4.2 Wave seals  

Brink and Horve [5] used the reciprocating motion, as in seal cocking, to 
develop a new type of seal, the wave seal. Wave seals have a smooth moulded 
lip which makes a wavelike path on the shaft surface, see figure A.8. The same 
reciprocating motion as with cocking occurs which increases the pumping rate. 
The big difference is that the inner radius of the wave seal is a true round circle. 
This avoids the pressure variation and thus temperature increase such that long 
seal life is maintained. Contrary to most hydrodynamic seals, wave seals 
perform well in both directions of shaft rotation. 
 
Figure A.8, shows the dynamic running path of the seal on the shaft (shaded 
area). The area covered on the shaft is much bigger than on conventional oil 
seals. Since most frictional heat is dissipated through the shaft by conduction, 
the lip temperature is reduced and seal life increases.  
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Figure A.8 A cocked seal and a wave seal which has a wavelike contact path 
on the shaft 

 
Brink and Horve [5] performed an experimental study to investigate the 
properties of wave seals. They compared the wave seal design with the 
conventional seal design and with seals with hydrodynamic pumping aids. 
They were all made of the same rubber compound. The experiments showed 
25% decrease in underlip temperature, 30% less frictional torque and an 
increase in life of 45% for the wave seals. Pumping rates are higher than for 
conventional seals but not as high as for the hydrodynamic seals. Brink and 
Horve [5] have also shown that wave seals ingest about 30% less dust 
compared to hydrodynamic seals. 

A.4.4 Asperities on the shaft 
 
Otto [40] patented engineered micro-asperities on a shaft to improve 
lubrication of the contact. The main purpose was to reduce friction and wear 
but the triangular shaped asperities also increase the pumping in a radial lip seal 
application. Due to the non-symmetrical shape of the triangular asperity, a 
pumping action is obtained which is independent of the direction of rotation.  
Because of lack of (economical) manufactory methods for such surface 
textures, the engineered surfaces were never used. However recently, the 
bearings and seals laboratory at the University of Kentucky has developed a 
manufacturing technique based on LIGA and UV photolithography to fabricate 
these engineered surface textures. Hadinata and Stephens [41] conducted a 
numerical analysis to investigate the elastohydrodynamic effect of various 
geometries of micro-asperities. They used Reynolds equation to calculate the 
load capacity, friction and pumping of triangular, square, hexagonal and 
circular micro-asperity geometries. 
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Figure A.9 Macro asperities on the shaft surface: (a) triangular shape 
increases lubrication and pumping and (b) hexagonal shape increases 
lubrication 

 
Optimal performance was obtained at asperity heights of 1-3 μm. This height is 
about the same order of magnitude as the roughness of the rubber seal lip 
which they assumed to be smooth in their model. The calculated results for the 
triangular asperity show 23% reduction in friction and 83% increase in 
pumping rate compared to the micro-undulation model of Salant and Flaherty 
[30]. These engineered micro-asperities show good theoretical performance but 
experiments are needed to verify this.  
 
 
A.5 Grease lubricated seals 

80-90% of al rolling element bearings are grease lubricated. These systems are 
all sealed to keep contamination out and lubricant in. These grease seals can be 
integral with the bearing or mounted outside the bearing in the housing.  The 
main function of grease seals is to keep contamination out while the main 
function of oil seals is to keep the oil in. These contrary functions result in two 
fundamental differences in seal design. In oil seals, with the air side angle 
smaller than the oil side angle; the seal naturally pumps from the air to the oil 
side. Hydrodynamic aids can be used to increase this pumping rate. In grease 
seals the difference between the air side angle and grease side angle is less 
pronounced. The pumping rate is therefore much lower or in the opposite 
direction. This prevents pumping contamination like water or mud into the 
bearing system.  
In heavy duty applications, where systems have to perform in water or muddy 
environments, special seals have been designed. Figure A.10 shows the SKF 
Mud Block seal, Sassi [42]. This seal contains beside the conventional lip with 
the garter spring, several inner lips, which form barriers against contamination. 
These inner lips are lubricated with highly water resistant grease that fully fills 
the space in between the lips. The grease not only lubricates the lips but also 
makes it more difficult for contamination to pass the free space in-between lips. 
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Also in conventional seal designs, that are grease lubricated, grease improves 
the sealing against contamination. Here a stationary dam of grease is formed at 
the lubricant side of the seal close to the lip. This dam blocks contamination 
from entering the system, see figure A.10. 
 
 

 
Figure A.10 Grease lubricated seals: left a conventional seal and right a grease 
seal with extra lips to prevent contamination from entering the system [42] 

 
Grease has fundamentally different characteristics than liquid lubricants like 
oil. Grease contains beside oil also an amount of solid thickener. This gives the 
grease a consistency and a strong non-Newtonian behaviour. It is not clear what 
the role of the solid thickener is in the lubrication and sealing mechanisms. Seal 
manufacturers claim that the life of grease lubricated seals is around 50% of the 
life of oil lubricated seals, Dürnegger and Haas [43]. They give 3 reasons for 
this shortening of seal life.  
 
Because of the stationary grease dam at the lubricant side of the lip, there is 
less circulation of lubricant around the lip. This results in less heat dissipation 
and increasing lip temperatures which age the rubber lip material. 
Due to the reduced circulation of lubricant, less lubricant will be supplied to the 
contact and the contact could run (partly) dry. Wear of the lip will increase 
because of the poor lubrication. 
Contamination particles that come under the lip will be blocked by the grease 
dam and now accumulate close to and under the lip. This will increase wear of 
both the rubber seal and the metal shaft. 
 
The stationary grease dam might be bad from a lubrication point of view but 
the smaller lubricant film provides better sealing against large contamination 
particles. Small contamination particles that do come under the lip will now be 
blocked by the stationary grease dam from entering the bearing. This will 
finally increase bearing life despite the reduction in seal life. 
 
Dürnegger and Haas [43] studied the lubrication of conventional radial lip seals 
lubricated with grease. They measured friction and temperature at various shaft 
speeds. While the frictional torque for oil lubricated seals was around 0.8-0.9 
Nm, the frictional torque for the grease lubricated seals was significantly lower 
around 0.55-0.8 Nm, see figure A.11. They attribute this low friction to starved 
lubrication in the grease lubricated case where a smaller amount of lubricant is 
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expected to be present between the lip and the shaft. The stationary grease dam 
and the limited lubricant circulation are the main cause of this starvation. They 
measured lower under-lip temperatures in the case of grease lubrication. A 
temperature of 48oC was measured at 1000 rpm for grease and 53oC for oil. 
Figure A.11 shows that (except for 500 rpm) the friction torque first quickly 
drops and then levels out at an almost constant value. It is also shown here that 
the friction torque depends on shaft speed where the highest speed gives the 
lowest friction.  
The reduced friction and increased sealing ability for grease lubricated seals 
give this type of lubricant big advantages in contaminated environments. 
However, special designed grease seals show some leakage of grease because 
of the lower pumping rates than in oil seals. 
 
 

 
Figure A.11 Friction torques in grease lubricated seals for different shaft 
speed measured in time [43] 

A.6 Concluding remarks 

In the previous sections several hypotheses on the lubrication, sealing and 
pumping mechanisms in radial lip seals were presented. These hypotheses can 
be divided in primary mechanisms and secondary mechanisms and will be 
discussed for oil lubricated seals. Next, the differences between oil and grease 
lubricated seals will be discussed. 

Early experimental work showed that high seal surface roughness is required 
for reliable seal operation and the non-symmetrical pressure distribution under 
the lip seemed to be critical for zero leakage. The micro-hydrodynamic 
lubrication theory and the non-symmetrical tangential deformation theory 
include both these seal surface roughness and non-symmetrical pressure 
distribution effects. Salant and Flaherty [30] used both theories to model the 
seal performance quite successfully. Their model showed the difference 
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between the surface roughness geometries of axial extended undulations and 
different types of micro-asperities. They also confirmed the fundamental 
features of the non-symmetrical tangential deformations. Today these two 
theories have been accepted to be the primary mechanisms describing 
lubrication, sealing and pumping in radial lip seals.  
The secondary mechanisms include surface tension, non-Newtonian fluid 
behaviour, vortexes and macroscopic mechanisms to improve pumping. In 
1957 Jagger [3] concluded that a meniscus under the lip, as a result of surface 
tension, was the main sealing mechanism. However, this meniscus cannot 
explain the pumping effect and nowadays the surface tension theory has been 
abandoned as the primary sealing mechanism. Stakenborg [18] explained the 
lip seal operation to be a balance between the pumping effect and the capillary 
force under the lip. This means that a small amount of lubricant is kept under 
the lip by the capillary force for lubrication. Due to the converging wedge at 
the air side, the capillary force will increase when the meniscus is pulled under 
the lip towards the contact area. This steady state sealing can also be explained 
by the non-symmetrical tangential deformation theory only. When an amount 
of fluid is inserted at the air side of the seal it will be pumped towards the 
lubricant side until a balance is reached where the pumping rate in both 
directions is equal. The meniscus will then be pulled under the lip into the 
contact until symmetry in the tangential deformed surface is obtained. 
Vortexes at the lubricant side of the seal will occur at high shaft speeds and 
provide a sealing action even when the gap is relatively large. At high shear 
rates the non-Newtonian behaviour of lubricants might influence lubrication 
and friction. Very high shear rates can generate normal forces that provide 
additional load capacity and shear thinning might reduce viscous friction. The 
macroscopic aids to enhance lubrication and pumping are also a secondary 
effect and can be explained with basic hydrodynamic models. Here the 
performance of engineered asperities on shafts can be questioned. Experiments 
of Horve [16] have shown that high shaft surface roughness increases wear of 
the rubber lip. A shaft with engineered surface asperities, as suggested by 
Hadinata and Stephens [41], is extremely rough and may cause very high wear 
rates of the seal, especially when operating in mixed lubrication during 
start/stop and low running speeds. 
In practice, the formation of the seal surface roughness geometry depends on 
the seal material and running-in conditions. This can make the same seal 
perform different in different applications.  It is therefore very challenging to 
develop theoretical models that describe radial lip seal performance. It also has 
to be noted that the theoretical models often model a single steady state 
situation only. For example, at very low speeds where the seal is running in 
mixed lubrication or at very high speeds where vortexes and non-Newtonian 
behaviour might play important roles. These effects have been observed in 
experiments but are not included in the type of models Salant and Flaherty [30] 
made. 
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Most theoretical models presented in the public literature deal with oil 
lubricated seals of which only a very few include non-Newtonian fluid 
behaviour. Dürnegger and Haas [43] showed with their experiments that grease 
behaves different as a lubricant than lubricating oils. They measured lower 
fiction torques for grease lubricated seals than for oil lubricated seals under the 
same conditions. They attribute this reduced friction to the smaller amount of 
lubricant present in the contact. In their experiments the friction reduces with 
speed and therefore it is likely that the seal operates in the mixed lubrication 
regime. This means that when the shaft speed increases any further into the full 
film regime, friction should eventually increase because of viscous effects. 
Dürnegger and Haas [43] ran each experiment for more than 1300 hours, figure 
A.11,  which makes it likely that the seal has been run-in and has stabilized in 
the full film regime. Here the extremely high shear rates in the lubricant film 
can cause shear thinning in the strongly non-Newtonian grease. This effect 
could be more dominant in grease lubrication than in oil lubrication and 
explains the reduction in friction for the grease lubricated seals. 
Another major difference between oil and grease lubricated seals is that grease 
lubricated seals are better in sealing against contaminated environments. The 
gap height is smaller than in oil lubricated seals and the stationary grease dam 
behind the lip forms an extra barrier for contamination to enter the system. Oil 
seals are designed to restrain oil and therefore high pumping rates are preferred 
which are sometimes enhanced by hydrodynamic pumping aids. This means 
that also contamination will be pumped into the system. Due to the high 
consistency of lubricating greases, lubricant leakage will be very small. Grease 
lubricated seals are therefore primarily designed to prevent contamination to 
enter and have low or negative pumping rates.  
 
With the knowledge presented in the public literature, models can be made to 
predict lubricant film thickness and friction in case of oil lubrication. The 
literature shows that surface roughness plays an important role here. This 
roughness is generated during running-in and seal operation. Therefore, input 
to a film thickness and friction model should come from running-in or wear 
models. Today, those models do not exist. For grease lubricated seals similar 
mechanisms as for oil lubrication could apply. But the secondary effects are 
assumed to play a significant role here in lubrication, sealing and pumping. 
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Abstract 
In existing models, the only lubricant property used for predicting film 
thickness in radial lip seals is the (base) oil viscosity. Lubricating greases show 
non-Newtonian behaviour and additional normal stress components develop 
which may contribute to the load carrying capacity. This study investigates the 
shear rheology of greases and determines whether this “normal stress effect” in 
grease can significantly contribute to film formation in radial lip seals. 
The rheological behaviour of grease is studied in a rotary plate-plate rheometer 
at small gaps of 25-500μm up to shear rates of 5·104s-1. First, the rheology 
measurements are used for the rheology model which predicts the first normal 
stress component in the grease. Secondly, a seal lip model has been developed 
to predict the lift force generated by the normal stress effect which separates 
the seal from the shaft. The model results show that the load carrying capacity 
depends very much on the operating conditions: lip geometry, speed and 
temperature. The model predicts a lift force over 50% of the seal specific lip 
force for low contact pressure bearing seals. The model can easily be used in 
existing models and makes it possible to optimize seal design by utilising the 
normal stress effect. 
 
Keywords 
Grease, non-Newtonian, radial lip seal, normal stress, lubrication 
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B.1 Introduction 
 
Radial lip seals are lubricated by a thin film of lubricant to minimize friction 
and wear. The presence of this lubricant film is being explained by micro-
elastohydrodynamic lubrication and tangential deformations of the seal surface, 
Baart et al. [1]. Theoretical models have been developed to predict film 
thickness, pumping and friction in oil lubricated radial lip seals, Gabelli, Salant 
and Flaherty, and Hajjam and Dominique [2-4]. In these models the load 
capacity is a result of the micro-hydrodynamic oil pressure and seal roughness. 
Schulz et al. [5] published a hypotheses which says that the load carrying 
capacity is generated by normal stresses in the oil which would behave non-
Newtonian at very high shear rates. The significance of this normal stress effect 
has not yet been identified. 
 
Normal stresses are a result of the viscoelastic properties of a non-Newtonian 
fluid and have been observed in polymer solutions, emulsions and particle 
suspensions, Barnes et al. [6]. Tanner [7] derived a model for normal stresses in 
lubricating oil based on the general Oldroyd models [8]. Oldroyd [8] had 
shown that his general model predicts experimental results for polymer 
solutions quite well. However, there is no evidence that these general equations 
are also suitable for oils. Tanner [7] theoretically investigated whether the 
normal stresses could explain the seal behaviour. Looking at the models and the 
experimental evidence in polymer solutions, he concluded that it is unlikely 
that the non-Newtonian behaviour of oil at high shear rates explains the sealing 
function and load capacity. However, no experimental data was available for 
oils to verify his model. Later, Williamson et al. [9] studied the viscoelastic 
properties of multigrade engine oils in a journal bearing. They concluded that 
polymer additives increase the load capacity at high eccentricity ratios. The 
normal stress effect seemed to be large enough to be practically important here.  
 

 
Figure B.1 Normal stresses in the grease generating a lift to separate the seal 
from the shaft 
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Hutton [10] used grease as an example of fluids with a yield stress to identify 
the existence of a normal stress. His results show the existence of significant 
normal stress components in grease. No exact values for the normal stress 
could be measured on the Weissenberg rheogoniometer because of the 
dependence on the yield stress and zeroing of the normal force. Therefore 
Binding et al. [11] continued the work on a torsional balance rheometer, here 
the normal stress is balanced by an external load, to determine absolute values 
of the normal stress. They showed that the normal stress in grease is in the 
same order of magnitude as the shear stress. 
This normal stress effect in grease and the relatively low contact pressures 
between the seal lip and the shaft might result in a significant contribution to 
film formation. Figure B.1 shows how the normal stress effect may load the 
seal lip and generate a lift force. 
 
In this study a rheology model for the grease in radial lip seal applications is 
developed. In addition to the viscosity and shear stress a model for the normal 
stress will also be introduced. These models will be verified with experiments 
on the rheometer at shear rates up toγ&< 5·104 s-1. A seal lip model will be 
presented to investigate the significance of the normal stress effect on film 
formation in grease lubricated radial lip seals. 

 
Nomenclature 

α  = Lip air side angle   
β  = Lip lubricant side angle  
γ&   = Shear rate      

mγ&   = Measured shear rate   
φ  = Lip angle      
ψ1  = Normal stress constant    
ε  = Gap error     
η  = Viscosity     
ηg  = Low shear rate viscosity  
ηm  = Measured viscosity   
ηr  = Real viscosity     
ηo  = Base oil viscosity    
η ∞   = High shear rate viscosity   
η ∞   = Base oil viscosity    
λ1  = Relaxation time constant   
ρ  = Grease density     
σzx  = Shear stress     
τγ  = Yield stress     
Ω  = Angular velocity    
a  = Vicinity lubricant side   
b  = Vicinity air side    
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c  = Position minimum film height  
d  = Greased length (RH)    
Flift  = Specific lift force   
Flip  = Specific lip force    
Frheology = Specific normal stress force  
Fμ-EHL  = Specific micro-elastohydrodynamic force  
ΔFinertia = Inertial force     
h1  =  Film height at edge contact  
h2  = Film height at c/b=1/3   
hg  = Grease height     
h(x)  = Film thickness function   
K  = Constant     
m  = Power law index   
Mfriction  = Frictional torque    
n  = Power law index   
N1  = First normal stress   
N2  = Second normal stress   
p  = Contact pressure   
r  = Radius    
R  = Rim radius   
T  = Temperature    
u  = Shaft surface speed  
x1  = Integration boundary   
x2  = Integration boundary  
 
 
 

B.2 Theory 
 
Grease consists of liquid base oil, additives and solid thickener which makes it 
a complex semi-solid fluid. The grease rheology is usually described by a yield 
stress and shear rate dependent shear stress. Also elasticity and normal stresses 
could be important in the seal lubrication problem. Grease rheology is 
measured on the rheometer. 
 
 

B.2.1 Rheology models 

Equations to describe a general flow curve needs at least four parameters. A 
general model which can be used here is the Cross model [6] 
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where ηo is the low shear rate viscosity plateau, ∞η  the high shear rate viscosity 
plateau, K and m are constants. In this study the focus is on the high shear rate 
side of eq. B.1 because of the high shear rates experienced in the seal 
applications. Therefore it can be assumed that η << ηo and eq. B.1 can be 
written as 
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which can be rewritten to obtain the Sisko model [6] which reads 
 
 ∞

− += ηγη 1nK &        (B.3) 
 
where K is obviously not the same K as is eq. B.2. This model for the viscosity 
can be used to model the shear stress. However, grease shows a yield stress 
behaviour such that an additional term for the yield stress τγ has to be included 
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Eq. B.4 can be recognized as the Herschel-Bulkley model including an 
additional term as presented by Palacios and Palacios [12]. The original 
Herschel-Bulkley model can not be used at the high shear rates experienced in 
seals because the bulk viscosity will then drop below the base oil viscosity 
which is very unlikely. Palacios and Palacios [12] derived the four parameter 
model in eq. B.4 where ∞η  is the base oil viscosity such that the bulk viscosity 
at high shear rates will approach the base oil asymptote. Also Einstein’s 
formula for suspensions can be used here for ∞η  but then more details on the 
amount thickener and thickener structure are required which are often not 
known for grease. 
 
Secondary flow effects have been observed in non-Newtonian fluids when the 
fluid is sheared. Here normal stresses can develop orthogonal to the direction of 
shear. This may result in the Weissenberg rod climbing effect where a fluid 
climbs up a rotating rod, see Figure B.2. Newtonian fluids will move to the 
wall of the vessel because of inertia forces. 
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Figure B.2 Weissenberg rod climbing effect in a non-Newtonian fluid 

 
Normal stresses in a polymer solution occur when polymer molecules deform 
due to shear stresses and subsequently want to move back into their original 
shape because of their elasticity. Normal stresses have also been measured in 
emulsion and particle suspensions [6]. Lubricating grease contains a 
microstructure of solid thickener and shows strong non-Newtonian behaviour. 
The Weissenberg rod climbing effect has also been observed for grease by the 
authors, but is rather small. This could be because of the yield stress behaviour.  
The first normal stress N1 acts orthogonal to the plane of shear. The second 
normal stress N2 acts parallel to the plane of shear and perpendicular to the 
direction of shear. N2 is negative, normally much smaller than N1 and therefore 
in many viscoelastic fluids negligible. In the radial lip seal contact N1 will tend 
to lift the seal from the shaft, see figure B.1, and enhances lubricant film 
formation. N2 will enforce lubricant to move in axial direction into the direction 
of the highest shear and could be a source for lubricant supply into the contact.  
 
In classic constitutive models a relation between shear rate and the first normal 
stress is available, Barnes et al. [6]. This relations follows a power-law 
behaviour over a range of shear rates and reads 
 

mN γψ &11 =         (B.5) 
 

In classic models like the second order Maxwell or the Oldroyd-B model the 
constant m = 2. More complex behaviour is often observed where m ≠ 2 and it 
is even possible that different parts of the normal stress curve follow different 
power law functions. The 1ψ in eq. B.5 is approximated by [6] 
 
 11 )(2 λγηψ &=         (B.6) 
 
where η(γ& ) is the shear rate dependent viscosity and λ1 is the relaxation time 
constant. This relation was also used by Williamson et al. [9] in multigrade 
oils. The new parameters in the first normal stress equation are the relaxation 
time constant λ1 and power law constant m.  N2 is assumed to be small 
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compared to N1 and is neglected in the present study. Substituting eq. B.6 into 
eq. B.5 and using the Sisko model, eq. B.3, for the viscosity, eq. B.5 can be 
written as 
 

( ) ( ) mnKN γηγλγ &&&
∞

− += 1
11 2       (B.7) 

 
Note that Hutton [10] was looking for a relation between the normal stress and 
the yield stress; according to eq. B.7 no such relation exists.  
The constants, except for λ1 and m, can be found by fitting the shear stress 
equation, eq. B.4, to shear stress measurements. The constants λ1 and m can 
subsequently be found by fitting the normal stress equation, eq. B.7, to normal 
stress measurements. Measurements have been performed on a rotational 
rheometer using a plate-plate geometry.  
 
 

B.2.2 Thin film rheometry 

The rotational rheometer with plate-plate geometry is used for measuring the 
rheological properties of the grease. To simulate very high shear rates as in 
radial lip seal applications, high rotational speeds and small gap heights are 
required. Since the maximum rotational speed is limited, the gap height has to 
be reduced to obtain the high (rim) shear rates. However, this method will 
introduce several errors in the measurements due to: shear rate distribution, 
inertia, gap settings, viscous heating, and edge fracture. These errors were 
identified by Davies and Stokes [13] as the main errors in narrow gap parallel 
plate rheometry.  
 
 
The shear rate distribution in parallel plate rheometry results in the highest 
shear rates at the plates rim since the shear rate increases with the radius. The 
rheometer measures the total torque and total normal force as a function of the 
rotational speed. These torque and normal force are modelled for the non-
Newtonian grease by integrating eq B.4 and B.7 over the parallel pate radius. 
By fitting the model to the measurements, the parameters in eq B.4 and B.7 can 
be determined.  
Subsequently, the torque and normal force are changed into shear stress and 
normal stress by using constant factors for both the measurements and the 
model. These constant factors were derived for Newtonian fluids and therefore 
result in slightly lower values [13].  
 
 
Inertia effects in the grease may result in a lower reading of the normal force 
because the plates will be pulled together as the grease is spun outward. A 
correction for this effect can be done by [13] 
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where ρ is the grease density, Ω is the angular velocity and R is the rim radius. 
This correction will be included in the measurement data.  
 
 
A gap error between parallel plates can be particularly  noticeable at small gap 
heights below 100-200μm. This error can arise from non-parallelism, non-
concentricity, edge effects, wall slip, non-flatness of the plates, and the gap-
zeroing procedure. By assuming that the gap error arises from the gap height 
measurement it is relatively easy to include a correction for this error in the 
experimental results. A method using a Newtonian fluid as a reference to 
measure the gap error is used and described in [13].  
The result of a gap error is a correction on the shear rates. The real shear rate 
corresponding to the measured shear rate can be calculated as 
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γγ
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=

h
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Where γ& is the actual shear rate, mγ&  the measured shear rate, h the gap height 
setting and ε the gap error. A gap error ε of 10μm will already shift the 
measured data to 30% lower shear rates when the gap height setting h is only 
25μm. A small gap error can have big impact on the accuracy of the results 
when looking at very small gaps. 

Edge effects include rim fracture [10] and radial migration of grease. These 
edge effects give an important contribution to the shear stress and normal stress 
because shear rates and thus shear stresses and normal stresses are highest at 
the rim.  
 
 
Viscous shear heating leads to an increase in temperature of the grease sample 
and a decrease of viscosity. The measured shear stress and normal stress will 
thus decrease. The viscous heating effect should be distinguished from shear 
aging which results from mechanical working of the grease where the 
microstructure of the thickener in the grease is broken down. The experimental 
results have shown that an increase in temperature gives only a temporary 
effect which is fully reversible. The mechanical working however is 
irreversible and will permanently result in lower stress values. Heat generated 
in the sample will be rapidly dissipated into the plates because of the small gap. 
Therefore no temperature gradients in the sample are expected. 
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B.3 Methods and modelling 
 

B.3.1 Rheometer 
 
The non-Newtonian behaviour of grease is measured in a rotational rheometer 
with plate-plate geometry, TA instruments AR1000N. This includes shear 
stress and normal stress measurements by varying 

(a) Gap height 
(b) Temperature 
(c) Grease type 
(d) Continuous shear  

 
Grease D is measured at different gap heights of 500, 250, 100, 50 and 25μm. 
Maximum shear rates up to γ&= 5·104 s-1 can be obtained with the smallest gap 
of 25μm while the 500μm gap size is less sensitive to errors like wall slip and 
geometrical errors of the plates. The measurements with grease D have been 
done at 25˚C, 70˚C, 100˚C and 120˚C. The largest normal stresses are expected 
at 25˚C where the viscosity is highest. The higher temperatures are a more 
realistic representation of the seal contact. Also the shear rheology is measured 
for other greases: A, B, C, D, E, and F at a constant gap height of 250μm at 
70˚C. Finally the development of the normal stress is studied over longer 
periods of time to observe time effects and aging of the grease. 
 
In the rheometer a parallel plate geometry is used with a diameter of 2R = 
25mm. The gap zero is set by using the standard rheometer gap zeroing 
procedure. The gap error is determined before and after each series of 
experiments from measurements with Newtonian oil (68cS) at 3 different gap 
heights according to the method described by Davies and Stokes [13]. The 
average gap error is used to correct the measured shear rate according to eq. 
B.9. An error due to wall slip cannot be identified with Newtonian oil and has 
to be identified from the grease measurements themselves after correcting for 
the gap error. After each test the grease at the rim has to be checked for edge 
fracture and radial migration of grease.  
 
For a typical experiment, the grease sample is taken from the grease can with a 
spatula and is put in the centre between the rheometer plates. The plates are 
moved to the required gap height and the grease that is squeezed out at the rim, 
is carefully removed. Subsequently, a pre-shear program is run to remove 
initial stresses that have been introduced by decreasing the gap. In case of 
measurements will be done at different gap heights, the same sample has been 
used each time. The first measurement is done at the largest gap and 
subsequently the gap is narrowed to a smaller height. Grease that has been 
squeezed out at the rim is removed again. For measurements at elevated 
temperatures an environmental chamber around the plate-plate geometry is 
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used. Here it is important that the chamber reaches a stable equilibrium 
temperature before the measurement is started. 
 
 

B.3.2 Lip model 
 
The rheology model for normal stress in the grease will be used as input for the 
lip model. This model includes the lip geometry, film thickness, surface speed 
and temperature. Two lubrication areas in the seal have been identified here. 
First the ‘contact zone’ which is the contact area of the seal which would land 
on the shaft when the rotational speed of the shaft is zero. The film thickness in 
this contact zone is very small and extremely high shear rates are expected 
here. Secondly the ‘vicinity of the contact’ is studied where it is assumed that 
some grease will sit close to the contact. This grease will contribute to the 
frictional torque because it is sheared and also contributes to the lift. Despite 
the fact that shear rates are much lower here than in the contact, the normal 
stress effect is expected to have a significant contribution. 
To allow for the formation of a lubricant film between the shaft and the seal, 
the lip force has to be balanced by the conventional micro-elastohydrodynamic 
pressure and the normal stress effect 
 

yrheoEHLlip FFF log+= −μ       (B.10) 

 
where Flip is the specific lip force, Fμ-EHL the force resulting form the micro-
elastohydrodynamic pressure and Frheology the force resulting from the normal 
stress effect. The lip model will predict the percentage of the normal stress 
effect contribution to the total lift which balances the seal lip force. 
 
 
In the contact zone the shear rates are extremely high because of the small film 
thickness. Here it is assumed that the rheology model can be extrapolated to 
obtain shear rates up to γ&= 1·107 s-1. It is also assumed that the lubricating 
medium is grease.  The contact geometry is defined by the parameters in figure 
B.3b where the film thickness h(x) is defined over the contact width b by the 
film heights h1 and h2. Three situations can be distinguished where h1 < h2, h1 =
h2 and h1 > h2 which all occur in practice depending on seal design and running 
conditions. The contact width b of a new seal is around 100μm and can 
increase to 400μm when the lip wears off [14].  
Film thickness measurements on oil lubricated seals show an oil film thickness 
of 1-5.5μm [14]. Thinner films are expected for grease lubricated seals [15] but 
no absolute values have been found in the public literature. Therefore a 
reference film thickness of 2μm is assumed such that the seal operates in the 
full film regime and rubber – steel contact can be excluded. The aim of this 
study is to see the significance of normal stresses in the load capacity and not to 
accurately predict frictional torque. 
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Figure B.3 Simplified lip geometry: (a) grease volume in the vicinity of the 
lip contributing to the lift, and (b) grease volume in the contact with contact 
width b and film thickness h(x). 

 
Maximum surface speeds are dependent on seal type, lubricant type and lip 
force. Dürnegger and Haas [15] studied grease lubricated 80mm ID garter 
spring seals up to surface speeds of 10.5m/s. Contacting bearing seals allow for 
maximum surface speeds of 15m/s for the same seal ID.  
 
Two phases in seal service can be distinguished: start-up and continuous 
running. During (first) start-up of the system there is grease under the seal lip at 
room temperature. Subsequently the system will heat up due to frictional 
heating in the contact. This frictional heating is not incorporated in the model 
and steady state situations with constant temperature only have been 
considered.  Dürnegger and Haas [15] measured a temperature of 57˚C on the 
shaft surface for a grease lubricated seal at 10.5m/s. They measured this 
temperature close to the contact and temperatures in the contact itself are 
expected to be higher. Temperatures of 70 to 120˚C are expected locally in the 
lip contact. 
 

The vicinity of the contact contains grease as well. Shear rates are much lower 
here than in the contact zone but due to the large width, a+d in figure B.3a, lift 
will be generated by the normal stress effect. The shear rate depends on the 
shaft speed u and the geometry which is defined here by the air side and 
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lubricant side angles α and β. The contact width b, as defined in figure B.3b, is 
zero here such that the influence of the contact zone and the vicinity of the lip 
can be studied separately. To obtain a total picture of the lift generated, both 
effects can be combined. 
 
 
The lip model includes the lip geometry h(x) which is defined by the parameters 
in figure B.3 and is used to calculate the local shear rate under the lip 
 

)(xh

u
=γ&         (B.11) 

 
where u is the shaft surface speed. Eq. B.11 can be substituted into eq. B.4 and 
B.7 to obtain the shear stress and normal stress as a function of the axial 
position x. The specific lift force Flift  which is the result of the normal stresses 
in the contact and vicinity of the lip can be calculated by integrating the normal 
stress:  
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where x1 and x2 represent the zone of interest. This can be for example the 
contact zone x2-x1 = b or the total width containing grease x2-x1 = a+b+d. 
The lip model also predicts frictional torque Mfriction [N·m] as 
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where r is the shaft radius and 2πr the shaft circumference. Note here that eq. 
B.12 and B.13 include the rheology models which have been defined for 
constant temperatures only. Temperature can be included in the rheology model 
by changing the constants in eq. B.4 and B.7 into temperature dependent 
functions. These functions can be found by fitting curves through data obtained 
at different temperatures. These functions make the model applicable for more 
advanced models. To keep it simple here, the rheology parameters have been 
kept constant.  

An analytical equation can be derived for calculating the normal stress in the 
zone x2-x1 where the film thickness is described by a simple linear equation. 
Substituting eq. B.7 into eq. B.11 gives the integral equation for the lift force 
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The film height at x1 is defined as h(x1)=ho and the slope of the lip as dh/dx= φ. 
When the vicinity of the contact is considered, the slope φ will represent the lip 
angle α or β. To solve the integral in eq. B.14 the integral has to be split in two 
parts and new integration boundaries have to be defined 
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where 1x̂ =ho/φ and 2x̂ = (x2-x1)+ho/φ. The constant film height ho only appears 
in the integration boundaries and is not in the integral. In this way a very 
simple expression for the shear rate is obtained which reads 
 

x

u
ˆϕ

γ =&         (B.16) 

 
The difference of the two integrals in eq. B.15 describes the same zone x1-x2 as 
defined by the integration boundaries in eq. B.14. The integrals in eq. B.15 can 
now be solved keeping all the constants in the rheology model  
 

  

   ( B.17) 
 

 
A similar analytical equation can be derived for the shear stress by substituting 
eq. B.3 into eq. B.13.  
 

  

  ( B.18) 
 

 
The analytical equations are a tool to include the non-Newtonian grease 
behaviour in current film thickness and friction models which exist for oil 
lubricated seals.  
 
 
The model results include the frictional torque Mfriction and lift force Flift 
resulting from the normal stress effect in the seal contact zone for different 
contact geometries and surface speeds. Subsequently the frictional torque and 
lift force are also calculated for different values of the grease height hg in the 
vicinity of the contact using the analytical model. These calculations are done 
for constant temperatures of 25, 70, 100 and 120˚C. It is recognized that in 
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reality temperature will rise with increasing speed but no frictional heating is 
included in the current model.  
The lift force Flift calculated with the model is the result of the normal stress 
terms only and will be compared to the seal lip force. A lip force Flip of 6N/m is 
used which represents a low contact pressure bearing seal and a lip force of 
60N/m is used which represents a shaft seal with garter spring. The 
elastohydrodynamic term Fμ-EHL is not  considered. The lip model will show 
which part of the lip force Flift/Flip is balanced by the normal stress effect. 
 
 
 
B.4 Results and discussion 

B.4.1 Rheometer results 

Newtonian oil is used to determine the gap error at 100, 50 and 25μm at the 
required temperature before and after a series of experiments. Figure B.4 shows 
the results of such a gap error measurement. It can be seen here that a decrease 
in shear stress is measured for a decreasing gap. This error comes from an error 
in the gap height measurement for which can be corrected using eq. B.19. The 
exact gap error can be determined by using a graphical method, explained by 
Davies and Stokes [13]. The following equation is used here to determine the 
real viscosity and subsequently the gap error 
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where ηm is the measured viscosity (slope in figure B.4) and ηr is the real 
viscosity. h/ηm can be plotted against the gap setting h. The slope of the straight 
line, the fit through the points, determines the real viscosity 1/ηr. The intercept 
at h = 0 gives the ε/ηr term from which the gap error can be determined.  
The gap error measurement with Newtonian oil is done before and after each 
series of experiments. For the measurements in figure B.4 a gap error ε = 27μm 
has been found. The insert in figure B.4 shows the results after the gap error 
correction. It can be seen here that the data points now overlap as expected.  
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Figure B.4 Shear stress measurement with Newtonian oil at 25˚C up to shear 
rates of γ& = 5·104 s-1. The insert contains data that is corrected for a gap error 
of 27μm. 

 

(a) The shear rheology of grease D has been measured at different gap heights 
of 500, 250, 100, 50 and 25μm at 25˚C. Shear rates up to γ& = 5·104 s-1  have 
been obtained at the smallest gap of 25μm.  
The shear stress measurement results are shown in figure B.5 and have been 
corrected for the gap error. Here the curves overlap almost perfectly at the 
higher shear rates. At lower shear rates the curves do not overlap exactly which 
could be due to other effects like wall slip. In this study the focus is on high 
shear rates, as can be found in seal applications and therefore no further 
attention is given at the low shear rate errors. 
After each measurement the rim was checked for edge fracture and radial 
migration of grease but no such edge effects were observed. Viscous heating of 
the sample was checked by measuring temperature. No temperature control was 
used for the measurements at 25˚C. Temperature increased with less than 2˚C 
during the short measurements and viscous heating is therefore neglected. 
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Figure B.5 Shear stress grease D at 25˚C for different gap heights including 
correction for the gap error. 
 
 
 

 

 
Figure B.6 Normal stress grease D at 25˚C for different gap heights including 
a correction for the gap error and inertia.  
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The shear stress model, eq. B.4 has been fit to the measurement data in figure 
B.5 using the parameter values in table B.1. Here τγ directly results from the 
measurements and ηo is taken as the base oil viscosity at 25˚C. Subsequently, K 
and n are used for fitting the curve. The dashed line in figure B.5 represents the 
base oil and it can be seen that the grease model reaches the base oil asymptote 
at high shear rates. 
 
Beside shear stress, the normal stress was also measured. Figure B.6 shows the 
results which have been corrected for the gap error and inertia effects. The 
inertia effects appeared to be rather small and could have been neglected. The 
relaxation time constant λ1 and power law index m in the normal stress model, 
eq. B.7, have been fit to the measurement results such that the slope is equal to 
the measurements at shear rates above 800s-1. The model shows good 
agreement with the measurement results at shear rates 3·102 < γ& < 104s-1 and 
the same trend is predicted at higher shear rates.  
It appears that the normal stress is in the same order of magnitude as the shear 
stress in figure B.5. This is confirmed by the earlier mentioned observations 
from Binding et al. [11].  
 
 
(b) temperature effects have been studied at four different temperatures 25, 70, 
100 and 120˚C. Figure B.7 shows the normal stress measurements for grease D 
at 100˚C. The gap error was checked at 100˚C with the Newtonian oil and the 
shear stress and normal stress measurements have been corrected for this error. 
The measured shear stress data for the different gap heights overlap at high 
shear rates but at low shear rates some deviation was observed which seemed to 
depend on the gap height and could be a result of wall slip. This observation 
has not been investigated further.  The normal stress measurements in figure 
B.7 show good consistency and no dependence on gap height.  
The parameters for the rheology model to fit the measurements at the four 
different temperatures can be found in table B.1. Here the power-law 
coefficients n and m appear to be almost independent of temperature.  
 
 

Model parameters grease D
 25˚C 70˚C 100˚C 120˚C
τγ 350 60 25 10 Pa 
ηo 0.17 0.030 0.0095 0.0044 Pa·s 
K 20 10 5.0 3.0 Pa·sn 

n 0.50 0.49 0.48 0.48 - 
λ 2.8 2.3 2.1 2.0 s 
m 0.71 0.71 0.71 0.71 - 

Table B.1 Rheology model parameters. 
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(c) Different greases have been measured at a temperature of 70˚C and a gap 
height of 250μm. The greases are all greases used in rolling element bearings 
and have a NLGI number of ~2. Table B.2 shows the grease indexes, thickener 
structures, base oil types, base oil viscosities and consistencies. Figure B.8 and 
B.9 show the measured shear stress and normal stress for these greases.  
In figure B.8 and B.9 a trend can be seen where greases which have a higher 
shear stress also have a higher normal stress. This trend confirms that the 
normal stress is in the same order of magnitude as the shear stress and suggests 
that the normal stress and shear stress are related. According to eq. B.6 this 
relation is based on the grease viscosity and relaxation time constant. The yield 
stress does not appear in eq. B.6  and does not seem not to be related to the 
normal stress. 
 
 

 
Figure B.7 Normal stress grease D at 100˚C for different gap heights 
including a correction for the gap error and inertia 

 
 
 

Grease characteristics 
Grease Oil  (cSt@100˚C) Thickener NLGI 
A Ester (9.4) Polyurea 2-3 
B Mineral (16) Lithium  2 
C Mineral (10.5) Polyurea 2-3 
D Mineral (11) Lithium 2 
E PAO (14.5) Lithium  2 
F Mineral (8) Lithium 2-3 

Table B.2 Grease characteristics 
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Figure B.8 Shear stress for different greases at 70˚C and a 250μm gap. 
 
 
 
 

 

 
Figure B.9 Normal stress for different greases at 70˚C and a 250μm gap. 
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(d) Continuous shearing of a grease sample does not result in a significant 
change of the measured normal stress in time. Grease D was sheared over a 
period of 22 hours at 70˚C of which 20 hours at a constant shear rate of 5000s-1 

(250μm gap height). Here measurements were done on fresh grease, after 2 
hours of continuous shearing, after 6 hours, after 12 hours, and after 20 hours 
of continuous shearing. No relation was found between shearing history and the 
measured normal stress. Also the shear stress was measured and the 
measurements showed a small increase in shear stress at low shear rates and a 
small decrease at high shear rates after longer periods of continuous shearing.  
 
 
The rheology model in eq. B.7 is based on general equations which are also 
used in polymer rheology. Similar physical phenomena are expected to occur in 
grease where the microstructure is elastically deformed during shearing. 
Therefore it is likely that the general equations are also suitable for describing 
secondary flow in grease. However, it can be argued whether for very thin 
films this analogy is still valid because the film thickness will be in the same 
order of magnitude as the grease microstructure dimension. However, the 
rheology model is well supported by measurements on the rheometer at 
different gap heights and temperatures. In other words, it was possible to fit the 
model to the normal stress measurements by adding a temperature dependent 
relaxation time constant λ1 and a constant power-law index parameter m to the 
set of parameters describing the shear stress.  
 
 

B.4.2 Lip model results 
 
The normal stress effect has been measured on the rheometer up to corrected 
shear rates of 2·104s-1. Much higher normal stresses were observed at low 
temperatures than at high temperatures. It was also observed in the experiments 
where the grease was exposed to continuous shearing, that the normal stress 
will not significantly change in time. The rheology model is used in the seal lip 
model to predict the contribution of the normal stress to balance the lip force in 
seal applications.  
 
 
The contact zone dimensions depend very much on the wear mechanism. For 
the model a contact width of 200μm is assumed. Three different contact 
geometries are studied: a flat contact zone with constant film thickness h1 = h2 
= 2·10-6m, and a contact zone with a minimum or maximum film thickness at 
c/b = 1/3 such that h1 ≠ h2. In case of the flat contact zone, the lift is 
proportional to the width b. The geometry parameters for the seal have been 
chosen based on realistic values found in public literature. Values for the initial 
choice of the seal geometry, figure B.3, can be found in table B.3.  
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Seal parameters 

b 200 μm 
c/b 1/3 - 
h1 2 μm 
h2 1-3 μm 
α 20-40 ˚ 
β 30-60 ˚ 
Flip 6 N/m 

Table B.3 Initial choice of seal parameters. 
 
Figure B.10 shows the results of the specific lift force Flift for different 
temperatures and contact zone geometries at an underlip temperature of 70˚C. 
It can be seen here that small variations in contact geometry h1/h2 have a 
relatively small influence on the generated lift and the effect of temperature 
appears to be more significant here. The model predicts a lift of 2N/m for the 
flat contact at 70˚C. This value can be related to the seals specific lip force 
which can vary between 6N/m for low contact pressure bearing seals to 60N/m 
for shaft seals which have a garter spring. This means that for the low contact 
pressure bearing seals 33% of the lip force can be balanced by the normal stress 
effect. For the shaft seals this is only 3% and therefore not significant.  
Looking at the different temperatures in figure B.10, it can be seen that the lift 
force depends very much on temperature. This was expected considering the 
rheometer experiments. The lift force of 2N/m reduces to 0.6N/m at 100˚C but 
can also increase to 13N/m at 25˚C. This means that at ambient temperature 
start-up, the lip force of  the low contact pressure bearing seal can easily be 
balanced by the normal stress effect and a lubricant film can be expected. This 
lift is independent of the seal surface roughness which is normally generated 
during running-in.  
The rheology model for the thin film in the contact zone had to be extrapolated 
over two orders of magnitude and has to be interpreted with care. Moreover, it 
is assumed that a grease film including solid thickener is lubricating the contact 
zone. One can also anticipate that the thickener will move out of the contact 
and the lubricant film consists of base oil only. In that case the non-Newtonian 
behaviour and normal stress effect would not be present. There is no evidence 
available in public literature whether there is grease or only base oil lubricating 
the contact. 
 
 
In the vicinity of the contact the grease also contributes to the lift. Despite the 
relatively low shear rates here, the contribution of the normal stress effect is 
significant because of the relatively large width a and d. The temperature in the 
vicinity of the contact is expected to be lower which also increases the normal 
stress effect. Figure B.3a defines the lip geometry where grease is present at 
both sides of the contact with a maximum height hg. Figure B.11 shows the 
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model results for a shaft speed u=10m/s and a minimum film height h0=2μm. 
The contact zone b is not included here such that b=0μm. 
Figure B.11 shows that the normal stress effect of the grease in the vicinity of 
the contact contributes to the same extent to the lift as the grease in the contact 
zone. Also here a lift of  almost 2N/m is generated at T=70˚C if hg=1mm. In 
case hg is smaller, e.g. hg≈0.3mm, still a specific lift force of ~1N/m is 
obtained. This means that for the low contact pressure bearing seal the total 
normal stress effect, contact zone and vicinity of the contact, can balance the 
lip force for 50% to 65%. When assuming the temperature in the vicinity of the 
contact to be lower than in the contact itself, this percentage can even be higher 
and completely balance the lip force. Results for different lip angles are also 
shown in figure B.11. It can be seen here that when the lip angles decrease, the 
lift force increases due to the increase in shear rate.  For the shaft seals the 
percentage of lift, balancing the lip force, is relatively low because of the high 
lip force. 
  
The rheology model had to be extrapolated less than one order of magnitude to 
obtain the shear rates in the vicinity of the contact. No indication was found 
that this extrapolation would not be valid.  
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Figure B.10 Lip contact model for different temperatures and contact 
geometry h1=2μm and b=200μm. 
 

 
 

 
Figure B.11 Lift generated by the grease in the vicinity of the contact for 
different temperatures and lip angles α-β, ho=2μm and u=10m/s. 
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Figure B.12 Isothermal frictional torque as a result of shearing the grease in 
the contact zone for different temperatures and contact geometries; h1=2μm 
and b=200μm.  

 
 

 
Figure B.13 Isothermal frictional torque as a result of shearing the grease in 
the vicinity of the contact for different temperatures and lip angles α-β; 
ho=2μm and u=10m/s. 
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Frictional torque at constant temperature is also output of the lip model. Figure 
B.12 shows that the frictional torque in the contact increases linearly with 
speed. This is because of the very high shear rates already obtained at low shaft 
speeds due to the very thin lubricant film; here the shear stress approaches the 
base oil asymptote such that figure B.12 describes the base oil behaviour. It can 
be seen that if the temperature in the contact is increased to 100˚C and the film 
thickness remains constant, the frictional torque drops to 0.23Nm. In 
experiments an increase in frictional torque has been observed with increasing 
temperature. This may be because of the decrease in viscosity and film 
thickness such that the seal will subsequently run in the boundary lubrication 
regime. When the temperature in the vicinity of the contact is lower, the 
frictional torque can easily double due to increased viscosity. Again this plot is 
not a ‘traction curve’ plot where the temperature is depending on speed.  
Figure B.13 shows the contribution to the frictional torque from the grease in 
the vicinity of the contact. Here a non-Newtonian behaviour of the grease is 
clearly visible.  
 
 
 

B.5 Conclusion 

A rheology model has been derived to calculate the first normal stress for a 
lubricating grease in a seal like geometry. This normal stress tends to lift the 
seal lip from the shaft and allows for the formation of a lubricating film. 
Measurements on the rheometer show that the normal stress in the grease is in 
the same order of magnitude as the shear stress. The rheology model has been 
fitted to the measurement results and has been used as an input for the lip 
model to predict the lift force. A specific lift force up to 13N/m was calculated 
for the lip contact at 25˚C. At more realistic operating conditions, like 70-
100˚C contact temperature, the model predicts a lift force of 0.6-3N/m which 
generates a lift of 10-50% in case of a low contact pressure bearing seal. For 
radial shaft seals with much higher lip forces the normal stress effect 
contributes for less than 5% and can be neglected. The primary lubricating 
mechanisms for oil lubricated seals are dominant here.  
To obtain the high shear rates in the contact zone the rheology model had to be 
extrapolated for more than 2 orders of magnitude. It has been assumed here that 
a grease film lubricates the contact and that the rheology model can be applied 
to very thin films. No evidence has been found to confirm these assumptions 
and therefore the lip model for the contact zone has to be interpreted with care. 
At the same time the lip model predicts lift resulting from the grease in the 
vicinity of the contact at shear rates and film heights similar to the ones 
measured on the rheometer. This part of the lip model gives reliable results and 
can easily be included in existing film thickness models for oil seals and make 
them applicable to grease lubricated seals. 
 
 



 76

Acknowledgements 

The work described in this paper has been financed by SKF. The authors would 
like to thank Prof. E. Ioannides, Director Product R&D, for his kind permission 
to publish this paper.
 
 
 
References 

1  Baart, P., Lugt, P.M. and Prakash, B. Review of the lubrication, 
sealing and pumping mechanisms in oil and grease lubricated radial lip 
seals, Proc. Inst. Mech. Engrs, part J: J. Engineering Tribology, 2009, 
in press. 

2  Gabelli, A. Micro-elastohydrodynamic lubricant film formation in 
rotary lip seal contacts, Proc. of the 15th Leeds-Lyon Symposium on 
Tribology, 1989, 57-68

3 Salant, R.F. and Flaherty, A.L. Elastohydrodynamic analysis of 
reverse pumping in rotary seals with microasperities. Trans. of the 
ASME J. of Engineering Tribology, 1995, 117, 53-59 

 
4 Hajjam, M. and Dominique, B. Non-Newtonian effects on 

elastohydrodynamic behaviour of rotary lip seals. Proc. Inst. Mech. 
Engrs, part J:J. Engineering Tribology, 2006, 220, 79-85 

5 Schulz, F., Wiehler, K., Wollesen, V.M. and Vötter, M. A molecular-
scale view on rotary lip seal sealing phenomena. Proc. 25th Leeds-Lyon 
symposium on tribology, 1999, 457-466 

 
6  Barnes, H.A., Hutton, J.F. and Walters, K. An introduction to 

rheology. Elsevier, Amsterdam, 1989  
 
7 Tanner, R.I. Non-Newtonian flow and the oil seal problem. J. Mech. 

Eng. Sc., 1960, 2, 1, 25-28 

8 Oldroyd, J.G. Non-Newtonian effects in steady motion of some 
idealized elastico-viscous liquids, Proc. of the Royal Soc. of London, 
1958, A245, 278-297 

9 Williamson, B.P., Walters, K., Bates, T.W., Coy, R.C., Milton, A.L. 
The viscoelastic properties of multigrade oils and their effect on journal-
bearing characteristics. J. Non-Newtonian Fluid Mech., 1997, 73, 115-
126 

 



 77

10 Hutton, J.F. On using the Weissenberg rheogoniometer to measure 
normal stresses in lubricating greases as examples of materials which 
have a yield stress, Rheol. Acta, 1975, 14, 979-992 

 
11 Binding, D.M., Hutton, J.F. and Walters, K. On using the torsional 

balance rheometer to measure normal stresses in lubricating greases, 
Rheol. Acta, 1976, 15, 540-547 

 
12  Palacios, J.M. and Palacios, M.P., Rheological properties of greases in 

EHD contacts, Tribology international, 1984, 17, 3, 167-171 
 
13  Davies, G.A. and Stokes, J.R. Thin film and high shear rheology of 

multiphase complex fluids. J. Non-Newtonian Fluid Mech., 2008, 148, 
73-87 

 
14 Van Leeuwen, H.J. and Wolfert, M. The sealing and lubrication 

principles of radial lip seals: an experimental study of local tangential 
deformations and film thickness. Proc. 23rd Leeds-Lyon Symposium on 
Tribology, 1997,  219-232 

 
15 Dürnegger, W. and Haas, W. Rotary shaft seals in grease sealing 

application. Kautschuk Gummi Kunststoffe (in German), 2007, 60, 5, 
261-266 

 
 



 78



 79

Paper C 



 80



 81

 
 
 
 

Oil Bleeding Model for Lubricating Grease Based on 
Viscous Flow Through a Porous Microstructure 

 
 

P. Baart a,b, B. van der Vorst b, P.M. Lugt b and R.A.J. van Ostayenc 
 

a Division of Machine Elements, Luleå University of Technology, Luleå, Sweden 
b SKF Engineering and Research Centre, Nieuwegein, The Netherlands 

c Department of Precision and Microsystems Engineering, Delft University of 
Technology, Delft, The Netherlands 

 
 
Abstract 
One of the criteria in selecting lubricating grease for rolling element bearing 
applications is its ability to bleed oil, sometimes called ‘grease bleeding’. Oil 
bleeding is assumed to be the dominating mechanism supplying new oil to the 
rolling track for lubrication.  
In this study a physical model has been developed to understand the relation 
between parameters that control oil bleeding. In the model, lubricating grease is 
described as a porous network, formed by the thickener fibres, that contains the 
base oil. This type of structure is confirmed by SEM and AFM images of a 
lithium complex grease showing a matrix of rigid fibres with random 
orientation.  
A relatively simple flow model based on Darcy’s law for viscous flow in 
porous media and an anisotropic microstructure deformation model have been 
developed. The model relates the pressure gradient, oil viscosity, thickener 
structure deformations and permeability, to the volumetric oil flow out of the 
thickener network. The permeability depends strongly on the thickener 
microstructure. The model has been verified with experiments at a wide variety 
of temperatures and rotational speeds. 
 
Keywords: Oil bleed, microstructure permeability, grease lubrication, rolling 
element bearing 
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C.1 Introduction 
 
Grease is a complex lubricant consisting of a base oil, additives and a thickener 
structure which gives the grease a consistency and acts as a reservoir for the 
base oil. The base oil is slowly released from the grease, called oil bleeding, 
and replenishes the lubricated contact. The mechanism by which this oil release 
is activated is not clearly understood. In fast rotating applications a centripetal 
body force acting on the grease is assumed to be the driving force. Applications 
like this can be found in rolling element bearings and axial seals where an axial 
lip runs against a rotating flinger or vice versa, see figure C.1.  
 
The solid thickener in the grease is assumed to form a microstructure 
containing the oil. This kind of structure with a solid matrix and a fluid in the 
free space is often referred to as a porous medium [1]. In most lubricating 
greases used in rolling element bearings, the thickener is a lithium 
hydroxystearate or lithium complex which is also referred to as a (metallic) 
soap. Lubricating greases show a yield stress flow behaviour, i.e. they show 
elastic behaviour below a certain stress and start to flow at higher stresses. The 
yield stress and elasticity of the grease depend on the strength of the fibrous 
network and consequently on the interaction between the oil and the thickener. 
Fresh grease contains a soap fraction of 3-30% which increases during grease 
life where oil is slowly bleeding out until a critical soap fraction of 50-60% is 
reached at the end of grease life [2]. 

 

 
Figure C.1 Grease subjected to centripetal body load: (a) near the axial lip of 
a seal and (b) on the cage of a rolling bearing. 

 
Baker [3] measured the oil bleed rate of several greases at different 
temperatures. He found that bleeding rates increase with temperature and 
strongly depend on the type of base oil and thickener. It appears in his research 
that bearings operating at high temperatures do not require significantly higher 
bleeding rates to ensure long life. The type of experiments Baker did, have 
been normalized in the DIN 51817 [4] where the amount of oil bleed under a 
static load is measured after 168 hours. Dynamic tests simulating oil bleed in 
bearing conditions have not been found in literature. 
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 A test rig has been developed to measure oil bleeding under a centripetal body 
load at elevated temperatures to obtain more realistic data. The thickener 
microstructure is studied and the oil flow is modelled using porous media 
theory. The microstructure of a lithium complex soap containing a mineral oil 
will be modelled and studied in more detail in the current work.  
 

Nomenclature 

η  = dynamic viscosity 
θ  = fibre tiling angle 
ν  = kinematic viscosity 
ρ  = density 
ω  = angular velocity 
a  = Acceleration 
A  = cross section area 
b  = soap fibre diameter 
f  = fibre volume fraction 
fo   = initial fibre volume fraction 
fmax  = maximum fibre volume fraction 
fmo   = initial fibre mass fraction 
Fbody  = body force 
Ffriction  = friction force 
g  = gravity acceleration 
h  = height grease in cup 
k  = permeability 
L  = length  
Lo  = initial length 
Lmin  = minimum length 
m  = mass 
Δp  = pressure difference 

p∇   = pressure gradient 
q  = flow velocity 
Q  = volumetric flow 
r  = fibre radius 
R  = radius 
Re  = Reynolds number 
t  = time 
V  = volume 
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C.2 Theory  
 

C.2.1 Grease microstructure 
 
Lithium hydroxystearate soap is the most common thickener type used in 
rolling bearing greases. The microstructure of this type of thickener consists of 
long fibres. Hurley and Cann [5] showed that a lithium hydroxystearate soap 
has a fine and complex network of fibres slightly twisted in some areas. 
Lithium complex grease has a more simple microstructure formed by longer 
rope-like fibres with a higher degree of twist. They used several different 
techniques to examine the grease microstructure and found varying values for 
characteristic microstructure dimensions like fibre diameter and length. Two 
visualisation techniques will be discussed in more detail, first Scanning 
Electron Microscopy (SEM) and secondly Atomic Force Microscopy (AFM). 
 
Figure C.2 shows a SEM image of the microstructure of a lithium complex 
soap. The fibrous microstructure is clearly visible here. Making such a SEM 
image requires high vacuum and the oil has to be washed out of the grease such 
that only thickener is left. Since grease consists for 65-95% of oil, 
interpretations based on SEM images have to be done carefully because the 
final microstructure might be a result of the washing technique and the physical 
microstructure might have collapsed [6]. The advantage of AFM is that wet 
samples, still containing the base oil, can be examined and it produces a true 
three-dimensional surface profile, see figure C.3. However there are some 
limitations regarding the scanning area, field of depth, and the scanning time is 
much longer than for the SEM. A comparison of washed and unwashed fibre 
dimensions on the AFM suggest that washed fibres are slightly thicker [5]. This 
is expected to be the result of the soap-solvent interaction and swelling of the 
soap fibres. 
 
Soap fibre diameters found in literature using SEM and AFM range from 0.1 to 
0.5 μm. Hurley and Cann [5] found a typical fibre width of 0.1 μm for a lithium 
hydroxystearate grease and 0.15 to 0.2 μm for a lithium complex grease. These 
values have been measured from washed samples using SEM.  
 
The fibre diameter of the lithium complex grease used in this study has been 
measured using AFM. This is expected to give the most reliable image of the 
microstructure and fibre dimensions since it measures the grease directly 
without a washing procedure. Figure C.3 shows the AFM image of the lithium 
complex grease. The fibre diameter is ~0.2 μm and the fibres clearly have a 
twisted  rope-like shape but do not show the dense and bonded structure as in 
the SEM image in figure C.2.  
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Figure C.2 SEM image of a lithium hydroxy-stearate soap network after 
washing out the base oil. 

 
 
 
 

 
Figure C.3 AFM image lithium complex grease 5x5μm.  

 
 
 



 86

The lithium complex grease in figure C.3 was measured on the Atomic Force 
Microscope from CSM instruments using the settings in table C.1.  
 

AFM CSM Instruments 
Operation mode: Non-

contact 
 

Tip type: ACLA  
 - Tip length 225 μm 
 - Oscillating frequency 160 kHz 
 - Free amplitude 150 nm 
 - Set point  30 % 
Controller settings   
 - P 0.06  
 - I 200 μs-1 

Scanning speed 0.1 line/s 
Scanning resolution 514x514 Pixels

Table C.1 Settings for the AFM CSM
 
 

C.2.2 General flow equation 
 
Flow through porous media was first studied by Darcy and published in 1856 
[1]. From his experiments on water flow through a fully saturated column of 
sand, he found a relation between the pressure difference over the column of 
sand and the flow rate of the water as 
 

L

pk

A

Q Δ
=

η
        (C.1) 

 
where Q is the volumetric flow rate through a cross section area A. The ability 
for the fluid to flow through the porous media is described with the 
permeability constant k and the fluid viscosity η. A pressure difference Δp 
drives the fluid over length L in the flow direction.  
Darcy’s law only applies when viscous shear forces dominate the friction such 
that inertia effects can be neglected. This means that the Reynolds number must 
be small, i.e. Re<<1 as defined in [1].  
 
For the oil bleeding model, the oil bleed process is assumed to be a pressure 
driven flow through the porous microstructure of solid soap fibres. In order to 
identify the different parameters involved in oil bleeding, the force balance on a 
small grease volume is considered 
 
 amFF frictionbody

rrr
⋅Δ=+       (C.2) 
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where Fbody is the total of external bulk forces acting on a volume element such 
as gravity and acceleration, Ffriction is the friction force on the oil due to flow 
through the porous soap microstructure, and on the right hand side is the 
inertial force. To apply Darcy’s law, the Reynolds number must be smaller than 
1 which means that the inertial forces in eq. C.2 can be neglected. It was 
checked in the final model that the Reynolds number is indeed much smaller 
than 1 such that 
 

0=+ frictionbody FF
rr

       (C.3) 

 
This equation is used to describe the oil bleeding of grease. The yield stress and 
elastic behaviour of the grease are not considered here. To make a complete 
viscoelastic model, the geometry and deformation of the soap microstructure 
should be considered in too much detail and included in the force balance. This 
would increase the complexity of the model enormously and is therefore not 
included at this time.  
 
 
 
C.3 Methods and modelling 

C.3.1 Grease microstructure model 

The grease microstructure has been visualized with the AFM in figure C.3 and 
is shown again in figure C.4a. For the oil bleed model this measured structure 
is simplified to circular and randomly ordered fibres suspended in oil as shown 
in figure C.4b. 
 
 

 
Figure C.4 Thickener structure (a) picture made with AFM, (b) 1st 
simplification to rigid fibres and (c) 2nd simplification to orthogonal arranged 
rigid fibres where the structure consist of stacked cubic unit cells of volume V0 
= L0

3 at t=0. 
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For fresh grease, the fibre direction distribution is assumed uniform. 
Subsequently, to simplify modelling the permeability of the microstructure, the 
model is further simplified with the fibres ordered in an orthogonal 
arrangement, as shown in figure C.4c, with one axis parallel to the pressure 
gradient. This results in 1/3 of the fibres being orientated parallel and 2/3 of the 
fibres being oriented perpendicular to the oil flow. The orthogonal fibre 
arrangement has the advantage that anisotropy, i.e. fibre orientation, is 
relatively easy to model.  

Base oil will flow out of the grease during oil bleed, which results in an 
increase in soap volume fraction. This means that the soap structure has to 
become denser and the permeability will decrease, i.e. the resistance for the oil 
to flow through the soap microstructure increases. This mechanism makes the 
oil bleed decrease in time. 
 
For the model a homogeneous soap volume fraction over the whole grease 
volume is assumed. This is approximately true for sufficiently small grease 
volumes. Grease samples with bigger volumes, that have been subjected to 
centripetal loads, show an increase in soap fraction at the smaller radius. This 
can be explained with the oil flow in radial direction. For modelling the oil 
bleeding the homogeneous soap distribution is assumed and it will appear in 
the simulation results that this assumption is justified.  
 
 

C.3.2 Friction force 
 
The friction term in eq. C.3 is described using Darcy’s law from eq. C.1 which 
reads in it’s general form 
 

 pkq ∇⋅=
rrrr

η

1
        (C.4) 

 

where q
r

 is the fluid velocity vector, k
rr

 the permeability tensor and p∇
r

 the 
pressure gradient. From this equation the friction force per unit volume is 
deduced as 
 

 qkp friction

r
rrr

⋅=∇ −1η        (C.5) 

 
This is the basic equation used in the force balance in eq. C.3 to calculate the 
oil flow velocity q. Eq. C.5 requires values for the base oil viscosity η and the 
permeability k. 
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The base oil viscosity follows Newtonian behaviour for the low oil flow 
velocities in the grease and is assumed to depend on temperature only. 
Walthers equation is used to describe the temperature-viscosity behaviour [7] 
 
 ( )[ ] ( )TBA log7.0loglog −=+ν      (C.6) 
 
where ν is the kinematic viscosity in cSt and T the temperature in Kelvin. A and 
B are constants which can be determined from two measured viscosities at 
known temperatures, normally 40 and 100˚C. Eq. C.6 can be written for the 
dynamic viscosity as  
 

 
( )[ ]( )[ ]7.01010

273log106 −=
+−− TBA

ρη       (C.7) 
   
where η is the dynamic viscosity in Pa·s at temperature T in ˚C and ρ the oil 
density.  
 
 
The permeability strongly depends on the porosity of the soap microstructure. 
In some cases the permeability of a porous medium can be determined directly 
from experiments. However, in most cases, permeability models are required to 
calculate the flow as a function of the pressure gradient. The same applies to oil 
bleeding of grease. When a good model for the grease permeability is available 
the oil bleeding can be predicted. 
 
Gebart [8] derived analytical expressions for the permeability of flow parallel 
and perpendicular to a grid of uniaxial aligned fibres. In the orthogonal 
arrangement of fibres as assumed in figure C.4c the combined permeability is 
taken as a summation of these contributions as 
 

 //3
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3

2
kkk += ⊥        (C.8) 

 
where ⊥k  is the permeability perpendicular and //k  the permeability parallel to 
a grid of uniaxial aligned fibres. The expressions for permeability parallel and 
perpendicular as derived by Gebart are respectively 
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where fmax is the maximum fibre volume fraction and r is the radius of the soap 
fibres. Eq. C.9 has originally been derived for relatively high volume fractions 
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where the pressure gradient over the complete volume is dominated by the 
pressure drop over the small gap region between two fibres. Gebart [8] showed 
that the error between the analytical equation, eq. C.9, and numerical 
simulations is smaller than 10% for fibre volume fractions f>0.35. Since the 
initial soap volume fraction of fresh grease ranges from 0.03 to 0.30, the error 
expected here is more than 10%. However, the simulations in this paper show 
that the error at low fibre volume fractions is acceptable.  
 
From eq. C.9 and C.10 it is clear that as the volume fraction increases during 
oil bleed, the permeability decreases which is the main reason for the oil bleed 
rate to decrease over time. Change of the grease microstructure might cause 
additional reduction of the oil bleed rate. The change of the grease 
microstructure can be modelled in several ways.   
 

 
Figure C.5 Two fibre arrangements for their maximum fibre volume fraction. 
(a) the orthogonal arrangement and (b) the arrangement where the initially 
parallel fibres become perpendicular. 

 
First the effect of fibre volume fraction increase is studied assuming that the 
orthogonal arrangement is maintained during oil bleed. In this case the fibre 
volume fraction increase can be achieved by increasing the fibre radius r or by 
decreasing the size L of the cubic unit cell. Only decrease of the cubic cell is 
taken into account since gradual growth of the fibre radius due to oil bleed is 
most unlikely to happen in reality. This means that the fibre radius r in eq. C.9 
and C.10 remains constant while f increases in time. The maximum fibre 
volume fraction possible for the orthogonal arrangement is reached when the 
fibres are touching, see figure C.5a, and fmax=3π/16. 
 
Secondly a model is proposed that assumes that fibres initially parallel to the 
pressure gradient, gradually tilt and finally become perpendicular to the 
pressure gradient and oil flow. Consequently, the microstructure becomes 
anisotropic during oil bleed and a higher maximum volume fraction can be 
reached. Figure C.5b shows the situation where all fibres have tilted 
perpendicular at the maximum fibre volume fmax=π/4, which is much higher 
than the case of the isotropic fibre arrangement in figure C.5a.  
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The anisotropic fibre arrangement means that eq. C.8 has to be modified to 
include the tilting of fibres. Figure C.6 shows one individual fibre of the group 
of uniaxial aligned fibres that were initially parallel to the flow but which have 
now tilted at an angle θ. The oil flow around this group of fibres can be 
decomposed into two contributions: one for flow parallel to the fibres //q  and 
one for flow perpendicular to the fibres ⊥q . The pressure drop dp/dz can 
subsequently be written as the summation of the parallel and perpendicular 
flow contributions 
 

 θ
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This can be written as Darcy’s equation i.e. 
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with the permeability of the tilted fibres written as 
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Figure C.6 Fibre tilted with angle θ and flow components q perpendicular and 
parallel to the fibre. 
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When assuming that in fresh grease 1/3 of the fibres is orientated parallel and 
2/3 is oriented perpendicular to the oil flow, as in figure C.4c, the total 
permeability including anisotropy is calculated as 
 

 ( )θkkk
3

1

3

2
+= ⊥        (C.15) 

 
To evaluate the angle θ in eq. C.14 it is assumed that the volume reduction of 
the cubic unit cell comes only from a reduction in height L(t) such that the base 
surface is constant and equals Lo

2. Consequently Lo-Lmin is the height over 
which the fibres tilt during oil bleed, defined as the difference between the 
initial volume height Lo and the minimum volume height Lmin of the cubic cell 
when the maximum volume fraction is reached. The height of the fibres parallel 
to the oil flow at time t equals L(t)-Lmin, such that the angle θ can be written as 
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By expressing the unit cell volume V(t) as Lo

2L(t) and using the relation 
V(t)f(t)=Vofo, eq. C.16 can be written as a function of the soap volume fraction 
as 
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Initially, when f=fo,, θ equals 0˚ and k(θ) becomes k// meaning that one third of 
the fibres is parallel to the oil flow and eq. C.15 becomes equal to the isotropic 
case as in eq. C.8. During oil bleed the angle θ will increase and will finally 

become 90� when f equals the maximum fibre volume fraction fmax. Now all 
fibres have tilted perpendicular to the pressure gradient and the oil bleed stops.  
 
 

C.3.3 Body force 
 
The body force consists of gravity force and centripetal force due to the 
rotational speed. This force builds up the pressure in the grease that pushes out 
the oil. The body forces acting on grease rotating with angular speed ω at 
distance R around a central point are the gravity force and the centripetal force 
due to rotation 
 
 RmgmFbody

rrr
2ω+=        (C.18) 
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For the grease in a rotating application like the axial seal lip, the gravity force 
is at least a factor 100 smaller than the centripetal forces and has therefore been 
omitted in the model.  
 
The pressure gradient as derived by considering the body forces on an 
infinitesimal small volume element located at distance R from the centre of 
rotation, becomes 
 
 Rpbody

2ρω=∇        (C.19) 

 
where ρ is the oil density. This expression is used as the body force that drives 
the oil flow in eq. C.3.  
 

C.3.4 Experiments and validation 
 
The standard test for measuring oil separation is described in DIN51817 [4]. 
Here a dead weight is put on top of a cup filled with grease and the oil is slowly 
pressed out through a sieve at the bottom side. The mass of the oil separated 
from the grease is measured after resting for 1 week in an oven at 40˚C.  A 
modified test is sometimes performed at elevated temperature or higher internal 
pressure.  
 
The conditions in the DIN51817 test are not representative for grease 
experiencing high centripetal forces resulting from high rotational speeds. A 
more representative test rig has been designed to measure oil separation from 
grease under centrifugal motion at different temperatures and rotating speeds. 
A schematic representation of this rig is shown in figure C.7. 
 
 

 
Figure C.7 Test rig to measure oil separation from grease under centrifugal 
motion. 
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Test rig dimensions 
Ro 67e-3 m outer radius 
A 3.14e-4 m2 outflow area 
hcup 31e-3 m cup length 

Table C.2 Test rig dimensions 
 
The cylindrical cup is filled with grease and four of these cups are mounted on 
a central rotating shaft. The oil bleeding out of the cup is collected in a small 
retrieval container which is screwed onto the cup. This container is not shown 
in figure C.7. The mass of the oil in these containers determines the oil bleed 
which is measured during a test period of 24 hours at a defined test temperature 
and rotational speed. 
 
In the test rig the oil flow is parallel to the centrifugal body load resulting in a 
relatively simple 1-dimensional flow. This 1-dimensional flow is modelled 
with the force balance in eq. C.3.  
 
The grease selected for this study is a lithium complex grease and has a NLGI 3 
consistency. This grease has a simpler microstructure than a lithium hydroxy-
stearate grease [5] and is expected to be described better by the microstructure 
model. The fresh grease has a high percentage of thickener content which 
minimizes the error for low fibre volume fractions in the analytical 
permeability model, eq. C.9.
 

C.3.5 Algorithm to calculate oil bleeding 
 
A numerical calculation is used to solve the equations and predict the oil bleed 
in time. In each time step Δt the oil bleed rate is calculated as follows: 
 

1. The fibre volume fraction f is calculated as f=f0V(t)/V0. 
2. The permeability //k  and ⊥k  are calculated using eq. C.9 and C.10.  
3. The angle θ and the permeability k(θ) are calculated from eq. C.17 and 

C.14 respectively (θ=0 in case of isotropic bleeding). 
4. The grease permeability k is calculated from eq. C.15 as the combination 

of permeability parallel and perpendicular to the soap fibres.  
5. The pressure gradient over the grease length h in the rotating cup (figure 

C.7) is calculated from eq. C.19 as 
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or when solving the integral, 
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6. Now the oil bleed rate can be found from eq. C.1 as  
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7. The grease volume at time t+Δt becomes 

 

t
dt

dV
tVttV Δ+=Δ+ )()(       (C.23) 

 
8. The total mass percentage of oil loss is calculated from the bleeding rate 

and will be compared with the experimental results. 
 
The input for the model comes from the grease properties. The grease density 
and base oil viscosities are given by the grease manufacturer. The fibre 
diameter is determined from the AFM image. The fibre mass fraction and base 
oil density can be measured using standard measuring methods where the oil is 
separated from the soap. Values for the lithium complex grease are shown in 
table C.3. 
 
 
 

Grease properties 
ρgrease 930  kg.m-3 grease density 
ρoil 870  kg.m-3 base oil density  
η40 113e-3 cSt base oil viscosity at 40˚C 
η100 12.1e-3 cSt base oil viscosity at 100˚C 

b 200 nm fibre diameter 
fmo 0.26 - fibre mass fraction 

Table C.3 Grease properties 
 
 
For the experimental tests four different ambient temperatures and two 
different rotational speeds are used.  
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C.4 Results and discussion 
 
The oil bleed model contains several equations for the permeability and the 
grease microstructure. The flow of the base oil through this microstructure is 
very sensitive to the permeability which decreases with increasing fibre volume 
fraction.  
Figure C.8 shows the different models proposed for the permeability. The 
boundaries of the models are given by the two cases where all fibres are 
uniaxial aligned and perpendicular or parallel to the pressure gradient, i.e. with 
permeability equal to ⊥k  and //k  respectively.  
It can be seen here that for the perpendicular arrangement the permeability is 
smallest and goes to zero at f = π/4 which was defined as the maximum fibre 
volume fraction. For the parallel case no such limit appears in the equation. 
This means that even at the maximum fibre volume fraction, a flow of oil is 
still possible.  
 

 
Figure C.8 Permeability models for fluid flow through a fibrous media. 

 
Consider the first case, as described in eq. C.8, where the fibres stay in the 
orthogonal arrangement. Figure C.8 shows that the permeability is lower than 
for the uniaxial parallel fibre arrangement but follows the same trend.  
Interesting is the second case where the fibres that are initially parallel, tilt 
during oil bleed and finally become perpendicular according to eq. C.15. Then 
the permeability decreases to values similar to the uniaxial perpendicular case. 
The permeability finally goes to zero which means that the oil bleeding stops 
while the microstructure still contains oil.  
The permeability derived for fibres perpendicular to the oil flow, eq. C.9, has to 
be used with care because this equation was originally derived for fibre volume 
fractions f>0.35. The grease used in the current study has an initial fibre 
volume fraction of 0.24 but this can be lower for other greases. However, in the 
initial orthogonal structure also parallel fibres are present such that the model is 
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not only depending on eq. C.9. In addition, during oil bleed higher fibre volume 
fractions are reached where eq. C.9 can be used without problems.  
 
The simplest model is considered where the grease microstructure is assumed 
isotropic such that eq. C.8 applies and the oil bleed will decrease in time due to 
the decrease in permeability. Here this decrease only comes from the increasing 
fibre volume fraction.  
Figures C.9a and C.9b show the percentage of oil loss respectively at different 
temperatures and at different speeds. The symbols represent the experiments 
and the lines represent the numerical model. The model shows similar trends as 
the experiment but predicts higher values for the oil loss and oil bleeding rate.  
The isotropic model, using eq. C.8 for the total permeability, overestimates the 
experiments. This means that the predicted permeability is too high and has to 
decrease faster with oil loss. Finally, when the maximum fibre volume fraction 
is reached, the oil bleed has to stop. This, however, does not happen here since 
the permeability does not become zero at high fibre volume fractions as was 
shown in figure C.8.  
 
The stop of oil bleeding is fulfilled in the anisotropic model where the fibres 
that are initially parallel with the pressure gradient slowly tilt perpendicular 
during oil bleed. Here the oil bleed rate will reduce faster and there is a limit 
for the maximum percentage of oil loss when the maximum fibre volume 
fraction is reached. 
Figure C.10a shows that the results obtained with the anisotropic  model using 
eq. C.15 predicts the oil loss with better accuracy. Here the oil loss at 120˚C is 
still overestimated in the beginning but finally approaches the measured values. 
At lower temperatures, 40 and 60˚C, the first hours are described very well but 
the model somewhat overestimates the oil loss at later times. Also at lower 
speeds of 1000 rpm, as shown in figure C.10b, the anisotropic model describes 
experimental results reasonably  well. Overall, the model seems to capture the 
main effect of speed and temperature on the oil bleeding rate. 
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Figure C.9 Oil loss due to oil bleed for an isotropic grease microstructure. 
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Figure C.10 Oil loss due to oil bleed of an anisotropic grease microstructure 
where fibres that are initial parallel tilt perpendicular to the pressure gradient 
or oil flow. 
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Figure C.11 shows an extrapolation of the anisotropic model up to 1000 hours 
and includes more temperatures and rotational speeds. All curves finally reach 
the same maximum percentage of oil loss and give a good indication of the 
time it takes to reach this maximum. At increased temperatures or rotational 
speeds the maximum percentage of oil loss is reached earlier. This could be 
correlated to relubrication intervals of bearings which also become shorter 
when temperature or speeds are high. 
 
 
It is anticipated that the oil bleed model can be used for all greases which have 
a similar microstructure as the lithium complex grease studied here. This means 
that also lithium hydroxystearate greases and calcium greases can be modelled 
in the same way. However, the grease properties presented in table C.3 will be 
different and have to be measured for each individual grease.  
 
It must be recognized that the model presented here is not yet complete apart 
form the assumptions made during the derivation such as uniform fibres and 
the homogenous microstructure. Other forces might become relevant at 
conditions where the centripetal force, which is the driving force in the current 
model, becomes small. Here one can think of the capillary force acting at the 
grease surface, at the air interface, due to adhesive forces between thickener 
fibres and oil. Including capillary forces into the model, results in a reduced oil 
bleed rate and to a threshold force below there is no oil bleed. Indications for 
capillary effects are found in static grease bleeding experiments where the 
temperature was lowered after some time and it was observed that the oil that 
did bleed out of the grease was sucked back into the grease again. Also the 
reduction of the oil bleed rate found in the current experiment at reduced filling 
rates of the cup, i.e. grease mass, seems to indicate the existence of capillary 
forces.  
 
It is expected that the dependence on filling rate of the cup will become visible 
in the model when additional forces like the capillary forces, soap-fibre 
interactions and non-homogeneous microstructures are included. The model 
also does not include other secondary effects such as the force needed to 
deform the soap network during bleeding, oxidation of the oil which results in 
growth of fibre diameter [6] and the buoyant force due to the difference in mass 
density between the thickener fibres and the oil. Including this last effect might 
lead to an explanation for the oil layer sometimes found on top of the grease 
after long storage times.  
Nevertheless, the current model gives a good indication of the oil bleed rate 
when including the anisotropic deformation of the soap microstructure. 
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Figure C.11 Oil loss due to oil bleed over a long time span as an indication of 
relative grease life. 
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C.5 Conclusion 
 
The microstructure of a lithium complex grease has been visualized using 
AFM. The images show that the grease consists of solid fibres embedded in oil. 
These fibres have a twisted rope-like shape with a diameter of ~0.2μm.  
 
The oil bleeding of grease has been modelled as viscous flow through a porous 
soap microstructure subjected to a centripetal body load. The permeability of 
the soap microstructure has been assumed homogeneous and has been derived 
for an isotropic and anisotropic fibre arrangement. The model results show that 
the soap microstructure must become anisotropic during oil bleed, i.e. the fibres 
all tilt perpendicular to the pressure gradient and oil flow, to predict the 
experimental results and make the oil bleed stop at a certain fibre volume 
fraction.  
 
The model has been validated with experiments which have been ran over a 
period of 24 hours and can be used with good confidence to simulate the 
bleeding process over longer periods of time at various speeds and 
temperatures. The oil bleed model can be used as input for a replenishment 
model for grease lubricated contacts. 
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