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Abstract

In this thesis the objective is to develop rotordynamical models of hy-
dropower units, where coupling between mechanical, electromagnetic
and fluid dynamical system systems is of certain interest. Both fluid-
rotor and electromechanical interactions are known to change the system
coefficients of the rotor system, which affects eigenfrequencies, damping,
stability and response. In addition, external forces from the magnetic
field and the hydraulic system can excite the rotor system. Both system
coefficients and external excitations are important considerations during
design and operation of a hydropower unit, in order to obtain reliable
design and operations.

Hydropower rotor systems differ from other rotating systems because
they rotate with comparably low rotational speed and the total mass of
the rotor system is high. The relative airgap in the generator is small
compared to a turbo generator, which results in larger electromagnetic
forces. Detailed electromechanical force models of large synchronous
generators are a missing part of the scientific literature and there is an
industrial need for better models. When including hydraulic forces in a
rotordynamical model of a hydropower system, industrial rules of thumb
are normally used. Hence, there is a need for better multi-physical
models in rotordynamical models of hydropower rotor systems.

The electromechanical model of synchronous generators for hydropower
has been developed, from only considering radial electromagnetic forces
to considering both radial and tangential force. The latter is induced
due to a change in the magnetic field when the rotor is in an eccentric
position, which induces current in the damper winding of the rotor and
changes the magnitude and direction of the electromagnetic force. The
current in the damper winding is dependent on whirling, eccentricity
and change of eccentricity; hence, the electromagnetic forces are sig-
nificantly dependent on the motion of the rotor. The electromagnetic



forces are implemented as stiffness and damping matrices in the mechan-
ical model, leading to significant changes in the system’s eigenfrequency
and damping.

Computational fluid dynamics (CFD) has been used to analyse fluid
forces and moments acting on the turbine runner. Since rotordynamical
analysis is normally carried out for a small model during a long simula-
tion time and CFD-models normally has a large degree of freedom, it is
of certain interest to develop models that are computationally efficient.
The influence of the details on the upstream flow in the inlet bound-
ary conditions have been analysed in order to obtain computationally
efficient boundary conditions. It is shown that the obtained forces and
moments increase from an insignificant size for a boundary condition
with a perfectly distributed inlet flow to a significant size for a bound-
ary condition, based on more information from the upstream domain.
CFD has also been used to determine torsional system coefficients, such
as added polar inertia and damping, due to the flow through a hydraulic
turbine. It is shown that these coefficients have a significant effect and
that it decreases the eigenfrequency and increases the damping ratio of
the mechanical system.

In addition to the numerical work, two different approaches to iden-
tify sources of excitations and the system’s eigenfrequencies at industrial
units have been suggested. The first approach uses a simplified math-
ematical model for the electromagnetic forces that occur due to shape
deviations in the airgap of the generator, together with an assumption
of the frequency content of the fluid forces on the turbine runner. The
calculated frequency content at the bearings is compared with on-site
measurements and an idea of the possible sources of vibrations is given.
The other approach uses the changes in electromagnetic forces at a sud-
den loss of the magnetic field in the generator to excite the system’s
eigenfrequencies. It is shown that a few of the eigenfrequencies can be
identified with this method. However, when the torque of the gener-
ator suddenly decreases due to the loss of magnetic field, the control
system of the turbine decreases the mass flow through the turbine, lead-
ing to more separations of the flow and a broad-banded excitation that
perturbs the measurements.

The general conclusion of this thesis states the importance of includ-
ing multi-physical interactions in a rotordynamical model for analysis of
design and operation. It is further concluded that the electromagnetic
forces of a synchronous generator show similar characteristics to the ones



presented for asynchronous generators with both radial and tangential
components, and not only a radial force component as earlier research
stated. The damper winding for an asynchronous whirling acts as a
damper for all the motion simulated in this thesis, since as the whirling
deviates from syncronous whirl, the currents in the damper winding will
change and induce a force that dampens the motion. The boundary con-
ditions of a CFD-model of a hydraulic turbine have a large effect on the
obtained resulting rotordynamical forces and moments. Hence, it is im-
portant to consider accurate inlet boundary conditions in a CFD-model
for calculation of rotordynamical forces and moments. The added polar
inertia and damping due to the flow through the turbine in a torsional
dynamic model have a large effect on the system characteristics of the
torsional system, which is an important consideration. The suggested
methods for on-site measurements are concluded to be useful. How-
ever, they require a better modelling of both the electromagnetic forces
(especially the model of shape deviations of the generator airgap) and
the fluid-rotor interactions (especially at part discharge and transient
operation).

There are still several topics concerning rotordynamics in hydropower
units that are of interest for further research; for example, continuing
development of fluid-rotor interactions of hydraulic turbines and elec-
tromagnetic forces. Further research regarding accurate modelling of
vertical bearings, as well as models for transient analysis of the whole
system, are also suggested.



 



Sammanfattning

Målet med denna avhandling är att utveckla modeller för multifysikaliska
interaktioner för rotordynamiska interaktioner i vattenkraftaggregat. Av
speciellt intresse är kopplingen mellan det mekaniska systemet och det
elektromagnetiska systemet i generatorn, samt det strömningsmekaniska
systemet i turbinen. S̊aväl elektromekaniska som strömning-rotor inter-
aktioner är kända att p̊averka systemets karaktär-istik, s̊a som egen-
frekvenser, dämpning, stabilitet och respons. Utöver detta, kan krafter
fr̊an det hydrauliska systemet och elektromekaniska systemet excitera ro-
torsystemet. S̊aväl excitationer som förändring av systemegenskaper är
viktiga att analysera i en rotodynamisk modell för vattenkraftaggregat.
Den stora skillnaden mellan vattenkraftaggregat och andra roterande
system är att vattenkraft roterar förh̊allandevis l̊angsamt och har hög
massa och tröghet. I generatorer är luftgapet relativt litet, i förh̊allande
till en turbogenerator, vilket leder till stora elektromagnetiska krafter.
Detaljerade kraftmodeller för stora synkrongeneratorer saknas fortfarande
i den vetenskapliga litteraturen. När hydrauliska krafter inkluderas i
en rotordynamisk modell för ett vattenkraftaggregat, används idag in-
dustriella tumregler. Det finns s̊aledes ett stort behov av att utveckla
modeller för multifysikaliska interaktioner i vattenkraftaggregat.

Den elektromekaniska interaktionen har utvecklats fr̊an att enbart
inkludera radiella krafter, till att även inkludera tangentiella krafter.
Det senare beror p̊a att magnetfältet ändras när rotorn förskjuts excen-
triskt, vilket leder till att ström induceras i rotorns dämplindningar och
de elektromagnetiska krafterna reduceras och ändrar riktning. Strömmen
i dämplindningen beror p̊a excentricitet, rotorns löpfrekvens och föränd-
ring av excentricitet. De elektromagnetiska krafterna adderas till den
mekaniska modellen, som leder till negativ styvhet och dämpning och
kommer därmed att signifikant förändra systemets egenfrekvenser och
dämpning.



Strömningssimuleringar (CFD) har används för att analysera krafter
och moment, orsakade av strömningen, p̊a turbinens löphjul. I och med
att rotordynamisk analys normalt utförs p̊a en liten modell under l̊ang
tid och en CFD-modell normalt har m̊anga frihetsgrader, är det av stor
vikt att förenkla den senare s̊a mycket som möjligt. Olika inloppsrandvil-
lkor har studerats för att analysera hur strömningen uppströms p̊averkar
de rotordynamiska krafterna och momenten. Det har visats att inlopp-
srandvillkoren har stor inverkan p̊a resulterande krafter och moment
och att det är av stor vikt att inkludera information fr̊an strömningen
uppströms. CFD har även använts för att beräkna dynamiska koeffi-
cienter för adderad tröghet och dämpning i en torsionsmodell för en vat-
tenkraftturbin. Det har visats att dessa koefficienter väsentligt p̊averkar
systemets dynamik i form av reducerade egenfrekvenser och kraftigt
förstärkt dämpning.

Utöver det numeriska arbetet, har tv̊a olika tillvägag̊angssätt för att
analysera orsaker till excitationer och systemets egenfrekvenser vid in-
dustriella mätningar föreslagits. För att analysera olika excitationer har
en förenklad matematisk modell, som modellerar formfel i generatorns
luftgap och känt frekvensinneh̊all fr̊an det hydrauliska systemet, använts
för att förklara frekvensinneh̊all fr̊an industriella mätningar. För att
identifiera egenfrekvenser för ett industriellt aggregat, har mätningar
gjorts under tiden som generatorn utsätts för ett lastfr̊anslag, vilket
innebär att magnetfältet i generatorn försvinner och därmed elektro-
magnetiska krafter och moment. Samtidigt som det bromsande vrid-
momentet upphör kommer rotorn accelerera, innan kontrollsystemet
minskar massflödet genom turbinen och rotorn återf̊ar sin ursprungliga
hastighet. Det har visats att detta exciterar ett antal egenfrekvenser.
Sv̊arigheten med denna metod är att det inte g̊ar att avgöra vad som
exciteras av generatorn och vad som exciteras av turbinen. Det senare
beror p̊a att excitationer fr̊an turbinen ökar när massflödet genom den
minskar, vilket resulterar i en bredbandig excitation av rotorsystemet.

Den generella slutsatsen för denna avhandling är att multifysikaliska
interaktioner är viktiga att inkludera i en rotordynamisk modell av ett
vattenkraftaggregat. Vidare är det konstaterat att elektromagnetiska
krafter i en synkrongenerator uppvisar en liknande karaktäristik som
elektromagnetiska krafter i asynkronmaskiner med b̊ade radiell och tan-
gentiell kraftkomponent och inte bara en radiell kraftkomponent som
tidigare forskning har hävdat. Dämplindningen kommer under asynkron
löpning att dämpa alla rörelser som simulerats i denna avhandling, ty s̊a



fort löpfrekvensen avviker fr̊an den synkrona frekvensen kommer ström
att induceras i dämplindningen och rörelsen dämpas. Inloppsrandvillkor
för strömningsberäkningar har stor inverkar p̊a de resulterande krafterna
som verkar p̊a rotorsystemet. Det är s̊aledes av stor vikt att mod-
ellera dessa korrekt vid analys av strömning för rotordynamisk model-
lering. Adderad tröghet och dämpning p̊a grund av strömningen genom
en turbin har stor inverkan p̊a systemets dynamiska karaktäristik. De
förslagna metoderna för att analysera industriella mätningar, har visat
sig vara användbara, men kräver förbättrade modeller av s̊aväl den elek-
tromekaniska kopplingen, som kopplingen mellan rotor och strömning.

Arbetet med att utveckla multifysikaliska modeller föresl̊as fortsätta
och utökas. Det senare främst inom strömning-rotorinteraktion i ver-
tikala tilting-pad lager, samt simulering av hela system under transienta
driftsförh̊allande.
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Chapter 1

Introduction

Rotating machinery has an important role in many different industries
in our society. Some examples are electrical power production, gas-
turbines, aircraft engines, process machines in heavy industry, fans,
pumps and ship engines, which are only a few of the applications in
which rotating machinery has a central role. The designs of many rotat-
ing machines are now fifty to hundred years old; however, the demands
of these units are continuously changing. Hence, it is important to work
with product development and research in the area of rotating machin-
ery. In this thesis the objective is to develop rotordynamical models
for hydropower units, where coupling between the electromagnetic sys-
tem and the mechanical system of the generator as well as the coupling
between the fluid dynamical system and the mechanical system in the
turbine is of certain interest.

1.1 Industrial Background

Almost all rotating machinery has one general task; to transfer power
from one side of a shaft to the opposite side. The power is generated by
a turbine or an electric motor, used to serve the load on the other side
of the shaft, which could either be a generator or a process machine,
such as paper or fibre refiners, a fan, a pump, a propeller, or a drill.
However, in all rotating machinery loss of energy occurs. As in all me-
chanical systems, dissipative mechanisms convert the mechanical energy
to thermal energy. In addition to dissipation, there are other forms of
energy leakage in rotating machinery, transforming the rotating energy
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to other forms of mechanical energy, which results in vibration of the
rotor system, the supporting structure and interactions with electromag-
netic field and surrounding fluids. Energy is expensive and an important
engineering problem is therefore to reduce the leakage, both in the form
of dissipation and vibrations. Vibrations also lead to other problems
in the mechanical equipment, such as stress, fatigue, friction, wear, im-
pacts, noise and damage. Muszyńska presented a pedagogic overview
of the side effects of rotating machinery in [1], this is also illustrated in
Figure 1.1. These effects are both of economic and environmental inter-
est to control. Understanding of the sources of vibrations is therefore of
certain interest in the design and redesign of rotating machinery.

Vibrations

Change of kinematic
properties

Damages

Stress

Fatigue

Wear

Friction Impacts

Dissipation
of energy

Increased clearances
Noise

Harmful effects on 
man and environment

Costs Reliability Operability Accessability

Figure 1.1: Side effects of rotating machinery
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1.1.1 Dynamics of Rotating Machinery

Dynamics of rotating machinery, rotordynamics, is normally considered
as a separate area within structural dynamics. The two major differences
from structural dynamics are that the eigenfrequencies are dependent on
the whirling speed due to the gyroscopic effect and that the direction
of the vibrations is important for determining forward and backward
whirl. The research on rotating machines started with Rankine’s paper
[2] on whirling motions of a rotor in 1869. He used Newton’s second law
incorrectly in a rotating co-ordinate system and therefore concluded that
a rotating machine will never be able to operate above the first critical
speed. De Laval showed around 1900 that it is possible to operate above
the critical speed, with his one-stage steam turbine. A paper [3] by
Jeffcott in 1919 describes the first recorded theory of rotordynamics.
Jeffcott derived the theory which shows that it is possible for rotating
machines to exceed the critical speeds. De Laval’s and Jeffcott’s names
are still associated with the simplified fundamental rotor model with
the disc in the middle of the shaft. An illustration of a simple rotor
is shown in Figure 1.2 and in Figure 1.3 an example of an inclination
model is shown. In 1918, the influence of gyroscopic effects was presented
by Stodola [4]. Green [5] continued the work with gyroscopic effect in
1948 with his four degrees of freedom overhung rotor. Bishop et al. [6]
started the research of continuous rotors in 1959. Booker et al. [7] were
the first to use finite element method in the area of rotordynamics, in
1972. Nelson et al. [8] generalised this model in 1976 by also including
gyroscopic moment, rotating inertia and axial force.

Early topics within rotordynamics were internal friction, discovered
by Newkirk [9] in 1924, self-excited vibrations due to oil whip, noted
by Newkirk et al. [10] in 1925, and Smith’s report of asymmetrical
rotors [11] in 1933. In the middle of the last century the research on
modal balancing was introduced by Federn [12] and at almost the same
time, several researchers presented reports dealing with different types
of fluid-rotor interactions. For example, Hori [13] modelled the pressure
in journal bearings due to oil film characteristics and Thomas [14] in-
troduced the fluid interactions in steam turbines. Other topics within
rotordynamics have included non-linear analysis of ball bearings, oil-film
interactions and cracked rotors. Yamamoto et al. [15] give a detailed de-
scription of the engineering and science history of rotordynamics. They
also point out that the most recent topic of rotordynamics is the elec-
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Figure 1.2: A rotating disc with a mass unbalance in the X-Y-plane. Fx,
Fy andMz denote forces and moments due to the shaft and the boundary
conditions. P is the point of the unbalance, C is the geometrical centre
and ε the distance between them. x, y and θ denotes the position of the
disc in X and Y, and the rotation around Z.

tromechanical interactions of rotors. This research was introduced by
Schweitzer [16] in 1975 in his study of magnetic bearings; nowadays also
rotordynamic research of electrical machines is considered within this
field of rotordynamics. This thesis contributes both to the area of fluid-
rotor interactions of hydraulic machines as well as electromechanics of
electrical machines.

1.1.2 The Hydroelectric Power Generating Unit

Hydroelectric power generation supplies about 20 percent of the world’s
electricity and is the most important renewable energy converting in-
dustry. The installed capacity of hydro-electrical power generation, in
2000 was, according to [17] approximately 700GW with a production
of 2600TWh/year. The technically feasible potential of hydropower is
14000TWh/year. Most of the feasible potential is in developing coun-
tries in Africa, Asia and South America. The benefits of hydroelectric
power generation are not only environmental. Ability to meet moment-
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Figure 1.3: A rotating disc with a mass unbalance in the Z-X/Y-plane.
Fz, My and Mx denotes forces and moments due to the shaft and the
boundary conditions. P is the point of the unbalance, C is the geomet-
rical centre and κ is the inclination. z, ϕy and ϕx denote the position
of the disc in Z, and the rotation around Y and X.

to-moment fluctuations, voltage control, energy storage, high efficiency
and black start capability are valuable characteristics of hydroelectric
power generation. Among the disadvantages of hydro-electrical power
generation are the environmental impacts such as sedimentation, water
quality and waterways for fish and the social aspects, for example, of
displacement of people living near dams.

In many countries, hydropower plants were built in the 20th cen-
tury on a regulated energy market, where the units served as base load.
Nowadays, hydroelectric generation is frequently used to serve as inter-
mittent load on a deregulated market. This has led to a new way to use
old designs, and it becomes interesting to study the characteristics of
old designs of these machines, as they are used to meet the demands of
the twenty-first century. In the future, hydropower units are expected to
more frequently complement other renewable sources, for example, wind-
power. This will lead to more frequent starts and stops of hydroelectric
units, which will influence the lifetime of the machine components. Re-
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design is expensive and time-consuming and therefore it is important
for an owner of a hydroelectric power plant to decide what upgrades are
necessarly in order to improve the usability of the machine.

The hydroelectric power generating units convert potential energy of
the water in the reservoir via mechanical energy in the turbine-generator
rotor system to electrical energy in the generator. An overview of a hy-
droelectric power plant is shown in Figure 1.4. The rotor system is
supported by thrust- and guide-bearings. The physics of the converting
components are normally separated into different disciplines. Waterways
and turbine technology are described by fluid dynamic theory, bearings
by theory of tribology, generators by theory of electricity and motions
of the rotor system by theory of rotordynamics. In the design and re-
design of a hydroelectric power generating unit, one needs to consider
all of these disciplines, for example, to determine all forces acting on
the system components. The rotor system includes both the generator
and the turbine, hence rotordynamics is of certain interest in order to
analyse different components in the whole system.

Figure 1.4: Overview of a hydroelectric power plant; 1. the reservoir,
2. the turbine, 3. the generator and 4. the transformer. Obtained from
Vattenfall AB.

1.2 Multiphysical Interactions in a Rotordynam-
ical System

Historically, research on rotating machinery has been focused on high-
speed rotating machinery, such as gas- and steam turbines, where rotor-
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bearing-structure interactions has been one important issue. The main
multiphysical interactions in such systems is the fluid-rotor interactions
in bearings and seals. In recent years the number of publications in
the area of multiphysical interactions in process machines has increased.
For example, electromechanical interactions of generators and motors
and fluid-rotor interactions in pumps have been of topical interest. The
objective of this thesis is to develop models for multiphysical interactions
in hydropower units, namely the electromechanical interactions in the
generator and the fluid-rotor interactions of the turbine. Hence, the
fluid-rotor interactions of bearings and seals are not included in the
analysis within this thesis. An illustrative example of a hydropower rotor
system is shown in Figure 1.5. In the following sections, a brief overview
of previous research is given within electro-mechanical and fluid-rotor
interactions of rotordynamical systems.

Figure 1.5: Example of a hydropower rotor system with exciter, gen-
erator, bearing bracket and turbine, obtained from Johansson Lina
(2006): Simuleringsverktyg för rotordynamiska beräkningar. Master
Thesis Lule̊a University of Technology, ISSN 1402-1617 / ISRN LTU-
EX–05/325–SE / NR 2005:325

1.2.1 Electromechanical Interactions

Asymmetry of the magnetic circuit in electrical machines can lead to
vibrations. An off-centred rotor in a generator results in asymmetry in
the airgap. The rotor will be affected by forces due to the asymmetrical
magnetic field around the airgap. To determine the forces due to the
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asymmetrical magnetic field, the magnetic flux density must be deter-
mined in the whole airgap region around the rotor. The determination
of magnetic forces has been carried out for more than a century.

Early papers by Behrend [18], Gray [19] and Robinson [20] suggested
linear equations for magnetic pull. Covo [21] and Ohishi et al. [22] con-
sidered the saturation of the magnetic core to improve the magnetic pull
equations. Früchtenicht et al. [23] observed the existence of two elec-
tromechanical force components (one radial and one tangential) when
the rotor of a asynchronous induction motor performs a circular motion.
An analytical model for vibrations in induction motors was presented by
Belmans et al. [24, 25]. Smith et al. [26] derived analytical equations for
unbalanced magnetic pull in induction motors using the airgap perme-
ance approach, including stator and rotor magnetomotive force (MMF)
harmonics.

Over the past decade, the finite element method has been used to
calculate electromagnetic forces. Arrkio et al. [27] solved the mag-
netic field for cage induction motors using time-stepping finite element
analysis to numerically determine a parametric electromagnetic force.
Holopainen et al. [28] continued the work and used the parametric force
to study a rotordynamical system. They [29] found good agreement with
a system in which they studied the mechanical and electrical systems si-
multaneously. Tenhunen et al. [30] simulated a rotor with skewed slots
by determining the magnetic field in different slices of the disc. The
same technique was used in [31] to simulate a rotor with conical motion.
Tenhunen et al. also studied the effect of saturation [32] on the electro-
magnetic forces. A more efficient method was introduced by Tenhunen
et al. [33] to determine a parametric electromagnetic force by a forced
impulse motion. With this method, only one simulation is needed to
obtain the parametric force, instead of one simulation for each whirling
motion. Laiho et al. [34] coupled a finite element code for rotordynamic
with a finite element code for electromagnetic field, in order to simulate
the whole system continuously.

Most papers published regarding of unbalanced magnetic pull con-
cern asynchronous motors. However, in the area of synchronous gener-
ators, only a few papers have been published. Gustavsson et al. sug-
gested a linear model [35] and a non-linear model [36] for the radial
magnetic pull in a hydropower synchronous generator. In these mod-
els, the distance between the generator rotor rim and spider hub was
also considered. Lundström et al. [37] presented a continuous radial
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force model due to the rotor and stator shape, they showed that shape
deviations can lead to different whirling motions. Normally, only ra-
dial magnetic forces are considered in dynamical models of synchronous
machines. Lundström et al. [38] used the finite element method and
analysed a tangential magnetic force component in a synchronous gen-
erator, in case of static eccentricity, due to the damper bars. Burakov et
al. [39] used the same techniques as Tenhnunen et al. [33] to determine
a low-order parametric force model for a salient-pole synchronous ma-
chine. Burakov et al. [40] continued the work and carried out analysis of
the influence of parallel connections in the stator winding. Both models
were compared in [41]. Lundin et al. [42] developed a model whereby a
displaced generator is modelled with a change of the airgap permeability.
This method is computationally more efficient and therefore suitable for
multi-pole rotors, for example, in hydropower systems.

1.2.2 Fluid-Rotor Interactions

After Hori’s [13] paper (where oil whip was studied by investigating the
pressure relationship due to shaft motion), the fluid-rotor interactions
have been studied continuously over the past five decades. Most publi-
cations concern the area of hydrodynamic bearings and annular seals in
high-speed rotating machinery. Childs [43] gives an interesting overview
over the analytical, experimental and numerical work in this area, where
the aim normally is to determine stiffness and damping coefficients for
hydrodynamic bearings and mass, stiffness and damping coefficients for
annular seals in order to investigate stability and changes of eigenfre-
quency. The normal approach is to add a small perturbation to a per-
fectly centred rotor yielding a non-axisymmetric pressure distribution,
resulting in a force acting on the rotor shaft.

Thomas [14] initiated the research on fluid-rotor interactions on tur-
bines in 1958. He suggested an analytical model of destabilising clear-
ance exciting forces due to non-symmetric clearance in steam turbines.
Alford [44] developed a similar model for compressors, where the forces
are obtained as a function of the change in efficiency due to increased
eccentricity. Ulrich [45] carried out the first research in a test rig and
suggested correction of Thomas and Alford’s models. At the same time
Iversen et al. [46], Agostinelli et al. [47] and Csanady [48] introduced
models of hydraulic unbalance forces due to asymmetry of the flow chan-
nel geometry in centrifugal pumps. Hergt et al. [49] studied the influ-
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ence of radial forces during off-design operations. Colding-Jorgensen
[50] used potential flow theory to determine damping and stiffness co-
efficients. Adkins [51] was the first to introduce an analytical model of
mass, damping and stiffness coefficient and harmonic forces. Adkins et
al. [52] and Bolleter et al. [53, 54] used test rigs to continue the develop-
ment of models for fluid-rotor interactions of the pump impellers. Childs
[55] used bulk flow theory to determine rotordynamical coefficients at
the pump-impeller-shroud surface.

The use of computational fluid dynamics (CFD) has recently in-
creased within the area of fluid-rotor interactions. It was introduced by
Dietzen et al. [56] in 1987, but has due to the computational cost not
been widely used in the past. The first applications of CFD within ro-
tordynamics have been in the area of hydrodynamics bearings and seals.
Recently, CFD has entered into the research of fluid-rotor interactions
in centrifugal pumps [57]. CFD has been more common in research and
development of hydraulic machinery. Ruprecht [58, 59] used CFD to
calculate forces and pressure pulsations on axial and Francis turbines.
However, the results were not used in rotordynamical analysis. Liang et
al. [60] carried out finite-element fluid-structure interactions of a tur-
bine runner in still water and showed a reduction of the non-rotating
eigenfrequencies compared to a runner in vacuum. The result had good
agreement with experimental results presented by Rodriguez et al. [61].
The benefits of using CFD to calculate rotordynamical forces and coef-
ficients of hydraulic turbines have not yet been fully developed. In this
thesis CFD is used to investigate the influence of boundary conditions
on rotordynamic forces and moments as well as to determine torsional
dynamic coefficients due to the flow through the turbine.

1.3 The Research Problem

As mentioned above, only a few papers have been published in the area
of rotordynamics of hydropower units. Hydropower rotor systems differ
from other rotating systems because they rotate with comparably low
rotational speed and the total mass of the rotor system is high. The
relative airgap in the generator is small compared to a turbo generator,
which results in larger electromagnetic forces. Detailed electromechan-
ical force models of large synchronous generators are a missing part of
the scientific literature and there is an industrial need for better mod-
els. When including hydraulic forces in a rotordynamical model of a
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hydropower system, industrial rules of thumb are normally used. How-
ever, the hydraulic forces are one of the largest excitation sources on
the rotor system (especially during partial load) and it is therefore of
certain interest to gain a better understanding of these forces and how
they should be included in a rotordynamical model. The shafts are nor-
mally vertical and hence there is no stationary point, due to gravity,
in bearings, from which to calculate stiffness and damping coefficients.
However, the scope of this thesis is limited to the electromagnetic force
in the generator and fluid forces in the turbine during steady conditions,
hence the bearing interactions are not considered. The aim is to develop
and analyse rotordynamical models for these couplings. To focus on the
research problem one research question has been formulated:
How should multiphysical interactions in a hydropower rotor system be
modelled, simulated and evaluated, in order to predict the dynamical be-
haviour?

The approach has been to start with a simplified model and add
forces due to industrial rules of thumb together with hypotheses of a
force model. By analysing the results and identifying knowledge gaps,
new research projects have been formulated. An overview of how the
results in the papers raised new questions is shown in Figure 1.6.
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Figure 1.6: Overview of the connections between the different papers



Chapter 2

Modelling and Simulation

In the work of this thesis, several models are used from the fields of
rotordynamics, computational fluid dynamics and electromagnetic field
theory. The purpose of the rotordynamical models is to facilitate anal-
ysis of the fundamental dynamic behaviour due to the interactions with
the electromagnetic and the fluid dynamical systems, rather than in
detail study all dynamics of the rotor system. The purpose of the elec-
tromagnetic and fluid dynamical systems is to calculate fundamental
rotordynamical forces and moments due to different operations or rotor
motions, rather than in detail study the physics of these systems.

2.1 Rotordynamical Models of a Hydropower
Rotor System

A rotor system could either be modelled as a continuous or a discrete
mathematical model. In this thesis only the latter is used. The mathe-
matical models are obtained either by assuming a simplified one or two
rigid body model connected to springs and dampers, or with the finite
element method. Also in case of the latter, the geometry has been sim-
plified. To derive the Equations of motion, Lagrange’s [15] equation has
been used;

d

dt

(
∂L

∂q̇i

)
− ∂L

∂qi
= Qi, (2.1)

where qi is the generalised co-ordinate, q̇i is the generalised velocity, Qi
is the non-conservative forces and moments and L is the Lagrangian;

L = T − U, (2.2)
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where T is the kinetic energy and U is the potential energy. The Equa-
tions of motion are derived by solving the Lagrange equation for each
generalised coordinate;

M−̈→x + ΩG−̇→x +K−→x = −C−̇→x +−→F , (2.3)

where M is the mass and inertia matrix, G is the gyroscopic matrix, K
is the stiffness matrix, Ω is the whirling frequency, −→x is the displacement
vector, C is the damping matrix, and −→F is external forces (in this thesis
unbalance, magnetic forces and hydraulic forces are considered).

The one- or two rigid body models are used to study the tendency of
the developed models. These kinds of models are hard to use when com-
paring numerical results with experiments of commercial units. It is not
always possible to measure the motion of, for example, the generator in
such an environment. However, force and displacement are comparably
easy to measure at the position of the bearings [62, 63]. To be able to
compare the dynamics in the bearing positions, the mechanical model
has to be extended to include the degrees of freedom of the bearings.
In such cases a simplified finite element method is suitable to derive the
equation of motion for a system using beam elements for the shaft and
add the properties of the generator, the turbine and the three bearings.

2.2 Multiphysical Interactions

The scope of this thesis is to develop models for the multiphysical in-
teractions in the generator (electromechanical) as well as the turbine
(fluid-rotor), to be used in a rotordynamical model. The models in the
previous section are used to analyse these interactions and to explain the
results obtained in industrial measurements of commercial units. Forces,
moments and coefficients due to the electromagnetic field and the fluid
dynamics are calculated separately and added to the rotor model. This
is described below.

2.2.1 Electromechanical Interaction

Unbalanced magnetic forces arise in the generator when the airgap is
shortened in one region, compared to the symmetrical case. Thus, the
magnetic pull force from the region with a shorter airgap is larger than
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from the region with a longer airgap, resulting in a net unbalanced force
acting in the direction of the shortest airgap. The asymmetry of the
airgap in a hydropower generator is due to eccentricity and the shapes of
rotor and stator. Eccentricity occurs when the centre of rotor and stator
do not coincide, which is the case in most manufactured generators.
Eccentricity also occurs dynamically due to the displacement of the rotor
and due to thermal expansion. In Figure 2.1 a static eccentricity, e, is
illustrated.

Radial Unbalanced Magnetic Pull due to Shape Deviation of
the airgap

Traditional models of unbalanced magnetic pull (UMP) in synchronous
generators claim that the UMP consists of a radial component, because
there is no slip between the stator and rotor field (which is the case in an
asynchronous generator/motor). For the case where the variations in the
airgap are smaller than 10% of the airgap, the magnetic force equations
may be linearized. Assume that the variations in the airgap are small
and that the magnetic field has the same strength in all directions; then,
the magnetic forces will be expressed by the variations of the airgap and
the magnetic stiffness;

Fr = kM,re, (2.4)

where Fr is the radial unbalanced magnetic pull force, kM,r is the mag-
netic stiffness and e is the eccentricity of the rotor. Adding Equation
2.4 to Equation 2.3 results in;

M−̈→x + (ΩG+ C)−̇→x + (K −KM )−→x = −→F , (2.5)

where KM is the radial magnetic stiffness.
It is not normal that the rotor and stator in a generator will have a

perfect circular geometry. The shape deviations from a nominal airgap
will result in fluctuating forces. In Figure 2.3 an example of shape
deviations of a rotor and stator is shown.

In Paper A a model for deviation of a generator’s rotor and stator
deviation from nominal shape is introduced. The force due to the shape



38 Modelling and Simulation

y

x

e

Figure 2.1: A rotor with eccentricity, e, inside the stator

of the airgap is derived as the resultant of difference from nominal airgap
multiplied by the magnetic stiffness. Since the rotor is rotating and the
stator is modelled to be rigid, the force due to the airgap shape has to
be calculated in each time step. The difference from nominal airgap can
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Figure 2.2: Shape deviations of a rotor

Figure 2.3: Shape deviations of a rotor

be expressed as;

∆gap(i, j) = ∆r(i, j)−∆s(i, j), (2.6)

where ∆r(i, j) and ∆s(i, j) are the differences from nominal rotor and
stator radius, i is the index of rotor pole and j is the order of the rotor
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rotation. The rotor contains n poles and one measures the shape at each
pole and corresponding stator section. Hence, there are n different rotor-
stator configurations. The angular distance between each configuration
is given by;

ψ =
1
n

2π, (2.7)

The magnetic forces in x and y direction can now be expressed in each
time step as;

Fx(j) =
n∑
i=1

∆gap(i, j)cos((i− 1)
1
n

2π)
km,r
n

, (2.8)

Fy(j) =
n∑
i=1

∆gap(i, j)sin((i− 1)
1
n

2π)
km,r
n

. (2.9)

Adding the latter to Equation 2.5 results in;

M−̈→x + (ΩG+ C)−̇→x + (K −KM )−→x = −→F M,shape +−→F , (2.10)

where KM is the radial magnetic stiffness matrix and −→F M,shape is the
force due to the shape deviations.

Tangential Unbalanced Magnetic Pull due to Damper Wind-
ings

Introduction of the finite element method (FEM) within the field of elec-
tromagnetic field theory enables for more detailed study of the magnetic
field and resulting forces. In a finite element model, more details can
easily be modelled, compared with analytical models. In the present
work the damper windings have been included in a finite element model
used to determine the magnetic field of a synchronous generator. The
presence of damper windings in the case of an eccentric rotor/stator con-
figuration gives a reaction magneto-motive force that lags the main flux
and introduces a force-component perpendicular to the shortest airgap.
This is denoted the tangential component below.

The total unbalance force can be integrated from knowing the force-
density in the airgap. In turn, the force-density can be calculated using
Maxwell’s stress tensor;

~F (r, θ) =
1

2µ0
(B2

r −B2
θ )r̂ +

1
µ0
BrBθθ̂, (2.11)
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where Br and Bθ are the radial and tangential components of the mag-
netic flux density. It is therefore essential to know the flux density in
the airgap to an accurate degree. The flux density is in turn calculated
using a finite element method solving Maxwell’s equations for the vec-
tor potential in a two-dimensional axial cross section of the generator.
The electromagnetic forces are calculated separately and added to the
mechanical model.

If the rotor is displaced by a small distance e, the electromechanical
forces can be written as;

Fr = kM,re, (2.12)

Ft = kM,te, (2.13)

where kM,r and kM,t are the radial and tangential magnetic stiffnesses
obtained from the electromagnetic calculations. The radial magnetic
stiffness is the stiffness in the eccentricity direction, and the tangen-
tial magnetic stiffness is the stiffness in the perpendicular direction of
the eccentricity due to the magnetic pull. Rewriting Equation 2.5 with
Equations 2.12 and 2.13 results in;

M−̈→x + (ΩG+ C)−̇→x + (K −KM,r −KM,t)−→x = −→F , (2.14)

where KM,r is the radial magnetic stiffness matrix and KM,t the skew-
symmetric tangential magnetic stiffness matrix.

Whirling Dependencies of Electromechanical Forces

In the sections above, the static eccentricity has been used to calculate
electromechanical forces. It has been assumed that a model without any
damper windings corresponds to synchronous whirl, since the whirling
motion will not affect the current in the damper windings. Therefore, the
damper windings will not affect the magnetic field for that case. How-
ever, there may be forms of whirling other than synchronous whirl and
static eccentricity. In order to investigate the dynamical consequences of
other forms of whirling in the generator, one must carry out calculations
during change of the airgap. This can be done by changing the actual
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geometry during the calculations. However, for a large generator with
many rotor poles, the calculations will require extensive computations.
Instead of changing the airgap, Lundin et al. [42] showed that one can
use an effective material containing the same information when solving
for the vector potential. This approach makes it possible to assess a
wide class of irregularities and eccentricities.

A prescribed general whirling motion can be described with;

x =
n∑
i=1

eicos(ωit), (2.15)

y =
n∑
i=1

eisin(ωit). (2.16)

If i = 1 the eccentricity will be constant and the current in the damper
windings constant and resulting forces can be described as in Equations
2.12 and 2.13. But if i > 1, the eccentricity will change with time, which
will give oscillating currents in the damper windings, leading to a force
model described as;

Fr = kM,re+ cM,rė, (2.17)

Ft = kM,te+ cM,tė, (2.18)

Adding the last terms of Equations 2.17 and 2.18 into Equation 2.14
results in;

M−̈→x +(ΩG+C−CM,r−CM,t)−̇→x +(K−KM,r−KM,t)−→x = −→F , (2.19)

where CM,r is the radial magnetic damping matrix and CM,t the skew-
symmetric tangential damping matrix.

2.2.2 Fluid Forces and Moments

In this thesis the forces and the moments acting on the turbine runner
are determined numerically, using computational fluid dynamics and
the Finite volume method. The latter is described in Ferziger et al. [64]
and is a method to discretize and solve the governing equations for the
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flow of a flow domain. Nilsson [65] presents a derivation of the govern-
ing equations for Unsteady Reynold’s averaged Navier-Stokes (URANS)
equations for a rotating frame of reference, used for the calculations
within this thesis.

The governing equations are solved using the OpenFOAM open source
CFD tool. The simulations have been carried out for the fluid flow
through the Hölleforsen water turbine runner, see Figure 2.4. The sim-
pleFoam OpenFOAM application is used as a base, which is a steady-
state solver for incompressible, turbulent flow of non-Newtonian fluids.
It is a finite volume solver using the SIMPLE algorithm for pressure-
velocity coupling. It has been validated for the flow in the Hölleforsen
turbine by Nilsson [66]. New versions of the simpleFoam application have
been developed in the present work, including Coriolis and centrifugal
terms and unsteady RANS. All the computations use wall-function grids
and turbulence is modelled using the standard k-ε turbulence model.

Figure 2.4: An overview of the hydraulic system. The axi-symmetric
dashed region is the part studied in this thesis.
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Rotordynamic Forces and Moments

In this thesis two different studies have been carried out where CFD is
used to calculate rotordynamical forces, moments and coefficients. This
section gives a brief overview of how the resulting forces and moments
are calculated. The forces and moments from the CFD-simulations are
calculated in each time step:

−→
F cell = pfaceAface

−→n , (2.20)

where Fcell is the force on a face, pface the pressure on the face, Aface
the area of the face and −→n the normal vector of the face and

−→
Mface = −→F facerface, (2.21)

where −→Mface is the moment around the centre of gravity of the runner
at the face and rface the radius to centre of gravity. The global force
and moment is finally calculated by summing the force and moments
over all faces:

−→
F =

n∑
i=1

−→
F face,i, (2.22)

−→
M =

n∑
i=1

−→
Mface,i. (2.23)

Fluid Excitations

Hydraulic excitations of a hydropower rotor system can lead to increased
vibrations of the system, mainly during partial discharge. The main
question in this thesis is to investigate what kind of model is needed to
predict the hydraulic exciting forces of a hydropower turbine. This has
been carried out by using different inlet boundary conditions, where the
influnece of axi-symmetric inlet flow, guide vane wakes and flow due to
spiral casing have been analysed. In Figures 2.5, 2.6 and 2.7 the different
inlet boundary conditions are illustrated.
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Figure 2.5: Inlet boundary condition (axial velocity component shown
here) obtained from a separate wicket gate simulation. y’ is the local
co-ordinate at the inlet, parallel with y.)

Rotordynamical Coefficients for a Torsional System

Added mass, inertia, stiffness and damping are normally calculated or
experimentally investigated for lateral rotordynamics. However, it is
also of interest to investigate the coefficients for a torsional system. A
dynamic model for a torsional dynamic of a rotating system is;

Jpθ̈ + Cθ̇ +Kθ = M(t), (2.24)

where Jp is the polar inertia, C is the damping, K is the stiffness and
M(t) an external moment, t is the time, θ is the angular displacement, θ̇
the velocity and θ̈ the acceleration. It is assumed that the flow through
a turbine will also give additional inertia, damping and stiffness to such
a system. In this thesis a numerical method to identify inertia and
damping of a torsional system is proposed. The torque is obtained as
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Figure 2.6: Inlet boundary condition (axial velocity component shown
here) obtained from a steady axi-symmetric flow simulation. y’ is the
local co-ordinate at the inlet, parallel with y.)

a scalar product of the moment (from Equation 2.23) and the direction
vector of the shaft;

T = −→M−→n y. (2.25)

During steady conditions the torque is constant in order to provide a
constant power to the generator; in case of unsteady conditions, the
torque can be written as;

T = Tmean + T ′(t). (2.26)

In the present work the rotational speed of the turbine runner is pre-
scribed in order to determine dynamical coefficients of the turbine runner
due to the flow. The prescribed displacement of the turbine runner is
set to;
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Figure 2.7: Inlet boundary condition (axial velocity component shown
here) obtained from a separate spiral case simulation. y’ is the local
co-ordinate at the inlet, parallel with y.)

θ = Ωt+ asin(ϑt) = Ωt+ θ′, (2.27)

where θ is the angular displacement, Ω the constant rotational velocity,
t the time, a an amplitude, ϑ a frequency of the prescribed disturbing of
the rotor and θ′ is the disturbing part of θ. Below, only the prescribed
part is of interest;

θ′ = asin(ϑt), (2.28)

the time-derivation gives the velocity;

θ̇′ = aϑcos(ϑt), (2.29)
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and the acceleration;

θ̈′ = −aϑ2sin(ϑt). (2.30)

Equations 2.26, 2.28, 2.29 and 2.30 into Equation 2.24 results in;

T ′(t) = −aϑ2Jpsin(ϑt) + aϑCcos(ϑt) + aKsin(ϑt). (2.31)

The oscillating part of the torque can be written as;

T ′(t) = TAmpsin(ϑt+ φ) = T1sin(ϑt) + T2cos(ϑt), (2.32)

where TAmp is the amplitude of the torque, φ is the phase angle and
T1,2 are the cosine and sine components of the amplitude. Then the
additional damping can be identified as:

C =
T2

aϑ
, (2.33)

and the stiffness and polar inertia can be identified by solving:

aK − aϑ2JP = T1, (2.34)

for two simulations with different values of ϑ.

2.3 Analysis of Mechanical Systems

The multiphysical models presented in this thesis are analysed with
different methods. System characteristics are analysed by calculating
eigenvalues of the governing equations, forced vibrations by solving equa-
tions, and measurements by comparing with a simplified model of the
system. In this section the methods used for analysis are briefly de-
scribed.

The Equations of motion are analysed in state space. Consider Equa-
tion (2.3) transferred to a system of first order differential equations;
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(
−I N

N M

)( −→̇
x
−→̈
x

)
+
(
N I

K ωG+ C

)( −→x
−→̇
x

)
=
( −→
B
−→
F

)
, (2.35)

where N and −→B are zero valued matrix and vector, respectively. Stiff-
ness, damping and inertia due to electromechanical and hydraulic forces
are assumed to be included in the system stiffness, mass and damping
matrices. With matrix notation Equation (2.35) becomes;

−S−→̇y +R−→y = −→H, (2.36)

where;

−→y =
( −→x
−→̇
x

)
, (2.37)

−→
S =

(
I N

N −M

)
, (2.38)

−→
R =

(
N I

K ωG+ C

)
, (2.39)

−→
H =

( −→
B
−→
F

)
. (2.40)

2.3.1 Eigenfrequencies and Stability

The homogeneous solution to Equation (2.36) is;

−→y h(t) =
n∑
i=1

Di
−→
Yie

λit, (2.41)
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where −→Yi are the eigenvectors corresponding to the eigenvalues λi and
Di are constants determined by initial conditions. The eigenvalues are
complex and are expressed as;

λi = τi + iωd,i, (2.42)

where τi is the decay rate and ωd,i the damped eigenfrequency of the
system. The system is stable if all eigenvalues have negative decay rate.
The eigenvectors contain information about whirling direction for each
node and mode-shape. The damping ratio is;

ζi =
−τi√
τ2
i + ω2

d,i

. (2.43)

2.3.2 Forced Vibration

If the excitation force is harmonic, the particular solution corresponds to
the solution to the equations of motion when all transients have died out,
e.g. the steady state solution. The steady state solution is of interest in
order to determine how the system responds to a harmonic excitation.
For harmonic excitation, the force −→H in Equation 2.36 can be written
as;

−→
H (t) = −→H ssin(ωt) +−→H ccos(ωt), (2.44)

where −→H s and −→H c are the amplitudes of the harmonic excitations. The
particular solution to Equation (2.36) can then be assumed as;

−→y p(t) = −→a sin(ωt) +−→b cos(ωt), (2.45)

Then the solution can be found by matrix operations;

−→a = [ω2SR
−1
S +R]−1[−→Hs − ωSR−1−→Hc], (2.46)

−→
b = R

−1[−→Hc + ωS−→a ]. (2.47)
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2.3.3 Measurements

The focus of this thesis is the modelling of hydropower rotor systems.
The models have been compared with on-site industrial measurements.
Since these measurements are carried out in an industrial environment,
there have been limitations on the quality of measurements. Therefore,
the measurements are not as detailed one would wish, from a scientific
point of view. However, in some sense the measurements indicate if the
models can predict the tendency of the real system.

Two different types of measurements are normally carried out for
vibrations of structures; operational analysis and system analysis. In
operational analysis the system is analysed during operations in order
to determine the level of vibrations. In this thesis operational analysis
is carried out to analyse frequency content of the response, in order to
validate the tendency of the developed force models. In system analysis,
one determines the eigenfrequencies and corresponding eigenmodes. In
structural dynamics, where eigenfrequencies are not dependent on the
operational frequency, system analysis is relatively easy to carry out by
applying a known excitation and measuring the response. When both
excitation and response are known, one can theoretically determine a
linear system as;

Hj,k(ω) =
Xj

Fk
, (2.48)

where Hj,k(ω) is the frequency response function from which the sys-
tem’s modal parameters can be identified, Xj is the response and Fk is
the excitation. The interested reader may consult Evin’s [67] textbook
for the theory of modal testing. In rotordynamics, the system is rotating
during the system analysis due to the eigenfrequencies’ dependency on
rotational speed. Since rotor systems are normally also excited by forces
during operation, the system analysis becomes more difficult in compar-
ison with structural dynamics. A hybrid method of operational and
system analysis can be carried out, e.g. one analyses how the response
of the unknown excitations changes when applying a known excitation.

In a large industrial rotating machine, exciting the rotor system
might be hard to carry out. In Paper C a semi-system analysis is sug-
gested, where a normal excitation source is used to excite the system
in order to determine eigenfrequencies. This suggested method uses the
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change in magnetic forces in combination with the change in rotational
speed, see Figure 2.8, after a loss of magnetic forces to excite the system
modes in order to determine the eigenfrequencies.

Figure 2.8: The change in angular velocity as excitation of the rotor
system



Chapter 3

Results

In this chapter a summary of the most important results in the appended
papers is presented.

3.1 Whirling Dependent Electromechanical Elec-
tromechanical Coefficients

During the present research project, the force model of unbalanced mag-
netic pull has been developed. The traditional model with a linearized
radial force model (Equation 2.4) has been developed to a model in which
tangential forces are also included due to the interactions with damper
windings (Equations 2.12-2.13) and whirling dependencies (Equations
2.17-2.18). In Figure 3.2 the forces for the different electromechanical
models are illustrated. The blue lines correspond to simulations with
one whirling frequency (or static eccentricity), the red marks the cases
with combination of whirling frequencies. At synchronous whirl only a
radial component is present, which corresponds to traditional models
(used in Paper A). At constant eccentricity one can see that the ra-
dial force is decreased and there is an additional tangential component
(the model used in Paper B). The explanation for the difference between
static eccentricity and synchronous whirling is that at synchronous whirl
the rotor always shows the same pole to the shortest airgap and, thus,
the damper windings are not subject to any changing magnetic field
and no current is induced in them. It is namely these currents which
damp the amplitude of the UMP and introduce the tangential compo-
nent. At static eccentricity, the pole pointing to the shortest airgap will
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vary, since the rotor is rotating in a static position, hence the damper
windings are subject to the magnetic field and the currents are induced
in the windings, affecting the magnetic field and changing the size and
direction of the electromagnetic force. The same effect is shown for
asynchronous whirl with constant eccentricity, where both a radial and
a tangential component are present. However, it is not clear how a more
general motion will affect the electromagnetic forces. The simulations
with a combination of two whirling frequencies were an approach to in-
vestigate how the forces are changing for a more general motion. The
resulting radial force component is close to a superposition of two sepa-
rate whirling frequencies and the tangential force is increased compared
to a superposition of two separate whirling frequencies. The explanation
for the latter is that the eccentricity not will remain constant for a com-
bination of whirling frequencies and hence the magnetic field will change
with eccentricity, inducing additional current in the damper windings,
resulting in a changed electromagnetic force (the model used in Paper
E).

Figure 3.1: Rotordynamical model used to analyse the electromechanical
interactions

In Figures 3.3-3.6 the natural frequencies (Equation 2.42) and the
contribution to the damping (Equation 2.43) due to synchronous whirling,
static eccentricity, asynchronous whirling and a combination of different
whirling frequencies are presented for the mechanical model shown in
Figure 3.1.
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Figure 3.2: The radial and tangential force for different whirling fre-
quencies. The blue line shows simulations with constant eccentricity
(one whirling frequency) and red marks the case where synchronous
whirling of 20% and one additional whirling component of 10% eccen-
tricity. Rings mark radial force and asterisks tangential force. The
traditional model corresponds to the result for synchronous whirl.
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Figure 3.3: Change of natural frequency for the first forward mode.
The blue line shows natural frequency and for the model where the
eccentricity is constant at each whirling frequency. The red circles show
the results for the model derived from simulations with synchronous
whirl of 20% eccentricity combined with an additional whirling motion
with 10% eccentricity. The traditional model corresponds to the result
for synchronous whirl. α = 0.35, l/h = 0.5.
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Figure 3.4: Change of damping ratio for the first forward mode. The blue
line shows damping ratio for the model where the eccentricity is constant
at each whirling frequency. The red circles show the results for the model
derived from simulations with synchronous whirl of 20% eccentricity
combined with an additional whirling motion with 10% eccentricity. The
traditional model corresponds to the result for synchronous whirl. α =
0.35, l/h = 0.5.
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Figure 3.5: Change of natural frequency for the first backward mode.
The blue line shows natural frequency for the model where the eccen-
tricity is constant at each whirling frequency. The red circles show the
results for the model derived from simulations with synchronous whirl
of 20% eccentricity combined with an additional whirling motion with
10% eccentricity. The traditional model corresponds to the result for
synchronous whirl. α = 0.35, h/l = 0.5.
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Figure 3.6: Change of damping ratio for the first backward mode. The
blue line shows damping ratio for the model where the eccentricity is
constant at each whirling frequency. The red circles show the results for
the model derived from simulations with synchronous whirl of 20% ec-
centricity combined with an additional whirling motion with 10% eccen-
tricity. The traditional model corresponds to the result for synchronous
whirl. α = 0.35, l/h = 0.5.
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In addition to these results, simulations have been carried out where
the load of the generator is changed (Paper B). The change in the load
was found to affect the stability region (Equation 2.42) for the mechan-
ical model. This is shown in Figure 3.7 - 3.8.

Figure 3.7: Stability region of the rotor when α = 0.3, l/h = 0, variation
of the relative stiffness γ and reactive load, for simulations with damper
windings (static eccentricity).
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Figure 3.8: Stability region of the rotor when α = 0.3, l/h = 0, varia-
tion of the relative stiffness γ and reactive load, for simulations without
damper windings (synchronous whirl).
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3.2 Using CFD to Develop Rotordynamical Mod-
els of Hydraulic Turbines

The influence of the different inlet boundary conditions in a CFD-model
were investigated in Paper D. The objective was to understand what ef-
fect simplified (and more computational efficient) boundary conditions
have on the rotordynamics. In Figure 3.9 the resulting lateral forces
for a turbine runner are shown for three different inlet boundary condi-
tions, axi-symmetric (normal industrial standard boundary conditions),
boundary conditions based on separate wicket gate calculations and inlet
based on separate spiral casing calculations (Figures 2.5-2.7).
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Figure 3.9: Force in lateral directions during one revolution of the tur-
bine runner
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In Paper F CFD was used to determine torsional rotordynamical co-
efficients of a hydropower turbine runner. The added damping identified
by Equation 2.33 is presented in Figure 3.10 and the added polar inertia
identified by Equation 2.34 is presented in Figure 3.11.
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Figure 3.10: Additional damping as a function of perturbing frequency
and operating condition

3.3 Identification Techniques of Large Rotating
Systems

In Paper A a method was suggested to use simplified models of fluctuat-
ing electromagnetic and hydraulic forces to analyse industrial measure-
ments. The electromechanical model of shape deviations in the airgap is
presented in Equations 2.8-2.9. The hydraulic excitation model consists
of a force where excitations due to draft tube swirl, runner vane passage
and guide vane passage are assumed. The model was compared with on-
site measurements, shown in Figures 3.12 - 3.13. Comparison between
the model and the measurements gives an idea of possible sources of
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Figure 3.11: Additional polar inertia as a function of perturbing fre-
quency and operating condition

vibrations.
Only comparing excitations doesn’t tell the engineer anything about

the system characteristics. In Paper C a method was introduced in or-
der to experimentally determine the eigenfrequencies of a rotordynam-
ical system by use of a sudden loss of the magnetic field, resulting in
decreased electromagnetic forces, moments and a rotational speed, il-
lustrated in Figure 2.8. The model of such a system is simulated and
compared with on-site measurements, see Figures 3.14 - 3.15. Use of
this model was, however, found to be problematic due to unknown hy-
draulic excitations. In Figure 3.16 a time-dependent short FFT is shown
at the turbine bearing after the loss of magnetic field and one can see
that the system is excited by a broad-banded excitation. These results
introduced the use of CFD to model the fluid dynamics in order to gain
a better understanding of the excitations. In Figure 3.17 the frequency
content of the force from preliminary CFD-simulations is shown for a
turbine at partial load. The simulations are carried out for the case with
axi-symmetric inlet boundary condition, which showed least impact of
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Figure 3.12: Frequency peaks of simulation of the electromechanical
model (positive y-axis), measurement (negative y-axis) and eigenfre-
quencies (dashed lines).

the resulting forces in Paper D. Caution should therefore be exercised
when drawing any conclusion from these results. However, the tendency
with broad-banded excitations is shown both in measurements and in
simulation.
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Figure 3.13: Frequency peaks of simulation of the fluid model (positive y-
axis), measurement (negative y-axis) and eigenfrequencies (dashed lines)
for higher frequencies.
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Figure 3.14: Frequency spectrum after a sudden loss of the magnetic
field in the generator, simulation
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Discussion and Conclusions

The research question for this thesis is:
How should multiphysical interactions in a hydropower rotor system be
modelled, simulated and evaluated, in order to predict the dynamical be-
haviour?
There is no single answer to this question; however, the appended pa-
pers address different perspectives of the research question for obtaining
more accurate models of hydropower rotor systems. In the following sec-
tions, a discussion of the most important results as well as some general
conclusions are presented.

4.1 Discussion

The model of the fluid system (Paper A) used for analysing the mea-
surements in Figure 3.13 gives an idea of the possible sources of the
excitations. But the model was not able to completely describe all exci-
tations from the fluid flow through the turbine. Further investigations
were suggested in order to understand the fluid excitations. In Figure
3.9 the resulting lateral forces for three different CFD-simulations are
presented (Paper D). The results show that the obtained forces depend
on the applied inlet boundary condition. For axi-symmetric inlet bound-
ary condition and the inlet boundary condition based on separate wicket
gate calculations, the forces on the turbine were found to be small. But,
inlet boundary condition based on a separate spiral casing calculation
results in a large static force as well as periodic forces due to the blade
passage. For all simulated cases there is also a low-frequent force. The
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most likely source of that force is the initialisation of a vortex rope
below the runner. However, it only results in small forces and future
investigations should extend the model to include an outlet boundary
condition obtained from draft tube calculations. Further studies should
also include analysis of how different turbulence models affect the forces
as well as validations with on-site measurements.

The results shown in Figures 3.14-3.15 for identification of eigenfre-
quencies (Paper C) show that it is possible to excite a few, but not all,
eigenfrequencies of the system with a sudden loss of the magnetic field.
Since the physics in the real system are more complex than in the sug-
gested model, it is hard to separate excitation due to the sudden loss
of magnetic field from other excitations. However, the model is easily
applied and therefore useful to get some validation of the system. To
succeed with the suggested method, one must determine the fluid exci-
tation of the turbine for different operating conditions. If the turbine
excitations are known for different flows, it should also be possible to
characterise the system during operation with a sudden change of the
turbine flow. CFD-simulations of the same system have been used to
analyse the flow at partial load. In Figure 3.17 preliminary results for
the axi-symmetric inlet boundary condition at 30% load are shown. In
these simulations as well as in the measurements (Figure 3.16) one can
see a broad band excitation. However, the calculated forces are still
small and as mentioned above, the CFD model needs to be improved
and validated.

In addition to the discussion regarding fluid excitations above, the
fluid system also affects the system characteristics of the mechanical sys-
tem. The torsional dynamic coefficients for such a system are identified
in Figures 3.10-3.11. The coefficients will change with both the turbine
load and the perturbation frequency. The influence of added inertia
and damping will affect the eigenfrequencies, damping and the response
of the system. This effect, but not as significant, is also presented by
[60, 61]. However, their calculations and experimental investigations
were carried out in still water and hence the effect of the flow through
the turbine was not taken into consideration.

The electromechanical model of shape deviations shown in Figure
3.12 shows that the generator shape is a possible source of excitations
of the rotor system (Paper A). However, the model was based on a
simplified electromechanical model, and no detailed study of the elec-
tromagnetic field was carried out. Before deeper analysis of the shape
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deviations, one needs to gain a better understanding of the electromag-
netic field. During the research project, the electromagnetic force model
has been developed. In Figures 3.3 and 3.5 the first forward and back-
ward natural frequency is shown for different whirling frequencies (Pa-
pers B and E) as well as for a combination of whirling frequencies. It
is shown that the eigenfrequencies are dependent on the whirling fre-
quency and that the largest effects on the eigenfrequency are induced
by the cases with two combinations of whirling frequencies. Also, the
damping shown in Figures 3.4 and 3.6 is dependent on the whirling fre-
quency. One should note that for a system whirling with one constant
frequency, there exist modes that have negative damping. However, for
a system with a combination of two whirling frequencies, one can see
that all modes actually have positive damping. The whirling dependent
unbalanced magnetic pull is similar to the characteristics presented ear-
lier on asynchronous machines and in a four pole synchronous motor
shown by [39].

In addition to the whirling dependency, it is also shown that the
electromagnetic forces are dependent on the load of the generator (Paper
B). The electromagnetic force will increase with the reactive load, which
leads to a larger negative stiffness and larger tangential component. In
Figures 3.7 and 3.8 the stability regions of the rotordynamical system
shown in Figure 3.1 are shown for static eccentricity and synchronous
whirl. At synchronous whirl, the region of stability is independent of the
reactive load. For static eccentricity, the stability region decreases with
increased reactive load. The explanation for this is that the tangential
component of the electromagnetic force is increasing.

The mechanical systems presented in this thesis contain several sim-
plifications. The generator and turbine are modelled as rigid bodies.
Bearings are modelled as linear elastic springs in parallel with viscous
dampers (or with proportional damping) and the geometry of the shaft
is simplified. However, the results in Paper A and Paper C indicate that
the models with these simplifications acceptably predict the system char-
acteristics. The measurements carried out in the appended papers are
carried out in industrial environments. In the same power station as the
‘experimental units’, other units were shut down and started up while
measurements were being taken on the experimental units. Since mea-
surements are carried out in an industrial environment, it is not always
possible to measure every signal in an optimal position. These facts
might have affected the measurements.
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4.2 Conclusions

The first general conclusion of this thesis is that it is important to in-
clude the multiphysical interactions in a rotordynamical model of a hy-
dropower rotor system. Both system characteristics (rotordynamical
coefficients) and excitations of the electromagnetic and hydraulic sys-
tems must be modelled properly in order to analyse eigenfrequencies,
damping/stability and steady state response.

The electromagnetic force is shown to add negative stiffness and
additional damping, in both radial and tangential directions, to the sys-
tem coefficients of a rotordynamical system. It is further shown that the
electromagnetic forces are influenced by the load, whirling and change of
eccentricity. The electromagnetic forces for a system with one constant
whirling frequency will result in a mechanical system with eigenmodes
that have negative damping. However, it is also shown that a combi-
nation of two whirling frequencies will stabilise the rotor system. The
explanation for the latter is that currents are induced in the damper
windings due to the change in eccentricity, which affects the magnetic
field. These results are similar to the characteristics displayed by asyn-
chronous machines presented earlier [32]. The variation of system co-
efficients for different whirling and different loads makes it impossible,
with the knowledge of today, to predict the force due to a general mo-
tion. Further studies are needed in order to gain an understanding of a
general model for electromagnetic forces in synchronous generators.

It has been shown that the flow through the turbine affects the tor-
sional coefficients for inertia and damping. Both coefficients are however
dependent on the turbine load and oscillating frequency. Both added in-
ertia and damping will decrease the eigenfrequency, which is important
to consider, as hydropower rotor systems normally operate under the
first critical speed.

The simplified model presented in Paper A gives an idea of the pos-
sible sources of vibrations registered in measurements. The most domi-
nant frequencies were explained as either hydraulic excitations from the
turbine or forces due to the shape deviation of the airgap in the genera-
tor. However, the suggested model did not predict the amplitude of the
response correctly and hence further investigation of these interactions
has to be carried out. Numerical simulation of a hydraulic system has
shown that the boundary conditions affect the obtained rotordynamical
forces and moments. One can therefore conclude that in order to predict
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rotordynamical forces and moments properly with CFD, one must de-
velop models that take into account the flow up- and downstream of the
runner. It is also concluded that wakes are dissipating when travelling
diagonally through the cells in the CFD-model. This can reduce the
resulting rotordynamical forces and moments.

In Paper C a method was suggested for how a system should be ex-
cited in order to determine the eigenfrequencies of the system. It was
shown that it is possible to excite a few, but not all eigenfrequencies.
The suggested method used a sudden loss in the magnetic field to ex-
cite the system with the change of rotating speed in combination with
a sudden decrease in the magnetic field. However, the control system
of the turbine decreases the mass flow through the turbine, leading to a
broad-banded hydraulic excitation. It is concluded that a better under-
standing of the excitation forces is necessary if the method is to be used
to determine eigenfrequencies.

The models suggested in this thesis are all for a system in steady
state. A complete model for the excitation and system characteristics of
the multiphysical interactions in steady state has not been developed.
The models have still not been validated with measurements. In addi-
tion, transient operations are supposed to have a greater influence on
the rotordynamical system. The last general conclusion of this thesis is
that the the models for multiphysical interactions for both steady and
transient operations must be further developed. Suggestions for future
investigations are discussed below.

4.3 Scientific Contribution

The most important scientific contributions made in this thesis are the
models of the electromagnetic forces. The traditional model where only
one radial component is present in synchronous generators has been
developed first to show that there exists one additional tangential com-
ponent for static eccentricity and further to show a whirling dependency
similar to asynchronous machines. It is also shown that the forces de-
pend not only on eccentricity, but also the change in eccentricity, e.g. the
model is extended from including only magnetic stiffness to also include
magnetic damping.

The main contribution in the area of fluid-rotor interactions is the
model for load and frequency-dependent torsional coefficients by using
numerical calculation of a turbine runner with a prescribed motion.
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Similar identification techniques have been used earlier for lateral co-
efficients, but are in this thesis introduced for the torsional coefficients.
The result that the inlet boundary condition in a CFD-model affects
the resulting rotordynamical forces and moments is not revolutionary;
however, it is still a contribution to the knowledge in the field.

The scientific contribution of the suggested method for experimental
identification of eigenfrequencies in Paper C is that, rather than sug-
gesting a fully developed method, it shows how measurements can be
carried out in an industrial environment.

The author of this thesis also claims that the active collaboration
with researchers in different fields is a scientific contribution in itself.
Problems become more complex and different knowledge is needed to
answer the research questions in a multidisciplinary field. Understand-
ing several perspectives of a research problem from the point of view
of different disciplines affords a broader view of the problem and may
facilitate the creation of new knowledge.

4.4 Industrial Importance

The industrial importance of this thesis can be summarised as an im-
provement of rotordynamical models for hydropower rotor systems. With
improved models, better decisions can be made regarding operations,
maintenance, diagnostics and redesign. Understanding that the elec-
tromechanical forces change with load (Paper B), whirling and change
in eccentricity (Paper E) is important both during design and during
analysis of vibration measurements. The results regarding the influence
of reactive load (Paper B) could be used during planning of produc-
tion, so reactive power will be produced in a unit where the influence of
reactive load is relatively small.

Knowledge regarding the influence of the fluid system (Papers D,F)
is important both in design, operation and analysis of vibrations. During
design of the whole rotating system, CFD can be used for the calculation
of hydraulic forces, moments and coefficients. Knowledge about the
influence of boundary condition is important for correct determination
of forces and moments (Paper D).

The model for the generator shape (Paper A) could be used to anal-
yse possible sources of vibrations in measurements and to avoid excita-
tions. The method for characterisation (Paper C) needs to be improved
in order to separate turbine and generator excitations. The idea to use
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multiphysical interactions for characterisation is expected to be useful
for industrial measurements for characterisation of systems as a part of
machine diagnostics.

For both academia and industry, this project and other research
projects within hydropower technology constitute a continuous knowledge-
building process in which project meetings, on-site measurements, work-
shops, and other collaborative activities are essential.

4.5 Future Work

As mentioned above, there is yet no single answer to the research ques-
tion. Many details remain to be studied in the various of fields, and the
scope of the research problem must be extended. Before going further,
the numerical results obtained in this thesis must be validated, both
with experimental test-rigs in the lab and with on-site measurements in
commercial units.

Figure 1.6 shows the connection between the different papers. In
Figure 4.1 this drawing is extended with ideas for future research ideas,
as briefly discussed below.

The study of shape deviations in a generator airgap was continued
by Lundström et al. in [37]. However, they only include a radial force
component and did not consider the whirl dependency of the electro-
magnetic forces. Lundin et al. [42] recently developed a new method
for FEM-simulation of electromagnetic fields. With this method, gener-
ators with shape deviation can be simulated and forces can be obtained
in a similar manner as in this thesis. It is of interest to continue the
development of models for shape deviation and analyse the dynamic be-
haviour of shape deviations more in detail as well as different pole and
slot configurations, which also affect the magnetic field.

For the development of the whirling dependent electromechanical
model, parallel windings in the stator were not included. It is well
known that parallel windings in the stator have a strong influence on
the electromagnetic forces acting in the generator, see e.g., Burakow et
al. [40]. A future study should include the effect of these parallel stator
windings. Also, the effect of coupling to the grid is of interest.

In the area of fluid-rotor interactions of hydraulic turbines, several
questions remain to be solved. A continuation of the investigation of
boundary conditions of the hydraulic turbine should include downstream
boundary conditions as well as a comparison including the fluid domains
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of up- and downstream systems. Identification and analysis of dynamical
coefficients for lateral rotordynamics should be carried out. Coefficient
dependencies of different boundary conditions and loads should be inves-
tigated in more detail. In this thesis, the different operating conditions
of the turbine were simplified by changing only the head of the turbine,
and not the geometry of the guide vanes and turbine runner, as is done
in the real case. In future studies the actual geometry should be included
in order to study a case that is more comparable with a real case. It is
also of interest to investigate other types of hydraulic turbines, such as
Francis and bulb.

The influence of hydrodynamic bearings is not within the scope of
this thesis. In hydropower rotor systems, the shaft is normally verti-
cal and therefore damping and stiffness can be calculated from a static
equilibrium point as in the case with horizontal machines. Software for
bearing simulations is normally developed for systems that have a static
equilibrium point. It is therefore of interest to develop bearing models
where the rotor is allowed to whirl in the full clearance of the bearing.

Models of the multiphysical interactions are in this thesis limited to
steady state. It has been shown that the coefficients change between
different operations. It is therefore of interest to model the forces due
to transient conditions and investigate the possibility of developing sim-
plified models for a general motion. With an increased use of renewable
energy, such as wind-power, it is expected that the use of hydropower as
intermittent load will increase in the future and that the starts and the
stops must be faster (for example, after a loss of power due to decreased
or increased wind). This type of operation increases the demands on
the mechanical design, and rotordynamical analysis becomes even more
important for predicting dynamical behaviour and improving design and
operations for increased reliability, accessibility, operability and low op-
erational cost.
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Figure 4.1: Overview of the connections between the different papers
and ideas for future research
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ABSTRACT 
Hydro power rotors are subjected to fluid and 

electromagnetic forces. In this paper measurements and 

simulations are shown for a hydro power rotor system. The 

simulation includes the influence of fluid forces in the turbine 

as well as the electro magnetic pull in the generator.  

The mechanical rotor system is modelled with the 

generator and the turbine treated as two rigid bodies, 

connected to an elastic shaft supported by three bearings. 

The fluid model in the turbine is based on results from the 

scientific literature. A model is suggested for the electro 

magnetic pull due to eccentricity and the shape of the stator 

core and the rotor rim. 

Results from the simulation are compared and analyzed 

with frequency spectrum from vibrations measurements. One 

can conclude that the unbalance together with geometric 

properties of the turbine and generator, are possible sources 

of the most dominant frequency peaks in the measurements. 
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Rotor Dynamic Analysis of an
Eccentric Hydropower Generator
With Damper Winding for
Reactive Load
Asymmetry in the magnetic circuit, around the air gap circumference, in a hydroelectric
generator will give rise to a unbalanced magnetic pull. In this paper, a hydropower rotor
system is modeled and the influence of electro-mechanical forces due to overexcitation is
analyzed. The active power has been kept constant and the rotor excitation has been
changed in order to vary the output of reactive power. The electromagnetic field is solved
with the finite element method. Two electromagnetic models are compared: one with and
one without damper winding. The mechanical model of the generator consists of a four
degrees of freedom rigid disk connected to an elastic shaft supported by two bearings
with linear properties. It has been found that the unbalanced magnetic pull slightly
increases for reactive loads resulting in a decrease of natural frequencies and an increase
of unbalance response. When the damper winding is included, the magnetic pull will
decrease compared to the model without damper winding, and the pull force has two
components: one radial and one tangential. The tangential component can influence the
stability of the mechanical system for a range of design parameters.
�DOI: 10.1115/1.2723822�

1 Introduction
Asymmetry of the magnetic circuit in electrical machines can

lead to vibrations. An off-centered rotor in a generator results in
asymmetry in the air gap. The rotor will be affected by forces due
to the asymmetrical magnetic field around the air gap. To deter-
mine the forces due to the asymmetrical magnetic field, the mag-
netic flux density must be determined in the whole air gap region
around the rotor. The determination of magnetic forces has been
carried out for more than a century.

Early papers by Behrend �1�, Gray �2�, and Robinson �3� sug-
gested linear equations for magnetic pull. Covo �4� and Ohishi et
al. �5� considered the saturation of the magnetic core to improve
the magnetic pull equations. Früchtenicht et al. �6� observed the
existence of two electromechanical force components �one radial
and one tangential� when the rotor performs a circular motion. An
analytical model for vibrations in induction motors was presented
by Belmans et al. �7,8�. Smith et al. �9� derived analytical equa-
tions for unbalanced magnetic pull in induction motors using the
air gap permeance approach, including stator and rotor magneto-
motive force �MMF� harmonics. Arrkio et al. �10� solved the mag-
netic field for cage induction motors using time-stepping finite
element analysis to numerically determine a linearized electro-
magnetic force for rotor dynamic analysis. Tenhunen et al.
�11–14� have used the same technique to develop the electro-
mechanical force calculations for rotor-dynamical analysis.

Most papers published regarding unbalanced magnetic pull
concern asynchronous motors. However, in the area of synchro-
nous generators, there are only a few papers published. Gustavs-
son et al. suggested a linear model �15� and a nonlinear model
�16� for the radial magnetic pull in a hydropower synchronous
generator. In these models, the distance between the generator
rotor rim and spider hub were also considered. Karlsson et al. �17�
presented a linear model for the radial force due to the discrete

shape of the rotor and stator. Lundström et al. �18� presented a
continuous radial force model due to the rotor and stator shape.
Normally, only radial magnetic forces are considered in dynamical
models of synchronous machines. Lundström et al. �19� showed
the existence of a tangential magnetic force component in syn-
chronous machines due to the damping winding and used a lin-
earized model to analyze the rotor dynamical behavior of these
forces. Burakov et al. �20� used the same techniques as Arrkio et
al., and Tenhnunen et al. �10,14� to determine a low-order para-
metric force model for a salient-pole synchronous machine. Bura-
kov et al. �21� continued the work and carried out analysis of the
influence of parallel connections in the stator winding. Tampion et
al. �22� analyzed stator vibrations of a turbo generator stator core
due to a reactive load and showed the effect of the reactive load
on the vibrations of the stator core. Karlsson et al. �23� concluded
that variation of active load, for a synchronous generator, only
slightly influenced the electro-mechanical interaction of rotor sys-
tems. In this paper, a rotor dynamical analysis for different reac-
tive loads at constant active load for a hydropower generator rotor
with eccentricity is carried out.

2 Modeling and Simulation
The mechanical and electromagnetic systems are modeled sepa-

rately. Initially, simulations are carried out for the electromagnetic
field to obtain a force due to static eccentricity. These forces are
then used in the mechanical calculations.

2.1 Brief Theory of Unbalanced Magnetic Pull. In the case
of static eccentricity the rotor center is displaced relative to the
stator center with a distance e �see Fig. 1�. In the rotor frame
�subscript r in Fig. 1� the air gap length is a function of both
angular position, �, and time, t, according to

���,t� = �0�1 − � sin�� + �t�� �1�

where �0 is the nominal air gap length; � is the rotational fre-
quency of the rotor; and � is the relative eccentricity defined as the
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ratio between the absolute eccentricity divided by the nominal air
gap length.

In the rotor coordinate system the fundamental magnetomotive
force �MMF� component can be expressed as

F��� = F1 cos�p�� �2�

where p is the number of pole pairs. For small eccentricities the
varying air gap permeance can be expressed as

���,t� =
�0

���,t�
=

�0

�0�1 − � sin�� + �t��
�

�0

�0
�1 + � sin�� + �t��

�3�

where �0 is the relative permeability of free space. The air gap
flux density of a machine with an eccentric rotor can be expressed
as the product of Eqs. �2� and �3� according to

B = Bp sin�p�� + Bp+1 sin��p + 1�� + �t� − Bp−1 sin��p − 1�� − �t�
�4�

where Bp=F1 /�0 and Bp±1=�Bp /2. The static eccentricity thus
gives rise to two parasitic waves, with pole pair numbers p±1,
moving relative to the rotor. These parasitic waves will induce
currents with frequency � in the damper winding. The damper
currents do rise to a secondary set of air gap flux density waves,
which opposes its origin according to the Lenz law.

2.2 Mechanical System. The mechanical rotor system is
modeled as a Stodola–Green rigid disk, connected to a uniform
elastic and massless shaft supported by two linear–elastic bearings
with bearing stiffnesses kA and kB. The shaft has length, L,
Young’s modulus, E, and area moment of inertia, I. The position
of the rotor rim geometrical center �and center of gravity� is in
position �L, where � is a nondimensional number ��	1�. The
disk represents the physical properties of a generator with the
masses of rotor rim, mr, and rotor poles, mp, polar moment of
inertia, JP, and diametrical moment of inertia, JD. The disk spins
with an angular velocity, �, and has an unbalance, u, in the lateral
directions. The geometrical center and center of gravity of the
poles are displaced a distance l from the center of the rotor rim.
The mechanical model is illustrated in Fig. 2. The disk can trans-
late in two directions, x and y, and rotate around the same. Hence,
the rotor system has four degrees of freedom. With matrix nota-
tion, the equations of motion are

M̄x�̈ + ��Ḡ + C̄�x�̇ + K̄x� = F� �5�
where the mass and moments of inertia matrix, gyroscopic matrix,
and stiffness matrix are

M̄ =�
m 0 0 0

0 m 0 0

0 0 J 0

0 0 0 J
�, Ḡ =�

0 0 0 0

0 0 0 0

0 0 0 JP

0 0 − JP 0
�

K̄ =�
k11 0 0 k12
0 k11 − k12 0

0 − k12 k22 0

k12 0 0 k22
� �6�

where m=mr+mp and J=JD+mpl2. The stiffness matrix is derived
by the inverse of the flexibility matrix


̄ =�
� 0 0 − �

0 � � 0

0 �  0

− � 0 0 
� �7�

where the coefficients

� =
L3�2�2

3EI
+

�2

kB
+

�2

kA
�8�

� =
L2���� − ��

3EI
−
1

L
	 �

kB
−

�

kA

 �9�

 =
L�1 − 3���

3EI
+

1

L2	 1

kB
+

1

kA

 �10�

are determined using beam theory and �=1−�. The damping ma-
trix due to bearing damping is constructed in the same manner as
the bearing part of the stiffness matrix �e.g., ci is used instead of ki
in Eqs. �8�–�10��, which result in the matrix

Fig. 3 Part of the computational mesh for the electric field

Fig. 1 Static rotor eccentricity

Fig. 2 Rotor geometry

Journal of Applied Mechanics NOVEMBER 2007, Vol. 74 / 1179



C̄ =�
c11 0 0 c12
0 c11 − c12 0

0 − c12 c22 0

c12 0 0 c22
� �11�

The displacement vector is

x� = �x y �x �y�T �12�

where x and y are lateral displacements and �x and �y are rota-
tions around the x and y axis. The unbalanced force vector is

F� = �mu�2 cos��t�mu�2 sin��t� 0 0�T �13�

where t is the time.

2.3 Computing the Electromagnetic Field. The electromag-
netic field in the generator is solved for a two-dimensional axial
cross section. A nonlinear magnetic material with a single-valued
magnetization curve for the rotor and stator is used. Coil end
impedance is approximately included by circuit equations. The
magnetic field is solved through a time-stepping finite element
technique for a rotating field. The field winding was supplied from
a constant current source. The magnitude of the current was ob-
tained from the stationary model. In the time-varying solution the
magnetic field is viewed from a fixed coordinate system in the
stator and from a rotating system in the rotor. The time depen-
dence of the rotating field is taken care of by time depending
boundary conditions via a line placed in the middle of the air gap
between the rotor and the stator. Circuit equations connect the
field solution to the coil end impedance and the external load. The
voltages, currents, and electromagnetic torque are obtained from
combined field and circuit equations simultaneously solved with
the time-stepping finite element technique. Additional circuit
equations are added to describe the damper winding network. The
damper winding forms a continuous cage similar to the squirrel
cage in an induction machine except for the fact that the damper
bars are embedded only in the salient poles.

Due to the asymmetrical geometry created by the eccentric ro-
tor, the whole generator must be modeled, resulting in extensive
computations. A typical mesh contains about 85,000 elements.
Figure 3 shows the finite element mesh of the generator, which is
more detailed in the areas of special interest, such as the air gap,
the stator teeth, and in the damper winding. The mesh is coarser in
areas of less importance, such as the stator yoke and the rotor rim,
to save computational time.

The two-dimensional model enables the magnetic vector poten-
tial to be expressed as

A� = Az�x,y,t�z� �14�

The magnetic vector potential is solved for every node in the
domain according to

�
�Az

�t
= �	 1

�0�r
� Az
 − �

�V

�z
�15�

where � is the conductivity; �0�r is the magnetic permeability;
and �V /�z is the applied potential. The applied potential is a
source term that connects external circuits to the field equations.
The magnetic flux density is calculated from the magnetic poten-
tial according to

B� = rot�A�� �16�

Figure 4 shows the magnetic field lines in a synchronous genera-
tor obtained from the finite element calculations.

In order to compute the electromagnetic forces, acting between
the rotor and the stator, numerically both energy methods or Max-
well’s stress tensor can be applied. The methods give the same
result for a sufficiently accurate mesh. The forces according to
Maxwells stress tensor can be computed as a surface integral in
the air gap, where the integration surface is a band placed in the

middle of the air gap between the rotor and the stator in the
two-dimensional cross section. The surface integral is defined as

F� =
1

D�
Sd

� 1

�0
BrB��� +

1

2�0
�Br

2 − B�
2�r�dS �17�

where Br and B� are the radial and tangential components of the
magnetic flux density; D is the width of the air gap band; and Sd
is the cross-sectional area of the air gap band. This method has
shown to give an accurate result �24�.

Coulomb �25� presented a method to calculate the forces based
on the principle of virtual work. The electromagnetic force is de-
fined using the magnetic coenergy

Wc =�
V
	�

0

H

B� dH�
dV �18�

In the two-dimensional model the volume integral becomes a sur-
face integral over the air gap region. The forces are calculated as
the derivatives of the coenergy in the air gap, according to

Table 1 Numerical data of Porjus U8

Item Value Unit

mr
Mass rotorrim 21,000 kg

mp
Mass rotorpoles 9000 kg

JD
Diametric moment of inertia 11,406 kg m2

JP
Polar moment of inertia 20,000 kg m2

E Young’s modulus 200 GPa
I Area moment of inertia 0.0635 m4

kA
Bearing stiffness 500 MN/m

kB
Bearing stiffness 500 MN/m

L Length of the shaft 3.6 m
�1

Damping parameter 0.001 s
�2

Damping parameter 3 1/s
� Rotational speed 22.44 rad/s
u Unbalance 0.28 mm
S Apparent power 11 MVA
P Real power 9 MW
V Voltages 10 kV
cos��� Power factor 0.9 —
n Number of poles 14 —
fel Grid frequency 50 Hz
Dinner

Stator inner diameter 2.53 m
Douter

Stator outer diameter 3.10 m
h Rotor length 0.75 m
nd Number of damper bars per pole 6 —

Fig. 4 Magnetic field around one pole obtained from
calculations
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Fx =
�Wc

�x
, Fy =

�Wc

�y
�19�

The forces used in this paper have been calculated by both Max-
well stress tensor and Coulombs method, giving the same result
with sufficient accuracy.

2.4 Interaction With the Mechanical System. If the rotor is
displaced with a small distance e in the y direction, a linearized
force due to the magnetic field can be written as

Fy = kM,re �20�

Fx = kM,te �21�

where kM,r and kM,t are the radial and tangential magnetic stiff-
nesses obtained from the electromagnetic calculations. The radial
magnetic stiffness is the stiffness in the eccentricity direction, and
the tangential magnetic stiffness is the stiffness in the perpendicu-
lar direction of the eccentricity due to the magnetic pull. The

electromechanical forces and moments, FM
�, on the rotor will be

dependent on the rotor displacement, x and y, the inclination of
the rotor, �x and �y, and the distance, l, between rotor spider hub
and the geometrical center of the rotor rim. These forces and
moments are obtained by integrating the radial and tangential
force distribution over the rotor height, h

FM
� =�

�
l−h/2

l+h/2 	 kM,rx

h
+

kM,ty

h
+

kM,r�y

h
� −

kM,t�x

h
�
d�

�
l−h/2

l+h/2 	 kM,ry

h
−

kM,tx

h
−

kM,r�x

h
� −

kM,t�y

h
�
d�

�
l−h/2

l+h/2 	− kM,ry

h
+

kM,tx

h
+

kM,r�x

h
� +

kM,t�y

h
�
�d�

�
l−h/2

l+h/2 	 kM,rx

h
+

kM,ty

h
+

kM,r�y

h
� −

kM,t�x

h
�
�d�

�
=�

kM,r 0 0 lkM,r

0 kM,r − lkM,r 0

0 − lkM,r �kM,r 0

lkM,r 0 0 �kM,r

��
x

y

�x

�y
�

+�
0 kM,t − lkM,t 0

− kM,t 0 0 − lkM,t

lkM,t 0 0 �kM,t

0 lkM,t − �kmM,t 0
��

x

y

�x

�y
�

= �K̄m,r + K̄m,t�x� �22�

where

� =
1

3h
		h

2
+ l
3 + 	h

2
− l
3
 �23�

The matrices in Eq. �22� is the magnetic stiffness matrices. Add-
ing Eq. �5� to Eq. �22� to derive the equations of motion for the
electro-mechanical rotor system

M̄x�̈ + ��Ḡ + C̄�x�̇ + �K̄ − K̄m,r − K̄m,t�x� = F� �24�

2.5 Natural Frequencies and Stability. Equation �24� is
transferred to a system of first-order equations

	− Ī N̄

N̄ M̄

	 ẋ�

ẍ�

 + 	 N̄ Ī

K̄ − Km C̄ + �Ḡ

	x�

ẋ�

 = 	B�

F�

 �25�

where N̄ and B� are zero valued matrix vectors, respectively. With
the matrix notation, Eq. �25� becomes

− S̄ẏ� + R̄y� = H� �26�

The homogeneous solution to Eq. �26� is

y�h�t� = �
i=1

n

DiYi
�e�it �27�

where Ȳi are the eigenvectors corresponding to the eigenvalues �i;
and Di are constants determined by initial conditions. The eigen-
values are complex and can be expressed as

�i = �i + i�n,i �28�

where �i is the decay rate and �n,i is the damped eigenfrequency.
The system is stable if all eigenvalues have a negative decay rate.

Fig. 5 The radial Fy, tangential Fx, and resulting F force on the
rotor for 9 MW active power and varying reactive power, solved
with „a… and without „b… damper winding. „Note that there will
not be a tangential contribution to the total unbalance magnetic
pull for the calculation without damper.…
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2.6 Unbalanced Response. For the case of unbalanced exci-
tation, the particular solution to Eq. �26� becomes

y�p�t� = a� sin��t� + b� cos��t� �29�
with

a� = ��2SR−1S̄ + R̄�−1�Hs
� − �SR−1Hc

�� �30�

b� = R̄−1�Hc
� + �S̄a�� �31�

H�s = �0 0 0 0 0 mGu�2 0 0 �T �32�

H�c = �0 0 0 0 mGu�2 0 0 0 �T �33�
The unbalanced response is analyzed to investigate how the reac-
tive load affects the amplitude of the vibrations.

3 Results
The simulations were carried out for the research and education

unit Porjus U8 hydropower generator, located at Porjus Interna-
tional Hydropower Centre, the Municipality of Jokkmokk, in
northern Sweden. Numerical data are presented in Table 1.

Computations of the UMP have been carried out for 20% static
eccentricity. The rotors have been displaced in the y direction
according to Fig. 1. The real power has been kept constant to
9 MW and the rotor excitation has been changed in order to vary
the output of reactive power. Calculations have been done with
and without the damper winding. The results are presented in Fig.
5.

In the absence of damper winding, only one force component
exists and it points in the y direction toward the smallest air gap.
This force component is referred to as the radial force component.
If the damper winding is taken into account a force component
perpendicular to the eccentricity direction in the x direction oc-
curs. This force component is referred to as the tangential force
component. The magnitude of the magnetic pull force is reduced
and the direction is shifted from the short air gap, to the direction
towards the rotation, when the damper winding is considered. The
UMP is reduced because of the damper cage reaction, which will
counteract the parasitic eccentricity flux harmonics and thus
equalize the flux distribution around the air gap circumference
according to the reasoning in Sec. 2.1. The unbalanced force cre-
ated by the eccentricity is almost constant in time, except for a
small ripple due to the salient poles representing only about 1% of
the steady-state force.

Fig. 6 First forward natural frequency when �=0.1 and l /h=
−0.50, −0.25, 0.00, 0.25, 0.50, for the rotor system for 9 MW ac-
tive power, varying reactive power and electrical model with „a…
and without „b… damper winding

Fig. 7 First forward natural frequency when �=0.3 and l /h=
−0.50, −0.25, 0.00, 0.25, 0.50, for the rotor system for 9 MW ac-
tive power, varying reactive power and electrical model with „a…
and without „b… damper winding
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The UMP slightly increases when the rotor excitation is in-
creased. The magnitude of the fundamental magnetic flux compo-
nent, the largest contributor to the unbalanced force, increases
with rotor excitation since a larger fundamental is needed to ob-
tain the rated voltage due to the internal voltage drop over the
leakage reactance. The increase of the UMP force decays for large
rotor excitations due to saturation.

In Figs. 6 and 7, the change of the first forward natural frequen-
cies are presented for different reactive loads. In Figs. 8 and 9, the
change of the steady-state response is presented for different re-
active loads. The Porjus U8 is stiffer than most commercial hy-
dropower units. To predict how the reactive load will influence a
more general case, a stability analysis is carried out for a variation
in bearing stiffness. The ratio between bearing stiffness kA,� and
kB,� and the nominal bearing stiffness kA and kB used is introduced
as

� =
kA,�

kA
, kB,� = kA,� �34�

Figures 10 and 11 present the stability regions for the rotor
system with different bearing properties and different reactive
loads and Figs. 12 and 13 present the stability regions for the rotor
system with a variation in mechanical parameters.

4 Discussion
According to Figs. 6–9, one can see that the first forward natu-

ral frequencies decrease and the unbalanced responses increase for
an increase in reactive load. For the case Porjus U8, the influence
of reactive load is relatively small due to a stiff rotor system. For
a weaker rotor system the influence of reactive power on the re-
sponse and natural frequencies will be stronger. According to
Figs. 10–13, one can see that the stability region, for simulations
with damper winding, decreases with an increase of reactive
power, and for simulations without damper winding only a small
influence of the reactive load is noted. The radial electro-
mechanical component will result in the negative stiffness matrix
and the tangential component will result in the skew-symmetric
electro-mechanical matrix. Both these magnetic stiffness matrices
will influence the stability of the rotor system. The tangential
electro-mechanical force component only exists in the case with
damper winding and has a strong influence on the stability of the
rotor system.

The simulations are carried out for a generator with a relatively
stiff rotor-bearing system. The design is unique for each hydro-
power generator so there exist generators with a range of stiff-
nesses of the rotor-bearing system. The tendency of behaviors for

Fig. 8 Unbalance response when �=0.1 and l /h=−0.50, −0.25,
0.00, 0.25, 0.50, for the rotor system for 9 MW active power,
varying reactive power and electrical model with „a… and with-
out „b… damper winding

Fig. 9 Unbalance response when �=0.3 and l /h=−0.50, −0.25,
0.00, 0.25, 0.50, for the rotor system for 9 MW active power,
varying reactive power and electrical model with „a… and with-
out „b… damper winding
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different machines is therefore presented by decreasing the bear-
ing stiffness in order to analyze how reactive load will affect a
hydroelectric rotor system in general.

In this paper the electro-mechanical interaction is modeled as a
linear displacement dependent force. According to the results in
Ref. �20� the electro-mechanical force will be dependent on the
whirling frequency. The radial component of the electro-
mechanical force will increase near the synchronous whirling fre-
quency and the tangential component will decrease. An explana-
tion for this behavior is when the rotor is whirling
asynchronously, the damper windings want to force the whirling
to synchronously speed. During synchronous whirling there will
not be any current in the damper windings and the result is the
same UMP as in simulations without damper windings. The com-
putational cost to carry out similar calculations as in Ref. �20� on
a 11 MVA 14-pole generator at different loads limited the study
in this paper to only be concerned with static eccentricity in the
electro-mechanical model. The model does not consider parallel
paths of the stator winding, where equalizing currents in the par-
allel paths have a damping effect of the UMP in electrical ma-

chines. In Ref. �26� it is shown for an induction machine that
parallel connections in the stator winding have about the same
influence on the UMP as the rotor cage, depending on the rotor
slot opening width. The rotor system is modeled as a massless
shaft, the bearings are assumed linear, and the generator is as-
sumed rigid. The turbine and turbine bearing are not included in
the model. The reason for the simplifications used in this paper is
that the model is used to predict the tendency of an electro-
mechanical phenomenon rather than to simulate a specific unit in
detail.

5 Conclusions
In this paper, it has been numerically shown that a change in

reactive load will change the electro-mechanical force, thereby
influencing the natural frequencies, unbalanced response, and the
stability of the system. This implies that changes in the reactive
load of a synchronous generator can change the dynamical behav-
ior of the machine.

In this paper, it has been observed that for the case with damper
winding compared to the case without damper winding,

Fig. 10 Stability region of the rotor when �=0.1, l /h=0, and
variation of �, for simulations with „a… and without „b… damper
windings

Fig. 11 Stability region of the rotor when �=0.3, l /h=0, and
variation of �, for simulations with „a… and without „b… damper
windings
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• The first natural frequency increases;
• The unbalance response decreases; and
• The stability region decreases.

One can conclude that the machine will be operating under
better conditions, but the stability of the machine might be af-
fected. These observations are practical and it is useful for plant
owners and the power utility industry to plan operations and main-
tenance. In planning production of reactive power one should con-
sider whether the machine is suitable due to the dynamical robust-
ness.
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ABSTRACT

In recent years, the energy markets have been deregulated in many countries. The deregulation has resulted in
new operating conditions of old hydro power generating units. It becomes important to analyse the behaviour of
these machines due to different operating conditions and different transient excitations as well as development of
accurate physical models to predict critical operating conditions. In this paper electro-mechanical simulations of
a sudden loss of the magnetic field, are carried out. The aim with the simulations is to characterise vibrations due
to a loss of the magnetic field and to numerically determine when it is possible to use this condition to determine
vibrationmodes.

The model consist of a finite element model for lateral and torsional rotor dynamics. Magnetic pull is modelled
as a decrease of stiffness in the mechanical model. Bearings are assumed to be linear. Simulations are carried out
for different values of damping of the mechanical system. Numerical data is taken from a 55MVA commercial unit
in Sweden. The results from the simulations have been compared with on-site measurements. The results shows
that it is possible to excite the rotor system with a sudden loss of the magnetic field. The main problem with the
method is to separate what is exited by the suddenly loss of magnetic field and what is excited by the change of
turbine flow.

KEY WORDS

Characterisation, Hydro Power rotor, Electro-mechanical interaction,

1 INTRODUCTION

During the last ten to fifteen years energy markets have been deregulated. This has lead to new operating con-
ditions of old hydro power units. In Sweden fifty percent of all electrical productions are produced by hydro power
units. During the last years several research project regarding rotor dynamical modelling of hydro power units
have been carried out in collaboration between Swedish universities, power generating industry and power utility
industry. The target is to develop better design during the ongoing redesign projects and to optimise operations.
To evaluate mechanical models, on site measurements have to be carried out.

A few papers regarding modelling and analysis of hydro power rotor systems are presented. Gustavsson et. al.
suggested a linear [1] and a non-linear [2] model for radial magnetic pull in a hydro power synchronous generator.
Karlsson et.al [3] presented a linear model for the radial force due to the discrete shape of the generator’s air-gap.
Lundström et.al. [4] presented a radial force model due to the continuous shape of generator’s air-gap. Normally
modelling synchronous machines, only radial magnetic forces are considered. Lundström et.al. [5] showed that
there exist a tangential magnetic force component in synchronous machines due to the damping winding and used
a linearised model to analyse the rotor dynamical consequences of these forces. Karlsson et.al. [6] analysed
the influence of reactive load on hydro power synchronous generators. Gustavsson et.al. presented a method to
measure bearing load [7], bearing stiffness and damping coefficients [8].
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There are several difficulties with using on-site measurements for characterisation of a hydro power rotor
system. During the measurements other units in the same power house are operating (closing down and starting-
up). Parts of the rotor system are mainly under ground and adjacent rooms are often small. The units have large
mass, from 100 to 1000 metric tons. It is therefore hard to excite the rotor system. However, the influence of
electro-mechanical forces are significant in a hydro power rotor system. In this paper an alternative method for
determining the characteristics of a hydro power rotor system is suggested. In this method the interaction between
the magnetic field and the rotor system is used to excite the rotor system.

2 MODELLING

A hydro power rotor system is shown in Figure 1, in the same figure the corresponding finite elements and
nodes are shown. The rotor system is divided into three nodes for the bearings, one node for the generator and one
node for the turbine. Between each node one beam element is introduced. In the next sections, the modelling of
the rotor system and interacting forces and moments are described.

Figure 1: Hydro power unit. (Left) CAD-model of the rotating system, obtained from Johansson Lina (2006):
Simuleringsverktyg för rotordynamiska beräkningar. Master Thesis Luleå University of Technology, ISSN 1402-
1617 / ISRN LTU-EX–05/325–SE / NR 2005:325, (right) Element and nodes of the shaft.

2.1 Modelling the shaft

The rotor shaft for the hydro power unit is modelled with lateral Euler-Bernoulli [9] and torsion [10] finite
elements. The element mass, stiffness and gyroscopic matrices are shown in Appendix Equations (15)-(17). The
element matrices and vectors are assembled to a global system of equations and for free vibrations, the equations
of motion becomes:

M−̈→x − ΩG−̇→x + K−→x =
−→
0 (1)

where Ω is a diagonal matrix, where each row contain angular velocity θ̇i for corresponding node. M is the mass
matrix, G the gyroscopic matrix, K the stiffness matrix and −→x the displacement vector.

2.2 Inertia, stiffness and damping of generator, turbine and bearings

The generator and the turbine are modelled as rigid bodies. The mass and inertia for the generator and turbine
are modelled as diagonal mass- and gyroscopic matrices where the entries corresponds to mass and inertia for the
turbine and the generator [11]. The equations of motions becomes:

(M + Mr)−̈→x − Ω(G + Gr))−̇→x + K−→x =
−→
0 , (2)
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where Mr is the mass and inertia matrix for the rigid bodies and Gr is the gyroscopic matrix due to rigid bodies.
The bearings are modelled as linear elastic springs in parallel with viscous dampers. Also the damping of the

turbine water flow is modelled as a linear viscous damper. The stiffness and damping are introduced as diagonal
stiffness and damping matrices where the entries corresponding to x- and y- direction for the bearings and the
turbine contains information about the bearings and the turbine and all other entries are zero. The cross-coupling
entries in tilting-pad bearings are small and therefore assumed to be zero. Hence the equations of motion becomes:

(M + Mr)−̈→x + (Cb − Ω(G + Gr))−̇→x + (K + Kb)−→x =
−→
0 , (3)

where Cb is the bearing and turbine damping matrix and Kb is the bearing stiffness matrix.

2.3 Electro-mechanical model

A linear model for the unbalance magnetic pull is used. This model is in detail described in [5] where the
magnetic pull is modelled as a decrease of the stiffness matrix. Introduce a magnetic stiffness matrix, KM where
the entries for the generator position are:

KM,xx = km,r,KM,yy = km,r,KM,xy = km,t,KM,yx = −km,t, (4)

and all other entries zero. km,r is the magnetic stiffness in radial direction and km,t is the magnetic stiffness
in tangential direction. Here xx and yy corresponds to radial positions and xy and yx tangential positions. The
equations of motion becomes:

(M + Mr)−̈→x + (Cb − Ω(G + Gr))−̇→x + (K + Kb −KM )−→x =
−→
0 (5)

The torque vector consist of the torque in the generator and the turbine. The entry for the turbine,
−→
T , is

calculated with the relation between the turbine’s power, PT , and torque, TT ,:

TT =
PT

θ̇T

. (6)

Assuming that the torque in the generator, TG, is equal to the torque in the turbine minus losses in the bearings:

TG = −TT + LB , (7)

where LB are the bearing losses. All other positions in the torque vector is equal to zero. The equation of motions
becomes

(M + Mr)−̈→x + (Cb − Ω(G + Gr))−̇→x + (K + Kb −KM )−→x =
−→
T (8)

2.4 Unbalance

The forces due to unbalance for one node is defined [12] as:

Mu,n
−̈→x n −−→F u,n =

−→
F s,n (9)

where
−→
F s,n is the forces at each node due to the systems stiffness, damping, inertia and electro-mechanical inter-

actions defined in Equation (8). The node mass unbalance matrix, Mu,n, the nodal unbalance vector
−→
F u,n and
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node displacement vector, xn, are defined as:

Mu,n =

⎛
⎜⎜⎜⎜⎝

0 0 0
0 0 0
0 0 0 ...
0 0 0

−mnεsin(θ) mnεcos(θ) −κ(JD − JT )cos(θ)

0 −mnεsin(θ + α)
0 mnεcos(θ + α)

... 0 −κ(JD − JP )cos(θ)
0 −κ(JD − JP )sin(θ)

−κ(JD − JP )sin(θ) JP κ2 + mnε2

⎞
⎟⎟⎟⎟⎠

(10)

−→
F u,n =

⎛
⎜⎜⎜⎜⎝

mnεθ̇2cos(θ + α)
mnεθ̇2sin(θ + α)

κ(JD − JP )θ̇2sin(θ)
κ(JD − JP )θ̇2cos(θ)

0

⎞
⎟⎟⎟⎟⎠ (11)

−→xn =
(
x y ϕx ϕy θ

)T
(12)

where mn is half the mass of each neighbouring elements added to the mass of the rigid body in position of the
node, JD and JP the diametric and polar moments of inertia of the node, calculated in a similar manner as the
mass, ε the unbalance, κ the inclination and α the phase of the unbalance. The unbalance forces are assembled to
a global system of equations:

Mu
−̈→x −−→Fu =

−→
F s (13)

2.5 Equations of motion

Adding Equation (8) and (13) will yield in the governing equations of motions:

(M + Mr + Mu)−̈→x + (Cb − Ω(G + Gr))−̇→x + (K + Kb −KM )−→x =
−→
T +

−→
F u (14)

3 SIMULATION AND MEASUREMENT

The rotor system is simulated until a steady condition is achieved. At time t = t1 the magnetic field in the
generator is suddenly close down and the electro-mechanical moment and stiffness matrix becomes zero. The rotor
system is accelerating and the power of the turbine is decreasing until t = t2 when the power becomes zero. The
rotor system is decelerating until operational speed is achieved, see Figure 2. The simulations are also carried
out by introducing a static eccentricity in the magnetic field, e.g. the generator’s rotor and stator centre does not
coincide, see Figure 2 . The simulations are compared with measurement and the latter are carried out for a similar
operation cycle on-site at a commercial unit. Numerical data for simulation and measurement are taken from the
Hölleforsen G2 Hydro Power Unit located in River Indalsälven, Sweden and are presented in Appendix Table 1.

4 RESULT

In Figures 3-4 the simulation results are presented for the lower generator bearing and the turbine bearing for
different amount of turbine damping, see Equation (3). The FFT contains data from a sudden loss of magnetic field
and the following 12 seconds. The calculated eigenfrequencies for normal operating speed and without turbine
damping are marked in the figures as doted lines.
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Figure 2: (Left) Rotational speed of the generator during the simulation. (Right) A static eccentricity, e, in the
y-direction of the generator’s rotor inside the stator.

Figure 3: Frequency content in y-direction direct after the suddenly close down of the generator (simulations),
for two different cases of the turbine damping. (Left) without turbine damping. (Right) with turbine damping
of 500000Ns/m. In both figures, the doted lines marks the calculated eigenfrequencies for normal conditions,
without turbine damping.

In Figures 5-6 the simulation results are presented for the lower generator bearing and the turbine bearing with
and without static eccentricity. The FFT contains data from a sudden loss of magnetic field and the following 12
seconds. The calculated eigenfrequencies for normal operating speed and without turbine damping are marked in
the figures as doted lines.

Figure 7 shows how the frequency spectrum in the measurement changes in time for the lower generator bearing
and the turbine bearing. The short FFT is obtain every quarter of a second and the size of each FFT is 3200. Figure
8 shows measurement results for the lower generator bearing and the turbine bearing direct after a sudden close
down of the generator. The FFT contains data from the suddenly loss of magnetic field and the following 8 seconds.

5 DISCUSSION

The simulation results indicates that the suggested method could be used to excite a few modes of the rotor
system. With no damping in the turbine, one can see that the modes corresponding to the third and fourth eigenfre-
quencies will be excited. When the damping is increased, the third mode will not be excited. The first and second
modes are not excited by the sudden loss of magnetic field and the eigenfrequency corresponding to the fifth mode
has only a small peak. The reason why one mode is not excited can be high damping or that the mode is uncoupled
from the generator motion.

For the measurements, one can see 4-5 peaks in the area near the calculated eigenfrequencies after the sudden
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Figure 4: Frequency content in y-direction direct after the suddenly close down of the generator (simulations),
for two different cases of the turbine damping. (Left) without turbine damping. (Right) with turbine damping
of 500000Ns/m. In both figures, the doted lines marks the calculated eigenfrequencies for normal conditions,
without turbine damping.

Figure 5: Frequency content in y-direction direct after the suddenly close down of the generator (simulations),
where the turbine damping is set to 5000000Ns/m. (Left) without static eccentricity. (Right) with static eccentric-
ity. In both figures, the doted lines marks the calculated eigenfrequencies for normal conditions, without turbine
damping.

loss of magnetic field. These frequencies are not only excited by the sudden loss of magnetic field, because the
control system of the turbine system is decreasing the flow when the generator losses the magnetic field. When the
turbine is not operating with optimal operation condition, the flow will be separating at the turbine guide-vanes,
which results in pressure fluctuations on the turbine runner. The latter are exciting the rotor system. To characterise
the system with the suggested method, the turbine excitation has to be known.

Comparing measurement and simulations, one can see that a few, but not all, modes will be excited for both
cases and that the fourth mode is the largest in both cases. Since the physics in the real system is more complex
than in the suggested model, it is hard to conclude what excitation that are due to the sudden loss of magnetic
field and what are due to other excitations. To succeed with the suggested method, one have to determine the fluid
excitation of the turbine for different operating conditions. If the turbine excitations is known for different flows,
it should also be possible to characterise the system during operation with a sudden change of the turbine flow.
Another simplification in the model is the simplification of the bearing characteristics. An improvement of the
model could be to first simulate or measure the bearing characteristics for different load and rotational speeds and
include it in the model.
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Figure 6: Frequency content in y-direction direct after the suddenly close down of the generator (simulations),
where the turbine damping is set to 5000000Ns/m. (Left) without static eccentricity. (Right) with static eccentric-
ity. In both figures, the doted lines marks the calculated eigenfrequencies for normal conditions, without turbine
damping.

Figure 7: Variation of frequency content in y-direction during the measurements. (Left) Lower generator bearing,
(Right) Turbine bearing.

Figure 8: Frequency content in y-direction direct after the suddenly close down of the generator (measurement).
(Left) Lower generator bearing, (Right) Turbine bearing.
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6 CONCLUSION

The results indicates that the suggested method will excite the fourth eigenfrequency clearly. Also the third
eigenfequencie will be excited but with lower amplitude. However, the suggested method could be improved if one
separate which response that is excited by the sudden loss of magnetic field and which response that is excited by
the turbine flow. Since hydro power rotor systems are hard to excite and have high damping the suggested method
is one first step to characterise a rotor system in order validate simulation models. Therefore one should be careful
to address the practical use of the suggested method. For a complete characterisation, one need also to excite other
parts of the system (e.g. the turbine).
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7 APPENDIX

The element mass, stiffness and gyroscopic matrices are expressed as:

Me = meL
420

⎛
⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎝

156
0 156
0 −22L 4L2 sym.

22L 0 0 4L2

0 0 0 0 0
54 0 0 13L 0 156
0 54 −13L 0 0 0 156
0 13L −3L2 0 0 0 22L 4L2

−13L 0 0 −3L2 0 −22L 0 0 4L2

0 0 0 0 0 0 0 0 0 0

⎞
⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎠

+

jD

30L

⎛
⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎝

36
0 36
0 −3L 4L2 sym.

3L 0 0 4L2

0 0 0 0 0
−36 0 0 −3L 0 36
0 −36 3L 0 0 0 36
0 −3L −L2 0 0 0 3L 4L2

3L 0 0 L2 0 −3L 0 0 4L2

0 0 0 0 0 0 0 0 0 0

⎞
⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎠

+ jP L
6

⎛
⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎝

0
0 0
0 0 0 s y m .
0 0 0 0
0 0 0 0 2
0 0 0 0 0 0
0 0 0 0 0 0 0
0 0 0 0 0 0 0 0
0 0 0 0 0 0 0 0 0
0 0 0 0 1 0 0 0 0 2

⎞
⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎠

(15)

Ke =
EI

L3

⎛
⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎝

12
0 12
0 −6L 4L2 sym.

6L 0 0 4L2

0 0 0 0 0
−12 0 0 −6L 0 12
0 −12 6L 0 0 0 12
0 −6L 2L2 0 0 0 6L 4L2

6L 0 0 2L2 0 −6L 0 0 4L2

0 0 0 0 0 0 0 0 0 0

⎞
⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎠

+
GI

L

⎛
⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎝

0
0 0
0 0 0 s y m .
0 0 0 0
0 0 0 0 1
0 0 0 0 0 0
0 0 0 0 0 0 0
0 0 0 0 0 0 0 0
0 0 0 0 0 0 0 0 0
0 0 0 0 −1 0 0 0 0 1

⎞
⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎠

(16)

Ge =
jP

30L

⎛
⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎜⎝

0
36 0
−3L 0 0 skew sym.

0 −3L 4L2 0
0 0 0 0 0
0 36 −3L 0 0 0
−36 0 0 −3L 0 36 0
−3L 0 0 L2 0 3L 0 0

0 −3L −L2 0 0 0 3L 4L2 0
0 0 0 0 0 0 0 0 0 0

⎞
⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎟⎠

(17)

where me is the mass per unit length, L is the length of the element, jD is the diametric moments of inertia
per unit length, jP is the polar moment of inertia per unit length, I the area moment of inertia and G the shear
modulus. The displacement vector for the element is

−→xe =
(
xi yi ϕx,i ϕy,i θi xi+1 yi+1 ϕx,i+1 ϕy,i+1 θi+1

)T
, (18)
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Table 1: Numerical data for Hölleforsen G2

Symbol Item Value Unit

E Young’s Modulus 206 GPa

G Shear Modulus 79 GPa

L1 Length, element 1 1.76 m

L2 Length, element 2 2.20 m

L3 Length, element 3 5.00 m

L4 Length, element 4 4.64 m

I1,2 Area moment of inertia, element 1, 2 0.0014 m4

I3 Area moment of inertia, element 3 0.0205 m4

I4 Area moment of inertia, element 4 0.0275 m4

m1,2 Mass per length unit, element 1, 2 566 kg/m

m3 Mass per length unit, element 3 3374 kg/m

m4 Mass per length unit, element 4 3995 kg/m

mG Mass generator 310000 kg

mT Mass turbine (including rotating water) 82000 kg

JP,1,2 Polar moment of inertia per length unit, element 1, 2 7 kgm2/m

JP,3 Polar moment of inertia per length unit, element 3 230 kgm2/m

JP,4 Polar moment of inertia per length unit, element 4 323 kgm2/m

JP,G Polar moment of inertia, generator 2050000 kgm2

JP,T Polar moment of inertia, turbine (including rotating water) 147000 kgm2

JD,1 Diametric moment of inertia per length unit, element 1 149 kgm2/m

JD,2 Diametric moment of inertia per length unit, element 2 233 kgm2/m

JD,3 Diametric moment of inertia per length unit, element 3 7143 kgm2/m

JD,4 Diametric moment of inertia per length unit, element 4 7330 kgm2/m

JD,G Diametric moment of inertia, generator 1070000 kgm2

JD,T Diametric moment of inertia, turbine (including rotating water) 110000 kgm2

kA Stiffness, bearing A 200 MN/m

kB,C Stiffness, bearing B, C 2000 MN/m

km,r Magnetic stiffness, radial 80 MN/m

km,t Magnetic stiffness, tangential 5 MN/m

cA Damping, bearing A 70 MNs/m

cB,C Damping, bearing B, C 20 MNs/m

PTurbine Turbine Power at steady state 40 MW

ε Unbalance 0.5 mm

κ Inclination 0 rad
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Rotordynamical Analysis of a Hydropower Generator due to Whirling Dependent
Electro-Magnetical Forces

Martin Karlsson,∗ Urban Lundin,† and Jan-Olov Aidanpää‡

Asymmetry in the magnetic circuit, around the airgap circumference, in a hydroelectric generator
will give rise to a unbalanced magnetic pull. In this paper, a hydropower rotor system is modelled
and the influence of electro-magnetical forces due to whirling motion and change of eccentricity are
analyzed. The electromagnetic field is solved with the finite element method. The mechanical model
of the generator consists of a rigid disc with four degrees of freedom connected to an elastic shaft
supported by two bearings with linear properties. The electro-magnetical system is included in the
mechanical model as magnetic stiffness and damping.

It is shown that the electro-magnetical forces are whirling dependent as well as dependent on
change of eccentricity, similar to the characteristics presented earlier on asynchronous machines.
The reasons for the dependencies on whirling and change of eccentricity is the current induced in
the damper windings, leading to an induced tangential force, decreased radial force and in the case
of change of eccentricity to a velocity dependent force. It is concluded that the electro-magnetical
forces significantly affect the rotor systems’ eigenfrequencies and damping and hence it is important
to include electro-mechanical interactions of synchronous generators in rotordynamical analysis.

INTRODUCTION

Asymmetry of the magnetic field can lead to vibrations in electrical machines. One example is an off-centred
generator rotor, which will be affected by forces due to the asymmetrical magnetic field around the air gap. To
determine these forces the magnetic flux density must be determined in the whole air gap region around the rotor. It
has been possible to determine magnetic forces for more than a century. In the early days, linear models [1–3] ignoring
the effect of saturation were suggested. Saturation has a damping effect on the forces, which has been considered
by e.g., Covo [4] and Ohishi et al. [5]. Früchtenicht et al. [6] observed the existence of two electromechanical force
components (one radial and one tangential). An analytical model for vibrations in induction motors was presented by
Belmans et al. [7, 8]. Smith et al. [9] derived analytical equations for unbalanced magnetic pull in induction motors
using the air gap permeance approach, including stator and rotor magnetomotive force (MMF) harmonics.

During the last ten years, the finite element method has been used to calculate electromechanical forces. Arrkio et
al. [10] solved the magnetic field for cage induction motors using time-stepping finite element analysis to numerically
determine a parametric electromagnetic force. Holopainen et al.[11] continued the work and used the parametric
force to study a rotordynamical system. They [12] found good agreement with a system where they solved the
mechanical and electrical system simultaneously. Tenhunen et al. [13] simulated a rotor with skewed slots by solving
the magnetic field in different slices of the disc. The same technique was used in [14] to simulate a rotor with conical
motion. Tenhunen et al. also studied the effect of saturation [15] on the electromechanical forces. A more efficient
method was introduced by Tenhunen et al. [16] to determine a parametric electromechanical force by a forced impulse
motion. With this method only one simulation is needed to obtain the parametric force, instead of one simulation for
each whirling motion. Laiho et al [17] coupled a finite element code for rotordynamics with a finite element code for
electro-magnetic field, in order to simulate the whole system continuously.

Most published papers regarding of unbalanced magnetic pull concern asynchronous motors. However, in the area of
synchronous generators, only a few papers have been published. Gustavsson et al. suggested a linear model [18] and a
non-linear model [19] for the radial magnetic pull in a hydropower synchronous generator. In these models, the distance
between the generator rotor rim and spider hub were also considered. Karlsson et al. [20] presented a linear model for
the radial force due to the discrete shape of the rotor and stator. Lundström et al. [21] presented a continuous radial
force model due to the rotor and stator shape, showing that shape deviations can lead to different whirling motions.
Normally, only radial magnetic forces are considered in dynamical models of synchronous machines. Lundström et al.
[22] used the finite element method and analysed a tangential magnetic force component in synchronous generator in
the case of static eccentricity due to the damper windings. Karlsson et al. [23, 24] studied the influence of active power
and reactive load and carried out rotordynamical analysis. Burakov et al. [25] used the same techniques as Tenhnunen
et al. [16] to determine a low-order parametric force model for a salient-pole synchronous machine. Burakov et al.
[26] continued the work and carried out analysis of the influence of parallel connections in the stator winding. The
models was compared in [27]. Lundin [28] developed a method to analyse asymmetric air-gaps by changing the air-gap
permability. This method is computationally efficient and therefore suitable for multi-pole rotors, such as those in
hydropower systems.
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MODELLING AND SIMULATION

In this paper the rotordynamical and electromagnetical systems are modelled separately. Initially, simulations are
carried out for the electromagnetic system to obtain a force due to the generator rotor whirling motion. These forces
are then used in the mechanical calculations. In Figure 1 the rotor eccentricity is illustrated.

y

x

e

FIG. 1: Static rotor eccentricity

Mechanical system

The mechanical rotor system is modelled as a Stodola-Green rigid disc, connected to a uniform elastic and massless
shaft supported by two linear-elastic bearings with bearing stiffnesses kA and kB . The shaft has the length, L, Young’s
modulus, E, and area moment of inertia, I. The position of the rotor rim geometrical centre (and centre of gravity)
is in position αL, where α is a non-dimensional number (α < 1). The disc represents the physical properties of a
generator with the masses of rotor rim, mr, and rotor poles, mp, polar moment of inertia, JP , and diametrical moment
of inertia, JD. The disc spins with an angular velocity, Ω, and has an unbalance, u, in the lateral directions. The
geometrical centre and centre of gravity of the poles are displaced a distance l from the centre of the rotor rim. The
mechanical model is illustrated in Figure 2.
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FIG. 2: Rotor geometry

The disc can translate in two directions, x and y, and rotate around the same. Hence, the rotor system has four
degrees of freedom. With matrix notation, the equations of motion are:

M−̈→x + (ΩG + C)−̇→x + K−→x =
−→
F , (1)

where the mass- and moments of inertia matrix, gyroscopic matrix, and stiffness matrix are

M =

⎛
⎜⎜⎝

m 0 0 0
0 m 0 0
0 0 J 0
0 0 0 J

⎞
⎟⎟⎠ , G =

⎛
⎜⎜⎝

0 0 0 0
0 0 0 0
0 0 0 JP

0 0 −JP 0

⎞
⎟⎟⎠ ,

K =

⎛
⎜⎜⎝

k11 0 0 k12

0 k11 −k12 0
0 −k12 k22 0

k12 0 0 k22

⎞
⎟⎟⎠ ,

(2)

where m = mr + mp and J = JD + mpl
2. The stiffness matrix is derived by the inverse of the flexibility matrix

Θ =

⎛
⎜⎜⎝

Υ 0 0 −Φ
0 Υ Φ 0
0 Φ Ψ 0
−Φ 0 0 Ψ

⎞
⎟⎟⎠ , (3)

where the coefficients:

Υ =
L3α2β2

3EI
+

α2

kB
+

β2

kA
, (4)

Φ =
L2αβ(α− β)

3EI
− 1

L

(
α

kB
− β

kA

)
, (5)

Ψ =
L(1− 3αβ)

3EI
+

1
L2

(
1

kB
+

1
kA

)
, (6)
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are determined using beam theory and β = 1−α. The damping matrix due to bearing damping is constructed in the
same manner as the bearing part of the stiffness matrix (e.g., ci is used instead of ki in Equation 4, 5 and 6), which
results in the matrix

C =

⎛
⎜⎜⎝

c11 0 0 c12

0 c11 −c12 0
0 −c12 c22 0

c12 0 0 c22

⎞
⎟⎟⎠ . (7)

The displacement vector is

−→x =
(

x y ϕx ϕy

)T
, (8)

where x and y are lateral displacements and ϕx and ϕy are rotations around the x- and y-axis. The unbalance force
vector is

−→
F =

(
muΩ2cos(Ωt) muΩ2sin(Ωt) 0 0

)T
, (9)

where t is the time.

Computing the Electro-Magnetical forces in the Generator

Unbalanced magnetic forces arise in the generator when the airgap is shortened in one region, compared to the
symmetrical case. Thus, the magnetic pull force from the region with a shorter airgap is larger than from the region
with a longer airgap, resulting in a net unbalanced force acting in the direction of the shortest airgap. The presence
of damper windings in the case of an eccentric rotor/stator configuration gives a reaction magnetomotive force that
lags the main flux and introduces a force-component perpendicular to the shortest airgap, denoted the tangential
component below. Saturation also affects the forces. The side with the shorter airgap length saturates and decreases
the flux density in the airgap, reducing the UMP.

The total unbalanced force can be integrated from knowing the force-density in the airgap. In turn, the force-density
can be calculated using Maxwell’s stress tensor, which utilizes the numerically computed flux densities,

�F (r, θ) =
1

2μ0
(B2

r −B2
θ )r̂ +

1
μ0

BrBθ θ̂, (10)

where Br and Bθ are the radial and tangential components of the magnetic flux density. It is therefore essential to
know the flux density in the airgap to an accurate degree. The flux density is in turn calculated using a finite element
method solving Maxwell’s equations for the vector potential in a two-dimensional axial cross section of the generator.

Time-dependent simulations are carried out using a time-stepping method with full control over the length of
the time-step and numerical convergence in each step. In every time-step the finite element problem is solved in
conjunction with circuit equations describing the external load and coil end impedance, all of which combined with
the circuit equations for the damper cage.

The details of the computation of the electromagnetic forces have been described in detail in [24]. Here, a new
method is used when simulating the forces. Instead of changing the airgap, an effective material containing the same
information is used when solving for the vector potential. This approach makes it possible to assess a wide class
of time-dependent irregularities and eccentricities, something needed in this work. The approach is described and
verified in relation to the direct approach in [28]. The numerical mesh was well converged for all calculations.
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Interaction with the mechanical system

To obtain electromechanical forces for rotordynamical analysis, different cases are simulated in the electromagnetic
system. In order to investigate the dynamical consequences of different forms of whirling in the generator, calculations
must be performed as the airgap is changed. A general whirling motion can be described with:

x =
n∑

i=1

eicos(ωit), (11)

y =
n∑

i=1

eisin(ωit). (12)

Simulations have been carried out for i = 1 and for i = 2. For the first case, the eccentricity will be constant, in
the second case, the eccentricity will change over time. In the sections below the derivation of the electromechanical
interaction is derived for the two cases. The orbits of the different whirling motion are shown in Figures 3-5.
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FIG. 3: The orbit for 20% synchronous whirling (left), 20% synchronous whirling with an additional whirling at -2 times
synchronous whirl with an eccentricity of 10% (right)

Electro-magnetical forces due to constant eccentricity

If the rotor is displaced with a small distance e and the rotor is whirling with a constant frequency and eccentricity,
the current in the damper windings will be constant. Then, the electro-magnetical forces can be written as:

Fr = kM,re, (13)
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FIG. 4: 20% synchronous whirling with an additional whirling at 0.5 times synchronous whirl with an eccentricity of 10% (left),
20% synchronous whirling with an additional whirling at 1.5 times synchronous whirl with an eccentricity of 10% (right)

Ft = kM,te, (14)

where kM,r and kM,t are the radial and tangential magnetic stiffnesses obtained from the electromagnetic calculations.
The radial magnetic stiffness is the stiffness in the eccentricity direction, and the tangential magnetic stiffness is the
stiffness in the perpendicular direction of the eccentricity due to the magnetic pull. The electro-magnetical forces
and moments,

−→
FM , on the rotor will be dependent on the rotor displacement, x and y, the inclination of the rotor,

ϕx and ϕy, and the distance, l, between rotor spider hub and the geometrical centre of the rotor rim. These forces
and moments are obtained by integrating the radial and tangential force distribution over the rotor height, h:
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FIG. 5: 20% synchronous whirling with an additional whirling at 3 times synchronous whirl with an eccentricity of 10%

−→
FM =

⎛
⎜⎜⎜⎜⎜⎜⎝

∫ l+ h
2

l−h
2

(
kM,rx

h + kM,ty
h + kM,rϕy

h ζ − kM,tϕx

h ζ
)

dζ∫ l+ h
2

l−h
2

(
kM,ry

h − kM,tx
h − kM,rϕx

h ζ − kM,tϕy

h ζ
)

dζ∫ l+ h
2

l−h
2

(
−kM,ry

h + kM,tx
h + kM,rϕx

h ζ + kM,tϕy

h ζ
)

ζdζ∫ l+ h
2

l−h
2

(
kM,rx

h + kM,ty
h + kM,rϕy

h ζ − kM,tϕx

h ζ
)

ζdζ

⎞
⎟⎟⎟⎟⎟⎟⎠

=

⎛
⎜⎜⎝

kM,r 0 0 lkM,r

0 kM,r −lkM,r 0
0 −lkM,r ΓkM,r 0

lkM,r 0 0 ΓkM,r

⎞
⎟⎟⎠

⎛
⎜⎜⎝

x
y
ϕx

ϕy

⎞
⎟⎟⎠+

⎛
⎜⎜⎝

0 kM,t −lkM,t 0
−kM,t 0 0 −lkM,t

lkM,t 0 0 ΓkM,t

0 lkM,t −ΓkmM,t 0

⎞
⎟⎟⎠

⎛
⎜⎜⎝

x
y
ϕx

ϕy

⎞
⎟⎟⎠ = (Km,r + Km,t)−→x ,

(15)

where

Γ =
1
3h

((
h

2
+ l

)3

+
(

h

2
− l

)3
)

. (16)

The matrices in Equation (15) are the magnetic stiffness matrices. Adding Equation (15) to (1) to derive the equations
of motion for the electro-mechanical rotor system:
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M−̈→x + (ΩG + C)−̇→x + (K −Km,r −Km,t)−→x =
−→
F . (17)

Electro-magnetical forces due to variational eccentricity

The whirling motion of a generator can be a combination of different frequencies, hence it is of interest to investigate
how the electro-magnetical forces change due to a whirling motion with a combination of frequencies. Because the
current in the damper windings will change due to the change in eccentricity one additionally velocity-dependent term
is added to the electro-mechanical force model:

Fr = kM,re + cM,r ė, (18)

Ft = kM,te + cM,tė, (19)

where cM,r and cM,t are the radial and tangential magnetic damping obtained from the electromagnetic calculations
and identified by the study of phase-lag between force and displacement. The electro-magnetical forces and moments
in the rotordynamical model can now be written as:

FM = (Km,r + Km,t)−→x + (Cm,r + Cm,t)
−→̇
x , (20)

where the magnetic damping matrices are determined in a similar manner as the magnetic stiffness matrix:

Cm,r =

⎛
⎜⎜⎝

cM,r 0 0 lcM,r

0 cM,r −lcM,r 0
0 −lcM,r ΓcM,r 0

lcM,r 0 0 ΓcM,r

⎞
⎟⎟⎠ (21)

Cm,t =

⎛
⎜⎜⎝

0 kM,t −lkM,t 0
−kM,t 0 0 −lkM,t

lkM,t 0 0 ΓkM,t

0 lkM,t −ΓkmM,t 0

⎞
⎟⎟⎠ (22)

Adding Equation (20) to (1) to derive the equations of motion for the electro-mechanical rotor system:

M−̈→x + (ΩG + C − Cm,r − Cm,t)−̇→x + (K −Km,r −Km,t)−→x =
−→
F . (23)

Rotordynamical Analysis

Equation (23) is transferred to a system of first order equations:

( −I N
N M

)( −→̇
x−→̈
x

)
+

(
N I

K −Km,r −Km,t C − Cm,r − Cm,t + ΩG

)( −→x−→̇
x

)
=

( −→
B−→
F

)
(24)

where N and
−→
B are zero valued matrix respective vector. With the matrix notation, Equation (24) becomes:
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−S
−→̇
y + R−→y =

−→
H. (25)

The homogeneous solution to Equation (25) is:

−→y h(t) =
n∑

i=1

Di
−→
Yie

λit, (26)

where Y i, are the eigenvectors corresponding to the eigenvalues λi. Di, are constants determined by initial conditions.
The eigenvalues are complex and can be expressed as

λi = σi + iωn,i, (27)

where σi is the decay rate and ωn,i is the damped eigenfrequency. The damping ratio is:

ζi =
−σi√

σ2
i + ω2

n,i

. (28)

RESULTS

The numerical data used for simulations of Porjus U8 is presented in Table I.

TABLE I: Numerical data of Porjus U8

Item Value Unit
mr Mass rotorrim 21000 kg
mp Mass rotorpoles 9000 kg
JD Diametric moment of inertia 11406 kgm2

JP Polar moment of inertia 20000 kgm2

E Young’s modulus 200 GPa
I Area moment of inertia 0.0635 m4

kA Bearing stiffness 500 MN/m
kB Bearing stiffness 500 MN/m
cA Bearing damping 0 Ns/m
cB Bearing damping 0 Ns/m
L Length of the shaft 3.6 m
Ω Rotational speed 22.44 rad/s
u Unbalance 0.28 mm
S Apparent power 11 MV A
P Real power 9 MW
V Voltages 10 kV

cos(φ) Power-factor 0.9 −
n Number of poles 14 −
fel Grid frequency 50 Hz

Dinner Stator inner diameter 2.53 m
Douter Stator outer diameter 3.10 m

h Rotor length 0.75 m
nd Number of damper windings per pole 6 −

Obtained radial and tangential forces for different whirling frequencies are showed in Figure 6 and the natural
frequency and electromechanical contribution to the damping ratio is shown for the first forward and backward mode
in Figures 7- 12. The damping from bearings is neglected in the mechanical calculations. For the second forward
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FIG. 6: The radial Fy and tangential Fx force for different whirling frequencies. The blue line shows simulations with constant
eccentricity (one whirling frequency) and red marks the force obtained with 20% synchronous whirling and on additional
whirling frequency of 10% eccentricity. Rings mark radial force and asterisks tangential force. Natural frequency and damping
ratio for the a model where the eccentricity is constant at each whirling frequency.

and backward mode a similar result is obtained for the natural frequency, but the damping is only slightly influenced
by the electro-mechanical forces. For the case of only one whirling frequency, one can see that a whirling motion
where the frequency is higher than synchronous whirl (when the eccentricity and mechanical frequencies are the same)
will result in electro-magnetical forces that act as dampers for the forward modes and as negative dampers for the
backward modes (and the opposite if the whirling frequency is lower than synchronous whirl). If a backward mode
is excited during a forward whirling motion, the backward whirling is expected to induce electromechanical forces
that damp the backward mode. However, it is not clear from the result with constant whirling motion how the
obtained forces for a combination of whirling frequencies will be. Hence, one needs to investigate how a combination
of different whirling motions affects the electromechanical forces. The red circles in Figures 7 and 12 show the results
for the electromechanical model (described in Section II.C.2), derived from simulations with synchronous whirl of
20% eccentricity combined with an additional perturbing whirling motion with 10% eccentricity, resulting in a motion
with eccentricity that is not constant in time. This type of motion will result in an electro-magnetical force which
will act as a damper for all modes.
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FIG. 7: Change of natural frequency and damping ratio for the first forward mode. The blue line shows natural frequency and
damping ratio for the model where the eccentricity is constant at each whirling frequency. The red circles show the results for
the model derived from simulations with synchronous whirl of 20% eccentricity combined with an additional whirling motion
with 10% eccentricity. l/h = 0.5, α = 0.35
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FIG. 8: Change of natural frequency and damping ratio for the first backward mode. The blue line shows natural frequency and
damping ratio for the model where the eccentricity is constant at each whirling frequency. The red circles show the results for
the model derived from simulations with synchronous whirl of 20% eccentricity combined with an additional whirling motion
with 10% eccentricity. l/h = 0.5, α = 0.35
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FIG. 9: Change of natural frequency and damping ratio for the first forward mode. The blue line shows natural frequency and
damping ratio for the model where the eccentricity is constant at each whirling frequency. The red circles show the results for
the model derived from simulations with synchronous whirl of 20% eccentricity combined with an additional whirling motion
with 10% eccentricity. l/h = 0, α = 0.35
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FIG. 10: Change of natural frequency and damping ratio for the first backward mode. The blue line shows natural frequency
and damping ratio for the model where the eccentricity is constant at each whirling frequency. The red circles show the results
for the model derived from simulations with synchronous whirl of 20% eccentricity combined with an additional whirling motion
with 10% eccentricity l/h = 0, α = 0.35
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FIG. 11: Change of natural frequency and damping ratio for the first forward mode. The blue line shows natural frequency and
damping ratio for the model where the eccentricity is constant at each whirling frequency. The red circles show the results for
the model derived from simulations with synchronous whirl of 20% eccentricity combined with an additional whirling motion
with 10% eccentricity. l/h = 0, α = 0.45
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FIG. 12: Change of natural frequency and damping ratio for the first backward mode. The blue line shows natural frequency
and damping ratio for the model where the eccentricity is constant at each whirling frequency. The red circles show the results
for the model derived from simulations with synchronous whirl of 20% eccentricity combined with an additional whirling motion
with 10% eccentricity l/h = 0, α = 0.45
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DISCUSSION

The explanation for the electro-magnetical force’s dependency of whirling, and change of eccentricity, is the current
induced in the damper windings when the magnetic field changes. At synchronous whirl (when the whirling and
mechanical frequencies are the same) the rotor always shows the same pole to the shortest airgap and, thus, the
damper windings are not subjected to any changing magnetic field and no current is induced in them. It is namely
these currents which damp the amplitude of the UMP and introduce the tangential component. During asynchronous
whirl with constant eccentricity, the pole pointing to the shortest airgap will vary since the frequency of the whirling
and the mechanical frequency do not coincide, hence the damper windings are subjected to a change in the magnetic
field and the currents are induced in the windings. Additional currents are induced when the eccentricity changes with
the whirling (the simulations with two combined frequencies). This explains the behaviour of the forces seen in Fig
6. It should be possible to model the combined frequencies with linearly superposed damper bar current amplitudes.
This will be presented in a future article.

The result for simulation with constant eccentricity indicates that the electro-magnetic force will not destabilize the
system as long as all whirling motion is equal and below or over synchronous whirl. However, if there is a combination
of the latter two it is hard to conclude the dynamic consequences. The simulations with combination of synchronous
whirling and one perturbing whirling motion with different frequencies resulting in a variation of eccentricity shows
that the electro-magnetic force will depend on change of eccentricity as well as the whirling. This dependency will
induce a damping force for all simulated cases, leading to stabilization of the system and a change in the eigen
frequencies of the system.

Comparing the results for different mechanical systems in Figures 7- 10, one can see that the damping and natural
frequencies increase for the system where the rotor poles are not displaced. Comparing Figures 11- 12 one can see
that the natural frequencies increase for a rotor with a more centered position on the shaft and that the damping is
only slightly changed. The same behavior was presented in [24], but the effect was not as large as in the present work.

The present study has only concerned steady state of the investigated systems. However, the result indicates that
the system characteristics will be changed between different steady conditions. Hence, it is of interest to carry out
further analysis of how the system behaves during a transient excitation. This study of this paper focused on the
effect of whirl and thus did not consider parallel windings in the stator. It is well known that parallel windings in the
stator have a strong influence on the electro-magnetic forces acting in the generator, see e.g., Burakow et al. [26], a
future study will include the effect of these parallel stator windings.

CONCLUSIONS

The general characteristics of the whirling-dependent electro-mechanical forces are similar as the characteristics
presented earlier on asynchronous machines. The effect of electro-mechanical forces in a synchronous hydropower
generator is large due to the relatively small air-gap (compared to a turbo machine) and hence it is important to
estimate these forces properly in rotordynamical analysis. From the studied cases, one can further conclude that a
system in steady-state with a whirling that deviates from synchronous whirl will be stable due to an electro-magnetic
force induced by the current in the damper windings. However, it is not obvious how the electro-magnetic system
should be implemented in a rotordynamical model with a general motion.
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[18] Gustavsson, R.K., Aidanpää, J-O., The Influence of Magnetic Pull on the Stability of Generator Rotors. The 10th of
International Symposium on Transport Phenomena and Dynamics of Rotating Machinery, Honolulu, Hawaii, March 07-
177, 2004.
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Numerical Estimation of Torsional Dynamic Coefficients of a Hydraulic Turbine

Martin Karlsson,∗ H̊akan Nilsson,† and Jan-Olov Aidanpää‡

The rotordynamic behavior of a hydraulic turbine is influenced by fluid-rotor interactions at the
turbine runner. In this paper computational fluid dynamics (CFD) is used to numerically predict
the torsional dynamic coefficients due to added polar inertia, damping and stiffness of a Kaplan
turbine runner. The simulations are carried out for three operations, one at about 35% load, one at
about 60% load (near best efficiency) and one at about 70% load.

The rotational speed is perturbed with a sinusoidal motion with different frequencies in order to
estimate the coefficients of added polar inertia and damping. It is shown that the added coefficients
are dependent of the load and the oscillation frequency of the turbine. This affect the system’s
eigenfrequencies and damping. The eigenfrequency is reduced with up to 65% compared to the
eigenfrequency of the mechanical system without fluid interaction. The contribution to the damp-
ing ratio varies between 30-80% depending on the load. Hence, it is important to consider these
coefficients while carrying out dynamic analysis of the mechanical system.

I. INTRODUCTION

Thomas1 initiated the research on fluid-rotor interactions on turbines in 1958. He suggested an analytical model
of destabilising forces due to non-symmetric clearance in steam turbines. Alford2 developed a similar model for
compressors, where the forces are obtained as a function of the change in efficiency due to increased eccentricity.
Ulrich3 carried out the first research in a test rig and suggested correction to Thomas and Alford’s models. At the
same time Iversen et al.4, Agostinelli et al.5 and Csanady6 introduced models of hydraulic unbalance forces due to
asymmetry of the flow channel geometry in centrifugal pumps. Hergt et al.7 studied the influence of radial forces during
off-design operations. Colding-Jorgensen8 used potential flow theory to determine damping and stiffness coefficients.
Adkins et al.,9 was the first to introduce an analytical model of both mass, damping and stiffness coefficient and
harmonic forces. Adkins et al.10 and Bolleter et al.11,12 used test rigs to continue the development of models for fluid-
rotor interactions of the pump impellers. Childs13 used bulk flow theory to determine rotordynamical coefficients at
the pump-impeller-shroud surface.

The use of computational fluid dynamics (CFD) has recently increased within the area of fluid-rotor interactions.
It was introduced by Dietzen et al.14 in 1987, but has due to the computational cost not been widely used in the
past. The first applications of CFD within rotordynamics have been in the area of hydrodynamics bearings and
seals. Recently CFD has entered into the research of fluid-rotor interactions in centrifugal pumps15. CFD has been
more common in research and development of hydraulic machinery. Ruprecht16,17 used CFD to calculate forces and
pressure pulsations on axial and Francis turbines. However, the results were not used in rotordynamical analysis.
Liang et al.18 carried out finite-element fluid-structure interactions of a turbine runner in still water and showed a
reduction of the non-rotating eigenfrequencies compared to a runner in vacuum. The result had good agreement
with experimental results presented by Rodriguez et al.19. Karlsson et al.20 analyzed the influence of different inlet
boundary conditions on the resulting rotordynamic forces and moments for a hydraulic turbine. The benefits of using
CFD to calculate rotordynamical forces and coefficients of hydraulic turbines have not yet been fully explored. In the
present work CFD is used for determination of torsional dynamic coefficients due to the flow through the turbine.

II. MODELLING AND SIMULATION

A. Fluid-dynamical Model

1. The OpenFOAM CFD tool

In the present work the OpenFOAM (www.openfoam.org) open source CFD tool is used for the simulations of
the fluid flow through the Hölleforsen water turbine runner. The simpleFoam OpenFOAM application is used as a
base, which is a steady-state solver for incompressible, turbulent flow of non-Newtonian fluids. It is a finite volume
solver using the SIMPLE algorithm for pressure-velocity coupling. It has been validated for the flow in the Hölleforsen
turbine by Nilsson21 . New versions of the simpleFoam application have been developed in the present work, including
Coriolis and centrifugal terms and unsteady RANS. All the computations use wall-function grids and turbulence is
modelled using the standard k − ε turbulence model. The computations have been run in parallel on 12 CPUs on a
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Linux cluster, using the automatic decomposition methods in OpenFOAM. The version number used for the present
computations is OpenFOAM 1.4.

2. Operating Conditions

All the computations are made for the Hölleforsen Kaplan turbine model runner, shown in Figure 1. The compu-
tational grid is obtained from earlier calculations by Nilsson et al.22. The operating conditions used for the present
investigations are obtained by changing the rotational speed of the turbine runner to 52rad/s, 62rad/s and 72rad/s,
corresponding to a load of about 70%, 60% and 35%. The change in the load due to the rotational speed is explained
by the fact that the pressure (or head of the system) needed to drive the same flow through the turbine will change
with different rotational speed.

FIG. 1: The hydraulic system of a turbine (left) and a two-dimensional overview of the computational domain (right)

3. Boundary conditions and computational grid

The inlet boundary condition was obtained by taking the circumferential average of separate guide vane calculation,
yielding an axi-symmetric inlet flow. This corresponds to a perfect distribution from the spiral casing and without
any disturbance from the guide vanes.

Wall-functions and rotating wall velocities were used at the walls, and at the outlet the homogeneous Neumann
boundary condition was used for all quantities. Recirculating flow was thus allowed at the outlet. The turbulence
quantities of the recirculating flow at the outlet are unknown, but to set a relevant turbulence level for the present
case the back-flow values for k and ε were assumed to be similar to the average of those quantities at the inlet.
The background of this assumption is that the turbulence level is high already at the inlet due to the wakes of the
stay vanes, the guide vanes and the runner blades. It is thus assumed that the increase in turbulence level is small
compared with that at the inlet. It is further believed that the chosen values are of minor importance for the overall
flow. For the pressure the homogeneous Neumann boundary condition is used at all boundaries. The turbulence is
modelled with the standard k − ε model. The computations are made for a complete runner with five blades. A
block-structured hexahedral wall-function grid was used, consisting of approximately 2, 200, 000 grid points.

4. Discretization schemes

For the convection divergence terms in the turbulence equations the Gamma discretization scheme by Jasak et.al.23
was used. For the convection divergence terms in the velocity equations the GammaV scheme was used, which is an
improved version of the Gamma scheme formulated to take into account the direction of the flow field. The Gamma
scheme is a smooth and bounded blend between the second-order central differencing (CD) scheme and the first
order upwind differencing (UD) scheme. CD is used wherever it satisfies the boundedness requirements, and wherever
CD is unbounded UD is used. For numerical stability reasons, however, a smooth and continous blending between
CD and UD is used as CD approaches unboundedness. The smooth transition between the CD and UD schemes is
controlled by a blending coefficient βm, which is chosen by the user. This coefficient should have a value in the range
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0.2 ≤ βm ≤ 1, the smaller value the sharper switch and the larger value the smoother switch between the schemes.
For good resolution, this value should be kept as low as possible, while higher values are more numerically stable. In
the present work a value of βm = 1.0 has been used. The time derivate is discretized using the Euler implicit method.

B. Identification of dynamic coefficients

To investigate how the eigenfrequencies and damping of a torsional dynamic system change due to the flow, the
model illustrated in Figure 2 is used. In the model, the generator is assumed to be stiff due to the connection to a
rigid electric grid and hence, only the torsional motion of the turbine is considered. The equation of motion for this

K

θ(t)

Jp

FIG. 2: The mechanical model of a torsional dynamic system

system is:

JP θ̈ + Cθ̇ +Kθ = M(t), (1)

where JP is the polar inertia, C is the damping, K is the stiffness and M(t) an external moment, t is the time, θ is
the angular displacement, θ̇ is the velocity and θ̈ is the acceleration. It is further assumed that the flow through a
turbine will give additional inertia, damping and stiffness to the system. If other external moments are negligible, the
fluid moments due to additional torsional coefficients can be written as:

M(t) = −JP,F luidθ̈ − CFluidθ̇ −KFluidθ, (2)

In the present work CFD is used to identify these coefficients. The forces and moments from the CFD-simulations
are calculated in each time step:

−→
F cell = pfaceAface

−→n , (3)

where Fcell is the force on a face, pface the pressure on the face, Aface the area of the face and −→n the normal vector
of the face.

−→
Mface =

−→
F facerface, (4)

where
−→
Mface is the moment around the centre of gravity of the runner at the face and rface the radius to centre of

gravity. The global moment is calculated as:
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−→
M =

n∑
i=1

−→
Mface,i, (5)

and the torque is obtained as a scalar product of the moment and the direction vector of the shaft:

T =
−→
M−→n y. (6)

During steady conditions the torque is constant in order to provide a constant power to the generator; in case of
unsteady conditions, the torque can be written as:

T = Tmean + T ′(t) (7)

In the present work the rotational speed of the turbine runner is prescribed in order to determine the dynamical
coefficients of the turbine runner due to the flow. To derive the dynamic influence of the flow the prescribed part is
of main interest:

θ = Ωt+ acos(ϑt) = Ωt+ θ′, (8)

where θ is the angular displacement, Ω the constant rotational velocity, t the time, a an amplitude, ϑ a frequency of
the prescribed disturbing of the rotor and θ′ is the disturbing part of θ. Below, we are only interested in the prescribed
part:

θ′ = acos(ϑt), (9)

the time-derivation gives the velocity:

θ̇′ = −aϑsin(ϑt), (10)

and the acceleration:

θ̈′ = −aϑ2cos(ϑt). (11)

Equations 7, 9, 10 and 11 into Equation 2 result in:

T ′(t) = aϑ2JP,F luidcos(ϑt) + aϑCFluidsin(ϑt)− aKFluidcos(ϑt). (12)

The oscillating part of the torque can be written as:

T ′(t) = TAmpcos(ϑt− phi) = T1cos(ϑt) + T2sin(ϑt), (13)

where TAmp is the amplitude of the torque, φ is the phase angle and T1,2 are the cosine and sine components of the
amplitude. Then the additional damping can be identified as:

CFluid =
T2

aϑ
(14)
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and the stiffness and polar inertia can be identified by solving:

aϑ2JP,F luid − aKFluid = T1 (15)

for two simulations with different values of ϑ.
The coupled equation of motion, is now written as:

(JP + JP,F luid)θ̈ + (C + CFluid)θ̇ + (K +KFluid)θ = 0, (16)

and the corresponding eigenfrequency is;

ωD =

√
K +KFluid

JP + JP,F luid
− (C + CFluid)2

4(JP + JP,F luid)2
(17)

and the corresponding damping is

ζ =
C + CFluid

2(JP + JP,F luid)
√

K+KF luid

JP +JP,F luid

(18)

III. RESULT

In Figure 3 the torque is shown as a function of time for one of the simulated cases. The amplitude of T1/a
in Equation 15 is presented as a function of perturbation frequency in Figure 4. The perturbation amplitude is
a = 4.0x10−6rad for all simulations. One can see that it is difficult to identify the coefficients as stated in Equation
15. There are two possible explanations to this; the coefficients depends on frequency and the stiffness is probably
small due to the incompressible fluid. The stiffness is therefore assumed to be negligible (K = 0 in Equation 15) in
the analysis below. The added polar inertia is presented in Figure 5 and the added damping in Figure 6.

The later coefficients are added to the mechanical system, e.g. Equation 16. The polar inertia of the mechanical
system is JP = 1.57Nms2, the damping is C = 0Nms and the stiffness is K = 49000Nm. In Figure 7 the reduced
eigenfrequencies (Equation 17) and in Figure 8 the damping ratio (Equation 18) due to the flow for such a fluid-
mechanical system are presented and the influence of the different coefficients is illustrated.

Iso-surfaces are used to illustrate the difference between the different initial systems (with no perturbation). In
Figure 9, iso-surfaces illustrates areas where the turbulent kinetic energy is high. In Figure 10, iso-surfaces indicating
areas with low pressure, in order to identify centres of vortices. In Figure 11 iso-surfaces indicating areas with low
total pressure in order to identify regions of high losses. In Figures 12-14, smearlines at the blades are presented in
order to see the details of the flow.
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FIG. 3: The torque as a function of time for one of the simulated cases (rotational speed is 72rad/s and the oscillating frequency
is 1809rad/s)
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FIG. 4: Identification of the coefficients of Equation 15, together with a curve-fitted function
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FIG. 5: Additional polar inertia as a function of perturbing frequency and operating condition
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FIG. 6: Additional damping as a function of perturbing frequency and operating condition
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FIG. 8: Additional damping due to the flow through the turbine (the damping of the mechanical system is zero)

FIG. 9: Iso-surface of turbulent kinetic energy, 52rad/s (left), 62rad/s (middle), 72rad/s (right))

Draft paper 11



FIG. 10: Iso-surface of the pressure, 52rad/s (left), 62rad/s (middle), 72rad/s (right))

FIG. 11: Iso-surface of the total pressure, 52rad/s (left), 62rad/s (middle), 72rad/s (right))

FIG. 12: Smearlines and velocity vectors for 52rad/s
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FIG. 13: Smearlines and velocity vectors for 62rad/s

FIG. 14: Smearlines and velocity vectors for 72rad/s
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IV. DISCUSSION

Both added inertia and damping have a significant effect on the eigenfrequency of the mechanical system. The added
polar inertia decreases the eigenfrequency 3− 5% for all cases. Concerning the damping, an additionally decrease of
the eigenfrequency of 5− 60% is observed. One can see that both damping and polar inertia increases for off-nominal
speed and with frequency. Recent research by18,19 has shown that the eigenfrequencies are reduced by 10-39% for a
non-rotating Francis runner in still water. The effect of added inertia in these papers are significantly higher than the
case of nominal operating condition in the present work and the authors observe no strong effect of damping. The
decrease of the eigenfrequency in the present work is about the same size as what should be given by an added polar
inertia with industrial rule of thumbs. However, the result of the present study implies that it is the added damping
and not the added polar inertia that has the largest influence of the eigenfrequency.

The change of the initial rotating speed, results in changed conditions for the different cases. A decreased rotational
speed results in increased flow on the pressure side, and an increased rotational speed results in increased flow on the
suction side. The main reason to the change of flow is the guide vane angle, which is equal for all cases. Hence, the
angle of attack at the blade tips is changed when changing the rotational speed. The increased flow on the pressure
side of the blade also increases the tip-vortex flow from the pressure side to the suction side for the case when the
rotational speed is reduced, compared to the case with nominal rotational speed. The increased flow on the suction
side changes the direction of the tip-vortex, resulting in a flow from the suction side to the pressure side. The tip-vortex
flow is the reason to high turbulent kinetic energy near the tip-clearence, shown in Figure 9. Also the low pressure
areas shown in Figure 10 is an effect of the tip-vortex, since the centre of a vortex has low pressure. The significant
difference of the flow field for the different cases is also illustrated by the smearlines in Figures 12-14. Recent research
dealing with added mass of a cylinder in24 has shown that the added mass is dependent on the velocity around the
cylinder. The same effect is suspected in the present study, where the flow velocity differs between the cases.

The total pressure also variates between the different cases. For the case with nominal speed, it is a small area
of low total pressure present on the suction side of the blade tip. For the case with decreased rotational speed, the
total pressure is low on the suction side of the tip, and for the faster rotational speed, the total pressure is low on the
pressure side of the tip. Low total pressure shows where the largest losses are. Losses are a dissipative mechanism
and one can therefore suspect that the reason to the change in damping corresponds to the different amount of losses
in the different cases.

V. CONCLUSIONS

The added inertia and damping due to the hydraulic system significantly affect the mechanical system. This is
shown with a reduced eigenfrequency of 5-65% and an increase in the damping of 30-80%. It is further concluded that
the added coefficients are dependent on the flow characteristics. A change in the system properties of the mechanical
system is important to consider in design and operation. Future studies should include experimental verification of
the results in the present work.
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