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 ABSTRACT 

Approximately 20 per cent of the world’s electricity production is produced by 
hydropower. In Sweden, hydropower showed an expansive growth from the middle to 
the latter part of the 20th century. The estimated service life of a hydropower unit is 
between 30–50 years, which means that the majority of Sweden’s hydropower units are 
approaching the end of their life and are facing comprehensive revisions. 
The price of steel and copper is currently high, although with the aid of modern 
calculation programs within the finite element method and computational fluid 
dynamics, it is possible to optimise the design of machines as regards material 
consumption, structural strength and efficiency. As a result, we are now building more 
flexible constructions than those that were constructed in the middle of the 20th century. 
This has meant that rotordynamics have today a more important role in the hydropower 
sector.
 1869 is considered to be the year in which research in the field of rotordynamics was 
initiated. In that year, a man by the name of W. J. M. Rankine published an paper 
regarding centrifugal forces on rotational shafts. Since these fundamental rotordynamic 
theories were created, and up until modern times, extensive research has been conducted 
aimed at further developing these theories as well as theories about how other 
components such as bearings, generators and turbines impact on the systems’ dynamic 
properties. Up until the start of the 21st century, there had basically been no research 
regarding rotordynamics in relation to hydropower. At the start of this century, research 
projects in the field of rotordynamics targeted at hydropower was launched at Luleå 
University of Technology. 
 The focus of this thesis on rotordynamics has been on simulating and characterising 
rotordynamic properties in hydropower units. In Paper B and C, a hydropower unit’s 
natural frequencies are determined numerically and then verified through measurements 
at the actual hydropower unit. The impact of the bearings on stability and natural 
frequencies was analysed, as were the changes to the bearings’ properties that could be 
implemented in order to achieve more stable operation of the unit. More stable 
operation in this instance entailed avoiding excitation of low damped eigenmodes. The 
study showed that, through increased radial bearing clearance, it was possible to provide 
critical eigenmodes with increased damping and thereby to achieve more stable 
operation in the hydropower unit. In Paper A and D the radial forces that occur in the 
hydropower units’ guide bearings are determined. The methods for determining these 
loads entail measuring the strain that occurs in selected parts of the support structure 
that surrounds the bearing. In Paper A, strain is measured in the large steel beams that 
symmetrically surround the bearing housing. During the bearing load measurements that 
were carried out in Paper D, cylindrical wire strain gauges installed in the centre of the 
tilting pad bearing’s pivot pins were used instead. The pivot pin is located between the 
bearing segment and the bearing housing, and facilitates adjustment of the segment to 
its equilibrium position. The adjustment is performed on the basis of the build-up of 
pressure between the bearing segment and the shaft.  The radial force from the shaft will 
be transmitted to the surrounding structure via the pivot pins and the large steel 
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structures that surround the bearing housing. Depending on the aim and the 
preconditions when measuring bearing load, the methods described above are suitable to 
varying degrees. The method described in Paper A is simple to carry out and therefore 
appropriate if the machine is still under guarantee, as the installation does not affect the 
construction. However, the large cross-sectional area of the beams means that the radial 
load only gives rise to small strain levels, and the strain caused by thermal expansion 
must be separated from the measured strain. The measurement method described in 
Paper D is time-consuming to install and requires extensive intervention in the machine; 
however, the installation does not affect the radial stiffness of the structure and the 
resolution of the measured load is high. The benefits of being able to determine the 
radial loads that arise in the hydropower unit’s guide bearing include e.g. protecting the 
machine against overloading, verifying that balancing grades are fulfilled, identifying 
the need for measures in the machine due to changes in the unit, verifying bearing 
calculations, as well as determining damping and stiffness properties in a bearing. The 
determination of damping and stiffness for a generator guide bearing was carried out in 
Paper A based on measured load and displacement.  
 The conclusion that can be drawn from the results in this thesis is that bearings and 
their properties have an important impact on the hydropower unit’s rotordynamic 
properties. Based on Papers B and C, it is also evident that the results from the 
numerical calculations correspond closely with the measurements that have been 
performed. 

Just about all the commercial software for bearing calculations that is available has 
been developed to carry out bearing calculations on machines with a horizontally 
oriented shaft. This means that the shaft will have a set operating point in the bearing, 
based on the dead weight of the rotor. In systems with vertical rotors, there is no 
predetermined operating point; in hydropower units it is the mass unbalance, the 
generator’s properties and the flow conditions in the turbine that determine the position 
of the rotor. In a future project, it would be of interest to study how the bearing 
parameters differ for a bearing depending on whether it is horizontally or vertically 
oriented. In such a study, the eccentricity would be equally large irrespective of whether 
the bearing was horizontal or vertical; in the case of the horizontal bearing, however, the 
eccentricity will be static on the basis of the dead weight, and for the vertical bearing 
the eccentricity will be dynamic, i.e. an eccentricity caused by mass unbalance in a 
system that is rotating subcritically. The results of this analysis would provide an 
answer as to whether it is possible, using approximative methods, to utilise the results 
from bearing programs for horizontal machines in calculations of rotordynamic 
properties in vertical hydropower units 



v

LIST OF APPENDED PAPERS 

Paper A
R. K. Gustavsson, M. L. Lundström1, J-O. Aidanpää, "Determination of journal bearing 
stiffness and damping at hydropower generators using strain gauges," Proceedings of 
the ASME Power Conference, 2005, Chicago, IL, 2005, pp. 933-940. 

Paper B
M. Nässelqvist, R. Gustavsson, J-O. Aidanpää, "Case study of resonance phenomena in 
a vertical hydropower unit," Proceedings of the 12th International Symposium on 
Transport Phenomena and Dynamics of Rotating Machinery, Hawaii, 2008, p. 7. 

Paper C 
M. Nässelqvist, R. Gustavsson, J-O. Aidanpää, "Resonance problems in vertical 
hydropower unit after turbine upgrade," Proceedings of the 24th Symposium on 
Hydraulic Machinery and Systems, Foz du Iguassu, 2008, p. 10. 

Paper D  
M. Nässelqvist, R. Gustavsson, J-O. Aidanpää, "Bearing load measurement in a 
hydropower unit using cylindrical strain gauges installed inside pivot pins," Submitted 
to Journal of Engineering Mechanics in November, 2009, p. 8. 

                                                          
1 The family name of author M. Nässelqvist was Lundström until 2007. 



vi 



vii 

CONTENTS

1. INTRODUCTION ....................................................................................................... 1

1.1. BACKGROUND 1
1.2. RESEARCH QUESTION 2

2. ROTORDYNAMIC MODELLING OF HYDROPOWER SYSTEMS....................... 3

2.1. DISCRETIZED ROTOR SYSTEMS 3
2.2. INTERCONNECTIONS 4

3. RESULTS FROM ROTOR DYNAMIC ANALYSIS................................................. 9

3.1. ANALYSIS OF ROTOR BEARING SYSTEM 9
3.2. CAMPBELL, STABILITY DIAGRAM AND MODE PLOT 10

4. LOAD MEASUREMENTS....................................................................................... 13

4.1. STRAIN MEASUREMENTS 13
4.2. BEARING LOADS 15
4.3. ESTIMATION OF STIFFNESS AND DAMPING 20

5. SUMMARY OF APPENDED PAPERS.................................................................... 23

6. CONCLUSIONS........................................................................................................ 25

6.1. BEARING LOAD MEASUREMENTS 25
6.2. ROTORDYNAMIC BEHAVIOUR OF HYDROPOWER UNITS 25

7. DISCUSSION AND FUTURE WORK..................................................................... 27

ACKNOWLEDGEMENT ............................................................................................. 29

REFERENCES .............................................................................................................. 31



viii 



M. NÄSSELQVIST         SIMULATION AND CHARACTERIZATION OF ROTORDYNAMIC PROPERTIES FOR HYDROPOWER UNITS

1

1. INTRODUCTION 

1.1. BACKGROUND 

Hydropower is responsible for 20% of the world’s electricity production. Hydropower is 
based on the conversion of the water’s potential energy into electrical energy. In 2007, 
hydropower made up 44% of Sweden’s electricity production [1]. The development of 
hydropower in Sweden gathered pace at the start of the 20th century. Porjus was the first 
large underground power station in Sweden, with the first four units being commissioned 
in 1915 [2]. Porjus was built to serve the iron ore district with electricity. Hydropower 
development reached its peak during the 1950s–1970s, see Figure 1. 

Figure 1. Annual power addition in Sweden from hydropower units. 

This means that the majority of Sweden’s hydropower units (HPU) were built during this 
period. The estimated mechanical life of a HPU is between 30–50 years, which means that 
the majority of Sweden’s HPU’s are approaching the end of their life and are now facing 
comprehensive revisions. The price of steel and copper his currently high, although with 
the aid of modern calculation programs, using the finite element method (FEM) and 
computational fluid dynamics (CFD), it is possible to optimize the design of machines as 
regards material consumption, structural strength and efficiency. As a result, we are now 
building more flexible constructions than those that were constructed in the middle of the 
20th century. The ability of modern machines to cope with high loads is in many cases 
lower than that of the older machines, and therefore stipulates stringent demands as regards 
accurate balancing and rotordynamic calculations. 
 Research into rotordynamics was initiated in 1869 when Rankine published his paper 
[3] regarding centrifugal forces on rotational shafts. However, he did not realize the 
importance of rotor unbalance and therefore concluded that a rotating machine never would 
be able to operate above the first critical speed. De Laval demonstrated in around 1900 that 
it is possible to operate above the critical speed, with his one-stage steam turbine. In 1919 
Jeffcott presented the first paper [4] to describe the theory of unbalanced rotors. Jeffcott 
produced a theory which shows that it is possible for rotating machines to exceed the 
critical speeds. However, in the Jeffcott model, the disc is represented as a particle (point-
mass), and the model cannot completely explain the characteristics of a rigid body on a 
flexible rotating shaft. For this reason, the natural frequencies of a Jeffcott rotor are 
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independent of the rotational speed. De Laval’s and Jeffcott’s names are still in use today 
as the name of the simplified rotor model with the disc in the mid-span of the shaft.  
 The influence of the gyroscopic effects on a rotating system was presented 1924 by 
Stodola [5]. The model consists of a rigid disc with a polar moment of inertia, transverse 
moment of inertia and mass. The disc is connected to a flexible massless overhung rotor. 
The gyroscopic coupling terms in Stodola’s rotor model resulted in natural frequencies that 
are dependent on the rotational speed. The concept of forward and backward precession of 
the rotor was introduced as a consequence of the results from the natural frequencies 
analysis of the rotor model. When the natural frequencies of the rotor system change with 
the rotational speed, the result is often presented in a frequency diagram or Campbell 
diagram with natural frequencies as a function of the rotational speed. 
 Since these fundamental rotordynamic theories were created, and up until modern 
times, extensive research has been conducted aimed at further developing these theories as 
well as further developing theories about how interconnections such as bearings, generators 
and turbines impact on the systems’ dynamic properties. However, this research has been 
focused primarily on steam and gas turbines. NASA, the aviation industry and nuclear 
power have all been driving forces behind this research. The rotors in these systems are 
generally relatively slender and rotate supercritically2. Most of these systems are also 
horizontal, the shaft has a high peripheral speed in the bearings, and the bearings have a 
different design from those used within hydropower. In other words, these systems 
incorporate clear differences compared to hydropower. Up until the start of the 21st 
century, there had basically been no research regarding rotordynamics in relation to 
hydropower. During the period 2002–2009, the impact of the generator and the turbine on a 
hydropower unit's rotordynamic properties has been studied [6], [7] and [8].  
 Radial and axial bearings have an important impact on the system’s dynamic properties. 
Extensive research into the properties of bearings has been carried out by e.g. Prof. Dara 
Childs [9], Dr. John Vance [10] and Dr. Luis San Andres at Texas AM University. Their 
research, like that of most others, has focused on bearings for horizontal gas and steam 
turbines, not for vertical hydropower units. 

1.2. RESEARCH QUESTION 

The focus of the research presented in the thesis is the simulation and characterisation of 
rotordynamic properties of hydropower units. Measured results are compared with results 
from numerical analyses in order to verify and develop methods to predict machines’ 
rotordynamic properties. The research question for this thesis was formulated as:  
- How should bearings be represented in rotordynamic calculations regarding vertical 
hydropower units and how do the bearings affect the dynamics of the system. 

                                                          
2 The system rotates with a rotational frequency higher than the system’s lowest natural frequency 
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2. ROTORDYNAMIC MODELLING OF HYDROPOWER SYSTEMS 

For rotating systems, the dynamic properties depend on the rotational speed. The 
gyroscopic effect and rotational speed-dependent properties of the journal bearings causes 
natural frequencies to be dependent on the rotational speed. The properties of the rotor, 
generator, exciter and turbine also affect the properties of the rotating system.   
 To determine an HPU’s natural frequencies discretized models is normally used. In this 
thesis the finite element method is used for discretization of the continuous structures. 

2.1.  DISCRETIZED ROTOR SYSTEMS 

The equation of motion for a discretized rotor system can be formulated in matrix form as: 

fKuuGuCuM   (1)

 where M is the mass or inertia matrix, G is the gyroscopic matrix and contains the polar 
moments of inertia for the model, C is the damping matrix and K is the stiffness matrix. 
The most common element types used in the stiffness matrix are Timoshenko elements or 
Euler-Bernoulli elements. f is the load vector and  is the angular velocity of the shaft. An 
example of a discretized hydropower rotor system is shown in Figure 2. 

Figure 2. Discretized rotor and schematic figure of a hydropower unit.
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2.2.  INTERCONNECTIONS 

Between the static and the rotating structure there are several components that influence the 
rotordynamic properties of the system. Bearings are needed to keep the rotor in the correct 
position. A generator, turbine are needed to make the production of electricity possible. 
These components need to be represented in the rotordynamic model of the hydropower 
units. 

2.2.1 Bearing representation 
The bearings representation in the rotor system is of great importance. The hydropower 
industry uses almost exclusively hydrodynamic journal bearings, using oil as a lubricant. 
Most of the Swedish HPUs use journal bearings of the tilting pad type. However, some 
older units are still using plain journal bearings. 

Figure 3. Schematic figure of tilting pad bearing. 

The shaft’s rotation and displacement give rise to a build-up of pressure between the shaft 
and the bearing pads. The bearing pad tilts in to an equilibrium position due to the pressure 
distribution on the pad. Figure 3 presents a schematic layout of a tilting pad bearing. Static 
loads in the bearing cause static eccentricity, eS, of the shaft and the dynamic loads cause 
dynamic shaft eccentricity, eD. Figure 4 presents a schematic visualisation of the static and 
dynamic eccentricities in the bearing.
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Figure 4. Schematic figure of eccentricities in a bearing. Bc is the bearing centre and Sc is 
the shaft centre. 

Small shaft movements around the static equilibrium position in the bearing can be 
presented numerically as a system with two degrees of freedom containing damping, 
stiffness, fluid inertia, displacement, velocities and accelerations. See Equation (2).  
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where k is the bearing’s stiffness, c is the bearing’s damping, m are the fluid inertia 
properties and f are the forces that occur based on the displacements u as well as their 
displacement velocities and accelerations. Muszynska [11] and Vance [10] have presented 
expressions to determine fluid inertia properties. In most conventional bearing models, the 
fluid inertia forces are disregarded [12]. The bearings’ fluid inertia properties will be 
disregarded in the remainder of this thesis, as will the fluid induced instabilities in 
bearings. 
 In order to determine the dynamic properties of bearings, knowledge is required about 
the relation between the oil film pressure distribution in the bearing and the position and 
movements of the shaft. For plain journal bearings, there are simplified linearized 
analytical expressions based on Reynolds equations [10] that can be used to calculate the 
dynamic bearing properties. However, these only apply to certain eccentricities and cannot 
be applied to tilting pad bearings. To determine the dynamic properties of tilting pad 
bearings at large eccentricities, numerical calculations are required. Another characteristic 
property of the hydrodynamic tilting pad bearings is that the stiffness and damping 
properties are strongly non-linear [13].   
 All large hydropower units are vertical and, unlike horizontal machines, the shaft does 
not have a set operating point in the bearing. Most steam and gas turbines is horizontal, and 
in such units a normal force acts on the rotating system based on the effect of gravity on 
the rotor string. For steam and gas turbines, there is generally a high requirement for 
balancing [14] due to the high rotational speed and supercritical operation. This means that 
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the static eccentricity, eS, based on the dead weight, is large in relation to the dynamic 
eccentricity, eD, based on the mass unbalance. The opposite generally applies to 
hydropower units. For vertical machines, the dead weight does not cause any displacement 
in the guide bearings. As almost all hydropower units are assumed to rotate subcritically 
and have a robust construction, this means that the balancing requirements are lower than 
for steam and gas turbines. As a rule, this means that the static eccentricity, eS, is low in 
relation to the dynamic eccentricity, eD, caused by mass unbalance.  
 There are a number of software packages for non-linear calculations of bearing 
parameters available on the market. These are based on numerical solutions of Navier-
Stokes or Reynolds equations [15]. However, almost all of the available software has been 
developed for bearings in horizontal steam and gas turbines with a fixed operating point, 
i.e. the displacement relative to the bearing centre consists solely of static eccentricity, and 
the dynamic eccentricity that is generally very low in steam and gas turbines has been 
neglected.  
 For those bearing calculations that have been carried out in this thesis and in papers that 
are included in the thesis, software developed for bearing calculations in steam and gas 
turbines has been used. This has meant that it is the magnitude of the eccentricity that is 
decisive for the bearing properties, with no consideration as to whether this is static or 
dynamic. 

Figure 5. Stiffness as a function of bearing load and rotational speed 

The most common way of presenting bearing parameters is in tables or figures, where the 
stiffness and damping are presented as a function of shaft eccentricity or bearing load, see 
examples in Figure 5. 
 An alternative method that is used to display a bearing’s dynamic properties is to 
present stiffness and damping as a function of a Sommerfeldt number. The Sommerfeldt 
number is defined according to [16]: 

22
c
R

F
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r

 (3) 
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where  denotes lubricant viscosity,  is the shaft rotational speed, L stands for the bearing 
width, Fr is the radial load, R the bearing radius and c is the radial clearance. Presenting 
stiffness and damping as a function of a Sommerfeldt number gives more extensive 
information about how different geometric or dynamic changes affect the stiffness and 
damping. Figure 6 presents bearing stiffness as a function of a Sommerfeldt number. 

Figure 6. Stiffness as a function of Sommerfeldt number 

2.2.2 Generator representation 

Generators in HPUs are generally synchronous generators with a large number of poles due 
to the slow rotational speed. In a perfectly symmetrical generator with the generator rotor 
centred in the stator, the sum of all magnetic pull forces acting on the generator rotor is 
zero. In reality there are no perfectly symmetrical generators, as thermal expansion, mass 
unbalance, tolerances in manufacturing and assembly cause deviations in shape, 
unbalances and eccentricities. For this reason, radial unbalance magnetic pull forces will 
always occur between the generator rotor and stator. In addition to the unbalance magnetic 
pull forces, the deflections in a generator rotor should also be taken into consideration [17]. 
In most of the rotordynamic calculations performed on hydropower units, the mechanical 
properties of the generator rotor are disregarded and only the unbalance magnetic pull 
forces are included in the generator model.. The expression for unbalance magnetic pull 
force, fm, for a generator rotor parallel to the stator, is derived from integration of the 
Maxwell stress tensor and can be expressed according to Equation (4) [18].

3
222

32
0

12 e

e
Rp

hRSf ss
m  (4) 

where Ss is the stator linear current density, Rs the stator inner radius, R the air gap 
between the generator’s rotor and stator, p is the number of pole pairs, e is the eccentricity, 
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h is the length of the rotor and 0 is the permeability of free space. For small eccentricities 
(<10%), the function for the unbalance magnetic pull force can be linearized. 

2.2.3 Turbine representation 

Swedish hydropower units are mainly equipped with Kaplan or Francis turbines. The 
equation of motion for the turbine should include the mass, stiffness and damping. The 
mass includes the mass of the turbine and the “added mass terms” that come from the 
inertia properties of the rotating water. In the hydropower industry there are various rules 
of thumb regarding added mass, but only few papers regarding this area have been 
presented. According to Hofstad [19], is it customary to add 25% of the turbine mass as 
added mass for ship propellers, and this can also be used for Kaplan units. For the Francis 
turbine, the stiffness and damping properties from the seals between the turbine and the 
turbine chamber wall are in general significantly lower than the bearing stiffness and 
damping [19]. Nevertheless, the stiffness and damping parameters of the turbine need to be 
included in rotordynamic calculations, especially if there are indications of critical bending 
mode with high deflections at the turbine.  
 Regarding the stiffness and damping parameters for Kaplan turbines, there are currently 
no published papers available on those topics. 
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3. RESULTS FROM ROTOR DYNAMIC ANALYSIS 

3.1. ANALYSIS OF ROTOR BEARING SYSTEM 

If the equation of motion is linear, it can easily be solved analytically. Magnetic pull forces 
from the generator are assumed to be linear and the bearing parameters are linearized at the 
operating point. The equation of motion can be written as: 

uKfKuuCGuM Mt  (5) 

where KMu are the magnetic pull force acting on the rotor. 
By using a state vector TTT uux , equation (5) can be written in state space as 

bAxx  (6) 

where 

CGMKKM
I0

A 1
M

1 (7) 

and

tfM
0

b 1  (8) 

Assuming a homogenous solution in the exponential form xh(t)=qe t and inserting this in 
Equation (6), then an eigenvalue problem is obtained as 

Aq = q, q  0 (9) 

where i are the eigenvalues and qj are the corresponding eigenvectors. From the analysis 
of the eigenvalues is it possible to study the stability and the eigenfrequencies of the 
system. The complex eigenvalues i can be written as: 

j1

j1
2

iiii1i

2
iiiii

 (10) 

where  
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 (11) 

In equation (11), i is the undamped natural frequency of the iht mode and i is the modal 
damping ratio associated with the iht mode. If the damping ratio, , is less than 1, the 
damped natural frequencies, di can be obtained from the imaginary part of the eigenvalue 
according to equation (12). 

i

2
d i i1  (12) 

3.2. CAMPBELL, STABILITY DIAGRAM AND MODE PLOT  

The results from the analysis of natural frequencies and damping ratio are usually 
presented in a frequency diagram, also called a Campbell diagram, and a stability diagram. 
Figure 7 presents an example of the results from a rotordynamic analysis performed on a 
hydropower unit. The figure shows Campbell and stability diagrams, both plotted as a 
function of the rotational speed of the shaft. In Figure 7 it can also be seen that the natural 
frequencies and stability change due to changed rotational speed; these changes are caused 
by the influence of the gyroscopic moments and changed bearing properties. The dash-
doted vertical line represents the nominal speed ( dr) of the analysed machines, and the 
dashed lines correspond to when  =  and 2  = .

Figure 7. Campbell and stability diagram for a hydropower unit 

Hydropower units have, in general, synchronous generators i.e. the machine rotates at a 
synchronous speed. In most cases when natural frequencies are calculated for hydropower 
units, the exact bearing load is not known. The bearing load affects the bearing parameters 
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and the bearing parameters affect the natural frequencies and stability of the machine. The 
bearing load also changes depending on the machine’s operating mode. To determine how 
sensitive a machine is to different bearing loads, it is possible to calculate natural 
frequencies and stability for different bearing loads at nominal speed. Figure 8 presents an 
example of how natural frequencies and stability depend on the bearing load at nominal 
speed. 

Figure 8. Natural frequency and stability as a function of bearing load, at nominal speed. 

Depending on which of the eigenmodes is excited, the rotor will have different shapes. In 
rotordynamic calculations, the shape of the rotor is usually presented in mode plots. Mode 
plots display the deflection that occurs in each node of the rotor at resonance. For the mode 
plots it is common to indicate the whirl directions for each node. Information about the 
whirl direction for a complex mode can be found by analysing the eigenvectors [20]. 
Figure 9 presents an example of a mode plot for a hydropower shaft.  

Figure 9. Mode plot for a hydropower unit, forward whirl is red and backward whirl is 
blue. 
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4. LOAD MEASUREMENTS 

Bearing properties such as stiffness and damping have an evident influence on the 
rotordynamic properties of an HPU. The properties of the radial journal bearings are 
dependent on the loads acting on the bearings. To perform correct rotordynamic 
calculations, it is important to use bearing parameters with a high degree of accuracy. The 
bearing parameters can be calculated using commercial software or from measured bearing 
loads and shaft displacements. Section 4.3 presents a method for calculating the bearings’ 
stiffness and damping from measured bearing loads, journal displacement and 
displacement velocities. Bearing load measurements are useful in verifying the bearing 
parameters calculated in commercial software. Load measurements can also be used to 
determine the operational status of a machine and to verify that balancing grades are 
fulfilled. Various methods can be used to determine loads on shafts and bearings, the most 
common measurement technique is to calculate loads from measured strains. The strains 
are often measured with strain gauges installed at the bearing brackets or in the pivot pins. 

4.1.  STRAIN MEASUREMENTS 

The linearized strain is defined according to Equation (13), see [21] and [22]. 

00

0

L
dL

L
LL

   (13) 

where  is the apparent strain, L the present length and L0 is the initial length. Strain 
gauges are suitable for use in measuring strain with a high degree of accuracy. Based on 
the measured strain in an object, it is possible to determine the force that is acting on the 
object, provided the object’s geometry and material parameters are known. In the case of 
force measurements in hydropower units, foil strain gauges are used most often; these 
utilise the physical principle that resistance in an electrical conductor changes when its 
length and cross-sectional area change due to the conductor being mechanically loaded. 

Figure 10. Left object is a “Regular” strain gauge and the right object is a cylindrical strain 
gauge. 
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Strain gauges used in this thesis are made of a thin wire encased in protective plastic. 
Figure 10 shows two types of strain gauges. The resistance in a conductor is given by: 

2

4
D
L

A
LR  (14) 

In this case the conductor is the wire in the strain gauge where  is resistivity, L is the 
length of the conductor, D is the diameter of the conductor and A is the conductor’s cross-
sectional area. Each strain gauge has a specific relation between the applied strain and the 
change in resistance, known as the gauge factor (GF). In a data sheet for a purchased strain 
gauge that includes the GF, the gauge factor is defined as:   

RRGF /
  (15) 

where R is the change in resistance caused by strain. The strain gauge is attached to the 
object by a suitable adhesive. During the installation procedure, it is important to avoid dirt 
and air bubbles between the object and the strain gauge. Strain gauges are often connected 
in a bridge configuration, a Wheatstone bridge, with 1 to 4 active strain gauges. See Figure 
11. A change in strain will cause a change to the resistance in the active strain gauges. The 
altered resistance in the strain gauges will affect the balance of the bridge and the output 
voltage from the bridge will change.  

Figure 11. Strain gauges in a Wheatstone bridge configuration 

The relation between the change in strain in the object and the change in output voltage 
from the Wheatstone bridge is defined according to Equation (16). 
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inout V
RRRRRRRR
RRRRRRRR

V
44332211

44223311  (16) 

Equation (16) can be simplified provided that R1R3 = R2R4 and  Rn << Rn. The simplified 
relation can be written as: 

inout V
R
R

R
R

R
R

R
R

RR
RRV

4

4

3

3

2

2

1

1
2

21

21  (17) 

Furthermore, Equation (15) inserted in Equation  (17) will result in the following relation: 

inout VGFGFGFGF
RR

RRV 443322112
21

21  (18) 

Equation (18) shows that it is possible to measure the strain that arises in the structure by 
measuring the unbalance voltage from the Wheatstone bridge consisting of strain gauges. 

4.2.  BEARING LOADS 

Different methods can be used to determine radial bearing loads in HPUs. A general 
feature of all the methods described below is that they are based on Hooke’s Law, i.e. the 
force, F, is determined by measuring the compression, , of steel with a given cross section, 
A, and Young’s modulus, E.

F =  * A*E (19) 

The methods used to measure radial bearing loads in Swedish hydropower units comprise 
commercial load cells installed behind the bearing pad [23] or strain gauges installed on the 
structure supporting the bearing housing [24]. A new method to measure bearing loads in 
HPUs has also been developed in this thesis. The new method uses cylindrical strain 
gauges, developed for bolt preload measurements, installed in the centre of the pivot pin, 
see Figure 10 and 14. 
 The most suitable of these three load measurement methods depends of the scope of 
and prerequisites for the measurement. The advantage of using commercial load cells 
placed behind bearing pads is that it is possible to choose a suitable load range for the 
sensor. The disadvantage is that the installation is time-consuming and a load cell placed 
behind a bearing pad generally causes a reduction in the total radial stiffness. In order to 
achieve a high resolution in the load cell, it is designed so that the strains in it are high at 
the maximum load for which it is classified; this entails that the part that takes up the load 
in the load cell is usually slender, thereby resulting in a reduction in total stiffness, see 
Figure 12. A slender design also improves the potential for low hysteresis in the strain 
measurements. 
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Figure 12. Schematic figure describing a possible design of a commercial load cell. 

Measurements performed with strain gauges installed on the bearing bracket generally 
show high thermal sensitivity and low apparent strains. The structures are, in general, stiff 
structures built for high radial loads. Large steel beams are commonly used as construction 
parts in the bearing brackets. Figure 13 show a strain gauge installed on the upper 
generator bracket in a 240 MW hydropower unit. The bearing bracket is positioned above 
the generator, which means that there is a large variation in the temperatures acting on the 
bearing bracket depending on whether the generator has recently been started or has been 
in operation for hours. 

Figure 13. Picture of strain gauge installed on the bearing bracket and schematic figure 
describing the bearing bracket surrounding a generator bearing. 

The strains caused by thermal expansion are often of a larger magnitude than the strains 
caused by the radial bearing load. During the analysis, however, the thermal strains caused 
by the thermal expansion can be separated and excluded from measured total strains due to 
symmetry in the bearing bracket and thermal influence. The advantages with this method 
of measuring load are that no modifications inside the bearing are needed and the 
properties of the machine are not changed. This method is therefore well suited for 
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measurements performed on machines that are still under warranty from the manufacturer, 
i.e. no interventions inside the machine are allowed.  
 The third method, using pivot pins equipped with strain gauges in the centre of the 
pivot pin, has the advantage of low thermal sensitivity and negligible effect on overall 
radial stiffness. The disadvantage with this method is that the installation is time-
consuming. Figure 14 presents the modified pivot pin and its position in the bearing. 

Figure 14. Modified pivot pin and installation position of pivot pin. 

For all the load measurement methods presented above, the total radial load is determined 
by adding up the measured radial bearing loads, with regard to installation angle, for all the 
gauges. Load determination based on the method involving strain gauges installed on the 
bearing bracket demands that both Young’s modulus and the cross section of the steel 
beam on which the strain gauge has been installed are known. The equation for 
determining the resulting force, fx and fy, based on the measured strain, , is presented in 
Equation 20. The angle i is the angle at which the gauge i is installed relative to the x-axis, 
and there are a total of n gauges. Load determination based on the method involving strain 
gauges installed on the bearing bracket has only been carried out on isotropic bearing 
brackets of the type shown in Figure 13. 

n

i
iiy

n

i
iix

AEf

AEf

1

1

sin

cos
 (20) 

In the case of measurements with commercial load cells and strain gauges installed in pivot 
pins, it is not necessary to know the cross section or Young’s modulus. The commercial 
load cells are supplied with a transfer functions between the level of the output signal and 
applied load. In order to perform load measurements with the modified pivot pins, each of 
the pivot pins must be calibrated so that a transfer function between applied load and 
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measured voltage from the Wheatstone bridge is determined. Figure 15 shows the results 
from the calibration of all 24 pivot pins in the lower generator guide bearing in a 42 MW 
hydropower unit. 

Figure 15. Results from calibration of pivot pin in lower generator bearing 

When the transfer function between load and measured voltage for the modified pivot pin 
is known, the total load is determined by adding up the measured load with regard to 
installation angle, see Equation (21). fi is the measured load in the pivot pin/load cell i.

n

i
iiy

n

i
iix

ff

ff

1

1

)sin(

)cos(
  (21) 

4.2.1 Results from measured loads in bearings 
The loads acting on the bearings are dependent on the operating mode of the HPU. Figure 
16 shows the normalised produced output power and normalised rotational speed as 
functions of time for a measurement performed on an HPU. Normalised produced output 
power 1 corresponds to 38 MW, which is 90% of maximum output, and normalised 
rotational speed 1 corresponds to synchronous speed for the hydropower unit. 
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Figure 16. Normalised power (blue curve) and normalised rotational speed (red curve) 
during load ramp. 

In Figure 16, the power output is zero between zero seconds and approximately 60 
seconds, as the rotational speed increases from zero to synchronous speed. At 
approximately 80% of nominal speed, after 40 seconds, the generator is magnetised, but 
the output is still 0 and the generator is not connected to the grid. 
 Figure 17 below present the measured displacement and bearing force for a radial 
generator bearing during the same measurement period as presented in Figure 16 above. 
The bearing forces are measured using the method with cylindrical strain gauges installed 
in the pivot pin. In Figure 17 the dynamic components of measured load and displacement 
have been presented. 

Figure 17. Measured displacement in generator bearing and bearing load during load ramp 

At nominal speed, the loads vary depending on the momentary power output. In Figure 18 
below, the bearing loads in all three bearings are presented at nominal speed and at two 
different power outputs. The bearing loads are measured at the following load conditions: 
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unmagnetised rotor at nominal rotational speed and at 30 MW load. The forces that act on 
the bearing have been calculated in accordance with Equations (21) 

Figure 18. Bearing load in upper (left), lower (middle) and turbine guide bearing (right) at 
100% speed, 0 MW (blue) and 30 MW (red) 

4.3.  ESTIMATION OF STIFFNESS AND DAMPING 

Using one of the bearing load measurements methods described in the previous chapter 
combined with shaft displacement measurements, it is possible to estimate damping and 
stiffness in bearings. The Journal-Bearing Databook [16] presents results from 
experimental determination of stiffness and damping in journal bearings. For the tilting pad 
bearings, the cross-coupled stiffness and damping are small in relation to the direct bearing 
terms. In order to simplify the calculations of stiffness and damping for a tilting pad 
bearing, from measured load, displacement and displacement velocities, the cross-coupled 
terms are set to zero and the fluid inertia effects are disregarded. The stiffness and damping 
terms can be formulated as kii = k, cii = c and kij = cij = 0. 
 The simplification of Equation 2, where cross-coupled terms and fluid inertia effects 
are disregarded and the equation of motion is transformed into polar co-ordinates, is 
presented in Equation (22) below. 

)sin(
)cos(

0
0

)sin(
)cos(

0
0

u
u

c
c

u
u

k
k

f
f

y

x
 (22) 

)cos(222222 kcuucukuf  (23) 

where 22
yx fff , 22

yx uuu , 22
yx uuu  and  is the angle between 

the forces depending on bearing stiffness, fk, and the bearing damping, fc, . The relation 
between the forces is shown in Figure 19. 
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Figure 19. Relation between forces in the guide bearing  

To obtain the bearing stiffness and damping, Equation (23) has been used to create a 
system of equations. The parameters ( ssss uuf ,,, ) in each row in the equation system 
contain data collected from one instance s. Each row represents consecutive measurements 
taken one rotation period of the shaft apart, i.e. all rows are with the axis in approximately 
the same position. The equation system can be written in matrix form as 

pRfs  (24) 
where 
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The vector containing the bearing parameters p can be found by solving the Equation (24), 
and the solution can be written as: 

s
1 fRp  (25) 

4.3.1  Calculated stiffness and damping 
Figure 20 presents displacement and load measured in an upper generator bearing. The 
measurements were performed on a 240 MW hydropower unit at 0 MW load and 100% 
magnetisation. 
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Figure 20. Measured load and displacement at 0 MW and 100% magnetisation of the 
generator. 

To determine damping and stiffness for the bearing in actual operating conditions, the 
measured load and displacement in Figure 20 are inserted in Equation (25). Figure 21 
presents the calculated stiffness and damping for the generator bearing at the load 
conditions presented in Figure 20. 

Figure 21. Stiffness and damping for a generator bearing at 0 MW and 100% 
magnetisation of the generator. 
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5. SUMMARY OF APPENDED PAPERS 

Paper A - Determination of Journal Bearing Stiffness and Damping at Hydropower 
Generators Using Strain Gauges 
A method to determine stiffness and damping parameters for a radial guide bearing is 
presented in Paper A. The bearing parameters are calculated from measured shaft 
displacement and bearing loads. The analysed bearing is an upper generator bearing of the 
tilting pad type. One advantage with tilting pad bearings is that the cross-coupled stiffness 
and damping terms are low in relation to the direct stiffness and damping terms. To 
simplify the determination of the bearing parameters, cross-coupled stiffness and damping 
terms have been disregarded. Fluid inertia forces are also low in these bearings and have 
also been disregarded.  

Paper B - Case Study of Resonance Phenomena in a Vertical Hydropower Unit
Resonance phenomena in a 42 MW hydropower unit are analysed in Paper B. After 
refurbishment, resonances occur. In order to explain the resonance behaviour, 
measurements and numerical analyses are performed. The shaft displacement 
measurements show dominant frequencies close to twice the machine’s nominal speed at 
resonance. Numerical analyses show several natural frequencies close to twice the nominal 
speed, at the nominal speed. The eigenmode of one of these natural frequencies has a low 
stability, approximately 7% at a 50 kN bearing load. The conclusion of Paper B is that the 
resonance phenomena are caused by high excitation close to twice the nominal speed of the 
machine, natural frequencies close to twice the nominal speed and the low stability of some 
of these eigenmodes. 

Paper C - Resonance problem in Vertical Hydropower Unit After Turbine Upgrade
Resonance phenomena are also studied in Paper C. The purpose of this paper is to identify 
and present a measure to avoid resonance. A cost-effective measure to change the system’s 
properties is proposed by adjusting the clearance of the turbine guide bearing. 
Measurements and numerical analyses are performed at normal bearing clearance and at a 
large clearance. Increased bearing clearance causes slightly decreased frequency for the 
machine’s natural frequencies. A more significant change was noticed in the calculated 
stability of the lowest damped eigenmode. The stability was significantly increased at a 
large bearing clearance. After increasing the bearing clearance, there have not been any 
problems related to resonance.  

Paper D - Bearing load measurement in a hydropower unit using cylindrical strain 
gauges installed inside pivot pins 
Paper D presents a method for measuring bearing loads in HPUs. The new method 
presented in Paper D uses cylindrical strain gauges installed in the pivot pin. The relation 
between applied load on the pivot pin and the measured strain in the pin is determined in a 
laboratory for each pin. Advantages with this method are that the modification of the pivot 
pin does not affect the overall stiffness of the system, and due to the pivot pins’ relatively 
small cross-section, high strains will be measured when the HPU is in operation i.e. good 
resolution in measured loads. However, the installation of the modified pivot pins is time-
consuming and the wiring between pivot pin and amplifier is difficult. The results from the 
load measurement show distinct load levels and a high signal to noise ratio.  
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6. CONCLUSIONS 

This thesis spans over two areas, namely rotordynamics and bearing load measurements. 
Nevertheless, these two areas are closely related. In order to determine the rotordynamic 
properties of a machine under certain operating conditions, the dynamic properties of the 
bearings need to be known. The bearing properties, such as stiffness and damping, are 
dependent on the operating conditions for the bearing. Measuring bearing load and shaft 
displacement makes it possible to determine the stiffness and damping of the bearing. The 
stiffness and damping of bearings can also be calculated using commercial software, and 
the results from bearing load measurements can then be used to verify the calculated 
results. Bearing load measurements can also be used to verify that the balancing grades for 
the machine are fulfilled. 

6.1. BEARING LOAD MEASUREMENTS 

Methods to determine bearing load are presented in Papers A and D, while the stiffness and 
damping of a radial generator bearing are calculated in Paper A. In both of these papers, 
strain gauges are used to determine the bearing loads. In Paper A the strain gauges are 
installed on the bearing bracket, and in Paper D the gauges are installed inside the pivot pin 
in the bearing. There is an obvious difference in the complexity of the installation of the 
strain gauges between these methods. Different methods should be used depending on the 
scope of and prerequisites for the measurement. If the machine is under warranty, i.e. no 
modifications of the machine are allowed, the method presented in Paper A is appropriate. 
One disadvantage with this method is that the stiff bearing bracket results in strains caused 
by the radial bearing loads being lower than strains caused by thermal changes. Paper A 
also presents a method to calculate stiffness and damping of a tilting pad journal bearing 
from measured bearing loads and displacements. Theoretical analysis of the bearing has 
been performed to provide a comparison with the calculated bearing stiffness and damping 
from measured data. Comparisons between the theoretical value of the bearing stiffness 
and the values obtained from measurements show good agreement between the theoretical 
and the experimental bearing stiffness. 

6.2. ROTORDYNAMIC BEHAVIOUR OF HYDROPOWER UNITS 

In order to achieve accurate results in rotordynamic calculations for a hydropower unit, the 
representation of components and interconnections is of importance. An incorrectly 
represented generator bearing or bearing bracket can result in resonance problems after a 
refurbishment of the unit. Rotordynamic calculations can successfully be used to identify 
causes of high vibrations in hydropower units and to evaluate which measure is most 
effective in order to remedy existing vibration problems.  
 Today knowledge now exists regarding the representation of generators in 
rotordynamic calculations for hydropower units. Knowledge of how to represent the 
bearings in vertical units is improving, but the potential for using or not using bearing 
models intended for horizontal machines in calculations regarding vertical hydropower 
units needs to be investigated. Scientific methodology needs to be developed specifying 
how to represent turbines, especially Kaplan turbines, in rotordynamic calculations. 
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7. DISCUSSION AND FUTURE WORK 

When carrying out rotordynamic calculations, some simplifications and assumptions must 
be performed in the numerical analysis due to complexity and unknown relations. 
Examples of simplifications and assumptions made in this thesis include: the disregarding 
of damping, stiffness and added mass for the turbine, the linearization of the 
electromagnetic forces in the generator, the use of bearing software developed for 
horizontal machines to calculate bearing parameters and the disregarding of fluid inertia 
forces in the bearings. In Paper B, calculated natural frequencies are compared with 
measured resonance frequencies and show good agreement. This indicates that the 
assumptions and simplifications made in this case did not have a major effect on the 
calculated natural frequencies. However, it is not possible to draw any general conclusions 
regarding what can be simplified and disregarded based on comparisons with individual 
measurements. 
One disadvantage with using bearing parameters calculated in software intended for 
horizontal machines is that it is not possible to carry out a response analysis of a 
hydropower unit with these bearing parameters. In these software packages, it is only 
possible to calculate the bearing parameters at a prescribed static eccentricity. When this 
software is used to calculate bearing parameters for vertical units, systems with high 
dynamic and low static eccentricity, the dynamic eccentricity is inserted where the static 
eccentricity should be inserted. If this software is used to calculate bearing data for vertical 
machines where dynamic eccentricity is dominant, the natural frequencies should be 
correct, although the response analysis will not be correct. 
 In a future project, it would be of interest to study how the bearing parameters differ for 
a bearing depending on whether it is horizontally or vertically oriented. In such a study, the 
eccentricity would be equally large irrespective of whether the bearing was horizontal or 
vertical; in the case of the horizontal bearing, however, the eccentricity would be static on 
the basis of the dead weight, and for the vertical bearing the eccentricity would be 
dynamic, i.e. an eccentricity caused by mass unbalance in a system that is rotating 
subcritically. The results of this analysis would provide an answer as to whether it is 
possible, using approximative methods, to utilise the results from bearing programs 
intended for horizontal machines in calculations of rotordynamic properties in vertical 
hydropower units. As a continuation of this, it ought also to be of interest to study the 
potential to utilise rotating co-ordinate systems to carry out response analyses on vertical 
HPUs based on calculated bearing parameters.  

In order to improve the accuracy of rotordynamic calculations carried out in 
hydropower units, it is also necessary for further work to be carried out as regards 
determining the dynamic properties of turbines, i.e. determination of their added mass, 
damping and stiffness. 
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ABSTRACT
In hydropower generators, the measurement of bearing 

load, vibration and shaft displacement are wildly used methods 
for indication of maintenance demand and troubleshooting. 
When measurement of bearing load and shaft displacement is 
performed the collected data make it possible to determine the 
bearing properties, such as stiffness and damping. In this paper 
a method to determine the bearing stiffness and damping 
properties for generator journal bearing in hydropower units is 
presented.

The majority of hydropower generators are, however, not 
equipped with facilities for measurements of bearing loads. To 
provide the bearings with load sensors it is necessary to 
reconstruct the bearings, which is associated with heavy 
expenditures. In this paper an alternative method to obtain the 
bearing load is utilize, in which strain gauges installed on the 
generator bearing brackets is used. The collected data in the 
experiment were obtained from measurements on a 238 MW 
hydropower generator connected to a Francis type runner.  

The bracket that holds the generator bearing consists of 18 
spokes and each of these spokes has been provided with strain 
gauges for load measurements. The displacement of the shaft 
has been measured relative to the generator-bearing casing. The 
generator-bearing model has been described as a system with 
two degrees of freedom containing both bearing stiffness and 
damping matrix as well as displacement and displacement 

velocity vector. When the calculation of the bearing properties 
are based on measured data, the irregularity in the calculated 
stiffness and damping has to be eliminated. To eliminate the 
unrealistic values of the calculated damping and stiffness, the 
samples that cause high condition numbers of the displacement 
– velocity matrix are neglected. The results of the calculation of 
bearing stiffness and damping are presented in polar plots.   

This method determines the bearing properties for the 
generator bearing in a certain point, the point where the 
generator shaft has its stationary position. The stationary 
position for the generator shaft depends on the static magnetic 
pull force acting on the generator rotor and the influence from 
the turbine. The influence on the bearing characteristics of non-
stationary loads as acting on the bearing can be investigated. 
The non-stationary loads can for instance be rotor unbalance 
force, influence of thermal expansion and dynamical magnetic 
pull force.  It is thereby possible to evaluate different loads 
effect on the generator bearing and in which way the bearing 
properties are affected. 

INTRODUCTION
In a number of hydropower stations, it has been observed 

that large radial forces can affect the guide bearings in the 
generators. These forces can cause damage or a failure of the 
bearings with economical losses as a consequence [1]. It is 
furthermore known that in electrical machines almost 40% of 
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the failures can be related to bearing failures [2,3]. One reason 
for the existence of the radial bearing load is static or dynamic
misalignment between rotor and stator. This misalignment
results in a non-uniform air gap and consequently a non-
uniform magnetic field [4,5,6]. In electrical machines the 
measurement of the air-gap eccentricity is often based on 
measurement of the change in the air-gap field with loops or
coils [7,8].

Knowledge of the radial magnetic pull force acting on the
eccentric rotor is important for the mechanical design and
maintenance of a hydropower generator. A number of equations
are available for calculation of the magnetic rotor pull for an
eccentricity up to 10% of the average air-gap [9,10,11]. Some
equations have been improved by taking the effect of saturation
into account [12,13,14,15].

When measurement of the bearing loads or bearing
properties are performed in hydropower generators, the load
sensors are usually built in behind the bearing pads with a 
similar technique as the one described in [16]. Measurement
with strain gauges attached to the bracket base plates have been 
shown in [15]. But, on a great number of generators, the base
plates are pre-loaded and therefore not suitable for 
measurements. The majority of hydropower generators are 
however not equipped with facilities for load measurement and
the reconstruction, which is necessary to provide the bearings
with load sensors, is associated with high expenditures.

The influence of the preload effect on the bearing metal
temperature and the shaft vibration was investigated at a 
storage power plant [17]. At that investigation a single centered
thermocouple was used to measure the bearing metal
temperature and two perpendicular proximity probes of eddy
current type were installed in the bearing. Experimental
investigation on the performance characteristics of a tilting pad
journal bearing for small L/D ratios has been investigated in
[18]. In that work a non-contact electromagnetic exciter was 
used to excite the rotor mass in horizontal and in vertical
direction.

In this paper an alternative method to the load sensors
behind the bearing pads, is used for measuring of the radial
bearing force. This method is based on strain measurement at
the bearing supports [19] and the force is calculated from the
measured strain by use of beam theory [20]. The advantage of 
this method is that it can be used without installation of sensors 
inside the bearing house or the redesigning of mechanical parts
in the bearing. This method determines the bearing properties
for the generator bearing in a certain point; the point at which
the generator shaft has its stationary position. The stationary
position for the generator shaft depends on the static magnetic
pull force acting on the generator rotor and the influence from
the turbine.

EXPERIMENTAL ANALYSIS

Test object and measurement set-up.
The measurements of force and displacement were

performed on unit 12 at Porjus power plant in the far north of
Sweden. The generator has a rated capacity of 238 MWA and a 
rated speed of 83.3 rpm.

A Fancies type runner is connected to the generator via a
nine-meter vertical shaft. The rotating parts of the power unit
have two support bearings and one trust bearing which supports
the shaft. The generator guide bearing, which is located on the
top of the generator, is attached to the building structure
through a bracket frame. The trust bearing and turbine guide
bearing are integrated parts of the spiral-casing house.

The generator-bearing bracket is designed as a spoke
wheel consisting of 18 hot rolled I-beams. The height of those
I-beams are 500 mm, with a cross sectional area of 27300 mm2.
The generator bracket spokes are equally spaced which means
that the spacing between spokes is 20°. A schematic layout of 
the bracket is shown in Figure 1. 

Figure 1. Layout of the generator bracket. 

For measuring of the mechanical strain in the bearing 
bracket each spoke is provided with strain gauges arranged in a 
full Wheatstone bridge [21]. Two of the gauges in each bridge 
are used for measuring of the mechanical strain in the arms and 
two of the gauges are used for temperature compensation. The
two gauges used for measuring the mechanical strain in the 
beam are bonded to the beam surface in the centerline of the 
beam. The installation of the strain gages is shown in Figure 2.
A steel dummy with the dimension 100 x 70 x 15 [mm] is
attached close to the measuring point on each beam. On the
dummy two of the full bridge gauges are bounded and used for 
temperature compensation.



Figure 2. Strain gauge position SG.

Strain and displacement measurement
In a generator, the air gap eccentricity give rise to a large

radial magnetic pull force acting on the rotor. The air gap
eccentricity can be divided in two types, static and dynamic
eccentricity. In the generator, the most common case is a 
combination of those two types of eccentricity. Characteristic 
of the static eccentricity is that the rotor center will be in a 
fixed position from the bearing center. In the dynamic case the 
shaft center will whirl around the bearing center in an orbit 
with displacement vector of u. If the static and dynamic
eccentricity is combined the shaft center will whirl around the 
static eccentricity point. 

Figure 3. Generator bearing model. 

In Figure 3 u is the displacement vector, the angle to the 
rotor position is denoted  while k and c is the bearing stiffness
and damping respectively.

Bearing properties have been determined in the point
where the shaft has its stationary position. The numerical model
of the generator bearing has been described as a system with
two degrees of freedom containing bearing stiffness and 

damping matrix as well as displacement and displacement
velocity vector. This can be written as 
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where is the force components acting on the bearing,
represent the stiffness components of the oil-film, are the 

components in the damping matrix, are the components in

the displacement vector and the are the velocity 
components.
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In the general case, the stiffness matrix is not symmetric
while the damping matrix is on the other hand symmetric.

For symmetric tilting pad bearings with an even number of
pads both stiffness and damping matrix are symmetric. Tilting
pad bearings has generally a low cross-coupled damping and
stiffness. Therefore, it can be assumed that the cross-coupled
terms in both stiffness and damping matrix can be assumed to
be zero [22]. The stiffness and damping matrix components can 
be formulated as kkii , ,  and .0ijk ccii 0ijc

For rotating systems it can be more suitable to describe the
equation of motion in polar coordinates. The relation between
load, displacement, stiffness and damping for the bearing can
then be expressed as 
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the angle between the forces depending of bearing stiffness
and the bearing damping . The relation between the forces is 
shown in Figure 4. 
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Figure 4. Relation between forces in the generator 
bearing.
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Force estimation
To obtain the force acting on the generator bearing the

strain was measured at the bearing bracket in each spoke and
the shaft displacement was simultaneously measured in X and 
Y directions relative to the bearing house. The total numbers of
strain measuring points were 18 at the generator bracket.

Simple geometric considerations imply that the force
acting on the generator bearing in X and Y direction can be 
calculated according to following formulas:
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)cos(

(3)

where E is Young’s modulus, A is the beam cross-section area,
i  is the apparent strain in spoke i, i is the angle to the spoke i

and n is the number of measuring points in the bracket. For the
generator bearing n is equal 18. 

The apparent strain i is a sum of strain depending on both
the force acting on the bearing and the elongation of the
bracket depending on the temperature variation. The strain
depending on the bearing force is denoted as f and the
contribution from the temperature dependent strain is denoted
as t. The apparent strain can be written as

fti (4)

This implies that if the bracket is symmetric and the
temperature variation is equal in each spoke, the net
temperature dependent strain will be zero and the strain in the
bracket will only depend on the external force acting on the
bracket. The sources of the external forces are the rotor 
unbalance and the magnetic pull on the rotor.

Estimation of damping and stiffness
To obtain the bearing stiffness and damping, equation (2) 

has been used to create a system of equations. The parameters
( ssss uuf ,,, ) in each row in the equation system contain
data collected from one instance s. Each row represents 
consecutive measurements with one rotation period of the shaft
apart, i.e. all rows are with the axis approximately in same
position. The equation system can be written in matrix form as 

Rpfs (5)
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The vector containing the bearing parameters p can be
found by solving the equation (5) and the solution can be 
written as

s
1fRp (6)

RESULTS
The acquired strain data can include some offset depending

on the temperature drift of the structure and pre-load in the 
bracket. The compensation of the strain gauges was done by
subtracting the mean value of the strain for an unloaded
generator. The measurement of the mean value of the strain was 
performed as closely as possible before the measurement of the 
load case of interest.

To reduce the disturbance from the generator on the
measurement all signals were low pass filtered by the hardware
with a cut off frequency of 200 Hz. To minimize the
disturbance effect on the result, the collected data was once
again low pass filtered. The cut-off frequency was 8 Hz and the
filtration was performed with the software MATLAB. The 
filtered result of the measured displacement is shown in Figure 
5 and in Figure 6 the calculated force obtained from the
measured strain data is shown. These two figures represent the
loads and displacements in the generator support bearing when 
the generator operates at zero load and 100% magnetization.
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Figure 5. Shaft displacement in generator support 
bearing, 0 MW, 100% magnetization. 

Figure 6. Force acting on the generator support 
bearing, 0 MW, 100% magnetization. 

The generator bearing properties, damping and stiffness,
are calculated according to equation (6) using the measured
bearing force and displacement shown in Figures (5) and 
Figure (6). Some of the data give irregular results and these
results have to be excluded from the calculation of damping
and stiffness. To be able to clean the collected data set from
irregular data the calculated stiffness is compared to the
condition number of the R-matrix in equation (6), were a
correlation between the unlikely high values of the stiffness and 
the high condition numbers can be found, see Figure (7). The

same relation between the damping and the condition number
of the R-matrix can also be found.

Figure 7: Condition number of matrix R vs. measured
stiffness (normalized), 0 MW, 100% magnetization. 

The results of the calculation of bearing stiffness and 
damping with the reduced data set are shown in Figure (8) and 
Figure (9). To further minimize the influence of irregular data
the displayed stiffness and damping in Figure (8) and Figure
(9) are mean values over an interval of 2.5 degrees.

Figure 8. Bearing stiffness obtained from measured
data in polar plot, 0 MW, 100% magnetization. 
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Figure 9. Bearing damping obtained from measured 
data in polar plot, 0 MW, 100% magnetization. 

In Figure 10 the force acting on the bearing is shown when 
the generator is loaded at 180 MW. The corresponding bearing
stiffness and damping are shown in Figure 11 and Figure 12.
The measurement of the bearing stiffness in Figure 10 was 
performed before the balancing of the generator rotor. The
figure shows that the unbalanced rotor causes large radial
forces acting on the bearing. 

Figure 10. Measured force acting on the generator 
support bearing at 180 MW for an unbalanced 
generator rotor.

Figure 11. Bearing stiffness obtained from measured 
data at 180 MW for an unbalanced generator rotor.

Figure 12. Bearing damping obtained from measured 
data at 180 MW for an unbalanced generator rotor.

NUMERICAL CALCULATION OF BEARING 
STIFFNESS

The measured bearing stiffness has been compared with 
numerical analysis of the actual bearing. The bearing stiffness
has been calculated for four different clearances, dr=0.15-0.3 
mm, between the shaft and the bearing segments. For each of 
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those clearances the bearing stiffness and the bearing force 
have been plotted vs. the journal eccentricity. In Figure 13 the 
bearing stiffness have been plotted vs. journal eccentricity and
in Figure 14 the bearing force have been potted vs. journal
eccentricity.

Figure 13. Theoretical bearing stiffness vs. journal 
eccentricity.

Figure 14. Theoretical bearing force vs. journal 
eccentricity.

CONCLUSION
A method to investigate and measure the bearing properties

on hydro generator guide bearings has been presented in this
paper. The method is based on measurement of the apparent
strain in the bearing brackets and shaft displacement. Examples

of achieved results are shown using measurements of bearing
properties at a hydropower unit of 238 MVA. Theoretical
analysis of the bearing has been done as comparison to the
measured bearing stiffness. In the actual experiment the bearing 
clearance was dr  0.25 mm and the journal eccentricity 0.8-
0.9. Comparison between the theoretical value of the bearing
stiffness and the obtained value from measurement show good
agreements between the theoretical and the experimental
bearing stiffness.

The result from the on site experiment shows that the
method can be used to determine the bearing properties of 
tilting pad bearings operating in a certain load point. The load
point depends mainly on the magnitude of the static magnetic
pull force acting on the rotor. To this static load, the dynamic
force components shall be added to obtain the total force acting
on the bearing. The dynamic forces component depends of 
unbalance forces and the dynamic magnetic pull force. The
variation of bearing temperature has also an influence on the
bearing properties. This is due to the effect of the clearance 
between the pads and the shaft. 

The load dependency of the bearing can be investigated by
varying the magnitude of the dynamic load. It is thereby
possible to obtain the load dependency of the bearing by
changing the dynamic forces acting on the bearing. The
dependency of the bearing temperature on the properties can 
also be investigated by changing the temperature in the bearing. 

The bearing stiffness and damping have been determined
from on site measured data  and plotted in polar plots for the
generator bearing at a 238 MVA unit. It is thereby possible to
evaluate the directional difference in stiffness and damping.
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ABSTRACT
In 2005 a vertical 42 MW hydropower unit was 

upgraded in Sweden. One of the requirements was that 
the dynamic behaviour of the machine should not be 
affected. Resonance problems became apparent after the 
hydropower unit was re-commissioned and, in order to 
remedy this, new measurements and calculations were 
undertaken. While measuring, the machine went into 
resonance twice. During normal operation the shaft 
displacement showed high amplitudes at a frequency of 
twice the machine’s nominal speed. At resonance the 
displacement amplitude increased and a dominant 
frequency occurred at ~2.4x nominal speed. To explain 
the reason for the resonances, new rotor dynamic 
calculations were performed using non-isotropic bearing 
and bracket properties. This model showed good 
correlation between calculated and measured values for 
the lowest eigenfrequencies. Probable explanations for 
the resonance are shape deviation in the generator, 
misalignment of the shaft and low damping of some 
critical eigenfrequencies close to twice the nominal 
speed.

INTRODUCTION
In 2005 a scheduled upgrade was performed on a 

hydropower unit constructed in the mid-1950s. The 
upgrade included the fitting of a new turbine guide 

bearing, modified runner, modified turbine regulator and 
a new brushless exciter. Rotordynamic calculations on 
the new geometry were performed using standard 
industry methods before the upgrade. The numerical 
results indicated that the upgrade should not affect the 
machine’s dynamic behaviour. During commissioning the 
machine showed no sign of instability. Resonance 
problems became apparent however shortly after it was 
fully commissioned. These problems continued and the 
machine began to resonate on a number of occasions. 
When the machine was commissioned in the 1950s it had 
problems related to high vibration levels. Its twin unit 
also exhibited the same behaviour. At the end of 1950s a 
fourth guide bearing was installed between the lower 
generator bearing and the turbine guide bearing. The 
effect of the extra bearing was less than expected and the 
vibration problems continued. In order to remedy the 
vibration problems the temperature in the turbine guide 
bearing was increased, thus reducing the risk of 
resonance.

Only a few papers regarding rotor-dynamic 
modelling and measurements on hydropower systems 
have been presented. In “Hofstad (2004)” some 
alternative rotor-dynamic modelling methods were 
discussed for hydropower units. “Karlsson (2005)” 
studied dynamic behaviour in hydropower rotors due to 
the influence of generator shape and fluid dynamics. The 
magnetic pull force in the generator has an evident affect 
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on a hydropower unit’s dynamic behaviour. “Behrend 
(1900)”, “Grey (1926)” and “Robinsson (1943)” 
suggested linear equations for calculations of magnetic 
eccentricity up to 10% of the average air gap. 
“Gustavsson (2004)” studied the magnetic pull influence 
on the stability of rotors eccentrically displaced in the 
generator bore. A non-linear model of magnetic pull was 
also used in “Gustavsson (2005)” to study how magnetic 
pull influenced stability. 

 A non-uniform air gap caused radial forces in the 
radial guide bearings. The load on the bearings affected 
the bearings stiffness and damping. “Someya (1988)” 
compiled results from numerous experimental 
evaluations on journal bearings. Typical bearings for 
vertical hydropower units were not included in these 
experimental evaluations. Tilting-pad bearings in 
Swedish hydropower units consist of 8 – 24 pads, and in 
extreme cases up to 48 pads.  “Gustavsson (2003)” 
presented a method to measure bearing loads and later 
“Gustavsson (2003)” presented a method to determine 
stiffness and damping from the measured bearing loads. 
According to “Ong (2001)” and “Bonnett (1992)”,
almost 40% of the failures in large electrical machines 
are related to bearing failures.  

Due to the resonance problems there was a need to 
further investigate the machines dynamic properties. 
Measurements and new calculations were performed 
during 2007. During the measurements the machine was 
intentionally put into a state that increased the probability 
of unstable behaviour. The adjacent hydropower unit that 
shares the tailrace tunnel was regulated up and down in 
effect, causing surge to occur in the tailrace tunnel. In 
less than an hour the machine went in to resonance. 

NOMENCLATURE 
dr  = Nominal speed (r/min) 
n  = Natural frequency (r/min) 

f(t) = Load vector (N) 
KM = Magnetic pull (N/m) 
G = Gyroscopic matrix 
C = Damping matrix 
K = Stiffness matrix 

 = Eigenvalues 
 = Damping ratio 

u = Eccentricity 
UGB = Upper generator bearing 
LGB = Lower generator bearing 
TGB = Turbine guide bearing 
US = Upper shaft 
IS = Intermediate shaft 
TS = Turbine shaft 
KXX … KYY  = Bearing stiffness coefficients (N/m) 
CXX … CYY  = Bearing damping coefficients (Ns/m) 

MACHINE PROPERTIES 
Turbine type: Kaplan 
Nominal output:  42   MW 
Nominal speed ( dr): 167 r/min 
Head:  34   m
Mass runner: 65   metric tons 
Mass rotor: 197 metric tons 
Magnetic pull generator: 310 MN/m 

Radial Bearings 
Component:  UGB LGB TGB
Segments:  8  24 8  
Rotor diameter (mm):  550 1700 950 
Radial clearance (mm):  0.2 0.175 0.175 
Pivot type:  Rocker Rocker Ball 
Preload:  0 0 0.3 

Shaft
Component:  US IS TS
Length (mm):  3800 4570 6074 
Diameter (mm):  450 800 800 

MEASUREMENT SETUP 
The radial distance between shaft and bearing 

housing were measured at all three bearings in both the x 
and y directions (M1, M2 and M5). The distance between 
the upper and lower generator bearing, L1, is 3075 mm. 
The distance between the lower generator bearing and 
the turbine guide bearing, L2, is 7420 mm. The total 
length of the rotating structure is 16045 mm including 
the runner.  

Bending moment were measured at positions M3 and 
M4 on the shafts. Torque and axial load were also 
measured at position M4. Strain gauges were used to 
measure bending moment, torque and axial load.  

Figure 1. Schematic diagram showing the rotating 
components and measurement points. 

While these measurements were undertaken, 
pressure in the draft tube, pressure in the spiral casing 
and both the upper and lower water levels was 
monitored. Measurement data from the rotating system 
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was streamed via Bluetooth to the data acquisition 
equipment. 

MEASUREMENT RESULTS 
Measurements were taken during normal operation 

and during resonance. During normal operation the 
frequency characteristics of the shaft displacement 
contained high displacement amplitudes at 2 x dr,
Figure 2. 

Figure 2. Frequency characteristic of shaft 
displacement in bearing at normal operation 

When the operating environment of the machine was 
altered to increase the possibility of unstable behaviour, 
the machine began to resonate on two separate occasions. 
During resonance the amplitude of the shafts radial 
displacement increased in the bearings, Figure 3.

Figure 3. Displacement properties and change in 
oscillation frequency of the shaft vibration in turbine 
guide bearing during resonance 

During the time period 5 – 12 s in Figure 3 the 
amplitude increased in a controlled manner. When the 
time passes 12 s the amplitude increased rapidly and the 
machine tripped out at 16 s. The dominant frequency, 

shown by the green line in Figure 3, of the oscillations 
also increased during resonance. 

The frequency characteristics of the displacement in 
the turbine guide bearing are shown in Figure 4. Before 
resonance, clear peaks could be identified at 1 x dr and 
2 x dr. During resonance, the peak at 2 x dr increased 
in both amplitude and frequency. This caused high 
vibration levels which caused an automatic trip resulting 
in decreasing amplitudes of vibration. 

Figure 4.  Properties during resonance 

Measurement of bending moment and torsion was 
performed at the same time as shaft displacements were 
measured. 

NUMERICAL RESULTS 

Figure 5. Rotor geometry

As in all finite element calculations, the end result is 
implicitly dependent on how the various components in 
the mechanical structure have been represented. Within 
the Swedish hydropower industry there are a variety of 
different ideas regarding how bearings and their 
surrounding structures should be modelled in 
rotordynamic calculations. The natural frequency that is 
calculated depends on which bearing terms are included 
in the analyses and if the surrounding structure has been 
taken into consideration. The stiffness of the upper 
generator-bearing bracket in this machine is almost ten 
times weaker than the bearing’s oil film stiffness at 
normal bearing load. This implies that it is important to 
include the surrounding structures stiffness in the 
analyses. Stiffness of the generator-bearing bracket and 
turbine-bearing bracket are of the same order of 
magnitude as the bearing’s oil film stiffness at normal 
bearing load.
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Table 1 below summarises the calculations of the 
hydropower unit’s four lowest natural frequencies 
depending on how bearings and surrounding structures 
are represented in the calculations. Calculations of 
bearing properties and natural frequencies were 
performed in the commercial software RAPPID. The 
program solves the eigenvalue problem for the equation 
of motion (1). 

uKtfKuuCGuM M  (1) 

where f(t) is the time-dependent load vector and KM
is the magnetic pull force acting on the rotor. M is the 
mass matrix, G the gyroscopic matrix, C the damping 
matrix and K the stiffness matrix. By using a state vector 

TTT uux , equation (1) can be written in state space 
as

bAxx  (2) 
where
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Assuming a homogenous solution of the exponential 
form xh(t)=qe t and inserting this in Equation (2), then an 
eigenvalue problem is obtained as 

Aq = q, q  0 (5) 

where j are the eigenvalues and qj are the 
corresponding eigenvectors. The homogenous solution to 
equation (5) is 

N

j

t
jjh
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2

1
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The solution to equation (6) is real although there 
are complex quantities involved. From the analysis of the 
eigenvalues is it possible to study damping ratio, stability 
and the eigenfrequencies of the system. The complex 
eigenvalues j can be written as: 

j

j

iiiii

iiiii
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2
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where
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iii
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In equation (8) i is the undamped natural frequency 
of the iht mode and i is the modal damping ratio 
associated with the iht mode. If the damping ratio, , is 
less than 1 the damped natural frequencies can be 
obtained from the imaginary part of the eigenvalue  

21 iini
 (9) 

Machine properties described previously in this 
paper are used and the geometry of the rotor is described 
in Figure 5.  Calculation results for following four cases 
are presented in Table 1: 

Case 1:  Only the stiffness in the stiffest direction is 
included. Cross-coupled terms, damping and 
surrounding stiffness are not considered. 

Case 2: Direct stiffness and damping are included. 
Cross-coupled terms and the surrounding 
structure are not considered. 

Case 3: All bearing terms (i.e. KXX, KXY, KYX, KYY,
CXX, CXY, CYX, CYY) are included in the 
calculations. Surrounding stiffness is not 
considered.

Case 4: Includes all bearing terms and surrounding 
stiffness. 

Table 1. The four lowest natural frequencies at 
nominal speed and at 50kN bearing load 

Case 1 2.13 2.29 3.02 3.28 
Case 2 2.34 2.60 3.65 4.04 
Case 3 2.26 2.55 3.92 4.09 
Case 4 1.72 2.08 2.20 2.34 

There is a significant difference in the calculated 
results for Case 1-Case 4. In the remainder of this paper, 
all bearing terms and surrounding stiffness will be 
included in the calculations.  

A bearing’s stiffness and damping are dependent on 
the shaft’s position in the bearing and the load acting on 
the bearing. During normal operation of this machine, 
before resonance occurs, the bearing loads are moderate 
and the shaft eccentricity is small. Figures 6 and 7 
present calculated natural frequencies and stability when 
the load on each bearing is moderate, 30 kN, and the 
bearings are represented according to Case 4. 
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Figure 6. Natural frequency at 30 kN bearing load 

Figure 7. Stability at 30 kN bearing load 

At nominal speed there are several resonance 
frequencies close to 2 x dr. Furthermore, eigenmode 
M-3 has low damping at nominal speed. Eigenmode M-2 
is very close to 2 x dr. Fortunately this mode is highly 
damped. 

At resonance the machine becomes unstable and the 
bearing load increases, Figure 3. At “full resonance” the 
eccentricity and bearing load are high. In Figure 8, the 
natural frequencies close to 2 x dr are presented as a 
function of the bearing load. Normal operation 
corresponds to approximately 30-50 kN bearing load. 
While in resonance the bearing load is at least 100 kN.  

Figure 8. Natural frequencies as a function of bearing 
load at nominal speed  

Figure 9. Stability as a function of bearing load at 
nominal speed

The natural frequency of eigenmodes M-2 and M-4 
increases when the bearing load increases. The bearing 
load hardly affects the natural frequency for eigenmode 
M-1 and M-3. Increasing bearing load causes the 
damping of all four modes to decrease, Figure 9. The 
dashed red line in Figure 8 shows the measured natural 
frequencies at estimated bearing loads. The estimates are 
based on Figure 3.  

CONCLUSIONS
The correct modelling of bearing parameters is 

critical to achieving accurate results in rotor dynamics 
calculations. It has previously been standard practice 
within the hydropower branch to perform calculations 
using isotropic bearings without considering dampening 
or the stiffness of surrounding structures. The oil film 
stiffness for the bearing is almost ten times higher than 
for the upper generator bracket. Therefore, the stiffness 
of the bearing bracket is decisive for the system’s 
combined damping and stiffness. When all bearing 
parameters are modelled, and the stiffness of surrounding 
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structures is considered, the calculated results and 
measured results agree well with each other. 

The two main causes of the resonance problem at 
this hydropower unit are:  

- High displacement amplitudes at 2 x dr caused 
by shape deviations in generator and stator  

- Natural frequencies close to 2 x dr

The high displacement amplitudes at 2 x dr are 
caused mainly by shape deviations in rotor and stator and 
misaligned shafts. These high displacement amplitudes at 
2 x dr excite the highly-damped eigenmode (M-2) at 
approximately 2 x dr. The excitation causes the 
displacement amplitude to increase (i.e. the bearing load 
increases). Increased bearing load causes the natural 
frequency of eigenmode M-2 to increase and the 
damping to decrease. Decreased damping results in 
increased displacement amplitude, increased natural 
frequency and further decreased damping. The high 
damping of eigenmode M-2 results in this course of 
events proceeding in a relatively slow and controlled 
manner, see Figure 3 between the times of 4 – 12 s.  

Increased bearing load causes the natural frequency 
of eigenmode M-2 to increase but the increased bearing 
load has a negligible effect on the natural frequency of 
eigenmode M-3. At high bearing loads the natural 
frequencies for eigenmode M-2 and M-3 are very close. 
The course of events described above causes eigenmode 
M-2 to excite eigenmode M-3. Eigenmode M-3 has low 
damping and the displacement amplitude increased 
quickly, see the time period 12 – 14 s shown in Figure 3. 

In the preceding calculations the radial force was 
modelled symmetrically between the bearings. This is 
unlikely in reality but necessary as the true load 
distribution is currently unknown. New measurements 
are planned where the loads in all bearings will be 
measured. 

Bearing data calculated numerically is done in a 
static position corresponding to the balance point of the 
shaft due to bearing loads, see Figure 10. This is not the 
case in reality. The shaft’s eccentricity, u, in vertical 
hydropower units consists of two components, a static 
eccentricity component and a dynamic eccentricity 
component. The dynamic eccentricity caused by shape 
deviation in generator, misaligned shafts and excitations 
from turbine has not been considered in the calculations 
of the bearing coefficients.  

The good agreement between the calculated and 
measured resonance frequencies implies that the 
simplified method for calculations of bearing parameters 
used in this paper is sufficient in this case.  

Figure 10. Shaft eccentricity in guide bearing 
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ABSTRACT 
In 2005 a vertical 42 MW hydropower unit was upgraded in Sweden. The upgrade included the 
fitting of a new turbine guide bearing, a modified runner, a modified turbine regulator and a new 
brushless exciter. One of the requirements was that the dynamic behaviour of the machine should 
not be affected. In spite of the requirements, resonance problems became apparent after the 
hydropower unit was re-commissioned. Measurements from the re-commissioning showed poor 
alignment of the shaft system and shape deviations in the generator. The exchange of the turbine 
guide bearing from a sleeve bearing to a block bearing also caused changes in the machines 
dynamic behaviour. 
Measurements on the unit were conducted at normal operation and resonance. These show that at 
normal operation, the machine has dominant frequencies at the nominal speed and at twice the 
nominal speed. When the machine goes into resonance, the dominant frequencies increase to 
approx. 2.4 times the nominal speed. 

The machine will undergo a major overhaul in ten years. The objective is to find a solution of 
the resonance problem that is both inexpensive and possible to implement. The conclusion was 
drawn that the low damped eigenmode at 2.4 times the nominal speed had been excited and caused 
the machine to go into resonance. The unit’s dynamic sensitivity to different bearing settings was 
investigated numerically and with tests on site, i.e. bearing clearances were varied. The calculated 
result was verified against measured resonance frequencies. Agreement between the estimated and 
measured result was good. Other possible measures to rectify the resonance problems were also 
analyzed numerically. The effect of making the surrounding structures more rigid, the installation of 
additional guide bearings, making the shaft system more rigid, etc. were examined. A temporary 
solution, used for the last six months, is to operate the machine with larger bearing clearances on all 
bearings. Increased bearing clearance of the turbine guide bearing cause increased damping of the 
natural frequency at 2.4 times the nominal speed. No problems related to resonance have occurred 
at the hydropower unit during the last six months. 

Keywords: Rotordynamics; Hydropower; Resonance; Journal bearing 



24th Symposium on Hydraulic Machinery and Systems  
2

INTRODUCTION
In 2005 a vertical 42 MW hydropower unit was upgraded in Sweden. The upgrade 

included the fitting of a new turbine guide bearing, a modified runner, a modified turbine 
regulator and a new brushless exciter. Figure 1 presents a schematic figure of the rotating parts 
in the hydropower unit. One of the requirements was that the dynamic behaviour of the 
machine should not be affected. In spite of the requirements, resonance problems became 
apparent after the hydropower unit was re-commissioned. These problems continued and the 
machine began to resonate on a number of occasions. When the machine was commissioned 
in the 1950’s it also had problems related to high vibration levels.
The resonance problem is destructive for the machine and counter-productive. The cause of 
the resonance problem needs to be identified and solved. The machine will undergo a major 
overhaul in ten years and the objective was therefore to find a solution that was both 
inexpensive and possible to implement.  

Figure 1. Schematic figure showing the rotating parts in a hydropower unit. 

Only a few papers regarding rotordynamic modelling and measurements made on hydropower 
systems have been presented. In 2004 Hofstad [1] presented some alternative rotordynamic 
modelling methods for hydropower units. Hoftad also points out the importance of including 
bearings, seals and brackets in the rotordynamic analysis. The clearance of the bearings affects 
the bearing’s stiffness and damping. Someya [2] compiled results from numerous 
experimental evaluations on journal bearings. Typical bearings for vertical hydropower units 
were not included in these experimental evaluations. Tilting-pad bearings in Swedish 
hydropower units consist of 8 – 24 pads, and in extreme cases up to 48 pads. In 2003 
Gustavsson and Aidanpää [3] presented a method of measuring bearing loads and later 
Gustavsson et al. [4] presented a method for determining the stiffness and damping from the 
measured bearing loads. According to Ong et al. [5] and Bonnett et al. [6], almost 40% of the 
failures in large electrical machines are related to bearing failures. 

NOMENCLATURE     

dr Nominal speed [rpm]  Eigenvalues 
Rotational speed [rpm]   Damping ratio 

n Natural frequency [rpm] UGB Upper generator bearing 
f(t) Load vector [N] LGB Lower generator bearing 
KM Magnetic pull [N/m] TGB Turbine guide bearing 
G Gyroscopic matrix Cb Diametrical bearing clearance [mm]
C Damping matrix Kxx … Kyy Bearing stiffness coefficients [N/m] 
K Stiffness matrix Cxx … Cyy Bearing damping coefficients [Ns/m]
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MACHINE PROPERTIES 
Properties of the hydropower unit are shown in Table 1 and the properties of the three radial 
bearings are shown in Table 2. 

Table 1. General machine data 
General Data for hydropower unit 
Turbine type: Kaplan 
Nominal output:  42 MW 
Nominal speed ( dr): 167 rpm 
Head:  34 m 
Mass runner: 65 metric tons 
Mass rotor: 197 metric tons 
Magnetic pull generator: 310 MN/m 

Table 2. Properties of radial bearings 
Component:  UGB  LGB  TGB 
Segments:  8 24 8 
Rotor diameter [mm]:  550 1700 950 
Diametrical clearance [mm]:  0.4  0.35  0.3 – 0.6 
Pivot type:  Rocker  Rocker  Ball 
Preload:  0 0 0.3 

MEASUREMENT SETUP 
On two occasions, a series of on-site measurements were performed on the hydropower unit. 
The purpose of the measurements was to identify and explain the cause of the resonance 
problem. On each bearing, the radial distance between shaft and bearing housing were 
measured, in both the x- and y-directions. For these measurements, inductive sensors, 
Contrinex DW-AD-509-M12, were used. The vibrations of the bearing housings were also 
monitored at each bearing. The drawing in Figure 2 shows the position of the displacement 
sensors and accelerometers on the upper generator bearing.  

Figure 2. Drawing of upper generator bearing. Displacement sensors were installed at position D 
and accelerometers were installed at position A. 

Strain gauges were installed on the turbine shaft. The strain gauges were used to measure 
bending moment, torque and axial load. The measured data from the rotating system was 
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streamed to the data acquisition unit and all data was simultaneously sampled at 640 Hz. Anti-
aliasing filters, with a cut-off frequency of 200 Hz, were used in order to avoid aliasing. 

CALCULATION MODEL 
As in all finite element calculations, the end result is implicitly dependent on how the various 
components in the mechanical structure have been represented. Within the Swedish 
hydropower industry there are a variety of different ideas regarding how bearings and their 
surrounding structures should be modelled in rotor-dynamic calculations. The natural 
frequency that is calculated depends on which bearing terms are included in the analysis and if 
the surrounding structure has been taken into consideration. Components included in the rotor-
dynamic calculation performed in this paper were the rotating structure, bearings and bearing 
brackets.
The stiffness of the bearing brackets were calculated in the finite element software Abaqus. A 
prescribed load was applied to the housing, first in the x- then in the y-direction. The 
displacement of the bearing housing was calculated in each direction, and from the applied 
load and the calculated displacement, the stiffness of the bearing brackets was calculated. 

Figure 3. Schematic figure of radial tilting pad bearing 

Bearing properties for the three tilting-pad bearings were calculated in the “Journal bearing 
analysis” module in the rotor-dynamic analysis software Rappid. The solver is Navier-Stokes 
based and determines the journal’s operating position from a prescribed load, or solves the 
reaction load from a prescribed journal position. The calculations in this case were performed 
at a fixed prescribed load. The load, rotational speed, geometry of the bearing and properties 
of the lubricant determine the dynamic properties of the journal bearing. Figure 3 presents a 
schematic figure of a radial tilting pad bearing. Terms from the bearing calculations included 
in the rotor-dynamic calculations were the stiffness and damping terms, i.e. Kxx, Kxy, Kyx, Kyy,
Cxx, Cxy, Cyx and Cyy.

Figure 4. Rotor geometry 

Calculations of the hydropower unit’s natural frequencies were also performed in the 
software RAPPID. In the software, the rotor geometry is built up with discrete numbers of 
beam elements and connected nodes, see Figure 4. The program solves the eigenvalue 
problem for the equation of motion(1), The equations below describe a method of solving the 
eigenvalue problem. 

uKfKuuCGuM Mt  (1) 
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where f(t) is the time-dependent load vector and KM is the magnetic pull force acting on the 
rotor. M is the mass matrix, G is the gyroscopic matrix, C the damping matrix and K the 
stiffness matrix. By using a state vector TTT uux , equation (1) can be written in state 
space as 

bAxx  (2) 

where

CGMKKM
I0

A 1
M

1 (3)

and

tfM
0

b 1   (4) 

Assuming a homogenous solution of the exponential form xh(t)=qe t and inserting this in 
Equation (2), then an eigenvalue problem is obtained as 

Aq = q, q  0  (5) 

where i are the eigenvalues and qj are the corresponding eigenvectors. From the analysis 
of the eigenvalues is it possible to study the damping ratio, stability and the eigenfrequencies 
of the system. The complex eigenvalues i can be written as: 
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In equation (7) i is the undamped natural frequency of the iht mode and i is the modal 
damping ratio associated with the iht mode. If the damping ratio, , is less than 1, the damped 
natural frequencies can be obtained from the imaginary part of the eigenvalue. 

RESULTS FROM THE MEASUREMENTS 
During the first series of measurements it was possible to force the hydropower unit into 
resonance by regulating the effect of the adjacent unit that shares the tailrace tunnel, up and 
down. During resonance, the amplitude of the shaft’s radial displacement increased at the 
bearings, Figure 5. During the time period 5 – 12 s in Figure 5, the amplitude increased in a 
controlled manner. When the time passed 12 s, the amplitude increased rapidly and the 
machine tripped out at 16 s. The dominant frequency, shown by the red line in Figure 5, also 
increased during resonance. 
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Figure 5. Displacement in the turbine guide bearing and change in dominant frequency ratio at 
twice the nominal speed. 

Before resonance, with normal operation, the dominant frequencies were at 1 x dr and 2 x 
dr, Figure 6. When the machine went into resonance, the dominant frequencies increase to 

2.4 x dr.

Figure 6. Properties during resonance 

During the second series of measurements, it was not possible to force the unit into resonance. 
The output power from the adjacent hydropower unit was regulated in the same manner as in 
the first series of measurements. This procedure continued for approximately three hours, but 
no sign of resonant behaviour occurred. Properties such as the up stream and down stream 
water level and output power were the same as those measured on the previous occasion. One 
obvious difference between the first and second occasions was the bearing clearance, on the 
first occasion the diametrical clearance of the turbine guide bearing was normal, 0.35 mm but 
on the second occasion, the clearance was larger, 0.6 mm. Results from the measurements on 
the second occasion are shown in Figure 7. Radial displacements are large but no increase in 
amplitude occurs. 
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Figure 7. Displacement in the turbine guide bearing 

NUMERICAL RESULTS 
The stiffness of the bearing brackets was calculated in FE-software Abaqus. The stiffness of 
the upper generator bracket was 180 MN/m in the weaker direction and 210 MN/m in the 
stiffer direction. For the lower generator bracket, the stiffness was 3700 MN/m, and 2500 
MN/m for the turbine bracket (in both directions). The calculated stiffness of the bearing 
brackets was confirmed by measurements performed on site. Figure 8 below shows the 
geometry of the bearing brackets. 

Figure 8. Geometry of the hydropower unit. The pink components are the bearing brackets.  

The bearing properties were calculated for rotational speeds from 10 to 400 rpm. The 
calculations were performed at a prescribed load of 30 kN, for all bearing calculations. 
According to performed measurements, a 30 kN bearing load corresponds to a normal bearing 
load at each bearing for this machine during normal operation. 
The stiffness and damping in the turbine guide bearing are strongly dependent on the 
clearance of the bearing. Tables 3 and 4 present calculated stiffness and damping in the turbine 
guide bearing for diametrical bearing clearances between 0.3 and 0.6 mm . The bearing 
properties in Tables 3 and 4 are calculated at a nominal speed and with a 30 kN bearing load. 
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Table 3. Stiffness [MN/m] in the turbine guide bearing as a function of diametrical bearing 
clearance [mm].
Cb Kxx Kxy Kyx Kyy

0.3 879.1 -2.8 2.3 663.9 
0.35 701.6 -2.1 1.9 456.9 
0.4 608.4 -1.4 1.8 338.6 
0.5 529.1 0.1 2.5 214.7 
0.6 503.7 2.0 3.9 152.1 

 Table 4. Damping [MNs/m] in the turbine guide bearing as a function of diametrical bearing 
clearance [mm]. 

Cb Cxx Cxy Cyx Cyy

0.3 33.59 0.03 -0.06 26.66 
0.35 25.81 0.02 -0.04 18.09 
0.4 21.49 0.02 -0.03 13.17 
0.5 17.20 0.03 0.00 8.049 
0.6 15.16 0.05 0.03 5.503 

The unit’s dynamic sensitivity at different bearing settings was calculated, i.e. the bearing 
clearance of the turbine guide bearing was varied. The bearing clearances at the upper and 
lower generator guide bearings have significantly less effect on the machine’s natural 
frequencies. Figures 9 present the natural frequency and stability of the machine with a normal 
diametrical bearing clearance (0.35 mm). 

Figure 9. Calculated natural frequencies and stability of the machine with normal bearing 
clearance.

At nominal speed there are several resonance frequencies close to 2 x dr. Furthermore, one of 
the eigenmodes close to 2 x dr has low damping at nominal speed (the red curve in Figure 9). 
When the clearance of the turbine guide bearing was increased, the dynamic properties of the 
machine changed.   

Figures 10 show the unit's four lowest damped natural frequencies, and its stability, as a 
function of the turbine guide bearing clearance (at nominal speed). The turbine guide bearing 
clearance during the first series of measurements was 0.35 mm. On the second occasion, the 
bearing clearance was 0.6 mm.  
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Figure 10. The effect on natural frequencies and stability of the turbine guide bearing clearance 
(at nominal speed). 

When the clearance of the turbine guide bearing is increased, the natural frequencies 
decrease slightly for all modes in Figure 10. For three out of the four modes in figure 10, the 
stability increases noticeably. The stability of the red curve increases from 6% at 0.3 mm 
bearing clearance to 18% at 0.6 mm bearing clearance. 

CONCLUSIONS 
The conclusion has been drawn that resonance frequencies close to 2 x dr at nominal 

speed and with high excitation of 2 x dr, are the cause of the resonance problem. These 
characteristics give rise to high excitation energy in the frequency range at 2 x dr and the 
increased vibration levels close to 2 x dr cause the excitation of the low damped resonance 
frequency at approximately 2.4 x dr. Excitation of the low damped resonance frequency at 
2.4 x dr causes an uncontrolled growth of displacement amplitude and the machine has to be 
shut down. In a previous paper [7] Nässelqvist presented a more detailed description the 
machines behavior during resonance. 
Possible measures to rectify the resonance problems were analyzed numerically. The objective 
was to find a solution that was both inexpensive and possible to implement. The effect of 
making the surrounding structures more rigid, the installation of additional guide bearings, 
making the shaft system more rigid, etc. were examined. Since there are several natural 
frequencies close to twice the machine’s operating speed, it is difficult to find a simple 
measure to resolve the problem of resonance. By replacing the intermediate shaft with a stiffer 
shaft, it is possible to displace the modes close to 2 x dr and thereby reduce the probability of 
the resonance problem occurring. This measure is however very expensive. The most cost 
effective measure was to increase the bearing clearance of the turbine guide bearing. This 
measure increases the margin of the critical natural frequencies at 2 x dr and increases the 
damping of the lowest damped mode, see Figure 10. But excessive bearing clearance can also 
cause damage to seals and, in the worst case, contact between the turbine and the turbine 
chamber wall. The machine is currently operating with a larger bearing clearance and has no 
problems related to resonance. However, the large bearing clearance results in high 
displacement amplitudes when starting up. 

ACKNOWLEDGEMENTS 
The research presented in this paper was carried out as a part of "Swedish Hydropower Centre 
- SVC". SVC was established by the Swedish Energy Agency, Elforsk and Svenska Kraftnät 
together with Luleå University of Technology, The Royal Institute of Technology, Chalmers 
University of Technology and Uppsala University. 



24th Symposium on Hydraulic Machinery and Systems  
10

REFERENCES 
[1]  HOFSTAD, Å. June 29-July 2, 2004, Rotordynamic behaviour of hydro-power units,
22nd IAHR Symposium on Hydraulic Machinery and Systems, Stockholm, Sweden. 

[2]  SOMEYA, T. 1988. Journal-bearing databook. Springer verlag Berlin, ISBN 0-387-
17074-X,

[3]  GUATAVSSON, R. K. and AIDANPÄÄ J-O. Measurement of Bearing Load Using 
Strain Gauges at Hydropower Unit. Hydro Review, Vol 11, Number 5, pp 30-36. 

[4]  GUSTAVSSON, R. K., LUNDSTRÖM, M. L. and AIDANPÄÄ J-O. April 5-7, 2005, 
Determination of Journal Bearing Stiffness and Damping at Hydropower Generators Using 
Strain Gauges. Proceeding of PWR2005, ASME Power, pp 933-940, Chicago, Illinois, USA,  

[5]  ONG R., DYMOND J. H., FINDLAY R. D., SZABADOS B. July/August 2001, Shaft
Current in AC Induction Machine – An Online Monitoring System and Prediction Rules. IEEE 
Transaction on Industry applications, Vol. 37, No. 4. 

[6]  BONETT A., SOUPKUP G. C. July/Aug. 1992, Cause and analysis of stator and rotor 
failures in three-phase squirrel-cage induction motors. IEEE Trans. Ind. Applicat., Vol. 28, 
pp. 921-936.

[7]  NÄSSELQVIST, M, GUSTAVSSON, R and AIDANPÄÄ, J-O, 2008, Case Study of 
Resonance Phenomena in a Vertical Hydropower Unit. The 12th of International Symposium 
on Transport Phenomena and Dynamics of Rotating Machinery, Honolulu, Hawaii. 



PAPER D 

Bearing Load Measurement in a Hydropower Unit Using  
Cylindrical Strain Gauges Installed Inside Pivot Pins 





Bearing load measurement in a hydropower unit using
cylindrical strain gauges installed inside pivot pins

Mattias Nässelqvist1; Rolf Gustavsson2 and Jan-Olov Aidanpää3

Abstract: To determine a machine’s mechanical condition it is of importance to know the radial bearing forces in the machine. 
Radial forces are caused by magnetic pull forces, clamped shafts, mass unbalance, shape deviations in the generator and flow 
properties around the turbine.  
 Measuring the shaft displacement in the bearing or the bearing housing acceleration is not sufficient for status determination
of a vertical hydropower unit. It is the magnitude and frequencies of the radial forces in combination with structure properties
which give information as to whether a measured value is harmful or not. This paper presents an alternative method for 
measurement of radial bearing load in a hydropower unit. Measurements were performed on a 42MW Kaplan unit equipped 
with three radial tilting pad bearings. The method presented in this paper is based on strain measurements on pivot pins. The 
pivot pins are placed behind the bearing pad and the radial loads acting on the pad propagate through the pivot pin. New pivot 
pins for all the bearings on the unit, in total 40 new pivot pins’, were purchased, modified and equipped with strain gauges. The
new pivot pins were calibrated and a transfer function between applied load and measured output voltage from the amplifier, 
within the range of 0 to 100 kN, was identified for each pivot pin. After calibration the pivot pins were installed in the vertical
hydropower unit. 

Keywords: Bearing load; Hydropower; Load measurement 

Introduction 

Almost 40 % of  failures in electrical machines can be related 
to bearing failures (Ong 2001; Bonnett 1992). High radial 
forces are likely to cause bearing damage or machine 
failures, with economical losses as a consequence [ref]. 
Knowing the radial forces that act on the machine provides a 
good means of determining the machine’s condition and can 
provide reliable condition monitoring. In a machine, it is the 
magnitude and frequency of the forces acting on the rotor 
and surrounding structure, not the shaft and housing 
displacement amplitudes, which degenerate the machine. 
Unfortunately, condition monitoring on hydropower units 
(HPU) is often focused on absolute levels of shaft 
displacement and housing acceleration, excluding its relation 
to load (Swedish Standards Institute 2000; Swedish 
Standards Institute 2005). Radial bearing loads acting on a 
vertical HPU are both static and dynamic. Static loads are 
caused by unbalance magnetic pull due to eccentric rotor 
position in the stator (Gustavsson 2004), clamped shaft due 
to poor bearing alignment and unsymmetrical flow properties 
in the turbine. Dynamic loads are generated from rotor 
unbalance, shape deviations in generator (Lundström 2008), 
and turbulent flow in the turbine (Wang 2006; Peng 2009). 
 If the machine is equipped with a vibration monitoring 
system that only monitors bearing housing acceleration, it 
is not possible to monitor the static loads acting on the 
machine, and estimation of the amplitudes of the dynamic 
loads from the measured acceleration entails knowing the 
stiffness of the bearing brackets and its interconnections.  
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Condition monitoring systems using only shaft displacement 
sensors also have their difficulties. It is possible to estimate 
both static and dynamic loads if the stiffness and damping 
are known as a function of shaft eccentricity, at the current 
bearing clearance (Someya 1989). The bearing bracket in 
HPUs often consist of large steel beam constructions, the 
geometry of which changes with temperature changes, as 
the generator temperature varies from between 
approximately 15 and 80 C. The thermal expansion of the 
beams influences the bearing clearances, which changes the 
relation between bearing properties and radial displacement.  
 Measurement of bearing loads in industrial applications 
has been performed previously. A method using load cells 
installed behind the bearing pad has been applied by in 
marine applications (Grant 1980) and the method is also 
being used in an ongoing project involving measurements 
on a vertical hydropower unit (Cervantes 2008). Bearing 
loads in hydropower units have also been measured using 
strain gauges installed on the structure supporting the 
bearing housing (Gustavsson 2003). Which method that is 
the more suitable of these two methods depends on the 
scope and prerequisites of the measurement. The advantage 
of using commercial load cells placed behind bearing pads 
is that it is possible to choose a suitable load range for the 
sensor. The disadvantage is that a load cell placed behind a 
bearing pad generally causes a reduction in total radial 
stiffness. Measurements performed with strain gauges 
installed on the pedestal generally show high temperature 
sensitivity and low strains at normal bearing loads and may 
also be affected by electrical noise. The structures are, in 
general, stiff structures built for high radial loads. Large 
steel beams are commonly used as construction parts in the 
pedestals, see Figure 1. The thermal expansion is therefore 
high in relation to the strains that the radial loads cause. 



Figure 1. Schematic depiction of a hydropower unit.

The advantage with the method using strain gauges installed 
on the pedestal is that no operations inside the bearing are 
needed and the properties of the machine are not changed. 
This method is therefore well suited to measurements 
performed on machines that are still under warranty from the 
manufacturer, i.e. no operations inside the machine are 
allowed.  

The reason why the method presented in this paper has been 
developed is the need for a method that measures radial 
bearing loads with high accuracy, given the high strain from 
applied load during normal operation in relation to the strain 
caused by thermal expansion. However, the total stiffness of 
the structure needs to be unaffected to avoid changes in the 
machine’s dynamic properties.  
 Measuring the radial bearing loads in combination with 
measured shaft displacement and the phase between load and 
displacement provides opportunities for calculating bearing 
parameters such as stiffness and damping (San Andrés 2005; 
Gustavsson 2005).  

Bearing configuration 

The machine on which the measurements were performed is 
equipped with three hydrodynamic radial tilting pad 
bearings in the form of a upper generator guide bearing 
(UGB), a lower generator guide bearing (LGB) and a 
turbine guide bearing (TGB), see Figure 1. Load 
measurements were performed in all three bearings 
simultaneously. The pads of the generator guide bearings 
(GGB), upper and lower, have a total arc length close to 
350 , i.e. there is a small circumferential gap between the 
pads. The pads in the GGBs have also almost the same pad 
length as arc length. Bearings with pads with these 
properties are frequently used in Swedish hydropower units. 
The TGB is a new type of tilting pad bearing design only 
used in a few HPUs in Sweden. The TGB has a large 
circumferential gap between the pads and a significantly 
smaller arc - pad length relationship than the GGBs. In 
Table 1 the bearing properties are presented and Figure 2 
show the components of the bearings. 

Table 1. Properties for generator guide bearings and turbine guide bearing. 
n Cb (mm) D (mm) Op mp L (mm)  (deg) Pivot Type Oil Type 

UGB 8 0.5 550 0.6 0 240 44 Rocker ISO VG 68 

LGB 24 0.6 1700 0.6 0 200 14.5 Rocker ISO VG 68 

TGB 8 0.55 950 0.6 0.2 150 30 Ball ISO VG 68 

Method  

Radial bearings of tilting pad type in hydropower units consist 
of bearing pads, pivot pins (PP) and shims or wedges, see 
Figure 2. When the machine rotates, a pressure is built up 
between the pad and the journal, the function of the pivot pins 
being to allow the pad to tilt into an equilibrium position 
caused by the pressure distribution on the pad. To change the 
clearance in bearings of the type used for the GGBs, the shims 
are replaced by a different shim thickness. The shims are 
placed between the pad and the pivot pin. To change shims, 
the pad must be removed from the bearing housing. In most of 
the newer types of bearings, including the bearing in the TGB, 
a wedge is placed between the pivot pin and the housing. To 
adjust the clearance, the vertical position of the wedge is 
adjusted, a  procedure that can be performed without removing 
the pad.  
 The majority of the radial guide bearings installed in 
Swedish HPU are of the GGB type. Recently, some bearings 
more like the TGB have been installed in Swedish HPUs.   

Figure 2.Components in turbine guide bearing and 
generator guide bearing 



Bearing load measurement 

By installing strain gauges (SGs) inside or on the side of the 
pivot pins it is possible to measure the strains in the pivot pins 
caused by the radial load acting on the bearing. From the 
measured strain it is possible to determine the radial load 
acting in the pivot pin, i.e. the load acting on the bearing pad.  

Prototypes

To develop a method that determines the load acting on the 
PP, prototypes equipped with SGs were made . The aim with 
the prototypes was to find a SG installation in the PP that gave 
the highest possible measured strain in relation to the applied 
load, but still had  low hysteresis. Figure 3 shows a schematic 
depiction of a modified PP and one of the PP prototypes.  

Figure 3. Schematic depiction of a modified pivot pin and 
one of the prototype pivot pins 

Different installation positions for different SGs were 
evaluated on the prototype PPs. Installations were performed 
with SGs on the side, position SG1 in Figure 3, and underneath 
the PP, position SG2 in Figure 3. Finally installation of SG 
inside the PP, position SG3 in Figure 3, was tried. For 
installations with the SGs on the side and underneath the PP, a 
regular XY strain gauge from HBM (HBM K-XY31-3/350) 
was used in different bridge configurations. For the method 
using SG installed inside the PP, a small hole was drilled from 
underneath the PP and through two-thirds of the PP’s 
thickness. To determine the behavior of the installed SG the 

prototype PPs were loaded axially from 0 kN  to 100 kN and 
back to 0 kN, in steps of 10 kN. The strain was measured 
during the on and off loading.  
 The last method, SG installed inside the PP, gave the 
lowest hysteresis and the highest measured strain in relation 
to applied load. The SG used in the last method is made by 
Kyowa and is type KFG-3-120. KFG-3-120 is normally used 
for bolt pre-load measurements. Table 2 presents the 
properties of SG3.

Table 2. Properties off Kyowa KFG-3-120

Kyowa KFG-3-120-C20-11 

Gauge length 3 mm 

Resistance 120.4 ± 0.4 

Gauge factor 2.0 ± 1 % 

Diameter 2 mm 

For the load measurements on the HPU, the last method using 
SG3 was chosen. In the prototype measurements and in the 
measurements on the HPU the SG3 was configured in a 
Wheatstone quarter-bridge configuration using a single active 
SG, see Figure 4. The supply voltage, V+ and V- to the bridge 
was 4.2V and –4.2V respectively. To determine the strain the 
voltage difference between S+ and S- was measured and 
amplified in the amplifier. The amplification factor of the 
amplifier was set at 200 Strain/V and the output voltage 
from the amplifier was acquired  in the data acquisition unit 
(DAQ). The amplifiers used for the measurements were made 
by Vattenfall Research and Development AB and the DAQs 
used were 8 x NI SCXI-1140. The measured data were 
sampled at 640 Hz simultaneously on all channels and 4th

order anti-aliasing filters with a cut off frequency of 200 Hz 
were used. 

Figure 4. Schematic diagram  of the measurement setup

Applying the method on the machine 

To install the load measurement system in the HPU all the 
PPs had to be replaced. For all three guide bearings, a total of 
40 new PPs were purchased and modified by the 
manufacturers of the bearings. A hole was drilled in the 
centre of each PP and small tracks were milled for the wire 
installation, see Figure 5. To determine the relationship 
between applied load and measured strain each PP was 
calibrated individually. 



Figure 5. Modified pivot pins for turbine guide bearing (a) 
and generator guide bearing (b).

Calibration

Each PP was loaded to 100kN and back to 0 kN in steps of 10 
kN. During loading the measured output voltage VPPi from the 
amplifier and applied load were registered for each PP. From 
the measured voltage and the applied load a second order 
calibration polynomial was determined for each PP. Equation 
(1) presents the relationship determined between applied load 
and measured voltage.  
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where fi is the load acting on PP i and k1 … k3 are constants. 
Figure 6 presents the applied load as a function of measured 
voltage for the PPs in the LGB. The PPs used in the TGB are 
of more rigid construction and showed a lower strain in 
relation to applied load.  

Figure 6. Calibration of pivot pins. The line represents the 
average voltage of the 24 PPs during loading and the dashed 
line corresponds to off-loading. The box-and-whisker 
diagrams illustrate the spread of the measured data in the PPs.

Installation

After the PPs had been modified and calibrated, the PPs were 
installed in the HPU. Installing the PPs in the LGB was time 
consuming. The LGB consists of 24 bearing pads, the space 
between the generator and the thrust bearing is small and the 
bearing clearance adjustment procedure was elaborate, se 

Figure 7. Between the SG and the amplifier is also a wire, 
there for must all PPs be locked from rotation. The PPs were 
also exposed to heat and oil inside the bearing, so the wires, 
strain gauges and adhesive had to be resistant to oil and heat. 
Total time for installation and measurements was 
approximately 10 working days for 5 persons.   

Figur 7. Installation of modified pivot pin in lower 
generator bearing (a) and turbine guide bearing (b)

Sensors for measurement of shaft displacement, bearing 
housing acceleration, rotational speed and generated power 
were also installed. The displacement sensors were installed 
in all three bearings and measured the shaft displacement 
relative to the bearing housing in directions +X,+Y,-X,-Y.  

Calculation of total radial load in bearing 

The loads acting on the bearings were determined from the 
measured voltage output from the strain gauge amplifiers and 
the calibration polynomials. The load acting on each PP was 
determined. From the measured loads in the PPs, the total 
force in X and Y directions are determined by summating the 
calculated force in each PP with respect to the installation 
angle. See Equation (2). 
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Where fx and fy are the forces acting in the X and Y directions, 
i is the installation angle of PP i related to upstream river 

direction (+Y) and n is the number of bearing pads, i.e. 
number of PPs. All three bearings that these measurements 
were performed on are symmetrical with respect to the pad 
layout. In the calculation of the total bearing force it was 
assumed that the thermal influence was the equal for all PPs. 
Symmetrical bearing layout and equal thermal influence on the 
PPs lead to elimination of the thermal effect on the total 
bearing load.  

Simulation of radial load in bearing 

To get an indicator of whether the measured load levels are of 
right order of magnitude, the results were compared with 
radial bearing loads calculated from measured radial shaft 
displacement and bearing parameters. Bearing load can be 
estimated from measured shaft eccentricity multiplied by   
bearing stiffness calculated from simulations in commercial 
software. In bearing dynamics software it is possible to 
calculate radial bearing load at a prescribed bearing clearance 
and journal eccentricity. After installation of the new PPs the 
bearing clearances were measured and the current bearing 
clearance had to be known to achieve the correct relation 
between shaft eccentricity and bearing stiffness. Eccentricity 
is defined as the radial displacement divided by the radial 
bearing clearance. The results from the bearing load 
simulations are approximated to an exponential load-
eccentricity function, Equation (3). The radial loads are 
calculated by inserting the eccentricity vector in the equation. 

)()( tkeektF    (3) 

where k and ke are constants,  is the time dependent radial 
eccentricity vector and F  is the calculated radial force vector. 
How well the approximated function corresponds to the 
simulated values is determined by the mean square value,the 
R2 value. A value of R2 = 1corresponds to a perfect match 
between the simulated values and the approximated function. 
In the above calculation the damping and cross-coupled 
stiffness terms are excluded. In tilting pad bearings the cross 
coupling terms are significantly smaller than the direct terms 
(Someya 1989). 

Results from load measurement 

Measurements were performed for several different operating  
modes. Figures 8 to 10 below present the results from the 
measurements performed on the unit during start-up and power 
ramp-up. Figure 8 presents the power output and the rotation 
speed. The power output and rotation speed are normalized. 
Rotation speed 1 corresponds to synchronous speed, 167 rpm, 
and normalized power 1 corresponds to 38 MW (90% of 
maximum power). From time 0 to time 60 sec the power is 
zero and the rotation speed of the machine increases. At 
approximately 80% of nominal speed, at time 40 sec, the 
generator is magnetized, still with 0 MW power output and not 
connected to the grid. At approximately 66 sec the machine is 
connected to the grid. From time 66 sec  to  time 170 sec the 
power increases  to 38 MW.   

Figure 8. Normalized power output (solid line) and 
rotational speed (dashed line) 

Figure 9 presents the displacements and loads in the LGB 
during start up and power ramp-up of the machine. Figure 9a 
presents the magnitude of the radial displacement of the shaft 
in the LGB. Figure 9b presents the measured radial load 
acting on the LGB. Figure 9 only covers the dynamic part of 
the radial displacement and load.   

Figure 9. Dynamic radial displacement and bearing load  
in lower generator bearing 

Figures 9 show that the displacement and the load have the 
same characteristics during start-up and power ramp-up. The 
radial load and displacement increase when the generator is 
magnetized.  
 Figure 10a below presents the loads in all three radial 
bearings when the machine is operating at a good efficiency 
rate, the measurement being performed at a constant 30 MW 
power output. The radial loads in the turbine are low. At 0 
MW power output the radial loads in the turbine are 
significantly higher, see Figure 10b. The loads in the other 
two bearings are slightly lower at 0 MW power output than at 
30 MW. 



Figure 10. Measured loads in UGB (left), LGB (middle) and TGB (right). The upper three figures were measured at 
30MW power output and the lower three at 0MW power output

To check that the measured load levels in the LGB were of 
right order of magnitude, the radial bearing loads were 
calculated from bearing load simulations and shaft eccentricity 
measurements. Figure 11 presents the results from the bearing 
simulations and the relationship between prescribed 
eccentricity and bearing load for the LGB. 

Figure 11. Radial bearing load as a function of eccentricity, 
in lower generator bearing. 

The coefficients for Equation 3 were determined for the 
eccentricity range of 15 to 73%, k = 3.98, ke = 13.93 and R2  = 
0.99. Measured eccentricities during start up and power 
ramp-up were inserted in Equation 3. Figure 12 presents the 
load calculated from bearing simulation and measured 
displacement.  

Figure 12. Load calculated from shaft displacement and 
the load-eccentricity function. 

Installation costs 

Installing SGs in PPs and then installing the PPs in a HPU is 
expensive unless a change of bearing pads is already planned. 
The time needed for installation depends on the construction 
of the bearing. If the unit is equipped with shims for bearing 
clearance adjustment, installing PPs and adjusting to correct 
bearing clearance is time consuming. If the unit is equipped 
with wedges behind the pivot pin, PP installation and bearing 
clearance adjustment are significantly faster. However, the 
disassembly of the bearing housing and the modification of 
components to allow wiring between PPs and amplifier are 
still time consuming. 
The component costs for the load measurement method are 
low, except for the amplifiers and the DAQ, although these 
can be reused. Kyowa’s KFG-3-120 costs approximately 10 
USD each and making a PP costs between 100 and 500 USD. 



An SG installation specialist is needed for installing SGs in the 
PPs.
 Depending on how complicated the bearing construction is, 
the installation time for this bearing load measurement method 
should be between 5 – 10 working days for 2 – 5 mechanics. 
The largest cost for this measurement method is therefore the 
man-hours and possible production losses. 

Discussion 

Calculating the bearing load from journal eccentricity and 
bearing simulations involves calculations of bearing properties 
and knowledge of current bearing clearance. The bearing 
clearance changes with thermal changes in the housing and 
surrounding structure, which complicates the use of this 
method to determine bearing load. In the LGB in this HPU the 
bearing clearance decreased almost 20% between cold and 
warm machine. Measuring the shaft displacement in all four 
directions (+X, +Y, -X, -Y) makes it possible to compensate 
for changes in the bearing clearance. However, it is only 
possible to achieve approximate results with  this method, due 
to simplifications in the representation of bearing parameters.  
Accuracy in radial load measuring methods is of great 
importance. Using reliable load measurement methods makes 
it possible to determine if machine status and behavior are 
critical for the machine’s operation. Reliable measurement 
methods also give better opportunities to plan maintenance and 
to perform better consequence grading of detected defects. 
Depending on the consequence grading, decisions can be made 
regarding if a problem has to be taken care of immediately or 
can be postponed to a more suitable production situation.  
 The cost of measuring loads directly with SGs in PPs is 
higher than calculating loads from bearing simulation and 
eccentricity measurements. Low uncertainty in the PP method 
leads to this method being preferable, and if the bearings in the 
machine are equipped with wedges it should be quite easy to 
install new PPs equipped with SGs.  

Conclusion  

This paper presents a method for measuring  bearing load by 
using SGs installed in PPs. To verify this method, bearing 
loads were also estimated from measured shaft displacement in 
bearing and calculated bearing stiffness. The two methods for 
determining bearing load showed almost the same results, see 
Figures 10 and 14. This indicates that either method can be 
used to determine bearing load. The method using SGs 
installed inside PPs is more reliable than the method using 
bearing properties and eccentricity to calculate bearing load. 
Thermal influence on the structure and bearing parameters 
does not affect the load measuring method using SGs installed 
inside PPs. An important feature with the PPs load measuring 
method is that it has no influence on the structure’s total 
stiffness 
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Notation

The following symbols and abbreviations are used in this 
paper 
UGB Upper Generator Bearing 
LGB Lower Generator Bearing 
GGB Generator Bearing  
TGB Turbine Guide Bearing 
HPU Hydropower Unit 
SG Strain Gauge 
PP Pivot Pin 
n Number of pads 
Cb    Bearing clearance  
D Journal diameter 
Op Pad offset 
mp Pad preload 
L Pad length 

 Pad arc length     
VPP Output voltage from amplifier 
f Force 

 Installation angle 
 Eccentricity 

t Time 
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