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Abstract
 

Increasing demands on the automotive industry to produce fuel-efficient vehicles has led the industry 
to explore different approaches, including reducing power losses and improving fuel efficiency of 
engines.  

The goal of this project has been to investigate the possibilities of reducing the frictional losses in 
gear contacts. In the literature, different ways of achieving low friction have been reported. However, 
before major changes can be made to commercial gear oils, a better understanding of their effect on the 
durability of transmission components has to be understood. The durability of gears includes many 
different failure modes. Macro-size contact fatigue (pitting) is one of the more commonly encountered 
and one which ultimately limits the life of the components. 

In this work, experimental pitting life studies have been conducted using rolling four-ball and twin-
disc test setups to analyse the impact of various gear oils’ physical and chemical properties on pitting. 
The results show that the frictional properties of the gear oils are the most significant in determining 
the pitting life. Enhancements in pitting life can be achieved in several ways such as by the choice of 
the base oil type, high viscosity oil, viscosity modifier type, and the tribofilms formed by anti-wear and 
extreme-pressure additives. Amongst these, all except high viscosity oils are compatible with the aim of 
reducing losses (load and load-independent losses). However, the use of low friction type base oils or 
the low friction tribofilms formed by certain anti-wear and extreme-pressure additives have been found 
to be especially effective (with a slight preference for the latter) in improving pitting life. The results of 
these studies have been contained in five paper manuscripts and a brief gist of the work and salient 
results in each of these are briefly described below. 

 
Paper A: A range of different hypoid gear oils based on different base oils, viscosity levels, and 

friction modifying additives, were chosen for pitting studies. Each oil was characterized in terms of its 
physical properties and the pitting performance analysed using a rolling four-ball test. The correlation 
between specific oil properties and pitting performance was analysed using multiple linear regression 
analysis. Mainly the oils frictional properties were found important for pitting life. 

 
Paper B: In this paper, the used ball samples from tests with two of the oils tested in paper A were 

analysed to investigate the pit formation mechanisms. The goal was to form an understanding as to why 
the two oils resulted in different pitting life. The findings agreed with the conclusion of paper A. 

 
Paper C. Based on the findings of papers A and B, a second batch of oils was prepared for 

investigation with a view to obtain low friction by using different additives. The oils’ frictional 
behaviour was characterized in a ball-on-disc test rig. The pitting lives of two of these oils were 
measured using rolling four-ball tests and compared to two of the oils from paper A. 

 
Papers D and E: These two papers focussed on studies performed by using a twin-disc 

rolling/sliding machine. The results confirmed that the trends and conclusions drawn from the rolling 
four-ball tests were relevant for gear contacts and enabled optimising of the gear oil formulation. Paper 
D deals with characterising of the frictional behaviour of several gear oils and identifying the two best 
performing formulations. In paper E, the pitting behaviour of the two oils has been analysed and 
compared to reference oil. 
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Part I: The Thesis
 

 

1. Introduction
 

Tribology is a term that deals with ‘the science and technology of interacting surfaces in relative 
motion and associated practices’. This is highly relevant in the context of brakes, clutches, 
bearings, gears and lubricants, just to name some application examples. This makes ‘tribology’ a 
truly interdisciplinary field, embracing physics, chemistry, mechanical engineering (especially 
machine elements such as journal and rolling element bearings, and gears) and materials 
technology. The term ‘tribology’, derived from the Greek word tribos (rubbing), was mentioned 
first in the relatively recent ‘Jost’ report in 1966 [1]. The history of the subject now called 
tribology is however much older, probably as old as the history of humankind. Archaeology has 
documented the existence of tribological practices in applications such as stone/wood bushings 
and rollers, lubricated with animal fats, vegetable oils, or water. The main driving force appears 
to have been the facilitation of daily activities by friction reduction. It has since been under 
continual development. During the seventeenth century, the increasing demands for 
mechanical power led to rapid innovation in the field to enable the development of machines 
for the mining industry, windmills or water wheels etc. The period between 1750 and 1850 (the 
industrial revolution) laid even higher demands on tribological innovation. 

Until the 1920s, the running conditions in most machines were moderate enough to allow 
additive-free mineral oils to meet lubrication requirements. In applications where the 
performance was unsatisfactory, the oils could be changed for higher viscosity variants or oils 
with higher natural sulphur content. For very severe applications, the oil could be blended with 
animal or vegetable oils. However, when a new type of gear (hypoid gear) was introduced, it 
quickly revealed the limitations of available lubricants. Some of the earliest experiments into the 
effects of different lubricants on friction were carried out by Hardy in 1919 [2]. In 1936 the use 
of tricresyl phosphate as a gear oil anti-wear additive was mentioned [3]. During this period, 
reports of synthetic lubricants (synthetic esters and synthetic hydrocarbons), VI improvers, 
antioxidants and corrosion inhibitors also appeared. During World War II, extensive research 
into various performance enhancing additives was undertaken in order to meet the rapidly 
increasing demands on performance requirements of tanks, trucks, and airplanes. The severe 
running conditions did not only put high demands on the performance additives’ ability to 
protect the contacting surfaces and to provide low friction, but also to ensure the longevity of 
the oil itself. Since then, higher demands have continually been put on the lubricating oils and 
machine elements, requiring both higher performance levels while at the same time being less 
and less harmful to humans and the environment. 
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Today, the key concerns for new machines are new environmental standards and stringent laws. 
One example is various forms of ‘carbon-taxes’. In the context of the automotive industry this 
lays significant emphasis on lightweight and low-friction designs. For this, the OEMs work on a 
large number of components, one of these being the mechanical power transmission. Here, 
gears are the most important means of mechanical power transmission, mainly in view of their 
high efficiency. For experimental simulations with optimised conditions, an efficiency of over 
99 % can be reached for a single gear pair [4]. The theoretical work of Mohammadpour et al [5], 
showed that the mechanical efficiency of a different gear type commonly used in axles (hypoid 
gear), can be about 98 %. However, for a complete gearbox/drive-axle, many rolling/sliding 
interfaces introduce additional losses such as additional gear pairs, synchronizers, bearings etc., 
and the average efficiency achieved in real applications is substantially lower. In fact, the losses 
in the components of the driveline can have a big impact on overall efficiency. According to 
Holmberg et al [6], almost 15 % of the engine output is used to overcome friction in the 
driveline of passenger cars. For trucks and buses, slightly less (13 %) is lost in the driveline [7]. 

To reduce the losses, one path is to optimise the lubricant. There has been substantial 
research carried out in view of this aim. Bartz and Weinecke [8] showed fuel economy 
improvement of 2 % in a gear test rig when comparing two different gear oils during a standard 
driving cycle. In a different study, the fuel consumption of a fleet of trucks was found to differ 
by up to 3.5 % when comparing two oils in both the axles and transmission [9]. A different 
path for reducing losses is by increasing the power density of the transmission. This will 
increase the demands put on the design and material of the components of the gearbox as well 
as put higher demands on the lubricating oil. 

Typically, there is a contradictory relation between the demands on a gear oil for low losses 
and the demands to protect the contacting surfaces as the improvement of one may have a 
detrimental effect on the other. Many different wear modes exist in gear contacts. Macro-size 
contact fatigue (pitting) is one of the more challenging which ultimately limits the life of the 
components. The effects gear oil properties have on frictional losses is quite well known. 
However, knowledge regarding the effects of the oil properties on pitting is inadequate. 

The specific goals of this thesis are: 
 
1. To analyse the correlation between gear oil properties and pitting 
2. To investigate ways of improving pitting performance of gear oils 

 
Part I, ‘the thesis’, aims to introduce the reader to the field and the motivation for carrying out 
this work. This part also contains a summary of the research performed. 

 
Part II contains appended articles that are the main result of this research project. 
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1.1 Gears
 

Gears are rotating machine elements employing ‘teeth’ to transmit torque between separate 
axes. Two or more gears can be combined to form transmissions to transmit power, change 
speed, torque, and/or rotational direction. The smaller gear is often referred to as the pinion 
and the bigger the gear. Many different gear types exist but they do share the same 
nomenclature as can be seen in Figure 1. 

 

 
Figure 1. Gear nomenclature

 
A wide range of gears exist that are commonly used in automotive drivelines. The simplest type 
is the spur gear shown in Figure 2a. It consists of a disk with teeth projecting radially. The edge 
of each tooth is aligned parallel to the axis of rotation. In spur gears, the teeth suddenly meet at 
a line contact across their entire width causing stress and noise. A more refined design is the 
helical gear (Figure 2b) where the leading edges of the teeth have an angle to the axis of 
rotation, causing them to engage more gradually than the spur gear teeth and run more 
smoothly and quietly. The angle of the teeth for helical gears however gives a resultant thrust 
along the axis of the gear that causes a greater degree of sliding friction between the meshing 
teeth. For helical gear, the shafts are typically parallel to each other. For the non-parallel shafts 
in differentials other gears types are used. 

A worm drive (Figure 2c) consists of a worm (which is a gear in the form of a screw) that 
meshes with the worm gear (similar in appearance to a spur gear). These are unusual in modern 
road-going vehicles apart from their use in some limited-slip differentials (Torsen traction). 

More common are various types of bevel gears such as the spiral bevel gear (Figure 2d). For 
bevel gear transmissions, the imaginary shaft axes must intersect at the same point (no offset). 
For shafts with an offset, hypoid gears (Figure 2e) are often used. This design of gears is used 
since it allows for high gear ratios, quiet operation, and cleaner floor pans and lower centre of 
gravity since the propeller shaft can be lowered relative to the vehicle. With the propeller shaft 
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on top, an increase in ground clearance can be attained for off-road vehicles. Hypoid gears also 
allow large moments to be transferred due to multiple points of contact and large pinion 
diameters. 

 

 
(a) Spur gears

 
 

(b) Helical gears
 

 
 

(c) Worm drive

 

 
 

(d) Spiral bevel gear drive
 

 
 

(e) Hypoid gear drive

Figure 2a-e. Illustrations of various gear types
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1.1.1 Gear materials and manufacturing
 

Gears are manufactured using complicated metal cutting processes. Many different techniques 
exist and the choice is determined by factors such as gear type, material, batch size, and quality 
requirement. In the automotive industry, gears are most often manufactured from forged or 
cast steel blanks that are machined into a rough shape and subsequently case hardened and 
finished using various abrasive machining methods. 

Case-hardening alloy steels are the most favoured gear material due to the ideal features of a 
hard surface with soft and tough core to provide both wear and impact-absorption without 
tooth breakage. Common alloying elements include chrome, molybdenum, chrome-
molybdenum, nickel-chrome-molybdenum etc. The machinability of the material is of great 
interest since gears are machined extensively to close tolerances. 

The rough shape of the gears can be attained by using a number of different methods, 
although not all can be used for all gear types. The methods can be divided into two main 
categories: gear-generating, and gear-form cutting. In gear-generating, the tooth profile is 
obtained as the envelope of a series of cut surfaces formed during a continuous motion 
between workpiece and cutting edge. Two examples are gear hobbing and gear shaping. In gear 
form-cutting, the tools have teeth that have the same form as the space between two adjacent 
teeth on the gear manufactured. The two primary methods are broaching and milling. 

To adjust for the inaccuracies inherent in the cutting process, a further soft operation known 
as green-shaving can be used. In shaving, the workpiece is meshed in a crossed-axis relationship 
with a shaving wheel with gashes in the flanks that smoothen the tooth flanks. 

The main reasons for using green-shaving after hobbing is to remove the waviness that 
results from the hobbing process and to compensate (in advance) for the distortion that 
follows heat treatment. 

Case hardening can be performed in various ways depending on the selected steel alloy and 
desired quality. Typically, the gears are heated in a furnace with a carbon or nitrogen rich 
atmosphere for a specific time to get the desired ‘case depth’, and then quenched and 
tempered. Normally, the microstructure of carburised and hardened case consists of a hyper-
eutectoid zone of tempered martensite with small amounts of retained austenite. Further below 
the surface, this martensite diminishes and becomes blended with the core microstructure 
consisting of blocky martensite with bainite and/or fine pearlite. 

The heat treatment processes typically produce changes in tooth geometry. Examples are 
distorted bores, deformed outside diameter, drop in profile, unwinding or decrease in the helix 
angle. The heat treatment can also cause scale formation on the tooth flanks. Therefore, various 
finishing techniques are often used. These comprise of grinding of external or internal bearing 
surfaces and finishing of gear tooth flanks. If the distortion after hardening is acceptable, green-
shaving can be the finishing operation, otherwise either honing or grinding is used to bring the 
hardened gear teeth to the dimensional accuracy and quality required. 

Honing is performed by meshing the workpiece (i.e. machined gear) and the honing tool 
with their axes intersecting. The honing processes for tooth profile cannot generate definite 
flanks. The stone follows the geometry produced in pre-honing operation and it only removes 
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material from the flanks according to the irregular distribution of pressures and velocities. 
Honing is often referred to as a cold abrasive process, since the heat generated is low due to the 
relatively low surface speed of the tool.

Various gear grinding methods can be employed depending on productivity and the quality 
desired. As in rough shaping, grinding can be done by either generating-grinding or form-
grinding (profile-grinding). Two kinds of abrasives are commonly used in tools for gear 
grinding, namely aluminium oxide or cubic boron nitride (CBN). The grain size, shape, 
concentration, and bonding matrix are made in a vast variety of combinations and are 
selected based on the material hardness of the workpiece to be ground, productivity, and the 
surface roughness to be achieved. 

The impact of a grinding abrasive on the work piece will generally induce a compressive 
stress on the work surface. However, when grinding with aluminium oxide the localized heating 
and subsequent cooling can relieve the compressive stresses. When grinding with CBN, less 
heat is generated and the compressive residual stresses will remain on the work surface [10]. 

To improve the quality of the gears, a sequence of continuous form grinding and subsequent 
honing can also be used. Another example is shot-peening, which can be used in order to 
increase the compressive stresses in the near-surface material. If very smooth surfaces are 
needed, ‘superfinishing’ can be used. Superfinishing can be performed in various ways. One is 
by placing the gear in a vibrating container together with small abrasive bodies to remove 
roughness peaks and to round off edges. The process can also include mild chemicals. On the 
finished surface, various types of coatings may also be used. One is a manganese phosphate 
coating to enhance running-in. 

 
 
1.1.2 Gear surfaces
 

Depending on the choice of finishing method and gear material, the finished tooth surface 
topography and properties will change significantly. The finishing processes always leave small-
scale, sharp, and rugged projections termed ‘asperities’ with a characteristic surface texture or 
lay. Some examples can be seen in Figures 3-5. The typical shaved surface has a lay that is 
almost parallel to the tooth profile (circumferential). For honed gears, the characteristic surface 
lay varies over the face width, although in a direction more transversal to the profile (it can 
however also vary depending on the tools used). For grinding, the characteristic surface lay is in 
a direction transversal to the tooth profile. 
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Figure 3. Surface lay from the shaving process

 

 
Figure 4. Surface lay from the honing process

 

 
Figure 5. Surface lay from the grinding process

 
For ground and honed gears, the surface roughness is determined by a combination of the tool 
composition (grit size and bonding agent), and the grinding motion (cutting speed and feed). 
The conditions used are a compromise between productivity and product specification in terms 
of shape and surface quality. In addition, vibration and stiffness of the setup will have effects. 
Examples of a ground gear flank can be seen in Figures 6 and 7. 

 

 
Figure 6. Scanning electron microscopy image of 

ground gear surface 

 
Figure 7. Scanning electron microscopy image of 

ground gear surface 
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1.1.3 Motion and loads in gear sets
 

Gear wheels determine the transmission ratios of gearboxes. Ideally, a constant rotation of the 
input shaft should result in a constant rotation of the output shaft, called conjugate action. 

Conjugate action requires that at least one pair of teeth is in contact at all times. Typically, 
there is one pair in contact in the middle of the mesh and two pairs of teeth in contact at the 
end of the mesh. The shape of teeth is also essential for conjugate action. A large number of 
gear flank profiles have been developed. It is possible, within certain restrictions, to arbitrarily 
choose the shape of one tooth then determine the shape of the second and achieve conjugacy. 
However, the involute tooth profile is by far the most common and satisfies conjugacy for 
many gear types (for other gear types and tooth shapes, the principles are similar). 

In Figure 8, the meshing of two spur gears is shown. The involute geometry causes the 
tooth-to-tooth contact to follow a straight line that is tangential to the two gears’ base circles. 
This line is known as the line-of-action (also called pressure line or line of contact). The point 
where the line of action crosses the line between the gear centres is called the pitch point. 

 

 
Figure 8. Contacting point travel along the ‘line-of-action’

 
Even at constant speed, several parameters are continuously changing along the line-of-action. 
The load will alternatively be carried by one or more teeth, causing sudden changes in load and 
contact pressure. In addition, the profile radii and surface velocities will change. At the pitch 
point the sliding velocity is zero, i.e. pure rolling. With increasing distance from the pitch point, 
the amount of sliding increases. When approaching the pitch point, the rolling and the sliding 
motion are in the same direction (positive sliding), which turns into negative sliding after the 
pitch point. For other gear types, the meshing sequence varies slightly. Pure rolling along the 
pitch-line occurs only in spur, bevel and helical gears, and not in worm, spiral bevel or for 
hypoid gears. For hypoid gears the rolling/sliding action also occurs along two axes [5]. 

Perfect conjugacy is however not possible to attain in practice since it relies on two gears 
with perfect involutes, tooth spacing (pitch), and infinite stiffness. Due to manufacturing errors 
and finite gear mesh stiffness, various forms of transmission error occur. The bending of the 
gear teeth will for example momentarily put them ahead or behind their theoretical position, 
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causing transmission error and can cause tooth load deflection interference (tip contact). With 
the high loads typical in gears contacts, there will also be deflections originating from bearings 
and housing, as well as shaft torsion and bending. This will cause misalignment along the gear 
face width resulting in an uneven load distribution across the tooth face width, with more load 
near one edge (edge loading). 

To alleviate these problems, it is a well-established practice to apply small corrections to the 
gear teeth to optimize it for a certain application. This includes longitudinal flank corrections 
(in the direction of the face width) called lead crowning, traditionally expressed as a circular arc 
profile or as a flat profile at the centre with modification only near the tooth flank edges. Also 
logarithmical lead profile has been suggested [11]. To compensate for tooth deflections, 
corrections termed ‘tip/root reliefs’ are applied. With the use of 3-D finite element calculations, 
many other beneficial tooth modifications are possible. 

Even with tooth corrections, the dynamic loading of gears will be considerably higher than 
static cases, typically increasing in magnitude at higher speeds. In practice, the conditions in a 
gear contact are also highly transient due to adjustments in load and speed on the transmission 
and dynamic behaviour in the driveline. 
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1.2 Gear lubrication
 

As the gears mesh, oil is continuously dragged into the contact region by the rolling/sliding 
motion. The combined motion that entrains the lubricant into the contact is usually defined as 
the entrainment speed (or mean entrainment speed for the average). The surfaces are inclined 
towards each other thereby compressing the fluid as it entrains. This leads to a pressure buildup 
that tends to force the surfaces apart through formation of an oil film. 

Ideally, the contact region of gear contacts lies along a line (line contact). However, due to 
the modifications and crowning of the gear teeth, the resulting contact has an elliptical shape. 
Together with the high loads, the small contact areas lead to very high contact pressures. In 
such contacts, conventional hydrodynamic analysis predicts negligible lubricant film formation 
and, for many years, it was not understood how components such as gears could operate 
successfully. It was then realized that the high pressure has two beneficial effects. It produces 
local elastic flattening of the surfaces and increases the viscosity of the lubricant. These two 
combined effects allow the formation of a thin lubricant film of the order of a few hundred 
nanometres or less. This is referred to as elastohydrodynamic lubrication (EHD lubrication or 
simply EHL). 

Once lubricant has entered the contact, its viscosity becomes so high and the film so thin 
that essentially all of the entrained fluid must pass through the contact to the outlet. This means 
that the conditions of speed, geometry of the inlet region, as well as the behaviour of the 
lubricant in this region determine the extent to which lubricant is entrained and thereby the 
film thickness in the central region (central film thickness) [12]. Along the contact edges where 
some oil is squeezed out, slightly thinner oil films occur; this region is often referred to as the 
‘minimum film thickness region’. As a result, the oil film thickness becomes only weakly 
dependent upon applied load, a result of the fact that changing load has negligible effect on the 
inlet geometry and thus does not alter the rate of lubricant entrainment [13]. Still, an increase in 
load can indirectly lead to thinner films due to increase in oil temperature and thus reduced 
viscosity in the inlet [14].  

The EHL friction comprises of both a rolling component and a sliding component. The 
rolling friction is associated with the pressure generation in the contact inlet region, and the 
sliding friction is associated with the behaviour of the lubricant in the central high-pressure area 
of the contact. This shows another key feature of EHL, that unlike hydrodynamic lubrication, 
film formation and friction are almost entirely decoupled (friction in EHL is often referred to 
as traction in the field of rolling element bearings).  

In hydrodynamic lubrication, the oil’s viscosity at atmospheric pressure (at the shear strain 
rate and temperature of contact inlet) and temperature-viscosity relationship are important for 
oil film formation and friction. In the high-pressure region of an EHL contact, there are instead 
a number of properties which must be considered along with how they vary with temperature 
and pressure. The salient physical properties in the gear contacts are briefly described below.  
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1.2.1 Salient physical oil properties.
 

Pressure-viscosity behaviour
 

The tendency of a lubricant to increase in viscosity with increasing pressure is quantified by its 
pressure-viscosity coefficient. At the contact inlet (where the pressure is believed to be, 
representatively, about 70 MPa [15]) this will increase the entrainment of oil and therefore has a 
large effect on film thickness. In the high pressure, central regions of the EHL contacts, the 
pressure is so high that the viscosity of the lubricant may reach such high values that the oil 
film yields more in the fashion of a plastic or powdery solid, than of a liquid. This will affect 
EHL friction as discussed in the next section. 

To calculate the pressure-viscosity coefficient of a lubricant, one simple and widely used 
equation exists according to Eq.1 (often referred to as the Barus equation), 
 =             (1)
 
From this, the corresponding pressure-viscosity coefficient ( ) as a function of dynamic 
viscosity at atmospheric pressure 0) and dynamic viscosity ( ) at pressure (p) can be 
calculated. Although it must be pointed out that Eq. 1 successfully models the pressure-viscous 
behaviour only up to relatively low pressures and in isothermal conditions [16,17]. 

 
 

Non-Newtonian behaviour
 

Based on the pressure-viscosity coefficient of an oil, the calculated viscosity in the central high 
pressure region of an EHL contact will be very high. With such a high viscosity, significant 
friction would result. However, in experimental friction measurements much lower friction 
values are typically found. This is due to a non-Newtonian behaviour of the oil. This behaviour 
gives rise to a characteristic form of EHL friction curves, as shown in Figure 9. The form of 
such curves is well established as can be seen in, for example, references [18,19] and it shows 
important features of the behaviour of the lubricant in EHL contacts. 

In a Newtonian fluid, the relation between shear strain rate (shear rate) and shear stress is 
linear and determined by a proportionality constant (viscosity). However, as can be seen in 
Figure 9, the relation between shear rate and shear stress is only linear for low shear rates. At 
higher shear rates, the lubricant starts behaving in a non-Newtonian way due to change in 
apparent viscosity. 

Habchi et al [20] used a quantitative physics-based approach to explain the characteristic 
friction curves by dividing them into four regimes (it is however not necessarily possible to see 
all regimes in one single friction curve). In Figure 10, the suggested regions have been 
approximated for the 1.95 GPa curve (from Figure 9). 
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Figure 9. Typical friction curves measured on a twin-
disk machine with an elliptical contact, at varying 

contact pressures

Figure 10. The approximate regimes have been 
indicated for the 1.95 GPa curve

 
Habchi et al [20] explained the four regimes as follows: 

 
1 - Linear regime: Friction varies linearly versus slide-to-roll ratio indicating that the frictional 

response of the contact is governed by the Newtonian viscous behaviour of the lubricant. 
2 - Non-linear viscous regime: Friction departs from linear behaviour indicating that shear-

thinning and/or thermal dissipation and/or limiting shear stress behaviour of the lubricant are 
affecting the frictional response of the contact. 

3 - Plateau regime: Friction reaches an asymptotic value and shows little variation indicating 
that the frictional response of the contact is governed by a limiting-shear-stress behaviour of 
the lubricant. 

4 - Thermoviscous regime: Friction decreases with increasing sliding speeds, indicating that both 
thermal dissipation and shear thinning effects are governing the frictional response of the 
contact and overwhelming all other effects including limiting-shear-stress. 

 
The concept of a limiting shear stress was proposed by Smith in 1960 [21]. This limit is a very 
important part of friction in EHL, although not fully understood. The limiting shear stress is a 
lubricant-characteristic value, primarily depending on the molecular structure of the lubricant. 
Since there is a limiting shear stress (which cannot be exceeded), the coefficient of friction 
becomes less dependent on viscosity, entrainment speed and load, although, the limiting shear 
stress itself is affected by temperature and increases approximately proportionally with contact 
pressure [15,22]. 

The shear-thinning observed in the ‘non-linear viscous regime’ is the result of aligning of oil 
and additive molecules due to the high shear rate. With increasing pressure, the effects of shear-
thinning reduces and the friction in this region is then mainly determined by the limiting shear 
stress [23]. At the EHL contact inlet, a similar aligning of molecules can occur. In that case, the 
reduced viscosity hampers the entrainment of oil and reduces the oil film thickness [24]. 
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Compressibility
 

The density-pressure behaviour (compressibility) of lubricants has been shown to have some 
effect on the central film thickness, which becomes somewhat smaller in case of compressible 
lubricants. It has less effects on the minimum film thickness [22]. 

 
 

Thermal properties
 

Regarding the heat capacity and thermal conductivity of lubricants, two different effects in 
EHL contacts are conceivable: High heat capacity could cool the contact by transporting heat 
away while high thermal conductivity could keep the oil cool by transferring heat to the gear 
surfaces and would thereby affect viscosity and friction. In the first case, the effects have been 
found to be insignificant. This is due to the small amount of oil passing through the contact 
because of the thin oil films. For the thermal conductivity on the other hand, studies have 
shown that it has significant effect on EHL friction [18,25]. 
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1.2.2 Lubrication regimes
 

The friction curves shown earlier (Figure 9) pertain to what is called the full film EHL region, 
where an oil film completely separates the surfaces. One of the main challenges in gear 
lubrication is however that the thickness of the oil film often fails to exceed the height of the 
surface roughness of the gears [14] and therefore going into what is known as the mixed or 
boundary lubrication regimes. In these regions, the friction will also be affected by other factors 
than previously discussed. A useful and simple starting point in comprehending the lubrication 
regimes is the classic diagram, known as the ‘Stribeck curve’. It was originally used to illustrate 
how friction in a plain journal bearing varies with bearing speed, lubricant viscosity, and applied 
load. However, it is also often used to illustrate how friction in EHL contacts varies with just 
speed; one schematic example can be seen in Figure 11, in which the approximate regions have 
been marked. 

 

 
Figure 11. Schematic Stribeck type curve illustrating the effect of entrainment speed

 
To the right in Figure 11 the high entrainment speed ensures that the surfaces are completely 
separated by the oil film, with low wear and friction. As discussed earlier, the friction is 
determined entirely by the global pressure and shear rates. However, as the entrainment speed 
reduces, the film thickness become thinner and at some point, while it will still be continuous, 
the pressure and film thickness are subjected to local fluctuations arising from the roughness of 
the surfaces. This region is referred to as micro-EHL. In micro-EHL, the friction is affected by 
the shear properties of the fluid at the pressure and shear rate occurring between the surface 
asperities and hence surface roughness can have effects. For relatively low contact pressures 
(0.63 GPa), a rough surface will increase friction considerably due to the increased pressure 
between the opposing asperities and the effects this will have on viscosity [26]. For high 
pressure contacts (1.57 GPa) however, the effects will be less pronounced since the lubricant 
already will be close to its limiting shear stress [26]. However, as mentioned earlier, the friction 
coefficient will increase slightly through the increase of the limiting shear stress. The increased 
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local pressures will also cause the asperities to be significantly elastically flattened [27], 
depending on the geometry of the asperities [28]. 

At even lower speeds, some of the asperities will come into direct contact and there will be 
more than one lubrication mechanism present, i.e., asperities will carry load directly or due to 
micro-EHL in addition to the global hydrodynamic action. This is called the mixed lubrication 
regime. Here, the roughness has quite a strong influence on fluid flow and thus hydrodynamic 
film generation [29]. Initially, the asperities will only carry a negligible fraction of the load and 
the friction will depend almost entirely on the fluid film properties. However, with decreasing 
entrainment speed, more load will be carried by the deformed asperities and they will 
increasingly affect friction. 

At the far left of  Figure 11, the low entrainment speed means that the film thickness is 
negligible compared to the surface roughness. Instead, the load is mainly carried by the 
asperities. Various solid-like, albeit physically weak boundary layers formed on the asperities 
will determine the shear resistance and friction. This includes oxide layers and chemically or 
physically adhered tribofilms (not to be confused with dry contacts). Under boundary 
lubrication the oil rheology has relatively little or no effect on friction and wear [30]. 

 
 

The film parameter
 

To evaluate which mode of lubrication is present the specific film thickness  is often used 
since it is simple and gives an approximate idea of the operating regime.  
The -ratio is given by 

 = (2)

 
Where, hm is the calculated minimum film thickness for the ideally smooth surface divided by 
the root-mean-square roughness (Rq) of the two surfaces. Some very general values have been 
suggested: 

-film EHL [31]. Micro-  
[26].  



 

- 16 - 

1.3 Gear oils
 

Gears require lubricants blended specifically for the application and to some extent depending 
on gear type; e.g., slow-speed spur gears, high-speed helical gears, and worm gears all put 
different demands on the lubricant. Application parameters such as operating speed, 
transmitted load, temperature extremes, and contamination risks must also be considered when 
formulating a gear oil. Hypoid gears combine the rolling action and high tooth pressure of 
spiral bevel gears with the sliding action of worm gears. Due to this combination, hypoid gears 
require special ‘hypoid gear oils’ (hypoid gear oils are however often also used for other gear 
types). One commonly used classification of hypoid gear oil is GL-5, issued by the American 
Petroleum Institute (API). Modern gear oils consist of base oil (60-95 %), and various 
performance enhancing additives. This can include viscosity modifiers (0-30 %), pour point 
depressants (0-2 %), and a performance package (5-10 %). 

 
 
1.3.1 Base Oils
 

For petroleum-based oils (mineral oils), the feedstock comes from crude oils. The typical 
feedstock is composed of thousands of chemical structures. In refining plants, the feedstock is 
put through a series of processes to single out the sought after molecules beneficial for 
lubricating oils. The result is what is called a base stock. A base stock is a lubricant component 
that is produced by a single manufacturer to the same specific specifications. The quality of a 
base stocks depend on the manufacturing process used and the quality of the original 
feedstock. 

To classify the base stocks, the API developed a system of five groups with the purpose of 
creating guidelines for interchanging base stocks when blending licensed oils, as shown in Table 
1 [32]. Typically, Group I base stocks are solvent-refined, which is a simple refining process. 
This also makes them the cheapest base stocks on the market. In Group II base stocks, more 
of the hydrocarbon molecules are saturated. Group III base stocks are refined even more and 
are generally severely hydrocracked (higher pressure and heat). This longer process is designed 
to achieve purer base oils. Group IV base stocks are poly-alpha-olefins (PAOs). These are 
synthetic base stocks made through a process called synthesizing. Group V are oils that do not 
fall into any of the first four groups. In most countries, both Group III and group IV are 
considered ‘synthetic oils’, the exception is Germany where the definition for synthetics 
requires that the base oil molecules increase in weight during the production process, hence 
only group IV and some group V are named synthetic. In this work, the same definition is 
used. 

Typically, the portion of a blended oil that is not considered additives is called the base oil. 
This can consist of one or a blend of two or more base stocks. 
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Table 1. API’s five base stock groups

Base stock category Sulphur (%) Saturates (%) Viscosity index
Group I >0.03 and/or <90 80-120
Group II <0.03 and >90 80-120
Group III <0.03 and >90 >120
Group IV PAO lubricants
Group V All other base stocks not included in Groups I-V

 
Different base stocks provide different properties. Synthetic base oils provide enhanced 
thermal stability, low pour point, low volatility, high viscosity index, and some of them are fire 
resistant [33]. As discussed earlier, the limiting shear stress is the main determinant for EHL 
friction coefficient, and it is mainly a property of the base oil. Research has shown that 
molecules with flexible linkages provide lower shear strength (friction) [15]. For instance, 
polyglycols and esters have molecules with more flexible ether linkages than hydrocarbons and 
generate lower friction. Naphthenic mineral oils have relatively stiff, compact molecules and 
generate high friction, whereas paraffinic mineral oils and PAO oils have open, elastic 
molecules and low friction coefficients [15,22]. Polyglycol oils have similar friction properties as 
PAOs [34]. 

However, synthetic oils also typically have a lower pressure-viscosity coefficient and 
consequently generate lower lubricant film thickness than mineral oils [35], in fact, a clear 
correlation between an oil’s pressure-viscosity coefficient and its limiting shear stress exists [15]. 
The long, straight molecules found in esters, polyglycols and PAOs give a relatively weak 
connection that also makes them rather compressible. Naphthenic and paraffinic mineral oils 
have more complex molecules and show a stiffer, less compressible behaviour [22]. The base 
oil will also largely determine the thermal properties. Various base oils also offer different 
solubility of additives. For example, PAO oils are sometimes blended with more polar esters to 
increase solubility of additives. 

 
 
1.3.2 Viscosity index improvers
 

The viscosity of lubricating oils varies with temperature. In automotive applications, this can 
cause some problems due to the wide range of operating conditions and temperatures. The 
finished oils are often rated according to what is known as viscosity index (VI). This is an 
arbitrary measure for the change of viscosity with temperature. A high VI means a small change 
in viscosity with temperature. 

To improve the VI, viscosity modifiers (VM) (also called viscosity index improvers) are 
added. The VMs are certain polymeric molecules that are sensitive to temperature. At low 
temperatures the molecule chain contracts and does not affect the fluid viscosity. At high 
temperatures, the chain relaxes and uncoils and thereby slow down the rate at which the 
viscosity decreases. 
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Polymer containing oils are however often more sensitive to shear thinning, as discussed in 
section 1.2.1. This is especially the case for the contact inlet, where the high shear rates cause a 
temporary viscosity loss due to parallel alignment of the polymer chains [24]. To measure the 
temporary viscosity loss, high-temperature-high-shear (HTHS) viscosity measurements can be 
carried out. Normally this viscosity loss is significantly higher in oils containing long chain 
polymers than that of oils with short chains. The shear thinning effects also increase with 
increasing VM concentration [36]. As the polymers are repeatedly sheared, a permanent loss of 
viscosity can also occur if the repeated shearing breaks the chemical bonds [37]. 

 
 
1.3.3 Performance package
 

To protect the gears and ensure the longevity of the oil, gear oils contain a multitude of 
‘performance’ additives such as: detergents, dispersants, anti-oxidants, corrosion inhibitors, 
anti-wear, extreme-pressure, and friction modifiers. The first three named are dissolved or 
mixed into the base oil and mainly work in the bulk oil. The remaining four are different 
molecules that can adsorb onto the metal surfaces to create thin films (tribofilms). There are 
two main ways these additives interact with the surfaces, namely physical or chemical 
adsorption. The distinction between the two is the nature of the molecule-surface bonding. 
Hsu [30] listed several mechanisms by which these boundary lubricating films function: 
sacrificial layer, low shear strength interlayer, friction modifying layer, shear resistant layer and 
load bearing glasses. The additive types used in this work are briefly discussed below. 

 
 

Anti-wear and extreme-pressure additives
 

Anti-wear and extreme-pressure additives are two groups of oil-soluble chemicals or 
components that react with the metal surface to form sacrificial tribofilms. A simplification of 
anti-wear (AW) and extreme-pressure (EP) additive action starts with the adsorption of the 
additives to the metal surface, usually to the oxide of the metal. During severe running 
conditions, the gear surfaces can come into direct contact and the oxide can be partly scraped 
off. At the same time, the metal-to-metal contact will give a heat and energy input causing 
thermal decomposition of the additives and reaction with the exposed metal. 

AW additives are essential to reduce the wear rate of contacting surfaces, particularly under 
low load conditions. These tribofilms play a critical role in the longevity of automotive gears. 
They reduce wear by forming sacrificial surface layers on the surface via adsorption and 
decomposition due to the frictional energy. They are generally more reactive than EP additives, 
thus their content in gear oils is relatively lower than that of EP additives. 

EP additives act in a manner similar to AW additives but more in the fashion of reacting 
with the surface. Compared to AW, EPs react at a faster rate with the stressed metal surface. It 
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is however difficult to draw a clear line between the two functional groups. The issue is further 
complicated by the many possible chemical types that fall within each group. 

Often, a combination of AW and EP additives are necessary to protect the surfaces of gears 
under severe operating conditions [33]. Also different EP additives have different effects. Some 
prevent scuffing and seizure at high speed and shock loading operation whereas others prevent 
ridging and rippling at high torque, low speed operations [38]. 

While most AW or EP compounds form surface films by their thermal decomposition 
products, exceptions exist. For example, potassium borate AW films can form by electrostatic 
attraction with the metal surface having the opposite charge of the boron particles. Once 
attracted, the borate films are in the solid form rather than chemically reacted films [39]. 

 
 

Friction modifiers
 

Esters, natural and synthetic fatty acids, as well as some solid materials such as graphite and 
molybdenum disulphide, can be used as friction modifying additives. In the case of esters and 
fatty acids, the molecules have polar and oil-soluble ends. During use, the polar end of the 
molecule finds a metal surface or tribofilm where it attaches to form an easily sheared film. The 
bonding is however weak and with increasing contact severity, the molecules can be brushed 
off, eliminating any potential benefit of the additive. 

 
 

Dispersants
 

Dispersant molecules consist of a polar head and a long, oil soluble tail. Certain parts of gear 
transmissions can get very hot, leading to extensive lubricant oxidation. The oxidation 
products, such as sludge and varnishes, may deposit on the components. Dispersants are used 
to suspend the thermal decomposition and oxidation products. Dispersant can also have 
beneficial or detrimental effects by interacting with other additive components, either by 
affecting tribofilm formation directly [40,41], or by promoting removal of antiwear films [42]. 
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Additive interactions
 

The classification of the additives into separate functions as described above is however highly 
simplified. Most of the molecules involved are polar meaning that they will eventually meet at 
the metal surface and interactions and competing tribochemical reactions will occur. Some 
examples of these interactions are: synergistic FM-EP-AW interactions [43]; antagonistic effects 
of dispersants and friction modifiers on EP/AW action [38]; antagonistic effects of corrosion 
inhibitors on EP and AW [44]; synergistic effects between AW and EP [45]. Some FMs have 
also been found to improve AW tribofilm formation and lead to AW tribofilms with lower 
friction [46]. In ref. [47], some EPs reportedly reduced the frictional effects of some FM 
additives, and so on. Interaction between base oil type and additives is also possible [34]. The 
references demonstrate that formulated oils cannot be viewed as the sum of the effects of the 
individual additives. Instead the additive system and to some extent the base oil type, must be 
viewed as a complete system. 
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1.4 Power losses in gear transmissions
 

The power loss or energy dissipation in gear transmissions can be divided into two main 
groups: load-dependent and load-independent. As the names suggest, load-dependent losses 
increase with load and load-independent (also called spin-losses) vary with speed but are 
independent of load. The two modes are briefly described below. 

 
 
1.4.1 Spin-losses
 

There are a number of separate spin-losses in gear transmissions: air windage, inertial power 
loss, oil churning, bearing, and seal losses etc. 

In jet lubricated gear systems, common in high-speed applications and commercial vehicles, 
inertial power loss due to acceleration of the oil by the gear teeth and churning due to the 
trapping of oil in the tooth spaces and will be important. The energy consumed by the latter is 
due to oil squeeze from both sides of the meshing teeth at considerable speed and increases 
with oil flow rate and viscosity [48]. 

For low to medium speed transmissions, dip lubrication is also common. This means that 
one or more gear(s) are partly dipped in the oil and the rotational motion of the gears 
distributes the oil to the mating gear(s), bearings, seals, etc. A large immersion depth results in 
better heat transfer from the tooth flanks to the oil while at the same time it will increase the 
churning loss. The churning loss occurring due to the dipping of the teeth in oil also depends 
on the immersion area, rotating speed and gear geometry [49]. The effects of oil properties 
regarding dip lubrication are however more complicated. Luke and Olver [49] found no 
correlation between these losses with either the density or the viscosity of the oil. In other 
studies, low viscosity is found to increase losses [50] whereas in some, high viscosity oil 
increased the losses [51]. However, as was shown by Kolekar et al [50], the losses in dip 
lubrication are primarily due to acceleration of the fluid and limited by the gravitational 
replenishment of the sump, which explain the discrepancy. At very low speed, or with a large 
clearance surrounding the gear, the fluid thrown off the gear can simply fall back into the sump. 
In contrast, at higher speeds, a more viscous fluid can adhere to the housing and return more 
slowly to the sump, which reduces the effective immersion depth [50]. This also means that the 
dip lubrication churning losses can be reduced by improving the design of the housing, adding 
interior walls etc. This was also verified by Changenet and Velex [52]. 

The spin-losses in bearings mainly occur due to churning and depend on the rotating speed, 
diameter, bearing type and lubricant viscosity. 

For manual transmissions, viscous losses will also occur in the synchronizers, washers, 
gearshift forks, etc. i.e., all parts with relative movement and small clearances. In these contacts, 
frictional losses will reduce with lowered viscosity. 

As the gears and the teeth rotate, losses due to air drag will also occur. This is called 
windage. These losses are normally relatively small in automotive applications. For pure air, 
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windage power loss has been found to consume 0.1-0.2 % of the power being transmitted [53]. 
However, as the gears rotate, lubricant is flung off in small oil droplets. These lubricant 
droplets create a fine oil mist inside the gear housing that increases the windage power loss. On 
the other hand, positive effects have also been reported as the air drag may cause the oil in dip-
lubricated gearboxes to be divided and pushed away by the air draft [50]. 

 
 

1.4.1 Load-dependent losses
 

Load-dependent losses occur both between the gear teeth and in the bearings. As discussed in 
section 1.1.3, the gear motion gives rise to both a rolling and sliding action. This means that 
both a rolling and a sliding component must be taken into account while considering the EHL 
frictional losses. 

The rolling friction is independent of load and increases proportionally with the oil film 
thickness when operating in full film EHL. Consequently, in the mixed and boundary regimes, 
the rolling friction between the two opposing surfaces will be close to zero [18,54]. The rolling 
will also introduce friction due to elastic creep and due to the elastic deformation of the 
surfaces but these losses are usually insignificant [55]. 

The sliding friction component is typically much larger than the rolling component, but to a 
varying extent as it is also determined by the lubrication regime in which the gear operates (as 
discussed in section 1.2.2). The sliding friction is inversely proportional to the central film 
thickness in the full film regime. This is due to a change in rheological behaviour of the 
lubricant [56]. 

As both rolling and sliding speeds vary during meshing, the instantaneous tooth friction is a 
function of the instantaneous sliding and rolling velocities and the instantaneous normal tooth 
load. To reduce friction between the contacting teeth during the meshing cycle there are two 
possible paths: modify the tooth geometry in order to reduce the specific sliding or reduce the 
friction coefficient between the gear teeth (or a combination of both strategies). 

 
 
1.4.2 Distribution of losses
 

The distribution of the load-dependent and the spin-losses is a complicated matter that strongly 
depends on several different factors such as lubricant, lubrication method, load, gear geometry 
and contacting surfaces, and perhaps most importantly speed [4]. Representative values for the 
subdivision of the energy consumed to overcome friction in manual transmissions were 
reported by Holmberg et al for cars [6] and trucks [7]. The authors indicated 20 % to overcome 
churning losses due to dip lubrication, in gear contacts, synchronizers, and bearings; 55 % to 
overcome load-dependent friction in gears; 20 % to overcome load dependent friction in 
bearings; and 5 % to overcome friction in seals, gearshift forks, etc. Another example is the 
results of Anderson and Loewenthal [57] where the spin power loss mentioned is between 16-
65 % of the full-load loss, depending on operating rpm (250-2000 rpm).
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1.5 Friction reduction in gear transmissions
 

It has been shown that reducing the friction in the transmission by 30 % and that in the axle by 
30 %, fuel economy improvements of 1.1-3.5 % are possible [58]. To reduce the total losses in 
drivelines, there are two possible approaches. One is by increasing the power density, simply by 
increasing the permissible torque of a specific gear transmission. This however puts higher 
demands on the gear transmission hardware as well as on the gear oil to protect from various 
forms of wear. The other is by reducing the frictional losses without changing the permissible 
torque. 

This can be achieved in several ways. Improved surface roughness due to improved grinding 
techniques or polishing has been shown to be effective since it promotes full film EHL at 
lower speeds [4]. The design of the gears has also been shown to be effective. One example is 
low module gears with increased pressure angles (less sliding) [4,59]. 

In terms of the lubricating oils, numerous experimental studies have shown that these can 
have large effects on the efficiency. See for example [34,60,61]. However, it is also clear from 
the previous chapter that both the spin and the load-dependent losses must be considered 
simultaneously. Some salient oil properties and their effects on the losses are briefly discussed 
below. 

 
 
1.5.1 Viscosity
 

There have been several studies investigating the use of lower viscosity fluids to reduce gear 
transmission total losses. For loaded ball bearings, the total losses have been found to decrease 
with viscosity, even for viscosities lower than typically used in gear oils [62]. Thus a low 
viscosity is beneficial. 

For gears however, it is more of a balancing act. Studies have shown that load-dependent 
gear teeth friction tends to reduce with increasing viscosity through decreased asperity contacts 
[4,34]. The spin-losses, on the other hand, generally decrease with lubricant viscosity [4,63]. 
This antagonism can be seen in various experimental results.  

Bala et al [64,65] showed that maximized torque transfer efficiencies for low torque and high 
axle speed conditions can be achieved by using low viscosity oils. For high torque and low axle 
speed conditions the results showed that higher viscosity fluids are preferred. Similar trends 
were reported in the study by Kubo et al [47] where they compared the efficiency of SAE 140 
and SAE 75W oils under various conditions. At low temperature, high speed, and low torque, 
the lower viscosity showed improvements of 2-4 % in a manual transmission. For a hypoid 
axle, the same study showed similar efficiency improvement for low temperature and torque 
but with increasing temperature and torque, the trend shifted. 

This exemplifies a major challenge in designing lubricants for gear transmission systems, that 
of selecting a compromise viscosity value. Too low viscosity means that the film thickness is 
less than the surface roughness with high friction from solid-solid contact. Too high viscosity, 
although leading to a thicker lubricant film, also results in increased friction. To some extent, 
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there is always a trade-off between the high viscosity needed during the harshest conditions and 
the low viscosities ideal for daily driving, highway cruising and cold start-up etc., although the 
use of VMs can to some extent mitigate the problem [65]. 

 
 
1.5.2 Base oil type
 

The base oil type has negligible effect on the spin-losses [34]. However, on the load-dependent 
losses it will have an effect due to the rheology of the oil in the high pressure EHL zone (as 
discussed in section 1.2). 

Many authors have shown that in general, synthetic lubricants generate low friction and low 
operating temperatures in many gear transmissions [8,60,66-68]. These are especially evident in 
the high load range [34,60]. 

Ideally the oil should have a low EHL friction coefficient and form thick oil films [69]. This 
is however not normally possible for conventional lubricants since oils with low limiting shear 
stress (yielding low EHL friction) also have low pressure-viscosity coefficients (and thus thin oil 
films) [15]. During mixed lubrication, oils with poorer film forming properties can have 
detrimental effects on friction as well as causing various wear problems. The latter will be 
discussed in chapter 1.6. 

 
 
1.5.3 Tribofilms
 

With a separating oil film, studies have shown that most additives have little effect on friction 
[15,70]. However, many gear applications either work intermittently or continuously in the 
mixed lubrication regime. Under these conditions, the results published in open literature have 
shown both positive and detrimental effects of various additives on friction. Some studies 
reported reduced friction due to a smoothening of the surfaces. Sulphur based additives have 
been found to smoothen the surfaces more effectively, in general, than phosphorus based 
additives [38]. EP additives have also been reported to reduce friction [34]. Some phosphorus-
based AW films, particularly those formed by zinc dialkyl dithiphosphates (ZDDP) have often 
been shown to form unevenly-distributed and rough tribofilms which increase friction in the 
mixed regime [71-72]. Compared to ZDDP, ashless phosphorus-based AW films form 
smoother and relatively thin films which protect surfaces against wear [73] and tests have 
shown that they tend to have lower friction than those formed by ZDDP [74]. However, a 
more recent study has shown that ZDDP reaction films can produce high friction even when 
the tribofilms formed are quite smooth [75] implying that the exact mechanisms are not yet 
completely understood. 

Friction modifiers have been shown to reduce friction by adsorbing on metal surfaces to 
form thin low-shear-strength films [76,77]. It has also been shown that some of these additives 
can have a significant effect on friction in both boundary and the mixed lubrication regime 
[46,72,78-80]. Kubo et al [47] found one particular FM to increase driveline torque transfer 
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efficiency by 1 %, under conditions of high temperature and torque when used both in the 
manual transmission and the hypoid rear axle of a typical Japanese car. However, in some cases 
no significant effect of FMs is found [69]. 

By using ultra-thin-film interferometry it has been shown that many common base oils can 
also form high viscosity layers on solid surfaces of about one to two monolayer thickness. 
These layers result in an enhancement of film thickness [81,82]. In a similar way, the polymer 
molecules of some VMs form layers, giving similar effects [83,84]. 

However, as discussed in section 1.3.3, in fully formulated oils the polar molecules of the 
base oil, VMs, FMs and AW/EP additives will meet sooner or later at the surfaces and 
beneficial or detrimental interaction effects can occur. 
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1.6 Gear durability
 

Gears are generally designed for a finite life and several possible failure modes can occur. 
Commonly observed modes include scuffing, wear, and various forms of contact fatigue. The 
prevailing failure mode will be determined by gear type and geometry, running conditions such 
as speed, load, temperature, and the oil being used. The prominent failure modes also vary over 
the tooth profile. With increasing distance away from the pitch line, the teeth see primarily 
sliding motion, resulting in wear and scuffing. Closer to the pitch line, the combined rolling and 
sliding action can cause formation of small cracks. As the cracks propagate and coalesce, small 
material fragments may spall of, creating pits on the surface. When frictional forces are 
negligible, this phenomenon is often called rolling contact fatigue. However, for gears, pitting 
typically occurs where frictional forces are present and thus contact fatigue will be the term 
used here. Contact fatigue in turn includes several distinctly different modes. The 
ANSI/AGMA standard 1010-E96 [85] divides it into the following three general groups: pitting 
(macro-pitting), micropitting and subcase fatigue. Pitting is discussed further below. 
Micropitting, as the name suggests is similar to pitting except that the pit size is several orders 
of magnitude smaller. Subcase fatigue may occur in surface hardened gears where the origin of 
the fatigue cracks is below the surface in the transition zone between the case and the core. 

Contact fatigue is also encountered in rolling-element bearings and cams, although the 
contact conditions vary slightly and these contacts are not discussed here. 

 
 
1.6.1 Pitting
 

The formation of pits involves two steps: micro-crack initiation and crack propagation. Once 
initiated, the micro-crack may continue to propagate for a distance and at some point, a 
secondary crack(s) forms, connecting the original fatigue crack to the surface, separating a 
fragment of the surface material and forming a pit, often with sharp and angular edges. The 
crack propagation often occurs rapidly. I.e., the initiation phase represent almost the entire life 
of a single pit [86,87]. The ANSI/AGMA standard 1010-E96 [85] uses some different 
categories to distinguish pitting damage based on the severity and propagation of the damage. 
These are: non-progressive pitting, progressive pitting, flake pitting, or spalling. It should be 
mentioned that the word spalling has been used to describe various failure modes as well as the 
crack origin in the past and is therefore sometimes confusing. 

The factors that control the nucleation and the propagation of the cracks are only partially 
understood and many factors such as material, running conditions and lubrication have been 
found to influence the process. Many researchers have studied this complex problem and 
proposed different mechanisms to explain the damage process.  
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What is clear is that the formation and the origin of the fatigue cracks are mainly determined by 
the following three factors: 

 
1. Stresses

The forces acting on the surface will create a complex distribution of sub-surface 
stresses within the macroscopic Hertzian stress field. These will both act to initiate and 
propagate the cracks (discussed further in the next section). 

2. Stress concentrations 
Various stress concentrations (stress raisers) promote the crack initiation. Either this can 
be at the surface in the form of asperities, oxides, grinding marks, micropits, and 
geometry deviations etc., or within the bulk material (subsurface) where carbides, defects 
and grain boundaries are known to be detrimental. 
 

3. Material properties 
The fatigue resistance of the material, which includes its microstructure, hardness and 
residual stress profile. The opinions as to whether or not a material specific contact 
fatigue limit exists vary. 

 
Together, these will determine the time to crack initiation, the position of crack initiation and 
the propagation rate of the cracks. This means that the cracks can initiate either at the surface 
of the gear tooth or at a shallow depth below the surface (surface or subsurface initiated). With 
continuous improvements in steel quality due to more refined production facilities and 
technological improvements in processing, there has been a shift from typically subsurface 
initiated to surface initiated pitting for gears. Pitting is, however, still often claimed to be the 
most common mode of gear failure encountered in practice. 

For gears, the region in which pitting is most frequently encountered is in the dedendum, 
slightly below the pitch line. For most gears, the load there will be carried by one tooth, 
resulting in high contact pressures. In these regions, there is also sliding in a direction opposite 
to the rolling. i.e., there are negative sliding conditions which are often found to be detrimental 
to pitting life. One issue with pitting is that the pits are formed in a critical area of the tooth 
where they substantially decrease its bending fatigue resistance. Apart from complete failure, 
pitting can also lead to increased noise and vibrations caused by the deviation of the tooth 
profile. The debris can also lead to severe secondary damage. 

In addition to the forces acting on the contact, gear teeth also experience tensile and 
compressive stresses from the bending of the tooth. These stresses can extend along the tooth 
profile up to the point of contact and therefore play a role in contact fatigue damage [88]. 
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Surface micro-crack initiation and propagation
 

At the surface, large stresses can be formed in the region of dents [89] or surface asperities [90]. 
These stresses cause cyclic or cumulative plastic shear strain in the near-surface layer, voids 
develop and expand until they coalesce and form typical micro-cracks [91]. One example can be 
seen in Figure 12, in the form of a spur gear tooth. As can be seen, the crack angle follows the 
direction of the friction force and not the motion of contact. There is, however, no single 
accepted explanation for this dependence [92]. For both dents and surface asperities, the micro-
crack initiation is highly influenced by the tangential forces (frictional forces) acting on the 
surface [89,90]. 

 

 
Figure 12. Characteristic surface micro-cracks (not to scale), replicated from ref. [92]

 
Once formed, the micro-cracks sometimes continue to propagate deeper into the subsurface 
material. In this region, a compressive stress field exists whereas tensile stresses are small or 
non-existent. The fact that fatigue cracks propagate in a compressive stress field is a bit unusual 
and makes it different from more classical structural fatigue where tensile stresses are mainly 
responsible. 

Still, the micro-cracks continue to propagate and for this fact many explanations have been 
presented. However, at present there seems to be no general agreement regarding which 
stresses act to propagate the cracks or in which mode they propagate. 

Below the surface, a complex field of shear stresses occurs. The magnitude of the shear 
stresses is directly proportional to the normal load. However, the effects of tangential forces 
acting on the contact surface vary for different shear stresses (depending on position and 
direction of the shear stress). See for example ref [93] for more details. Various suggestions 
regarding which of the subsurface shear stresses are responsible for the crack propagation has 
been reported in the open literature, at least for rolling element bearings [94-97]. 

Regarding the crack propagation mode, many researchers have suggested that the prevailing 
mode is ‘mode II’ (in-plane shear) due to the shear stresses. Some indications of subsurface 
crack propagation through the mechanism of mode II have also been seen [98]. However, as 
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Johnson [91] pointed out, the compressive stress will act to keep the crack closed, effectively 
hindering the relative motion between the crack faces due to crack face friction and 
interlocking. As a result, the stress intensity at the crack tip is small. Many experimental studies 
have also shown that it is very difficult to grow mode II cracks [99]. Otsuka et al  [100] had some 
success in producing mode II crack growth but only after applying a small tensile stress to 
separate the faces of the crack. 

As a way out of this dilemma, many researchers suggest that the action of a fluid could 
facilitate the crack propagation, as first mentioned by Way [101]. Direct observations by Olver 
et al [102] indicate that oil in fact can enter small surface cracks. This conclusion is also 
supported by Meheux et al [103] who observed tribofilms on the crack faces. Bower [104] 
mentioned three possible effects an oil can have in surface cracks: 

 
(1) The fluid may lubricate the faces of the crack, but exert no pressure on the crack faces; 
(2) The fluid may be forced into the crack by the load and thus force apart the faces of the 
crack; 
(3) Fluid may be trapped inside the crack. The crack is filled with fluid just before the contact 
area reaches the mouth of the crack. Immediately afterwards, the mouth of the crack is sealed 
by the contact. 
 
Regarding the first point, lubricated faces, Bower [104] showed that the crack can propagate in 
mode II driven by cyclic shear stresses. Bower [104] also found that stress intensities were very 
sensitive to the crack face friction coefficient and that crack growth is unlikely unless the 
friction coefficient is less than 0.2. Kaneta et al [105] analysed the second point by assuming 
that the lubricant transmits the normal Hertzian contact pressure applied at the mouth of the 
crack to the crack tip. The results showed substantial mode I and mode II stress intensities at 
the crack tip (mode I is a crack-opening mode by tensile stress normal to the crack). These 
findings were later confirmed by Bower [104]. Kaneta et al [105] also found that the crack 
mouth opening depends on the magnitude of surface friction and for conditions with low 
friction, it was difficult for the lubricant to penetrate into the crack and growth hardly occurred. 

The third point, fluid entrapment, has been examined by Bower [104]. The results showed 
that the trapped oil hade two effects. First, the fluid pressure generates mode I stress intensities 
as the fluid is forced toward the crack tip; second, the fluid keeps part of the crack open, and 
hence reduces the crack face friction. Consequently, large stress intensities were found for both 
mode I and mode II. 

These mechanisms also offer an explanation to the observation of many experimental 
studies that only the slower/driven surface is sensitive to pitting. For inclined micro-cracks (as 
shown in Figure 12), fluid is only trapped in the crack if the crack mouth enters the contact 
before the crack tip, as suggested by Bower [104] (see Figure 13). This is the case for 
slower/driven surfaces. Still, all three proposed mechanisms have some unsatisfactory features 
[92]. 
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Figure 13. Bower's fluid entrapment mechanism, replicated from [104]. Fluid entrapment will only occur if 

the contact travels from left to right

 
 

Effects of lubricants on pitting
 

In the open literature, a large number of studies pertaining to the effects of lubrication on 
pitting can be found, although many are speculative in nature. Some of the salient studies are 
briefly described below. 

Already in 1935, Way [101] presented a comprehensive work on pitting, dealing with the 
influence of lubrication. He showed the importance of high viscosity and lubricant film 
thickness in relation to the surface roughness ( -ratio). He explained the detrimental effect of 
low viscosity oil by its ability to enter any surface cracks (as discussed earlier). Later, Dawson 
[106] and Littman et al [107] confirmed the importance of the lambda ratio. However, none of 
the mentioned studies measured friction during the tests. A couple of years later, this topic was 
discussed in the work of Soda and Yamamoto [108]. They used a four-roller test rig, and 
compared the effects of surface roughness ( -ratio) and found that pitting life decreased 
uniformly with friction, which they used as explanation of the results. However, studies have 
also shown that a high surface roughness is much more detrimental if it is on the slower 
moving surface (that suffers from pitting) [109] and it is possible that the negative effect of a 
high surface roughness partly is due to the stress concentrations it creates. 

Other proposed effects of lubricants include hydrogen-embrittlement caused by the 
diffusion of hydrogen from the base oil into the steel [110]. Scott [111], mention the Rehbinder 
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effect that describes the negative impact polar molecules can have on materials resistance 
against crack-extension forces (stresses). 
For the various additives used in gear oils, a range of results and mechanisms have been 
presented. For VMs, their ability to form sufficiently thick oil films at the operating 
temperature has been found to be important for pitting life [112,113]. The effects of EP and 
AW on pitting are believed to involve both the chemical and physical characteristics of the 
lubricant. Chemical reactivity has been linked to crack initiation by the creation of corrosion 
pits and high stress points [114-116]. In a similar fashion, the additives have been proposed to 
increase the propagation rate of micro-cracks [117]. These theories find indirect support from 
Wöhler fatigue tests (rotating bending in oil environment) where an AW additive caused a 
significant reduction of fatigue life [118]. In a similar test, the same effect was found for certain 
EP additives and was attributed to their chemical reactivity promoting crack initiation [119]. 
Enhanced pitting lives have been reported to occur due to accelerated surface conditioning by 
EP additives [120]. A similar smoothening effect from EP additives is also considered in [121]. 
Additives have also been reported to inhibit crack propagation by a corrosive wear process that 
removes surface or near-surface cracks [122,123]. A completely different mechanism was 
proposed by Meheux [124] whereby the thin tribofilms formed on the surface could provide 
mechanical support to surface cracks. Fowles et al [125] suggested that thick boundary films can 
enhance pitting life by reducing the asperity interaction severity and micro-crack initiation. 

In the literature it has also been postulated that the characteristic pressure-spike occurring in 
EHL contacts could have a detrimental effect on pitting life [22,126] which may be of interest 
since studies have shown that more incompressible lubricant gives rise to higher pressure spikes 
[127].  

 
 
1.6.2 Pitting life testing
 

One of the challenges with pitting life testing is the large number of variables that affect contact 
fatigue resistance. The variables include: geometry, material properties, surface characteristics, 
inclusion sizes, inclusion types, operating load, operating temperature, lubricant type, lubricant 
additives, lubricant properties, extent of sliding, and rotational speed. The closer these 
properties are replicated in a pitting test, the more reliable will be the results. Various 
simplifications are normally used, but the complexity of different pitting tests varies, from 
assembled gearboxes mounted in vehicles to bench type component tests using standardised, 
simple test specimens. Often, results obtained with the bench-type testers are only used to 
indicate trends and to rank lubricants and materials. 

The next question regards suitable test parameters during the tests. Mohammadpour [5], 
showed that for a passenger car driving on the highway at 110 km/h, with an engine torque of 
144 Nm (2524 rpm) and the transmission engaged in 5th gear, the Hertzian maximum contact 
pressure occurring in the drive axle hypoid gear is in the order of 0.8–1 GPa. The minimum 
film thickness was 0.5–0.6 m. Pitting life tests at such low loads are too time consuming and 
would be extremely long, if pitting would occur at all. Therefore, loads used in pitting tests are 
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typically increased to simulate the occasional high loads encountered in practice. This can for 
example be due to gearshifts, acceleration, start/stop etc. With increased load, care must 
however be taken to ensure it does not alter the failure mode. 

The next issue with fatigue testing is interpretation of the results. It is generally accepted that 
scatter in fatigue life is an inherent property of the material and even under identical stress 
conditions there will be wide dispersion in fatigue lives. Such a stochastic quantity cannot be 
specified by a single number. For pitting tests run under identical conditions, the failure rate of 
the population usually fits a Weibull distribution [94]. Taking advantage of this fact means that 
only a finite collection of tests has to be run before the underlying life distribution for the 
general population can be derived, within certain significance limits.  

The results are often plotted in ‘Weibull plots’, where the Weibull distribution function is 
linearized using special axes. An example with five test results can be seen in Figure 14. The y-
axis of the Weibull plot shows the failure probability of the tested component. For example, 
0.50, is the expected life where 50 % of a population are expected to have failed, often referred 
to as the L50 life. 

 

 
Figure 14. Example Weibull probability plot with five results
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2. Problem Formulation
 

As was shown in the preceding chapters, lubricating oils in general and perhaps gear oils in 
particular, possess large numbers of physical and chemical properties that are all important for 
performance in various aspects. The effects these properties have on friction are reasonably 
well understood and, as was shown, a number of possible improvements in reducing losses 
have been reported. However, the effects these will have on pitting are still unclear. This is 
partly due to the limited number of studies pertaining to this specific question and partly also 
because the exact mechanisms of pitting have not been resolved, something which is rather 
surprising given the volume of research on contact fatigue. 

 
 

2.1 Scope and objectives
 

With a better understanding of how and why oil properties affect pitting performance, gear oils 
can be optimized for lower losses, especially if this is considered in the design process of the 
gears and gear housings. With improved pitting performance in general, gearboxes with 
increased power density can also be developed. 
The research questions this thesis addresses can be stated as follows: 

 
1. To what extent do different gear oil properties affect fatigue life? 
2. Which oil properties mainly affect fatigue life? 
3. Can these oil properties be optimised to enhance pitting life? 
 

The work focusses on steel as the gear material and oil and additive types that are common in 
hypoid gear applications. However, as mentioned, hypoid gear oils are also commonly used for 
other gear types. Generic gear running conditions are used in the experimental studies. 

Pitting also occurs in other non-conformal hard EHL contacts, e.g. cams and rolling element 
bearings. The results presented here may also be relevant for such contacts, although it is not 
discussed in this work. 
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3. Experimental details
 

This chapter includes experimental details of the frequently used techniques in this work. 
Methods used infrequently are discussed in the chapter in which they appear. To begin, a short 
description of the two main test methods used is given. The following sections deal with 
specific details regarding pitting studies, frictional measurements, oil characterization, surface 
analysis methods and lastly oil thickness calculations and regression analysis. 
In this work, the slide-to-roll ratio (SRR) is defined according to: 

 =    = | |( ) (3)

 
where U1 and U2 are the entrainment speeds of the two surfaces. 

 
 

3.1 Calculated oil film thickness and lubrication regime
 

The minimum oil film thickness (hm) for the elliptical conjunctions were calculated as described 
by Hamrock [128]. The lubrication regime was estimated by calculating the lambda ratio 
according to Eq. 2, described earlier. 

 
 

3.2 General details regarding the rolling four-ball test
 

The rolling four-ball (RFB) test method was first reported by Barwell and Scott in 1956 [129]. It 
was originally designed to simulate the combination of rolling and sliding experienced in 
angular contact ball bearings. The load normally used in this test is considerably higher than 
that found in practice for gears and rolling element bearings. Despite this, the test results have 
been found to be reasonably reproducible and have in many instances been found to correlate 
well with full scale test results and service experience for gears [130,131] and rolling bearings 
[132]. The main advantages with this method are the short test duration and the small oil 
volume.  

In each test, four balls are used. Three of the balls (planet balls) are placed in a raceway in 
which they are free to roll. These are in contact with and driven by the fourth ball (driving ball) 
held in a collet/sample holder and mounted onto a drive spindle as shown in Figure 15. In this 
work, both pitting and frictional tests were performed using a computer controlled Phoenix TE 
92 HS four-ball test machine. 
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Figure 15. Rolling four-ball setup

 
Once a test commences, the raceway holder containing the three planet balls is loaded against 
the driving ball with the specified load. This is achieved by means of a pneumatic load actuator. 
A heating pad below the lower assembly ensures maintaining of the specified bulk oil 
temperature. Prior to each test, the holder including the raceway, four new balls as well as the 
collet are cleaned in heptane for eight minutes in an ultrasonic cleaner. Thereafter the parts are 
rinsed in ethanol and dried. The test oil is filled to a level where it completely covers the planet 
balls. For this, about 9 ml of oil is used. The balls used are commercially available  12.7 mm 
ball bearing balls made of AISI 52100 bearing steel with a specified surface roughness of less 
than 0.032 μm Ra (measurements to verify the specified value do however indicate that the 
majority of the balls were considerably smoother than the maximum of 0.032 μm Ra). The 
specified raceway surface roughness is less than 0.025 μm Ra. The entrainment speed between 
the driving ball and the planet balls is ~1.2 m/s. The planet balls roll along the raceway at a 
speed of ~1.2 m/s. Due to the geometry of the setup, the rotation of the planet balls includes a 
component axis perpendicular to the contact interfaces, creating a spin motion between the 
balls. By using the equations presented by Krüger and Bartz [130], the SRR at the lower and 
upper edges of the running track can be calculated to approximately -10 % and 9 % 
respectively. 
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3.3 General details regarding the twin-disc test
 

The twin-disc test machine was originally developed by Merrit [133] in 1935 to simulate the 
rolling/sliding action of meshing gears by two discs. As was discussed in section 1.1.3, the 
rolling and sliding speeds, load and radii vary as gears mesh. The idea of the twin-disc machine 
is to simulate one specific point in this meshing cycle. This is possible for many gear types. 
However, as mentioned, hypoid gears have rolling/sliding motion along two axes, which may 
need to be considered. Figure 16 gives a schematic view of a meshing pair of involute spur 
gears and their instantaneously equivalent discs. The constant and known working conditions 
are one of the merits with this setup since it simplifies interpretation of the test results. There is 
also only a small contribution from load independent losses. However, a range of test 
conditions must be run in order to simulate all conditions along the line-of-action of a gear 
mesh (if it is of interest). 

Over the years, differing views have been expressed regarding the merits of the simulation of 
gear behaviour by various disc machines. For pitting studies, the twin-disc test often shows a 
good relative correlation to gears but with higher absolute pitting capacity [134-136]. In the last 
of these three studies up to six times the fatigue life was reported. The reason for these 
differences between gears and discs has been suggested to be the dynamic loads present in gear 
contacts [134]. Regarding friction, twin-disc machines and gear testers tend to show similar 
behaviour of load-dependent friction and there is perhaps little to choose between the two [66]. 

 

 
Figure 16. Contact of involute spur gear teeth and the eqvivalent discs
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In this work, both pitting and frictional tests were performed using a computer controlled 
Wazau UTM 2000 twin-disc machine. The basic design of the test device is shown in Figure 17. 
The maximum speed is 3000 rpm and the maximum load is 2000 N. Each disc is driven by a 
separate electric motor that can be set individually. The oil volume used for each test is 1.8 l. 
An oil pump is used to circulate the oil, which is sprayed with jets onto each disc with a total 
flow rate of 60 ml/sec. Before entering the oil pump, the oil is sucked through a screen (125 
μm) and subsequently through a magnetic filter to remove finer particles. The bulk oil 
temperature is maintained by a heater situated below the oil bath. Measured signals from the 
twin-disc test device include bulk oil temperature, frictional moment, load and rotational speed. 

After mounting, the discs’ rotational eccentricity or ‘run-out’ is measured, using a dial gauge, 
in an unloaded state. Everything below a total of 10 μm radial displacement is accepted. When 
loaded, the run-out may change somewhat due to clearances in spindle bearings and deflection 
of the bearings/shafts etc. 

 

 
Figure 17. Twin-disc machine setup
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3.3.1 Test disc specification and preparation 
 

The diameters of the test discs are 45 mm and their total widths are 10 mm at the base, reduced 
to 7 mm close to the outer diameter. The rough shapes of the discs were created using an 
engine lathe after which the samples were case hardened and ground to the final shape. The 
steel used is a commercial gear steel (16NiCr4 in EN-10084:2008.). Measured elemental 
composition of a disc specimen can be seen in Table 2 (measured using a Spectromaxx LMX06 
arc spark optical emission spectroscopy metal analyser). All samples are made from the same 
steel batch. 

 

Table 2. Chemical specification of the disc steel (weight %)

C Si Mn P S Cr Ni Mo Al Cu
0.175 0.268 0.86 0.015 0.047 0.9 0.84 0.026 0.017 0.22
 

After case hardening, the surface microstructure consists of low tempered martensite and ~10 
% residual austenite whereas the core microstructure consists of low tempered martensite and 
bainite. Vickers micro-hardness profiles for the outer surface of the discs can be seen in Figure 
18. The case depth is approximately 0.7 mm if a limit of 550 HV is used [137]. The surface 
hardness ranges from 60–61 HRC. 

 

 
Figure 18. Disc’s case hardening profile

 
After case hardening, all contact surfaces and most non-contact surfaces are ground. Special 
attention is given to the discs’ outer surface as it needs to be representative for automotive 
gears. In twin-disc testing, researchers have used methods that give the lay of the outer surface 
topography either circumferential or transversal to the rolling direction. The lay will affect oil 
film formation and thus the load capacity, as demonstrated by Patir and Cheng [138]. Twin-disc 
studies have also verified this showing different wear rates [139] and different frictional values 
and scuffing loads [140] when comparing axially and circumferentially ground discs. 
As previously shown in section 1.1.2, various finishing techniques are available for gear teeth, 
producing various surfaces with different lays. For ground teeth and to some extent honed, the 
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lay will be transversal to the rolling direction. In the present study, ground gears are the focus 
and therefore discs with transversal grinding lay were used. To replicate the elliptical gear 
contacts and to avoid edge loading stress concentrations, each test consisted of at least one disc 
with a crowned outer surface. In some tests two crowned discs were used. This will be 
discussed further later. To achieve the desired lay and the crowning, a special grinding device 
was developed and built. It incorporates 50 mm diameter cup shaped grinding discs. To grind 
the flat discs, the outermost surface on the grinding disc was used. To create the crowned discs, 
the edge between the outermost surface and the inner diameter surface was used, as illustrated 
in Figure 19a-b. By adjusting the height of the grinding cup relative to the disc, the crowning 
radius of the finished disc can be changed. A radius of 35 mm was chosen for the crowning to 
attain reasonable contact pressures, given the limited maximum load of the twin-disc machine. 

 

(a) (b)

Figure 19 a,b. Grinding methods for the flat and crowned discs respectively

 
The grinding media consisted of cubic boron nitride (CBN) with a universal bond for dry 
grinding. During grinding, the disc and the CBN disc rotate at 50 and 18000 rpm respectively. 
The rough shape was created using a CBN disc with grit size 91 μm. The final grinding was 
performed using a disc with grit-size specified to 22-36 μm. This final grinding was done using 
a fixed sequence to ensure consistent surfaces. Initially, 5 μm of material was removed and then 
the grinding disc was left for 20 seconds to spark out and then quickly removed. Analysis of the 
finished discs showed little variation of crowning radius and the surface roughness was 
consistent within ± 0.01 μm. Due to the difference in the setup, the finished flat discs became 
slightly smoother. Representative values can be seen in Table 3. 
 

Table 3. Average surface parameters of ground discs

Rq (μm) Ra (μm) Rt (μm)

New flat discs: 0.17 0.13 1.1

New crowned disc: 0.20 0.15 1.2



 

- 41 - 

3.4 Pitting test methods
 

In papers A-C, the oils’ pitting lives and were obtained by performing 
median rank regression (least squares fit) as described by Houpert [141] (for populations with 
unknown Weibull slope), assuming that the fatigue lives were well represented by two-
parameter Weibull distributions. 

In papers D-E, the pitting lives and Weibull slopes were obtained by using a maximum 
likelihood estimation using the commercial software Matlab, again assuming that the fatigue 
lives are well represented by two-parameter Weibull distributions. 

The confidence of difference in mean life (approximately L50) was calculated, as described 
by Johnson [142]. The two pitting test methods used in this work are discussed further below. 

 
 
3.4.1 Rolling four-ball pitting test
 

The RFB pitting tests were started by rotating the driving ball at 250 rpm with an applied load 
of 0.10 kN giving the heater pad sufficient time to raise the temperature of the bulk oil to     
120 °C and to stabilize before the speed and load were increased to 4000 rpm and 4.3 kN 
respectively. However, due to the accumulated heat, the bulk oil temperature initially rose 
above 120 °C as a new heat source was introduced with the application of load and speed. The 
tests continued until a pit formed on any of the surfaces, detected by a built-in vibration sensor 
that automatically stops the machine. The raceway is replaced after 24 pitting tests. To 
minimize any spurious factors and effects of raceway wear, the tests were run in a randomised 
order. 

The load used results in a maximum Hertzian contact pressure of ~7.69 GPa at the three 
contact points between the driving and the three planet balls. This causes stresses above the 
static load capacity of AISI 52100 bearing steel and plastic deformation will result, creating an 
indentation along the running track on the driving balls which will reduce the contact pressure. 
For the contacts between the planet balls and the raceway, the corresponding maximum 
Hertzian contact pressure can be calculated to ~2.44 GPa. 

Since the driving ball is directly mounted on the spindle of the machine, a single running 
track is formed where it makes contact with the planet balls. As a result, the driving ball 
accumulates loading cycles much faster than the planet balls and is therefore most likely to 
suffer early pitting damage. Each revolution of the spindle results in 2.25 stress cycles on the 
driving ball running track. Test parameters used in this study are similar to those developed by 
[131] which reportedly provided good repeatability and reasonable correlation to other gear 
fatigue test methods in regard to lubricant-dependent pitting results. 
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3.4.2 Twin-disc pitting test
 
 

For the pitting tests, the UTM 2000 twin-disc machine was equipped with an external vibration 
monitoring system, able to shut down the machine. This machine was also modified to enable a 
maximum load of 3000 N instead of the original maximum of 2000 N. The modification 
consisted of a different bearing design for the drive spindles and, in addition to the dead weight 
loading system, a coil-spring loading system was incorporated. However, due to the new 
bearing design, precise friction measurements were not possible. 

To increase the contact pressure, two crowned discs were used. The result is an elliptical 
contact area with semi-contact widths of 0.56 and 0.75 mm (minor diameter in the rolling 
direction) and a Hertzian maximum contact pressure of 3.43 GPa. In addition to this, 10 
indentations were made on the surface of the faster moving disc, slightly offset from the 
contact centre. For this, a Brinell hardness tester was used with a load of 250 kg and tungsten 
carbide balls of 2.38 mm diameter. In Figure 20, a SEM micrograph of an indent is shown. The 
resulting indents were slightly elliptical with widths of ~0.66 and ~0.68 mm (minor diameter in 
the rolling direction) and a depth of about 35 μm. In Figure 21, a 2-D view from an optical 
profilometer measurement can be seen (disc radius removed). The localized plastic flow causes 
a small, elevated shoulder around the indents. The ridge and the pit depth are enough to cause 
a discontinuous contact area where the load is only supported by the dent shoulder. This leads 
to an increased contact pressure in the dent region; especially the presence of a dent shoulder 
affects the pressure distribution [89]. Studies have shown that the fatigue life is inversely 
proportional to the number of dents [143] and it can be assumed that the passing of the indents 
through the contact region will be responsible for the majority of the total stressing of the near 
surface material. 

 

 
Figure 20. Electron micrograph of an
indent made by the Brinell hardness 

tester
 

Figure 21. Measurement of an indent using an optical interferometer

 
Each test was started by rotating the discs at 1700 rpm with a load of 1000 N while the oil was 
heated to and stabilized at 100 °C. This stage also functions as a mild running-in stage as the 
local high shear stresses will cause the asperities to plastically deform, leading to smoother 
contacting surfaces. After one hour, the load was increased to 3000 N (3.56 GPa) and the speed 
of one drive was reduced to 1538 rpm to give a 10 % SRR. 
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The discs’ run-out will affect the maximum load and frictional forces experienced by the discs 
during the tests and may therefore affect the pitting results. This has been analysed later in this 
study to see whether the effects are significant, and if so then, analyse if it is possible to remove 
the effect after the tests series is completed. To enable comparison of the run-out, vibration 
data was recorded during each test in terms of acceleration (g), measured at 25.6 and 28.1 Hz. 
These frequencies were chosen since these correspond to the rotational speeds of the discs. 
The reason for using measured vibrational data rather than the unloaded run-out directly is that 
previous tests have shown only a weak correlation between unloaded run-out and vibrations 
occurring during actual tests. 

Each test was run until pitting occurred. The occurrence of pitting was detected by the 
vibration monitoring system, which automatically stops the test after a further few seconds. 
The sensitivity of the system is set so that an increase in vibration level of 0.1 g above the initial 
value triggers the shutdown. The vibrational value used was the root-mean-square of the range 
10-1000 Hz. 
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3.5 Frictional studies
 

In this work, the phrase ‘thin-film friction’ is used when discussing friction measured in the 
mixed lubrication regime, micro-EHL or for very thin EHL oil films. The reason being that it is 
often not clear precisely which regime is present during testing (due to the limited accuracy of 

-ratios). 
 
 
3.5.1 Twin-disc friction measurements
 

The twin-disc friction tests consisted of almost eight hour long sequences. Each test started 
with one hour for oil heating in which the discs rotated without making contact and the bulk oil 
temperature was raised to 100 °C. This was followed by 10 minutes of running under pure 
rolling with a 2000 N applied load as a step in the heating process. It also serves as a step of 
mild running-in. The geometry of the discs and the load result in an elliptical contact area with 
semi-contact widths of 0.43 and 0.9 mm (minor diameter in the rolling direction) and a 
Hertzian maximum contact pressure of 2.46 GPa. 

The remainder of the test was a series of runs through a range of speeds in order to plot 
‘Stribeck type’ curves. At 12 different points in each sweep, the friction was measured by 
maintaining a fixed rotational speed for 10 seconds to obtain an average at that point. Between 
each sweep, the rotational speeds of the two drive motors were set to 1538 and 1700 rpm (3.6 
and 4 m/s) respectively to allow for the evolution of tribofilms and surface roughness. The 
duration of these intermediate periods started at 30 mins followed by periods of 30 mins, 1 
hour, 2 hours and 2 hours. An illustration of how the speed and load was varied throughout the 
test can be seen in Figure 22. At each point, a 10 % SRR was maintained. A relatively low SRR 
was chosen so that friction does not strongly influence the film thickness through heating. 

 

 
Figure 22. Running conditions during the 8 hour tests. At each point a 10 % SRR was maintained
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3.5.2 Ball-on-disc friction measurements
 

The ball-on-disc friction tests were performed in a PCS mini traction machine (MTM). In this, 
a highly polished steel disk is in contact with a ¾ 
is immersed in oil which is pulled into the contact area during the test. The friction tests were 
run at 75, 100 and 125 °C bulk oil temperature. The mean entrainment speed was varied from 
20 to 2000 mm/s and a load of 20, 35 and 50 N was used at each step. This procedure was run 
for each oil included in this study. 

 
 
3.5.3 Rolling four-ball contact temperature measurements
 

The friction can be measured directly in the RFB test but it is a complicated procedure [144]. 
Therefore friction of the oils was ranked indirectly by performing ‘near-contact’ temperature 
measurements during actual RFB tests. This is hereafter referred to simply as ‘contact 
temperature’. It is generally accepted that most of the frictional work occurring in EHL 
contacts is converted into heat that in turn raises the interface temperature. Experimental 
studies have also shown a proportional relationship between surface temperature rise and 
friction force [145,146]. 

In RFB tests in this work, the temperature was measured using a thermocouple inserted into 
a 12.5 mm deep, 2 mm diameter hole through the centre of the driving ball. The hole was 
created using spark erosion during which the balls were submerged in de-ionized water, leaving 
the material properties unchanged. At the tip of the hole, only a thin layer of metal was left (see 
Figure 23). The planet balls roll/spin past the position of the thermocouple (or close by) 2.4 
times during every revolution of the driving ball, i.e. 160 /s. As a result even minimal inputs of 
frictional heat result in a measurable average temperature rise. To ensure good heat conduction 
between ball and thermocouple tip, heat-conducting paste was applied. The thermocouple and 
heat conductive paste were kept in place by means of a rubber bar inserted into the hole to 
ensure a sealed fit. The rubber bar itself was kept in place by cyanoacrylate glue. The driving 
ball was inserted into the holder with a slight angling of the hole to get the thermocouple tip 
close to the running track and to enable temperature measurements close to the contacting 
interfaces. Experience has shown that the thermocouple cannot be placed directly below the 
running track as this may result in an indentation in the running track once a test commences 
and would cause vibrations. The thermocouple cable was drawn through a hole through the 
entire length of the spindle and connected at the end via a slip-ring. The temperature difference 
over the slip-ring is small and it will therefore not significantly affect temperature 
measurements. 

For different driving balls there will be small variations in heat conduction between the 
thermocouple and the ball as well as differences in the distance from thermocouple to the 
running track, depending on the angle of tilt. As a result, the measured temperatures will vary 
marginally from ball to ball and can therefore not be directly compared. To overcome this 
problem, all oils need to be tested in sequence using the same driving ball. This was done in a 
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randomized order and was repeated until pitting occurred. This procedure was repeated for two 
driving balls. 

The test parameters used were the same as those used in the pitting life tests except for two 
salient points. Firstly, an extra careful heating sequence was used to ensure that the 
temperatures of the bulk oil, raceway holder and drive spindle and its assembly (measured using 
thermocouples) were each within ±0.5 °C at the start of every test to reduce effects on the 
contact temperatures. The heating was performed by slowly heating the oil while the drive ball 
was rotated at 2000 rpm with a 200 N load. Secondly, the tests were only run at full load and 
speed for 15 000 revolutions, taking about 240 seconds. This was done to enable multiple runs 
per driving ball. The cleaning process also included an extra light polishing of the raceway and 
driving ball surfaces with paper/heptane to improve the removal of contaminants from tests. 
Three new planet balls were used for each test. 

 

 
Figure 23. Setup used for measuring running track contact temperatures
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3.5.4 Boundary friction measurements
 
 

A high frequency reciprocating rig (HFRR) was used to measure boundary friction. In this test, 
a  6.0 mm ball oscillates across a steel surface at a frequency of 20 Hz over a path length of 1 
mm. Test duration was 180 s and the average friction from the final 175 s is reported. 

Both the ball and the flat surfaces were made of AISI 52100 steel having surface roughness 
values of less than 0.05 μm Ra and 0.02 μm Ra respectively. The ball was loaded against the disk 
with a load of 4 N applied by means of dead weights. Friction was measured for three minutes 
at 70, 100 and 130 °C. The average friction coefficient at each temperature was recorded. 

 
 

3.6 Viscosity behaviour
 

Dynamic viscosity was measured at both low and high shear rates. Low shear rate viscosities 
were measured using a Bohlin CVO 100 rheometer with a cone-on-plate arrangement (40 mm, 
1°). The speed of the rotor/cone determines the shear rate exerted on the fluid. Low shear rate 
dynamic viscosities were measured at shear rates between 500 /s and 1×104 /s at 120 °C bulk 
oil temperature. High shear rate viscosities were measured using a PCS Instruments Ultra Shear 
Viscometer with a rotor inside a stator. High shear viscosities were measured at shear rates 
between 5×105 /s and 1.5×106 /s at 70, 90, 110, 130 and 150 °C respectively. 

The pressure-viscosity behaviour of the oils was measured using a falling-ball viscometer. 
This consists of a cylinder inclined at 10° from the vertical with a 50 mm cylindrical bore that 
can be pressurised up to 34 MPa. The viscosity of the lubricant is determined by the time it 
takes for a ball (with a diameter slightly smaller than the bore) to travel a predetermined 
distance of 100 mm. The diameter of the ball used was chosen so that the falling time was long 
enough to ensure laminar flow for all test conditions. The viscometer was heated by a sleeve on 
the outside. Influence of temperature and pressure on the ball/bore clearance was calculated 
and compensated for in the evaluation of viscosity. A more thorough description of the 
viscometer can be found in the work of Jonsson [147]. Falling ball viscosities were measured at 
120 °C and in increments up to 34 MPa. At these relatively low pressures and isothermal 
conditions the pressure-viscosity dependency is well approximated by the Barus equation [17], 
according to Eq. 1. 

The measured pressures are lower than typical for EHL inlet regions where the pressure is 
believed to be, representatively ~70 MPa [15]. However, in this pressure range, the ranking of 
oils is typically consistent with increasing pressure as shown for example in the work of Larsson 
et al [148] for pressures up to 500 MPa. 
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3.7 Thermodynamic properties
 

Thermal conductivity was measured at temperatures from room temperature up to 100 °C, at 
atmospheric pressure using a heated probe method in which a line source heater and 
temperature sensor are combined into one small diameter probe. This probe is inserted into the 
sample and the heater turned on for a preselected time interval and the rate of heating of the 
probe is measured. From this the thermal conductivity of the sample was calculated. The 
precision of this method is ±5 %. 

Specific heat was measured at temperatures ranging from room temperature to 110 °C using 
a standard Perkin-Elmer DSC-4 differential scanning calorimeter using sapphire as the 
reference material. By comparing the electrical power needed to heat both the sample and the 
known mass of sapphire at the same rate, the specific heat can be calculated. The precision of 
the method is ±2 %. 

Both these thermodynamic parameters vary with pressure but by different amounts. Thermal 
conductivities have typically doubled at pressures of 1 GPa whereas specific heats show only a 
slight increase [148]. However, for both the parameters the study also shows that the ranking of 
the oils is fairly consistent. It is thus likely that the ranking at atmospheric pressure is also 
representative for the conditions present in the rolling four-ball test. 

 
 

3.8 EHL film thickness measurements
 

Although the parameters referred to above will give a good indication about oil film formation, 
the oils’ film forming capabilities were measured directly using a PCS EHD ultra-thin film 
measurement system. Using a transparent glass disc and a ¾  ball made of AISI 52100 steel, 
the film thicknesses were measured using optical interferometry at 30 N load, 100 °C bulk oil 
temperature and entrainment speeds of between ~0.5 and 1.5 m/s under pure rolling 
conditions. 

 
 

3.9 Surface and wear analysis
 

A Wyco NT1100 3D optical profilometer was used in much of this work to analyse surface 
parameters and surface object dimensions. Surfaces were also analysed using scanning electron 
microscopy (SEM). 

To characterise wear, the weight of some samples was measured before and after tests using 
a Mettler Toledo AX205 scale (0.01 mg resolution). Each weight measurement was repeated 
three times and the average calculated.  
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3.10
 

Analysis of surface tribofilms was performed using a JEOL JSM-5800LV SEM, equipped with 
a thermoelectron nanotrace detector for energy dispersive X-ray spectroscopy (EDS) to allow 

first rinsed with 
heptane and dried with nitrogen. EDS spectra were recorded at 7 keV incident beam energy. In 

s
e 

software uses a statistical comparison of the EDX spectra at each pixel and separates them 
according to how different they look from each other, using this information to create two-
colour images.  
 
 

3.11 Regression analysis
 

Multiple linear regression (MLR) analysis is a statistical technique for investigating and 
modelling the relationship between a set of input (predictor) variables and a response 
variable(s). This is done by fitting an MLR model to the experimental data via the method of 
least squares. The model suggested for describing this experimental data is: 

 

nn xxxy ...22110 (4)

 
In this study, the MLR models contain a single response variable (y) which is the predicted 
number of revolutions until failure. This prediction depends on n predictor variables , 

,…, , which are the included test variables (chosen oil properties). 1, 2,…, k are the fitted 
regression coefficients, representing the mean response in y for one unit of change in one 
predictor when all the remaining predictors are held constant. 0 is a constant,   is a random 
error assumed to be normally distributed as N (0, 2). The statistical significance of the terms in 
the MLR model were analysed by means of P-tests where the P-value can be seen as a 
percentage of the likelihood that a coefficient for a particular term in the model has emerged by 
chance. The significance level in this study is set to 0.05. The MLR analyses were performed 
using the commercial software Minitab 16. 
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4. Effects of gear oil properties on pitting life
 

This chapter presents some important experimental observations and results from the investigations described in 
the appended papers A-B. The appended papers provide experimental details, results, and discussions not 
included here. Analysis of the pitted ball samples is described in chapter 5. 

 
The present study was aimed at investigating the correlation between gear oils’ physical 
properties and pitting life. Eight gear oils were formulated to obtain different combinations of 
base oil, viscosity, and concentration of friction modifiers. To rule out influences of other 
additives and avoid excessive wear, all oils contain the same API GL-5 additive package. This 
investigation is done by first analysing the oils’ physical properties and subsequently the oils’ 
pitting lives. To find the correlation between the two and to find the salient properties that 
have a significant influence on pitting life, multiple linear regression analysis was used. 

 
 

4.1 Experimental
 

In order to include all eight oils in the pitting studies, the relatively fast RFB test was used as 
described in section 3.4.1.  

In the regression analysis, the predictor variables (oil properties) were coded with values 
between 0 and 1, to avoid the units of measurement being reflected in the magnitude of the s. 

The oil formulations were prepared with intentions to vary viscosity, boundary friction, and 
EHL friction levels. Viscosity was varied by selection of base oil viscosity, boundary friction by 
the addition of a friction modifier and EHL friction by using either PAO or mineral base oil 
(MO). A summary of the sample matrix is shown in Table 4. 

 

Table 4. Blend matrix for the eight oils

Oil Base oil type Viscosity level (SAE J306) Additive package
M90FM MO 90 GL5 + Additional FM
S90FM PAO 90 GL5 + Additional FM

M90 MO 90 GL5
S90 PAO 90 GL5

M80FM MO 80 GL5 + Additional FM
S80FM PAO 80 GL5 + Additional FM

M80 MO 80 GL5
S80 PAO 80 GL5
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4.1.1 Oil characterization tests
 
The oils’ physical properties were characterized using eight different bench tests (low and high 
shear rate viscosity, boundary friction, EHL friction, pressure-viscosity behaviour, oil film 
formation, specific heat, and thermal conductivity) as described in chapter 3. Pressure-viscosity 
measurements were limited to four oils and were performed on the oils containing additional 
FM. Measured values for these four oils are also used for the equivalent oil without extra FM. 

The measured properties indicate the expected performance of the oils in important EHL 
mechanisms: the capability to form a separating EHL film; friction generated in the full film 
EHL and mixed lubrication regimes; and friction generated during boundary lubrication 
conditions. 

In the characterization, attempts were made to replicate the conditions present in the RFB 
test as far as possible. The closer to the actual conditions, the more accurately it is possible to 
analyse the effects of the oil properties. There are some limitations in the bench tests used, 
however, as long as the ranking of the oils found during the characterization are also relevant 
for the RFB tests, reasonable conclusions can be drawn. Therefore, where applicable, 
characterization tests were run under a range of conditions to investigate how the relative 
ranking of the oils varied. 

 
 

4.2 Results and discussion
 

A large amount of data was produced in terms of oil properties. After analysis of the measured 
data, the points most relevant for the RFB tests were found (see Table 5). Short descriptions of 
the test parameters are given as a footnote to this table. 
 

Table 5. Some selected measured physical properties of the oils

Oil

Dynamic 
viscositya

(mPa·s)

Boundary 
friction 

coefficientb
EHL friction 
coefficientc

Pressure-
viscosity 

coefficientd

(GPa-1)

EHL film 
thicknesse

(nm)

Specific 
heatf

(J/g·K)

Thermal 
conductivityg

(W/m·K)
M90FM 8.28 0.110 0.034 15.4 141 2.29 0.141
S90FM 8.21 0.111 0.014 14.7 114 2.40 0.140

M90 8.12 0.158 0.033 15.4 141 2.24 0.147
S90 7.91 0.158 0.015 14.7 115 2.33 0.140

M80FM 5.78 0.112 0.032 14.7 105 2.18 0.142
S80FM 5.75 0.113 0.012 13.7 85 2.38 0.140

M80 5.70 0.162 0.031 14.7 102 2.24 0.134
S80 5.66 0.148 0.013 13.7 87 2.34 0.139

 
a) Measured at a shear rate of 1×103 /s and 120 °C bulk oil temperature.
b) Measured using the HFRR machine with a frequency of 20 Hz, 130 °C and a path length of 1 mm.
c) Measured using the MTM at 120 °C oil temperature, 1.2 m/s, 50 N, 10 % SRR.
d) Measured at 120 °C using the falling-ball viscometer.
e) Measured with a load of 30 N, 100 °C bulk oil temperature and entrainment speed of 1.0 m/s.
f) Specific heat was measured at 110 °C.
g) Thermal conductivity was measured at 100 °C.
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The oils’ L50 pitting lives can be seen in Figure 24. With the measured viscosities, the oil film 
-ratios were calculated. The results showed that the operation during the RFB 

tests were in the mixed lubrication regime for both the driving ball/planet ball and the planet 
ball/raceway contacts, although slightly thicker film was encountered in the latter. 
 

 
Figure 24. Measured L50 lives of the eight oils

 
 
4.2.1 Statistical Analysis
 

Finding regression models is an iterative process. It would not be practical to include all 
iterations here but the following discussion is included regarding the correlation between the oil 
properties (Table 5) and the RFB L50 lives (Figure 24). With the three most significant 
properties remaining, the result is the model of Eq. 5. The significance of the predictors, root-
mean-square error (RMSE) and R2 for the model are shown in Table 6. As can be seen, the R2 
value shows that 96 % of the variation in L50 pitting life is explained by this model. Further, 
the P-values show that only the effects of the oils’ EHL friction properties can be considered 
significant. 

As mentioned previously, the RFB contacts operate in the mixed lubrication regime. 
However, the strong effect of EHL friction indicates that there was considerable hydrodynamic 
action and the load was only partly carried by the asperities. 
 × 10 = 23 1.1 × . 0.7 ×  14.4 ×                   (5)
 

Table 6. Model-test for Eq. 5

Predictor P Significant if
Dynamic Viscosity 0.501 <0.05
Boundary friction 0.645 <0.05
EHL friction 0.001 <0.05

RMSE = 18357; R2 = 96 %
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A second model was also tried where only the PAO oils were included. This resulted in the 
regression model seen in Eq. 6. The model test results are shown in Table 7. In this model, the 
effect of dynamic viscosity is significant. 

 × 10 = 25 5.3 ×  1.4 ×                           (6) 
 
 

Table 7. Model-test for Eq. 6

Predictor P Significant if
Dynamic Viscosity 0.017 <0.05
Boundary friction 0.094 <0.05

RMSE = 7285; R2= 98.0 %
 
The fact that the viscosity should be low for the PAO is somewhat surprising and the exact 
reason is not clear. The results however agree with those of Rico et al [147] who found higher 
viscosity beneficial for mineral oils but the opposite for PAO in RFB tests. A high viscosity will 

-ratio and thereby a reduction of the overall tangential forces in the 
contacts, which should be beneficial. However, at the same time, a high viscosity will increase 
the torque needed to drive the planet balls along the raceway due to increased drag/churning of 
the oil. This will increase the tangential forces transmitted through the driving ball contact 
interfaces. For the PAOs, with lower tangential forces, this relatively small increase will be more 
significant than for the MOs. In FZG gear tests it has however been shown that gears have a 
longer pitting life if high viscosity PAO oils are used as compared to low viscosity PAO [149]. 
However, for gear contacts, no real equivalence to the negative effects of viscosity as discussed 
above exists. The increased churning of the oils will only place a very small extra load on the 
tooth flanks. Typically, gear surfaces are also rougher and more reliant on thick films (viscosity) 
to operate with low friction. For typical bearings however, similar effects of viscosity should 
exist and negative effects on pitting life from excessive viscosity have been reported [150].  
 
 

4.3 Effects of raceway use
 
During the pitting tests, an interesting peculiarity was seen, namely that the average pitting lives 
increased with the use of the raceway. To investigate this, an additional tests series was run in 
which oil M90FM and S90FM were tested 12 times each, in an alternating sequence. The results 
are plotted in Figure 25.  
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Figure 25. Trend for pitting lives with increasing raceway use

 
The trend for oil S90FM clearly shows that the planet ball/raceway contacts also play an 
important part in the driving ball pitting in this test. 

The only things that can change during the tests are the raceway surface roughness and 
conformity as well as tribofilm build-up. To find the cause of the varying pitting lives, the 
evolution of a raceway running track surface during use was analysed using SEM and optical 
profilometry. A two- an 
in Figure 26 over the range 0 - 0.6 mm is the lower part of the raceway running 
track where considerable smoothing of the surface can be observed; from 0.6 - 1.2 mm shows 
the unworn surface outside of the raceway running track. The SEM micrograph of a worn 
running track in Figure 27 shows that some original grinding marks remain, but between these, 
smooth plateaus have formed, increasing the bearing ratio of the surface. The unworn surface 
roughness was 30–35 nm Ra; the worn surface roughness was ~10 nm Ra. In the centre of the 
raceway running track, the surface was slightly rougher, ~15 nm. Presumably, the higher 
amount of sliding occurring close to the edges is more effective in smoothing the surface. 
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Figure 26. Two-

raceway, transversal to rolling direction. The unworn 
surface is to the right from 0.6 mm  

Figure 27. Scanning electron microscopy image 
showing upper half of raceway running track after 24 

tests



 

- 56 - 

Angular-contact ball bearings have a spinning motion of the balls in a similar way as occurring 
for the planet balls in a RFB setup. For these, experiments have revealed that the balls normally 
operate with minimal sliding at one raceway, with nearly all the sliding occurring at the other 
raceway. Where the sliding prevails is mainly dictated by the friction [151]. It is likely that 
something similar occurs in the RFB test, i.e., the sliding occurs where the lowest friction 
prevails. This also means that the tangential force from the spin motion is determined by the 
interface having the lowest friction. 

This explains the increasing lives for the PAO oil. As the raceway is used, the polishing of 
the running track -ratios, i.e. it reduces the overall tractive forces in the planet 
ball/raceway contacts and thereby the tractive forces acting on the driving ball. 

Why this trend cannot be seen for the mineral oil (M90FM) is not clear. Its larger lambda 
ratios may reduce the effects of increasing lift-off. It is also possible that the properties of the 
mineral base oil lead to the lowest friction in the planet ball/driving ball contacts, regardless of 
the raceway surface. Interesting to note in Figure 27 he 

 running track centre. H

the rolling direction. This seems to hat sliding motion occur between the planet balls 
and the raceway, at least for one of the oils. 

 
 
4.3.1 Concluding remarks
 

The tangential forces acting on the driving ball surface originate from both the spinning motion 
in the contact as well as from the force required to drive the planet balls. If the forces 
originating from both these sources are low, long pitting lives were found. The two conclusions 
that can be drawn regarding pitting lives of highly loaded Hertzian contacts, operating on the 
border of EHL/mixed lubrication conditions are: 

 
1. Gear oils’ physical properties have significant effects on pitting life. 

2. Lubricating oils should provide low tangential forces acting on the contacting 
surface for long pitting life. 

3. In terms of the measured physical properties, the friction coefficient has the largest 
effect on the pitting life. 
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5. Effects of gear oil properties on pit formation
 

This chapter presents some important experimental observations and results from the investigations described in 
the appended papers A-B. The appended papers provide experimental details, results, and discussions not 
included here. 

 
The findings presented in chapter 4 indicated that the tangential forces (frictional forces) acting 
on the contacting surfaces are important. To verify this observation and to form a better 
understanding of why this was the case, a better understanding of the pit formation process in 
the RFB test was needed. This was done by analysing the used ball samples for two of the oils 
described in chapter 4. In addition, a few additional tests were run to capture various stages of 
pit formation. To facilitate interpretation, two oils with a big difference in pitting life were 
chosen. 

As was discussed in section 1.6.1, the formation and the origin of the fatigue cracks are 
mainly determined by three things: 

 
1. Stresses
2. Stress concentrations 
3. Material properties 

 
The lubricating oil can, more or less, affect all three. The analysis included the running track 
region of the used driving balls (where the pits are normally formed) to find the events that 
occur during the tests that may affect or eventually lead to the formation of pits. Surface 
topography and degradation w t the test in order 
to find possible stress raisers. The wear mode and rate were investigated and compared for the 
oils since if continuous wear occurs in the RFB test it will reduce the contact pressures by 
increasing the conformity. Wear may also remove incipient surface-originated pitting. The 
material beneath the running tracks was also analysed with a view to analyse and compare 
material degradation. Analysis of the subsurface region was also performed to create an 
understanding of the pit formation and crack initiation site. 

 
 

5.1 Materials and methods
 

Ball samples from tests with oils M90FM and S90FM are included (see Table 4). As mentioned, 
M90FM is based on a mineral base oil, whereas oil S90FM is based on a PAO. Both oils have 
similar viscosities and use the same API GL-
Variation is mainly in their EHL frictional properties. 

The samples from the pitting tests in Chapter 4 are called end-of-test (EOT) ball samples. 
To capture the different stages of pit formation in terms of surface and material deterioration 
and crack propagation, additional test were run. These tests were stopped after 25 000, 50 000, 
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75 000, 100 000 or 200 000 revolutions. To minimise any spurious factors and effects of 
raceway wear, the tests were randomised by using the two oils consecutively in every other test. 

The running track surfaces of the driving ball specimens were analysed using SEM and 
optical microscopy (OM). To characterise the running track wear, the weight of a driving ball 
(including the sample holder) was measured prior to and after 100 000 revolutions. 

A number of driving balls were sectioned in order to enable analysis of the material 
beneath the running track surfaces. For this, the balls were moulded, ve at a time into a 
transparent thermoplastic material, as shown in Figure 28. Depending on the intended analysis, 
the balls were mounted in one of two different directions (see Figure 29). To enable hardness 
mapping, the balls were mounted perpendicular to the running track; the hardness 
measurements were performed using a Vickers micro-hardness tester at a load of 300 g. 

For analysing pits, crack origin and propagation, 30 balls were sectioned along the running 
tracks. The samples were ground in several steps to enable analysis at various depths. At each 
step, the samples were polished, etched, and analysed in minute detail using OM and SEM. 

 

 
Figure 28. Five balls, moulded and ground

 

 

Figure 29 a,b. Schematic sketch of sectioned balls (a) 
perpendicular to the running track and (b) along the 

running track
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5.2 Results
 
5.2.1 Wear and surface degradation
 

During the RFB tests, a running track was quickly formed on the driving ball (see Figure 30). 
The weight measurements show an i 100 000 revolutions, clearly 
implying that the running tracks are formed predominantly due to plastic deformation. 

 

 
Figure 30. Driving ball mounted in a sample holder, showing the running track

 
Figures 31a-b, shows the running tracks for the two oils 100 000 revolutions (upper edges of the 

gures are the leading edges). The surfaces appear smooth, and no evidence of micropitting 
for either of the oils can be seen. Both are however characterised by small arc-like features. It 
is unclear whether these features have any effect on pit formation, but they were present for 
both oils and thus not likely to be the cause for the varying pitting lives. This was also verified 
using SEM. 

 

 
Figure 31a,b. Optical microscopy images showing the ~0.9 mm wide running track surfaces after 100 000 

revolutions for (a) oil M90FM and (b) oil S90FM
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5.2.2 Driving ball subsurface material
 

The etched surfaces of the cross-sectioned balls revealed semi-circular regions with 
microstructural alterations below the running tracks. The hardness measurements in these 
regions also showed a band with decreased hardness parallel to the surface, indicating a 
decay/transformation of the original martensite microstructure. For ball samples with a higher 
number of revolutions, this softer band was visible by the naked eye (see Figure 32). This 
phenomena is typically referred to as a ‘dark etching region’ (DER) [152]. There seems to be 
general agreement in the literature that this is the result of phase transformations due to shear 
stress-induced micro-yielding. 

 

 
Figure 32. Optical microscopy image showing the semi-circular region and the DER, oil M90FM, 165 463 

revolutions

 
For rolling-element bearings, Jones [152] pointed out that pitting damage occurs as a direct 
consequence of the microstructural changes occurring under the rolling surfaces. Of a total of 
47 pitted balls analysed in this study, 42 showed a DER. showing a DER 
were from tests that failed at very low number of revolutions. In these cases, only a small 
decrease in hardness could be measured. This shows that more than one mechanism is involved 
in the pit formation. This ‘double failure mechanism’ was also found by Lund [153] for pitted 
rolling-element raceways. His explanation was that early failures in applications where no or 
very small structural alterations occurred were caused by environmental effects or steel 
inhomogeneities, whereas the in uence of martensite decomposition increased in 
importance with stressing time. 

The marks seen in Figure 32 are indentations from a micro-Vickers test. Figure 33 shows the 
corresponding hardnesses values, including a new ball as reference. It can be seen that the 
material close to the surface and deeper into the ball retains its hardness and that the DER 
shows a large decrease.  
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Figure 33. Hardness comparison, new ball sample versus used

 
A comparison of rate of softening occurring due to two oils is shown in Figure 34 (the figure 
includes hardness values for both the two cross-sections that are revealed when the sample is 
sectioned). It can be seen that oil M90FM leads to a faster decrease in hardness. However, after a 
certain number of revolutions the steels’ hardness reaches a steady state for tests with both oils. 

 

 
Figure 34. Hardness decrease of subsurface material as a function of number of revolutions

 
The more rapid hardness decrease for oil M90FM also suggests that its DER area/volume will 
grow faster than for oil S90FM. Although an exact mapping of this development is possible, it 
would be a drawn-out and very time-consuming task beyond the scope of this study. 
However, a simple comparison was made, as shown in Figures 35-38. After 150 000 
revolutions, a clear DER can be seen for oil M90FM becoming larger after 230 000 revolutions. 
The ball samples for oil S90FM only show traces of a DER after 150 000 revolutions, but after 
about 500 000, a DER can be clearly seen. Although not presented here (for the sake of 
brevity), the larger volume/area with martensite decay for oil M90FM is supported by extensive 
observations. It can be mentioned that Figures 35-38 illustrates samples run with a raceway 
close to the maximum 24 consecutive tests.  
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The slower decay of the martensite structure for oil S90FM shows its ability to reduce the shear 
loading acting on the surface since this will reduce many of the subsurface shear stresses. 

 

 
Figure 35. Optical microscopy image, oil M90FM

after 150 000 revolutions

 

 
Figure 36. Optical microscopy image, oil S90FM after 

150 000 revolutions

Figure 37. Optical microscopy image, oil M90FM
after 231 857 revolutions

 

 
Figure 38. Optical microscopy image, oil S90FM after 

529 632 revolutions
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5.2.3 Crack initiation and crack propagation
 

Of the 30 balls sectioned along the running tracks (Figure 29b), three balls from tests using oil 
M90FM and two using oil S90FM showed cracks that did not fully develop into pits. All these 
were in connection to the surface of the running track. They were of different length, but none 
extended deeper than the DER. In Figure 39 and Figure 40, two examples can be seen (left 
hand sides of these are the leading edges). Figure 41 shows an SEM micrograph of a similar 
crack (the sample is ground down to the centre of the running tack). No subsurface cracks were 
seen in any of the analysed balls. 

Combined, the findings strongly indicate that the cracks are initiated in this region, i.e. 
surface initiated. The relatively small number of cracks found also indicates that the transition 
from a micro-crack to pitting is fast and subsequently, the initiation phase represents most of 
the life. 

 

 
Figure 39. Optical microscopy image showing 

crack connected to running track surface

 
Figure 40. Optical microscopy image showing 

crack connected to running track surface
 

 
Figure 41. Scanning electron microscopy image showing crack connected to running track surface
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5.2.4 Pit appearance
 
The SEM and OM images of the formed pits have quite a random appearance, partly due to the 
random nature of the cracks but also since it is a post-failure analysis, i.e. further damage is 
created during the few seconds it takes for the machine to detect the damage and come to a 
complete stop. However, some common features were observed. Typically the pits have a ‘fan-
shape’ appearance, spreading in the direction of rolling that further supports the hypothesis of 
surface-initiated cracks. 

The pits spread most frequently from a point close to the smaller circumference where there 
is negative sliding, as shown in Figure 42 (the left hand side is the leading edge and the running 
track edges have been indicated by dashed lines). Figure 43 shows a cross-sectional view of a 
typical pit. The leading edge wall surfaces appear fairly smooth. The pit bottoms were almost 
exclusively situated close to the bottom of the DER where this meets the harder unaffected 
layer. The change in direction of the cracks at the bottom is likely a result of a combination of 
the ease of propagation in the softer material and shear stress maxima in the region.  

Figure 43 also shows that the pits do not result from the gradual enlargement of a small 
cavity but are rather a result of the growth of the fatigue cracks, eventually leading to the 
separation of one large particle from the main body.  

 

 
Figure 42. Scanning electron microscopy image of a 

typical pit initiated close to the smaller circumference

 
Figure 43. Optical microscopy image of a cross-

section of a pit where the particle remains in the pit
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5.3 Concluding remarks
 

As was shown, little to no wear was present and the oils wear preventive properties are unlikely 
to affect the pitting lives by affecting contact pressures. The analysis also showed that the used 
surfaces are relatively smooth, without evidence of extended micropitting or other stress raisers 
for either of the oils. Some arc-like features were found on the surfaces. It is unclear whether 
these features have any effect on the pit formation but they were present for both oils and thus 
are unlikely to be the cause of the varying pitting lives. 

The samples showed DERs with reduced hardness. The process was shown to be 
considerably faster for oil M90FM, indicating larger tangential forces acting on the contact 
surface. This was the only difference found between the samples that could be attributed to the 
lubricating oils. Further, the analysis showed that the pits are surface initiated and that the 
initiation phase represents most of the life. It is unknown how much the sub-surface martensite 
decay affects the micro-crack initiation. 

The findings presented above point to the same conclusion, i.e. that the oils’ physical 
properties must ensure low tangential force at the contacting surfaces for enhanced pitting 
lives. This finding corroborates well with the findings presented in chapter 4. In addition, the 
findings show that the effect of frictional forces acting on the surface results in a delay of 
micro-crack initiation. 
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6. Use of oil additives for enhanced pitting 
performance

 
This chapter presents the important experimental observations and results from the investigations described in the 
appended paper C. The appended paper provides experimental details, results, and discussions not included here. 

 
As was shown in chapters 4-5, there are clear indications that the thin-film friction properties 
of lubricating oils have a significant impact on pitting life. It was further shown that it was 
possible to prolong it by using PAO base oils. 

This paper attempts to explore the possibilities of enhancing pitting life by using selected 
additive combinations with low thin-film friction. Various oils were formulated in which 
friction was varied by using different additive combinations. The frictional properties of the oils 
were firstly analysed and then four oils were chosen and run in a pitting test. For the pitting 
studies, a RFB test was employed.  

 
 

6.1 Material and methods
 
6.1.1 Test oils
 

A total of 18 oils were included in this study. Sixteen of these experimental oils (MO-B 1-16) 
were based on a Group III mineral base oil and the thin-film friction was varied using additives. 
This included four different thio-phosphate based AW additives, four different sulphur based 
EP additives and two different types of VMs. These were added to the base oil in either a low 
or a high concentration or not at all. Two reference oils were also included. These were based 
on a commercial GL5 additive package, one with a Group III mineral base oil and the other on 
a PAO base oil. The GL5 additive package also contained FMs. All mineral base oils were the 
same Group III fluid. 

The frictional properties of all 18 oils were characterised using a MTM ball-on-disc machine. 
Bulk oil temperature was maintained at 125 °C. The tests were run under a range of conditions, 
from boundary lubrication up to full-film EHL to investigate how the relative ranking of the 
oils varied. Mean entrainment speeds between 20 and 2000 mm/s and loads of 20, 35 and 50 N 
were used. To rule out the influence of other oil properties on the pitting study, the four oils 
chosen for the pitting tests were also carefully characterized in terms of other physical 
properties that may affect pitting life. 
  



 

- 68 - 

6.1.2 Rolling four-ball tests
 

The pitting tests were performed using the RFB setup as described in section 3.4.1. This study 
also included measurements of RFB contact temperatures as described in section 3.5.3. The 
reason for doing this is in view of the fact that the exact running conditions of the RFB test, 
principally the high contact pressures and the spinning motion cannot be replicated in the 
MTM machine. As a result, the friction levels and more importantly, the ranking of friction 
levels may vary between the MTM and RFB test. 

 
 

6.2 Results
 
6.2.1 MTM friction measurements
 

Some illustrative results pertaining to the MTM friction characteristics for oils MO-B 1-16 are 
shown in Figure 44. It can be seen that the additive combinations used have different effects on 
the thin-film friction. Unfortunately, due to the formulation of the 18 included oils, it is not 
possible to distinguish between the effects of the AW/EP combinations and the VM on the 
friction. At slow speeds, towards the boundary region, oil MO-B2 shows the lowest friction. 
When the entrainment speed increases, oil MO-B5 shows the lowest friction. Owing to their 
effectiveness in two different areas, oil MO-B2 and oil MO-B5 were chosen for further analysis 
in the RFB tests. This is to increase the likelihood of at least one of them being effective for the 
conditions present in the RFB test. The four oils chosen for the RFB study can be summarized 
as follows: 

 
(Oil MO-GL5) Group III mineral oil, GL5 
(Oil PAO-GL5) PAO, GL5 
(Oil MO-B2) Group III mineral oil, AW1, EP1 high, EP2 high, VM 1 high 
(Oil MO-B5) Group III mineral oil, AW2, EP1 low, EP2 high, VM 2 high 
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Figure 44. The frictional behaviour of the 16 experimental oils at various entrainment speeds

 
A closer look at the MTM data for the four selected oils can be seen in Figures 45-47. The GL5 
additives used in oil MO-GL5 lead to a significant increase in friction compared to oils MO-B2 
and MO-B5. The latter two also show lower friction than the PAO based GL5 oil. The 
measured properties of the oils can be seen in Table 8. Short descriptions of the test parameters 
are included as footnotes to the table. 

Since oils MO-BS and MO-BY use the same base oil as oil MO-GL5, some of these 
properties were not measured for all, as they are considered very similar (these values are 
presented in brackets in Table 8). Some differences in boundary friction between the oils can 
be seen but the effect of this is small as was shown in chapter 4. All four oils have 
approximately the same dynamic viscosity, both at low and high shear rates. 
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Figure 45. Friction coefficients at various entrainment 

speeds (125 °C, 50 N, 20 % SRR)

 
Figure 46. Friction coefficients at various SRRs

(125 °C, 50 N,1.0 m/s)

 

 
Figure 47. Friction coefficients at various loads (125 °C, 10 % SRR, 1.0 m/s)

 

Table 8. Measured physical properties of the four oils

Oil

Dynamic 
viscositya

(mPa·s)

High shear rate 
viscosityb

(mPa·s)
Boundary friction 

coefficientc

Pressure-viscosity 
coefficientd

(GPa-1)

EHL film 
thicknesse

(nm)
MO-GL5 5.70 2.68 0.162 14.7 76
PAO-GL5 5.66 2.86 0.148 13.7 66

MO-B2 5.77 3.06 0.142 (~14.7) 62
MO-B5 6.02 3.09 0.147 (~14.7) 65

a) Low shear rate viscosities were measured at a shear rate of 1×103 /s and 120 °C bulk oil temperature.
b) High shear rate viscosities were measured at a shear rate of 1.5 × 106 /s and 150 °C.
c) Measured using a HFRR machine with a frequency of 20 Hz, 130 °C and a path length of 1 mm.
d) Measured using a falling ball viscometer at 120 °C.
e) Measured with a load of 30 N, 100 °C bulk oil temperature and entrainment speed of 1.0 m/s.
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6.2.2 Rolling four-ball pitting tests 
 

The pitting lives obtained from the RFB tests showed clear distinction between most of the oils 
in terms of the L50 life (see Figure 48). In Table 9, the  
The confidence of difference in mean life (approximately L50) was calculated (see Table 10). 

 

 
Figure 48. Weibull plot for the four oils

 
 

Table 9. T

Oil: L50 (Nr. of revolutions)

MO-B2 3.4 142 710
MO-B5 2.2 197 190

MO-GL5 3.2 127 750
PAO-GL5 2.5 184 250

 

Table 10. Statistical confidence numbers for the difference in mean life of the oils

Hypothesis Confidence number
MO-B5 > MO-GL5 ~98 %
MO-B5 > MO-B2 ~95 %

PAO-GL5 > MO-B2 ~95 %
MO-B2 > MO-GL5 ~85 %
MO-B5 > PAO-GL5 ~65 %
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6.2.3 Rolling four-ball contact temperature measurements
 

Fifteen tests were performed for the two driving balls before pitting occurred (3-4 tests per oil). 
Some scatter in the measured temperatures was present, partly due to a tendency for the 
temperatures for a specific driving ball to decrease as it was used. This scatter was especially 
pronounced for the first test which tended to be ~0.5-1 °C warmer than the following. The 
temperature measurements were however consistent in terms of ranking. For example, 
switching from oil MO-B2 to oil MO-GL5 always led to an increase in temperature and vice 
versa.  

The six measurements performed using ball 1 can be seen in Figure 49, following the 
application of the full load. This test duration was not enough for the temperature to stabilize 
fully. A closer view of the last 40 seconds of the tests can be seen in Figure 50. Different tests 
with the same oil have some scatter but the range is small for different oils. The second ball 
could be used for 9 tests before pitting occurred. These results showed the same ranking of the 
oils. The measured contact temperatures were however ~1.5 °C cooler than those measured for 
ball 1. 

 

 
Figure 49. Temperature increase after full load and 

speed was applied, ball 1

 
Figure 50. The last 40 seconds of the contact 

temperature measurements, ball 1
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6.3 Discussion
 

As shown in chapters 4-5, there is no significant degradation of the contacting surfaces in the 
RFB with the test parameters used. However, this study included an investigation of the used 
surfaces which verified this conclusion for the two new oils. 

Good correlation was seen in terms of the oils’ frictional behaviour. Firstly, in the MTM 
tests, the ranking is the same except for oils PAO-GL5 and MO-B2. This discrepancy is likely a 
result of the different running conditions present in the two tests. 

For the contact temperatures, the ranking is the same as found in the pitting tests. The 
average temperatures for the oils based on results from both balls can be seen in Figure 51. In 
this figure, the oils’ L50 lives are included for comparison. Good correlation in terms of 
ranking of the oils can be seen, where low temperature (low friction) results in longer life. 

 

 
Figure 51. The oils pitting life compared to contact temperatures

 
Some deviation from a perfectly linear trend between friction and L50 life seems to exist. Both 
oil MO-BS and MO-BY have slightly shorter pitting lives than their measured temperatures 
would indicate. The exact reason for this is not clear. It can be simply due to scatter in both the 
measured temperatures and the pitting lives. Other explanations may be the short test duration 
for the temperature measurements that might be insufficient for effective additive interaction. 

The pitting results are also an average obtained for a range of different raceway surface 
conditions. All contact temperature measurements were performed using a relatively smooth 
raceway used for ~20 pitting tests meaning relatively high -ratios. Considering oil MO-B2 and 
MO-B5’s poor oil film forming properties, their pitting performance (and frictional properties) 
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likely improve with smoothening of the raceways. The fully formulated oils MO-GL5 and 
PAO-GL5 may also contain other additives that have a positive effect on pitting life. For 
example, oxidation of the oils during the tests can vary, a mechanism suggested to affect RFB 
test results adversely [155]. 

Despite the small deviation from a perfectly linear trend between friction and L50 life, the 
results clearly suggest that these types of additives can be effective in enhancing pitting life of 
mineral oils by lowering the interfacial frictional forces. 

 
 

6.4 Conclusions
 

The following conclusions can be drawn for highly loaded Hertzian contacts operating under 
thin-film lubrication conditions: 

 
Viscosity modifiers can significantly influence the onset of pitting and increase the 
pitting lives of minerals oils through a reduction of thin-film friction. 
AW and EP films can significantly influence the onset of pitting and increase the pitting 
lives of minerals oils through a reduction of thin-film friction. 
Some correlation between measured MTM friction and RFB pitting lives and a good 
correlation between RFB friction levels and RFB pitting lives has been demonstrated. 
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7. Verification and optimization of pitting life trends
 

This chapter presents the important experimental observations and results from the investigations described in the 
appended companion papers D-E. The appended papers provide experimental details, results, and discussions 
not included here. 

 
The main conclusion from the results presented in chapters 4-6, showed that one very 
important property of gear oils is their effects on the tangential forces acting on the contacting 
surfaces. However, the results pertain to rolling four-ball tests. The aim of the present study 
was to verify that these conclusions are also valid for more gear-like contacts and to optimize 
the performance for these contacts. For this, a twin-disc setups was used. The study consists of 
two parts. 

In part I, ways of improving the frictional properties of gear oils by the use of viscosity, base 
oil type, viscosity modifier type, AW/EP additives, and the use of friction modifiers were 
analysed and discussed. In part I, three oils are also chosen to be included in part II. 

The aim of part II was to analyse if the frictional properties of gear oils are also equally 
important in gear-like pitting tests. This is done by analysing the pitting performance of the 
three oils chosen in part I: two oils with low and one with high friction. 

 
 

7.1 Materials and methods
 
7.1.1 Test oils

 
There are many different additives. These can be blended in varying concentrations in a range 
of different types of base oil possessing different viscosities. This provides an almost endless 
number of possible combinations. In the present study, 10 oil formulations were prepared. This 
is not an exhaustive test matrix to find the optimum formulation for low thin-film friction but 
it enables in finding ways to modify frictional behaviour. The variation in thin-film friction 
levels was achieved by different means: use of various AW, EP, viscosity levels, different types 
of VMs, addition of FMs, and base oil type. The detailed blend matrix can be seen in Table 11. 
Oil M90FM is an ‘of the shelf’ hypoid gear oil. This oil is based on a Group III mineral base oil 
and a commercial GL5 additive package that includes FMs. The GL5 additive package is also 
included in some other, similar formulations. 

Six experimental formulations, not including the commercial GL5 package were also 
prepared for the study. These were instead based on various thio-phosphate AW and sulphur 
based EP additives. The names of these six begin with ‘MO-’. 
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Table 11. Blend matrix of the 10 oils

Oil VII Base oil type FM % VII AW1 AW2 Dispersant EP1 EP2
MO-BX VII1 Group III MO None High None None Present High Low
MO-BV VII2 Group III MO None High Present Present Present Low Low
MO-BS VII2 Group III MO None High Present None None High High
MO-BY VII1 Group III MO None High None Present None Low High

M80 VII3 Group III MO Low GL5 + FM1
S80 VII3 PAO Low GL5 + FM1

MO-CE VII3 Group III MO None High None Present None Low High
MO-CF None Group III MO None High None Present None Low High
M80FM VII3 Group III MO High GL5 + FM1 + FM2
M90FM VII3 Group III MO High GL5 + FM1 + FM2

 
These 10 oils were prepared to enable five separate investigations. 
 

1. To enable comparison of the frictional behaviour of different base oils, oils M80 and 
S80 were prepared. Both contain the commercial GL5 additive package but are based on 
different base oils. 
 

2. Effects of viscosity were studied using oils M80FM and M90FM. They were both based 
on the same base oil type (group III) but with different viscosity and different levels of 
viscosity modifiers. Both contain the commercial API-GL5 additive package. 
 

3. Effects of different VMs were investigated using oils MO-BY, -CE, -CF. They all 
contained the same additives except for different VMs. 
 

4. The commercial GL-5 additive package used in oil M80 included one type of FM. Oil 
M80FM was blended to contain the same additives as M80 but with the addition of one 
additional FM type. 
 

5. For AW/EP additive effects, four oils (MO-BX, -BV, -BS, -BY) were prepared. These 
were based on a group III mineral base oil with four different combinations of two thio-
phosphate AW and two sulphur based EP additives at different levels. Dispersants were 
added to two of them. As a reference, oil M80 was included. 
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The 10 oils were carefully characterized in terms of physical properties (See Table 12). Short 
descriptions of the test parameters are included as footnotes to the table. 
 

Table 12. Measured properties of the oils

Oil
Kinematic 

viscositya (cSt)
High temp/high shear 
rate viscosityb (mPa·s)

Boundary friction 
coefficientc

EHL film thicknessd

(nm)
MO-BX 9.3 2.97 0.158 62
MO-BV 9.6 3.10 0.143 61
MO-BS 9.1 3.06 0.172 62
MO-BY 9.8 3.09 0.137 65

M80 9.4 2.68 0.134 76
S80 9.4 2.86 0.132 66

MO-CE 15.5 4.50 0.152 74
MO-CF 15.5 4.57 0.137 74
M80FM 9.5 2.69 0.114 78
M90FM 14.4 3.54 0.122 106

a) Kinematic viscosities were measured at 100 °C.
b) High shear rate viscosity was measured at 1.0 × 106 /s at 125 °C.
c) Measured using the HFRR with a frequency of 20 Hz, 100 °C and a path length of 1 mm.
d) Film thicknesses were measured with a load of 30 N and 100 °C oil temperature, 1.0 m/s and pure rolling.

 
 
7.1.2 Twin-disc friction tests
 

The twin-disc friction tests were performed as described in section 3.5.1, with one flat and one 
crowned disc. For two of the oils repeat tests were performed to check reproducibility of 
results. 

The running track surfaces of the discs were analysed using SEM and optical microscopy 
(OM). To characterise the running track wear mode, the weight of some discs was measured 
before and after testing. The surface roughness and track widths were measured using an 
optical surface profiler. After each test, the surface roughness parameters (Rq, Ra, Rt, Rpk, 
Rvk) were measured at three positions so as to obtain average values. This was done to enable 
comparison of the anti-wear properties of the oils as these also indirectly may affect the 
frictional properties. 
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7.1.3 Twin-disc pitting tests
 

The twin-disc pitting tests were performed as described in section 3.4.2, with two crowned 
discs. The discs were set to 1538 and 1700 rpm (3.6 and 4 m/s) respectively. On the faster 
moving disc, 10 indentations were made on the outer surface, also described in section 3.4.2. 
 
 

Running track evolution, surface deterioration
 

The running track surfaces of the used disc specimens were analysed using SEM, optical 
microscope (OM) and the optical surface profiler. The running track widths on the used disc 
specimens were measured to analyse if it varies between oils and to estimate the plastic 
deformation of the macro-contacts. 

Onions and Archard [134] investigated the effects of surface roughness on pitting and found 
a close correlation between life and the surface roughness (Ra) present at the end of pitting 
tests. Therefore, the surface roughness of all discs was measured by using the optical surface 
profiler (Rq, Ra, Rz, and Rk), before and after each test to investigate the possible correlation 
between the oils anti-wear properties and pitting life. 

 
 

Disc subsurface material, crack initiation and pit appearance
 
The macropits produced during testing were investigated to observe crack initiation sites and 
modes of propagation. A number of pitted discs were sectioned along the running tracks to 
enable analysis of the material beneath the running track surfaces. For this, three discs were 
moulded into transparent thermoplastic material. These samples were ground in three steps, 
first to ~2/3 of the height of the running track, then to a depth of 1/2 and finally to 1/3 of the 
height. The samples were polished, etched (1 % nital solution), and analysed in minute detail at 
each step using OM and SEM. 
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7.2 Results and discussion of friction tests
 

The measured friction data were repeatable within ±5 % when the repeated tests were 
compared (most scatter occurred at low speeds). 

 
 
7.2.1 Evolution of friction during testing
 

In Figures 52-53, all the 10 oils’ Stribeck-curves can be seen for sweep 1 (Figure 52) and the 
curves from sweep 6 (Figure 53). In the figures, it can be seen that the friction levels for the 10 
oils vary considerably. By comparing the two figures, it can also be seen that all oils reduce 
friction from sweep 1 to sweep 6. It can also be seen that the ranking of the oils are reasonably 
consistent between the two sweeps. In Figure 54, all the six sweeps for one oil (oil MO80) is 
shown. The largest reduction in friction occurs between sweep 1 and 2. In the subsequent 
sweeps, the friction continues to reduce but more gradually. It appears to attain a steady state 
level but more sweeps would be needed for it to stabilize fully. 
 

 
Figure 52. Measured friction for the 10 oils during 

the first sweep

 
Figure 53. Measured friction for the 10 oils during 

the last sweep

 
Figure 54. Evolution of friction for oil M80 for sweeps 1-6

0 1 2 3 4 5 6 7
0.03

0.04

0.05

0.06

0.07

0.08

0.09

0.1

0.11

0.12

Mean entrainment speed (m/s)

Fr
ic

tio
n 

co
ef

fic
ie

nt

Oil MO-BV
Oil MO-BS
Oil MO-BY
Oil M80
Oil S80
Oil MO-CF
Oil MO-CE
Oil MO-BX
Oil M80FM
Oil M90FM

0 1 2 3 4 5 6 7
0.03

0.04

0.05

0.06

0.07

0.08

0.09

0.1

0.11

0.12

Mean entrainment speed (m/s)

Fr
ic

tio
n 

co
ef

fic
ie

nt

Oil MO-BV
Oil MO-BS
Oil MO-BY
Oil M80
Oil S80
Oil MO-CF
Oil MO-CE
Oil MO-BX
Oil M80FM
Oil M90FM

0 1 2 3 4 5 6 7
0.03

0.04

0.05

0.06

0.07

0.08

0.09

0.1

0.11

0.12

Mean entrainment speed (m/s)

Fr
ic

tio
n 

co
ef

fic
ie

nt

Sweep 1
Sweep 2
Sweep 3
Sweep 4
Sweep 5
Sweep 6



 

- 80 - 

The reduction in friction with increasing test duration follows the same trends as expected with 
reducing surface roughness. As the test progresses, the mixed friction region will start at lower 
and lower entrainment speeds, resulting in reduction in friction. In Figure 55, a SEM 
micrograph shows the surface of a new disc. Figure 56 shows how the centre of the worn 
running track looks after the completion of a friction test. Most of the surface roughness 
asperities have been flattened and/or removed and plateaus have formed between the valleys. 

 

 

The measured surface roughness of the worn discs after each test can be seen in Table 13. In 
general, small differences in surface roughness (wear) can be seen. The amount of wear 
occurring will be determined by the oils’ film forming properties and the composition of the 
tribofilms. For example, sulphur typically decreases wear rate but accelerates the smoothing of 
the surfaces whereas phosphorus decreases the wear rate but does not smoothen the surfaces 
significantly [38].  
 
Table 13. Roughness values measured after the friction tests

Oil 
MO-BV

Oil 
MO-BS

Oil 
MO-BY

Oil
M80

Oil
S80

Oil
MO-CF

Oil
MO-CE

Oil
MO-BX

Oil 
M80FM

Oil 
M90FM

Rq (nm) 99 98 84 109 99 100 109 106 105 115
 

In sweep 1, the discs’ surfaces are likely very similar for all oils since little wear will have 
occurred, and the friction values seen in Figure 52 are all measured under very similar 
conditions. However, as mentioned wear occurs and in sweep 6 (Figure 53) it is possible that 
the difference in surface roughness amongst the oils significantly affect the results. A 
comparison of how much the oils friction reduced from sweep 1 to sweep 6 is shown in Table 
14. To analyse the correlation, a regression analysis based on the measured friction and the 
surface parameters of the worn surfaces were performed. It however showed a low significance, 
indicating negligible correlation. The conclusion is that although the surface roughness affects 
the measured friction, it is not the oils anti-wear performance that is responsible for the oils 
varying friction levels.  

 
Figure 55. Electron micrograph of a new disc.

Leading edge at the bottom of the image

 
Figure 56. Electron micrograph of a disc surface after 
a completed friction test. Leading edge at the bottom 

of the image
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Table 14. Friction reduction for the 10 oils between sweep 1 and sweep 6

MO-
BV

MO-
BS

MO-
BY M80 S80

MO-
CF

MO-
CE

MO-
BX M80FM M90FM

Friction reduction (%)
at 3.8 m/s 15 11 14 9 13 16 13 13 8 8

 
None of the oils showed an increase in friction with test duration as reported in the ball-on-disc 
study performed by Taylor and Spikes [46]. Besides different additives, they also used mirror-
polished samples. In the present study, it is likely that any such effects would be overshadowed 
by the reduction of friction that comes from the smoothening of the surfaces. 

In Figures 57-58, -ratios for three oils and the first and last sweep can be 
seen (the plots were drawn by assuming that the original surface roughness is present during 
the first sweep and that no wear occurred during the sweep. For the last sweep, the measured 
roughness values from Table 13 were used. -ratios varied from 0.03 to 
1.4 for the unworn surfaces and from 0.05 to 2.7 for the worn surfaces. The mixed lubrication 

 = 0.05 to 3 [31] and the majority of the sweeps will 
be in the mixed lubrication regime where the friction coefficient depends upon both boundary 
and oil film properties, however, for lambda ratios over 0.5, friction will still depend almost 
entirely on the fluid film properties [29]. 

 

 
Figure 57. Calculated lambda ratios for three        

of the oils during the first sweep

 
Figure 58. Calculated lambda ratios for three        

of the oils during the last sweep
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7.2.2 Effects of base oil type
 

In Figures 59-60, the Stribeck curves of oils M80 and S80 can be seen. At higher speeds, 
minimal load is carried by the asperities and the friction is mainly controlled by the base oil’s 
rheological properties and owing to these, the PAO base oil (S80) is more beneficial.  

However, even at slower speeds, the PAO base oil (S80) has lower friction. This is surprising 
if the PAOs film forming properties are considered. As was shown in Table 12, the PAO oil 
forms thinner oil film. This should result in higher friction since more of the load will be 
supported by the asperities, but instead the opposite is seen. 

 

Figure 59. The first sweep showing the effects
of base oil type

 
Figure 60. The last sweep showing the effects      

of base oil type

 
With decreasing film thicknesses, the boundary lubrication properties of a base oil will be of 
paramount importance and it has been shown that PAO oils can form some very thin boundary 
films [81,82]. Base oil boundary layers result in an enhancement of film thickness due to 
boundary films being more viscous than the bulk lubricant. Apart from the boundary films, the 
polarity of the base oils can also affect the tribofilms formed by the other additives. 

The results are in line with other studies where PAO oils typically have shown a lower 
friction than various MO oils for a specific viscosity, both in twin disc tests [66] as well as gears 
[156]. 
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7.2.3 Effects of viscosity level
 

In Figures 61-62, the results of oils M80FM and M90FM can be seen. Both oils contain the 
same additives but have different viscosity levels. It can be seen that the influence of viscosity is 
similar to that of roughness; higher viscosity shifts the curve as a whole to the left because of 
more load being carried by the oil film. Very similar behaviour can be seen in both sweeps. The 
results are also in line with results regarding the load dependent losses in gears [79]. 

 

 
Figure 61. The first sweep showing the effects of 

viscosity level

 
Figure 62. The last sweep showing the effects of 

viscosity level

 
 
7.2.4 Effects of viscosity modifiers
 

The two oils MO-CE and MO-CF were blended to the wrong viscosity (too high); due to 
limited time, a re-blend was not possible. This means that they have higher viscosity than oil 
MO-BY, which makes the interpretation of the friction a bit more complicated but some 
information can still be extracted. 

In Figures 63-64, the results of oils MO-CE, CF and BY are shown. For both sweeps, the 
three oils have quite similar behaviour. Experimental work has shown that VMs can decrease 
the limiting shear stress compared to pure base oils [157]. In the high-speed regions of Figures 
63-64, no such tendencies can be seen. In fact, oil MO-CF without VMs has the lowest friction. 
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Figure 63. First sweep with various oils            

with different viscosity modifiers

 
Figure 64. Last sweep with various oils    

with different viscosity modifiers

 
Even at lower speeds, only small differences between the oils can be seen. Earlier studies have 
shown that the polymer based VMs can form thin boundary films of high viscosity, increasing 
surface separation, especially if they are functionalized [84]. The VMs used in this study were 
not functionalized and they can be expected to form only thin boundary films. Such films may 
however still explain the slightly lower friction measured at low speeds for the two VM oils. 

Oils containing VMs have often also been found to shear-thin due to the high strain rate 
conditions found in EHL contact inlets and therefore form thinner oil films [24,158]. The 
measured film thicknesses of the oils show no such indications (Figure 65). Because of the 
lower viscosity, oil MO-BY has slightly thinner films, but it seems to have only small effects on 
its frictional properties. 

 

 

Figure 65. Measured film-thickness data from the PCS EHD ultra-thin-film measurement system, measured 
at 100 °C and load used was 30 N
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7.2.5 Effects of friction modifiers
 

In Figures 66-67, the results of oil M80 and oil M80FM are shown. Overall, only small or 
negligible differences in friction can be seen. In the first sweep, the extra FMs reduce friction 
marginally at very low speeds. For sweep 6, no significant effects can be seen. These results are 
somewhat surprising given the large effects of the FMs that were seen in the HFRR tests (Table 
12). In fact, a regression analysis showed negligible significance for the correlation between the 
HFRR results and the twin-disc results (slowest speed). 

 

 
Figure 66. First sweep with oils with               
varying levels of friction modifiers

Figure 67. Last sweep with oils with               
varying levels of friction modifiers

 
 

7.2.6 The effects of AW/EP tribofilm
 

The comparative frictional characteristics using AW/EP additives are shown in Figures 68-69. 
It can be seen that some of the experimental ‘MO-’ oils have high friction in the boundary 
regime, where the friction mainly results from the shearing of solid-like films formed on the 
asperities. At higher speeds, it can however be seen that the commercial GL5 additives increase 
friction considerably (oil M80). The differences amongst the experimental ‘MO-’ oils are small. 

Oils MO-BX and MO-BV contain dispersants. In this study, their effect on friction seems to 
be limioted. It is however possible that the high low-speed friction of oils MO-BX and BV are 
connected to the dispersants. This would be in line with the results of Taylor and Spikes [46] 
who found the addition of a dispersant to increase the boundary friction coefficient while 
having small effects for intermediate speed conditions (Zinc dithiophosphate AW additives). 
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Figure 68. The first sweep showing the          

effects of AW/EP additives

 
Figure 69. The last sweep showing the              

effects of AW/EP additives

 
Besides different AW/EP additives, oil M80 does also contain a different VM and FM; 
however, as was discussed in previous chapters, the frictional effects of these two were small. 

The effects of the AW/EP tribofilms can also be seen if oils MO-CE and M90FM are 
compared (see Figures 70-71). They both contain the same base oil and VM, but different 
AW/EP. 

 

 
Figure 70. The first sweep for two oils showing 

the effects of AW/EP additives

 
Figure 71. The last sweep for two oils showing

the effects of AW/EP additives
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7.3 Concluding remarks regarding the friction tests
 

Many gears in practical applications operate either continuously or transiently in mixed 
lubrication and therefore the oils’ friction in this region is important. For the oils tested in this 
work, the results show that the friction in this region can be controlled either by base oil type, 
viscosity level, and/or by AW/EP tribofilms. 

For the pitting studies, two oils with low friction and one oil with a high friction were to be 
chosen. As the high friction oil, oil M80 was included. Oil S80 was included as one low friction 
oil, owing to its PAO base oil. Regarding the experimental ‘MO-‘ oils, small differences were 
seen amongst them. However, as was shown in Figure 69, oil MO-BY has slightly lower friction 
that the others at the speed that will be used in the pitting study (3.8 m/s) and was therefore 
included as the second low friction oil. The results for the last sweep of the three oils are 
repeated in Figure 72. This selection also means that all three oils have similar viscosity. 
 

 
Figure 72. The last sweep of the three oils chosen for the pitting studies
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7.4 Results of pitting tests
 

The following sections describe the evaluation of pitting performance of the three oils chosen 
in part I. 

 
 
7.4.1 Running track evolution, surface deterioration
 

During the twin-disc pitting tests, a running track was quickly formed on the two discs. The 
measured running track widths varied from 1.44 to 1.51 mm after completion of the tests. This 
can be compared to a calculated Hertzian contact width of 1.45 mm, indicating negligible 
plastic deformation of the macro contacts. 

Figures 73-74 show SEM micrographs of the running tracks; Figure 73 shows the unworn 
surface after grinding. Figure 74 shows the center of the running track of oil S80 after pitting 
and 1 450 000 revolutions. Most of  the surface asperities have been flattened and/or removed 
and between the valleys, plateaus have been formed. After close examination of the samples, no 
signs of scuffing, seizure, extended micropitting or damages caused by aggressive additives were 
seen; only plastic deformation of the asperities and mild wear were observed for all three oils. 

No significant correlation between the surface roughness of the worn discs and the pitting 
results was seen. Some repr -ratios for the worn surfaces are presented in Table 15. 

-ratios pertain to the areas without indents. 
 

 
Figure 73. Electron micrograph showing ground

surface of a disc. Leading edge at the               
bottom of the image

 
Figure 74. Electron micrograph showing the worn

surface after completed pitting test. Leading edge at 
the bottom of the image

Table 15. Calculated film thicknesses and lambda ratios

Oil
Minimum film 
thickness, (nm)

Lambda ratios for the 
new surface

Lambda ratios for the 
worn surfaces

M80 96 0.43 1.36
S80 89 0.40 1.26

MO-BY 97 0.44 1.39
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In Figure 75, a representative SEM micrograph of an indent after a pitting test can be seen. The 
leading edge of the dent (to the right in the figure) shows a plastically deformed, mirror like 
surface, indicating a reduced lubricant film thickness. The trailing edge of the dent shows a 
smaller flattened area and a very different degradation process with more micro-cracks and an 
increased presence of micro-pits. The diameter of the dents reduced with increasing test 
duration. Starting with minor axis of 0.66 mm (rolling direction), a large reduction was seen 
initially and then more slowly. After 1 000 000 cycles, the minor axis was reduced to about 0.60 
mm. After additional 7 000 000 cycles, the minor axis had reduced to 0.58 mm. However, no 
difference between the oils could be seen. 
 

 
Figure 75. Indentation on a disc after a completed pitting test. Leading edge 

is to the right

 
 
7.4.2 Crack initiation and pit appearance
 

The morphology of the formed pits varied, partly due to the random nature of the cracks but 
also since further damages are created during the time it takes for the machine to detect the 
damage and come to a complete stop. However, some common features have been observed. 
A representative pit is shown in Figure 76 where the bottom of the picture is the leading edge 
and the approximate running track edges have been indicated by dashed lines. The initiation 
occurred in the region opposing the indentations. 
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Figure 76. Scanning electron microscopy image showing a typical pit. Leading edge at the bottom

 
The subsurface analysis of the pitted samples showed micro-cracks initiating at the surface and 
extending 30-40 μm in to the material. One example can be seen in Figure 77. These cracks are 
believed to be the very early stages of pit formation. They were however very infrequent, and 
on most discs no such cracks were found. The small number of cracks indicates that the 
transition from a small surface crack to a fully formed pit is quick and it is in line findings of 
other experimental studies [87,159]. No subsurface cracks were found. 

 

 
Figure 77. Optical microscopy image showing surface connected micro-crack. Leading edge to the left
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In Figure 78, a fully formed pit is shown (leading edge to the left). The angles of the leading 
edge of the pits were well in line with the micro-cracks discussed above. The crack follows a 
fixed angle to the depth of the crack bottom where it starts to propagate parallel to the surface.  

 

Figure 78. Optical microscopy image showing cross section of a pit. Leading edge to the left

 
Analysis of the spalled off particles (Figure 79) showed that the pits did not emanate from the 
gradual enlargement of a small cavity but are rather a result of the growth of the fatigue cracks, 
which eventually separate one large particle from the main body. Together, these observations 
indicate that the initiation phase of the first micro-crack represents most of the life. 
 

 
Figure 79. Scanning electron microscopy image showing the underside of a 

spalled particle, leading edge top left
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Keeping in view the fact that the initial micro-cracks were surface initiated, the tip of each 
macro-pit was examined at higher magnification to determine the presence of any surface 
defect. The surfaces surrounding the pits were smooth because of the high contact pressures 
after pitting. At the crack tip no evidence of surface defects other than the grinding marks that 
could initiate the point surface origin morphology of the pits was seen. Although no evidence 
of extensive micropitting has been seen, this cannot be completely ruled out as a mechanism 
promoting the initiation of the macropits. 
 
 

7.4.3 Pitting lives
 
The pitting lives obtained from the twin-disc tests clearly show a distinction amongst the oils in 
terms of the estimated L50 pitting life (see Figure 80). However, there appears to be some 
strange trends in the results, especially for oil S80. For fatigue tests run under identical 
conditions, the results should follow a straight line when plotted in a Weibull diagram. Any 
large deviation can indicate that the tests in fact, were not run under identical conditions. By 
comparing the results of oil S80 to the recorded vibrational data, a correlation was seen; the 
three shorter pitting lives had a relatively large run-out whereas the two long lives were attained 
for samples with little run-out. 

 

 
Figure 80. Weibull plot for the three oils

 
To get the best possible approximation of the effect of run-out, linear regression analysis was 
used. The estimated effect was then used to compensate for each test’s run-out, i.e., each result 
was recalculated to what if there was zero run-out. The result can be seen in Eq. 7 and Table 
16. The pitting life (Y) is described by a constant, the run-out and the friction coefficient 
measured in part I of this study (from Figure 53, measured at 3.8 m/s and 2 kN load). 

 

106 107
0.05

0.10

0.25

0.50

0.75

0.90

Number of revolutions

Pr
ob

ab
ili

ty

Oil M80

Oil S80

Oil MO-BY



 

- 93 - 

× 10 = 10.0 19.9 ×   ( ) 146.4 ×            (7)

 

Table 16. Regression model check

Predictor P Significant if
Constant 0.001 <0.05

Friction coefficient 0.007 <0.05
Disc run-out (g) 0.025 <0.05

RMSE = 86730; R2 = 58 %
 

In Eq. 7, it can be seen that each individual pitting result should be multiplied by 
19.9×105×measured run-out (g), to remove the effect of run-out. The measured run-out ranged 
from 0.00696-0.06537 g and all results increased since no test was a perfect zero in run-out. 
Together, the two predictors explain 58 % of the variance in pitting life as shown by the R2. 
The R2 will inherently be low in this case since this model does not explain the scatter present 
in the results due to the nature of fatigue tests. 

The recalculated results can be seen in Figure 81. The oils pitting results largely follow 
straight lines. One result (the shortest pitting life of oil M80) however deviates significantly. 
The exact reason for this is not clear, but it may be due to some defect at some critical point on 
the tested disc. It will however only have small effects on the oil’s overall pitting life. 

 

 
Figure 81. Corrected Weibull curves for the three oils
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In Table 17
difference in mean life (~L50) is shown in Table 18. 

 

Table 17. The corrected results for the oils

Oil: L50 (Revolutions)
MO-BY 4.8 6.29 × 10

S80 3.6 5.26 × 10
M80 2.8 2.92 × 10

 

Table 18. Statistical confidence numbers for the differences in mean life of the oils

Hypothesis Confidence number

MO-BY > M80 ~99 %
S80 > M80 ~97 %

MO-BY > S80 ~77 %
 
 

7.5 Discussion
 

As discusses in section 1.6.1, a number of mechanisms by which the lubricating oils can affect 
pitting have been proposed. For example, unfavourable wear and chemical aggressiveness of 
additives that cause surface defects is a frequently reported mechanism for decreased pitting life 
of various AW and EP additives [114,115,119]. In this study, such explanations are unlikely 
since two of the oils included the same additives (and had different results). Examination of the 
worn surfaces also failed to show any such tendencies (Figure 74). Some debris dents and 
scratches were seen but these should also be similar for all three oils. 

The differing results with the same additives also rules out any corrosive wear process earlier 
suggested to remove surface or near-surface micro-cracks before they propagate [122,123]. It 
also rules out increased pitting lives due to accelerated surface conditioning by EP additives 
mentioned in [120,121]. Possible effects of chemical aggressiveness acting at the crack tips 
[117,124], should also be the same for the two oils. The fast transition from crack initiation to 
pitting also limits such effects. Additives have also been suggested to act by lubrication of the 
crack faces and thereby promote crack propagation. However, in this study the opposite was 
seen since the low friction oils have longest life. Other explanations such as diffusion of AW 
and EP additive elements into the steel are also unlikely. The work of Evans et al [160] also 
showed that neither S or P diffuse into the near-surface region of steels. 

Extensive wear would affect the contact pressure between the discs due to the crowning. 
However, negligible wear was seen for all oils and they will have similar contact widths and 
contact pressures through the tests. 

Since the contact pressure, material properties and topography are similar for all three oils 
during testing; only the forces developed in the contact region can differ between the oils. 
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Variations in these forces will affect the complex stress state in the subsurface region of the 
contacting bodies. Here, the oils can affect the forces acting on the contacting surface by 
frictional forces, different pressure distribution/dampening and/or EHL pressure spikes. 

In literature, it has been postulated that a large pressure-viscosity coefficient can have 
negative effect on contact fatigue since it has been found to result in large EHL pressure spikes 
[127]. However, Houpert et al [161] showed that these spikes only lead to an increase in stresses 
very close to the surface and that the spikes will have marginal effect on micro-pitting. It is thus 
unlikely that the spikes will have a significant effect on pitting.  

Instead, the frictional forces acting on the contact surfaces are most likely to explain the 
varying fatigue life. In Figure 82, the oils’ pitting lives have been compared to their friction 
levels (from Figure 53 in part I), measured at the same speed as that in pitting tests but using 
lower load and one flat disc. 

 

 
Figure 82. Comparison of the measured friction to the pitting results

 
Overall, a good correlation can be seen; low friction corresponds to a long pitting life. The 
trend between the two is however not perfectly linear, especially oil MO-BY has a longer 
pitting life than the measured friction can explain. There will always be some experimental error 
in both the L50 lives and measured friction levels and more repeat tests may adjust the results 
slightly. However, there are also a number of points where the friction tests (part I) and the 
pitting tests differ. 

The friction levels occurring in the region surrounding the dents can be assumed important 
for the pitting lives. It was not possible to measure the friction during the passing of a dent 
through the contact region since the sampling frequency in the twin-disc machine was not high 
enough to resolve it. However, it has been shown that the contact pressure around the dents 
can be more than doubled [162] and this will affect the behaviour of the oils. The surface 
roughness during the pitting tests will also be lower. Other/improved test methods would 
therefore be needed to get a clear view of the friction in the dent region. 
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Despite the small deviation from a perfect correlation between friction and L50 pitting life, 
within the inevitable limitations imposed by statistically analysing a relatively small number of 
tests, it appears that the frictional behaviour of the oils provides a satisfactory explanation of 
the observed differences in their pitting lives. This agrees with the earlier experimental results 
presented in chapters 4-6, but is not really supported by conventional elastic analyses of the 
sub-surface stresses, which generally show only small effects of surface friction. However, if 
surface defects (dents) are present, a high friction coefficient has been found to be very 
detrimental as discussed in section 1.6.1. 

7.6 Conclusions
 

The findings in this work seem to verify the conclusions drawn in the rolling-four ball studies 
(chapters 4-6) and regarding the pitting performance of hypoid gear oils, the following 
conclusions can be drawn for highly loaded ‘gear like’ contacts operating under thin-film 
lubrication conditions: 

A low thin-film friction can significantly delay the onset of pitting 
Low friction AW/EP additive tribofilms are effective for increasing pitting life of gear 
oils 
Low friction base oil types are effective for increasing pitting life of gear oils 
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8. Conclusions and discussion
 

The objective of the work presented in this thesis was to increase the understanding of various 
oil properties on pitting life of gear contacts. With this understanding, the oils can be optimized 
for low losses and increased power density can be achieved. 
Regarding the three research questions this thesis addressed, within the mentioned practical 
limitations of the work, the following conclusions can be drawn: 

 
1. The properties of gear oils have significant impact on pitting 
2. Of the tested oil properties, the ones affecting the tangential forces acting on the 

contacting surfaces are seen to demonstrate the greatest importance. 
3. A number of ways to improve the pitting life of gear oils have been shown. These 

include: base oil selection, AW/EP tribofilms and to some extent viscosity and type of 
viscosity modifier. 

 
All but one of the suggested methods of increasing pitting performance are compatible with the 
overall aim of reducing losses; the exception being the enhancement of pitting life by increasing 
viscosity. 

Findings of this work can be used in a number of ways. These include formulation of gear 
oils allowing increased power density in gearboxes. It also shows that viscosity can be decreased 
to reduce spin-losses if at the same time approaches in reducing thin-film friction are adopted, 
e.g., low friction AW/EP tribofilms. 
With the knowledge that additives can ensure pitting performance during the most severe 
conditions (start/stop, trailer hauling etc.), more focus can be  put on optimizing the oil for low 
losses during less severe condition where much of the fuel may be consumed. 
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9. Future work
 

The investigations conducted have highlighted a number of research topics that would be 
interesting to address in future work. These are listed in no particular order: 

 
Further explore ways of reducing thin-film friction, such as inclusion of other types of 
FMs. 
Identify mechanisms by which AW/EP tribofilms affect thin-film friction 
Optimize the test conditions for twin-disc pitting studies for short test duration and 
relevant results 
Verify the conclusions regarding pitting in gear tests 
Investigate how gear oils can be optimized for low losses with the new knowledge 
regarding pitting 
Investigate how gear transmissions can be optimized for low losses with the new 
knowledge regarding pitting 
Develop solid mechanics based models to explain the initial micro-crack initiation 
mechanisms 
Develop solid mechanics based models to explain the crack propagation mechanisms 
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Effects of gear oil properties on pitting life in
rolling four-ball test configuration

 
J. E. Johansson, M. T. Devlin, J. M. Guevremont and B. Prakash 

 
 

Abstract 

There is a connection between the efficiency of oils and their wear and/or surface damage 
protective properties, an area not so well described in the literature. One such damage mode is 
macro-scale contact fatigue on gear tooth flank surfaces, also called pitting. The present study is 
aimed at investigating the correlation between gear oils’ physical properties, important in terms 
of gear transmission losses, and pitting life. Eight gear oils were formulated giving different 
combinations of base oil, viscosity, and concentration of friction modifiers. All eight oils also 
contained an additive package designed to meet GL-5 specifications. This study consists of 
three parts. In the first, the oils’ physical properties were measured using a set of bench tests. In 
the second, the pitting lives of the oils were evaluated using rolling four-ball tests. The third 
part deals with the correlation between the measured physical properties of the oils and their 
pitting lives. This is achieved through multiple linear regression, with a view to finding the 
salient properties that have a significant influence on pitting life. The results show that gear oils’ 
physical properties do have a large influence on the pitting lives. Oil properties that lower 
interfacial tangential forces are beneficial in enhancing pitting life. 
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A.1  Introduction
 

Vehicle manufacturers today face increasing demands to produce fuel-efficient vehicles. If this 
is to be successfully achieved, reduction of energy losses in the drivetrain is vital. Here, oils are 
known to have a significant impact on efficiency [58]. As a result a substantial amount of 
research has been carried out in this field. For gears it has been shown that low viscosity oils 
can be used to decrease viscous losses while oils with low EHL friction and low boundary 
friction can minimize load dependent losses. A good film forming capability is also important 
to promote the transition to EHL from the high friction mixed and boundary lubrication 
regimes [2,163]. However, gear oils must simultaneously provide sufficient protection against 
the different wear modes occurring in gear contacts. One such wear mode is pitting [85], which 
is currently considered a key limitation in rolling contact machine components. The formation 
of these pits is a complex phenomenon and is affected by many parameters, including the 
lubricating oil properties. In the literature, numerous investigations comparing pitting lives and 
discussions regarding the underlying mechanisms of various additives (EP, AW, corrosion 
inhibitors etc.) have been reported [164-169]. Some studies have investigated the influence of 
base oil properties on pitting [147,170,171]. The different pitting lives obtained are in general 
attributed to the physical properties of the oils. Attempts have also been made to correlate 
pitting performance characteristics with the base oil molecules [172]. However, a full 
understanding as to why some base oils perform better than others is still lacking. Further 
research is thus needed to permit future development of gear oils that incorporate both low 
losses and sufficient pitting protection. The present study is performed to shed further light on 
this topic by correlating the salient physical properties of the oils with pitting life. 

For the purposes of this study, eight gear oils have been formulated to give different 
combinations of base oil, viscosity and concentration of friction modifiers. To rule out 
influences of other additives, all oils contain the same GL-5 additive package. These oils are 
characterised in terms of physical properties and pitting life using a set of bench tests. To find 
the link between the measured oil properties and the pitting lives, statistical analyses are used to 
create models which clearly relate the effects of each individual oil property to the pitting life. 
This also enables in identifying the important explanatory variables for further investigation. 
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A.2  Experimental
 

A.2.1  Lubricating oil samples 
 

A total of eight oils have been prepared for this study. The formulations were prepared with 
intentions to vary viscosity, boundary friction, and EHL friction levels. Viscosity was varied by 
selection of base oil viscosity, boundary friction was varied by the addition of a friction 
modifier and EHL friction was varied by using either poly-alpha-olefin (PAO) or mineral base 
oil (MO). A summary of this matrix is listed in Table A.1. The same API GL-5 additive package 
was added to all eight oils. 

 

Table A.1. Blend matrix for the eight oils

Combination Base oil type Viscosity level (SAE J306) Additive package
M90FM MO 90 GL5+ Additional FM
S90FM PAO 90 GL5+ Additional FM

M90 MO 90 GL5
S90 PAO 90 GL5

M80FM MO 80 GL5+ Additional FM
S80FM PAO 80 GL5+ Additional FM

M80 MO 80 GL5
S80 PAO 80 GL5

 
 

A.2.2  Oil characterisation 
 

The oils were characterized using eight different bench tests. Together these indicate the 
expected performance of the oils in important EHL mechanisms: the capability to form a 
separating EHL film; friction generated in the full film EHL and mixed lubrication regimes; 
friction generated during boundary lubrication conditions. 

In the characterization, attempts have been made to replicate the conditions present in the 
rolling four-ball test as far as possible. The closer to the actual conditions, the more accurately 
it is possible to analyse the effects of the oil properties. However, there are some limitations in 
the bench tests used, principally the high contact pressures created in the EHL contacts in the 
rolling four-ball tests. These are higher than what can be replicated in many of the bench tests. 
However, as long as the ranking of the oils found during the characterization are relevant also 
for the rolling four-ball tests, reasonable conclusions can be drawn. Therefore, where 
applicable, characterization tests were run under a range of conditions to investigate how the 
relative ranking of the oils varied. The measured oil properties and measurement methods are 
briefly described in the following sections.  
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A.2.3  Viscosity behaviour 
 

Viscosity was measured at both low and high shear rates. Low shear rate viscosities were 
measured using a Bohlin CVO 100 rheometer with a cone-on-plate setup (40 mm, 1°). The 
speed of the rotor/cone determines the shear rate exerted on the fluid. Low shear rate dynamic 
viscosities were measured at shear rates between 500 /s and ~1×104 /s and 120 °C bulk oil 
temperature. High shear rate viscosities were measured using a PCS Instruments Ultra Shear 
Viscometer with a rotor inside a stator. High shear viscosities were measured at shear rates 
between ~5×105 /s and ~.15×106 /s at 70, 90, 110, 130 and 150 °C. 

The pressure-viscosity behaviour of the oils was measured using a falling ball viscometer 
test. This consists of a cylinder inclined at 10° from the vertical with a 50 mm cylindrical bore 
that can be pressurised up to 34 MPa. The viscosity of the lubricant is determined by the time it 
takes for a ball (with a diameter slightly smaller than the bore) to travel a predetermined 
distance of 100 mm. The diameter of the ball used was chosen so that the falling time was long 
enough to ensure laminar flow for all test conditions. The viscometer was heated by a sleeve on 
the outside. Influence of temperature and pressure on the amount of ball/bore clearance was 
calculated and compensated for in the evaluation of viscosity. A more thorough description of 
the viscometer can be found in the work of Jonsson [173]. Falling ball viscosities were 
measured at 120 °C and in increments up to 34 MPa. At these relatively low pressures and 
isothermal conditions the pressure-viscosity dependency is well approximated by the Barus 
formula [17]: 

 =                             (A.1) 
 

From this, the corresponding pressure-  as a function of dynamic 
0

calculated. The measured pressures are lower than typical for EHL inlet regions where the 
pressure is believed to be, representatively ~70 MPa [15]. However, in this pressure range, the 
ranking of oils is typically consistent with increasing pressure, shown for example in the work 
of Larsson et al [148] for pressures up to 500 MPa. The pressure-viscosity measurements were 
limited to four oils; performed on the oils containing additional FM. Measured values for these 
four oils are also used for the remaining oils since the additional FM is unlikely to have any 
major effect on the pressure-viscosity behaviour. 

 
 

A.2.4  Thermodynamic properties 
 

Thermal conductivity was measured at temperatures from room temperature up to 100 °C, at 
atmospheric pressure using a heated probe method in which a line source heater and 
temperature sensor are combined into one small diameter probe. This probe is inserted into the 
sample and the heater turned on for a preselected time interval and the rate of heating of the 
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probe is measured. From this the thermal conductivity of the sample was calculated. The 
precision of this method is ±5 %. 

Specific heat was measured at temperatures ranging from room temperature to 110 °C using 
a standard Perkin-Elmer DSC-4 differential scanning calorimeter using sapphire as the 
reference material. By comparing the electrical power needed to heat both the sample and the 
known mass of sapphire at the same rate, the specific heat can be calculated. The precision of 
the method is ±2 %. Both these thermodynamic parameters vary with pressure, but by 
different amounts. Thermal conductivities have typically doubled at pressures of 1 GPa 
whereas specific heats show only a slight increase [148]. However, for both the parameters the 
same study also shows that the ranking of the oils is fairly consistent. It is thus likely that the 
ranking at atmospheric pressure also is representative for the conditions present in the rolling 
four-ball test. 

 
 

A.2.5  Film thickness measurements 
 

Although the above parameters will give a good indication about oil film formation, the oils’ 
film forming capabilities were measured directly using a PCS EHD ultra-thin film measurement 
system. Using a transparent glass disc and a ¾ 
thicknesses were measured using optical interferometry at 30 N load, 100 °C bulk oil 
temperature and entrainment speeds between ~0.5 and 1.5 m/s under pure rolling conditions. 

 
 

A.2.6  EHL friction characteristics 
 

The EHL friction characteristics were measured in a PCS mini traction machine (MTM). In 
this, a highly polished steel disk is in contact with a  ¾ 
steel disk is immersed in oil and the oil is pulled into the contact area during the test. Friction 
was measured at 75, 100 and 125 °C; mean entrainment speeds varied between 20 and 2000 
mm/s; 20, 35 and 50 N load. Slide-to-roll ratios (SRR), defined according to Eq. A.2, were 
varied from 2 to 70 %. 
 

2/
SRR

21

21

UU
UU

speedrollingmean
speedsliding              (A.2) 

 
where U1 and U2 are the surface entrainment speeds. 
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A.2.7  Boundary friction 

  
A high frequency reciprocating rig (HFRR) was used to measure boundary friction. In this test, 
a  6.0 mm ball oscillates across a steel surface at a frequency of 20 Hz and a path length of 1 
mm. Both the ball and the flat surfaces are made of AISI 52100 steel with a surface roughness 
of less than 0.05 μm Ra and 0.02 μm Ra respectively. The load between the ball and disk was 4 
N, applied by means of a dead weight. Friction was measured for three minutes at 70, 100 and 
130 °C. The average friction coefficient at each temperature was recorded. 
 
 
A.2.8  Pitting life investigation 

 
The ultimate assessment of a material or lubricant is performance in service, but the 
determination of rolling contact fatigue life by full scale testing is a long and expensive process. 
A quicker and relatively inexpensive way of collecting data on fatigue life is by an accelerated 
test using simple specimens. One such test is the rolling four-ball test, first reported by Barwell 
and Scott [129], also described by Scott and Blackwell in [132]. Three of the balls (planet balls) 
are placed in a raceway in which they are free to roll; these are in contact with and driven by the 
fourth ball (driving ball), attached to a drive spindle by a collet/sample holder. The test was 
originally designed to simulate the combination of rolling and sliding experienced in angular 
contact ball bearings. The load normally used in this test is considerably higher than that found 
in practice for gears and rolling element bearings and is chosen in order to reduce the duration 
of the test to a reasonable level. Despite this, test results have been found to be reasonably 
reproducible and have in many instances been found to correlate well with full scale test results 
and service experience for gears [130,131]. Similar experience has also been reported for rolling 
element bearings [132]. It is therefore reasonable to assume that the effects of the oil properties 
analysed in this study have relevance and are meaningful also for highly loaded, full scale 
applications. Moreover, this bench test enables investigation of the influence on results of 
separate parameters because the working conditions are relatively constant. This is in contrast 
to, for example, a gear drive where the rolling and sliding velocities, load and friction forces as 
well as temperature are varying during gear tooth engagement. 

Since the driving ball is directly mounted on the spindle of the machine, a single running 
track is formed on it where it makes contact with the planet balls. As a result, the driving ball 
accumulates loading cycles much faster than the planet balls and is therefore most likely to 
suffer early pitting damage. Assuming slip-free conditions, the ratio of planet ball speed to 
spindle speed can be measured to 0.25 with the setup used in this study. Each revolution of the 
spindle therefore results in 2.25 stress cycles on the driving ball running track. This ratio has 
been found to hold over a wide range of conditions, even in the EHL regime [174]. 
Test parameters used in this study are similar to those developed by Hamaguchi et al [131] 
which reportedly provided good repeatability and reasonable correlation to other gear fatigue 
test methods in regard to lubricant-dependent pitting results. Tests were performed using a 
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computer controlled Phoenix TE 92 HS four-ball test machine in rolling test configuration, as 
shown in Figure A.1. Once the test commences, the raceway holder containing the three planet 
balls is loaded against the driving ball with the specified load. This is achieved by means of a 
pneumatic load actuator. A heating pad below the lower assembly ensures maintaining of the 
specified bulk oil temperature. Prior to each test, the holder including the raceway, four new 
balls as well as the collet were cleaned in heptane for eight minutes in an ultrasonic cleaner. 
Thereafter the parts were rinsed in ethanol and dried. The test oil is filled to a level where it 
completely covers the planet balls. For this, about 9 ml of oil was used. 

The balls used were commercially available  12.7 mm ball bearing balls made of AISI 52100 
bearing steel with a specified surface roughness of less than 0.032 μm Ra (measurements to 
verify the specified value do however indicate that the majority of the balls are considerably 
smoother than the maximum of 0.032 μm Ra). The specified raceway surface roughness was 
less than 0.025 μm Ra. 

 

 
Figure A.1. Rolling four-ball test setup

 
The tests were started by rotating the driving ball at 250 rpm with an applied load of 0.10 kN 
giving the heater pad sufficient time to raise the temperature of the bulk oil to 120 °C and to 
stabilize before the speed and load were increased to 4000 rpm and 4.3 kN respectively. 
However, due to the accumulated heat the bulk oil temperature initially rose above 120 °C as a 
new heat source was introduced with the load and speed increase. The tests continue until a pit 
forms on any of the surfaces which is detected by a built-in vibration sensor that automatically 
stops the machine. The raceway was replaced after 24 pitting tests. To minimize any spurious 
factors and effects of raceway wear, the 120 tests were divided into 15 sets in which each oil 
was tested once in a randomised order. 
The load used results in a maximum Hertzian contact pressure of ~7.69 GPa at the three 
contact points between the driving and the three planet balls. This is higher than the static load 
capacity of AISI 52100 bearing steel and plastic deformation will result, creating an indentation 
along the running track on the driving balls which will reduce the contact pressure. For the 
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contacts between the planet balls and the raceway, the corresponding maximum Hertzian 
contact pressure can be calculated to ~2.44 GPa. The entrainment speed between the driving 
ball and the planet balls can be calculated to ~1.2 m/s based on the radius of the running track, 
spindle rotational speed and the fact that the planet ball centres also rotate about the spindle 
centre. The planet balls roll along the raceway at a speed of ~1.2 m/s. 

Using these calculated values and the oil properties, oil film thicknesses generated in the 
rolling-four ball tests were estimated, as described by Moes [175] for pure rolling conditions. 
However, as mentioned previously, the rolling four-ball test mimics an angular contact ball 
bearing. This means that the rotation of the balls includes a component axis perpendicular to 
the contact interfaces creating a spin motion between the balls. Using the equations developed 
by Krüger and Bartz [130], the slide-to-roll ratios at the lower and upper edges of the running 
track have been calculated. These are approximately -10 % and 9 % respectively (the amount of 
sliding is a function of ball radius, raceway geometry and contact pressure). This is slightly less 
than the range for negative slip of about 10-20 % where pitting usually appears at the pinion of 
gears. To characterize the oils’ fatigue lives, the best estimate of their L50 median lives was 
obtained by performing a median rank regression (least squares fit) as described by Houpert 
[141] (for populations with unknown Weibull slope), assuming that the fatigue lives were well 
represented by two-parameter Weibull distributions. Tests where pitting occurred on the planet 
balls were treated as suspended in the Weibull evaluation. 
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A.2.9  Statistical analyses 
 

To find the significance of the difference in pitting lives for two oils, Weibull confidence 
intervals can be used. However, in this way only two oils can be compared at any one time. If 
multiple linear regression is used, the statistical significance of each oil property can be analysed 
in way that enables the inclusion of all eight oils in one analysis. This increases the significance 
and is therefore used in this study. Both methods have some disadvantages, the latter’s main 
one being that it relies on an assumption that the estimated L50 lives are the true values since 
their confidence intervals cannot be included in the regression analysis. 

Multiple linear regression (MLR) analysis is a statistical technique for investigating and 
modelling the relationship between a set of input (predictor) variables and a response 
variable(s). This is done by fitting an MLR model to the experimental data, via the method of 
least squares. The model suggested for describing this experimental data is: 
 =  + + + + +                                    (A.3) 
 
In this study, the MLR models contain a single response variable (y) which is the predicted 
number of revolutions until failure. This prediction depends on n predictor variables , 

,…, , which are the included test variables (chosen oil properties). 1, 2,…, k are the fitted 
regression coefficients, representing the mean response in y for one unit of change in one 
predictor when all the remaining predictors are held constant. 0 is a constant,   is a random 
error assumed to be normally distribu 2). To avoid the units of measurement being 
reflected in the magnitude of the s, the predictor variables (oil properties) were coded with 
values between 0 and 1. The statistical significance of the terms in the MLR model were 
analysed by means of P-tests where the P-value can be seen as a percentage of the likelihood 
that a coefficient for a particular term in the model has emerged by chance. The significance 
level in this study is set to 0.05. The MLR analyses were performed using the commercial 
software Minitab 16. It should be noted that the statistical models presented are only intended 
to assist in visualising the effects of the oil properties and their significance, not for predicting 
pitting life as in this sense, they are limited to the oils and test method used in this study. 
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A.3  Results and discussion  
 

A.3.1  Pitting fatigue 
 

The pits formed on the running tracks typically had a fan-shaped appearance, spreading in the 
direction of rolling. Most frequently the pits spread from a point close to the smaller 
circumference, as can be seen in Figure A.2 (the left hand side is the leading edge and the 
running track edges have been indicated by dashed lines). This is also the location of the 
highest negative slip. The pits usually covered significant parts of the formed running tracks. 

 

 
Figure A.2. SEM micrograph of a typical pit

 
The rolling four-ball results showed clear distinctions between the oils in terms of L50 median 
pitting lives (see Figure A.3). Based on the Weibull slopes (Table A.2), the oils’ corresponding 
L10 lives were calculated. However, the oils’ L10 lives were similar with no clear distinction 
between them i.e., the effects of the lubricating oils become increasingly important with 
stressing time. The results also showed significant increase in pitting life for the PAO oils with 
the increasing numbers of tests run on the same raceway. This would indicate that the lower 
contacts (planet ball/raceway) also play an important part in the driving ball pitting in this test. 
This is discussed further below. 
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Figure A.3. L50 lives of the eight oils

Table A.2. Weibull slopes for the eight 
oils

Oil: Weibull slope

M90FM 3.4
S90FM 1.4

M90 2.7
S90 1.5

M80FM 2.9
S80FM 1.6

M80 4.8
S80 1.8

 

 
 

A.3.2  Oil properties
 

Figure A.4 shows the measured dynamic viscosities for the various shear rates at 120 °C. The 
high shear rate values are interpolations from the 110 and 130 °C measurements to find the 
corresponding 120 °C values. A small decrease in viscosity at higher shear rates and some shift 
in ranking within the two groups (high and low viscosity) can be seen, but in terms of the two 
groups the ranking is similar and any of the measured shear rates can be used as an input to the 
MLR analysis. 

 

 
Figure A.4. Dynamic viscosity at various shear rates (120 °C)
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The HFRR tests showed lower boundary friction coefficients at all tested conditions for the oils 
containing the additional FMs. However, the distinction became more evident as temperatures 
increased. The friction values measured at 130 °C are most relevant for the rolling four-ball 
tests. Specific heat measurements also gave a similar ranking for the oils at all temperatures. 
The values measured at 110 °C are closest to the temperature present in the rolling four-ball 
test. Thermal conductivities did not show a constant ranking at the various temperatures. 
However, they all lie within the ± 5 % precision for the method which may explain the shifts in 
ranking. The MTM tests showed that the PAOs give a lower friction for all conditions except 
for boundary and severe mixed lubrication conditions (see Figures A.5a-c). In Figure A.5a it 
can be seen that the base oil type will affect the friction coefficients even at relatively small 
entrainments speeds where mild mixed lubrication can be expected with some of the load 
carried by asperities. As soon as full film EHL was attained, the measured coefficients were 
consistent in terms of load, SRR and sliding speed. The friction coefficients in Figure A.5b 
increased with increasing load, this is likely due to an increase in viscosity with pressure, not so 
much due to increasing asperity interactions. 

 

 
(a) 

 
(b) 

 
(c) 

Figure A.5. (a) Friction coefficients at various entrainment speeds (125 °C, 50 N, 20 % SRR). (b) Friction 
coefficients at various loads (125 °C, 10 % SRR, 1.0 m/s). (c) Friction coefficients at various SRRs (125 °C, 

50 N, 1.0 m/s)
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Coefficients of friction for a rolling speed of 1.2 m/s and 10 % SRR should be reasonably 
representative of the conditions in the rolling four-ball tests. These conditions are also chosen 
to ensure sufficient lubricant film in the contacts to produce full film EHL with minimal 
asperity contacts. The low SRR will reduce heating in the contact due to shearing which would 
lead to the friction coefficients being measured at unknown temperatures. 

The falling-ball viscosities showed an increase with increasing pressure (see Figure A.6) and 
the behaviour can be approximated by the Barus equation and the pressure-viscosity coefficient 
could be calculated according to Eq. A.1. Measured EHL film thicknesses showed a similar 
ranking at all measured entrainment speeds. The film thicknesses measured at 1 m/s are closest 
to the actual conditions. 

 

 
Figure A.6. Viscosity increase with pressure

 
In total, a large amount of data was produced in terms of oil properties. The most relevant 
results for the rolling four-ball test are presented in Table A.3. 
 

Table A.3. Oils’ measured physical properties

Oil
Base oil

type

Dynamic 
viscosity at 

120 °C, 
10000 /s
(mPa·s)

Boundary 
friction 

coefficient 
at 130 °C, 
on steel

EHL friction 
coefficient at 
120 °C, 1.2 
m/s, 50 N,
10 % SRR

Pressure-
viscosity 

coefficient 
at 120 °C 
(GPa-1)

EHL film 
thickness at 
100 °C, 1.5
m/s (nm)

Specific 
heat at 
110 °C, 
(J/g·K)

Thermal 
conductivity 

at 100 °C 
(W/m·K)

M90FM MO 8.28 0.110 0.034 15.4 141 2.29 0.141
S90FM PAO 8.21 0.111 0.014 14.7 114 2.40 0.140

M90 MO 8.12 0.158 0.033 15.4 141 2.24 0.147
S90 PAO 7.91 0.158 0.015 14.7 115 2.33 0.140

M80FM MO 5.78 0.112 0.032 14.7 105 2.18 0.142
S80FM PAO 5.75 0.113 0.012 13.7 85 2.38 0.140

M80 MO 5.70 0.162 0.031 14.7 102 2.24 0.134
S80 PAO 5.66 0.148 0.013 13.7 87 2.34 0.139
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Based on the measured oil properties (viscosity and pressure-viscosity coefficient), the central 
film thicknesses and the ratio of film thickness to composite surface roughness, known as the 

created towards the edges of the contact will also be thinner since only the central film 
thickness is calculated. 

The results show that the likelihood of EHL film formation is similar in the two types of 
contacts with the planet ball/raceway films slightly thicker. The higher contact pressure in the 
driving ball/planet ball contacts is counteracted by the higher entrainment speeds as the 
calculations include the sum of both the balls’ entrainment speeds. For the planet ball/raceway 
contacts this is not the case since the raceway is stationary. 

d Spikes [176] who found the 
mixed lubrication regime to 
considered. This means that both the planet ball/raceway contacts and the planet ball/driving 
ball contacts are likely in the mixed regime but if the slightly smoother surfaces measured for 

 
 

Table A.4. Calculated film thicknesses and la

Oil

Central film thickness, 
driving ball/ planet 

ball (nm) ball

Central film thickness,
planet ball/raceway 

(nm)
M90FM 42.2 0.93 48.2 1.19

S90FM 40.6 0.90 46.6 1.15

M90 41.6 0.92 47.5 1.17

S90 39.5 0.87 45.3 1.12

M80FM 31.4 0.69 36.2 0.89

S80FM 29.9 0.66 34.6 0.85

M80 31.1 0.68 35.8 0.88

S80 29.5 0.65 34.2 0.84

 

during the tests due to deformation and/or wear. This also the likely explanation for the trend 
of increasing pitting lives for the PAO oils with the increasing amount of raceway use, 
mentioned previously, i.e., as the raceway is used, its surface gets polished, leading to increasing 
lambda ratios and a reduction of the friction forces in these interfaces. Such a reduction of the 
tangential forces in the planet ball/raceway contacts will then reduce the tangential forces in the 
planet ball/driving ball contacts as one cannot be higher than the other since the spin is 
transferred through them both. For the PAO oils, this seems to be the case which indicates that 
the tangential forces from the spin/sliding have a negative effect on the pitting lives. Why this 
trend cannot be seen for the mineral oils is not clear. First of all, they start with larger lambda 
ratios, reducing the effects of increasing lift-off. Further, their high EHL friction coefficients 
will counteract sliding in the planet ball/raceway interface, thus tangential forces in the driving 
ball/planet ball interface will stay high.   
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A.3.3 Statistical analysis 
 

Finding regression models is an iterative process. It would not be practical to include all 
iterations here but the following discussion is possible regarding the connection between the oil 
properties and the rolling four-ball test results. 

As can be seen in Table A.3, collinearity exists between the properties that are determined by 
the base oil type and its molecular structure (EHL Friction Coefficient, pressure-viscosity 
coefficient, film thickness and thermal properties). This approximate linear dependence of 
predictor variables with other predictor variable(s) limits the possibilities for including all 
predictors into the same MLR analysis since collinearity normally results in poorly estimated 
regression coefficients and the significance on one will be highly dependent on the other 
variables included in the analysis. Many of these problems can be solved by using multivariate 
analysis such as principal components analysis and principal components regression. However, 
owing to space constraints and complexity these techniques have not been included here. 

Instead, the problem was solved by excluding some of the measured oil properties from the 
analysis. To start with, the oils’ film forming properties can be assumed to be well described by 
their dynamic viscosities. Thus the measured EHL film thicknesses and pressure-viscosity 
coefficients need not be included. The thermal conductivity and specific heat can/should be 
excluded, firstly due to their narrow range which makes them unlikely to have a significant 
effect on the pitting lives and secondly, the use of coded predictors for variables with narrow 
range may induce overestimated factors in the MLR analyses. Based on the three remaining 
properties, an MLR analysis can be performed leading to the following regression model: 
 × 10 = 23.2 1.1 × . 0.7 ×  14.4 ×            (A.4)
 
The significance of the predictors, root mean square error (RMSE) and R2 for the model can be 
seen in Table A.5.  

 

Table A.5. Model-test for Eq. A.4

Predictor P Significant if
Dynamic Viscosity 0.501 <0.05
Boundary friction 0.645 <0.05

EHL friction 0.001 <0.05

RMSE = 18357; R2 = 96 %
 
The R2 value shows that 96 % of the variation in pitting lives can be explained by this model. It 
is reduced by the effect of viscosity since it seems to differ for the two base oils (Figure A.3). 
Furthermore, the effect of EHL friction is unlikely to be linear in its nature as Eq. A.4 suggests 
(adding a quadratic (squared) predictor of EHL friction into the above analysis results in a 
model with R2 = 99.6 % and RMSE = 6689). However, Eq. A.4 is easy to interpret and will 
suffice in describing the behaviour.  
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The values in Table A.5 also show that the only significant predictor in Eq. A.4 is the EHL 
friction coefficient. If the above MLR analysis is performed in a similar fashion but the oils’ 
EHL friction values are replaced by their pressure-viscosity coefficients, similar significances 
are found. Such a model will however indicate a negative effect of large pressure-viscosity 
coefficients. This contradicts the general view that thick films are overall beneficial. The likely 
explanation is the strong correlation of the pressure-viscosity coefficient with EHL friction, i.e., 
the pressure-viscosity coefficient is low for the oils with low EHL friction; such a correlation 
between pressure-viscosity coefficient and EHL friction has also been reported by others [15]. 
Apparently, for the conditions of the rolling four-ball, a low EHL friction is more important 
than the thicker films that a large pressure-viscosity coefficient would result in. This conclusion 
agrees with the low significance of viscosity (Table A.5). In the literature, it has been postulated 
that a large pressure-viscosity coefficient can have negative effects on contact fatigue due to 
resulting EHL pressure spikes [127]. However, Houpert et al [161] showed that these spikes 
only lead to an increase in stresses very close to the surface and only have a minor effect on 
micropitting. If the sensitivity of micropitting to asperity scale, surface stresses [177] is 
considered, it reasonable to assume that such spikes will have an even smaller effect on the 
macro-scale pitting considered here. 

Another interesting model is found if the former model is reduced to include only the four 
PAO oils, meaning that only the dynamic viscosity and boundary friction coefficients need to 
be included. This results in the following regression model: 
 × 10 = 24.6 5.27 ×  1.36 ×           (A.5)
 
The significance of the predictors, RMSE and R2 for the model can be seen in Table A.6. 

 

Table A.6. Model-test for Eq. A.5

Predictor P Significant if
Dynamic Viscosity 0.017 <0.05
Boundary friction 0.094 <0.05

RMSE = 7285; R2= 98.0 %
 
In this model, the dynamic viscosity is significant and it should be low. These results agree with 
those of Rico et al [147] who found higher viscosity beneficial for mineral oils but the opposite 
for PAO in rolling four-ball tests, although they used higher load/lower speed in their studies. 

overall 
tangential forces in the contacts which should be beneficial as discussed above. However, at the 
same time, a high viscosity will increase the torque needed to drive the planet balls along the 
raceway due to increased drag/churning as well as squeeze of the oils. This will increase the 
tangential forces transmitted through the driving ball contact interfaces. For the PAOs, with 
lower tangential forces, this relatively small increase will be more significant than for the MOs. 
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In FZG gear tests it has however been shown that gears have a longer pitting life if high 
viscosity PAO oils are used as compared to low viscosity PAO [149]. However, for gear 
contacts, no real equivalence to the negative effects of viscosity as discussed above exists; the 
increased churning of the oils will only place a very small extra load on the tooth flanks. 

Typically, gear surfaces are also rougher and more reliant on thick films (viscosity) for full-
film operation. For typical bearings however, similar effects of viscosity should exist and 
negative effects on pitting life from excessive viscosity have been reported [150]. Eq. A.5 also 
suggests that the boundary friction should be low; however, this effect is not significant (Table 
A.6), especially if uncertainty for the L50 lives is considered. Such an effect had however been 
easy to explain since the extra FMs would become more prominent for the PAOs with their 
overall low tangential forces and thin oil films with asperities carrying more of the load. The 
low significance can have several possible explanations, the most likely being that only a small 
portion of the tangential forces acting on the surface are due to asperity contacts. 

The trends extracted from the discussions above and Eq. A.4-5 all point to the same 
conclusion, that the oils’ physical properties must ensure low tangential forces at the contacting 
surfaces in highly loaded Hertzian contacts. This corroborates well with the work of Soda and 
Yamamoto [108] that showed the root cause for shortened pitting lives at high SRRs to be due 
to an increase in tangential traction (such an effect would only be true up to the point where 
the oil’s limiting shear stress is reached, after that the friction coefficients normally decrease 
again). Shorter pitting lives have also been found for traction oils compared to MOs [126], 
although the authors suggested that the shorter fatigue lives should be attributed to the traction 
oils’ larger EHL pressure spikes. 
A decrease in the tangential forces will result in reduced heat generation due to sliding and limit 
the contact temperature rise which is known to reduce the fatigue stress limit of the material 
[121]. The temperature difference between the oils on the other hand is likely to be small due to 
the high thermal conductivity of steel [126] so the effects of temperature in this aspect should 
be small. A decrease of the tangential forces will also decrease the macroscopic shear stresses in 
the zone between the asperity stress region and the Hertzian shear stress region (Tallian et al 
[178]). A reduction of these stresses will reduce the rate of softening of the subsurface material 
due to martensitic decay [179] which is likely to occur in a test like the rolling four-ball and 
have been linked to the occurrence of pitting [180]. 

In terms of oils’ physical properties, the international standard (ISO 281:2007 [121]) only 
considers the influence of oils’ film-forming properties for the calculation of pitting life. 
Surface traction is however included in more advanced stress-based life calculations [181]. 

The above conclusions regard contacts operating under full film EHL or mixed lubrication 
where only a small amount of asperity contact occur and the majority of the shear forces acting 
on the surface are due to shearing of the lubricating oil. For contacts operating under more 
severe conditions (boundary lubrication) it is likely that similar conclusion can be drawn, but 
other properties of the oils will be important, for example the boundary friction. 

One physical property that is not considered in this study is the oils’ bulk modulus, also a 
property influenced by the oils’ molecular structure. It has been found to affect the oil pressure 
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developed in fatigue cracks [182] but this would only affect the later stages of the fatigue 
process and the changes in life due to crack propagation are not expected to be large. 

A contact fatigue testing rule that might be inferred from this study is that in the 
interpretation of fatigue testing results in general and anti-fatigue additives in particular, the 
additives’ effects on friction should be considered since many additives affect boundary and/or 
EHL friction coefficients and this may partly explain their anti-fatigue performance. 

 
 

A.4  Conclusions
 

The pitting behaviour of eight GL-5 gear oils has been studied in a rolling four-ball test 
configuration. The following conclusions can be drawn regarding pitting lives of highly loaded 
Hertzian contacts, operating under full film EHL/mixed lubrication: 

 
Gear oils’ physical properties have a large effect on pitting life. 
In terms of the measured base oil physical properties, the EHL friction coefficient 
has the largest effect on the pitting life. 
When formulating low-loss gear oils, only the oils’ film forming properties (viscosity) 
should be maintained at a high enough level to sustain full-film conditions. A 
reduction of EHL friction and boundary friction will be beneficial in terms of both 
pitting life and power losses. 
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J. E. Johansson, M. T. Devlin, and B. Prakash 

 
 

Abstract 
 
Pitting, a form of rolling-contact fatigue, is a complex phenomenon and several factors 
influence its occurrence, particularly under lubricated conditions. In this work, studies have 
been conducted to observe the events that occur during lubricated rolling four-ball tests that 
may affect or eventually lead to the formation of pits. This is done to form an understanding of 
the pit formation process. Included is tribofilm formation, surface degradation, wear mode, 
material changes, crack initiation sites etc. These investigations have been performed on the 
ball samples from rolling four-ball tests, conducted using two API-GL5 gear oils. The analyses 
revealed the formation of a low hardness region beneath the surface of the running track due to 
martensite decay. The formation rate and expansion of this region was found to differ for the 
two lubricating oils. The pitted balls also indicated that the initial fatigue cracks were initiated at 
or close to the surface. 
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B.1  Introduction
 
Machine elements involving highly loaded rolling/sliding contacts are prone to macro-scale 
surface fatigue damage due to formation of pits, also known as pitting. These pits are the result 
of cracks, slowly spreading until detachment of material fragments occurs. The main cause of 
the fatigue is the Hertzian normal loads which in combination with tangential forces control the 
magnitude and position of the stresses that lead to cracking; but many other parameters have 
been found to affect both the initiation and propagation of the cracks. To mention a few: the 
lubricating oil (both base oil and additives); debris; surface topography; the material, its heat 
treatment and microstructure; component geometry as well as operational parameters [183]. 
These factors control the position of the weakest material in the contacts as well as the position 
of the highest stresses, thereby the origin of the cracks (surface- or subsurface-origin). The 
origin will among others, affect the possibilities of the lubricating oil to enter the cracks, a 
phenomenon believed to play an important role in crack growth due to high pressure 
propagation [105,184], lubrication of the crack faces [92,103] as well as hydrogen-embrittlement 
of the crack tip [110]. 

Since different machine element types are subjected to very different operating conditions 
and lubricating oils, the mechanisms of pit formation will vary among them. For example the 
work of Jao et al [185] showed that although the basic mechanisms of gear and bearing fatigue 
failure modes are similar, they did not have the same root causes even in the same planetary 
gearset. Several studies into the pit formation mechanisms of many machine elements can be 
found in the literature. However, for many of the bench-type tests used to simulate these 
machine elements, analyses and understanding of the pit formation are missing. This 
knowledge is needed for choosing a bench-type test that is relevant for the application or 
machine element of interest and that provides a relevant ranking of for example different oils. 
The knowledge can also be used to help interpret test results from the test. 

The present work therefore aims at investigating the pit formation in one of these bench-
type tests, a test that often is used to rank different oils in terms of pitting lives, namely the 
rolling four-ball test. The study is performed first by conducting rolling four-ball tests and 
secondly by analysing the running track region of the used driving balls (where the pits 
normally are formed), to find the events that occur during the tests that may affect or 
eventually lead to the formation of pits. To facilitate interpretation, the tests are conducted 
using two different, well characterised gear oils, known to have widely varying pitting life. 
Surface topography and degradation are analysed to find how they vary throughout the test. 
Further, the wear mode and rate is investigated and compared for the oils. If continuous wear 
occurs in the rolling four-ball test, it will lower the contact pressures due to increased 
conformity and can affect the pitting life in an unintended way if it differs for the oils (poor 
wear protection resulting in longer pitting life). Normal wear in boundary-lubricated gear 
contacts is also known to remove incipient surface-origin pitting [183]. Analyses of tribofilm 
formation is included since it has been proposed that additives can prolong fatigue lives by 
reducing asperity hardness but also decrease lives through high corrosion aggressiveness by 
creating numerous depressions and micro-pits [186]. 
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In highly loaded rolling-element bearings, the occurrence of pitting has also been linked to 
microstructural alterations occurring beneath the surface of bearing raceways [180]; similar 
phenomena have also been found in micropitted gears [187]. Therefore the material beneath 
the running tracks is analysed with a view to find if similar phenomena occur during rolling 
four-ball test. 

Any clear evidence as to the origin of the cracks in rolling four-ball tests with steel ball 
samples has, to the authors knowledge not been reported in the open literature. It has however 
been speculated that these can be initiated at the surface [188] as well as beneath the surface 
[147]. Therefore, an extensive study investigating the subsurface region in terms of cracks, not 
fully developed into pits is performed. A number of formed pits are also analysed to better 
understand the pit formation. 

Further, a decrease in life associated with increasing numbers of tests run on the same 
raceway have been observed for the rolling four-ball test [172]. In view of this, the study is 
widened to include the evolution of the raceway during testing since this appears to affect the 
pit formation. 

 
 

B.2  Materials and methods
 
B.2.1  Test oils
 
The test oils were blended using two different base oils; oil R is based on a mineral oil whereas 
oil S is based on a poly-alpha-olefin (PAO). Both oils have similar viscosities and use the same 
API GL-5 additive package, including friction modifiers (FMs). Some measured properties of 
the oils can be seen in Table B.1. 

 

Table B.1. Measured properties of the two oils

Oil R Oil S

Dynamic viscosity (120 °C, 10 000 /s (mPa·s)) 8.28 8.21
Boundary friction coefficient (130 °C on steel) 0.110 0.111

EHL friction coefficient (125 °C, 1 m /s, 5 % SRR) 0.031 0.014
Pressure viscosity coefficients ( ) (120 °C (GPa-1)) 15.4 14.7

Specific heat (110 °C, (J/g·K)) 2.29 2.40
Thermal conductivity (100 °C, (W/m·K)) 0.141 0.140

 
The two oils were chosen following a previous study by the authors that showed that they have 
widely varying pitting lives in the rolling four-ball test (same test parameters as used in this 
study, described below). A Weibull probability plot for the two oils is shown in Figure B.1.  

The Weibull lives and slopes were estimated by performing a median rank regression (least 
squares fit) as described by Houpert [141] (for populations with unknown shape parameter ( )), 
see Table B.2. Tests, where pitting occurred at other locations than on the driving ball were 
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treated as suspended tests in the Weibull evaluation. Both oils had similar L10 lives but for the 
L50 lives a large difference can be seen and it is clear that the effects of the two oils become 
increasingly important with the number of stress cycles. The significance of the difference in 
mean lives (~L55) for the two oils can be calculated, as described by Johnson [189] to ~99 %.  

 

 
Figure B.1. Weibull probability plot for the two oils

 

Table B.

Oil L50
R 3.4 89000
S 1.4 184000
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B.2.2  Rolling four-ball tests
 

The rolling four-ball test was first reported by Barwell and Scott [129], also described by Scott 
and Blackwell in Ref. [132]. It was originally designed to simulate the combination of rolling 
and sliding experienced in angular contact ball bearings. Test results have been found to be 
reasonably reproducible and have in some instances been found to correlate well with full scale 
test results and service experience for gears [130,131] as well as for rolling-element bearings 
[132]. 

The test rig used in this study was a computer controlled Phoenix TE 92 HS four-ball 
machine, configured to run rolling four-ball contact fatigue tests. In this set-up, there are three 
lower balls (planet balls), placed in a raceway in which they are free to roll. 

The fourth test ball (driving ball) is held in a collet/sample holder and is directly mounted on 
the spindle of the machine, resulting in a single running track formed on the driving ball where 
it makes contact with the planet balls. As a result, the driving ball accumulates loading cycles 
much faster than the planet balls and is therefore most likely to suffer early pitting damage. An 
illustration of the rolling four-ball arrangement is shown in Figure B.2. 

 

 
Figure B.2. Rolling four-ball setup, one lower ball is removed for clarity

 
The raceway is placed in a holder incorporating a thermocouple. Below this assembly a heater 
pad is situated which ensures that the temperature does not fall below the specified value. The 
load is applied by means of a pneumatic load actuator; the rig also has an inbuilt vibration 
sensor that automatically stops the tests as soon as a pit is formed on either of the balls.  

The test parameters used in the tests are similar to those developed by Hamaguchi et al 
[131], which reportedly provided good repeatability and reasonable correlation to gear fatigue 
test methods in regard to lubricant-dependent pitting results. Prior to the tests, the holder 
including the raceway as well as four new balls were cleaned in heptane for eight minutes in an 
ultrasonic cleaner. Thereafter the parts were rinsed in ethanol and dried. This was done to 
ensure that previously used test oil and wear debris were removed. All balls used were 
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commercially available 12.7 mm diameter ball bearing balls made of AISI 52100 bearing steel. 
Surface roughness values of the new ball samples were less than 0.032 μm Ra. The raceway’s 
surface roughness was less than 0.025 μm Ra. Test oil is filled up to the line where it completely 
covers the planet balls, which means about 9 ml of oil.  

Tests were started by rotating the driving ball at 250 rpm with a load of 0.10 kN, giving the 
heater pad sufficient time to raise the temperature of the bulk oil to the test temperature of 120 
°C and stabilize at this level before the test were started and the speed and load were increased 
to 4000 rpm and 4.3 kN respectively. However, due to the accumulated heat, the bulk oil 
temperatures initially rose above 120 °C as the load and speed increase introduced a new heat 
source. The load results in an initial Hertzian maximum contact pressure of 7.69 GPa at the 
three contacts of the driving ball. This is above the static load capacity of AISI 52100 bearing 
steel and plastic deformation will result [190], creating an indentation along the running track 
on the driving balls. This will reduce the contact pressure calculated using the Hertz formulae. 
For the contacts between the planet balls and the raceway, the corresponding maximum 
Hertzian contact pressure can be calculated to 2.44 GPa. 
The rolling four-ball tests were divided into two parts. In the first part, the tests were 
performed until pits were formed on the driving ball, producing end-of-test (EOT) ball 
samples. In the second part, the tests were stopped prior to the formation of pits. In this way, 
the different stages of pit formation could be captured, both in terms of surface and material 
deterioration as well as crack propagation. These tests were stopped after 25 000, 50 000, 75 
000, 100 000 or 200 000 revolutions. To minimize any spurious factors and effects of raceway 
wear, the tests were randomized by using oil S and R in every other test. The raceway was 
replaced after 24 pitting tests. 

As mentioned previously, the rolling four-ball test mimics an angular contact ball bearing. 
This means that the rotation of the balls includes a component axis perpendicular to the 
contact interfaces creating a spin motion between the balls. Using the equations developed by 
Krüger and Bartz [130], the slide-to-roll ratios at the lower and upper edges of the running 
track have been calculated to ~-10 % and ~9 % respectively (the amount of sliding is a 
function of ball radii, raceway geometry and contact pressure). A complete analysis of the 
kinematic behaviour and spinning motion between the planet balls and raceway has to the 
authors knowledge not been presented in the literature. A ratio of planet ball speed to spindle 
speed of 0.25 has however been reported; this ratio has been found to hold for a wide range of 
running conditions, even into EHL [191]. As a result, every revolution of the spindle results in 
2.25 stress cycles on the driving ball running track. The ratio of 0.25 has also been verified for 
the test setup used in this study. The resulting entrainment speed between the driving ball and 
the planet balls is ~1.2 m/s based on the radius of the running track, spindle rotational speed 
and the fact that the planet ball centres also rotate about the spindle centre. The planet balls roll 
along the raceway at a speed of ~1.2 m/s.  
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B.2.2 Running track evolution, wear mode and surface deterioration
 

The running track surfaces of the driving ball specimens were analysed using scanning electron 
microscopy (SEM) and optical microscopy (OM). To characterise the running track wear mode, 
the weight of a driving ball (including the sample holder) was measured using a Mettler Toledo 
AX205 scale (0.01 mg resolution). A rolling four-ball test was then performed in two steps, 
stopped at 50 000 and 100 000 revolutions. The driving ball and holder were washed and 
weighed on completion of each of these two steps. The weight measurements were repeated 
three times at each step and performed for ball samples from tests with both oils. The weight 
measurements were carried out with the ball mounted in the holder since relocation of the ball 
in exactly the same position is not possible should it be removed from the holder. 

For analysing the evolution of the running track widths, a rolling four-ball test was 
performed and stopped at 15 000, 30 000, 50 000, 100 000 and 200 000 revolutions. At each 
step, the ball sample was removed and the width was measured using a Wyko NT1100 3D 
optical surface profiler. Running track widths were also measured on a number of EOT ball 
samples. 

 
 

B.2.3  Tribofilm analysis
 

A number of driving balls (EOT samples), for both oils were analysed in terms of tribofilm 
formation. To remove any excess oil the balls were rinsed with heptane and dried with 
nitrogen. The area of the running tracks was examined with a JEOL JSM-5800LV SEM, 
equipped with a thermo electron nano trace detector for performing energy dispersive x-ray 
spectroscopy (EDX) to allow chemical analysis of the tribofilm. EDX spectra were recorded at 
7 keV incident beam energy. In order to find the areas where tribofilms were formed, a 
software originally designed to find various phases in metals was used. In distinguishing 
between tribofilm and background, the software uses a statistical comparison of the EDX 
spectra at each pixel and separates them according to how different they look from each other 
and use this information to create two colour figures. 

 
 

B.2.4 Driving ball subsurface material, crack initiation sites and pit 
appearance

 
A number of driving balls were sectioned in order to enable analysis of the material beneath the 
running track surfaces. For this, the balls were moulded five at a time into a transparent 
thermoplastic material, as can be seen in Figure B.3. Depending on the intended analysis, the 
balls were mounted in one of two different directions. To enable hardness mapping, the balls 
were mounted perpendicular to the running track. These samples were then ground, using fine 
grit abrasive paper with water lubrication/cooling, to half the diametrical height, polished and 
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etched in 1 % and 5 % nital-solutions. This revealed two cross-sections of the running track for 
each ball that could be analysed. The resulting hardnesses of the subsurface regions will indicate 
the occurrence and degree of martensite decay [192]. Figure B.4a illustrates how these balls 
look after grinding. Hardness measurements were performed using a micro-Vickers hardness 
tester at a load of 300 g. 

For analysing pits, crack origin and propagation, a total of 30 balls were sectioned along the 
running tracks. These samples were ground in three steps, firstly to ~2/3 of the height of the 
running track, then to a depth of 1/2 and finally to 1/3 of the height. The samples were 
polished, etched and analysed in minute detail using OM and SEM at each step. Figure B.4b 
illustrates how these balls look after grinding. The balls originated both from the stopped tests 
as well EOT; for the EOT samples, only cracks farther than 3 mm away from any pit were 
considered as not being part of that pit. 

 

 
Figure B.3. Five balls, moulded and ground

 
Figure B.4. Schematic sketch of sectioned balls, (a) 

perpendicular to running track, (b) along running track

 
 

B.2.5  Raceway degradation
 

A decrease in pitting life associated with increasing numbers of tests run on the same race has 
been observed [172], which indicates that the planet ball/raceway contacts also affect the 
pitting lives. The only thing that can change during the tests is the raceway surface roughness 
and conformity as well as tribofilm build-up. To find the cause of the varying pitting lives, the 
evolution of a raceway running track surface during use was analysed using SEM and a Wyko 
NT1100 optical surface profiler. 

To better show the effects of raceway wear, the central film thicknesses generated in the 
rolling-four ball tests were estimated for pure rolling conditions and elliptical contacts as 
described by Moes [141]. These estimations were based on the calculated entrainment speeds, 

thicknesses and measured Ra values, the ratios of lubricating film thickness to surface 
d and compared. 
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B.3  Results
 
B.3.1  Raceway degradation

If the 24 tests performed on one raceway are plotted against run order an increasing life for oil 
S can be seen with the increasing number of tests, see Figure B.5 (trend lines are based on 
second order polynomials). The trend of oil S shows that the planet ball/raceway contacts also 
can play an important part in the driving ball pitting in this test. For oil R no such trend can be 
seen. 
 

 
Figure B.5. Trend for pitting lives with increasing raceway use

 
A 2D-roughness profile from the optical surface profiler can be seen in Figure B.6. The profile 
to the right of 0.6 mm shows the unworn surface outside of the raceway running track; to the 
left of 0.6 mm is the lower part of the raceway running track where considerable smoothing of 
the surface can be seen.  
 

 
Figure B.6. 2D-roughness profile of raceway, transversal to rolling direction. To the right of 0.6 mm begins 

the unworn surface
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The SEM micrograph of a worn running track in Figure B.7 show that some original grinding 
marks remain, but between these, smooth plateaus have been formed, increasing the bearing 
ratio of the surface. The unworn surface roughness was 30-35 nm Ra, the worn surface 
roughness was ~10 nm Ra. In the centre of the raceway running track, the surfaces was slightly 
rougher, ~15 nm, presumably the higher amounts of sliding occurring close to the edges is 
more effective in smoothing the surface.  

 

 
Figure B.7. SEM image showing upper half of raceway running track after 24 tests

 
Based on the measured Ra values, the 
B.3). The figures can be compared to results of Guangteng and Spikes [176] who found that the 
mixed lubrication regime 
when central film thickness is considered; i.e., both the planet ball/raceway contacts and the 
planet ball/driving ball contacts are in the mixed regime, where the former is slightly thicker. 
The lambda ratios given in parentheses for the planet ball/raceway contacts refer to those 
calculated based on the surface roughness of a worn raceway; both are on the border between 
the mixed and the EHL regime.  
 

Table B.

Oil

Central film 
thickness, driving 

ball/planet ball (nm) planet ball

Central film thickness, 
planet ball/raceway

(nm) ball/raceway
R 42.2 0.93 48.2 1.18 (1.44)
S 40.6 0.90 46.6 1.14 (1.39)
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This may explain the increasing lives for the PAO oils with the increasing amount of raceway 
use. As the raceway is used, the polishing of the surface increases the  ratios, i.e. it reduces the 
amount/severity of the asperity contacts and the overall tractive forces in the planet 
ball/raceway contacts. If the tractive forces become low enough, it is reasonable to assume that 
much of the sliding in the driving ball/planet ball interfaces (due to the inherent spin) will be 
transferred to the planet ball/raceway interface, reducing the sliding and the tangential forces 
present at the driving ball/planet ball interface. 

Why this trend cannot be seen for the mineral oil (oil R) is not clear. First, it starts with 
larger lambda ratios, reducing the effects of increasing lift-off. Secondly, its high EHL friction 
coefficient will counteract sliding in the planet ball/raceway interface, thus tangential forces in 
the driving ball/planet ball interface will remain high. 

If the oil/running conditions instead lead to a deterioration on the raceway running surface, 
the opposite trend would be expected, presumably this is what occurred to the raceways in the 
tests performed by Rounds [172] since they used un-additivated oils, higher loads and lower 
speeds than used in this study. Unfortunately, an analysis of raceway deterioration was not 
included in the study. The figures presented in Table B.3 may be slightly higher than the actual 
case since the spin in the contacts is not included in the analysis, which may reduce the film 
thicknesses slightly. On the other hand, neither is the increasing conformity during the test 
which will lower the contact pressures and thereby increase the film thicknesses, such an effect 
is however presumably small since film the thicknesses only are marginally dependent on the 
load. Interesting to note in Figure B.7 is the traces of tribofilm formation. In the bottom of the 
figure is the running track centre, here the tribofilm traces are aligned transverse to the planet 
balls rolling direction. At the top of the figure, tribofilm traces are aligned along the rolling 
direction, seemingly this confirms the spinning motion for the planet balls. 
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B.3.2 Running track wear mode, evolution and surface deterioration
 

During the rolling four-ball tests a running track was quickly formed on the driving ball. Figure 
B.8 shows a driving ball after 100 000 revolutions (ball still mounted in the sample holder); the 
running track can be clearly seen. The driving ball specimens showed an insignificant weight 
loss of 0.01 mg after 50 000 revolutions as well as after 100 000, clearly implying that the 
running tracks are formed predominantly due to plastic deformation. 

 

 
Figure B.8. Driving ball mounted in a sample holder, showing a running track

 
The evolution of running track widths for the two gear oils is shown in Figure B.9. The widths 
increase rapidly during the first 15 000 revolutions and thereafter this increase slows down. At 
about 150 000 revolutions the running track width has increased to such an extent that the 
resulting contact pressure is low enough for the deformation to remain predominantly elastic. 
In Figure B.9, no clear distinction can be seen between the oils. 

 

 
Figure B.9. Running track widths for oil R and S, EOT ball samples as well as stopped tests



 

137 

This shows that with the test conditions used, the wear preventive properties of the two oils 
have not affected the conformity of the sample during tests, i.e., the contact pressures. It can 
however be noted that for test conditions utilising higher loads/lower speed, indications have 
been found that for fluids known to cause appreciable wear in general, both the width and 
depth of the running tracks increase continuously with time [172]. Similar effects have also 
been found for excessive amounts of anti-wear additives [186]. 

Considering the running track width (0.9 mm) and geometry an equivalent radius of 
curvature in the plane perpendicular to the rolling direction can be derived as described in ref 
[190]. The result is a very large radius (583 m) which can be approximated by a plane. In the 
rolling direction the radius remains essentially unchanged and the reduced effective Hertz stress 
can be calculated to 6.19 GPa, for both oils. 

Examination of the running track surfaces showed no clear distinction in the nature of 
damage for the two oils. Figures B.10a-b show the running tracks for oils R and S after 100 000 
revolutions (upper edges of the figures are the leading edges). The surfaces appear smooth and 
no evidence of micropitting for either of the oils can be seen. Both are however characterised 
by small arc-like features. The chord of these varies from approximately 5 to 30 μm, with 
orientation parallel to the running track. Their radii tend to be larger towards the track edges. 
The ball samples run for 25 000, 50 000, 75 000 and 200 000 revolutions showed similar surface 
features but less pronounced. Similar arc-like features have also been observed on the inner 
rings of deep groove ball bearings [193]. 

It is unclear whether these features have any effect on the pit formation but they can act as 
initiation sites for surface initiated cracks. These features were however present for both oils 
and thus not likely to be the cause for the varying pitting lives. 

 

 
Figure B.10. OM images showing the ~0.9 mm wide running track surfaces after 100 000 revolutions for (a) 

oil R and (b) oil S
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B.3.2  Tribofilm formation
 

Tribofilms were found on all the analysed driving ball running tracks, more densely towards the 
edges as a result of the higher amount of sliding and thinner oil films. Figure B.11 shows an 
EDX image of a section of the running track. The black areas represent the areas without 
tribofilms. The EDX analysis of the formed tribofilms showed that mainly the anti-wear 
additives were active in the contacts. The relative amounts of the elements found varied from 
ball sample to ball sample but in terms of the two oils, no clear distinction was found. The 
presence of tribofilms supports the calculated mixed lubrication regime [194], at least while the 
running tracks are formed. A more thorough investigation on the effect of additives in the 
rolling four-ball tests can be found in the work of Tuszynski [186]. 

 

 
Figure B.11. Running track with EDX-mapped tribofilm, oil R

 
 

B.3.3  Driving ball sub-surface material
 

The etched surfaces of the cross-sectioned balls revealed semi-circular regions with 
microstructural alterations below the running tracks. The hardness measurements in these 
regions also showed a band parallel to the surface with decreased hardness, indicating a 
decay/transformation of the original martensite microstructure. For ball samples with a higher 
number of revolutions this softer band was visible by the naked eye, typically called a ‘dark 
etching region’ (DER). The microstructural alterations and martensite decay, induced by rolling 
contact loading have been reported first by Jones [180], thereafter been dealt with in detail in 
the literature, among others [179,192,195,196].  
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There seems to be a general agreement that it is the result of stress induced micro-yielding that 
result in phase transformations. However, the onset of martensite decay has been proposed to 
occur both in the region of maximum shear stress [179] as well as close to the depth of 
maximum orthogonal shear stress [195]. Figure B.12 shows an example of a cross-sectioned 
driving ball for oil R after 165 463 revolutions (EOT sample).  

 

 
Figure B.12. OM image showing the semi-circular region and the DER, oil R, 165 463 revolutions

 
The semi-circular region and the DER can be clearly seen beneath the running track. The DER 
centres were situated ~120 μm below the running track surfaces for both oils. This depth can 
be compared to the position of the maximum shear stress ( ( )) and the depth of the 
maximum orthogonal shear stresses ( ) which can be calculated using the formulas presented 
in [197] and [198] respectively  
 ( ) = 0.58 ×  =  169                               (B.1) 
 = 0.41 × = 119                   (B.2) 
 
where b is the semi contact width in the direction of rolling (0.29 mm). Both calculations are 
based on the equivalent radius calculated earlier. The depth of the etch bands correlate well 
with the depth of the orthogonal shear stresses as was indicated by Voskamp et al [195]. 

For rolling-element bearings, Jones [180] pointed out that pitting damages occur as a direct 
consequence of the microstructural changes occurring under the rolling surfaces. Of a total of 
47 pitted balls analysed in this study, 42 showed a DER which show that this also is an 
important mechanism in the pit formation in the rolling four-ball test. The five balls not 
showing a DER were from tests that failed at very low number of revolutions; in these cases, 
only a small decrease in hardness could be measured. This shows that more than one 
mechanism is involved in the pit formation. Of the five ball samples without any DER, four 
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were from tests using oil S and one using oil R. This can partly explain the large scatter for oil S 
seen in Figure B.1 (the early failures). This ‘double failure mechanism’ was also found by Lund 
[199] for pitted rolling-element raceways; his explanation was that the early failures in 
applications where no, or very small structural alterations have occurred, were caused by 
environmental effects or steel inhomogeneities, while the influence of martensite 
decomposition increased in importance with stressing time. 

The marks seen in Figure B.12 are indentations from a Vickers micro-hardness test; Figure 
B.13 shows the corresponding hardnesses as well as the corresponding values for a new ball as 
comparison.  

 

 
Figure B.13. Hardness comparison, new ball sample versus used

 
It can be seen that the material close to the surface as well as deeper into the ball retains its 
hardness, but the DER shows a large decrease in hardness. However, in order for a hardness 
measurement to be reliable, the size of the tested feature should be at least five times the size of 
the indentation [200], whereas the test load used resulted in indentations about half the size of 
the DERs and is therefore also affected by the hardness of the surrounding areas. However, for 
the comparative purposes in this study these will suffice. 

The comparison of rate of softening occurring due to the use of the two oils is shown in 
Figure B.14 (including the hardness values for both the two cross sections revealed by the ball 
sectioning). It can be seen that Oil R leads to a faster decrease in hardness. However, after a 
certain number of revolutions the steels’ hardness reaches a steady state for tests with both oils, 
~525 HV. The hardness decrease is comparably large to that typically found in pitted raceways, 
for example Lund [199] reported a minimum hardness of 58.5 HRC, corresponding to ~660 
HV. Zwirlein and Schlicht [95] measured an hardness of ~675 HV after 3000 h. 
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Figure B.14. Hardness decrease of sub-surface material as a function of number of revolutions

 
The more rapid hardness decrease for oil R also suggest that its DERs area/volume will grow 
faster than for oil S, as the test progresses. Although an exact mapping of this development is 
possible, it would be a very drawn out and time consuming task and beyond the scope of this 
paper. However, a simple comparison has been made here; in Figures B.15-18 the evolution of 
the DERs can be seen for the two oils. At 150 000 revolutions a clear DER can be seen for oil 
R. After 230 000 revolutions the DER is even larger. The ball samples for Oil S only shows 
traces of a DER at 150 000 revolutions but at about 500 000 a DER can be clearly seen. 
Although not presented here for the sake of brevity, the larger volume/area with martensite 
decay for oil R is supported by extensive observations. It can be mentioned that Figures B.15 
through B.18 represent samples run with a raceway close to the maximum 24 consecutive tests 
(right hand side of Figure B.5). The results for the two oils can presumably be coupled with the 
tangential loads they put on the surfaces, which in combination with the normal loads control 
the subsurface shear stress fields. 
 

 
Figure B.15. OM image, Oil R after 150 000 

revolutions

 

 
Figure B.16. OM image, Oil S after 150 000

revolutions
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Figure B.17. OM image, Oil R after 231 857 

revolutions

 
Figure B.18 OM image, Oil S after 529 632

revolutions 

 
Tangential forces acting on the surface have however been found to have a limited effect on 
the levels of orthogonal shear stresses and do not alter the maximum range of the orthogonal 
shear stress distribution [201]. The study did instead show that the tangential forces 
significantly influence the subsurface octahedral shear stress distribution; the same authors also 
proposed to use the octahedral shear stress as the failure-causing stress in fatigue life prediction. 
Similar conclusions have been drawn regarding von Mises stresses by Zwirlein and Schlicht 
[95], which they considered most significant with regard to contact fatigue. Further studies are 
needed to conclude exactly which of the subsurface stresses results in the martensite decay in 
the rolling four-ball test. Regardless, the slower decay of the martensite structure for oil S 
shows its ability to reduce these subsurface stresses due to its lower EHL friction. The 
reduction of surface tangential forces is also the likely cause of the oils’ varying pitting lives. 

 
 

B.3.5  Crack initiation and crack propagation 
 

Of the 30 balls sectioned along the running tracks (See Figure B.4b), three balls from tests 
using oil R and two using oil S showed cracks, not fully developed into pits. All these were in 
connection to the surface of the running track. They were of different length, but none 
extended deeper than the DER. In Figures B.19-21, three examples can be seen (left hand sides 
are the leading edges). The cracks varied somewhat in their appearance over the width of the 
running track; Figure B.21 includes two images of the same crack, but from different grinding 
stages, as described in the experimental section.  
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Figure B.19. OM image showing crack 

connected to running track surface, oil R

 
Figure B.20. OM image showing crack 

connected to running track surface, oil S

 

Figure B.21. OM images from two different grinding stages, crack connected to running track surface, oil R

 
Figure B.22 shows a SEM image of the same crack as is shown in Figure B.21, the darker 
section is the ground and polished surface, the brighter part is what remains of the running 
track after the grinding (about half the running track). The crack lies across the running track 
surface but eventually disappears. It is not known how long the crack extended in the other 
direction towards the smaller circumference (the removed material). 
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Figure B.22. SEM image showing crack connected to running track surface

 
The fact that all cracks are connected to the running track surface strongly indicates that they 
are initiated in this region, i.e. surface initiated, as suggested by Druet et al [188]. Also, if the 
cracks were initiated beneath the surface and propagated towards the surface, one would expect 
them to extend in two ways: one penetrating the surface and the other propagating underneath 
the harder layer, i.e. parallel to the running track, as showed by Jin and Kang [193]. Further, the 
30 ball samples showed no evidence of the 30 and 80° white etching bands or the white etching 
areas often appearing in DER of rolling-element bearings after continued operation [199], 
features believed to lead to the formation of subsurface cracks in rolling-element bearings [202].  

The exact reason for the surface-origin is not clear and rather unexpected, partly due to the 
large compressive residual stresses typically found in these regions, which will counteract crack 
initiation [203], partly since the largest stresses occur below the surface [201]. However, with 
increasing tangential forces acting on the surface, the shear stresses will be transferred towards 
the surface. For coefficients of friction higher than those prevailing in the rolling four-ball (0.3), 
Zwirlein and Schlicht [95] found that the maximum von Mises stress can occur at the surface. 
These calculations do however not include the small irregularities of the surfaces and 
geometries and therefore do not consider the non-uniform normal stress fields and non-
uniform shear stress fields that are likely to occur in the rolling four-ball contacts; neither the 
spinning motion of the balls. 

The direct effects of the oils in near-surface region, due to EHL traction [178] and EHL 
pressure spikes [204] should both have limited effects on the surface stresses since the driving 
ball/planets ball contacts operate in the mixed lubrication regime. It can be speculated that the 
large reduction in hardness in the subsurface region will cause plastic flow there due to the large 
subsurface stresses. As the subsurface material yield, stresses will be transferred towards the 
harder surface layers and there cause cracks. 
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Due to the surface-origin of the cracks, the oils and additives will have the possibility to enter 
the cracks and through that further affect the crack propagation rate according to the possible 
mechanisms mentioned earlier. However, the relatively small number of cracks found in the 
balls shows a quick transition from a small initiated crack to a fully formed pit, i.e., the changes 
in life due to crack propagation and the above mentioned mechanisms are not expected to be 
large. It should be noted that the grinding process used to create the surfaces in Figures B.19-
21, leads to surfaces that are not perpendicular to the running track surfaces, making the 
distances appear farther below the running track surfaces, than they actually are. 

 
 

B.3.6.  Pit appearance
 

The SEM and OM images of the formed pits had quite a random appearance. Partly due to the 
random nature of the cracks, but also since it is a post-failure analysis, i.e. further damages are 
created during the seconds it take for the machine to detect the damage and come to a 
complete stop. However, some common features were observed.  

Typically the pits have a fan-shape appearance, spreading in the direction of rolling which 
further supports the hypothesis of surface initiated cracks [85]. Most frequently the pits spread 
from a point close to the smaller circumference as shown in Figure B.23 (in all figures in this 
section, the left hand sides are the leading edges and the running track edges have been 
indicated by dashed lines where applicable). Due to the negative sliding at the smaller 
circumference, the tangential traction will act in the same direction as that of the rolling and 
create larger surface and subsurface stresses. Figure B.24 shows a pit spreading from a point 
closer to the larger circumference of the running track; this was not very common. But at both 
circumferences, the slide-to-roll ratios are largest and at the temperatures used in the test, the 
friction coefficient tends to increase with increasing slide-to-roll ratio resulting in high surface 
shear forces. A high slide-to-roll ratio has also been found to reduce the damping capabilities of 
the EHL oil film and therefore proposed to reduce fatigue life [205]. 

 

 
Figure B.23. SEM image of a typical pit initiated 

close to the smaller circumference

 
Figure B.24. SEM image of a pit
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Figure B.25 shows a cross-sectional view of a typical pit. The leading edge wall surfaces 
appeared fairly smooth. The pit bottoms were almost exclusively situated close to the bottom 
of the DER where this meets the harder unaffected layer. The change in direction of the cracks 
at the bottom are likely a result of a combination of the ease of propagation in the softer 
material as well as due to shear stresses acting in a mode II crack sliding mode; possibly also 
driven by oil pressure developed inside the crack. Voskamp [196] suggested that the driving 
force for crack extension of similar subsurface cracks was delivered by residual tensile stress, 
acting during the unloading half cycle in a mode-1 crack opening mode. 
At the trailing edge, the walls were typically perpendicular to the pit bottom, with coarse 
surfaces, indicating a rapid rupture of the material. In many instances sub-surface cracks 
stretched beyond the right wall of the pit, at the depth of the pit bottom. It thus seems that the 
bottom crack continues to propagate until the material above becomes unstable, resulting in a 
fracture crack in some weak area, running up towards the surface. This leads to a detachment 
of a material fragment and ‘pitting’. It can also be noted that the angle and dimensions of the 
leading edges are well in line with the cracks found and discussed in the previous section. 

The analysis also showed that the pits do not result from the gradual enlargement of a small 
cavity, but are rather a result of the growth of the fatigue cracks, which eventually separates one 
large particle from the main body, as can be seen in Figure B.26. The pits normally covered 
major parts of the running tracks; therefore continued operation of the test after a pit is formed 
is not possible. In terms of the two oils, no clear distinction of the formed pits could be found. 

 

 
Figure B.25. OM image showing a                

cross-section of a pit

 
Figure B.26. OM image of a cross-section of a pit 

where the particle remains in the pit, oil R
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B.4. Summary
 

A large number of rolling four-ball samples from rolling four-ball tests using two lubricants 
having vastly different pitting lives have been analysed post-test to get an insight into the 
mechanisms of pit formation. The findings of this work can be summarised as follows: 

 
1. The running tracks are formed through plastic deformation and do not show any signs of 

surface distress apart from fine arc-like features. These features are likely to act as initiation 
sites but have been observed in tests using both the oils. 

2. Normal and tangential loads acting on the contacting surfaces lead to a deterioration of the 
original martensite structure, resulting in reduced hardness. The formation rate and covered 
volume of this softer material is affected by the lubricating oil and its frictional properties. 

 
3. The cracks initiate at or close to the surface due to high stresses. With each stress cycle, 

these cracks propagate into the material at an angle to the surface. 
 

4. When the crack reaches the softer DER it changes its direction and starts propagating 
parallel to the running track. The change in direction is likely due to a combination of the 
ease of propagation in that material combined with large shear stresses. The cracks may also 
be driven by oil pressure developed inside the cracks. 

 
5. The crack continues to propagate until the material above becomes unstable, resulting in a 

fracture crack in some weak area, running up towards the surface, resulting in a detachment 
of a material fragment, i.e. pit formation. 

 
6. A small number of initiated cracks in the balls show that the transition from a small initiated 

crack to a fully formed pit is fast and the life is controlled more by crack initiation than by 
crack propagation.  
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Lubricant additives for improved pitting performance 
through a reduction of thin-film friction

 
J. E. Johansson, M. T. Devlin, J, and B. Prakash 

 
 

Abstract 
 

This paper describes an investigation into possibilities of enhancement of pitting lives of rolling 
components by using additive combinations with low thin-film friction. Various viscosity index 
improvers, anti-wear and extreme-pressure additive combinations were analysed in terms of 
their frictional behaviour, which in turn was compared to the oils pitting lives. For the pitting 
studies, a rolling four-ball test was employed. Friction was measured using a ball-on-disc 
machine as well as indirectly through ‘near contact’ temperature measurements performed 
during rolling four-ball tests. The results show that additive combinations that result in low 
friction at the specific running condition can enhance pitting performance. 
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C.1  Introduction
 

Viscosity modifiers (VM), anti-wear (AW) and extreme-pressure (EP) additives are, among 
other additives, commonly added to base fluids in the formulation of gear oils. Their functions 
however vary, the requirement on VMs are mainly to provide sufficient oil film formation at 
operating temperatures. AW and EP additives are usually chemically active species that either 
adsorb onto or react with the surface and are essential in preventing scuffing, seizure and 
reducing wear between mating surfaces of gear teeth during highly loaded operating conditions. 

Also in terms of delaying macro-scale contact fatigue (referred to as pitting [85]), their 
functions vary. For VMs, mainly their ability to form sufficient oil films at the operating 
temperatures have been found important for pitting life [112,113]. Theoretical work has also 
suggested that even small variations in traction due to various VMs can have significant effects 
on pitting life [206], the work was however limited to full film EHL. 

The effects of EP and AW on pitting is, however, not so straightforward to explain and is 
believed to involve both the chemical and physical characteristics of the lubricant. This aspect 
has been discussed at length in the literature and still a clear view of the problem seems to be 
missing. The issue is further complicated by the many possible chemical types that fall within a 
given performance functional group and it may not be prudent to arbitrarily declare a given 
functionality, such as AW or EP as being beneficial or detrimental. The pitting behaviour will 
also vary for various running conditions, material etc. This can also been seen in the incoherent 
results of many pitting studies presented in the literature for a range of test equipment, running 
conditions and additive types; a number of studies show detrimental effects on pitting life 
[165,167,169], while positive effects also have been reported [167,207-210]. 

The root causes as to why the additives affect the fatigue lives will likely vary from case to 
case and several mechanisms have been proposed, some of which are a bit speculative in 
nature. Chemical reactions have been attributed to promote crack initiation by creating 
corrosion pits and high stress points by attacking specific points on the surfaces and promoting 
crack initiation [172,164]. Chemical reactivity has also been proposed to increase the 
propagation rate of micro-cracks [117] and evidence of lubricant additive activity inside cracks 
has been shown [124]. Such theories find indirect support from Wöhler fatigue tests (rotating 
bending in oil environment) where an AW additive caused a significant reduction of fatigue life 
[118]. In a similar test, the same effect was found for certain EP additives and was attributed to 
their chemical reactivity promoting crack initiation [119]. 

On the other hand, the net effect of additives in combination is rarely the sum of their 
individual effects and the above mentioned negatives can likely be mitigated to some extent by 
judicious formulation. For example, it was partly possible to counteract the negative effect of 
the AW in the above mentioned Wöhler test by adding detergents [118]. Similarly, a 
prolongation of pitting life was achieved by adding finely dispersed CaCO3 into a sulphurized 
oil in a twin-disc test [210], supposedly as a result of a neutralization of sulphurous acid. 

Chemical reactivity of the additives has also been found to enhance pitting life in some cases 
for example due to accelerated surface conditioning by EP additives which lowered bearing 
operating temperatures during a break-in cycle of a fatigue test [120]. A similar smoothening 
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effect of EP additive is also considered in [121]. Additives have also been reported to inhibit 
crack propagation by a corrosive wear process that removes surface or near-surface cracks 
faster than they can propagate (pit formation occurs when a crack propagate faster than it is 
worn away) [123,167]. 

Diffusion of AW and EP additive elements into steel has been proposed as degrading its 
mechanical properties. The work of Evans et al [160] however showed that such an explanation 
is unlikely in explaining the changes in fatigue life since their analysis showed that neither S or P 
diffuse into the near-surface region of steel materials. A completely different mechanism was 
proposed by Meheux [211] whereby materials with surface connected cracks could find 
mechanical support in the thin tribofilms formed at the surface. 

Something not often discussed are the direct effects of AW/EP additives on the forces 
acting on the contact interfaces. The work of Fowles et al [125] touched upon the subject and 
showed that additives forming thick boundary films can enhance pitting life, supposedly by 
reducing the severity of asperity interactions which in turn reduced the rate of micro-crack 
initiation. However, if one considers pitting studies regarding base oils, it can be seen that 
fatigue life also is very sensitive to variations in the frictional stress developed in loaded macro 
contacts [108,154,212]. At the same time, numerous studies have shown that both AW/EP 
[213] as well as VM additives [84] can have large effects on load dependent frictional forces, 
especially for contact operating in the mixed lubrication regime. This possible correlation, that 
the effects of AW/EP and VMs on pitting, under certain conditions can be due to their 
influence on mixed friction seems to have been overlooked. 

In the present study, this correlation has been investigated. A total of 18 oils are included; 16 
of which are blended so that AW/EP and VMs additives control friction. The remaining two 
oils contain a commercial API GL5 additive package and are included as references.  

To reduce the number of oils for the pitting studies, the frictional behavior of the 16 
experimental oils were measured using a ball on disc machine. The running conditions were set 
to span from the border of boundary/mixed lubrication up to very thin EHL oil films (this 
region is here summarised as the ‘thin-film’ region). From these studies, two oils with 
interesting thin-film frictional behaviour were chosen for further studies together with the two 
GL5 oils. Their pitting performance was evaluated using a rolling four-ball setup. The results 
were compared to “near contact” temperatures, also measured in the rolling four-ball test to 
verify that their pitting performance correlate to their friction levels. To rule out the influence 
of other oil properties on pitting, the four oils were also carefully characterized in terms of 
various other physical properties that may affect pitting lives. A number of ball samples were 
also analysed using SEM to rule out influence of other factors. 

This initial study serves to analyse a new mechanism by which additive chemistry can 
influence pitting. However, the exact mechanism that governs the measured friction is only 
briefly discussed; a more detailed analysis is left for later studies. 
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C.2.  Material and methods
 

C.2.1.  Test oils
 

A total of 18 oils were included in this study. 16 experimental oils (MO-B 1-16) were based on 
a Group III mineral base oil and the thin-film friction was varied by addition of additives. The 
blend matrix consisted of four different thio-phosphate based AW additives, four different 
sulphur based EP additives and two different types of viscosity modifiers (VM). These were 
added to the base oil in either a low or high concentration or not at all. The first reference oil 
was based on the same Group III mineral base oil but contained a commercial API GL-5 
additive package. The second reference used the same API GL-5 additive package but was 
based on a poly-alpha-olefin (PAO) base oil. The GL-5 package included AW, EP and VMs of 
different types than in the 16 experimental oils. The GL-5 package also contained friction 
modifiers. Since the polar AW and EP additives interact at the metal surfaces, the tribofilms 
formed will be governed by both [38]. None of the three types of VMs used contain 
functionalized groups and should have limited interaction with the steel surfaces. All AW and 
EP additives are metal free or ‘ashless’. 

 
 

C.2.2  Thin-film friction characteristics
 

The frictional properties of all the 18 oils were characterised using a PCS ball on disc mini 
traction machine (MTM). It employs a highly polished steel disk (AISI 52100) in contact with a 
19.05 mm diameter bearing steel ball (AISI 52100). Both the disc and the ball have a mirror 

during the test. Bulk oil temperature was maintained at 125 °C. The tests were run under a 
range of conditions, from boundary lubrication up to full-film EHL to investigate how the 
relative ranking of the oils varied. Mean entrainment speeds between 20 and 2000 mm/s and 
loads of 20, 35 and 50 N were used. Slide-to-roll ratio (SRR), defined as 

 =    = | |( )                (C.1) 

 
(where U1 and U2 are the surface entrainment speeds) were varied from 2 to 70 %. The SRR of 
the rolling four-ball test can be calculated to 0 % in the region of the contact centre and ~±10 
% at the contact edges by using the equations developed by Krüger and Bartz [130]. Such a 
motion is not possible to replicate exactly but was approximated with fixed SRRs. The high 
contact pressure used in the rolling four-ball test is also not possible to replicate in the MTM. 
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C.2.3.  Rolling four-ball tests
 

The rolling four-ball (RFB) test was originally designed to test the pitting life of oils and 
materials by simulating the combination of rolling and sliding experienced in angular-contact 
ball bearings [132]. The loads typically used in the test are substantially higher than those found 
in practice. Despite this, test results have been found to be reasonably reproducible and have in 
many instances been found to correlate well with full-scale test results and service experience 
for gears [130,131]. Similar experience has also been reported for rolling element bearings [132]. 
Experimental work has also shown that AW and EP additives form tribofilms on the 
contacting surfaces of the test specimens [186,212]. It is therefore reasonable to assume that 
conclusions drawn using the RFB test regarding effects of additives also have relevance and are 
meaningful for practical applications. 

The tests were performed using a computer controlled Phoenix TE 92 HS four-ball test 
machine configured for rolling tests, as shown in Figure C.1. Three of the four balls are placed 
in a raceway in which they are free to roll (planet balls). During testing, these are pressed 
against and driven by the fourth ball (driving ball) which is fitted in a collet and mounted on to 
the drive spindle. With this setup, the lower balls run along a single track on the driving ball 
(running track), as a result, loading cycles accumulates fastest on the driving ball running track, 
which therefore is the most likely place for the pitting damage to occur. Below the raceway and 
its holder is a heater pad which enables tests at elevated temperatures. 

 

 
Figure C.1. Rolling four-ball setup. One lower ball is removed for clarity

 
The balls used were commercially available 12.7 mm diameter ball bearing balls made of AISI 
52100 bearing steel with a specified surface roughness of less than 0.032 μm Ra. The raceway 
surface roughness was less than 0.025 μm Ra. Prior to each test, the holder, raceway, collet and 
four new balls were cleaned in heptane for eight minutes in an ultrasonic cleaner. Thereafter the 
parts were rinsed in ethanol and dried. The test oil is filled to a level where it completely covers 
the planet balls (~9 ml). The test parameters used are similar to those developed by Hamaguchi 
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et al [131] which reportedly provided good repeatability and reasonable correlation to gear 
fatigue test methods in regard to lubricant-dependent pitting results. 

Tests were started by rotating the driving ball at 250 rpm with an applied load of 0.1 kN 
giving the heater pad sufficient time to raise the temperature of the bulk oil to 115 °C and to 
stabilize before the speed and load were increased to 4000 rpm and 4.3 kN respectively. When 
full load was reached, frictional heating also started to heat the oil and together with the 
accumulated heat in the system the bulk oil temperature rose to approximately 120 °C during 
the first minutes and thereafter maintained at 120 °C by the heater. Each test continues until a 
pit forms on any one of the surfaces. This is detected by an inbuilt vibration sensor that 
automatically stops the machine. Each oil was tested 17 times. In the RFB test, the surface of 
the raceway has also been found to affect the pitting results [212], at first increasing with 
smoothening of the raceway. However, at each pitting event, there is risk of loosened debris 
ending up in the planet ball/raceway contact which will cause indentations, and roughening of 
the raceway surface. This is a highly random event and to minimize its effect and any other 
spurious factors, the 68 pitting tests were divided into 17 sets in which each oil was tested once, 
in a randomized order. The raceway was replaced after 24 pitting tests. 

The load used results in plastic deformation of the running track. The resulting reduced 
effective maximum Hertz stress can be calculated as ~6.19 GPa [212]. For the contacts 
between the planet balls and the raceway, the maximum Hertzian contact pressure is 2.44 GPa. 
The entrainment speed between the driving ball and the planet balls can be calculated based on 
the radius of the running track, spindle rotational speed and the motion of the planet balls to 
~1.2 m/s. The planet balls’ entrainment speed is also ~1.2 m/s. 

estimated by performing a median rank regression (least squares fit) as described by Houpert 
[141] 
by two-parameter Weibull distributions. Tests, where pitting occurred at other locations than 
on the driving ball were treated as suspended tests in the Weibull evaluation. This occurrence 
was however unusual. Weibull plots were created using the commercial software Matlab. 
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C.2.4  Contact temperature measurements
 
The exact running conditions of the RFB test, principally the high contact pressures but also 
the spinning motion, are not possible to replicate in the MTM machine as discussed earlier. As 
a result, the friction levels and more importantly, the ranking of friction levels may vary 
between the MTM tests and RFB test. Owing to this issue, the friction levels were also ranked 
in the RFB setup. The friction can be measured directly in the RFB test but it is a complicated 
procedure [130], therefore friction of the oils were ranked indirectly by performing ‘near-
contact’ temperature measurements during actual RFB tests (this is referred to throughout the 
remainder of the paper simply as ‘contact temperature’). It is generally accepted that most of 
the frictional work occurring in EHL contacts is converted into heat, which in turn raises the 
interface temperature. Experimental work has also shown a proportional relationship between 
surface temperature rise and friction force [145,146]. 

The temperature was measured using a thermocouple, inserted into a 12.5 mm deep, 2 mm 
diameter hole through the driving ball centre. The hole was created using spark erosion during 
which the balls were submerged in deionized water, leaving the material properties unchanged. 
Below the hole, only a thin layer of metal was left (see Figure C.2). 

 

 
Figure C.2. Setup used for measuring running track contact temperatures

 
The planet balls roll/spin past the position of the thermocouple (or close by) 2.4 times for 
every revolution of the driving ball [212], i.e. 160 /s and as a result even minimal inputs of 
frictional heat result in a measurable average temperature rise. To ensure good heat conduction 
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between ball and thermocouple tip, heat-conducting paste was applied. The thermocouple and 
heat conductive paste were kept in place by a rubber bar inserted into the hole to ensure a 
sealed fit. The rubber bar itself was kept in place by cyanoacrylate glue. The driving ball was 
inserted into the holder with a slight tilt of the hole to get the thermocouple tip close to the 
running track, enabling temperature measurements close to the contacting interfaces. 
Experience has shown that the thermocouple cannot be placed directly below the running track 
as this may result in an indentation in the running track once a test commences that would 
cause vibrations. The thermocouple cable was drawn through a hole through the entire length 
of the spindle and transferred at the end via a slip-ring. The temperature difference over the 
slip-ring is small and it will therefore not act significantly as a thermocouple in itself. 

For different driving balls, there will be small variations in heat conduction between the 
thermocouple and the ball as well as differences in the distance from thermocouple to the 
running track, depending on the tilt. As a result, the measured temperatures will have small 
variations from ball to ball and can therefore not be directly compared. To overcome this 
problem, all oils were tested in sequence using the same driving ball. This was done in a 
randomized order and was repeated until pitting occurred. This procedure was repeated for two 
driving balls. 

The test parameters used were the same as those used in the pitting life tests except for two 
salient points: firstly an extra careful heating sequence was used to ensure that the temperatures 
of the bulk oil, raceway holder and drive spindle and its assembly (measured using 
thermocouples) were within ±0.5 °C at the start of each test to reduce its effects on the contact 
temperatures. The heating was performed by slowly heating the oil while the drive ball was 
rotated at 2000 rpm with a 200 N load. Secondly, the tests were only run at full load and speed 
for 15 000 revolutions which takes about 240 seconds. This was done to enable the multiple 
runs per driving ball. The cleaning process also included an extra light polishing of raceway and 
driving ball surfaces with paper/heptane to improve the removal of contaminants between 
tests. As usual, three new planet balls were used for each test. 
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C.3.  Results
 

C.3.1.  MTM friction measurements
 
Some illustrative results pertaining to the MTM friction characteristics for oils MO-B 1-16 can 
be seen in Figure C.3. It can be seen that the additive combinations used have different effects 
on the thin-film friction. Closer analysis of the friction curves show that the AW/EP 
combinations and the VIIs have effects of similar magnitude on the friction. Closer to the 
boundary region, oil MO-B2 shows the lowest friction. When the entrainment speed increases, 
oil MO-B5 shows the lowest friction. Owing to their effectiveness in two different areas, oil 
MO-B2 and oil MO-B5 were chosen for further analysis in the RFB tests. This is to increase 
the likelihood of at least one of them being effective for the conditions present in the RFB test. 

 

 
Figure C.3. The frictional behaviour of the 16 experimental oils at various entrainment speeds

 
The four oils chosen for the RFB study can be summarized as follows: 

 
(Oil MO-GL5) Group III mineral oil, GL5 
(Oil PAO-GL5) PAO, GL5 
(Oil MO-B2) Group III mineral oil, AW1, EP1 high, EP2 high, VM 1 high 
(Oil MO-B5) Group III mineral oil, AW2, EP1 low, EP2 high, VM 2 high 
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A closer look at the MTM data for the four oils can be seen in Figures C.4-6. The GL5 
additives used in oil MO-GL5 lead to significant increase in friction compared to oils MO-B2 
and MO-B5. The latter two also show a lower friction than the PAO based GL5 oil. 

 

Figure C.4. Friction coefficients at various 
entrainment speeds (125 °C, 50 N, 20 % SRR)

 

Figure C.5. Friction coefficients at various SRRs 
(125 °C, 50 N, 1.0 m/s)

 

 
Figure C.6. Friction coefficients at various loads (125 °C, 10 % SRR, 1.0 m/s)

 
To rule out the influence of other oil properties on the pitting study, the four oils were also 
carefully characterized in terms of various other physical properties that may affect pitting lives 
(See Table C.1); a short descriptions of the test methods is included below the table; full 
descriptions can be found in [154]. 
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Table C.1. Measured physical properties of the four oils

Oil

Dynamic 
viscositya

(mPa·s) 

High shear 
rate viscosityb

(mPa·s) 

Boundary 
friction 

coefficientc
Pressure-viscosity 
coefficientd (GPa-1)

EHL film thicknesse

(nm)
MO-GL5 5.70 2.68 0.162 14.7 76
PAO-GL5 5.66 2,86 0.148 13.7 66

MO-B2 5.77 3,06 0.142 (~14.7) 62
MO-B5 6.02 3,09 0.147 (~14.7) 65

a) Dynamic viscosities were measured using a Bohlin CVO 100 rheometer with a cone-on-plate setup (40 mm, 1°). 
Viscosities were measured at a shear rate of 1×103 /s at 120 °C bulk oil temperature.
b) High shear rate viscosities were measured using a PCS Instruments Ultra Shear Viscometer with a rotor inside a 
stator. High shear viscosities were measured at a shear rate of 1.5×106 /s at 150 °C.
c) A high-frequency reciprocating rig was used to measure boundary friction. In this test, a ø 6.0 mm ball oscillates 
across a steel surface at a frequency of 20 Hz, 130 °C and a path length of 1 mm. Both the ball and the flat surfaces 
were made of AISI 52100 steel.
d) The pressure-viscosity behavior of the oils was measured using a falling ball viscometer test. Falling ball viscosities 
were measured at 120 °C and by 34MPa.
e) The oils’ film-forming capabilities were measured using a PCS EHD ultra-thin-film measurement system, using a 
transparent glass disc and a ø 19.05 mm ball made of AISI 52100. Load used was 30 N, 100 °C bulk oil temperature 
and entrainment speed of 1.0 m/s under pure rolling conditions.

 
Since oils MO-BS and MO-BY use the same base oil as oil MO-GL5, some of the properties 
were not measured for each as they are considered very similar (these values are presented in 
brackets in Table C.1). Some differences in boundary friction between the oils can be seen but 
the effect of this has been found to be small in RFB tests with the running conditions used here 
[154]. All four oils have approximately the same dynamic viscosity, both at low and high shear 
rates. Based on the oils’ physical properties, the central film thicknesses generated in the RFB 
tests was estimated for pure rolling conditions and elliptical contacts as described by Moes 
[175]. By using the specified surface roughness values, the ratio of lubricating oil film thickness 

-ratio was calculated (see Table C.2). 
 

Table C.2. Calculated film thicknesses and lambda ratios for the four oils

Oil

Central film 
thickness, driving 

ball/planet ball 
(nm) planet ball

Central film 
thickness, planet 

ball/raceway (nm) ball/raceway
MO-GL5 33.8 0.75 35.8 0.88 (1.07)
PAO-GL5 33.7 0.74 34.2 0.88 (1.06)

MO-B2 34.1 0.75 36.1 0.89 (1.08)
MO-B5 35.2 0.78 37.2 0.92 (1.11)
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The ratios can be compared to the results of Guangteng and Spikes [176] who found that the 
mixed lubrication regime -ratio, from 0.1 to 2, when central 
film thickness is considered. It means that both the planet ball/raceway contacts and the planet 
ball/driving ball contacts operate in the mixed regime but the film in the former is slightly 
thicker. However, as mentioned earlier, the raceway surface will smoothen as the test 
progresses; for tests with GL5 gear oils surface roughness values as low as 10-15 nm Ra have 
been reported after 24 pitting tests [212] -ratios calculated for the worn 
surfaces are given in parentheses. Measurements to verify the surface roughness of the new 
balls however indicated that the majority were considerably smoother than the specified 

-ratios will be slightly higher than reported in Table 
C.2. The calculation of the exact running conditions of all contacts will require a more detailed 
analysis; however the results indicate that all the contacts are operating within the thin-film 
region. 

 
 

C.3.2.  Rolling four-ball pitting tests 
 

The pits formed had a typical depth of 120-130 μm and a diameter ranging from about 0.5 mm 
to 0.9 mm, covering the major parts of the running tracks. The pit appearance did vary but 
typically showed a fan-shaped appearance which spread in the direction of rolling. Most 
frequently the pits originated from points close to the smaller circumference, as illustrated in 
Figure C.7 (the left hand side is the leading edge and the approximate running track edges have 
been indicated by dashed lines). This is also the location with negative slip i.e. where the 
tangential traction acts in the same direction as that of the rolling. 

 

 
Figure C.7. Scanning electron microscopy image showing a typical pit
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The pitting lives obtained from the RFB tests showed clear distinction between most of the oils 
in terms of the L50 life (see Figure C.8). The oils’ L10 lives showed no clear distinctions 
between them, i.e. the effects of the lubricating oils become increasingly important with 

es and L50 lives can be seen. The confidence of 
difference in mean life (approximately L50) was calculated as described by Johnson [142], the 
results are shown in Table C.4. 

 

 
Figure C.8. Weibull plot for the four oils

 

Table C.3. T

 

Table C.4. Statistical confidence numbers for the differences in mean life of the oils

Hypothesis Confidence number
MO-B5 > MO-GL5 ~98 %
MO-B5 > MO-B2 ~95 %

PAO-GL5 > MO-B2 ~95 %
MO-B2 > MO-GL5 ~85 %
MO-B5 > PAO-GL5 ~65 %

  

Oil L50 (Nr. of revolutions)
MO-B2 3.4 142 710
MO-B5 2.2 197 190

MO-GL5 3.2 127 750
PAO-GL5 2.5 184 250
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C.3.3.  Rolling four-ball contact temperature measurements
 

A total of 15 tests were performed for the two driving balls, i.e. 3-4 tests per oil. Some scatter 
in the measured temperatures was present, partly due to a tendency for the temperatures for a 
specific driving ball to decrease as it was used. This was especially pronounced for the first test 
which tended to be ~0.5-1 °C warmer than the following tests. This is probably a result of the 
plastic deformation of the running track mentioned earlier. The width of the running track will 
increase rapidly during the first 15 000 revolutions and thereafter slowly increase up until      
150 000 revolutions for the load used [212]. This deformation will modify the conditions of the 
driving ball/planet ball contact which will have effects on measured friction. 

The temperature measurements were however consistent in terms of ranking. For example, 
switching from oil MO-B2 to oil MO-GL5 always led to an increase in temperature and vice 
versa. The six measurements performed using ball 1 can be seen in Figure C.9, shown from the 
time full load was applied. The test time was not enough for the temperature to stabilize fully. 
A closer view of the last 40 seconds of the tests can be seen in Figure C.10; different tests with 
the same oil have some scatter, the range is however comparatively small to that of different 
oils. The second ball could be used for 9 tests before pitting occurred. These results showed the 
same ranking of the oils; the temperatures were however ~1.5 °C cooler than measured for ball 
1. 

 

Figure C.9. Temperature increase after full load and 
speed was applied, ball 1

Figure C.10. The last 40 seconds of the contact 
temperature measurements, ball 1
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C.4  Discussion
 

As previously mentioned, in a number of experimental and theoretical studies, researchers have 
observed a strong dependence of pitting life on the stresses occurring in the material in the 
near-contact region as a result of normal and also frictional forces as discussed in the 
introduction. Any degradation of the surface due to wear or chemical aggressiveness of 
additives can create high stress points, which may lead to the nucleation of fatigue cracks. This 
is a frequently reported mechanism for a decrease of pitting life in studies of AW and EP 
additives. Four additional RFB test were run, one for each oil. These were however stopped 
after 70 000 revolutions to enable comparison of the running track surfaces before pitting. 
After close examination of the samples, an early stage of pitting was found for oil MO-B2, a 
crack formed at the surface. The crack was formed close to the smaller circumference of the 
running track; a SEM image can be seen in Figure C.11 (the approximate running track edge 
has been marked with a dashed line). This crack formation is the first stage of pitting; from this 
stage, the crack continuous to propagate quickly both in width and depth, causing a loosening 
of material and ‘pitting’ [212]. However, no major defects on the surface near the crack can be 
seen. A few small indents can be seen spread across the surface likely originating from trapped 
debris, which cannot be related to the lubricating oil used. Similar surfaces was found for the 
other three oils and no clear indications that surface degradation should have significant effects 
on the pitting lives in this study was found. 

 

 
Figure C.11. Driving ball surface after running with oil MO-B2 for 70 000 revolutions.

 
However, despite the smooth surfaces, some continuous wear may be present. This would lead 
to a lowering of the contact pressures by increasing conformity. It has however been shown 
that the RFB running tracks are almost exclusively formed by plastic deformation for oils 
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containing AW/EP additives [212] and therefore the contact pressures should be very similar 
for all four oils throughout the tests. 

Effects of chemical aggressiveness acting at the crack tip could exist due to the surface origin 
of the pits in the RFB test; they should however be very limited due to the rapid transition 
from small cracks to fully formed pits in the RFB test [212]. The same can be said about 
lubrication of crack faces, and if anything, it would have adverse effects on the low friction oils 
and no such tendencies have been seen.  

A better correlation can be seen in terms of the oils frictional behaviour. Firstly, in the MTM 
tests, the ranking is the same except for oil PAO-GL5 and oil MO-B2, likely a result of the 
different running conditions present in the two tests. For the contact temperatures, the ranking 
is the same as found in the pitting tests. The average temperatures for the oils based on results 
from both balls can be seen in Figure C.12. In this figure, the oils’ L50 lives are also included 
for comparison. A good correlation in terms of ranking of the oils can be seen, that is, a low 
temperature (low friction) results in longer life. 

 

 
Figure C.12. The oils pitting life compared to their contact temperatures. 
 

Some deviation from a perfectly linear trend between friction and L50 life seems to exist. Both 
oil MO-BS and MO-BY have slightly shorter pitting lives than their measured temperatures 
would indicate. It is likely the result of scatter that can be expected in both the measured 
temperatures and the pitting lives. More repeat tests would possibly adjust the averages slightly. 
However, there are a number of points in which the pitting tests and the temperature tests vary. 
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The different effects of the AW/EP additives are likely time-dependent and the relatively short 
test duration may bias effects that would be more evident for longer running times; time in the 
order of hours for other AW and EP additives to reach steady-state friction levels have been 
reported [214]. Possibly some tribofilms form during the heating. The heating sequence takes 
~25 minutes to reach the start temperatures at which the load and speed was increased to full. 
The 200 N load used during heating results in a Hertzian maximum pressure of 2.77 GPa in the 
driving ball/planet ball contacts. During this time, tribofilms may form on the planet balls. 
Some changes of the tribofilms on the driving ball are also likely, the contact areas will however 
be considerably smaller than that for full load. For the raceway contacts, the resulting contact 
pressure is considerably lower (0.88 GPa) and the changes to the tribofilms on the raceway 
surfaces should be less pronounced. It may however be kept in mind that also during actual 
pitting tests, the tribofilms formed on the raceways will be due to the combined action of the 
chemistry of all four oils. The pitting results will also be an average obtained for a range of 
different raceway surface conditions. All contact temperature measurements were performed 
usin -ratios; 
considering oil MO-B2 and MO-B5’s less good film forming properties, their pitting 
performance will improve with smoothening of the raceways. The fully-formulated oil MO-
GL5 and PAO-GL5 may also contain other additives that positively affect the pitting lives. For 
example, oxidation of the oils during the tests can vary, a mechanism known to influence the 
RFB test results adversely [155]. 

Despite the small deviation from a perfectly linear trend between friction and L50 life, the 
results strongly suggests that these types of additives can be effective in enhancing pitting lives 
of mineral oils trough a lowering of surface frictional forces. 

There are a number of interfaces in which the oil additives may affect the friction forces 
acting on the running track in the RFB test. The majority of the frictional forces will originate 
from the sliding motion occurring in the contacts. The sliding is due to a spin-motion of the 
balls owing to the geometry of the test [130]. This spin is transferred through both the driving 
ball/planet ball and the planet ball/raceway interface. Therefore, the forces acting on the 
running track interface is determined by the friction in both or, more specifically, determined 
by the interface with the lowest total frictional forces. The running track interfaces may also be 
influenced by friction between individual planet balls as they may slide against each other 
during tests. In all these contacts, the oils will determine the frictional forces. 

The VMs used will mainly influence oil film thicknesses. In high-speed, thick-film 
conditions, the EHL films formed are typically consistent with the high shear rate viscosity of 
the base oil and VM blend. However, certain VMs have also been found to significantly reduce 
friction in full film EHL when compared to pure base oils, especially for flexible, linear 
polymers [84]. The same study also shows that although VMs typically need to be 
functionalized in order to form thick boundary films, even non-functionalized VMs can show a 
range of boundary lubricating properties, although less pronounced. As a result, the VMs in the 
present study may affect friction in all the contacts present in the RFB test despite their similar 
oil film forming properties.  
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In the literature, many phosphorus-based AW films, especially those formed by zinc dialkyl 
dithiphosphates (ZDDP) have been shown to cause a significant roughening of the rubbing 
surfaces by the formation of unevenly-distributed ZDDP reaction films which increase friction 
in thin-film high-pressure lubricated contacts [71,215]. Compared to ZDDP, ashless 
phosphorus-based AW films form smoother, relatively thin films, which protects surfaces 
against wear [73] and MTM tests have shown that they tend to have a lower friction than those 
formed by ZDDP [74]. However, a more recent study has shown that ZDDP reaction films 
can produce high friction in mixed film conditions even when the tribofilms formed are quite 
smooth [75]. The conclusion was that the surface roughening is not clearly the main origin of 
friction increase; instead the ZDDP appears to inhibit the entrainment of oils into the rubbing 
contacts and thereby reduce the oil film thickness. The study did however not resolve which 
mechanisms were responsible for the observed, reduced oil entrainment. Whether the effects of 
the tribofilms formed in the present RFB tests are due to their surface roughness or not is not 
clear at this point but that question is left for later studies. 

From the above discussion, it can be concluded that both the VMs and the AW/EP films 
likely modify the friction for the conditions present in the RFB test. At this point it is not 
possible to quantify their relative contribution to the observed pitting life enhancement. 
However, no synergistic or antagonistic interactions between them are expected in the present 
study and the conclusions are valid for both, even when they are used separately. 

 
 

C.5  Conclusions
 

The pitting behaviour of four base oil/additive combinations has been studied in a rolling four-
ball test configuration. The following conclusions can be drawn for highly loaded Hertzian 
contacts operating under thin-film lubrication conditions: 

Viscosity modifiers can significantly influence the onset of pitting and increase the 
pitting lives of minerals oils through a reduction of thin-film friction. 
AW and EP films can significantly influence the onset of pitting and increase the pitting 
lives of minerals oils through a reduction of thin-film friction. 
Some correlation between measured MTM friction and RFB pitting lives and a good 
correlation between RFB friction levels and RFB pitting lives have been demonstrated. 
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Improved hypoid gear oil pitting performance:
Part I – Role of tribofilms in reducing thin-film friction

 
J. E. Johansson, and B. Prakash 

 
 

Abstract 
 
Previous studies have shown that pitting initiation is so sensitive to the frictional stress acting 
on the macro-contacts that even the frictional behaviour of various gear oils can have 
significant effects on the pitting life. These studies were however limited to test methods with 
running conditions quite different from those typical in gear contacts. In the present study, a 
more gear like (twin-disc) test configuration has been used to investigate whether the same 
trend as that in previous studies can be found. 

This study consists of two parts. In part one, the aim is to investigate various ways of 
optimizing the frictional behaviour of hypoid gear oils, mainly focusing on the effects of anti-
wear and extreme pressure tribofilms. In part two, the aim is to analyse if the frictional 
properties of gear oils are equally important in pitting tests using gear like (twin-disc) contact 
configuration. This has been done by analysing the pitting performance of three of the oils 
characterised in part one1; two oils with low friction and on with a high friction oil. 

The results of this first part showed that AW/EP tribofilms formed on contacting surfaces 
had significant effect on friction. 
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D.1.  Introduction
 
Machine elements involving highly loaded rolling/sliding contacts mainly fail due to macro-
scale surface fatigue and formation of surface pits, also known as pitting [85]. These pits are the 
result of cracks, slowly propagating until detachment of material fragments occur. The main 
cause of the fatigue is the normal loads in combination with shear forces acting on the surface. 
Many parameters have been found to affect both the initiation and propagation of the cracks. 
To mention a few: debris, surface topography, materials of contacting surfaces, heat treatment, 
surface and microstructural defects in materials of contacting surfaces, component geometry, 
operational parameters, and the lubricating oil. Studies on the effects of the lubricating oils 
have shown that in some test methods even very small differences in friction (shear forces) of 
different lubricating oils can have significant effect on pitting life. This has been shown for 
both base oil type [154,159] and additives [212]. These results were however obtained using 
bench (rolling four-ball) testing with test parameters much more severe than are encountered in 
gear contacts. The test samples used also had a geometry and surface topography very different 
from gears. In view of these deviations between actual gear teeth and bench test contact 
conditions, questions arise whether the bench tests results are applicable to gear contacts. An 
earlier study using a more relevant twin-disc test has shown the same results [108]; these results 
however pertained to traction oils which cause very high friction. It is however unclear whether 
the small differences in friction between normal gear oils will have significant effects on their 
pitting performance. Thus the main aim of the present study is to find if the relatively small 
frictional differences of different gear oils will significantly affect pitting life in gear 
applications. Further, the study will focus on ways by which pitting life can be improved. 

In this first part of the study, various ways of attaining low friction have been analysed and 
discussed. In gear contacts, the oil film thickness often fails to exceed the height of the surface 
roughness and therefore operation occurs in the mixed lubrication regime and the prevailing 
‘mixed’ or ‘thin-film’ friction is most important. Thin-film friction can be controlled in a 
number of ways. Many studies have shown that some AW/EP tribofilms can have pronounced 
effect on thin-film friction [71,73-75,215,216]. These studies however used smooth ball samples 
with mirror like finishes; gears typically have relatively rough surfaces and this may affect the 
behaviour and the relative contribution of the tribofilms on friction. 

The effects of AW/EP additives are often proposed to be related to the roughness of the 
reaction films [71,215], or that the films inhibit the entrainment of oil into the contact [75]. For 
both cases, it is possible that the original surface roughness has a role. The surface roughness 
may also directly affect the tribofilm formation. Both the pressure distribution and pressure-
induced variations during tribofilm formation have been found to affect the chemical structure 
and the mechanical properties of the films. One example is the degree of crosslinking within 
the film which is sensitive to the maximum pressure to which it is exposed [217]. The stiffness 
of tribofilms on top of asperities has also been found to exceed that measured in the valleys 
[218]. 

In this study, the effects tribofilms have on friction is also compared to more traditional 
ways of controlling friction, such as viscosity, base oil type, viscosity modifier type, and amount 
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of friction modifiers. In total, 10 hypoid gear oils were formulated for this study. The friction 
tests were performed by using a twin-disc rolling/sliding test machine. The twin-disc samples 
were manufactured with material, geometry, and a surface topography relevant for gears. The 
twin-disc tests were run for a total of 7 hours to analyse how friction evolved due to tribo-film 
formation and wear. The running conditions were set to span from the border of boundary up 
to the mixed lubrication regime. From these studies, three oils with interesting thin-film 
frictional behaviour were chosen for further studies focussing on pitting in part II of the 
present study.  

 
 

D.2.  Materials and methods
 

D.2.1.  Test oils
 
There are many different additives and these additives can be blended in varying concentrations 
in several different types of base oils that can have different viscosities. This provides almost an 
endless number of possible combinations. In the present study, 10 oil formulations were 
included. This is not an exhaustive test matrix to find the optimum formulation for low thin-
film friction but it enables in finding ways to modify frictional behaviour. The variation in thin-
film friction levels was achieved by different means; use of various anti-wear additives (AW), 
extreme-pressure (EP) additives, viscosity levels, different types of viscosity modifiers (VM), 
addition of more types of friction modifiers (FM), and base oil type, as can be seen in Table 
D.1. Oil M90FM is an ‘of the shelf’ hypoid gear oil. This oil is based on a Group III mineral 
base oil and a commercial GL5 additive package that includes FMs. 

 

Table D.1. Blend matrix of the 10 oils

Oil VII Base oil type FM % VII AW1 AW2 Dispersant EP1 EP2
MO-BX VII1 Group III MO None High None None Present High Low
MO-BV VII2 Group III MO None High Present Present Present Low Low
MO-BS VII2 Group III MO None High Present None None High High
MO-BY VII1 Group III MO None High None Present None Low High

M80 VII3 Group III MO Low GL5 + FM1
S80 VII3 PAO Low GL5 + FM1

MO-CE VII3 Group III MO None High None Present None Low High
MO-CF None Group III MO None High None Present None Low High
M80FM VII3 Group III MO High GL5 + FM1 + FM2
M90FM VII3 Group III MO High GL5 + FM1 + FM2
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These 10 oils were prepared to enable five separate investigations. 
 

1. To enable comparison of the frictional behaviour of different base oils, oils M80 and 
S80 were prepared. Both contain the commercial GL additive package but are based on 
different base oils. 
 

2. Effects of viscosity were studied using oils M80FM and M90FM. They were both based 
on the same base oil type (group III) but with different viscosity and different levels of 
viscosity modifiers. Both contain the commercial API-GL5 additive package. 
 

3. Effects of different VMs were investigated using oils MO-BY, -CE, -CF. They all 
contained the same additives except for different VMs. 
 

4. The commercial GL-5 additive package used in oil M80 included one type of FM. Oil 
M80FM was blended to contain the same additives as M80 but with the addition of one 
additional FM type. 
 

5. For AW/EP additive effects, four oils (MO-BX, -BV, -BS, -BY) were prepared. These 
were based on a group III mineral base oil with four different combinations of two thio-
phosphate AW and two sulphur based EP additives at different levels. Dispersants were 
added to two of them. As a reference, oil M80 was included. 

 
The 10 oils were carefully characterized in terms of physical properties (See Table D.2). Short 
descriptions of the test parameters are included as footnote to the table. Full descriptions can 
be found in [154]. 
 

Table D.2. Measured properties of the oils

Oil
Kinematic 

viscositya (cSt)

High temp/high shear 
rate viscosityb

(mPa·s)
Boundary friction 

coefficientc
EHL film thicknessd

(nm)
MO-BX 9.3 2.97 0.158 62
MO-BV 9.6 3.10 0.143 61
MO-BS 9.1 3.06 0.172 62
MO-BY 9.8 3.09 0.137 65

M80 9.4 2.68 0.134 76
S80 9.4 2,86 0.132 66

MO-CE 15.5 4.50 0.152 74
MO-CF 15.5 4.57 0.137 74
M80FM 9.5 2.69 0.114 78
M90FM 14.4 3.54 0.122 106

 

a) Kinematic viscosities were measured at 100 °C bulk oil temperature.
b) Measured using a PCS Instruments Ultra Shear Viscometer with a rotor inside a stator; shear rate of 1.0 × 106 /s at 
125 °C.
c) Measured using a high-frequency reciprocating rig; an ø 6.0 mm ball oscillates across a steel (AISI 52100) surface at 
a frequency of 20 Hz, 100 °C and a path length of 1 mm. Test duration is 180 s and the average friction of the last 175 s 
is reported.
d) Measured using a PCS EHD ultra-thin-film measurement system, using a transparent glass disc and a ø 19.05 mm ball
made of AISI 52100. Load of 30 N and 100 °C bulk oil temperature. Entrainment speed 1.0 m/s and pure rolling.
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D.2.2.  Twin-disc tests
 

Investigators have used either twin-disc or gear testers for analyzing the load dependent friction 
properties of gear oils; comparison of the two however tend to show very similar behaviour 
and there is perhaps little to choose between them [66]. In a gear drive, the rolling and sliding 
velocities, load and friction forces are varying during gear tooth engagement. In a twin-disc, the 
working conditions are constant and one point along the tooth engagement is simulated. This 
simplifies interpretation of the test results. Depending on lubrication method, there may also be 
a significant contribution from load independent losses in gear tests, which are not of interest 
in the present study.  
 
 
D.2.2.1. Disc specification and manufacturing

 
The diameters of the test discs were 45 mm and their total width were 10 mm at the base and 7 
mm wide close to the outer diameter. Each test consisted of one flat disc and the other had a 
crowning of the contacting surface to avoid edge loading. The rough surface of the discs was 
created using an engine lathe, after which the samples were case hardened and ground to final 
surface topography. The steel used is a commercial gear steel. Its chemical composition can be 
seen in Table D.3. All samples were made from the same steel batch. 

 

Table D.3. Chemical specification of the disc steel

C Si Mn P S Cr Ni Mo Al Cu
Sample % 0.175 0.268 0.86 0.015 0.047 0.9 0.84 0.026 0.017 0.22

 
After case hardening, the surface microstructure consisted of low tempered martensite and ~10 
% residual austenite whereas the core microstructure contained low tempered martensite and 
bainite. Vickers-micro hardness profiles of the discs outer surfaces can be seen in Figure D.1. 
The case depth was approximately 0.7 mm if a limit of 550 HV is used [137]. The surface 
hardness ranged from 60 – 61 HRC. After case hardening, all contact surfaces and most non-
contact surfaces were ground. Special attention was given to the discs’ outer surface, as this 
surface was to represent automotive gears. 
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Figure D.1. Disc’s case hardening profile

 
In twin-disc testing, researchers have used grinding methods that gives the lay of the grinding 
either circumferentially or transversal to the rolling direction, whereas transversal lay better 
replicates gears. Moreover, it has been shown that the lay affects both the wear rate [139] and 
friction [140]. For this reason, a grinding method that produces a lay of the grinding marks 
transversal to the discs’ rotational direction was chosen. For this, a special grinding device was 
developed and built. It incorporates 50 mm diameter cup shaped grinding discs. To grind the 
flat discs, the outermost surface on the grinding disc was used. To create the crowned discs, the 
edge between the outermost surface and the inner diameter surface was used as described in 
Figure D.2a and D.2b, respectively. By adjusting the height of the grinding cup relative to the 
disc, the crowning radius of the finished disc can be changed. A radius of 35 mm was chosen 
for crowning to attain reasonable contact pressures, given the limited maximum load of the 
twin-disc machine. 

 
(a)

 
(b) 

Figure D.2a,b. Grinding methods for the flat and crowned and discs, respectively

0.1 0.2 0.3 0.4 0.5 0.6 0.7 0.8 0.9 1 1.1
400

450

500

550

600

650

700

H
ar

dn
es

s (
H

V
)

Depth (mm)

New disc



 

177 

Cubic boron nitride (CBN) discs with a universal bond for dry grinding were used. During 
grinding, the disc and the CBN disc rotate at 50 and 18 000 rpm, respectively. The rough shape 
was created using a CBN disc with grit size of 91 μm. The final grinding was performed using a 
disc with specified grit-size of 22-36 μm. In final grinding, a fixed sequence to ensure consistent 
surfaces was employed. Initially, 5 μm of material was removed and then the grinding disc was 
left for 20 seconds to spark out and then quickly removed. Analysis of the finished discs 
showed little variation of crowning radius. The finished surface roughness was measured for 
each new disc. Average surface roughness values are shown in Table D.4. The variation 
between individual discs was within ±0.01 μm. Even though the same grinding discs were used 
to grind the flat and the crowned discs, the difference in the setup made the flat disc slightly 
smoother. 

 

Table D.4. Average surface parameters of ground discs

Rq (μm) Ra (μm) Rt (μm)

New flat discs: 0.17 0.13 1.1

New crowned disc: 0.20 0.15 1.2

 
 

D.2.2.2. Twin-disc test conditions
 

The twin-disc tests were performed using a computer controlled Wazau UTM 2000 machine. 
The basic design of the test device is shown in Figure D.3. The maximum speed is 3000 rpm 
and the maximum load is 2000 N. Each disc is driven by a separate electric motor that can be 
set individually. The oil volume used for each test was 1.8 L. An oil pump was used to circulate 
the oil, which was sprayed with jets onto each disc with a total flow rate of 60 ml/sec. Before 
entering the oil pump, the oil is sucked through a screen (125 microns) and secondly through a 
magnetic filter to remove finer particles. The bulk oil temperature was maintained by a heater 
situated below the oil bath. Measured signals from the twin-disc test device include bulk oil 
temperature, frictional moment, load, and rotational speed. Each test was about eight hours 
long; this included one hour for oil heating in which the discs were rotated without making 
contact while the bulk oil temperature was raised to 100 °C. This was followed by 10 minutes 
of running in pure rolling with full load applied as a step in the heating process, although it also 
serves as a step of mild running-in. The remainder of the test was a series of runs through a 
range of speeds in order to plot ‘Stribeck type’ curves with boundary lubrication (and 
correspondingly high friction) at slow speeds and approaching EHD lubrication (and low 
friction) at high speeds. Between the two there is a transition region of mixed lubrication where 
the developing EHD film gradually supports more and more of the load, thereby progressively 
lowering the friction.   
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Figure D.3. Twin-disc machine

 
At 12 points in each sweep, the friction was measured by maintaining a fixed rotational speed 
for 10 seconds to get an average at that point. 

Between each sweep, the rotational speeds of the 2 drive motors were set to 1538 and 1700 
rpm, respectively to allow evolution of tribofilms and surface roughness. The duration of these 
intermediate periods started at 30 min then followed by periods of 30 min, 1 hour, 2 hour and 2 
hours. An illustration of how the mean entrainment speed and load was varied through the test 
can be seen in Figure D.4. At each point, a 10 % slide-to-roll ratio (SRR) (defined according to 
Eq. D.2) was maintained. 

 =    = | |( )                                    (D.2)

 
where U1 and U2 are the discs’ entrainment speeds.  

 

 
Figure D.4.Running conditions during the 8 hour tests, at each point a 10 % SRR was maintained
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Hypoid gears are used to transmit power between two nonintersecting shafts and they typically 
operate at high slide–roll ratios. Here, however, a lower ratio was chosen so that the oil friction 
does not strongly influence the film thickness due to heating. This makes it is easier to isolate 
the effects of the lubricant chemistry. The geometry of the discs and the load result in an 
elliptical contact area with semi contact widths of 0.43 and 0.9 mm (minor diameter in the 
rolling direction) and a Hertzian maximum contact pressure of 2.46 GPa. For two of these oils 
repeat tests were performed to check reproducibility of results. 
 
 

D.2.2.3. Running track evolution, wear mode and surface deterioration
 

The running track surfaces of the discs were analysed using scanning electron microscopy 
(SEM) and optical microscopy (OM). To characterise the running track wear mode, the weight 
of some discs was measured before and after each test using a Mettler Toledo AX205 scale 
(0.01 mg resolution). Each weight measurement was repeated three times and the average used.  

The surface roughness and track widths were measured using a Wyko NT1100 3D optical 
surface profiler. After each test, the surface roughness parameters (Rq, Ra, Rt, Rpk, Rvk) were 
measured at three positions so as to obtain average values. This was done to enable comparison 
of the anti-wear properties of the oils as these also indirectly may affect the frictional 
properties. 
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D.3.  Results and Discussion
 

The measured friction data were repeatable within ±5 % when the repeated tests were 
compared. The running conditions resulted only in mild wear and plastic deformation of the 
asperities. No signs of extensive micro-pitting, scuffing or any significant plastic deformation 
of  the macro contact occurred. The weight and of  running track width measurements showed 
that the total amount on wear is small in terms of the macro geometry of the discs and the 
contact pressures should be relatively constant throughout the test and similar for all 10 oils. 

 
 

D.3.1.  Evolution of friction during testing
 

In Figures D.5-6, all the 10 oils’ Stribeck-curves can be seen for the first (see Figure D.5) and 
the last sweep (see Figure D.6) are shown. In the figures, it can be seen that the friction levels 
for the 10 oils vary considerably. By comparing the two figures, it can also be seen that all oils 
reduce friction from sweep 1 to sweep 6. It can also be seen that the ranking of the oils are 
reasonably consistent between the two sweeps. In Figure D.7, all six sweeps for oil (oil M80) 
can be seen. The largest reduction in friction occurs between sweep 1 and 2. In the subsequent 
sweeps, the friction continues to reduce but more gradually. It appears to attain a steady state 
level but more sweeps would be needed for it to stabilize fully. 

 
 

 
Figure D.5. Measured friction for the 10 oils during 

the first sweep (sweep 1)

 
Figure D.6. Measured friction for the 10 oils during 

the last sweep (sweep 6)
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Figure D.7. Evolution of friction for oil M80 for sweeps 1-6

 
The reduction in friction with increasing test duration follows the same trends as expected with 
reducing surface roughness. As the test progresses, the mixed friction region will start at lower 
and lower entrainment speeds, resulting in reduction in friction. In Figure D.8, a SEM 
micrograph shows the surface of  a new disc. Figure D.9 shows how the centre of  the worn 
running track looks after the completion of  a friction test. Most of  the surface roughness 
asperities have been flattened and/or removed and plateaus have formed between the valleys. 

 

 

The measured surface roughness of the worn discs can be seen in Table D.5. In general, small 
differences in surface roughness (wear) can be seen. The amount of wear occurring will be 
determined by the oils’ film forming properties and the composition of the tribofilms. For 
example, sulphur typically decreases wear rate but accelerates the smoothing of the surfaces 
whereas phosphorus decreases the wear rate but does not smoothen the surfaces significantly 
[38].  
 

Table D.5. Roughness values measured after the friction tests

Oil 
MO-BV

Oil 
MO-BS

Oil 
MO-BY

Oil
M80

Oil
S80

Oil
MO-CF

Oil
MO-CE

Oil
MO-BX

Oil 
M80FM

Oil 
M90FM

Rq (nm) 99 98 84 109 99 100 109 106 105 115
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Figure D.8. SEM micrograph of a new 

disc

 
Figure D.9. SEM micrograph of a disc 

surface after a completed test
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In sweep 1, the discs’ surfaces are likely very similar for all oils since little wear will have 
occurred, and the friction values seen in Figure D.5 are all measured under the same conditions. 
However, as mentioned wear occurs and in sweep 6 (Figure D.6) it is possible that the 
difference in surface roughness amongst the oils significantly affect the results. A comparison 
of how much the oils friction reduced from sweep 1 to sweep 6 is shown in (Table D.6). To 
analyse the correlation, a regression analysis based on the measured friction and the surface 
parameters of the worn surfaces were performed. It however showed a low significance, 
indicating negligible correlation. The conclusion is that although the surface roughness affects 
the measured friction, it is not the oils anti-wear performance that is responsible for the oils 
varying friction levels. 

 

Table D.6. Friction reduction for the 10 oils between sweep 1 and sweep 6

MO-
BV

MO-
BS

MO-
BY M80 S80

MO-
CF

MO-
CE

MO-
BX M80FM M90FM

Friction reduction 
(%) at 3.8 m/s 15 11 14 9 13 16 13 13 8 8

 

In Figures D.10-11, the approximated -ratios for three oils and the first and last sweep can be 
seen (the plots were drawn by assuming that the original surface roughness is present during the 
first sweep and that no wear occurred during the sweep. For the last sweep, the measured 
roughness values from Table D.5 were used. For the fresh surfaces, -ratios varied from 0.03 to 
1.4 for the unworn surfaces and from 0.05 to 2.7 for the worn surfaces. The mixed lubrication 
regime is considered to span in the range  = 0.05 to 3 [31] and the majority of the sweeps will 
be in the mixed lubrication regime where the friction coefficient depends upon both boundary 
and oil film properties, however, for lambda ratios over 0.5, friction will still depend almost 
entirely on the fluid film properties [29]. 

 

Figure D.10. Calculated lambda ratios for three of
the oils during the first sweep

 
Figure D.11. Calculated Lambda ratios for three of 

the oils during the last sweep
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D.3.2.  Effects of base oil type
 

For the base oils used in gear lubricants, mainly two properties are recognized as important, 
namely the friction coefficient and the film forming properties. The friction or traction is 
controlled by the high-pressure rheological properties the oil such as the shear strength of the 
fluid in the region of the contact and the limiting shear stress. 

The film forming properties are controlled by the viscosity and the pressure-viscosity 

-value, together with low EHL 
-value and EHL friction 

coefficient are governed by the same fluid molecular characteristics, size and shape of the flow 
unit [219], and a strong correlation have been found between the two [15]. 
In Figures D.12-13, the Stribeck curves of oils M80 and S80 can be seen. At higher speeds, 
minimal load is carried by the asperities and the friction is mainly controlled by the base oil’s 
rheological properties and owing to these, the PAO base oil (S80) is more beneficial.  

However, even at slower speeds, the PAO base oil (S80) has lower friction. This is surprising 
if the PAOs thinner oil films (Table D.1) are considered. This should result in higher friction 
since most of the load will be supported by the asperities, but instead the opposite is seen. With 
decreasing film thicknesses, the boundary lubrication properties of a base oil will be of 
paramount importance and it has been shown that PAO oils can form some very thin boundary 
films [81,82]. Base oil boundary layers result in an enhancement of film thickness due to 
boundary films being more viscous than the bulk lubricant. Apart from the boundary films, the 
polarity of the base oils can also affect the tribofilms formed by the other additives. 
The results are in line with other studies where PAO oils typically have shown a lower friction 
than various MO oils for a specific viscosity, both in twin disc tests [66] as well as in a range of 
gear tests [156]. 

 

 
Figure D.12. The first sweep showing the           

effects of base oil type

 
Figure D.13. The last sweep showing the           

effects of base oil type
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D.3.3  Viscosity
 

In Figure D.14-15, the results of oils M80FM and M90FM can be seen. Both oils contain the 
same additives but have different viscosity levels. It can be seen that the influence of viscosity is 
similar to that of roughness; higher viscosity shifts the curve as a whole to the left because of 
more load being carried by the oil film. Similar effects have been found for the load dependent 
losses in gears [79]. In sweep 6 (Figure D.15), the viscosity effects are reduced owing to 
smoother surfaces. This can partly be due to the higher wear rate of the lower viscosity M80FM 
(Table D.5). 

 

 
Figure D.14. The first sweep showing the effects

of viscosity level

 
Figure D.15. The last sweep showing the effects

of viscosity level

 
 

D.3.4.  Effects of viscosity modifiers
 

The two oils MO-CE and CF were blended to the wrong viscosity (too high); due to limited 
time, a re-blend was not possible. This makes the interpretation of the friction a bit more 
complicated but some information can still be extracted. 

In Figures D.16-17, the results of oils MO-CE, CF and BY are shown. For both sweeps, the 
three oils have quite similar behaviour. Experimental work has shown that VMs can decrease 
the limiting shear stress compared to pure base oils [157]. In the high-speed regions of Figures 
D.16-17, no such tendencies can be seen; In fact, oil MO-CF without VMs has the lowest 
friction.  

Even at lower speeds, only small differences between the oils can be seen. Earlier studies 
have shown that the polymer based VMs can form thin boundary films of high viscosity and 
enable mixed lubrication regime even at lower speeds. It may however be noted that mainly 
functionalized VMs form thick films [84]. The VMs used in this study were not functionalized 
and they can be expected to form thin boundary films. This possibly explains the slightly lower 
friction measured at low speeds for the two VM oils (Figures D.16-17).  
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Oils containing VMs have often been found to shear-thin due to the high strain rate conditions 
found in EHL contact inlets and therefore form thinner oil films [24,158]. The measured film 
thicknesses of the oils show no such indications (Figure D.18). Because of the lower viscosity, 
oil MO-BY has slightly thinner films, but it seems to have only small effects on its frictional 
properties. 

 

 
  

 
Figure D.16. First sweep with various oils with 

different viscosity modifiers

 
Figure D.17. Last sweep with various oils with 

different viscosity modifiers

 

 
Figure D.18. Measured film-thickness data from the PCS EHD ultra-thin-film measurement system, 

measured at 100 °C and Load used was 30 N
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D.3.5.  Effects of friction modifiers
 

In Figures D.19 and D.20, the results of oil M80 and oil M80FM can be seen. Overall, only 
small or negligible differences in friction can be seen. In the first sweep, the extra FMs reduce 
friction marginally at very low speeds. For sweep 6, no significant effects can be seen. These 
results are somewhat surprising given the relatively large effects of the FMs that were seen in 
the HFRR tests (Table D.2). In fact, a regression analysis showed negligible significance for the 
correlation between HFRR tests and the twin-disc results (slowest speed). 

 

 
Figure D.19. First sweep with oils with varying 

levels of friction modifiers
Figure D.20. Last sweep with oils with varying 

levels of friction modifiers

 
 

D.3.6.  The effects of AW/EP tribofilm
 

The comparative frictional characteristics using AW/EP additives are shown in Figure D.21-22. 
It can be seen that some of the experimental ‘MO-’ have high friction in the boundary regime, 
where the friction mainly results from the shearing of solid-like films formed on the asperities. 
At higher speeds, it can however be seen that the commercial GL5 additives increase friction 
considerably (oil M80). The differences between the four thio-phosphate oils are small. 

Oils MO-BX and MO-BV also contain dispersants. Dispersants mainly perform their 
principal function in the bulk oil but since they have also been found to be surface active in 
some cases, either by affecting the tribofilm formation directly [40,41], or can promote removal 
of antiwear films [42]. In this case, their effect on friction is limited as no major differences 
have been seen. It is however possible that the high low-speed friction of oils MO-BX and 
MO-BV is connected to the dispersants. This would be in line with the results of Taylor and 
Spikes [46] who found the addition of a dispersant to increase the boundary friction coefficient 
while having small effects for intermediate speed conditions (Zinc dithiophosphate AW 
additives). Besides different AW/EP additives, oil M80 does also contain a different VM and 
FM. However, as was discussed in previous chapters, the frictional effects of these two were 
small.  
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Figure D.21. The first sweep showing the           

effects of AW/EP additives
Figure D.22. The last sweep showing the           

effects of AW/EP additives

 
The effects of the AW/EP tribofilms can also be seen when oils MO-CE and M90FM are 
compared (see Figures D.23-24). They both contain the same VM, but different AW/EP. 

 

 
Figure D.23. The first sweep showing the          

effects of AW/EP additives

 
Figure D.24. The last sweep showing the         

effects of AW/EP additives

 
The exact mechanisms by which the AW/EP tribofilms affect thin-film friction are not clear. 
This aspect has been discussed at length in the literature. The results however mainly pertain to 
Zinc dithiophosphate (ZDDP) AW additives. Although metals like zinc rarely, if ever, are used 
in the formulations of modern gear oils [38], the results may give some insight into the 
mechanisms. Atomic force microscopy (AFM) imaging has provided insight into the 
morphology of various AW films. The films possessed certain characteristics that were different 
from each other. One study found some AWs to form pad-like structures while others formed 
rather small, smooth randomly oriented heterogeneous features [220]. Similar finding have been 
attained by using spacer layer interferometry imaging (SLIM) [221]. Many phosphorus-based 
AW films, especially those formed by ZDDP have been shown to cause a significant 
roughening of the rubbing surfaces by the formation of unevenly-distributed reaction films 
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[71,215,222]. In a similar fashion as rough steel surfaces, these rough AW films shifts the 
transition into oil film lubrication into a higher speed region. Compared to ZDDP, ashless 
phosphorus-based AW films form smoother and relatively thin films [73]. MTM tests have also 
shown that they tend result in lower friction than those formed by ZDDP [74]. However, there 
are indications that smooth ZDDP reaction films can also cause high friction for mixed 
lubrication conditions and the surface roughening is not necessarily the only origin of friction 
increase [75]. This study instead hypothesised that the effect is due to a reduced lubricant 
entrainment due to the ZDDP film [75]. 

 
 

D.4.  Concluding remarks
 

Many gears in practical applications operate either continuously or transiently in mixed 
lubrication and therefore the oils’ friction in this region is important. For the oils tested in this 
work, the results show that the friction in this region can be controlled either by base oil type, 
viscosity level, and/or by AW/EP tribofilms. 

For the pitting studies, two oils with low friction and one oil with a high friction were to be 
chosen. As the high friction oil, Oil M80 was included. Oil S80 was included as one low friction 
oil, owing to its PAO base oil. Regarding the experimental ‘MO-‘ oils, small differences were 
seen amongst them. However, as was shown in Figure D.22, oil MO-BY has slightly lower 
friction that the others at the speed that will be used in the pitting study (3.8 m/s mean 
entrainment speed) and was therefore included as the second low friction oil. This selection 
also means that all three oils have similar viscosity. 
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Improved hypoid gear oil pitting performance: 
Part II – Effects of thin-film friction on pitting life

 
J. E. Johansson, and B. Prakash 

 
 

Abstract 
 

Previous studies have shown that pitting initiation is so sensitive to the frictional stress acting 
on the macro-contacts that even the frictional behaviour of various gear oils can have 
significant effects on the pitting life. These studies were however performed using test methods 
with running conditions quite different from those prevalent in gear contacts. In the present 
study, a more gear like (twin-disc) test is used to investigate if the same trends can be found. 

In Part I of the present study, the frictional behaviour of 10 hypoid gear oil gear oils with 
different viscosity, base oil type, viscosity index improvers, anti-wear, extreme-pressure, and 
friction modifier additive combinations were analysed in terms of their frictional behaviour by 
using a twin-disc setup.  

In this second part of the study, three selected oils from those in part I have been further 
investigated in terms of their pitting performance. For these studies, a twin-disc machine with 
samples and running conditions relevant for gear contacts was used. The results show that 
additive combinations, and/or base oil type, that result in low friction at the specific running 
condition enhance pitting performance. 
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E.1.  Introduction
 

Machine elements involving highly loaded rolling/sliding contacts mainly fail due to macro-
scale surface fatigue due to formation of pits, also known as pitting [85]. These pits are the 
result of cracks, slowly spreading until detachment of material fragments occur. The main cause 
of the fatigue is the normal and tangential forces acting on the contacting surfaces. Many 
parameters have been found to affect both the initiation and propagation of these cracks. To 
mention a few: debris, surface topography, material of contacting surfaces, heat treatment, 
microstructural defects, component geometry, operational parameters, and the lubricating oil. 
Studies on the effects of the lubricating oils have shown that in some tests, even the very small 
differences in tangential loads originating from different oils and their friction can have 
significant effects on pitting life. This has been shown for both base oil type [154,159] and 
additives [212]. These results however were obtained using bench (rolling four ball) tests with 
test parameters relatively much more severe than in typical in gear contacts. The test specimens 
used also had a geometry and surface topography very different from gears. All these 
deviations, give rise to questions whether the results obtained from bench tests are relevant to 
actual gear contacts. Earlier tests using a more relevant gear-like twin-disc test has shown 
similar results [108] These results however pertained to traction oils which cause very high 
friction and it is unclear whether the small differences in friction between normal gear oils will 
have significant effect on pitting performance. Thus, the overall goal of the present study is to 
investigate whether relatively small differences in friction can affect pitting. In Part I of this 
study, 10 oil formulations were compared in terms of their frictional behaviour in the mixed 
lubrication regime. 

To verify the hypothesis that low thin-film friction can have significant effects on pitting, 
three oils from these 10 were chosen. One of the oils has a relatively high friction and other 
two oils were chosen in view of their low friction characteristics. The low friction in one of the 
oils is a result of the base oil type whereas in the other oil, certain anti-wear and extreme-
pressure additives were used to lower friction. 
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E.2.  Materials and methods
 

E.2.1.  Test oils
 

Many gears in practical applications operate either continuously or transiently in the mixed 
lubrication regime and therefore, friction in this regime is considered important. ‘Stribeck’-type 
curves for the three oils as shown in Figure E.1 were obtained using the twin-disc test 
configuration with 2 kN load on the discs. The results shown are from the end of an 8-hour 
long test. Oil M80 was included as the high friction reference oil. This oil is based on a Group 
III mineral base oil with a commercial GL5 additive package that includes FMs. In Oil MO-BY, 
the low friction was the result of the tribofilms formed by the AW/EP additives. In the case of 
oil S80, the low friction was the result of using a PAO base oil. 

 

 
Figure E.1. Oils for pitting studies

 
The oils constituents and essential oil properties are reproduced in Tables E.1-2, respectively. 
Experimental details regarding the oil characterization can be seen in Part 1 of this study. 

 

Table E.1. Blend matrix of the three oils

Oil VII Base oil type % VII AW1 AW2 Dispersant EP1 EP2
MO-BY VII1 Group III MO High None Present None Low High

M80 VII3 Group III MO GL5 + FM
S80 VII3 PAO GL5 + FM
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Table E.2. Measured properties of the oils

Oil
Kinematic viscositya

(Cst)

High shear rate 
viscosityb

(mPa·s)
Boundary friction 

coefficientc
EHL film 

thicknessd (nm)
MO-BY 9.8 4.86 0.137 65

M80 9.4 4.52 0.134 76
S80 9.4 4.57 0.132 66

a) Kinematic viscosity was measured at 100 °C bulk oil temperature.
b) Measured using a PCS Ultra Shear Viscometer with a rotor inside a stator; shear rate of 1.0 × 106 /s at 125 °C.
c) Measured using a high-frequency reciprocating rig; an ø 6.0 mm ball oscillates across a steel (AISI 52100) surface at 
a frequency of 20 Hz, 100 °C and a path length of 1 mm. Test duration is 180 s and the average friction of the last 175 s 
is reported.
d) Measured using a PCS EHD ultra-thin-film measurement system, using a transparent glass disc and a ø 19.05 mm ball 
made of AISI 52100. Load of 30 N and 100 °C bulk oil temperature. Entrainment speed 1.0 m/s and pure rolling.

 
 

E.2.2.  Pitting test
 

The ultimate assessment of a material or lubricant performance is in service but the 
determination of rolling contact fatigue life by using full-scale testing is a time consuming and 
expensive process. A quicker and relatively inexpensive way of collecting data on fatigue life is 
by an accelerated test using simple test specimens. In the present study, a twin-disc test setup 
was used for pitting studies. There is always an uncertainty regarding the correlation between 
the bench test and the actual application. Over the years, differing views have been expressed 
about the merits of the simulation of gear behaviour by twin-disc test. However, a good relative 
correlation has been found but with higher absolute pitting capacity compared to that of actual 
gears [134,135]; up to six times the fatigue life has been reported [136]. The reason for this 
difference between gears and discs has been attributed to be the dynamic loads present in gear 
contacts [134]. Compared to gears, the twin-disc test has the advantage of less uncertainty as to 
the local contact conditions. 

 
 

E.2.3.  Disc specifications and manufacturing
 

The test discs were made in the same way as described in part I of this study. The only 
difference was that both test discs used had the crowned outer surface. The measured surface 
topography is reproduced in Table E.3. 

 

Table E.3. Measured parameters of the ground surfaces of the crowned discs

Rq (μm) Ra (μm) Rt (μm)

New Disc 0.20 0.15 1.2
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In order to accelerate the fatigue phenomena, a number of different techniques have been used 
in the literature. One is by making indentations on one of the discs to simulate the action of 
various damages to the surfaces [143,223,224]. Pitting will originate either near the dent or on 
the opposite undented surface (whichever is the slower). 

In the present study, 10 indentations were made on the surface of the faster moving disc, 
slightly offset from the contact centre. For this, a Brinell hardness tester was used with a load 
of 250 kg and tungsten carbide balls of 2.38 mm diameter as an indenter. In Figure E.2, a SEM 
micrograph of an indent is shown. The resulting indents were slightly elliptical with widths of 
0.660 and 0.675 mm (minor diameter in the rolling direction) and a depth of about 35 μm. In 
Figure E.3, 2-D view from an optical profilometer measurement can be seen (disc radius 
removed). The localized plastic flow causes a small, elevated shoulder around the indent. The 
ridge and the pit depth are enough to cause a discontinuous contact area where the load is only 
supported by the dent shoulder. This leads to a large increase in contact pressure in the region 
surrounding such dents and especially the presence of a dent shoulder affects the pressure 
distribution [89]. During contact, both surfaces are subjected to the same pressure and similar 
shear stress distributions. 

The stressed volume has been found proportional to the dent diameter with a factor 3 [143]. 
The same study also showed that the fatigue life is inversely proportional to the number of 
dents and it can therefore be assumed that the passing of the indents through the contact 
region will be responsible for the majority of the total stressing of the near surface material. 

 

 
Figure E.2. Scanning electron microscopy

image of indent made by the Brinell hardness 
tester

 
Figure E.3. Measurement of indent made by optical 

interferometry
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E.2.4.  Twin-disc tests 
 

The twin-disc tests were performed using a computer controlled Wazau UTM 2000 machine, 
equipped with an external vibration monitoring system. The basic design of the test device is 
shown in Figure E.4. The machine was modified to enable a maximum load of 3000 N instead 
of the 2000 N it was originally built for. The modifications included a different bearing design 
for the drive spindles and in addition to a dead weight loading system, a coil-spring loading 
system was also incorporated. However, due to the new bearing design, precise friction 
measurements were not possible. 

The test specimens geometry (radius of curvature) and load result in an elliptical contact area 
with semi-contact widths of 0.56 and 0.75 mm (minor diameter in the rolling direction) and a 
Hertzian maximum contact pressure of 3.43 GPa. Each disc is driven by a separate electric 
motor with independently adjustable rotational speeds. The bulk oil temperature was 
maintained by a heater situated below the oil bath. The oil volume used for each test was 1.8 L 
and circulated with an oil flow rate of 60 ml/sec. The oil was supplied by two oil jets directed 
towards the disc test specimens. Before entering the oil pump, the oil is sucked through an oil 
screen (125 μm) and subsequently through a magnetic filter to remove finer ferrous wear 
debris. Measured signals from the twin-disc test device include bulk oil temperature, frictional 
moment, load and the two drives’ rotational speed. 

 

 
Figure E.4. Basic design of the twin-disc test device

 
Each test was started by rotating the discs at 1700 rpm with a load of 1000 N while the oil was 
heated to and stabilized at 100 °C. This stage also functioned as a mild running-in stage as the 
local high shear stresses plastically deformed the asperities leading to smoother contacting 
surfaces. After one hour, the load was increased to 3000 N (3.56 GPa) and the speed of the disc 
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without indentations was reduced to 1538 rpm to give a 10 % SRR (defined according to Eq. 
E.1). The resulting mean entrainment speed is 3.8 m/s. 

 =    = | |( )/                         (E.1)

 
where U1 and U2 are the discs’ entrainment speeds. The minimum oil film thickness (hm) for 
the elliptical conjunctions were calculated as described by Hamrock [128]. The lubrication 
regime was 
calculated minimum film thickness for the ideally smooth surface divided by the composite 
surface roughness, given by 

 =                  (E.2)

 
Where Rqa and Rqb are the two discs’ R.M.S 

-film lubrication 
[31]. The results (Table E.4) show that the unworn discs lead to operation in the mixed 
lubrication regime. 

 
Table E.4. Calculated film thicknesses and lambda ratios

Oil Minimum film thickness, (nm) lambda ratio
M80 96 0.43
S80 89 0.40

MO-BY 97 0.44
 

After mounting, the discs’ rotational eccentricity or “run-out” was measured using a dial gauge, 
in an unloaded state and a value below a total of 10 μm radial displacement was accepted; this 
means that it can vary between test. Also, when loaded, the run-out will change owing to 
clearances in the drive spindle bearings and deflection of the bearings/shaft etc. The run-out 
will affect the maximum load and frictional forces experienced by the discs during the tests and 
may therefore affect the pitting results. This has been analysed later in this study to see whether 
the effects are significant, and if so then, analyse if it is possible to remove the effect after the 
tests series is completed. To enable comparison of the run-out, vibration data was recorded 
during each test in terms of acceleration (g), measured at 25.6 and 28.1 Hz. These frequencies 
were chosen since these correspond to the rotational speeds of the discs. The reason for using 
measured vibrational data rather than the unloaded run-out directly is that previous tests have 
shown only a weak correlation between unloaded run-out and vibrations occurring during 
actual tests. 

Each test was run until pitting occurred. The occurrence of pitting was detected by using the 
vibration monitoring system, which automatically stops the test within seconds of occurrence 
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of pitting. The sensitivity of the system was set so that an increase in vibration level of 0.1 g 
above the initial value triggered the shutdown. The vibrational value used was the root-mean-
square (RMS) in the range 10-1000 Hz. To characterize the oils’ fatigue performance, L50 

estimation using the commercial software Matlab, with the assumption that the fatigue lives are 
well represented by two-parameter Weibull distributions. As pitting typically occurred on the 
slower moving disc, the total number of revolutions for that disc prior to failure were used as 
‘pitting life’. 

 
 

E.2.5.  Running track evolution, surface deterioration
 

The running track surfaces of the used disc specimens were analysed using scanning electron 
microscope (SEM), optical microscope (OM) and an Wyko NT1100 3D optical surface 
profiler. The running track widths on the used disc specimens were measured to analyse if it 
varies between oils and to estimate the plastic deformation of the macro-contacts. 

Onions and Archard [134] investigated the effects of surface roughness on pitting and found 
a close correlation between life and the surface roughness (Ra) present at the end of the tests. 
Therefore, the surface roughness of all discs was measured by using the optical surface profiler 
(Rq, Ra, Rz, and Rk), before and after each to investigate the possible correlation between the 
oils anti-wear properties and pitting life. 

 
 

E.2.6.  Disc subsurface material, crack initiation and pit appearance
 

The macropits produced during testing were investigated to observe crack initiation sites and 
modes of propagation. A number of pitted discs were sectioned along the running tracks to 
enable analysis of the material beneath the running track surfaces. For this, three discs were 
moulded into transparent thermoplastic material. These samples were ground in three steps, 
first to ~2/3 of the height of the running track, then to a depth of 1/2 and finally to 1/3 of the 
height. The samples were polished, etched (1 % nital solution), and analysed in minute detail at 
each step using OM and SEM. 

 
 

E.3. Results
 

E.3.1.  Running track evolution, surface deterioration
 
During the twin-disc pitting tests, a running track was quickly formed on the two discs. On the 
slower moving pitted discs, the measured running track widths varied from 1.44 to 1.51 mm 
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after completion of the tests. This can be compared to a calculated Hertzian contact width of 
1.45 mm, indicating negligible plastic deformation of the macro contacts. 
Figures E.5-6 show SEM micrographs of the running tracks; Figure E.5 shows the unworn 
surface after grinding. Figure E.6 shows the center of the running track of oil S80 after pitting 
and 1 450 000 revolutions. Most of  the surface asperities have been flattened and/or removed 
and between the valleys, plateaus have been formed. After close examination of the samples, no 
signs of scuffing, seizure, extended micropitting or damages caused by aggressive additives were 
seen; only plastic deformation of the asperities and mild wear were observed for all three oils. 
No significant correlation between the surface roughness of the worn discs and the pitting 

-ratios for the worn surfaces are presented in Table E.5. 
-ratios pertain to the areas without indents. 

 

 
Figure E.5. Electron micrograph showing the 

ground surface. Leading edge at the bottom of the 
image

 
Figure E.6. Electron micrograph showing the worn 
surface after completed pitting test. Leading edge 

at the bottom of the image

 
Table E.5. Calculated film thicknesses and lambda ratios for the three oils

Oil Minimum film thickness, (nm) Lambda ratio (worn surfaces)
M80 96 1.36
S80 89 1.26

MO-BY 97 1.39
 

In Figure E.7, a representative SEM micrograph of an indent after a pitting test can be seen 
(the leading edge is to the right in the figure). The leading edge of the dent shows a plastically 
deformed, mirror like surface, indicating a reduced lubricant film thickness. The trailing edge of 
the dent shows a smaller flattened area and a very different degradation process with more 
micro cracks and an increased presence of micro-pits. These observations are in line with the 
results of Nélias and Ville [225]. They showed that for positive sliding (dented surface faster 
than the smooth one) the highest pressure-peak is at the trailing edge. The work of Morales-
Espejel and Gabelli [162], also showed that the oil film thickness values are reduced in the 
region surrounding the dent and the thinnest oil film exist in the leading edge. 
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The diameter of the dents reduced with increasing test duration. Starting with minor axis of 
0.66 mm (rolling direction), a large reduction was seen initially and then more slowly. After       
1 000 000 cycles, the minor axis was reduced to about 0.60 mm. After additional 7 000 000 
cycles, the minor axis had reduced to 0.58 mm. However, no difference between the oils could 
be seen. 

 

 
Figure E.7. Indentation on a disc after a completed pitting test (the leading edge is to the right in the figure)

 
 

E.3.2.  Crack initiation and pit appearance
 

The morphology of the formed pits varied, partly due to the random nature of the cracks and 
since further damages are created during the time it takes for the machine to detect the damage 
and come to a complete stop. However, some common features have been observed. A 
representative pit is shown in Figure E.8, where the bottom of the picture is the leading edge 
and the approximate running track edges have been indicated by dashed lines. Each pit had a 
fan-shaped appearance, which spread from the initiation point. The initiation occurred in the 
region opposing the indentations. The leading edge was oriented at a shallow angle to the 
rolling surface. The fracture features at the base of the pits were smeared due to the crack faces 
being pressed and perhaps, rubbed together during each contact cycle. The surface near the 
trailing edge had a somewhat step-like (terraced) morphology due to multiple subsurface cracks 
branching out during propagation. The widths of the pits were in the same order as the running 
track widths. 
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Figure E.8. Scanning electron microscopy image showing a typical pit. Leading edge at the bottom

 
The subsurface analysis of the pitted samples showed micro-cracks initiating at the surface and 
extending 30-40 μm in to the material. One example can be seen in Figure E.9. These cracks 
are believed to be in the very early stages of pit formation. They were however very infrequent, 
and on most discs no such cracks were found. The small number of cracks indicates that the 
transition from a small surface crack to a fully formed pit is quick and it is in line findings of 
other experimental studies [87,159]. No subsurface cracks were found. 

In Figure E.10, a fully formed pit is shown (leading edge to the left). The angles of the 
leading edge of the pits were well in line with the micro cracks discussed above. The crack 
follows a fixed angle to the depth of the crack bottom where it starts to propagate parallel to 
the surface. Analyses of the OM images showed that the three analysed pits had a depth of 270 
μm, 300 μm, and 370 μm, respectively. Some cracks however propagated farther up to a 
maximum depth of 413 μm.  

 

 
Figure E.9. Optical microscopy image showing surface connected crack. Leading edge to the left
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Figure E.10. Optical microscopy image showing cross section of a pit. Leading edge to the left

 
Analysis of the spalled off particles (Figure E.11) showed that the pits did not emanate from 
the gradual enlargement of a small cavity but are rather a result of the growth of the fatigue 
cracks, which eventually separate one large particle from the main body. Together, these 
observations indicate that the initiation phase of the first micro-crack represents most of the 
life. 

 

 
Figure E.11. Scanning electron microscopy image showing the underside of a spalled off particle, leading 

edge top left

 
Keeping in view the fact that the initial micro-cracks were surface initiated, the tip of each 
macro-pit was examined at higher magnification to determine the presence of any surface 
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defect. The surfaces surrounding the pits were smooth because of the high contact pressures 
after pitting and no evidence of surface defects other than the grinding marks that could initiate 
the point surface origin morphology of the pits was seen. Although no evidence of extensive 
micropitting has been seen, this cannot be completely ruled out as a mechanism promoting the 
initiation of the macropits. 

 
 

E.3.3.  Pitting lives
 

The pitting lives obtained from the twin-disc tests clearly show a distinction amongst the oils in 
terms of the estimated L50 pitting life (see Figure E.12). However, there appears to be some 
strange trends in the results; especially for oil S80. For fatigue tests, run under identical 
conditions, the population usually fits a Weibull distribution and when plotted in a Weibull 
diagram, the distribution should follow a straight line. Any large deviation can indicate that the 
tests in fact, were not run under identical conditions. By comparing the results of oil S80 to the 
recorded vibrational data, a correlation was seen, the three shorter pitting lives had a relatively 
large run-out whereas the two long lives were attained for samples with little run-out. 

 

 
Figure E.12. Weibull plot for the three oils

 
To get the best possible approximation of the effect of run-out, linear regression analysis was 
used. The estimated effect was then used to compensate for each test’s run-out, i.e., each result 
was recalculated to what if there was zero run-out. 
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Finding regression models is an iterative process where insignificant parameters are removed. It 
would not be practical to include all iterations here (the tested parameters include the oil 
properties from Table E.2, frictional data from part I of the study, and the surface roughness 
measured after the tests). The result can be seen in eq. E.3 and Table E.6. The pitting life (Y) is 
described by a constant, the run-out and the friction coefficient measured in part I of this study 
(From Figure E.1, measured at 3.8 m/s and 2 kN load). 
 × 10 = 10.0 19.9 ×   ( ) 146.4 ×           (E.3) 
 

Table E.6. Regression model check

Predictor P Significant if
Constant 0.001 <0.05
Friction coefficient 0.007 <0.05
Disc run-out (g) 0.025 <0.05

RMSE = 86730; R2 = 58 %
 

In Eq. E.3, it can be seen that each individual pitting result should be multiplied by 
19.9×105×measured run-out (g), to remove the effect of run-out. The measured run-out ranged 
from 0.00696-0.06537 g and all results increased since no test was a perfect zero in run-out. 
Together, the two predictors explain 58 % of the variance in pitting life as shown by the R2. 
The R2 will inherently be low in this case since this model does not explain the scatter present 
in the results due to the nature of fatigue tests. 

The recalculated results can be seen in Figure E.13. The oils pitting results largely follow 
straight lines. One result (the shortest pitting life of oil M80) however deviates significantly. 
The exact reason for this is not clear, but it may be due to some defect at some critical point on 
the tested disc. It will however only have small effects on the oil’s overall pitting life. 
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Figure E.13. Corrected Weibull curves for the three oils

 

difference in mean life (~L50) was calculated as described by Johnson [142] (see Table E.8). 
 

Table E.7. The corrected results for the oils

Oil L50 (Revolutions)
MO-BY 4.8 6.29 × 10

S80 3.6 5.26 × 10
M80 2.8 2.92 × 10

 

Table E.8. Statistical confidence numbers for the differences in mean life of the oils

Hypothesis Confidence number
MO-BY > M80 ~99 %

S80 > M80 ~97 %
MO-BY > S80 ~77 %
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E.4.  Discussion
 

In the literature, a number of mechanisms by which the lubricating oils can affect pitting have 
been proposed. For example, unfavourable wear and chemical aggressiveness of additives that 
cause surface defects is a frequently reported mechanism for decreased pitting life of various 
AW and EP additives [119,164,172]. In this study, such explanations are unlikely since two of 
the oils included the same additives (and had different results). Examination of the worn 
surfaces also failed to showed any such tendencies (Figure E.6). Some debris dents and 
scratches were seen but these should also be similar for all three oils. 
The differing results with the same additives also rules out corrosive wear process earlier 
suggested to remove surface or near-surface micro-cracks before they propagate [123,167]. It 
also rules out increased pitting lives due to accelerated surface conditioning by EP additives 
mentioned in [120,121].  Possible effects of chemical aggressiveness acting at the crack tips 
[117,124], should also be the same for the two oils. The fast transition from crack initiation to 
pitting also limits such effects. Additives have also been suggested to act by lubrication of the 
crack faces and thereby promote crack propagation. However, in this study the opposite was 
seen since the low friction oils have longest life. Other explanations such as diffusion of AW 
and EP additive elements into the steel are also unlikely. The work of Evans et al [160] also 
showed that such an explanation is unlikely to explain the changes in fatigue life since their 
analysis showed that neither S or P diffuse into the near-surface region of steels. Extensive 
wear would affect the contact pressure between the discs due to the crowning. However, 
negligible wear was seen for all oils and they will have similar contact widths and contact 
pressures through the tests. 

Since the contact pressure, material properties, and surface topography are similar for all 
three oils throughout each test, only the forces developed in the contact region can differ 
between the oils. The oils can affect the forces acting on the contacting surface due to frictional 
forces, different pressure distribution/dampening and/or EHL pressure spikes. 

In literature, it has been postulated that a large pressure-viscosity coefficient can have 
negative effect on contact fatigue since it has been found to result in large EHL pressure spikes 
[127]. However, Houpert et al [161] showed that these spikes only lead to an increase in stresses 
very close to the surface and that the spikes will have marginal effect on micro-pitting. It is thus 
unlikely that the spikes will have a significant effect on pitting.  

Instead, the frictional forces acting on the contact surfaces are most likely to explain the 
varying fatigue life. In Figure E.14, the oils’ pitting lives have been compared to their friction 
levels in part one of the study (Figure D.6), measured at the same speed as that in pitting tests 
but using 2 kN load and one flat disc. 
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Figure E.14. Comparison of the measured friction to the pitting results

 
Overall, a good correlation can be seen; low friction corresponds to a long pitting life. The 
trend between the two is however not perfectly linear; especially oil MO-BY has a longer 
pitting life than the measured friction can explain. There will always be some experimental error 
in both the L50 lives and measured friction levels and more repeat tests may adjust the results 
slightly. However, it is unlikely to explain the relatively large deviation in pitting life of oil MO-
BY. Due to the large reduction in pitting life coming from the indents, the friction levels in the 
region surrounding the dents can be assumed very important.  

The friction levels occurring in the region surrounding the dents can be assumed important 
for the pitting lives. It was not possible to measure the friction during the passing of a dent 
through the contact region since the sampling frequency in the twin-disc machine was not high 
enough to resolve it. However, it has been shown that the contact pressure around the dents 
can be more than doubled [162] and this will affect the behaviour of the oils. The surface 
roughness during the pitting tests will also be lower. Other/improved test methods would 
therefore be needed to get a clear view of the friction in the dent region. 

Despite the small deviation from a perfectly correlation between friction and L50 pitting life, 
within the inevitable limitations imposed by statistically analysing a relatively small number of 
tests, it appears that the frictional behaviour of the oils provides a satisfactory explanation of 
the observed differences in their pitting lives. This agrees with the earlier experimental results 
[108,154], but is not really supported by conventional elastic analyses of subsurface stresses, 
which generally show only small effects of tangential forces (surface friction). However, if 
surface defects (dents) are present, frictional forces have been found to be very detrimental 
[89]. This has also been found to be true for asperities [90]. 
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E.2.  Conclusions
 

In the second part of the study, the pitting performance of three hypoid gear oils has been 
evaluated using a twin-disc test configuration. Regarding the pitting performance of the hypoid 
gear oils, the following conclusions can be drawn for highly loaded contacts operating under 
thin-film lubrication conditions: 

A low thin-film friction can significantly delay the onset of pitting 
Low friction AW/EP additive films are effective for increasing pitting life of gear oils 
Low friction base oils are effective for increasing pitting life of gear oils 
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