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ABSTRACT
In daily life sound is a vital dimension for the perception of the world around us but can in 
some cases be considered as annoying, irritating, or even harmful. In these cases the sound 
is labelled as noise and can be addressed in two ways, either by insulating the noise problem 
from the receiver (person) or by altering the source. The work performed in this thesis has 
been focusing on the latter approach. To be able to alter the source, knowledge about the 
physical properties governing the sound generation process is essential. Advanced 
measurement and modelling methods have been applied in the study of two different cases 
of noise generation. 

Milling machine noise: The first study addressed sound generating vibrations in milling 
machine operations which are a common operation in e.g. the automotive and aerospace 
industry. Large metal work pieces are reduced to a fraction of their original weight when 
creating complex thin structures. During these operations it is important that unwanted 
behaviours such as excessive tool vibrations (chatter) can be avoided. Chatter causes poor 
surface finish and/or material damage and can expose machine operators to annoying and/or 
harmful noise levels. In order to predict process parameters for a chatter-free milling 
operation, knowledge of the properties of the dynamic system are essential. To improve the 
possibility of measuring milling machine tool vibrations or any other rotor vibration with a 
high accuracy a method for single beam Laser Doppler Vibrometry (LDV) measurements 
on rotating spindles was developed. The method solved two major problems using LDV on 
rotating targets, speckle noise and cross talk. To analyse the dynamic response of a rotor 
and its speed dependency, a method based on inductive displacement measurement, 
electromagnetic excitation, and FEM was developed. The measured dynamic response and 
the simulations of the studied milling machine, revealed the ball bearings as the weakest 
link capable of causing chatter vibrations and noise at high rotational speeds. 

Friction induced noise: The second study addressed problems regarding annoying sound 
generating vibrations in car door sealing systems and how these could be predicted and 
simulated for future car models. In the design process of a car door weather strip seals 
different conditions and demands must be considered. The primary goal of the seal is to act 
like a flexible barrier and protect the door/frame joint. The seal should prevent e.g. water 
and dust from entering the compartment and insulate the compartment from temperature and 
sound pressure differences between the two sides. Different types of seal geometries and 
rubber material can be used to achieve this. The seal stiffness affects the dynamic behaviour 
of the door and could result in squeak and rattle problems if not designed correctly. Relative 
displacement between the door and the seals can also be a source to squeaking noise. A 
common problem in winter conditions at sub-zero temperatures is when humidity on the 
seal surface freezes and cause the seal to stick to the door, with the risk of ripping the seal 
when the door is opened. In order to avoid this, different kinds of consumer lubrication 
products can be applied to the seal surface. By doing this the contact conditions between the 
door and the seal will change. To analyse the affect of different contact conditions and 
relative displacement, measurements and simulations of a seal segment compressed by a 
metal plate have been performed. The study showed that different contact conditions can 
affect the desired seal function by altering the resulting seal shape during compression, and 
that the energy relaxation is an important aspect when establishing the long term stiffness. A



stick-slip phenomenon generating audible sound was generated by translating a metal plate 
along a car door seal. A difference, governed by the surface properties of the rough metal 
plate, between the static and the kinetic friction allowed the seal to stick to the translating 
surface and release its charged elastic energy in a sliding repelling motion creating an 
audible sound pulse. The frequency of this stick-slip oscillation was found to be linearly 
dependent on the plate speed and the static friction was found to be dependent on the plate 
speed. FEM simulations confirmed that a difference between the static and the kinetic 
friction could result in a stick-slip vibration. 
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1 INTRODUCTION
In daily life sound is a vital dimension for the perception of the world around us but can in 
some cases be considered as annoying, irritating, or even harmful. Sounds that can be 
considered as harmful are nowadays well defined but if a sound is to be considered as 
irritating or not, is more a matter of subjective opinions. Sound waves consist of oscillating 
pressures in gases or liquids and are created by e.g. fluctuating mechanical surfaces 
(loudspeakers), turbulent airflow (organ pipes) or chemical reactions (explosions). When a 
mechanically driven fluctuating air pressure is created a process including a generation 
mechanism, a transmission/propagation path, and finally a radiating part is involved [1]. In 
the production industry or at the product user end, noise is often related to a variety of 
translating or rotating machinery parts. An oscillating rotor can generate vibrations and 
excite a radiating foundation through its bearings or transmission. Sudden impacts, sliding 
parts and turbulent flows in gases or liquids are other noise generating sources which also 
can be present.
These are some examples of common unwanted noise sources which can affect us on a 
physical or mental level. The noise source problem can be addressed in two ways, either by 
attenuating the noise level by measures of sound insulation or by finding the source of the 
problem making it possible to redesign the sound excitation process. The latter approach has 
been the aim of the work presented in this thesis and the work has been focused on 
measurements and modelling for two different cases.  
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Fig 1 (a) : Drawing of a milling machine spindle. (b): Section of a compressed seal mounted on a 
frame. (c): Mounted seal in a car 

In the first case study, a rotor of a milling machine spindle, Fig 1 (a), capable of producing 
excessive tool vibrations and harmful noise levels was studied. The following chapters of 
this thesis introduce the readers to the research problems of milling machine vibrations and 
spindle measurements. The thesis then continues by describing different non-contact 
measurement methods and, in particular, the theoretical background and problems 
associated with Laser Doppler Vibrometry (LDV) when applied to rotating targets such as 
milling machine spindles. A method for solving these LDV problems is presented together 
with a method for milling machine spindle analysis using inductive displacement sensors 
and electromagnetic excitation substantiated by FEM simulations. 
The second case study addresses a problem with a mid frequency squeaking noise 
originating from the contact between a sealing system and a car door, and the seal dynamic 
contribution to the overall dynamic, Fig 1 (b, c). The research problem is presented and 
exemplified with field measurements and laboratory tests of a seal segment compressed by a 
metal plate representing a car door. A FEM model based on material models fitted to 
measured elastic and viscous properties of the seal rubber compounds are used to simulate 
the seal behaviour.  The friction behaviour for different sliding speeds is measured and the 
result is compared with simulations. At the end the findings are discussed along with 
suggestions to future work. 
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2 MILLING MACHINE NOISE

2.1 Background
Rotating machinery plays a significant role in our modern life style and can be found all 
around us. Rotating machinery is important but its ability to produce noise is a well known 
problem and downside of their functionality. Rotating operations like milling are e.g. 
common in the automotive and aerospace industries where large metal work pieces are 
reduced to a fraction of their original weight in the creation of complex thin structures. A 
property highly associated with noise generation during this process is the machine tool 
vibration which can generate and expose machine operators to annoying and/or harmful 
sound levels. The vibration is not only a noise issue. It can also affect the production cost, 
rate and quality outcome of the produced product.
A common vibration problem in milling is called regenerative machine tool vibrations 
(chatter). Chatter can reduce the quality of a surface finish and damage a workpiece (down 
to the molecular level). Chatter can, except from noise, result in increased tool wear/failure 
and/or complex and costly machine tool failures and screaming noise. It is therefore 
important that the vibration level is kept under control. Chatter is self-excited machine tool 
vibrations which can be caused by a number of  physical parameters [2]. Chatter caused by 
friction, thermodynamics or mode coupling in the cutting process is called primary chatter. 
Secondary chatter is caused by the waviness of a machined surface and is considered to be 
one of the most important causes of instability in the cutting process. The secondary chatter 
phenomenon is a significant issue and has been addressed and modelled by numerous 
authors over the past decades e.g. [3-6]. The developed models predict a specific chatter 
free depth of cut for a specific spindle speed. The predictions are based on the spindle speed 
and the frequency response function (FRF) of the tool tip; assuming a rigid workpiece. The 
chatter free depth of cut is calculated for different spindle speeds which can be plotted as 
stability lobe charts. Fig 2 shows a typical stability lobe chart where the area above the 
curve represents production parameters which will result in an unstable process. The area 
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below represents a stable process. Increasing the depth of cut above the curve will generate 
regenerative chatter. 

Fig 2. Stability lobes: The area above the stability lobe curve represents a depth of cut which will 
generate chatter vibrations. Values below the curve will render in a stabile milling process. 

2.1.1 Research problems 
The FRF of the tool tip, which is used in the stability lobe calculations, is normally 
measured manually by tap-tests of a non-rotating (rpm=0) spindle/holder/tool system where 
the tool tip is excited by an impulse hammer and the response is measured by a vibration 
transducer. Stability lobes based on FRF measurements performed at 0 rpm are calculated 
for all spindle speeds. The assumption in this procedure is that the dynamics of the 
spindle/holder/tool system is independent of the spin speed. This is however not true for the 
case of high-speed-milling operations where the effect of gyroscopic moments and 
centrifugal forces can change the FRF [7-9]. The value of the depth of cut, in the 0 rpm 
based stability lobes, is only valid for the speed 0 rpm and not for other spindle speeds 
unless the FRF is speed independent. This inaccuracy can in some cases generate excessive 
tool vibrations exposing operators to unhealthy sound levels. In order to achieve spindle 
speed dependent stability lobes the FRF’s for each spindle speed must be inserted into the 
calculations. Performing tap-tests for all speeds would add an extra work environment risk 
of the operator performing the measurements. An alternative, safer excitation method for 
spindle analysis is therefore desirable. Knowledge of the origin of the speed dependency in 
the system dynamics can also give valuable information for spindle design and the 
possibility of a less noisy production process.
To retrieve this information, from a fully operating milling machine spindle, various 
measurement methods or modelling methods could be applied. Present measurement 
methods use displacement based response sensors and various types of excitation methods 
which are all in some way in contact with the rotor during the measurement procedure. 
Displacement sensors have a lower sensitivity to higher vibration frequencies than 
acceleration and velocity based methods. LDV is a velocity based method and is already 
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considered as a standard instrument for vibration measurement and would enhance the 
possibility of measure rotor vibrations. However, the method possesses limitations when 
applied to rotating targets though speckle noise and crosstalk between radial vibration 
components occur. A method for LDV measurement of rotating rotors has been developed 
[10] but is based on a multiple set of continuously measuring LDV’s. The possibility of 
using a single beam laser would reduce the investment in measurement equipment and make 
it possible to measure spinning rotors in, for example, situations where measurement from 
two directions is not practical. 

2.1.2 Research questions 
When analysing the presented research problem the following research questions emerged:

� Is it possible to measure radial vibrations of a spinning rotor using a single beam LDV 
without the disturbance of speckle noise and cross-talk? 

� How can a rotating spindle be excited and measured without violating safety 
regulations regarding human interaction with high-speed-milling machines? 

� What contributes most to the speed dependent spindle dynamic and hence to the noise 
generation mechanism? 

2.2 Rotor measurement 
Vibration measurements of spinning rotors can be carried out using inductive/capacitive 
displacement sensors or laser sensors. The first part of this chapter deals with a laser based 
vibration measurement technique applied on rotors and the second part with the task of 
measuring the frequency response function (FRF) of a rotating spindle. 

2.2.1 Laser Doppler Vibrometry 
Laser Doppler Vibrometry (LDV) offers a more sensitive velocity based vibration 
measurement technique than other non-contact measurements methods. The LDV registers 
the Doppler frequency shift  in the backscattered light and calculates the target velocity 
with the relation 

Df
2/�Dfv �  where �  is the laser wavelength. LDV is commonly used in the 

industry for vibration measurements. This technique has many advantages compared to 
traditional vibration measurements. For example, it is easier to use than accelerometers and 
it is often faster to use. The nature of the LDV system permits measurement without mass 
loading and allows a wide range of distances between the sensor head and the object (from 
millimetres up to several meters for the system used in this thesis). In theory the power of 
the laser and the reflectivity of the measurement object set the distance and hence the 
measurable object size limit. Vibration measurement of hot objects can be performed as 
well as measurements of small and light weight structures such as e.g. the tympanic 
membrane in a human ear [11]. The LDV technology can also be applied in other medical 
applications e.g. for teeth vibration measurements during drilling [12]. Another application 
of LDV is the measurement of sound wave propagation in transparent media like gases [13, 
14]. When a sound wave is propagating through a medium it changes the pressure. The 
changing pressure will affect the refraction index of the medium and hence modulate the 
laser frequency. This modulation is then interpreted as a vibration velocity by the LDV 
system. When applying a LDV measurement technique to rotating optically rough targets 
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two types of problems will occur. Speckle noise and a crosstalk component between 
vibration velocity components will be added to the measured velocity. 

2.2.2 Speckle noise 
When illuminating an optically rough surface with a laser, a phenomenon called speckle 
will occur. Speckles are bright and dark spots that can be seen in a reflected laser light. 
These spots are the result of superimposing light wavelets which are caused by differences 
in travelled path length, from light source to detector, due to the rough surface. A surface is 
considered optically rough if the surface structure exceeds the level of approximately half 
the wavelength of the light source, in this case 316 nm. The speckle phenomena is 
sometimes considered a disturbing noise but in other cases, like in TV holography [15], the 
speckles are used as the information carrier. For a non moving target the summarized 
wavelets are only seen as an added DC level to the detector signal. If the target starts to 
move this DC level will start to fluctuate according to the changing speckle population 
present on the detector. This results in speckle noise. The noise will modulate the phase of 
the laser light and add a noise to the detected Doppler signal. This noise level can be 
reduced by averaging due to its random behaviour.  
If a LDV measurement of a rotor spans a number of rotor revolutions the speckle noise will 
appear as peaks in the frequency domain at multiple integers of the rotational speed. This 
repeated random signal can not be removed from the measurement by averaging. If the rotor 
speed is constant and the measurement sequence is contains an numerous of revolutions the 
speckle peaks can easily be distinguished from ordinary structural vibrations due to their 
narrow peaky shape. The speckle noise peaks has a similar appearance to ordinary out-of-
roundness components which also are located in the frequency spectra at multiple integers 
of the rotational speed. The main difference between speckle peaks in the frequency domain 
and typical peaks originating from the out-of-roundness components is the decaying 
appearance with increasing frequency that the out-of-roundness components show (Fig 3).

Fig 3. Spectral components from LDV measurements. (A): Structural vibrations. (B): Rotor centre 
miss alignment (n=1) out-of-roundness (n=2, n=3,…). (C): Repeated speckle noise. (D): n=1 
illustrates the rotor miss alignment and n=2, n=3, … illustrate the out-of-roundness components of 
the rotor surface structure.

Removal of speckle noise in the measurement signal is important in order to improve the 
measurement quality. This topic has been previously addressed by other researchers where 
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optimization of the detector size and position within a vibrometer reduced the noise [16]. 
This method did however not completely remove the speckle noise. It has also been shown 
that the speckle noise in laser torsional vibrometry measurements can be removed by 
randomising the path that the laser light is undertaking during the revolutions. This is done  
by moving the laser along the shaft [17] or simply by adding a new surface structure. The 
latter strategy can be achieved by continuously applying oil or some other substances on the 
surface during measurement [18]. In theory, these techniques should also work for LDV 
measurements. Another approach to speckle noise removal is to reduce the surface structure 
and hence the speckle source. This approach was developed and presented in [19-21] (Paper 
I).

2.2.3 Crosstalk
The second problem, the crosstalk problem, also originates from the optically rough surface. 
The backscattered light is modulated by the in-plane displacement and will therefore be 
added to the out-of-plane velocity signal [10, 22-24]. The measured velocities of a rotating 
optically rough shaft in the two orthogonal directions, , , can be expressed as [10]: xv yv

)( 0xxyvy ���� �  (1) 

and

)( 0yyxvx ���� � , (2) 

where  and  are vibration velocities, x� y� x  and y  are the vibration displacements,  and 
are the distances to the spin axis due to alignment errors and 

0x 0y
�  is the total angular velocity 

including torsional vibrations.  and  are the desired velocity components for each 
direction. The methods for speckle noise reduction/removal described above cope with the 
specific speckle noise problem but are not able to neutralize the effect of crosstalk in a 
single beam LDV measurement. Consequently, the signal obtained during measurements 
under these circumstances will be a mix of the vibration components in both directions. A 
method for resolving the true vibrations in the two x- and y-directions using a setup of two 
simultaneously measuring lasers in both directions and an accurate measurement of the 
rotational angular velocity has been developed by Halkon and Rothberg [10]. The method 
does require a setup of two simultaneously measuring LDV systems in an orthogonal 
arrangement. In Paper II the cross sensitivity in the method developed and presented in 
Papers I is investigated experimentally. The crosstalk in LDV applied to a polished rotor is 
compared with the crosstalk present when measuring an optically rough rotor. As a 
reference, a set of inductive displacement sensors (DS) measured the position of the rotor in 
the x and y-direction (

x� y�

Fig 4). The rotor was excited by an electromagnet.  
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Fig 4. Crosstalk test. Sketch of setup used to examine the crosstalk in LDV on rotating targets. 

2.2.4 Force and FRF measurement 
During a milling process the cutting force and the frequency response function (FRF) at the 
tool tip are two important parameters that govern the limit for a stable cutting process. 
The cutting force can be measured indirectly by the use of a force plate1. The force plate 
measures the force on the work piece by measuring the force transferred by the work piece 
to the machine table. This procedure assumes that the work piece is rigid with no interfering 
modal properties.  

F
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Fig 5. Force and FRF measurement methods. A: Indirect cutting force measurement using 
inductive/capacitive displacement sensors. B: Indirect cutting force measurement using the AMB 
command voltage response. C and D: Speed dependent FRF measurement methods.

1 www.kistler.com 
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An alternative approach is to measure the force at the spindle side. In order to do this, non-
contact sensors measuring the rotor vibrations are used. Non-contact measurement of 
rotating milling machine spindles customarily use inductive and capacitive displacement 
sensors together with laser based displacements probes [2]. Albrecht et al. [25] describe an 
indirect method of cutting force measurement that uses capacitive or inductive displacement 
sensors. In this method, the transfer function between the force applied on the tool tip and 
the displacement from capacitive sensors mounted on the spindle close to the housing is 
measured for different spindle speeds. Different filters are calculated for each speed and 
applied to the displacement sensor signal to produce real time cutting force measurement 
data. Tap tests on a ball bearing mounted on the tool tip were used to excite the structure ( 
Fig 5A). Spiewak [26] presented an alternative accelerometer based cutting force 
measurement method where a milling cutter was instrumented with a 3-axial accelerometer 
inside the tool close to the tip. This method requires specially manufactured tools.  
For spindles equipped with active magnetic bearings (AMB), Auchet et al. [27] also 
outlined a method for indirect cutting force measurement based on command voltage of the 
AMB. The method used the relationship between cutting force and an increasing command 
voltage in the magnetic bearings in order to keep the rotor in place (Fig 5B). The 
relationship was established by measuring the FRF between a force (tap test) applied to the 
tool tip and the command voltage of the AMB. The FRF measured at 0 rpm as a predictor of 
the cutting force at high speed machining will, in the view of this author, be a source of 
error. Using AMB’s for measurement and chatter control purposes has been investigated. 
Knospe [28] looked at active chatter suppression through the use of AMB. Chen and 
Knospe [29] estimated cutting dynamics by both exciting the system and increasing the 
damping of the lathe tool using an AMB. Similar to exploiting the relationship between the 
AMB command voltage and the cutting force, methods which use the current in motorised 
spindles have been studied. For example, Jeong and Cho [30] developed a method where 
they improved the frequency range from earlier methods by a factor of two up to 130 Hz.
Knowledge about the tool tip FRF is important when calculating the stability lobes and 
optimizing the maximum depth of cut. When dealing with rotating dynamic systems like a 
milling machine spindle, especially during high speed machining, the FRF depends on the 
spindle speed. To achieve the spindle speed dependent FRF, the machine tool must be 
analysed in a rotating state that spans the whole range of spindle speeds intended for the 
operation. An experimental method for the prediction of stable cutting regions was 
presented by Schmitz et al. [31] which took into account the dynamic change that a rotating 
spindle undergoes. The method is based on impulse hammer excitation and capacitive probe 
response measurement of a tool rotating during different spindle speeds (Fig 5C). Stability 
lobes for a discrete number of spindle speeds are calculated and the limit value 
corresponding to the actual spindle speed used during the measurement is picked out to 
form a spindle speed dependent stability lobe chart. Experimental tests found that there is a 
changing stable limit of cut above 16000 rpm. Sims et al. [32] demonstrated a method for 
tool tip FRF prediction based on piezoelectric actuators and sensors mounted near the base 
of the tool (Fig 5D). The predicted FRF was compared with ordinary impulse hammer tap 
tests at the tool tip.



2.2.5 Spindle measurements 
In this thesis, a contactless dynamic spindle testing (CDST) instrument for measuring the 
speed dependency was used. The CDST uses inductive response measurement and 
electromagnetic excitation of the tip of a dummy tool (Paper III) for spindle testing. The 
tool tip FRF can be measured in the radial directions x and y without violating safety 
regulations regarding human interaction with high speed rotating spindles. 

Fig 6. Setup of the CDST measurement performed on the high-speed-milling machine. 

The rotor excitation was generated by electromagnets which were fed by a frequency step 
vice sine sweep coil current which generated a magnetic force that acted on the rotor. The 
rotor consisted of a specially manufactured dummy tool with a laminated rotor part 
designed to reduce the energy losses caused by eddy current effects. In each radial direction 
two electromagnets (on opposite sides of the rotor) worked together in attracting the rotor to 
cause the excitation. Two types of milling machine spindles were tested using this 
measurement method. Fig 6 shows the measurement setup of the CDST measurement of the 
high speed spindle. During the measurement procedure the spindle was lowered, thereby 
inserting the dummy tool into the CDST measurement unit. 
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2.3 Rotor modelling
In Paper III appended in this thesis an investigation into the spindle speed dependency by 
means of numerical simulations is presented. The simulation examined the influence of the 
gyroscopic moment of the rotor and the centrifugal effects in the ball bearings on the eigen-
frequencies of the spindle. In the field of rotor dynamic many authors has contributed the 
analysis of a milling machine spindles. In 1976 Nelson and McVaugh [33] presented a FEM 
formulation of a rotor bearing system based on the Euler Bernoulli beam theory where the 
effect of gyroscopic moments and centrifugal forces is included. Zorzi and Nelson [34] later 
added internal damping and in 1980 Nelson [35] presented another formulation based on the 
Timoshenko beam theory which factored in shear deformation effects. Xiong et al. [8] 
presented a way of combining this FEM representation and  the milling cutting force model 
formulated by Altintas [4]. The model, which only consisted of the rotor, predicted that the 
gyroscopic moment would not affect the stability regions in milling but would increase the 
real part of the eigen-frequency and thus reduce the axial depth of cut. The model also 
predicted a change in spindle resonance frequencies of about ± 10 Hz. Wang and Chang 
[36] presented a modelling method based on FEM. The model did not include rotation and 
therefore centrifugal forces and gyroscopic moments were not considered. Chi-Wei Lin et 
al. [37] integrated a thermo-mechanical-model into the Timoshenko FEM description. 
Numerical and practical experiments verified an increase in bearing stiffness with increasing 
bearing preload. The work also predicted a softening of the spindle shaft with increasing 
spindle speed. It was suggested that the softening of the bearing radial stiffness due to speed 
could be compensated for by the thermally-induced preload. Cao and Altintas [9] presented 
a general method for the modelling of a spindle bearing system which included the axial 
coordinate plus a corresponding spindle speed and preload dependent five degree of 
freedom bearing stiffness matrix. They also reported about a simulated rotor softening with 
increasing speed. The numerical simulations presented in Paper IV were based on the FEM 
formulation described by Nelson [35] and were extended by including a separate mass and 
stiffness radius together with a stiffness radius dependent shear deformation factor [38]. A 
second order homogeneous differential equation was used to describe the dynamical system; 

� 	
 � � 	
 � � 	
 � 
 �0���� qKqGqM ���  (3)

where , � , and �  are the system matrixes of a shaft element (Appendix in Paper III). 
The rotor spin speed is denoted  and 

� 	M 	G 	K
� 
 �q  is the generalized coordinates of the FEM 

assembly. The assembled second order homogeneous differential equation was transformed 
into a first order differential equation, using the state vector notation described in [39]. The 
equation of motion could then be rewritten as: 
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2.3.1 Spindle model 
In the simulation of the milling machine spindle a reduced model without the machine 
foundation and spindle housing was used. The rotor included the spindle shaft, motor 
package, inner bearing rings, tool holder and dummy tool. The rotor was divided into FEM 
elements and speed dependent bearing stiffness was added to nodes corresponding to the 
bearing positions. Apart from the illustrated radial stiffness of the bearings, an angular 
stiffness component and a cross coupling term are included in the model. The bearing 
stiffness within the speed interval 0, 2000, 4000, …, 24000 rpm were calculated. The 
bearing stiffness calculations were performed by SKF with their in-house developed 
software “Bearing Beacon”. The bearing stiffness in the x-direction for different spindle 
speeds in relation to the stiffness at 0 rpm are plotted in Fig 7 (a). The plot shows that the 
stiffness of the back bearing decreased to a level of 62% of its original (0 rpm) value when 
the speed was increased to 24000 rpm. The corresponding value for the front bearing was 
38%. This bearing softening was caused by the centrifugal force which acted on the balls by 
displacing them axially and radially. In doing this, an extra spring is added in series with the 
normal Hertzian contact spring. The shape of the stiffness variation of the bearings can be 
seen in the eigen-frequency variation of the bearing related modes measured by the CDST 
(Fig 7 (b).

2.3.2 Simulations and measurement results 

Fig 7. (a): Changes in bearing stiffness in the x direction with increasing spindle speed. (b): 
Measured FRF’s for different spindle speeds. Bright colours represent larger magnitudes. Black 
lines in the graph depicts the simulated changing eigenfrequencies.

The simulated eigen-frequencies and the CDST measured FRF can be seen in Fig 7 (b). In 
Graph (b) overlaying the CDST measurement the gyroscopic effect of the rotor can be seen 
where each mode splits up into a backward and a forward mode. In this case, the effect of 
the centrifugal force acting on the balls in the bearings had a more significant influence on 
the eigen-frequencies than the gyroscopic moment, for all modes except for mode 3. Mode 3 
was detected as a pure rotor model (se LDV measurement in Paper III) and was not affected 
by the characteristic of the changing bearing stiffness. With the speed dependent bearing 
stiffness a reduction of the eigen-frequencies of the first and second modes of about 40% 
and 37% could be detected. The change caused by the gyroscopic effect was only 
approximately 1%. 
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2.3.3 Stability lobes for different spindle speeds 
By using the speed dependent FRFs, stability lobes could be calculated for each spindle 
speed. When applying the method presented by [31] the depth of cut of a certain spindle 
speed can be picked out. Fig 8 shows stability lobe calculations2 based on different FRFs 
measured during different spindle speeds. The thick black curve represents the stability limit 
calculated when based on the FRF measured at 0 rpm. Black thin curves are based on FRFs 
measured during speeds in the intervals 2000, 2000, 4000,…,24000 rpm. Circles with a dots 
mark the speed dependent depth of cut for the speeds 10000, 12000, 14000,…,24000 rpm. 
For milling, based on 0 rpm stability lobe predictions, the depth of cut could be increased if 
the doted circle is above the thick black (0 rpm) curve. If it’s below the curve chatter 
vibrations will occur. The example in Fig 8 illustrates the importance of investigating the 
speed dependency in FRFs when performing predictions of high-speed-milling machine 
stability. Correct predictions can mean avoidance of chatter vibrations or identification of 
speeds where the depth of cut can be increased.

Fig 8. Stability lobes calculated for different spindle speeds. The black thick curve is based on 0 
rpm FRF. Black thin curves are based on FRFs measured at the speed intervals of 2000, 4000, 
6000,…,24000. Dotted circle represent the speed dependent depth of cut picked out from stability 
lobes based on FRFs measured at that specific speed. 

                                             
2 The stability lobes were calculated by Sandvik Coromant using CutPro. 
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3 FRICTION INDUCED NOISE 

3.1 Background
Friction induced sounds are often labelled as unwanted noise but are in some cases a 
desirable phenomena. The sound generation mechanism of a violin is such an example 
where the violin bow generates a stick-slip motion with the strings. When handled correctly 
the noise characteristic of the sound could change into something pleasant [40]. Friction 
induced noise are governed by the dynamic properties, surface properties and the motion of 
the two bodies in contact. An incorrect design of these parameters can generate a dynamic 
instability and noise e.g. in a disk-breaking system [41]. Friction induced noise can also be 
produced by mechanical impact when two surface structures are sliding along each other. 
As a consequence of this the surface structure of a body could be evaluated for some cases 
by means of measuring the friction induced sound produced by the sliding impact of two 
surfaces [42]. These are some examples of friction induced noise where sliding contact 
between two bodies generate sound. In this part of the thesis a squeaking noise originating 
from a car door sealing system is addressed. 
Squeak and rattle problems are common in multi-part complex products like automobiles, 
and can occur where non-rigid connections or small gaps between different parts are 
present. The rattle sound is related to impact excitations in the normal direction while 
squeaking sounds are generated by in-plane relative displacements. The relative 
displacement between rubber and glass, e.g. in windshield wipers or in movable glass 
sealing systems, are examples of contacts where squeaking sounds can be produced due to 
stick-slip phenomenas [43]. Another car- related, non rigid contact capable of producing 
sounds is the contact between a door and a frame. The door and its frame are usually 
separated by a sealing system designed to protect the parts from each other and seal the 
compartment from the exterior environment. The seal must be able to uphold a contact 
pressure for all types of conditions to prevent water and dust to penetrate the compartment. 
The seal must isolate the compartment not only from temperature differences but also from 
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sound pressure differences normally associated with traffic or wind noise. Numerous 
authors and groups have studied the behaviour of car door sealing systems during the past 
decade. Wagner et al [44] presented a FEM based study where the CLD (compression load 
deflection) response with respect to water leakage and wind noise were studied. The wind 
noise issue was also studied by Li [45] and presented in a licentiate thesis. Gur and Morman 
[46] studied the transmission loss and found a strong correlation to the compressed seal 
shape. The dynamic contribution of a sealing system to NVH (noise and vibration 
harshness) applications has been studied by Stenti et al. and presented in three different 
studies [47-49] where the latest took the viscoelastic properties of the rubber into account. 
The viscoelastic behaviour was also studied with respect to vehicle vibrations by Dikmen 
and Basdogan [50].  
Due to the fact that the car door seal contact is non-rigid the possibility exists that a relative 
movement between the two bodies could generate sounds. The most obvious case is the 
door closing procedure. The sound of the door closure is often considered from a quality 
perspective. Stubbs and Bennetts [51] presented a study regarding this issue, where they 
assessed the affect of door seals on the perceived sound quality of a door closure. In the 
closed phase relative movements can generate sound often classified as squeak and rattle 
noise. Kuo [52] presented a study of this problem where a high correlation between squeak 
and rattle performance and diagonal door displacement and opening and closure procedures 
were found. In [53], Kuo and Mehta presented a case study of  squeak and rattle 
performance with respect to seal stiffness. No specific stiffness related trend was reported 
from their study. 

3.1.1 Research problem 
Friction induced noise in sealing systems are a problem that could result in costly and 
unnecessary redesigns or ad on solutions in order to remove the problem.  
The following example illustrates a friction induced noise problem being generated while 
displacing a car door relative to its sealing system. In Fig 9 the result of a LDV 
measurement of a seal tube is shown. In this example the car door is opened slightly and 
then closed during approximately one second, resulting in a small sliding motion and a 
decompression and a compression of approximately 5mm back to its nominal value. The 
first burst of stick-slip pulses on the left side of graph (a) shows the measured velocity 
during this phase. The second burst on the right side shows the recompression and closing 
phase of the door.  Graph (b) shows a zoomed part of the stick-slip pulses of the closing 
compression phase. The stick-slip motion of the seal resulted in audible sound impulses. 
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Fig 9 LDV measurement of seal tube stick-slip motion. (a): Seal decompression and compression. 
(b): Zoomed part of the compression phase.   

To be able to construct and design a noise free sealing system, knowledge about how the 
different parts in the system behave and interacts with each other are important. The 
properties of the materials used in the seal must be known for different frequencies and 
strains in order to be able to recreate different dynamic events. The temperature dependency 
of the rubber must also be known in order to be able to predict the behaviour of the seal in 
warm and cold environments. How different contact conditions, e.g. due to humidity, 
governs the tangential friction forces is also an important issue that has to be addressed. In 
sub zero conditions (winter climate) a special case arises when humidity in the contact 
freezes and make the door stick to the sealing system. This problem is usually prevented by 
the user of the car by adding a lubricant to the seal surface. This procedure prevents the seal 
from sticking to the door but it also alters the contact condition.

3.1.2 Research questions 
Based on the above described research problem the following research questions has been 
addressed:

� How will the seal performance change if the contact condition changes e.g. with or 
without anti-freezing lubricants? 

� How can the observed friction induced noise be predicted? 
� What is the governing property of the observed stick-slip behaviour? 
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3.2 Seal measurement 
To investigate the stick-slip phenomena described in previous section a seal segment 
mounted on a carrying frame was installed in a CETR UTM multi-specimen tribometer test 
equipment3 together with a metal plate segment removed from a car door. The metal plate 
was mounted on a load cell measuring the normal and one tangential force (friction force) 
with a sample rate of 4 kHz. The measurement setup can be seen in Fig 10 (a). Two types of 
seal studies were conducted.

Fig 10 Measurement setup. 

3.2.1 Lubrication study 
The first seal study, presented in Paper IV, investigated the influence of anti-freeze 
lubrication on the reaction normal force when added to the seal surface. The normal force Fz
and the tangential force Fx was measured during a 2s 10mm compression, a 0.5s relaxation 
phase and a 2s 10mm  decompression. This procedure was performed with and without the 
anti-frees lubrication. The friction coefficient for the unlubricated case was established by 
the measured normal and friction forces during a sliding movement in the x-direction 
performed by the metal plate. The lubricated seal did not stick to the coated metal plate 
when compressed and the seal performed a sliding movement in the positive x-direction due 
to its asymmetrical shape se Fig 14 (c) in section 3.3.9. The friction coefficient was 
measured during this sliding movement. By adding a lubricant to the seal surface the 
friction coefficient was reduced from 0.4 to 0.15. The compressing plate consisted of a 
coated metal plate with a smooth surface structure (Ra = 35 nm).

                                             
3 www.cetr.com 
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3.2.2 Stick-slip study 
The second seal study (presented in Paper V) investigated the behaviour of a seal 
compressed by two different metal plates. After a relaxation phase of 120 seconds the plates 
were allowed to slide along the seal at different speeds. In this study a metal plate with a 
rough surface structure (Ra = 2.75µm) and a smooth surface structure (Ra=35nm) was used. 
The rougher plate originated from the car door associated with the stick-slip phenomenon 
described in the previous section. The static and the kinetic friction coefficient were 
measured for each plate speed.

3.3 Seal modelling 
To be able to predict the seal behaviour during door displacements a finite element model 
was developed in MSC.Marc r2005 [54]. The rubber FEM elements in the model were 
assigned material properties based on experimental data.  

3.3.1 Lubrication study 
In the first seal study (Paper IV) the material properties were measured by applying a strain 
ramp during a 2 second with a 50% strain rate. Tensile, compression and volumetric 
compression tests were performed. The viscous part of the rubber material was estimated, in 
a low frequency sense, by measuring the relaxation after the 2 second ramp input strain. The 
simulation was performed with approximately 50 time steps per second. A 2D FEM model 
was used to simulate the seal. A bilinear friction model implemented in MSC.Marc and the 
measured friction coefficients µs=0.4 and µk=0.15 was used to simulate the two contact 
conditions.

3.3.2 Stick-slip study 
In the second seal study (presented in paper V) the frequency response of the viscous part 
was measured by a 1% strain amplitude sine sweep signal ranging from 0.01 Hz to 46.4 Hz. 
An assumed strain level dependency of the mechanical structure was compensated for by a 
parameter scaling the viscous elements of the mechanical structure. A 3D seal FEM model 
with a stick-slip friction model was used to simulate the compression and the sliding 
contact. Measurements of the kinetic and static friction coefficients were used as input to the 
friction model.  

3.3.3 Seal design 
The seal studied in paper IV and V consisted of two types of rubber, a dense rubber and a 
foam rubber. The dense rubber formed the base of the seal armed with a spiralling metal 
cord. The base was, clamped to a car door frame and the cord was thereby deformed which 
preserved the clamping pressure to the frame. The upper part of the seal consisted of a foam 
rubber bulb (Fig 10), designed to deflect and deform when compressed by a door. The foam 
rubber consists of a rubber compound with confined air cavities while the dense rubber 
consists of solid homogeneous material.   

3.3.4 Mechanical rubber model
There are two basic types of mechanical models. The Maxwell model, with a spring and the 
dashpot in series, Fig 11 (a), and the Kelvin-Voight model with a spring and a dashpot in 
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parallel, Fig 11 (b).  is the spring modulus and iE �  is the dynamic viscosity of the dashpots 
for a typical length dimension  were  is the cross section area and  is the initial 
sample length.   

olAL /� A 0l

Fig 11 Mechanical models. (a): Maxwell. (b):Kelvin-Voight.(c): Generalized Maxwell  

Rubber is a viscoelastic solid with both viscous and elastic properties. In this thesis the seal 
rubber is represented by a generalized Maxwell model including a sum of parallel Maxwell 
elements, Fig 11. The first viscosity is set to infinity ( ��0� ) to represent the long term 
modulus of elasticity. The time dependent force [55, 56] of the Maxwell model  is given by 
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were the sum of the viscous part is called the relaxation function. In the frequency domain 
the complex modulus  of the generalized Maxwell system is a sum of the storage 
modulus

� �!"K
K #  and the loss modulus K ## [56] 
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 (7) 

If the frequency dependent storage or loss modulus is known the elasticity E and the 
viscosity �  of each spring and dashpot can be determined by a curve fitting procedure [49].  
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3.3.5 Measurement of rubber properties 
In this thesis two sets of seal measurements have been conducted to establish the rubber 
properties of the seal. The first measurement set measured the rubber properties in a quasi 
static sense by applying a constant strain ramp during 1 second. The second set measured 
the loss factor of the rubbers up to 46.4 Hz to predict the elastic and viscous components of 
the materials. 

3.3.6 Tensile and compression material tests 
In Paper IV the seal was examined during 1 second deformation tests. To measure the 
material properties which would feed the simulation tool MSC.Marc tensile, compression 
and volumetric compression tests were conducted by applying a constant strain rate during 
one second [57-59]. A Neo-Hookean and an Ogden based Foam material model [59] was 
used to represent the two rubber types. In Fig 12 an example of a tensile test is shown were 
a one second ramp step is used. The strain function is plotted in graph (a) and a typical 
stress response in graph (b).

Fig 12 (a): Applied strain. (b): Measured response (c): Theoretical unit step response 

The first part of the stress response between 0 and T seconds are used to calibrate the 
material parameters of e.g. a Neo-Hookean model. The remaining relaxation of the material 
after t=T, see graph (b) was used in the simulation tool to relax the material elements after 
the one second deformation. In reality the relaxation of the dashpots start immediately when 
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the elongation of the test sample starts. This relaxation phase of the sample before t=T is 
therefore included in the curvature shaped stress response before t=T that the material 
model is fitted to. To include higher frequencies in the material model the response to a 
perfect unit step strain function would preferable. A unit step is however impossible to 
produce in real life and therefore another method must be applied. 

3.3.7 Dynamic material test
If dynamic events are to be analyzed the true step response must be used to relax the 
material in the simulations. In paper V the loss factor of the rubber materials was measured 
in a DMA Q800. The material samples were subjected to a sinusoidal sine sweep excitation 
in the range 0.01 to 46.4 Hz with a strain amplitude of 1%. An average of the measured loss 
modulus for each rubber type was used to fit the complex part K ##  of equation (7) to the 
measured loss modulus data. The resulting curve fitting parameters andiE i�  was used in 
equation (6) to estimate the step response of the material. The long term modulus of 
elasticity  was extracted from the relaxation measurements performed previously in the 
study reported in Paper IV.

0E

3.3.8 Mechanical structure scaling 
A strain amplitude of 1% was used to extract the parameters of the Maxwell mechanical 
model. The mechanical model was then used to simulate the behaviour of seal exposed to, 
on a FEM element level, higher compression and tensile strains. The modulus of a rubber 
compound is non-linear and dependent on the strain level applied. It would therefore be 
reasonable to assume that the predicted mechanical model parameters andiE i�  would 
change with different strain levels. To compensate for this source of error a reference 
measurement was performed where the seal was compressed 10 mm during 1 second, 
followed by a relaxation phase. The dynamic part of the mechanical model structure was 
scaled with a calibration parameter  introduced in the stress equation. a
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The long term modulus of elasticity was measured at a 50% strain level and the calibration 
of this parameter was not considered in this study. In Fig 13 the measured force in the z-
direction is plotted as a thick line. The simulation of the uncelebrated force response 
(dashed thin line) resulted in a higher force compared to the measurement. The thin solid 
line depicts the simulation result after the use of the calibration factor a=0.3.
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Fig 13 Force response in the z-direction after a 1 s 10 mm seal compression. (a):The thick line 
shows the force measurement. The dashed thin line (a=1) shows the uncelebrated result. The solid 
thin line (a=0.3) shows the calibrated result. (b): Zoomed part of the first 2 seconds.  
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3.3.9 Simulations vs. measurements 
The compression of the unlubricated seal, with a kinetic friction coefficient (µ=0.4), 
resulted in a seal shape where parts of the left side of the flexible seal bulb was deforms in a 
way that local buckling occurred (Fig 14 (a)). The seal model, which did not include the 
small air cavities within the foam rubber, could not represent this behaviour (Fig 14 (b)).
The lubricated case did not result in any buckling Fig 14 (c, d). In Fig 14 (e) a time series of 
discrete points during the compression illustrates the sliding of the upper seal part. Fig 14 (f, 
g) shows the 3D model used, in Paper V, in a deformed and undeformed state. 

Fig 14 (a): Compressed seal µk=0.4. (b): Simulation µk=0.4.. (c): Compressed seal µk=0.15. (d): 
Simulation µk=0.15. (e): Seal compression depicted with six discreet compression levels. (f): 3D 
model of an uncompressed seal. (g): Simulation µk=0.295 & µs=0.42. 

In Fig 15 (a) the simulated normal force Fz for the two different contact conditions is 
shown. For the unlubricated case the simulation over-predicts the force (Gray dashed line) 
by 28.1 % compared to the measurement due to the non existing buckling in the FEM 
model. The simulation of the lubricated seal, where no buckling was detected in the 
measurements, the predicted force showed a better result Fig 15 (a). The lubrication of the 
seal resulted in a reduced force in the z-direction by 49% which is illustrated in Fig 15 (a).
When performing the sliding motion of the rougher metal plate (Paper V) a stick-slip 
behaviour occurred similar to the one described in the research problem. The measured 
forces in the z- and the y-direction are plotted in graph Fig 15 (b) for a plate speed of 0.02 
mm/s and 10 mm/s. At 10 mm/s no specific stick-slip behaviour can be detected in the 
measurement (Fig 15 (b) grey line) while for the lower speed 0.02 mm/s (black line) in the 
same figure, a typical saw tool shaped friction force Fy can be seen. In Fig 15 (c) the 
measured forces during a plate speed of 2 mm/s are plotted with the corresponding 
simulations to the right in graph (d). When using the smoother plate no stick-slip behaviour 
could be detected (Paper V for detailed results). The simulation reproduced a stick-slip 
behaviour for speeds where a difference between the static and the kinetic friction was 
present. The rate of the stick-slip frequency was however over predicted in the simulation. 
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Fig 15 (a): Measured and simulated forces in the z-direction for two contact conditions µk=0.4 and 
µk=0.15. Seal shaped is included in the graph to depict the deflection shape related to each case. 
(b): Measured normal force Fz and the friction force Fy during a sliding plate motion of 0.02 mm/s 
(Black line) and 10 mm/s (Gray line) along the y-axis. (c): Measured normal force Fz and the 
friction force Fy during a sliding plate motion of 2 mm/s along the y-axis. (d): Simulation during a 
sliding plate motion of 2 mm/s along the y-axis.
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4 DISCUSSION
In this thesis measurement and modelling methods for sound noise source analysis have 
been presented. Two different case studies were addressed by applying advanced 
measurement and modelling methods with the aim of finding the generating mechanism 
governing the noise radiation. The first case study treated noise generating excessive tool 
vibrations of a milling machine and the second study treated a low frequency squeaking 
noise of a rubber seal/metal contact.   

4.1 Milling machine noise 
To improve the possibility of measuring milling machine tool vibrations or any other rotor 
vibration with a high accuracy a method for single beam LDV measurements on rotating 
spindles was developed. To analyse the dynamic response of a rotor and its speed 
dependency a method based on inductive displacement measurement, electromagnetic 
excitation and FEM was presented.

4.1.1 LDV on rotating targets 
The developed single beam LDV method for radial rotor vibration measurements requires a 
polished measurement surface. When using this method the measurement surface must be 
kept smooth and clean during the measurement procedure. When choosing material for the 
dummy tool, stainless steel is preferable. This type of material is non-corrosive and thus 
avoids corrosion problems which would lead to inaccurate measurement. The alignment of 
the laser is also a parameter that must be considered when using this method. It was 
however, found to be an easy procedure. Too large displacements could reflect the returning 
light away from the path of the emitted light and the aperture. This effect was, however, not 
detected in the measurements performed on the milling machines studied. The developed 
method has successfully been applied during live cutting in a study presented by K. Tatar 
and P. Gren [60]. 
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4.1.2 Rotor modelling 
The model, used in Paper III, is a reduced milling machine model. The machine foundation, 
spindle housing and parts belonging to the pre-load mechanism were not included. 
Consequently the bearing support was modelled as a rigid support. Rotor unbalance was not 
included in the simulation. The coupling between the holder and the spindle shaft and the 
coupling between the holder and the tool was not considered. The coupling was simply 
modelled as a rigid connection. This simplification resulted in a slightly stiffer spindle 
simulation. Inside the spindle shaft, mechanical components like the drawbar and springs 
are mounted. These parts are used to pull the tool and connect it to the spindle shaft. The 
content of the hollow spindle shaft could not be determined with a high degree of 
confidence and therefore the inner mass radius of the hollow spindle shaft was set to zero. 
The eigen-frequencies and gyroscopic moments could be affected by an inaccurate model of 
the mass distribution inside the spindle. The part of the integrated motor which is mounted 
on the spindle shaft was modelled as a mass without any stiffness properties. In reality, it 
may be that the motor part would add some stiffness to the shaft meaning that this 
assumption would result in a softer rotor in the simulation.

4.1.3 CDST
The CDST (contactless dynamic spindle testing) unit was able to excite the spindle and 
measure the frequency response in both radial directions simultaneously. The system 
requires that a dummy tool or a live tool with magnetic properties are used to be able to 
transfer the magnetic force field into a force acting on the rotating tool. It would be 
desirable if this procedure could be conducted on real cutting tools since this would simplify 
the measurement procedure of the speed dependent FRF including the cutter.

4.2 Friction induced noise 
To analyse the nature and the governing properties of the squeaking rubber seal/metal 
contact, laboratory tests were conducted together with FEM simulations. The FEM 
simulations were based on rubber material tests. Ordinary tensile-, compression-, and 
relaxation tests were conducted to study the seal behaviour for two types of contact 
conditions, dry and lubricated. Dynamic material tests were also conducted to predict the 
seal behaviour for higher frequencies. A sliding contact between a seal segment and a metal 
plate was measured and simulated for different sliding speeds to analyse the squeaking 
noise source.

4.2.1 Reduced reaction force 
By adding an anti-frees lubricant to the seal surface the kinetic friction coefficient was 
reduced from 0.42 to 0.15. The resulting seal reaction force was reduced to a level of 49% 
when lubricated. This force reduction can change the overall dynamics and possibly create 
NVH problems by reducing the pre-stress in e.g. the hinges and locking mechanism. It is 
also possible that other substances like dust and dirt can result in the same type of reduction 
of the seal reaction force.

4.2.2 Buckling and homogeneous material models 
In both seal studies presented in Paper IV and Paper V the rubber material models used are 
assuming homogeneous rubber materials. For the dense rubber this assumption is true but 
for the foam rubber with its confined air bubbles inside the material it is not true. When 
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compressing the seal with a kinetic friction coefficient of 0.42 the seal sticks to the surface 
and local buckling occurs when some air bubbles collapse. This buckling phenomenon 
reduced the produced reaction force and consequently the simulation, which assumed 
homogeneous materials, over-predicted the result. Buckling is also an unwanted effect since 
it increases the risk of seal damage.

4.2.3 Energy relaxation 
Rubber is a viscoelastic material and the stress within the material will relax after a stress 
exposure. In both seal studies presented in Paper IV and Paper V the dense rubber showed a 
greater relaxation compared to the foam rubber. A possible reason to this behaviour could 
be that much of the elongation in the foam rubber is handled by the deformation of the small 
scale air bubble structure while the molecules of the dense rubber is subjected directly to a 
greater extent to the rain causing the elongation.

4.2.4 Material tensile test 
During a tensile test the relaxation of the dashpot contribution starts immediately as the 
tensile strain is applied. The ideal case would be if a step strain could be produced at an 
instant time. This is however not possible and therefore the time for the tensile ramp to 
finish sets the limit for the upper frequency content of the test response. By using the 
stress/strain response of the test to calibrate the material models, the initial relaxation of the 
material will be included in the e.g. Neo–Hookean representation but will only be valid for 
that specific case. Other strain rates and strain levels requires new tests. The energy 
relaxation of the material assigned to the FEM elements in paper IV were measured after a 2 
second tensile test. However, when simulating a deformation of a more complicated 
structure like a weather strip seal, different elements in the FEM model would be subjected 
to different strain rates. Elements with less strain than 50% would be subjected to a lower 
strain rate and vice versa for elements with higher strains. 

4.2.5 Dynamic material test 
By performing the dynamic material property measurement, presented in Paper V, the strain 
rate problem is addressed. A limitation in the dynamic material response was the upper 
frequency limit of 46.4 Hz, meaning that the response above this limit is an estimation 
based on the measurement in the interval 0.1 to 46.4 Hz. The strain amplitude of the 
dynamic measurement is also an issue. In Paper V an amplitude of 1% strain was used to 
measure the material properties at different frequencies. Some FEM elements in the seal 
simulations were however subjected to higher strain amplitudes, e.g. 50%. The simulation 
over-predicted the force produced by the viscous part of the Maxwell model when the 
model was calibrated with measurements performed with a 1% strain amplitude (Fig 13).

4.2.6 Strain level dependency 
This over-prediction was assumed to be due to a strain level dependency of the Maxwell 
model. By introducing a parameter  the viscous part of the Maxwell model was calibrated 
to a reference measurement of a compressed seal. The ideal case would be if the strain level 
dependency could be included in the material model without calibration procedures.  

a

4.2.7 Contact conditions 
The same type of seals but different types of metal plates were used in the two seal studies. 
In the first study (Paper IV) a highly coated plate was used. No specific difference between 
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the kinetic and the static friction could be observed when measuring the friction coefficient. 
In the second seal study (Paper V) the highly coated plate was used together with a rougher 
metal plate. A difference between the static and the kinetic friction could be detected when 
sliding the rougher plate along the seal. When the rougher metal plate was allowed to slide 
along the seal, audible sound pulses matching the measured stick-slip pulses of the friction 
force could be heard. When decreasing the speed of the rougher metal plate the static 
friction coefficient increased. This difference between the static and the kinetic friction and 
the increasing static friction could be due to the time dependent viscoelastic rubber surface 
in combination with the rough metal surface structure. For slow speeds the viscoelastic 
surface of the rubber will have the time to drape the rougher surface of the metal plate and 
increase the mechanical grip and the active contact surface and hence the adhesion. In the 
case of the highly coated surface the mechanical grip and the active contact surface will not 
change to the same extent. The simulations confirmed that a difference between the static 
and the kinetic friction results in a stick-slip motion. The simulation could not reproduce the 
same amount of friction force as could be seen in the measurement, possible due to the 
absence of the small scale mechanical structure in the simulation.



5 CONCLUSIONS

5.1 Milling machine noise 

5.1.1 LDV method 
A method for single beam LDV measurements on rotors has been developed. The speckle 
noise in the measurement signal could be removed A crosstalk sensitivity study confirmed 
the theory of crosstalk in LDV on rotors and verified the developed method’s ability to 
eliminate crosstalk from in-plane vibrations. The result implies that sensitivity to torsional 
vibrations is eliminated. The developed single beam LDV vibration measurement method 
makes it possible to carry out LDV measurement of spinning rotors without speckle noise 
and speed dependent crosstalk from in-plane vibrations. The method can, as compared to 
other LDV methods, be applied where only one radial direction of the rotor can be accessed. 
The method requires that the measurement surface is polished to an optical smoothness i.e. a 
level less than half the laser wavelength.

5.1.2 CDST and FEM analysis 
By using the CDST measurement method, spindle analysis can be performed without 
violation of applicable safety regulations regarding human interaction with rotating milling 
machine spindles. The centrifugal force of the ball bearings was shown to have a more 
significant effect on the speed dependent dynamics than the gyroscopic moment of the rotor 
of the studied milling machine spindle. The speed dependent softening of the ball bearings 
changed the FRF and consequently the stability limit. In this case the softening reduced the 
chatter free depth of cut for higher spindle speeds, thus increasing the risk of generating 
chatter and noise.
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5.2 Friction induced noise 

5.2.1 Seal lubrication 
The reaction force produced by a seal is dependent on the geometrical shape and the seal 
material properties such as the elastic properties. Different contact conditions can affect the 
desired seal function by altering the resulting seal shape during compression. The energy 
relaxation is also an important factor that has to be considered when trying to find the time 
dependent seal performance. In order to predict excessive deformations of seal structures, 
e.g. during door slam analysis, the influence of the local stress levels on foam rubber 
cavities has to be taken into account. 

5.2.2 Stick-slip study 
A stick-slip phenomenon generating audible sound was generated by translating a rough 
metal plate along a car door seal. A difference, due to the surface properties of the rough 
metal plate, between the static and the kinetic friction allowed the seal to stick to the 
translating surface and release its charged elastic energy in a sliding repelling motion 
creating an audible sound pulse. As could be expected, the frequency of this stick-slip 
oscillation was found to be linearly dependent on the plate speed. The measured fully 
developed static friction µs was dependent on the plate speed and increased with decreasing 
plate speed until a specific value was reached. FEM simulations confirmed that a difference 
between the static and the kinetic friction could result in a stick-slip vibration. The 
simulation could not reproduce the same amount of friction force and hence the simulated 
stick-slip frequency was too high. 



6 FUTURE WORK 
If only one radial direction of a rotor is accessible, the developed single beam LDV method 
is suitable. The development of a method for measuring the hidden radial direction is a 
possible avenue for future work. If such a method could be developed, both radial directions 
could be measured without moving the laser. An investigation into crosstalk caused by miss 
alignment and out-of-roundness components together with high frequency measurements of 
milling machines also suggests itself for future work. Further studies can include the 
conversion of the CDST measurements from a dummy tool setup to a real cutting tool setup. 
The impact of the forward and the backward modes on the milling stability can also be 
investigated.

Elastomer material models assume a homogeneous material. The material is tested to 
establish the material model parameters. Foam rubber which consists of small confined air 
bubbles can collapse and buckle. Foam rubber is therefore not a homogeneous material in 
mm scale. Material models or specific FEM meshing strategies that takes these small scale 
structures into account have to be further studied. The dynamic properties for different 
conditions like strain levels and temperatures have to be added to the material model in 
order to be able to simulate different cases without calibration procedures for each case. In 
this study the door was assumed to be a rigid body and therefore the propagation of friction 
induced excitation of the car door and the sound radiation process must be studied further. 
The perceived annoyance by the friction induced noise is also an aspect which has to be 
addressed in the future. 
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7 APPENDED PAPERS 
Paper I 

M. Rantatalo, K. Tatar, P. Norman, Laser Doppler Vibrometry measurements of a rotating 
milling machine spindle, in: Proc of the Eighth International Conference on Vibrations in 
Rotating Machinery, Swansea UK, (2004) (2) 231-240. 

Summary: Speckle noise is a common problem when trying to measure rotor vibrations 
using Laser Doppler Vibrometry (LDV). This paper presents a method for solving the 
speckle noise problem with LDV when applied on rotors. The method allows a single beam 
LDV to perform speckle free measurements of rotor vibrations. The study was published in 
a peer reviewed I MECH E conference proceeding.
Work contribution: Matti Rantatalo, Kourosh Tatar and Peter Norman outlined the work. 
Matti Rantatalo performed the post processing and analysis of the data with the assistance of 
Kourosh Tatar. The LDV measurements were performed by Kourosh Tatar and Matti 
Rantatalo and the milling machine was operated by Peter Norman. Matti Rantatalo wrote 
most of the paper with the assistance of Kourosh Tatar and Peter Norman and presented the 
result at the Eighth International Conference on Vibrations in Rotating Machinery in 
Swansea UK.

Paper II 

K. Tatar,  M. Rantatalo, P. Gren. Laser vibrometry measurements of an optically smooth 
rotating spindle. Mechanical Systems and Signal Processing. 2007 ; vol. 21, nr. 4, s. 1739-
1745

Summary: When measuring an optically rough rotating surface using LDV, speckle noise 
will be present in the measurement signal together with a cross talk component from in 
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plane vibrations and will result in an incorrect measurement result. This paper presents a 
study of this cross-talk phenomena when the method for speckle noise removal presented in 
paper I is applied. The study shows that the tested method can remove the cross talk 
component and the method is therefore the only single beam cross-talk free LDV based 
method for rotating targets.  
Work contribution: Kourosh Tatar and Matti Rantatalo outlined the work with the 
assistance of Per Gren. Kourosh Tatar prepared and verified the dummy tool quality and 
performed the experiments together with Matti Rantatalo. Matti Rantatalo conducted the 
AMB measurements and Kourosh Tatar the LDV measurements. Kourosh Tatar performed 
the post processing of the data and the data was analysed together with Matti Rantatalo and 
Per Gren. Kourosh Tatar and Matti Rantatalo wrote the paper with the assistance of Per 
Gren.

Paper III 

M Rantatalo, J. O. Aidanpää, B. Göransson, P. Norman. Milling machine spindle analysis 
using FEM and non-contact spindle excitation and response measurement. International 
Journal of Machine Tools and Manufacture. 2007 ; vol. 47, nr. 7-8, June. s. 1034-1045 

Summary: When performing milling operations regenerated chatter is a problem which 
reduces the possible depth of cut and therefore the production speed. The regenerative 
chatter is dependent on the tool/spindle dynamic and the dynamic properties of the produced 
metal piece and describes the chatter free maximum depth of cut for different spindle 
speeds. This paper presents a method for analysing and measuring the dynamic behaviour of 
a spindle system using FEM simulations and contactless excitation and response 
measurement. The method was applied to a high-speed milling machine with a spindle 
speed capacity of 24000 rpm. The result shows how the spindle speed affects spindle 
dynamic and identifies the ball bearings, in the studied spindle, as the weakest link in a 
dynamic sense. 
Work contribution: Matti Rantatalo outlined the work and performed the CDST 
measurements and tap tests with the assistance of Peter Norman. Matti Rantatalo performed 
the post processing and the analysis of data. Matti Rantatalo implemented a FEM 
representation of the rotor bearing system and performed the simulations with the assistance 
of Jan-Olov Aidanpää. Measurement of the physical spindle dimensions was performed by 
the SKF spindle service and Bo Göransson at SKF performed the bearing stiffness 
calculations and wrote parts about the physics behind the speed dependent bearings. Peter 
Norman outlined the pre-load test together with Bo Göransson and wrote about procedure 
and performed the measurements with the assistance of Matti Rantatalo. Matti Rantatalo 
performed the LDV measurements of the mode shapes. Matti Rantatalo wrote most of the 
paper with the assistance of Jan-Olov Aidanpää and Bo Göransson. 

Paper IV 

Matti Rantatalo, Erik Preihs, Jens Carlevi, Ales Svoboda, Anders Ågren. Compression
measurement and simulation of a car door seal for dry and lubricated contact conditions.
To be submitted. 
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Summary: In the automotive industry rubber sealing systems is normally represented in 
dynamic models as simple springs at discrete positions. This spring constant is dependent on 
the rubber material properties and the geometrical shape of the seal. In winter conditions it 
is custom to apply different kinds of lubricants to the seal surface to prevent the sealing 
system to freeze and stick to the door, with the risk of tearing the seal when the door is 
opened. This paper presents a study of how this lubrication could affect the seal stiffness by 
comparing two different simulated and measured contact conditions. The properties of the 
foam rubber material used in a car door sealing system was measured and used as input in a 
FEM simulation of a 2D geometrical seal shape. The viscoelastic property of the rubber was 
measured in a low frequency sense in order to establish the long term energy relaxation of 
the seal when compressed. The result shows how the visco-elastic property and the 
lubrication reduce the seal stiffness. Collapsing air cavities, due to high local stress levels in 
the foam rubber, was also shown to be able to result in a decreasing stiffness level.
Work contribution: Matti Rantatalo outlined the work with the assistance of Erik Preihs 
and Anders Ågren. The measurements of the rubber material properties and the seal/plate 
contact condition were performed by Matti Rantatalo with the assistance of Jens Carlevi. 
Matti Rantatalo created the FEM model and performed the simulations with the assistance 
of Ales Svoboda. Matti Rantatalo wrote the paper and created the artwork with the 
assistance of the co-authors. 

Paper V 

Matti Rantatalo, Erik Preihs, Elisabet Kassfeldt, Aji Mathew, Ales Svoboda, Anders Ågren 
Measurement and simulations of friction induced vibrations in a car door seal. To be 
submitted

Summary: In an ideal case a sealing system of a car door should be fixed to the frame and 
the door for all kinds of conditions. In reality a relative displacement between the seal and 
the door can occur. When this happens, friction induced vibrations can be generated and in 
some cases be the source of sound radiation. This paper describes a study of two different 
types of car door metal plates performing a sliding motion along a seal segment. A stick-slip 
behaviour radiating audible sound pulses of one of the plates was detected in the 
measurements. The kinetic and the static friction was measured and used as input to a stick-
slip contact model used in the FEM simulations of a 3D seal model. A material model based 
on dynamic material property measurements was used. The sliding motion of the door was 
simulated and similar stick-slip behaviours could be detected. 
Work contribution: Matti Rantatalo outlined the work with the assistance of Erik Preihs 
and Anders Ågren. The measurements of the rubber material properties were performed by 
Matti Rantatalo and Aji P. Mathew. The measurement of the contact conditions and the seal 
behaviour was performed by Matti Rantatalo with the assistance of Elisabet Kassfeldt. Matti 
Rantatalo created the FEM model and performed the simulations with the assistance of Ales 
Svoboda. Matti Rantatalo wrote the paper and created the artwork with the assistance of the 
co-authors.
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Abstract

Laser doppler vibrometry (LDV) is a well-established non-contact method, commonly used for vibration measurements

on static objects. However, the method has limitations when applied to rotating objects. The LDV signal will contain

periodically repeated speckle noise and a mix of vibration velocity components.

In this paper, the crosstalk between vibration velocity components in laser vibrometry measurements of a rotating

dummy tool in a milling machine spindle is studied. The spindle is excited by an active magnetic bearing (AMB) and the

response is measured by LDV in one direction and inductive displacement sensors in two orthogonal directions

simultaneously. The work shows how the LDV crosstalk problem can be avoided if the measurement surface is optically

smooth, hence the LDV technique can be used when measuring spindle dynamics.

r 2006 Elsevier Ltd. All rights reserved.

Keywords: Laser vibrometry; Crosstalk; Speckle noise; Spindle dynamics

1. Introduction

To be able to fully investigate the behaviour of a rotating system, such as a milling machine spindle, it is
necessary to make measurements directly on the spindle during rotation. This can be done either by
electronically or optically based non-contact measurement methods such as capacitive displacement sensors
(DS) [1], laser distance sensors [2] or laser doppler vibrometry (LDV) [3]. The laser vibrometer is a powerful
tool for measuring vibration velocities. The nature of the LDV system renders measurements without
additional mass loading and allows a wide range of distances between the sensor head and the object (from
millimetres up to several metres and scanning angles of about 7201). However, two major problems occur
when performing LDV measurements on rotating objects; the presence of speckle noise and crosstalk between
vibration velocity components. In some cases, a tracking system can be used, where the laser beam follows the
rotating surface. Measurements on propellers and tiers have been demonstrated [4,5].
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Speckles are a random pattern of dark and bright spots formed in space when a diffusely reflective surface is
illuminated by coherent light (laser light). This is a result of superimposing wavelets of light with different
travelled path length due to the surface structure. The speckle noise from a rotating shaft is generated by the
moving speckle pattern on the LDV detector. This pattern is repeated for each revolution and will create a
repeated noise in the measurement signal, called pseudo vibrations [6]. Larger surface structures than half the
laser wavelength will result in fully developed speckles. It has been shown by prior authors that the speckle
noise level can be reduced or removed with different methods. By optimizing the target-detector separation
within a laser vibrometer the noise level can be reduced but not completely removed [7]. The speckle noise in
laser torsional vibrometry measurements can be removed by randomising the path that the laser light is
undertaking during the revolutions, either by moving the laser along the shaft [8] or simply by adding a new
surface structure. The latter can be achieved by continuously applying e.g. oil or some other substances to the
surface during the measurement [9]. In theory this technique should also work in laser doppler measurements.

The crosstalk problem can be described as an error-term in the measurement caused by a velocity
component due to the rotation [10–13]. The measured velocities of a rotating optically rough shaft in the two
orthogonal directions, vx, vy, can be expressed as [13]

vy ¼ _yþ Oðx� x0Þ (1a)

and

vx ¼ _x� Oðy� y0Þ (1b)

where _x and _y are vibration velocities, x and y are the vibration displacements, x0 and y0 are the distances to
the spin axis due to alignment errors and O is the total angular velocity including torsional vibrations. _x and _y
are the desired velocities to measure.

The methods for speckle noise reduction/removal described above cope with the specific speckle noise
problem but are not able to neutralise the effect of crosstalk in a single beam LDV measurement.
Consequently; the signal obtained during measurements under these circumstances will be a mix of the
velocities in both directions.

A method for resolving the true vibrations in the two x- and y-direction using a set-up of two
simultaneously measuring lasers in both directions and an accurate measurement of the rotational angular
velocity has been developed by Halkon and Rothberg [13].

In [3], it is shown that the speckle noise in laser vibrometry can be avoided by polishing the surface optically
smooth, i.e. the surface roughness is much smaller than the laser wavelength. The out of roundness was
measured and showed a good agreement with a mechanical roundness measurement. However, the crosstalk
was not investigated.

In this work, we investigate experimentally the crosstalk between the two directions (x and y), in laser
vibrometry measurements of a rotating spindle with a polished surface. The spindle is excited by an active
magnetic bearing (AMB) manufactured by SKF Revolve, and the response in the cross direction is measured
by LDV and inductive DS.

2. Experimental set-up and procedure

Fig. 1(a) is a photo showing the AMB mounted in the milling machine table and Fig. 1(b) is a sketch of the
AMB. The measurements were made in a Dynamite; 3-axis vertical table-top milling machine. The spindle (S)
is capable of speeds of up to 7000 rpm. The dummy tool (DT) was mounted in a Collet holder (CH) with a
Morse taper which was in turn mounted in the machine. The surface of the LDV measurement position (LMP)
was polished optically smooth. The surface roughness was measured to Ra ¼ 0:021 mm, using a Wyko NT1100
optical profiler (www.veeco.com). The surface could be made temporary rough by spraying it with a developer
for crack testing (paint). This paint could easily be removed without scratching the surface. The spindle was
harmonically excited by the AMB in the x- or y-direction with electromagnets (EM) at a cylindrical segmented
part of the dummy tool consisting of a ferromagnetic material (FM). The EM are arranged in two pairs
opposite to each other. The vibrations of the spindle in the y-direction were measured by the vibrometer at
LMP. Inductive DS within the AMB measured the displacements in the x- and y-direction simultaneously.
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The inductive DS are arranged in pairs, one pair measure the displacement in the x-direction and the other
pair in the y-direction. The sensitivity of the inductive DS are 110 mmV�1. The measurement range is 0–5 kHz
and the limiting gap between the rotating dummy tool and the DS is 150 mm.

A PSV 300 LDV system from Polytec GmbH including a displacement decoder was used.
The LDV scanning head was mounted on a sturdy tripod and placed 1m from the polished
dummy tool. Specular surfaces obey the law of reflection; angle of incidence ¼ angle of reflection.
For successful measurements on a specular surface the laser vibrometer must be aligned properly
with the target rotation axis. In practice, the arrangement was aligned by looking at the reflected laser
light. A paper sheet with a hole for passing the laser beam was mounted on the scanning head. The
laser beam was focused on the polished surface behaving like a cylindrical mirror. The reflected light
sheet was adjusted so that the central part passed the aperture of the scanning head. The signal quality
indicator of the LDV system showed a very high value at all spindle speeds so no dropout errors were
present at the measurements. The LDV system was set up to perform sampling with a frequency
of 32 kHz. The LDV sensitivity was set to 5mm s�1 V�1 during the measurements on the smooth surface. The
sensitivity was then decreased to 25mm s�1 V�1 when measuring on the rough surface to avoid overloads due
to the increased signal energy caused by the speckle noise. The measurement ranges were 10 and 31.6V,
respectively.

Five different spindle speeds, 700, 1400, 2800, 5600 and 7000 rpm were studied.
The presence of speckle noise was examined in the frequency domain of the LDV output during free run,

which means that no forces where applied by the AMB.
The eigenfrequencies of the dummy tool/spindle were extracted from the frequency response functions

shown in Fig. 2, using the AMB controlling system software. Three different excitation cases were examined;
excitation close to the first eigenfrequency of the tool spindle system (400Hz), excitation above the first
eigenfrequency (700Hz), and excitation at the rotation frequencies.

The fact that the LDV and the DS measure at different positions along the z-axis (Fig. 1(b))
will give different signal amplitudes. The dummy tool was exited in the y-direction and the
displacement sensor output and the LDV output where compared. The velocity (differentiated displace-
ment) at the displacement sensor is about four times greater than at the laser measurement point
(LMP) at all measured spindle speeds during 400 and 700Hz excitation. When the excitation frequency
coincides with the rotation frequency the recalculation factor is about seven. Henceforth, the data from the
displacement sensor is recalculated to the LMP.

The crosstalk in the LDV measurements of a rough and polished rotating shaft was studied.
For each case, the shaft was excited with different frequencies in the x-direction for the complete set of
spindle speeds.
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Fig. 1. (a) Photo of the set-up. Active magnetic bearing (AMB), collet holder (CH), dummy tool (DT), LDV measurement point (LMP)

and spindle (S). (b) Schematic representation of the AMB. Displacement sensor (DS), electromagnet (EM), ferromagnetic material (FM).

K. Tatar et al. / Mechanical Systems and Signal Processing 21 (2007) 1739–1745 1741



3. Results

Measurements were first performed at free run. Fig. 3 shows the displacement amplitudes of the 2–19th
rotational harmonics of the polished dummy tool. The amplitudes are independent of spindle speed and are
rapidly decaying, which indicates that they are not caused by random speckle noise. The profile of the polished
measurement surface is not perfectly round. The actual deviation from a perfect circle will be recorded by the
LDV. These roundness components are seen in the FFT as rotation harmonics. The third harmonic has the
highest value, which means that the triangular component is the dominant one. By band-pass filtering the
displacement signal it is possible to reconstruct the profile of the surface [3]. An independent measurement (at
a later time) of the surface using a mechanical roundness tester (C E Johansson) confirms these peaks and
some scratches. The scratches are also confirmed by the surface profile measurements performed by the Wyko
equipment. Otherwise, the surface was optically smooth (Ra ¼ 21 nm).

To examine the crosstalk, the dummy tool was excited in the x-direction (cross direction to the LDV) at 400,
700Hz and at the rotational frequencies. In each case, two sets of measurements were made; firstly on the
polished dummy tool with an optically smooth surface and secondly on the dummy tool after being sprayed
with paint to give an optically rough surface. Fig. 4 illustrates the effect of crosstalk in LDV measurements of
a rotating rough surface for different spindle speeds. The vibration velocity measured on the dummy tool after
being sprayed with paint (triangle up) shows a spindle speed dependant crosstalk as expected from Eq. (1),
while the same measurements on the smooth surface (triangles down) does not. The outputs from the
displacement sensor (DS) in the y-direction for both sets of measurements (smooth and rough measurement
surface) are also presented in the graph (square and pentagram). The signal to noise ratio was checked to be
43 dB in a typical case for the inductive DS. The differentiation of the signal was performed in the frequency
domain at the excitation frequency. Inserting the signals from the DS _y and x into Eq. (1a) results in the
expected velocity from the vibrometer when the surface is rough (circle). Numerically there is a good
agreement between the calculated and the measured velocity. In (a), the excitation frequency is at 400Hz and
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the displacement and velocity amplitudes in the x-direction are about 6 mm and 15,100 mms�1 at the LMP,
respectively. In (b), the excitation frequency is at 700Hz and the displacement and velocity amplitudes in the
x-direction are about 4.5 mm and 19,800 mms�1 at the LMP, respectively. Despite the different excitation level
and frequency the results in (a) and (b) are consistent. There are some differences between the LDV output
from the measurements on the optically smooth surface and the velocities obtained by the displacement sensor
in the y-direction (triangle down and square). These differences are due to a small misalignment (few degrees)
between the LDV and the displacement sensor in the y-direction. The sensitivity to misalignment has been
checked by calculations. Since the excitation in the x-direction is comparatively large, even small misalignment
angles do change the level of the output considerably. For example, the difference in (a) can be compensated
by an angle of about 4.51. In (c), the dummy tool was excited at the rotation frequencies, 11.7, 23.4, 46.7, 93.3
and 116.7Hz. The vibrometer output from the measurements on the smooth surface shows no crosstalk and
follows the differentiated displacement sensor output. The crosstalk effect lowers the vibration amplitude level
in this case contrary to the previous two excitation frequencies. This shows that the crosstalk can result in
either a higher vibration level or a lower one than the correct one.

4. Discussion

The laser beam alignment is one of the most important and critical step in rotating components
measurement. In this study, the laser vibrometer must also be aligned with the inductive DS for comparison.
Further the amplitude of the orthogonal excitation displacement is even more important when studying the
crosstalk problem, which means that the inductive DS measuring the displacements in the cross direction must
be perfectly orthogonal to the laser vibrometer. This task showed to be difficult to overcome. The inevitable
instrument angular misalignment was though minimised by try-and-error which was time consuming. The
actual value of the angular misalignment is unknown and difficult to control now afterwards. Backward
calculations estimate the misalignment to be about 4.51 in Fig. 4(a) which is not unreasonable. However, the
objective of this paper is to investigate the crosstalk in laser vibrometry measurements on an optically smooth
rotating spindle. The crosstalk is angular velocity dependence and even small displacements in the orthogonal
direction result in amplitude differences for different but still high spindle speeds. Despite the systematic
misalignment error the laser vibrometry measurements show no such spindle speed dependence. The
differences between the level of the laser vibrometry measurements and the level of the displacement sensor
outputs associated with the instrument misalignment, noise and measurement error should not interfere with
the crosstalk investigation.

It is shown that the crosstalk can influence the vibration measurement producing a vibration level increase
or decrease with respect to the correct level. The latter trend can be explained by the following example.

Suppose that the displacements are

x ¼ Ax sinðotÞ (2)

and

y ¼ Ay sinðotþ jÞ (3)

where o is the vibration frequency and Ax and Ay are the displacements amplitudes. Differentiating (3) gives
the translational velocity in the y-direction

_y ¼ Ayo cosðotþ jÞ. (4)

Inserting expressions (2) and (4) into (1a) and neglecting the alignment error x0 gives the measured velocity

vy ¼ Ayo cosðotþ jÞ þ OAx sinðotÞ. (5)

If the vibration frequency is equal to the rotation frequency, o ¼ O and if the phase difference between the
displacements in the x- and the y-direction is 901, the measured velocity (5) becomes

vy ¼ OðAx � AyÞ sinðOtÞ (6)

and in the worst case; when the amplitudes Ax and Ay are equal the LDV output becomes zero.
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5. Conclusions

Laser vibrometry is normally used on stationary vibrating objects, although synchronous tracking of the
laser beam with the moving surface has been tried in number of cases by others. But to measure vibrations of a
rotating spindle necessitates that the laser beam is stationary in space. If the rotating surface is optically rough,
a moving speckle pattern will occur on the detector, which gives a repeatable speckle noise in the measurement
signal and also crosstalk from other velocity components.

By using a polished surface, the crosstalk in LDV measurements is avoided and the desired vibration can be
measured. The fact that the cross vibrations applied by the AMB is removed from the LDV measurements
automatically imply the removal of torsional vibration contributions.

The frequency content in the signal due to roundness components did not indicate in any detectable
crosstalk.

The scanning LDV also provides the possibility to measure vibrations on different parts of a rotating
machine, i.e. the milling machine spindle housing and other significant components during machining, which
will give an overall picture of the system.
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Abstract

In this paper a method for analysing lateral vibrations in a milling machine spindle is presented including finite-element modelling

(FEM), magnetic excitation and inductive displacement measurements of the spindle response. The measurements can be conducted

repeatedly without compromising safety procedures regarding human interaction with rotating high speed spindles. The measurements

were analysed and compared with the FEM simulations which incorporated a spindle speed sensitive bearing stiffness, a separate mass

and stiffness radius and a stiffness radius sensitive shear deformation factor. The effect of the gyroscopic moment and the speed

dependent bearing stiffness on the system dynamics were studied for different spindle speeds. Simulated mode shapes were

experimentally verified by a scanning laser doppler vibrometer. With increased spindle speed, a substantial change of the eigenfrequencies

of the bearing-related eigenmodes was detected both in the simulations and in the measurements. The centrifugal force that acted on the

bearing balls resulted in a softening of the bearing stiffness. This softening was shown to be more influential on the system dynamics than

the gyroscopic moment of the rotor. The study performed indicates that predictions of high speed milling stability based on 0 rpm tap-

test can be inadequate.

r 2006 Elsevier Ltd. All rights reserved.

Keywords: Machine tool spindle; Centrifugal; Gyroscopic; Non-contact measurement; Angular contact ball bearings

1. Introduction

Turning operations such as milling are common in the
automotive and aerospace industries where large metal
work pieces are reduced to a fraction of their original
weights to create complex thin structures. It is important
that unwanted behaviours like tool vibrations be avoided
during these operations. Especially important to avoid is
self-excited machine tool chatter caused by the waviness of
the machined surface. This type of vibration results in poor
surface finishes and in some cases material or machine
damage. The phenomena is a significant issue and has been
addressed and modelled by numerous authors over the past
decades, e.g. [1–4]. The models developed by these authors

predict a specific chatter free depth of cut which is
governed by the transfer function of the tool tip (assuming
a rigid work piece). The chatter free depth of cut is
calculated for different spindle speeds which are then
plotted as a stability lobe chart. The transfer function is
normally measured manually by tap tests of a non-rotating
spindle/holder/tool system. The tool tip is excited by an
impulse hammer and the response is measured by a
vibration transducer. The assumption used in this proce-
dure is that the dynamics of a spindle/holder/tool system is
independent of spin speed. This is, however, not true
for high speed milling operations where the effect of
gyroscopic moments and centrifugal forces must be
considered [5–7].
To analyse the spindle speed dependency the machine

tool must be analysed in rotating states that span the whole
range of operating spindle speeds. Schmitz et al. [8]
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presented an experimental method for the prediction of
stable cutting regions which reflects the dynamic change
that a rotating system undergoes. The method uses impulse
hammer excitation and capacitive probe response measure-
ment of a tool rotating during different spindle speeds.
Stability lobes for a discrete number of spindle speeds are
then calculated and the limit of stable cut corresponding to
the actual spindle speed used is identified and then used to
draw up a spindle speed dependent stability lobe chart.
Experimental tests revealed a changing stable limit for
stable cut above 16 000 rpm due to changing spindle
dynamics.

An alternative method to analyse a spindle bearing
system is through modelling. Wang and Chang [9] describe
a spindle modelling method based on finite element model
(FEM). The model, however, did not include rotation and
therefore no centrifugal forces and gyroscopic moments. In
1976 Nelson and McVaugh [10] presented a FEM
formulation of a rotor bearing system based on the Euler
Bernoulli beam theory where the effect of gyroscopic
moments and centrifugal forces was included. Zorzi and
Nelson [11] later on added internal damping and in 1980
Nelson [12] presented another formulation based on the
Timoshenko beam theory which included the shear
deformation effects. Xiong et al. [6] presented a way
of combining this FEM representation and the milling
cutting force model formulated by Altintas [2]. The model,
which only consisted of the rotor, predicted that the
gyroscopic moment would not affect the stability regions in
milling but change the real part of the eigenvalues. The
model also predicted a change of the spindle resonance
frequencies of about 710Hz. Lin et al. [13] integrated
a thermo-mechanical model into the Timoshenko FEM
description. Numerical and practical experiments found
an increase in bearing stiffness with increasing bearing
preload. The work also predicted a softening of the spindle

shaft with increasing spindle speed. It was shown that
the softening of the bearing radial stiffness due to speed
could be compensated for when there was a thermally
induced preload. Cao and Altintas [7] presented a general
method for the modelling of a spindle bearing system
which included the axial coordinates and a corresponding
spindle speed and a preload-dependent five degrees
of freedom bearing stiffness matrix. In the spindle model,
a rotor related centrifugal force was modelled by subtract-
ing a term (O2 multiplied by a radial version of the
translational mass matrix) from the stiffness matrix.
Simulations for different spindle speeds were performed
but only verified for a non-rotating spindle. Simulations
predicted that the centrifugal force of the rotor would
influence the eigen-frequency more than the gyroscopic
moment of the rotor. This result was not verified
experimentally.
This paper describes a method for analysing lateral

machine tool spindle vibrations based on a FEM and a
contact-less dynamic spindle testing equipment (CDST).
The aim of this work was to study the effect of the
gyroscopic moment and the speed dependent bearing
stiffness on the system dynamics. The study was performed
on a 5-axis Liechti Turbomill ST1200 equipped with a
Fischer spindle (MFWS-2305/24/8) with an integrated
motor spindle capable of speeds up to 24 000 rpm
supported by two 251 angular contact ball bearings. The
spindle spring preload was achieved experimentally and a
speed dependent bearing stiffness was calculated. The
FEM elements were based on separate stiffness and mass
radius. Simulations were performed with and without the
speed sensitive bearing stiffness together with a stiffness
radius sensitive shear deformation factor. Tap tests with
accelerometers and a scanning laser Doppler vibrometer
(LDV) were used to verify the CDST measurements and
the FEM simulation.
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Nomenclature

I area moment of inertia of a hollow shaft
Cxm calibration factor CDST
Fc centrifugal force
Ixt, Iyt coil current quadrant v1 and w1

Ixb, Iyb coil current quadrant v3 and w3

ai contact angle inner ring
ae contact angle outer ring
Qi contact force inner ring
Qe contact force outer ring
Jd diametral moment of inertia
d effective gap between rotor and magnets
[G] element gyroscopic mass matrix
l element length
m element mass per unit length
[MR] element rotational mass matrix
[K] element stiffness matrix

[MT] element translational mass matrix
{q} generalised coordinates
rm inner mass radius
rk inner stiffness radius
xm, ym instantaneous displacement
xm0, ym0 magnetic centre offset
Fxm, Fym magnetic force
E modulus of elasticity
Rm outer mass radius
Rk outer stiffness radius
v poisson’s number
Jp polar moment of inertia
Ax reference acceleration
F shear deformation
k shear deformation factor
Gs shear modulus
{h} state vector
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2. CDST measurements

The CDST measured the frequency response function
(FRF) of the tool tip by exciting the rotor with electro-
magnets while inductive displacements sensors registered
the rotor position in the x- and y-directions. The use of
electromagnets and non-contact displacement sensors is
common in the field of active magnetic bearings (AMB).
An AMB uses a control system to keep the rotor in place
which adjusts the coil current in the magnets according to
the measured rotor position and a desired location. In this
machine tool speciality AMBs are mainly used as rotor
support bearings; other applications have been developed.
Auchet et al. [14] developed a method for indirect cutting
force measurement by analysing the command voltage of a
magnetic bearing in a milling machine spindle supported by
AMBs. Knospe [15] investigated the potential of active
chatter suppression by the use of AMB. Chen and Knospe
[16] developed an approach to estimate the cutting
dynamics by both exciting the system and increasing the
damping of the lathe tool using an AMB. Fig. 1 shows a
photo and a sketch of the experimental set-up used in the
study. The spindle/holder/tool system dynamic was mea-
sured at the tool tip in the x- and y-directions separately by
the use of a CDST. The excitation of the rotor was carried
out by electromagnets which were fed by frequency step
vice sine sweep coil current—thereby introducing a
magnetic force Fm(t) which acted on the rotor. The rotor
consisted of a specially manufactured dummy tool with a
laminated rotor part to reduce the energy losses due to
eddy current effects. In each direction two electromagnets

(e.g., x-directions v1 and v3) on opposite sides of the rotor
were working together pulling and releasing the rotor to
form the excitation.
The force Fxm applied to the rotor in the x-direction

(analogous in the y-direction) is expressed in terms of the
stator coil current and the instantaneous air gap as [17]

Fxm ¼ Cxm
Ixt

d � ðxm0 þ xmÞð Þ

� �2

� Ixb

d þ ðxm0 þ xmÞð Þ

� �2
" #

,

(1)

where Cxm is a calibration factor (Cxm ¼ 1 in this case), Ixt
is the measured current of top quadrant (v1), Ixb the
measured current of bottom quadrant (v3), d the effective
gap of 150 mm between the magnets and the rotor, xm0 the
magnetic centre offset and xm the instantaneous displace-
ment measured by the displacement sensors. The coil
current Ixt and Ixb are a superposition of the excitation
current, a bias current of 0.8A and a compensation current
for static loads; which was set to zero in this case. For
example, when measuring the y-direction at 0 rpm; a force
Fym with an amplitude of approximately 714N was
generated by coil currents (Iyt, Iyb) oscillating between 0.4
and 1.2A. The amplitude of the displacement ym at 712Hz
(second resonance) was approximately 720 mm.
The instantaneous displacement of the rotor in the x- and

y-directions was measured by two displacement sensors; each
which were coupled together for each coordinate with
opposite signs facing the rotor 1801 apart. This arrangement
enabled the cancellation of any changes in displacement due
to thermal expansion of the rotor diameter.

ARTICLE IN PRESS

-w3

+w3 +v3
-v3

CDST

Tool 
holder

Dummy 
tool

xm(t)

ym(t)

+y

+x

+z

+dy
+dx

Iy(t)

Ix(t)

Ax(t)

+z

+x+y

CDST

Dummy
tool

Tool
holder

Spindle
& housing +x

+y
-w3

+w3

-v1 +v1

+v3 -v3

+w1

-w1

DT

(B)

(C)

(A)

Fig. 1. (A) Photo of the setup with the dummy tool in an elevated state. (B) See-through sketch of the CDST with dummy tool in place. +dx and +dy

denotes the displacement sensors. (C) Electromagnet setup with dummy tool (DT).

M. Rantatalo et al. / International Journal of Machine Tools & Manufacture 47 (2007) 1034–10451036



The displacement response and the exciting force for each
frequency component in the interval 400–2000Hz were
measured and a spectrum estimation (H1) of the transfer
function was calculated. This procedure was repeated for all
speeds in the interval [0:2000:24 000] rpm and for each radial
direction x and y. A reference accelerometer was mounted
on the CDST housing to ensure that the assumption of a
rigid CDST construction and a firm machine table mounting
were present. The CDST were verified experimentally by tap
tests of the mounted dummy tool at 0 rpm. Except for the
third mode in the y-direction, the two different measurement
methods resulted in similar FRFs (see Fig. 2). The mode
shapes for 0 rpm were analysed by a scanning LDV which
performed a line scan along the z-axis of the visible part of
the dummy tool, holder and rotor.

3. Spindle modelling

A FEM described by [12] is used to simulate the mode
shapes and the eigen-frequencies of the rotor bearing system.
The simulations are used to analyse and identify any detected
gyroscopic or centrifugally induced speed dependency in the
frequency response measured by the CDST. The simulation is
focused on the gyroscopic moment of the rotor compared to
the centrifugal force of the balls in the ball bearings. Fig. 3
illustrates the FEM and the element division of the rotor
bearing system plotted along the x–z plane. Each FEM
element of length l consists of two parts with an inner and
outer radius (see Fig. 4). The hollow shaft of the rotor with its
inner stiffness radius rk and the outer stiffness radius Rk

governed the stiffness properties of the spindle. The physical
outer mass radius Rm which included the shaft, motor
package, inner rings of the bearings and other additional

parts governed the mass together with an assumed physical
inner mass radius rm. The assumed inner mass radius rm
inside the spindle shaft models the spring package and the
drawbar inside the spindle used for connecting the tool holder
to the spindle. The connection between the spindle, holder
and the dummy tool was not specially modelled. Damping,
gravity and the centrifugal effects of the rotor described by [7]
were not included. The axial load during free run was
considered neglectable and therefore excluded in the study.
The radial displacement and rotation along the radial

coordinates of a single element is expressed in the general-
ised coordinates q ¼ fxi; yi;fx;i;fy;i; xiþ1; yiþ1;fx;iþ1;fy;iþ1g
where i is the node number. The area moment of inertia
which is used in the forming of the stiffness matrix was
based on the stiffness radii I ¼ ðR4

k � r4kÞp=4. The polar
moment of inertia Jp ¼ mðR2

m � r2mÞ=2 and the diametral
moment of inertia Jd ¼ mðR2

m � r2mÞ=4 were based on the
mass radius. The shear deformation was expressed as
F ¼ ð12EIÞ=ðkGsl

2Þ, where E is the modulus of elasticity,
Gs the shear modulus and k the shear deformation factor.
The shear deformation factor is normally determined
experimentally and for a solid circular shape a usual value
is approximately 0.9. However, the spindle studied in this
paper consists of a hollow circular shaft with a variable
stiffness radius. In 2001 Hutchinson [18] proposed an
analytical expression for the shear deformation coefficients
of a hollow circular shaft expressed as

k ¼ 6 R2
k þ r2k

� �2
1þ uð Þ2

ð7r4k þ 34r2kR
2
k þ 7R4

k þ uð12r4k þ 48r2kR
2
k

þ12R4
kÞ þ u2ð4r4k þ 16r2kR

2
k þ 4R4

kÞÞ

, (2)

which has been used in this work.
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The homogenous equation of motion for the finite
element assembly used in this model is expressed as

M½ � €q
� �þ O G½ � _q

� �þ K½ � q
� � ¼ 0f g, (3)

where [M], [G], and [K] are the system matrixes of a shaft
element (see Appendix A). The assembled second order
homogenous differential equation was transformed into a
first order differential equation, using the state vector
notation described in [19]. The equation of motion could
then be rewritten as

O½G� ½M�
½�M� ½0�

" #
_h

� �þ
½K � ½0�
½0� ½M�

" #
fvg ¼ f0g, (4)

where

fhg ¼
fqg
f _qg

( )
(5)

is the state vector. Solving the obtained first order
homogenous differential equation gives complex eigenvec-
tors with corresponding complex eigenvalues of the
displacement and the velocity of each node and its
generalized coordinates. The front and the back bearing

stiffness were added into the complete rotor stiffness
matrixes at corresponding nodal coordinates marked by
triangles in Fig. 3.

3.1. Preload measurement

To calculate the bearing stiffness the preload force of the
bearings has to be known. However, when dealing with a
real milling machine spindle the bearing preload is
normally not a known parameter and must therefore be
measured. On-line measurements of the bearing load would
be preferable and a method for this has been presented by
Chen and Chen [20]. For most spindles in operation, this is
not the case and the preload must therefore be measured or
provided by the spindle designer. The spindle used in this
study was designed using spring-loaded bearings as shown
in Fig. 5. The front and the back bearings are hybrid angle-
contact bearings placed back to back. The preload was
measured by pulling the spindle towards �z while the axial
displacement was measured using a dial indicator with a
resolution of 1 mm and a total measuring range of 750 mm.
The force used to pull the spindle was measured by a static
force sensor with a range 0–5 kN with a resolution of about
20N. The static force sensor was made out of strain gauges
and connected to a strain gauge amplifier and an
oscilloscope. Data was collected manually according to
predefined steps. The estimated spring preload was equal to
the force needed to unload the front bearing. The force
needed to unload the front bearing was estimated to be
1450N.

3.2. Bearing stiffness calculations

Using the result from the preload measurement, the
bearing stiffnesses within the speed intervals
[0:2000:24 000] rpm were calculated. The bearing stiffness
calculations were performed by SKF and an in-house
developed software ‘‘Bearing Beacon’’ based on the theory
described in [21] by de Mul et al.

4. Results

4.1. Bearing stiffness

With increasing speed the load conditions between the
balls and the rings in the bearing changes because of the
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centrifugal force Fc which acts on each ball (see Fig. 6). The
centrifugal force induced by the rotating balls forces the
rings to separate axially. A new equilibrium state is reached
where the contact forces Qi and Qe balance the new force
condition which includes both external forces and the
centrifugal force Fc. When the ball reaches this new
asymmetric position it will act like a spring when the
external force changes. This spring is in serial with the
normal Hertz contact springs resulting in a decreased
bearing stiffness for high spindle speeds. Table 1 shows the
stiffness matrix of the back bearing and front bearing
calculated for 0 rpm.

The bearing stiffness for different spindle speeds related
to the stiffness at 0 rpm are plotted in Fig. 7. The plot
shows that the stiffness in the radial direction of the back
bearing decreases to a level of 62% of its original (0 rpm)
value when the speed increases to 24 000 rpm. The
corresponding value of the front bearing is 38%. The
angular stiffness shows approximately the same amount of
reduction for the same speed range. The reduction of the
front bearing stiffness tends to diminish more than the
back bearing above 18 000 rpm, giving it a characteristic
shape (hereinafter denoted ‘‘s shaped’’).

4.2. Gyroscopic and centrifugal effects

In a rotor bearing system the modes often appears as a
mix of rotor related flexural modes and rigid-body modes
governed by the bearing properties [17]. The modes will
furthermore be effected by the gyroscopic moment of the
rotor and split up into two mode shapes [22]. The eigen-
frequencies of these forward and backward modes will be
influenced by the driving frequency O. This can be seen in
Fig. 8 where the simulated eigen-frequencies with speed
independent bearing stiffness are plotted. The simulation
shows an increasing difference with increasing speed
between the two eigen-frequencies and their value at
0 rpm. The deviation at 24 000 rpm compared to 0 rpm is
79, 73, 715 and 723Hz for modes 1–4, respectively (see
Table 2). The gyroscopic effect of the rotor can also be seen
in the eigen-frequencies of the simulation with speed
dependent bearing stiffness (see Fig. 9). In this simulation
the influence of the characteristic shape of the decreasing
bearing stiffness can be seen added to the gyroscopic effect
resulting in a deviation at 24 000 rpm of 204 and 190, 202
and 192, 16 and 15Hz and finally 100 and 55Hz for the
first four backward and forward modes.

4.3. Mode shape analysis

Analysis of the simulated mode shapes (see Fig. 10)
shows that the first mode shape starts at 0 rpm as a mode
governed by the back bearing with its node close to the
front bearing position. When the speed reaches 24 000 rpm
the mode has transformed into a mode governed by
the front bearing stiffness. According to the simula-
tion the transformation is performed in the interval
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Table 1

Stiffness matrix of the front and the back angular contact bearing at 0 rpm

0 rpm x (1/m) y (1/m) yz (1/rad) zx (1/rad)

Back
Fx (N) 3.36e8 0.00 0.00 − 6.10e6
Fy (N) 0.00 3.36e8 6.10e6 0.00
M yz (Nm) 0.00 6.10e6 1.15e5 − 0.00
M zx (Nm) − 6.10e6 0.00 0.00 1.15e5

Front
Fx (N) 3.38e8 0.00 0.00 − 6.76e6
Fy (N) 0.00 3.38e8 6.76e6 0.00
M yz (Nm) 0.00 6.76e6 1.39e5 0.00
M zx (Nm) − 6.76e6 0.00 0.00 1.39e5

Grey cells are plotted in Fig. 7 while the other cells are left out from the

plot due to their similar appearance.
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12 000–16 000 rpm. The first mode transforms its appear-
ance by sliding its front bearing node position towards the
back bearing position. The second mode shape goes
through a similar transformation by starting as a front
bearing mode at 0 rpm, going through a cylindrical mode
shape governed by both bearings at around 14 000 rpm and
finally ending up as a mode shape governed by the back
bearing at 24 000 rpm. The transformation area can be seen
in Fig. 9 as a disturbance of the shape of the changing
eigen-frequency. The third mode can be seen as a flexural
mode with its two node points close to the bearing
positions while the fourth mode can be seen as a mixed
mode governed mainly by the front bearing and flexural
properties.

The LDV measurement confirmed the simulated mode
shapes at the visible part of the spindle Fig. 10.

4.4. CDST measurements

The FRFs Hxx and Hyy of the spindle/holder/dummy
tool measured by the CDST are shown in Figs. 11 and 12
where overlaying black lines in Fig. 12 represents the
simulated values. The two measurements made in the
x- and y-directions show a decreasing s-shaped pattern for
the eigen-frequencies of the second mode (at 752Hz) and
the fourth mode (at approximately 1500Hz). The back
bearing related mode (mode 1) can only be seen vaguely in
the y-direction at 664Hz while the front bearing mode
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Table 2

Eigen-frequencies of CDST measurement and FEM simulation for 0 and 24 000 rpm

FEM 1 FEM 2 CDST

Backward Forward Backward Forward x Y

Mode 1

0 rpm 711 711 711 711 — 664

24 000 rpm 507 521 702 719 — —

Frequency change (%) �40.2 �36.5 �1.3 +1.1 — —

Mode 2

0 rpm 783 783 783 783 752 752

24 000 rpm 581 591 780 786 544 568

Frequency change (%) �34.8 �32.5 �0.4 +0.4 �38.2 �32.4

Mode 3

0 rpm 912 912 912 912 912 892

24 000 rpm 896 927 897 927 892 900

Frequency change (%) �1.8 +1.6 �1.7 +1.6 �2.2 +0.9

Mode 4

0 rpm 1578 1578 1578 1578 1496 1520

24 000 rpm 1478 1523 1555 1601 1384 1424

Frequency change (%) �6.8 �3.6 �1.5 +1.4 �8.1 �6.7

FEM 1 is simulation with speed dependent bearing stiffness and FEM 2 is without. —: not detected.
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(mode 2) can be seen in both directions of the measure-
ments for all spindle speeds. The third eigen-mode at
approximately 900Hz shows a relatively constant eigen-
frequency even thought the spindle speed increases. A small
change of the eigen-frequency (0.9–2.2%) of this mode
(forward and backward) was found in the simulation and in
the CDST measurements. The simulated separation of the
modes into a backward and a forward mode could not be

seen in the measurements. A possible transformation area
where the two rigid rotor bearing modes transforms can be
seen in the CDST measurement at 12 000 rpm and above as
a change of magnitude. Furthermore the amplitude of this
second mode increases with increasing spindle speed,
especially above 12 000 rpm. The CDST measurement also
shows a higher frequency for the fourth mode when excited
in the y-direction compared to the x-direction.

ARTICLE IN PRESS

Bearing positionSimulated mode shapeLDV measured mode shapes

Mode    LDV 0 rpm              Simulation  0 rpm                    Simulation  14000 rpm                Simulation  24000 rpm   

1

2

3

4

Fig. 10. Mode shape analysis of the four first eigenmodes. Where no complex conjugate (dashed shapes) is present in the simulation the mode shape is real

valued. Drawings at top illustrate the positions of the mode shapes. LDV measured mode shapes are displayed to the left.

F
re

qu
en

cy
 [H

z]

Spindle speed [rpm]

Hxx [log(m/N)]

0 8000 16000 24000

2000

1600

1200

800

400
-16.5

-16

-15.5

-15

-14.5

-14

-13.5

-13

-12.5

Mode 4

Mode 3

Mode 2

Fig. 11. CDST measurement frequency response function Hxx.

F
re

qu
en

cy
 [H

z]

Spindle speed [rpm]

Hyy [log(m/N)]

0 8000 16000 24000

2000

1600

1200

800

400
-16

-15.5

-15

-14.5

-14

-13.5

-13

-12.5

Mode 2

Mode 3

Mode 4

Mode 1

Fig. 12. CDST measurement frequency response functionHyy. Overlaying

black lines represents the simulations plotted in Fig. 9.

M. Rantatalo et al. / International Journal of Machine Tools & Manufacture 47 (2007) 1034–1045 1041



5. Discussion

In this paper, a method for analysing lateral vibrations in
a milling machine spindle has been presented which
includes the use of a contact-less spindle dynamic mea-
surement device supported by FEM simulation. The FEM
formulation was based on Ref. [12] and was extended by
including a separate mass and stiffness radius together with
a stiffness radius dependent shear deformation factor.
FRFs in the radial directions for speeds in the interval
[0:2000:24 000] rpm were measured and compared to eigen-
frequency simulation.

5.1. Gyroscopic and centrifugal effects

The bearing stiffness was found to be sensitive to the
centrifugal force acting on the bearing balls. This effect
resulted in a substantial decrease in bearing stiffness
(38–62%) and hence bearing-related eigen-frequencies up
to 40%. This effect was confirmed by the CDST measure-
ments. According to the simulations, the centrifugal effect
on the bearings had a more significant effect on the eigen-
frequencies of bearing-related modes than the gyroscopic
moment of the rotor. For example, mode 2 shows a
33–35% frequency change when the centrifugal effect is
present as compared to only 0.4% when one is not present.
One could expect that this softening could be neutralised
for high loads that force the balls back to their nominal
positions. Another way to reduce the axial separation force
of the rings would be by using angular contact bearings
with a smaller angle (e.g., 151). The softening of the rotor
with increasing spindle speed and hence the reduction of
the eigen-frequencies which was reported by previous
authors could not be detected. This is evident when
analysing the third simulated and measured mode,
(flexural) at approximately 900Hz, where the eigen-
frequency only seems to be affected by the gyroscopic
moment.

5.2. Mode analysis

The separation of the modes into a backward and a
forward mode could not be detected in the measurements;
this was most likely due to damping which may have
smeared the signal energy from the two modes into a single
peak. The measured eigen-mode at 752Hz for 0 rpm is
assumed to be governed by the front bearing. This
assumption is based on the mode shape analysis where
the front bearing mode normally would result in a larger
displacement at the tool tip than the back bearing mode.
Individual damping and phase conditions of these two
modes could reduce and smear the amplitude peak of the
first mode. According to the simulation of the second
mode, the shape of the frequency change would begin by
following the ‘‘s shape’’ of the front bearing stiffness, and
then jump over to follow the shape of the back bearing
stiffness. The same, but in the opposite order, would then

also apply to the first eigen-mode. This tendency can be
seen in the simulation (see Fig. 9). Due to this, a correct
reading and identification of the eigen-frequencies of these
two modes above the transformation area is difficult. The
relatively constant eigen-frequency of the eigen-mode at
912Hz is consistent with the simulation; this also indicated
that the third eigenmode was a flexural mode with little
influence of the radial bearing stiffness. This was also
confirmed by the mode shape simulation (see Fig. 10). The
characteristic s-shaped pattern could also be seen in the
CDST measurement of the fourth mode. This indicates
that the mode was in some way related to the front bearing.
This indication was confirmed by the mode shape analysis
which showed that this mode was a mix of a front bearing
mode and a flexural mode.

5.3. Accuracy and validation

The CDST measurements were compared with tradi-
tional tap tests at 0 rpm. The tap tests showed for example,
a slightly lower eigen-frequency for the third mode and
with the CDST measurement the first mode was not
detected in the x-direction. This deviation could be due to
different properties of the two excitation methods (CDST
and impulse) which in different ways could invoke non-
linear properties of the system. Different positions of
the spindle during the two tests could also be a source of
this deviation. This will be a subject of further studies.
Despite this small difference the tendency shown in the
CDST measurements was not compromised and the
change of spindle dynamic could clearly be seen. The
different eigen-frequencies noted between the two radial
directions indicated that there was a non-symmetrical
mounting of the spindle. This asymmetry was not
considered in the model. A deviation of approximately
0–7% between the simulated and measured eigen-frequen-
cies at 0 rpm could be seen in the result. A possible reason
for the deviation could be the stiff connection between
dummy tool, holder and spindle in the model. The
modelled mass of the spindle content, motor package
stiffness and the absence of the housing and preload
mechanism in the model could also have been a source of
this deviation.
Further studies will include the conversion of CDST

measurements from a dummy tool setup to a real cutting
tool set-up.

6. Conclusion

A safe and repeatable method for spindle analysis is
presented including non-contact excitation and response
measurements of radial vibrations. The measurements were
substantiated with simulations using a reduced finite
element model and mode shape verification by LDV. The
model included only a rotor and speed dependent bearing
stiffness and resulted in an eigen-frequency deviation of
about 0–7% when compared to the measurements. Tests in
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a milling machine of a high-speed spindle showed that the
centrifugal forces of the ball bearing had a more significant
influence on the system dynamics than the gyroscopic
moment of the rotor. The study performed indicates that
predictions of high speed milling stability based on 0 rpm
tap test can be difficult due to speed dependent system
dynamics.
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Appendix A

A.1. System matrixes

Translational mass matrix [MT]+[M0]+F[M1]+F2[M2]
Rotational mass matrix [MR]+[N0]+F[N1]+F2[N2]
Element mass matrix [M] ¼ [MT]+[MR]
Element gyroscopic matrix [G] ¼ [G0]+F[G1]+F2[G2]
Element stiffness matrix [K] ¼ [K0]+F[K1]

where

M0½ � ¼ ml

420 1þ Fð Þ2

�

156

0 156

0 �22l 4l2 Sym:

22l 0 0 4l2

54 0 0 13l 156

0 54 �13l 0 0 156

0 13l �3l2 0 0 22l 4l2

�13l 0 0 �3l2 �22l 0 0 4l2

2
666666666666666664

3
777777777777777775

,

M1½ � ¼ ml

420 1þ Fð Þ2

�

294

0 294

0 �38:5l 7l2 Sym:

38:5l 0 0 7l2

126 0 0 31:5l 294

0 126 �31:5l 0 0 294

0 31:5l �7l2 0 0 38:5l 7l2

�31:5l 0 0 �7l2 �38:5l 0 0 7l2

2
666666666666666664

3
777777777777777775

,

M2½ � ¼ ml

420 1þ Fð Þ2

�

140

0 140

0 �17:5l 3:5l2 Sym:

17:5l 0 0 3:5l2

70 0 0 17:5l 140

0 70 �17:5l 0 0 140

0 17:5l �3:5l2 0 0 17:5l 3:5l2

�17:5l 0 0 �3:5l2 �17:5l 0 0 3:5l2

2
666666666666666664

3
777777777777777775

,

N0½ � ¼ jd

30l 1þ Fð Þ2

�

36

0 36

0 �3l 4l2 Sym:

3l 0 0 4l2

�36 0 0 �3l 36

0 �36 3l 0 0 36

0 �3l �l2 0 0 3l 4l2

3l 0 0 �l2 �3l2 0 0 4l2

2
666666666666666664

3
777777777777777775

,

N1½ � ¼ jd

30l 1þ Fð Þ2

�

0

0 0

0 15l 5l2 Sym:

�15l 0 0 5l2

0 0 0 15l 0

0 0 �15l 0 0 0

0 15l �5l2 0 0 �15l 5l2

�15l 0 0 �5l2 15l2 0 0 5l2

2
666666666666666664

3
777777777777777775

,

N2½ � ¼ jd

30l 1þ Fð Þ2

�

0

0 0

0 0 10l2 Sym:

0 0 0 10l2

0 0 0 0 0

0 0 0 0 0 0

0 0 5l2 0 0 0 10l2

0 0 0 5l2 0 0 0 10l2

2
666666666666666664

3
777777777777777775

,
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G0½ � ¼ Jp

30l 1þ Fð Þ2

�

0

36 0

�3l 0 0 Skew sym:

0 �3l 4l2 0

0 36 �3l 0 0

�36 0 0 �3l 36 0

�3l 0 0 l2 3l 0

0 �3l �l2 0 0 3l 4l2 0

2
666666666666666664

3
777777777777777775

,

G1½ � ¼ Jp

30l 1þ Fð Þ2

�

0

0 0

15l 0 0 Skew sym:

0 15l 5l2 0

0 0 15l 0 0

0 0 0 15l 0 0

15l 0 0 5l2 �15l 0

0 15l �5l2 0 0 �15l 5l2 0

2
666666666666666664

3
777777777777777775

,

G2½ � ¼ Jp

30l 1þ Fð Þ2

�

0

0 0

0 0 0 Skew sym:

0 0 10l2 0

0 0 0 0 0

0 0 0 0 0 0

0 0 0 �5l2 0 0

0 0 5l2 0 0 0 10l2 0

2
666666666666666664

3
777777777777777775

,

K0½ � ¼ EI

l3

12

0 12

0 �6l 4l2 Sym:

6l 0 0 4l2

�12 0 0 �6l 12

0 �12 6l 0 0 12

0 �6l 2l2 0 0 6l 4l2

6l 0 0 2l2 �6l 0 0 4l2

2
66666666666664

3
77777777777775
,

K1½ � ¼ EI

l3

0

0 0

0 0 l2 Sym:

0 0 0 l2

0 0 0 0 0

0 0 0 0 0 0

0 0 �l2 0 0 0 l2

0 0 0 �l2 0 0 0 l2

2
66666666666664

3
77777777777775
.
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Abstract
Simulation of the dynamic behaviour of a car using the finite element method (FEM) is common 
in the automotive industry when predicting the vehicle performance and its quality outcome. 
When simulating a system the contact conditions between different mechanical parts must be 
established in order to receive an adequate result. In a car, the contact between a door and its 
frame is a typical contact which, due to its non-rigid nature, can affect the dynamic behaviour of 
the system negatively and be the source of squeak and rattle problems. The car door/frame contact 
is handled by a rubber seal which must uphold its insulation and protective properties during 
different types operating and environmental conditions e.g. different relative displacements, 
temperatures, and contact conditions. This paper presents a study of the behaviour of a car door 
weather strip seal during compression and decompression for two different contact conditions (dry 
and lubricated) with and without energy relaxation included. Measurements and simulations have 
been performed and the results show a drastic change of the seal reaction force when lubricated. 
The results also shows the need for including the energy relaxation in time dependent simulations 
and the need for methods which can handle local buckling due to excessive seal shape 
deformation in combination with confined air cavities in foam rubber. 

Keywords 
Foam rubber, Seal, FEM, Vehicle dynamic, Friction, Buckling. 

1 Introduction
In the automotive industry FEM simulations of mechanical parts are common when predicting the 
property and quality of new car models. Modelling of the solid parts is normally considered as a 
relatively straight forward procedure while the determination of the boundary conditions, 
especially regarding non-rigid connections, is more difficult. A problematic issue with non-rigid 
connections is that they could be the source of squeak and rattle problems. A typical non-rigid 
connection which can generate this type of problem is the connection between a car door and its 
frame. This connection is generally handled by an ethylene propylene diene monomer (EPDM ) 
rubber seal. Kuo [1] reported that squeak and rattle problems for car door seals often are 
associated with the closure and opening procedure. He reported that a strong correlation could be 
seen with diagonal door distortions and overall squeak and rattle performance. In [2], Kuo and 
Mehta studied the squeak and rattle performance with respect to door seal stiffness. The diagonal 
door distortion was used as performance metrics when examining the overall seal stiffness 
dependent squeak and rattle problem. The study could not observe any specific trend in squeak 
and rattle performance with respect to seal stiffness for that case. The main function of a car door 
seal is to create a soft and protective joint between the door and the frame. The seal must also be 
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stiff enough to prevent water and dust to penetrate into the compartment and insulate the 
compartment from temperature and sound differences between the two sides. The seal must 
uphold these properties during all possible relative door/frame displacements and for all possible 
types of contact conditions within a wide temperature range, approximately ± 50º C. The seal 
rubber is a non-linear and viscoelastic material with temperature and frequency dependent 
dynamic. In order to improve and/or guarantee a specific seal performance and avoid costly 
redesign, early stage predictions made by simulations are important. Simulations of a seal and its 
frequency response function have been investigated by Stenti et al [3]. They presented a study 
where a simplified two-dimensional car door weather-strip seal was modelled using a non-linear 
finite element model. The rubber material was modelled as a five term Mooney-Rivlin model. The 
frequency response function and the mode shapes of a coupled seal and car door system were 
investigated in order to extract a linearized seal model for the use in a mass spring-dashpot full 
vehicle NVH system. The same group later on presented a case study [4], where the low-
frequency dynamics of an ordinary weather-strip seal was examined. A segment of the seal was 
chosen for material property tests. The quasi-static stiffness was obtained by exciting the material 
sample with a 5 Hz sine signal with an amplitude of 0.01 mm. The dynamic response was 
measured while exciting the sample with a 0.01 mm amplitude sine sweep at 3-100 Hz. A Neo-
Hokean material model was used to simulate the rubber material. The study showed the 
importance of seal compression level as well as the frequency dependent behaviour of the 
component transmission characteristics when addressing weather-strip seal design for NVH 
applications. To reduce the computational costs, introduced by a detailed seal joint 
implementation in a full-scale system, they continued [5] the work by presenting a simplification 
where a three-level (material, component and system) modelling approach based on a linear 
interval parametric rubber joint model. The influence of the parametric scatter on the full-scale 
system NVH response was evaluated. Dikmen and Basdogan [6] investigated the seal effect and 
the energy relaxation on vehicle vibrations. The study was based on FEM and experimental 
measurements. The authors used an inverse FE solution and experimental test results of a 
compressed seal to establish the material properties instead of performing material tests on rubber 
test samples. Gur and Morman [7] presented a study of the noise transmission loss characteristics 
which also is an important property of a seal. The analysis of the door sealing system was based 
on a finite element acoustic-structure interaction analysis. Their findings indicate that the seal 
material density, external and internal cavities and the deformed seal shape plays an important role 
when analysing the noise transmission loss. Wagner et al. [8] presented a non linear analysis of a 
compression load deflection (CLD) response of an automotive weather-strip seal by performing 
FEM simulations based on a quasi static analysis of the seal behaviour during compression. The 
compressible EPDM foam rubber was modelled together with a 0.10 mm thick dense rubber skin 
covering the foam rubber. The method presented could address the CLD response with respect to 
water leakage and wind noise. The studies mentioned above addresses the seal contribution to the 
overall dynamics and the sound insulation properties. The influence of the contact conditions 
which can change with changing environment wear or added substances to contact surfaces, e.g. 
when lubricants are added to the seal surface to prevent surface interface humidity from freezing 
and sticking to the door at sub zero temperatures, is however not studied. 

This paper presents a case study of the reaction force and the deflection shape of an 
asymmetrically shaped car door weather-strip seal during a metal plate compression and 
decompression for two different contact conditions, dry and lubricated. The forces acting on the 
metal plate are measured and simulated using FEM in two spatial directions (x and z) 
simultaneously. The simulations are based on strain/stress and energy relaxation measurements 
performed on rubber samples. The following part describes the force and friction measurements 
made during the compression of the seal segment. Part 3 describes the material property 
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measurements together with the simulations. Part 4-5 comprise the comparison of the 
measurement and the simulation results together with concluding remarks. 

2 Seal compression measurement 

Fig 1. (a) Photograph of cellular rubber originating from the 1,5 mm thick right side of the tube between the two 
white lines.  (b) Measurement setup of a 50 mm long seal segment mounted on a steel frame. Two white lines mark 
the zone used for material testing.  

The studied seal was built up by a steal cord thread forming a spiralling shape along the direction 
of the seal (z-direction) and two types of rubbers, a dense rubber and a cellular foam rubber. The 
foam rubber consisted of an inner rubber part with confined air cavities. The surface of the foam 
rubber had a skin-like appearance with a varying thickness due to the foam rubber air cavity size 
and spatial distribution, se figure 1(a). Compression test of the seal was performed in a CETR 
UTM multi-specimen tribometer test system1. The seal measurement setup is viewed in figure 
1(b), where a 50 mm long seal segment was mounted and glued on a steal carrying frame in order 
to remove the influence of a non rigid mounting. A 50 x 65 mm coated steel plate with surface 
conditions similar to a car door was mounted on the load cell. The system was set up to measure 
the x- and z-position of the load cell together with the forces Fx and Fz with a sample frequency 
of 400 Hz and during 22�C and a relative humidity of 39%. The seal surface facing the metal plate 
was cleaned with ethanol prior to the dry condition measurement test. The lubricated surface 
condition was achieved by adding a synthetic ester to the surfaces. The load case for the two 
contact conditions consisted of three stages each. A 2 second 10 mm compression stage, a 0.5 
second pause and finally a 2 second decompression stage back to the original position of the load 
cell. In order to establish the kinetic friction coefficient k� between the two interacting surfaces 
the test equipment was programmed to compress the seal 10 mm and then translate the load cell 
along the direction of the positive x-axis until sliding contact condition between the metal plate 
and the seal was achieved. The kinetic friction coefficient k�  was calculated using the normal and 
the tangential force measured by the load cell zF/xk F�� . During the dry condition k�  was 
measured to approximately 0.4 for a speed of 5mm/s. For the lubricated case the seal produced a 
sliding motion directly during the compression stage due to its asymmetrical shape. During this 

1 www.cetr.com 
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sliding motion k�  was measured to approximately 0.15. The two friction coefficients were used in 
the simulations as contact model input for each case. No distinct different between the kinetic and 
the static friction could be detected when translating the metal plate.  

3 Simulation

Foam

Steel
Dense

Rigid body

34
 m

m

Fig 2. FE-model of a seal section and a rigid car door displaying the different materials in the seal. Nodes along the 
thick dashed black line are fixed in space.

The simulation was performed using MSC.Marc 2005. A drawing of the seal cross section was 
used to create the FEM mesh (figure 2). The rubber models assigned to the rubber elements in the 
FE-model were fitted to experimentally extracted strain/stress curves. The compression and 
decompression of the seal were then simulated for the dry and the lubricated cases. The seal 
shapes and the forces Fx and Fz were plotted with respect to time. In the simulation the same load 
cases times and compression depths were used as achieved during the measurements. The 
compression, pause and decompression stages were simulated with 100, 25 and 100 time steps 
respectively. Plain strain was assumed and an Updated Lagrange formulation was chosen for the 
finite deformation problem which includes large displacement, rotations, and strain. A full 
Newton Raphson with fixed time steps was used for the system of non-linear equations and the 
model was discretized using 3335 quadratic elements with full integration. The cord was assumed 
to be a solid u-shaped part modelled as steel with Young’s modulus = 210 GPa, Poisson’s ratio = 
0.33 and with the mass density = 7850 kg/m3. The car door was simulated as a rigid body with no 
modal properties. The rubber parts and the metal cord were simulated as deformable bodies. A bi-
linear Columb friction model was used to simulate the friction between the foam rubber and the 
car door with a friction force tolerance of 0.05 and a slip threshold of 0.05. A simplified model of 
the seal/frame mounting was applied by fixing nodes in space along a line close to the frame 
position, depicted with a thick black dashed line in figure 2.

3.1 Material testing

To establish the material properties of the dense and foam rubber, tensile tests were conducted. 
Additionally a volumetric compression test was performed for the foam rubber to measure the 
influence of the air cavities in the material. The ASTM test standard D6048-07 [9], literature [10] 
and experimental elastomer testing manual of the commercial software MSC.Marc[11] were 
consulted during the test preparations. Three measurements were averaged for each rubber type at 
a temperature of 22�C and a relative humidity of 39%. The test samples of dense rubber material 
were cut out from a rubber test plate corresponding to the dense rubber in the seal. The test 
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samples of foam material were cut out from a manufactured seal. The cut out zone can be seen in 
figure 1(b) between the two white lines on the right side of the seal tube. A test sample of the size 
4 x 2 x 45 mm was used in the tensile test of the dense rubber material and a sample of the size 4 x 
1.5 x 45 mm was used when measuring the foam material. The samples were mounted in the same, 
previously used, CETR UTM test system. The rubber specimen was pulled during 2 seconds with 
a strain rate of 25% per second.

The volumetric compressibility of the foam rubber was measured by compressing a confined piece 
of the size 10 x 10 x 1.5 mm with a metal shaft of the size 10 x 10 mm. The foam rubber piece was 
compressed to a strain level of 0.3 with a strain rate of 25% per second. Due to the relatively thin 
sample the error introduced by the load cell flexibility was measured and subtracted from the 
measured volumetric compression strain. 

3.2 Rubber material models 

The dense rubber with a mass density of 1270 kg/m3 was assumed to be incompressible with a 
bulk modulus [12] of 10000 MPa. The rubber was modelled as a one term Neo-Hookean model 
[13] with the strain energy function

)3( 2
3

2
2

2
110 ���� ���CW , (1) 

where 1� , 2� , and 3�  are the stretch ratios in the three spatial directions. The material constant 
was determined by fitting the model to uniaxial tensile stress/strain data. The foam rubber 

with a mass density of 636 kg/m3 was modelled using an Ogden based fourth order (N=4) foam 
model [13] with the strain energy fun
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The material constant n� , n  was determined by fitting the model to uniaxial tensile stress/strain 
data and the constant n�  by fitting the model to stress strain data of the volumetric compression 
test.

3.3 Energy relaxation 

E 0 E 3E 2E 1 E N

432  η Nη  η  η

Fig 3. Generalized Maxwell model of a viscoelastic solid. 
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The energy relaxation of a viscoelastic material can be described by a Maxwell element model 
[11,14,15] illustrated in figure 3. The model consists of a sum of  parallel units built up by a 
dashpot and a spring in series with the viscosity denoted by 

n
� and the stiffens denoted by E .

Mathematically this is represented by: 
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where iii E�� � , 0�  is the initial extensional strain and  is the applied time dependent force. 
For a viscoelastic solid, one viscosity in the Maxwell model must be infinite resulting in one 
single spring unit and an added spring constant to equation (3) giving:
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The energy relaxation of the foam and the dense rubber was measured after 2 seconds 50% strain 
rate tensile test. The relaxation was measured for 600 seconds. A fourth order Prony series, 
equation (5), was fitted to the relaxation data and used to attenuate the response in the model.  i�
describes the energy relaxation amount and i�  are the associated time constants analogous with 
the time constant in the Maxwell model. The time dependent relaxation equation (5) was used to 
scale the strain energy functions after the 2 second compression stage  
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4 Results
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Fig 4.  (a) Dense rubber stress strain relation (b) Foam rubber stress strain relation. (c) Dense rubber energy 
relaxation (c) Foam rubber energy relaxation. 

4.1 Material testing 

The averaged stress strain curves for the dense and the foam rubber can be seen in figure 4(a) and 
(b) together with each material model approximation. The stress level deviation of each material 
test was ± 3%, ± 1% and ± 5% for the tensile foam test, tensile dense test and the volumetric 
compression test respectively. The one term Neo-Hookean material model fitted to the dense 
rubber resulted in the material model parameter = 0.924228. The resulting fourth order foam
model parameters can be found in table 1.  The measured material relaxation can be seen in figure 
4(c) and (d) showing a foam rubber relaxation of 80.6% and a dense rubber relaxation of 68.5% of 
its original stress level after 600 seconds. The stress level deviation of each relaxations test were ± 
0.75% and ± 2.65% for the foam and dense rubber relaxation test respectively. The resulting 
parameters of the Prony series fitted to the relaxation data can be found in table 2. 
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Table 1. Material parameters (fourth order foam model).
n Moduli n� Deviatoric exponent n Volumetric exponent n�

1 -1.13095 -1.49308 -0.917592
2 0.653981 2.94182 -1.34317

3 -0.524213 2.71705 1.20284

4 0.488915 -2.06012 0.405668

Table 2. Dense and foam rubber relaxation parameters. 

Dense rubber Foam rubber 

i Time constant i� Energy function 
multiplication i�

Time constant i� Energy function 
multiplication i�

1 0.0556188 0.0934775 0.156604 0.0551106

2 0.564556 0.0947845 1.66141 0.0555065

3 6.32258 0.0677327 15.0861 0.0429001

4 119.291 0.0591271 193.567 0.0417656

4.2 Seal compression 
During the measurement of the seal compression/decompression the actual time values and 
achieved compression level in mm differed compared to the input values due to slightly different 
starting point where the seal was assumed to be in full contact with the metal plate. For the dry 
conditions the achieved compression level was 9.9955 mm and the load case times for each stage 
(compression, pause and decompression) were 1.928, 0.492 and 1.788 seconds. For the lubricated 
case the corresponding values were 9.6945 mm, 1.857, 0.511, 1.842 seconds. These time and 
compression levels were used in the simulations. The resulting seal deflection shapes can be seen 
in figure 5 where the first column of seal pictures display the measured seal before and after 
compression for the two contact conditions (dry and lubricated). The second column represents 
corresponding simulations. While compressing the dry seal ( 4.0�k� ) no large scale sliding 
contact between the door and the seal could be detected. The seal was deformed in such way that 
local buckling of the inner left side structure of the seal tube could be detected, see figure 5(b).
Buckled air cavities could be seen in the folded area. The structure started to buckle after a 
compression of approximately. 6 mm. The simulations during the same conditions did not result in 
the same type of buckling, see figure 5(e). For the lubricated case ( 15.0�k� ) the seal tube 
structure slides to the right directly during the compression, figure 5(f), forming a different seal 
shape than observed during the dry condition. No buckling of the seal structure can be observed in 
the measurement and the simulation.  
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4.3 Seal reaction force 
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Fig 6. Force measurement (thick line) compared to simulations with no relaxation (thin line) and simulations with 
relaxation (dashed line). (a)-(b) Fx and Fz with µk=0.4. (c)-(d) Fx and Fz with µk=0.15. The load case zones 
(compression, pause and decompression) are depicted at the bottom of the two top graphs.

In figure 6 the measured and simulated forces in the x- and z-direction are viewed. Graph (a) and 
(b) show the force for the dry condition and graph (c) and (d) for the lubricated case. The 
simulated force in graph (a) (thin line) is similar to the measured force for the first half of the 
compression stage. During the second half of the compression stage the simulation over-predicts 
the seal reaction force Fz resulting in a difference of 28% (22 N compared to 17,17 N). This error 
occurs at the same time as when the local buckling of the seal begins (after approximately 1.2 
second of the compression stage) which corresponds to a compression level of 6 mm. When the 
original shape is restored during the decompression at approximately 3.4 seconds the buckling 
error is reduced. The dashed line shows the simulation including energy relaxation. The force 
relaxation can easily be seen in the pause stage where the measurement results in an 11.6% 
relaxation and the simulation resulted in an 8.4% relaxation. The simulation also shows that by 
including the relaxation the agreement of the simulation of the second half of the decompression 
stage is improved. In the x-direction, see graph (b), the experimental values and the simulated 
values also mismatched during the buckling phase. In the z-direction for the lubricated case, see 
figure 6(c), the compression and the decompression does not result in any over prediction similar 
to the one that can be seen for the dry condition. The force relaxation also shows a similar 
behaviour with a relaxation of 13.1% and 9.0% for the experimental and simulated values 

10



respectively. In the x-direction, for the lubricated case, see figure 6(d), the simulation and the 
experimental values show good agreement except during the pause stage where the simulation 
over predict the force. When looking at the measured maximum compression force in the z 
direction, the lubricated case reduced the force to 49% (17.17 N compared to 8.4 N) compared to 
the dry case. 

5 Discussion
This paper presents a study of an asymmetrically shaped car door seal during compression and 
decompression for two different contact conditions, dry ( 4.0�k� ) and lubricated ( 15.0�k� )
Measurements and simulations of the seal shape and force in the x- and z-direction during a 10 
mm compression and decompression have been performed. The simulation was done using 
MSC.Marc 2005 and the rubber elements in the FE-model were based on a Neo-Hookena and a 
foam material model. The models were fitted to tensile, volumetric compression and energy 
relaxation tests which were done using a strain rate of 25% per second. The seal was glued to a 
steel frame and a number of spatially fixed FEM-nodes were used to model this mounting. The 
spiralling cord was also modelled in a simple 2D way as a u-shaped steel part. These two 
simplifications were checked and had no impact on the result. 

The forces in the x- and z-direction was measured and simulated. According to the results the two 
different contact conditions resulted in different seal shapes when compressed. The force required 
to compress the lubricated seal was reduced to 49% of the force produced by the dry seal. This 
result indicates that the contact condition is of great importance and need to be established when 
determining the seal stiffness contribution to the overall system dynamic.  

The simulated compression force showed a better agreement with the measurements when no 
buckling of the seal structure was present. The buckling occurred when the dry seal was 
compressed. The seal tube started to buckle after a compression of approximately 6 mm due to 
buckling walls of the foam bubbles creating a folded area on the left inner side of the seal tube. 
The buckling of the seal structure resulted in lower seal stiffness and hence a lower reaction force. 
The simulations thus over-predicted the reaction force due to the absence of air cavity 
representation in the mesh structure and in the material models used, which assumes a 
homogenous material. In this case the local stress of some air bubbles in the material exceeded the 
limit where the air cavities would buckle. Therefore the assumption of a homogenous material can 
be incorrect for locally situated large deformations and stress levels. This conclusion is supported 
by the fact that the simulation was more accurate for the lubricated case, where no buckled air 
cavities could be detected. For the lubricated case the simulation agreed with the measurements 
except in the x-direction during the pause stage.

Rubber is a viscoelastic material and the stress levels in the rubber will relax after stress exposure. 
The dense rubber showed a larger stress relaxation (31.5%) compared to the foam rubber which 
only showed a relaxation of 19.4% after 600 seconds. Graph (c) in figure 4 also indicates that 
more relaxation is to be expected after 600 seconds. The relaxations after 0.5 seconds (analogues 
with the pause stage) were 7% and 15% for the foam and the dense rubber material respectively. 
Though the seal contained two different types of rubber, the resulting seal relaxation could be 
expected to be a mixture of the relaxation of the stress level of each rubber type and element. Both 
the simulated and the measured seal relaxation magnitudes were within the range of the individual 
relaxation of the two rubber types. The simulations underestimated the relaxation during the pause 
stage compared to the measurements (relaxation of the dry seal 11.6% vs. 8.4% and relaxation of 
the lubricated seal 13,1% vs. 9.0%). Most likely due to the fact that the strain rate for individual 
elements differs from the strain rate of 25% used when measuring the relaxation. The effect of the 
buckling is also causing the element stress level distribution to differ compared to the real case.   
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6 Conclusions
The reaction force produced by the seal is dependent on the geometrical shape and the seal material 
properties like the elastic modulus and bulk modulus. Different contact conditions can affect the desired 
seal function by altering the resulting seal shape during compression. The energy relaxation is also an 
important factor that has to be considered when trying to find the time dependent seal performance. In 
order to predict excessive deformations of seal structures, e.g. during door slam analysis, the influence of 
the local stress levels on foam rubber cavities has to be taken into account. Material models or meshing 
strategies has to be investigated further to resolve this issue. 
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Abstract
A relative displacement between a car door and its sealing system could result in friction 
induced noise which can affect the overall quality assessment of a vehicle. This paper presents 
a study of a car door seal subjected to compression and relative tangential displacements by a 
two metal plates with different types of surface properties (rough and highly coated/smooth). 
The normal and the friction forces acting in the contact zone are measured during different 
translation velocities of the plates. The results are compared to 3D-FEM simulations based on 
a stick-slip friction model and material models fitted to dynamic and quasi-static material 
property tests. The measurement shows that the rougher metal plate generates a difference 
between the static and the kinetic friction. This difference causes the seal to perform a stick-
slip motion generating audible sound pulses. In the simulation an increased difference 
between the static and kinetic friction coefficients also resulted in a stick-slip motion. The 
static friction conditions for each speed was measured and used in the simulation to represent 
a detected speed dependency of the friction force.

Keywords: Noise, Stick-slip, Foam rubber, Seal, FEM, Vehicle dynamic, Vehicle vibrations, 
Friction, Stick-slip. 

1 Introduction 
In the design process of a car door seal a variety of conditions and demands must be 
considered. The seal has to form a flexible barrier between the door and the frame/body 
structure to absorb displacement tolerances, and it must also be able to insulate the 
compartment from exterior traffic noise and wind noise [1-3]. The seal also plays an 
important role when controlling the compartment climate, and must be able to handle 
temperature differences between the two sides. In order to prevent e.g. water and dust from 
entering the compartment the seal must produce the right amount of pressure to the door. 
Wagner et al. [4] investigated the compression load deflection (CLD) with respect to water 
leakage and wind noise. A special door closing event which must be handled is the door slam 
case which produced a high impact force. This impact normally damped by an air bulb 
integrated within the seal. The bulb adds an extra flexibility and introduces a damping 
mechanism when compressed air is forced to escape through small evacuation holes when the 
seal is compressed. The seal property also affects the closure sound which can be an 
important property signalling different quality levels [5].  When the door is closed the seal 
contribution to the overall system dynamics is another case which is of interest when 
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predicting possible door displacements and analysing e.g. noise and vibration harshness 
(NVH) performances. The pressure produced by the seal is dependent on the seal stiffness 
which is governed by the dynamic properties of the seal materials, the geometrical shape of 
the seal, and the seal/frame mounting. When analysing a full vehicle dynamic model, the door 
sealing system is normally represented by discrete points introducing stiffness and damping to 
the model. Stenti et al. [6] analysed and simulated the frequency response of a compressed 
seal in order to identify an equivalent linearized seal model for the use in vehicle NVH 
applications. The dynamic characteristics were analysed with respect to compression levels 
and frequency [7]. To reduce the computational cost, introduced by a detailed seal joint 
implementation in a full-scale system, the same group presented a simplification of the system 
where a three-level (material, component and system) modelling approach based on a linear 
interval parametric rubber joint model was introduced [8]. The low frequency relaxation of a 
car door seal and its effect on vehicle vibrations was investigated by Dikmen and Basdogan 
[9] and was shown to be of significant importance to the vehicle dynamics. In the studies 
mentioned above a sliding contact between the seals and the door is not considered. Sliding 
contact conditions is normally associated with e.g. windshield wipers or window seals. Kim et 
al. [10] presented a study where friction induced vibrations in a glass sealing system was 
investigated. An undamped numerical single degree of freedom system and a FEM simulation 
were used to analyse the system. The stick-slip frequency was found to decrease with 
increasing normal force and with an increasing difference between the kinetic and the static 
friction coefficients. The same type of problem can also occur in door sealing systems when 
e.g. relative displacements are present [11, 12] and will therefore add another dimension into 
the door seal design process.

This paper presents a study of a relative displacement between a car door and a rubber seal, 
generating a low frequency squeaking noise. Two different types of car door metal plates 
were used, one that originated from a squeaking door with a rough surface structure and one 
with a smoother surface structure. The metal plates compress the seal and perform a sliding 
motion along the seal generating the relative displacement. The normal force and the friction 
force are measured and used to extract the friction coefficient. The forces are measured for 
different sliding speeds and the results are compared with FEM simulations based on quasi- 
static and dynamic rubber property measurements and the measured friction coefficients.  



2 Seal measurements 
A 50 mm segment of car door seal was mounted on a carrier frame. The seal was composed of 
a spiralling metal cord and two types of rubber, a dense rubber and a foam rubber with a mass 
density of 1270 kg/m2 and 636 kg/m2, respectively. The seal measurements were performed in 
a CETR UTM multi-specimen tribometer test system 1 (Fig 1). Two different types of metal 
plates extracted from two different car doors were mounted separately on a load cell which 
measured the normal force FN (z-direction) and the friction force Fr (y-direction) for different 
translational speeds and with a sample frequency of 4kHz. All measurements were conducted 
during a controlled environment of 23ºC and 39% relative humidity.  

Fig 1 (a) Uncompressed seal. (b) CETR tribometer test system. 

2.1 Load case 
The seal was compressed 10 mm by each metal plate during one second. After the 
compression phase, a relaxation phase of 120 seconds followed. In the beginning of this phase 
the plate was repeatedly translated back and forth in the y-direction reducing the tension in the 
x-direction to form a controlled starting point. After the relaxation phase the load cell was 
translated along the seal (y-direction) for eight different speeds , 0.02 mm/s, 0.1 mm/s, 0.5 
mm/s, 1 mm/s, 2 mm/s and 10 mm/s. 

v

1 www.cetr.com 
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2.2 Door surface structure 
The surface structures of the two plates were measured in a non-contact optical surface profile 
measurement equipment2. The first plate denoted (P1) had a rougher surface structure 
(Ra=2.75µm) compared to the second plate (Ra=35nm) denoted (P2). The surface structure 
properties of the two plates can be seen in Fig 2. The figure shows images of the surface 
structure where bright shades represent high values and darker shades represent lower values. 
Black areas (pointed out by a white arrow) surrounding the high grounds in Fig 2 (a)
represent non-optimal measurement data caused by either deep cavities or unwanted reflection 
conditions reducing the reflection of the back scattered light. In graph (c) the profiles of both 
P1 and P2 are plotted using the same scale for comparison.  
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Fig 2 (a, b): Surface structure of plate P1 and P2. White arrow points out non-optimal measurement 
results (black areas) around higher surface peaks of plate P1. White dashed line mark the position of 
the extracted profile plot seen in the graphs in (c, d). The surface profile of P2 is also plotted in graph 
(c) for scale comparison. 

2.3 Friction coefficient measurement 
The normal force FN and the friction force Fr were used to calculate the static and kinetic 
friction. The static friction coefficient µs was achieved for each plate speed by taking the fully 
developed static friction of the first stick phase. The kinetic friction µk was achieved by 
increasing the plate speed until a steady sliding motion could be detected and was assumed to 
bee constant for all relative surface speeds. 

2 www.veeco.com 
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3 Simulations
The load cases of the seal measurement described above were simulated in MSC.Marc 2005 
[13] with a constant time step resolution of 1/4000 s. A Neo-Hookean material model was 
fitted to experimental material test data for the two rubber types. Together with the measured 
static and kinetic friction the compressed seal was simulated for different translational speeds 
of the door. A 3D model of the seal shape was used to simulate the seal behaviour and for 
computational reasons parts with no or little deformation and stress levels were excluded. 
Higher element refinement was used in regions with higher degrees of deformation. The 
model was divided in 3 element parts in the y direction (Fig 3). 

z

xy

Foam rubber
Dense rubber

Excluded parts

Fig 3 FEM mesh and seal outline. 

3.1 Viscoelastic model 
The rubber material was modelled as a viscoelastic solid represented by a sum of N Maxwell 
elements [14-16] (Fig 4) where E  is the spring modulus and �  is the dynamic viscosity of the 
dashpots for a typical sample length dimension olAL /� , where  is the cross section area 
and  is the initial sample length. The first viscosity is set to infinity (

A

0l ��0� ) leaving  to 
represent the long term  modulus of elasticity of a viscoelastic solid. 

0E
� ��t �

Fig 4 Generalized Maxwell model  
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The time dependent force response of a generalized Maxwell model are described by [16] 
with the equation 
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)(tH is the Heaviside step function and K is a constant scaling the unit extension. For a unit 
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In the frequency domain the complex modulus � ���K  of the system is a sum of the storage 
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From equation 3 it can be seen that the loss and storage modulus of the system is frequency 
dependent.
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3.2 Loss modulus 
The loss modulus of the two rubber types (Fig 6 and Fig 7) was measured in a dynamic 
mechanical thermal analyser DMA Q800, from TA instruments3, (Fig 5). Rubber samples of 
lengths between 7-10 mm were mounted in the equipment and a sine sweep excitation with a 
frequency range of 0.01 to 46.4 Hz and a strain amplitude of 1% was used to measure the loss 
modulus at 23ºC.

Fig 5 Rubber sample mounted in the DMA Q800. 
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Fig 6: Measured loss modulus K’’ for dense rubber 
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Fig 7: Measured loss modulus K’’ for foam rubber 

3.3 Model fitting 
The complex part of equation 3 was fitted to an average of the measured loss modulus for 
each rubber type. The resulting curve fitting parameters can be seen in Table 1 and the loss 
modulus for different frequencies together with the fitted model can be seen in Fig 8 and Fig 
9.
Table 1 Estimated parameters of the mechanical Maxwell model 

Foam rubber Dense rubber i

iE i� iE i�

1 0.138 1.742 4.269 0.003606 

2 0.1869 0.05151 1.938 12.78 

3 0.1604 13.65 1.969 0.1771 

4 0.147 0.2725 1.764 1.381 

5 0.2881 0.009017 2.443 0.02607 
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Fig 8 Foam Rubber, Circles: Measured loss modulus.  Line: Fitted Maxwell model loss modulus 
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Fig 9 Dense Rubber, Circles: Measured loss modulus.  Line: Fitted Maxwell model loss modulus 

9



3.4 Long term modulus of elasticity 

All unknown parameters (  and iE i� ) of equation 3 could be extracted from the sine sweep 
measurement except the long term modulus of elasticity . It was therefore measured 
separately by performing an average of three tensile tests for each rubber type. Samples of the 
size 2 x 4 x 45 mm and 1.5 x 4 x 45 mm for the dense and foam rubber respectively were 
used. The samples were pulled to a strain of 50 % during one second. The relaxed stress levels 
were then measured after approximately 600 seconds resulting in a estimation of the long 
term modulus of elasticity  of 0.746MPa and 2.967MPa for the foam and dense rubber 
respectively.  
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Fig 10 Foam rubber: Stress relaxation. E0 = 0.746MPa (Measured at 600 s) 
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Fig 11 Dense rubber: Stress relaxation. E0 = 2.967MPa (Measured at 600 s) 
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3.5 Step response 
The step response was estimated for each rubber type by applying the parameters of Table 1 
and the long term modulus of elasticity to equation 2 (Fig 12). The peak stress for the foam 
rubber was 1.674MPa, and 15.35MPa for the dense rubber. This stress level is referred to a 
100% strain level and was used as input data to fit the material models. 

3.6 Mechanical structure calibrating 
A reference measurement of the seal was conducted to evaluate the performance of the model. 
A one second 10mm compression phase followed by a relaxation phase was conducted. The 
maximum equivalent elastic strain resulted in approximately 60% for the foam rubber and less 
than 6% for the dense rubber (Fig 13). 

60%

<6%

Fig 13 Equivalent elastic strain after a 10 mm plate compression. 

When using the estimated step response to define the material properties; a mismatch between 
the reference measurement and the simulation could be seen (Fig 14). In the figure the 
reference measurement is plotted with a thick black line and the simulation is plotted with a 
dashed line. Assuming a nonlinear strain level dependent behaviour of the Maxwell structure 
a parameter a is introduced to represent this dependency in the time dependent stress relation 
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By choosing a value of a=0.3 a better fit to the reference measurement was achieved, plotted 
as a grey line in Fig 14. This procedure was only applied to the step response calculation of 
the foam rubber due to the large deviation between the DMA Q800 strain rate of 1% and the 
actual resulting strain in the simulation of approximately 60%. 
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Fig 14 Force response in the z-direction after a 1s 10mm seal compression. Black line: Force 
measurement. Dashed line; Uncalibrated result  (a=1). Grey line: Calibrated result (a=0.3). 

3.7 Material model 
The stress strain curves were fitted in MSC.Marc to a Neo-Hookean material model 
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where 1� , 2� , and 3�  are the stretch ratios in the three spatial directions. The material model 
parameters were C10= 0.292857MPa for the foam rubber and C10= 4.38571MPa for the dense 
rubber. The time dependent energy relaxation in the model was fitted to the previously 
estimated step responses by fitting a fifth order Prony series (M=5) equation 6. 
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The parameters of the Prony series �  and �  can be found in Table 2 
Table 2 Prony parameters for relaxation data. 

Foam rubber Dense rubber i

i� i� i� i�

1 0.116083 0.0137473 0.39465 0.00763333 

2 0.0620239 0.172917 0.163206 0.1356224 

3 0.0442124 1.57325 0.120313 1.32334 

4 0.0444104 13.1264 0.124269 12.6122 

5 0.00349485 18.7365 17.4214 0.00332189 
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3.8 The bulk modulus
The dense rubber was assumed to be incompressible with a bulk modulus of 10GPa [17]. The 
bulk modulus of the foam rubber was measured by performing a volumetric compression test. 
The volumetric compressibility of the foam rubber was measured by compressing a confined 
piece of the size 10 x 10 x 1.5mm with a metal shaft of the size 10 x 10mm. The foam rubber 
piece was compressed to a strain level of 0.3 with a strain rate of 25% per second. Due to the 
relatively thin sample the error introduced by the load cell flexibility was measured and 
subtracted from the measured volumetric compression strain. From the volumetric 
compression test a bulk modulus of 1.26MPa was identified by measuring the initial slope 
ratio of the compression stress/strain curve (Fig 15).  
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Fig 15 Foam: Measured volumetric compression. Bulk modulus estimated to 1.26MPa 

3.9 Contact conditions 
A Coulomb stick-slip friction model implemented in MSC.Marc 2005 [13] was used to 
simulate the contact between the seal and the metal plate. The stick and slip phases of the 
model are characterized by: 

Slip
Stick

nkt

nst

�
�

	�
�

where t  and n ,  are the tangential and normal stress. The nodal separation force in the 
normal z-direction was assumed non-existing.  
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4 Simulations v.s. measurements 
In Fig 16 the resulting simulated uncompressed and compressed seal shape are shown 
together with a photo of the compressed seal. During the measured and the simulated 
compression of the seal, the top part of the seal was sliding to the right. 

Fig 16. (a): 3D model of  uncompressed seal. (b): 3D simulation of compressed seal. (c): Compressed 
seal

4.1.1 Measurements plate P2 
In Fig 17 the result of the force measurement using the smoother plate P2 is plotted together 
with the friction force coefficient. The measurement shows no typical stick-slip behaviour and 
no audible sound pulses could be heard during the measurement. Four of the measured speeds 
are plotted to illustrate this behaviour. A small but notable increase of the friction coefficient 
level, during the sliding phase, can be seen with decreasing speed.
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Fig 17 Measured friction and normal force Fy and Fz using plate P2 

4.1.2 Measurements plate P1 
In Fig 18  the result of the force measurement using the rougher plate P1 is plotted together 
with the friction force coefficient. The measured friction force clearly shows a typical stick-
slip (saw-tooth like) behaviour generating audible sound pulses for all plate speeds except for 
10mm/s. At 10mm/s the friction force is increasing during the initial stick phase to 1.8N. The 
force is then conserved during the sliding phase.
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Fig 18 Black lines: Measured forces in the z- and y-direction for different plate speeds. Grey lines: 
Measured friction coefficients. 

By decreasing the plate speed the friction force at the transition point (peak of the stick-slip 
cycles) where the seal is going from a stick phase to a sliding phase is increasing. For 0.02 
mm/s the friction force has reached a value around 2.7N before the slip phase starts. When the 
slip phase begins the seal slides in the opposite direction and comes to a halt around 1.1 N. 
The seal sticks to the plate and a new cycle of the stick-slip motion starts. The force span of a 
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slip and a stick phase decreases with increasing speed until a steady sliding motion can be 
seen at 10mm/s. In the measurement, a stick-slip frequency of approximately 9.1Hz per 1 
mm/s plate speed could be detected. A value of the stick-slip frequency for each speed is 
plotted in Fig 19(a).
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Fig 19(a):  Measured stick-slip frequency vs. plate speed. (b): Mean value of the friction coefficient of 
each stick phase of the-stick slip cycles. Dots: Maximum and fully developed friction coefficient. 
Crosses: Minimum friction coefficient. 

Fig 18 also shows how the friction coefficient changes over time. The coefficient is mainly 
governed by the stick-slip shape of the friction force though the normal force  shows a 
fairly stable value. During the stick-slip motion the friction values are fluctuating between 
approximately 0.19 and 0.46 for 0.02 mm/s. Following the behaviour of the friction force the 
span of the fluctuating friction coefficient is reduced with increasing plate speed until the 
steady sliding motion at 10 mm/s is reached, resulting in a friction coefficient of 
approximately 0.295. This is illustrated in Fig 19(b) where the mean value of the fully 
developed friction of every stick-slip cycle is plotted (black dots) together with the mean 
minimum value (crosses). Speeds less than 0.02 mm/s did not increase the friction coefficient 
further.

zF

4.2 Simulation
Simulations of the forces together with the friction coefficient can be seen in Fig 20 where a 
comparison to the measurements is depicted for three speeds: 0.02 mm/s, 2 mm/s and 
10mm/s. To simulate these three speeds the static friction coefficients was extracted for each 
speed by taking the fully developed static friction of the first stick phase. For 0.02mm/s the 
static friction was found to be µs=0.46, 2mm/s resulted in µk=0.36 and 10mm/s resulted in 
µs=µk=0.295 (no stick-slip). The kinetic friction coefficient measured at 10mm/s was used for 
all plate speed simulations. The simulated normal force Fz plotted in Fig 20 shows good 
agreement with the measurement for all speeds. At 10mm/s the resulting simulated friction 
coefficient (grey line) results in the tame value as the measurement (0.295). For other speeds 
the simulated maximum developed friction coefficient increased with decreasing speed but 
not in the same extent as the measured coefficient. The simulated stick-slip frequency was 
also over-predicted compared to the measurement. The simulation of 10 mm/s where µk=µs, is
considered to be representative to the smooth plate (P2) and therefore no simulation for that 
case is plotted. The simulated stick-slip frequency showed a value twice as high as the 
frequency of the measured stick slip cycles. E.g. for 2 mm/s the frequency resulted in 20Hz 
per 1 mm plate speed compared to 9.1 Hz for the measurement.  
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5 Discussion
This paper describes a study of a 50 mm car door seal segment compressed by two different 
metal plates representing the car door. The plates first compressed the seal and then 
performed a sliding movement along the seal at different speeds. The normal and the friction 
forces were measured and compared with simulations. The material properties of the rubber 
compounds of the seal were measured both by sine sweep excitation and quasi-static tensile 
and compression tests. The loss modulus was measured in a DMA Q800 by performing a sine 
sweep from 0.01 to 46.4 Hz. The loss modulus was used to extract the viscosity i�  and 
modulus of elasticity , of a generalized Maxwell mechanical model, by fitting the 
frequency domain equation of the model to the data. The parameters were used together with 
quasi-static measurements of the long term modulus  to predict the step response of an 
element for the two rubber types.

iE

0E

The foam rubber showed a larger spread between individual dynamic loss modulus 
measurements than the dense rubber (Fig 6 and Fig 7), possibly due to the higher sensitivity to 
clamping affects of the foam rubber, or its inhomogeneous material structure compared to the 
dense rubber. For higher frequencies than 46.4 Hz the estimated parameters E  and �  of the 
Maxwell model are not supported by any measurement data. Measurements performed of 
frequencies above this limit rendered in non-valid data and were therefore excluded. By 
increasing the frequency limit the estimation of the Maxwell parameters would improve.   

The introduced parameter “a” represents an assumed strain level dependency of the Maxwell 
structure. The parameter was applied to the viscoelastic part of the step response function of 
the foam rubber due to the larger difference between the strain used to measure the loss 
modulus (1%) and the strain produced by the deformed foam rubber in the simulation (60%). 
The long term modulus was measured at a strain level of 50% and was therefore assumed 
to be valid. The 1% strain level produced by the DMA Q800 was also assumed to be 
representative of the strain level within the dense rubber material.  

0E

The contact condition between the foam rubber and the metal plate was simulated with the 
built in stick-slip friction model in MSC.Marc. The measured friction coefficient showed a 
plate speed dependency where the static coefficient µs increased with decreasing plate speed. 
A possible explanation to the increasing friction force/coefficient could be that small scale 
contact mechanics of the rubber and the metal surface could increase the mechanical grip and 
the active contact area for lower speeds. For lower speeds the viscoelastic rubber material will 
have the time to drape the metal plate surface structure and increase the active contact area 
and hence the mechanical grip and adhesion. This hypothesis is supported by the result where 
Plate P1 with the rougher surface resulted in a larger increase of the friction coefficient than 
plate P2 with the smother surface.  

The simulation could generate a stick slip behaviour but not reproduce the same amount of 
increasing static friction while reducing the plate speed, as could be seen in the measurement. 
As a result of this, the simulated stick-slip cycle showed a higher frequency than the 
measurement. A larger value of the static friction, than the values extracted from the 
measurement, seems to be required to simulate the contact conditions correctly. The 
assumption of a zero nodal separation force and a speed independent kinetic friction could 
also be sources of error. A friction model including the speed dependency of both the kinetic 
and the static friction should be investigated in the future.  
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6 Conclusions

� A stick-slip phenomenon generating audible sound was generated by translating a rough 
metal plate (Ra = 2.75 µm) along a car door seal while a smoother plate (Ra = 35 nm) 
resulted in a silent stick-slip free motion. 

� When sliding the rougher plate a difference between the static and the kinetic friction 
allowed the seal to charge elastic energy in the stick phase and release it in the slip 
phase creating audible sound pulses. 

� The measured frequency of this stick-slip oscillation was linearly dependent on the plate 
speed.

� The measured fully developed static friction µs was dependent on the plate speed and 
increased to a certain value with decreasing plate speed.  

� The FEM simulations confirmed that a difference between the static and kinetic friction 
results in a stick-slip behaviour. When µk=µs, a smooth sliding motion could be 
simulated. 
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