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Abstract

The rapid build-up of variable renewable power sources such as wind and so-
lar are leading to increased instability in the electrical grid. Many methods of
controlling this instability have been proposed but existing hydroelectric power
plants in many cases already been enlisted to fill the regulating power needs
of industry and the population. Filling this regulating power role necessitates
that electrical power generating machines change load state more often and
experience an increase in starts and stops. Likewise, the push for a less envi-
ronmentally intrusive society has raised the importance of utilizing equipment
with reduced impact on their natural surroundings.

This situation has created a host of opportunities to improve existing power
plants and upgrade designs of new power plants to allow for reduced impact,
better reliability, and increased efficiency. As one of the most critical and
failure prone components of the power plant, the bearings hold great potential
for improvements that together can reduce impact while increasing efficiency
and reliability.

To accomplish these opportunities, this work investigates the potential of
new, environmentally adapted, lubricants to improve power plant efficiency. It
then continues by developing guidelines for power plant operators when con-
sidering changing lubricants. Finally, the potential of polymer faced bearings
to improve plant reliability at start up is investigated.

A journal bearing test machine was constructed to investigate a number
of new synthetic lubricants and polymer bearing materials. These tests found
that a significant reduction in power loss could be accomplished without sig-
nificantly affecting the bearing’s minimum film thickness by changing from a
traditional mineral oil to a high viscosity index oil of much lower base viscos-
ity grade.

Further experimental work led to the development of practical guidance
for power plant operators contemplating a lubricant change. This technique
focuses on the importance of maintaining equivalent viscosity in the minimum
film thickness region after a lubricant change. Efficiency improvements can
then be calculated by comparing the viscosity in the bulk of the bearing to that
with the original lubricant.

Experimental work with polymer bearing facing materials demonstrated
the dramatic reductions in break away friction that these materials can provide.
A number of polymer composite materials were investigated for their friction
characteristics at the moment of the start of sliding, finding that PTFE based
materials were far superior to traditional Babbitt metal. The break away fric-



tion of PTFE materials was much lower than that of Babbitt, especially after
long periods of inactivity. Furthermore, the PTFE materials provided a much
more stable friction than Babbitt through large variations in both pressure and
oil bath temperature.

Finally, experimental work with a full scale polymer faced bearing pro-
vided insight into the function of polymer faced bearings as well as valuable
lessons in the further development of these bearings and their monitoring sys-
tems.



Appended Papers

[A] G. Simmons, S. Glavatskih. Synthetic Lubricants in Hydrody-
namic Journal Bearings: Experimental Results. Accepted for
Publication in Tribology Letters, 2011.
All bearing experimental work and the writing of paper A were accom-
plished by the author. Lubricants and their characteristics (viscosity, etc)
were provided by the manufacturers.

[B] G. Simmons, E. Kuznetsov and S. Glavatskih. Powerplant Lubri-
cant Selection for Improved Efficiency and Environmental Impact
Reduction. Proceedings International Mechanical Engineering
Congress and Exposition 2010, Vancouver, Canada, November
12-18, 2010.
All bearing experimental work and the writing of paper B were accom-
plished by the author. Modeling work was accomplished by Evgeny
Kuznetsov with the author’s input.

[C] A. Golchin, G. Simmons and S. Glavatskih. Break-away Fric-
tion of PTFE Materials in Lubricated Conditions. Presented at
NordTrib 2010, Sweden, June 8-11, 2010. Submitted to Tribol-
ogy International NordTrib special issue, 2010.
Design and supervision of the experimental work and writing of paper C
were accomplished by the author together with Arash Golchin. The bulk
of the experimental work was accomplished by Arash Golchin. SEM
work and analysis of the results was jointly done by the author and Arash
Golchin.





Contents

1 Introduction 1
1.1 Tribology and Journal Bearings . . . . . . . . . . . . . . . . . 1
1.2 Hydropower . . . . . . . . . . . . . . . . . . . . . . . . . . . 4
1.3 Technology . . . . . . . . . . . . . . . . . . . . . . . . . . . 6

2 Objectives 9

3 Methods 11

4 Test Rig Development 13

5 Results and Discussion 19
5.1 New Synthetic Lubricants . . . . . . . . . . . . . . . . . . . . 19
5.2 Machine Operation . . . . . . . . . . . . . . . . . . . . . . . 22
5.3 Break Away Studies . . . . . . . . . . . . . . . . . . . . . . . 24
5.4 Polymer Faced Bearing . . . . . . . . . . . . . . . . . . . . . 27

6 Conclusions 31

7 Future Work 33

Papers 35

A Synthetic lubricants: experimental results 35

B Powerplant lubricant selection 51

C Break-away friction of PTFE materials 71

Bibliography 93

vii





Chapter 1

Introduction

What are hydrodynamic bearings and what connection do they have to
the field of tribology and the hydroelectric power industry?

Of the many major breakthroughs that define the modern world, one stands
out above all others: Electricity. This ’on demand’ power source enables ev-
erything from lighting and cooking to transportation and extraterrestrial com-
munication. While the root power source for the electricity used today comes
primarily from three very different sources (combustion, nuclear reactions, and
flowing water), the machines that convert these raw power sources to useful
electricity operate within the same bounds. They all rotate at some fraction of
the electrical grid’s frequency and they all are able to spin stably because of
some arrangement of bearings.

In its simplest form, a bearing can be considered as two surfaces in con-
tact with one another. Bearings require lubricant for reliable operation which
places their study into the field of Tribology, the study of surfaces in relative
motion including friction, lubrication and wear.

Thus the research work of this thesis can be seen to span three topics:
tribology, hydropower, and new lubrication technology.

1.1 Tribology and Journal Bearings

Tribology spans several scientific fields including mechanical engineering, ma-
terials science, physics and chemistry but is often overlooked in its importance
to everyday life. To study the interaction between surfaces a few basic ques-
tions must be answered about the contact:

1
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Figure 1.1: The Stribeck curve showing the transition from boundary to mixed
and finally to hydrodynamic lubrication regimes with changing speed, viscos-
ity or load on the contact.

• Is the contact lubricated?

• In which lubrication regime does the contact operate?

This work focuses on contacts in which lubricant is always present. Lubri-
cated contacts can be divided into three distinct zones according to the Stribeck
curve, Fig. 1.1. A lubricated contact at rest is most often in the boundary lu-
brication regime in which the surface contours (asperities) of the two surfaces
are well interconnected and so friction is high. As relative motion begins be-
tween the two surfaces, pressure builds in the lubricant and the load shifts
from the asperities to the lubricant. Finally, if the speed of the contact is in-
creased, the load is reduced or the viscosity is increased enough, the contact-
ing surfaces become fully separated by the lubricant pressure. Because lubri-
cant is much more easily sheared than the asperities on the surfaces, friction
decreases dramatically once hydrodynamic (full-film) lubrication is achieved.
Further increasing speed causes the shear rate to increase resulting in slightly
increased friction. Wear of surfaces generally decreases from the boundary
regime through the mixed regime and ideally does not occur once hydrody-
namic lubrication is reached.

Journal bearings have been used in rotating equipment since the invention
of the wheel. In its simplest form, a journal bearing consists of a cylinder built
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Figure 1.2: Hydro-dynamic pressure buildup in a journal bearing. Lubricant
is normally supplied to these bearings from the sides or top when the bearing
operates with a horizontal shaft. With a vertical turbine, the bearing is often
partly immersed in an oil bath.

around an axle with a small gap or clearance separating the two. To reduce
wear of the surfaces, the clearance is filled with a lubricant which allows the
contact to operate in the mixed or hydrodynamic regime. When the bearing is
operated in the hydrodynamic regime, a fluid pressure builds up in the bearing
by a converging geometry effect in the lower portion of the bearing, shown in
Fig. 1.2. Following the minimum clearance portion of the bearing, the clear-
ance becomes large (diverges) which results in a pressure drop in the lubricant
causing cavitation (this portion is often referred to as the ’cavitation zone’).
Because of the pressure imbalance between the inlet side and the outlet side of
the bearing, the shaft shifts towards the outlet side, thus allowing the pressure
profile to balance with the resulting total force being in the vertical direction
only.

The vast range of demands that different machine configurations place on
their journal bearings has led to a wide variety of journal bearing designs, each
suited to a specific application. This work focuses on large full film journal
bearings that operate under hydrodynamic lubrication almost all of the time.
The size of these bearings can range from a few centimeters to meters in di-
ameter with the primary commonality being that they are large enough that
differences in lubricant and bearing surface temperature through the bearing
result in great changes in lubricant temperature between bearing inlet and the
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Figure 1.3: Vittjärv hydro-electric power plant on the Lule River undergoing
flood safety improvements autumn 2006.

minimum film region.

1.2 Hydropower

Hydropower harnesses the power of falling water. The two basic requirements
to extract useful power from water are an elevation drop, which provides po-
tential energy due to the effects of gravity, and a flow which allows for the
potential energy to be transformed into useful work. For example, a cup of
water held in the air has potential energy which cannot be harnessed until the
water is poured out or the cup is lowered. In most hydropower applications,
potential energy is concentrated using a dam to abruptly change the elevation
of a river’s water surface. The natural process of evaporation of sea water to
form clouds which then drift over land and produce precipitation provides a
supply of water which then flows into and along the river’s channel. Water-
ways channel fluid through a turbine which converts the potential energy of
the water into kinetic energy. The rotating turbine’s energy can be tapped to
accomplish many tasks, but in general it is used to turn an electric generator
used to convert fluid power to electricity which is then transferred to electrical
transmission lines.

A flowing river in its natural state releases almost all of its potential en-
ergy through friction, turbulence and noise as is clear when standing near to
any large waterfall or rapid. However, to the hydropower engineer, friction,
turbulence and noise are forms of losses in efficiency and should be mini-
mized. Impressively, large hydropower plants today often operate at over 90%
efficiency, meaning that the margin for reducing losses is quite small. By com-
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Figure 1.4: Schematic of a hydro-electric power plant’s mechanical equipment
with a Kaplan turbine. Water flows into the turbine through the inlet tube and
out through the draft tube by way of the turbine. The small figure on the right
represents a person to provide a perspective of scale.

parison, the best thermal power plants are limited by their Carnot efficiency
to approximately 60%. Wind turbines, solar cells and internal combustion en-
gines harvest an even smaller fraction of the energy provided to them. When
the energy requirements for construction and operation are taken into account,
hydroelectric power has been shown to be the most effective power source
available today [1].

In a modern hydroelectric power plant (see Fig. 1.4, the losses are gener-
ally attributed to turbulent and frictional losses in the waterways and turbine,
resistive losses in the generator and, most importantly for this work, losses due
to friction in the bearings and seals. While technology and design of turbines
and generators has progressed greatly in the last century, design and operation
of the bearings has changed very little since Kingsbury and Michell patented
the tilting pad bearing at the beginning of the previous century [2]. How-
ever, according to the insurance industry, wholly 40% of operational economic
losses of hydropower plants are the result of bearing failures [3]. Considering
the micrometer tolerances in the bearing surfaces in comparison to the meter
scale dimensions of those same bearings and the operational demands placed
on them, it is a wonder that they function as well in operation as they do.
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1.3 Technology

Materials

Hydrodynamic bearings utilize a protective layer to guard the shaft against
damage at machine start up and shutdown. This protective layer has tradition-
ally consisted of a a thick coating of a bronze or tin alloy known as Babbitt or
white metal. Various forms of Babbitt metal have been widely used in sliding
bearings since their invention in the 19th century. While this material has been
tried and proven for over a century in sliding bearings, its use is not without
drawbacks. Because Babbitt material is especially susceptible to adhesion at
break away, hydrostatic jacking systems are commonly used to transfer the
load from the Babbitt layer’s surface to lubricant under high pressure during
machine startup. Furthermore, because of its relatively low melting point, Bab-
bitt cannot be operated at higher temperatures which directly limits the max-
imum mean pressure during operation to between 2 and 3 MPa depending on
the specific geometry.

Progression of material science has allowed for development of new ma-
terials and processing techniques not earlier imaginable. Previously, polyte-
trafluoroethylene (PTFE) was considered to be one of the better available ma-
terials for bearings. While the friction provided by PTFE is extremely low, the
wear rate is higher than desirable. PTFE can also have a tendency to creep un-
der higher temperature loading and continuous use. Furthermore, when used
in bearings, the insulating characteristics of most polymer materials can result
in higher lubricant temperatures than for materials which more readily conduct
heat away from the contact. Other polymer materials such as ultra high molec-
ular weight polyethylene (UHMWPE) provide excellent friction and wearing
characteristics, but are limited by their maximum operating temperatures. Ad-
ditionally, most polymer materials for low friction applications are developed
with the goal of self lubricated operation often with solid lubricant particles
embedded into the material. Liquid lubricant is necessary in high speed ma-
chinery for cooling and to allow for operation in the hydrodynamic lubrication
regime where the lowest friction and highest surface speeds are possible.

Countless new materials as well as blends of PTFE have been developed
which maintain the same low friction offered by PTFE while providing added
strength and wear resistance. These materials are based on composites of
PTFE or other polymers such as polyamides. Applying these more advanced
polymer materials to sliding bearing applications could potentially eliminate
the issues faced by current materials while allowing for significant improve-
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Figure 1.5: Variation in dynamic viscosity vs. temperature for fluids with dif-
ferent viscosity indices. All fluids have equal viscosity at 100◦C but viscosity
at 40◦C varies greatly.

ments in machine performance.

Lubricants

As with material science, lubricant technology has progressed dramatically
since the original development of mineral oil based lubricants in the 19th cen-
tury. In the face of new developments such as custom synthesized lubricants
and additives, many industries continue to operate with lubricants made to old
specifications. New understanding of chemical processes holds the potential to
tailor make lubricants for optimum performance in specific applications thus
improving efficiency and machine safety. Equally important to developing and
selecting the optimum lubricant for a given application is adapting the oper-
ation of the machine to best match the lubricant’s characteristics. Opportuni-
ties to dramatically change journal bearing performance by switching lubricant
have not been previously available thus a firm understanding of the differences
that can be expected from application of new lubricants needs to be developed.

Typical turbine lubricants available and used today are based either on clas-
sic high quality petroleum base stocks or some form of synthetic base stock
(ester, poly-alkylene-glycol (PAG), or poly-alpha-olefin (PAO)). Additionally,
any number of additives are blended into the base oil to improve specific char-
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acteristics such as anti-oxidation additives which extend lubricant life, extreme
pressure additives to reduce friction in high pressure contacts or anti-foaming
additives to reduce the lubricant’s tendency to trap air bubbles. Most impor-
tant to this work are additives which improve the viscosity index (VI) of the
lubricant.

A lubricant’s VI describes how the viscosity of a lubricant changes with
variations in temperature. Generally, as temperature increases, the viscosity
of a fluid decreases following a loglog-log curve as shown in Fig. 1.5. The
three lubricants have equal viscosity at 100◦C but much different viscosities
at 40◦C due to their differences in VI. Because fluid flow losses in a system
are directly coupled to the viscosity of the fluid, any reduction in viscosity can
potentially result in direct power savings due to reduced flow losses.

Lubricants also play an important role in the ongoing industry shift to-
ward more environmentally and socially acceptable operations. Proper se-
lection of base oils and feed stocks allows for production of lubricants with
bio-degradability and non-toxicity. Following an in depth study of lubricant
usage in aquatic environments, [4] the European Union established an eco la-
bel standard for lubricants [5] with specific requirements for bio-degradability
and renewability of lubricants mostly in total loss applications such as chain-
saws and outboard boat motors. Additionally a number of national standards
regarding lubricant biodegradability have been developed such as SS 155434
[6] which include turbine lubricants.

Hydropower plants can potentially release significant quantities of lubri-
cant into waterways. Unfortunately, elimination of all leakage is not feasible
in many cases and so using oil with some degree of bio-degradability provides
a welcome alternative to the release of toxic lubricants. Additionally, the use
of less hazardous materials in industrial applications offers additional, less tan-
gible, benefits such as the potential to reduce the health and safety risks and
extra costs related to handling, storage and general use of lubricants.



Chapter 2

Objectives

What are the goals of this research work?

The objective of this work is to improve journal bearings in large machines
with the goal of reducing power losses and environmental impact while at the
same time increasing machine reliability. Journal bearing technology currently
in use in large rotating machines has changed little since initial development
of tilting pad sliding bearings in the first half of the 20th century. Likewise,
lubricants used today are nearly the same as those used 50 years ago.

Recent years have witnessed great advances in material technology and
chemical processes which have yielded a whole new range of lubricants and
materials that were not imaginable to the technologist of the 20th century.
Meanwhile, demands placed on the large machines used for power generation
have changed dramatically from continuous operation at optimal efficiency to
regulation and balancing of an increasingly unstable power grid filled with
intermittent power sources such as wind and solar power. Additionally, pro-
ducers and consumers are increasingly aware of their environmental impact
and any improvements can be valuable and desirable.

This setting builds the specific objectives for this work:

• Investigate the performance of and further develop new environmentally
adapted lubricants for use in large sliding bearing applications.

• Investigate the potential of new lining materials to improve transient op-
eration and increase load carrying capacity of journal bearings.

• Develop practical guidelines for the application of new sliding bearing
technology in industry.

9





Chapter 3

Methods

How is this research carried out?

The investigations detailed in this thesis provide a ground level up re-
thinking of sliding bearing design and application. Most recent work in sliding
bearings has focused on using thoroughly developed models to create special-
ized solutions and minor modifications to existing designs and to refine meth-
ods of characterizing bearings as machine components. However, even the
best of these models have difficulty explaining the interaction between the lu-
bricant and bearing in the cavitation zone or the formation of lubricant film at
machine start-up. The complexity of these interactions are often overlooked
or grouped into coefficients which are then adjusted to custom match model
results and experimental data. An example of this is the use of a mixing coef-
ficient in thermohydrodynamic lubrication models to account for the cooling
that occurs in a journal bearing inlet [7] or the use of a number of coefficients
in a more simplified model [8].

Investigating these complexities necessitates experimental investigations
to develop empirical understanding which can then be applied to models and
allow for further development and refinement. However, while computer based
simulations aim to include complexity and eventually consider the entire sys-
tem, the challenge of laboratory experiments is to remove complexity to isolate
individual phenomena from their interactions within the greater system. This
leads to the development and optimization of specialized equipment and test-
ing procedures which by their nature are expensive and time consuming.

Further development of journal bearings and their lubricants requires op-
timization at both the tribo-contact and full scale component level. Thus this
work combines investigations of isolated phenomena at the tribo-contact level

11
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with functional tests at the full scale testing level. A reciprocating tribo-meter
is used to investigate the friction characteristics of bearing materials in the
transition from stopped to sliding in the presence of lubricant. Further devel-
opment of this test and test rig software allowed for determination of the effects
of extended stop periods on the starting friction. These small scale tests, while
time consuming, provide valuable insight into the performance of a variety of
materials at a much lower cost than full scale testing.

As pointed out by Taylor [9], thermal or geometric scaling can be accom-
plished in tribological contacts, but combining the two leads to uncertain re-
sults. Likewise, while small scale testing can provide insight into how materi-
als and lubricants will function in the full scale, the results cannot be directly
transferred. Thus testing in a scale as close to the application scale as possible
is the only way to accurately determine the performance of materials and lu-
bricants at the full scale. Further supporting this need of full scale testing are
the requirements of end users. Very few industrial users make large financial
decisions based on micro scale tests.

Providing the understanding and development necessary for industry ac-
ceptance of new materials and techniques thus requires testing at as near to
full scale as possible. Accomplishment of this scale of testing requires the
use of a full scale test rig employing a large journal bearing used in actual
equipment. The construction of this rig is detailed in Chapter 4.



Chapter 4

Test Rig Development

What challenges were faced in the development of the testing equipment
and how were they overcome?

While the academic goals of this work are to improve operation of journal
bearings, the bulk of the effort has been put into development of testing equip-
ment and methods able to provide the detailed experimental results necessary
to further understand and improve journal bearings. Producing these experi-
mental results requires a test rig capable of measuring a number of parameters:

• Temperature in the oil film and throughout the system.

• Bearing load.

• Thickness of the oil film and eccentricity of the shaft within the bearing.

• Pressure within the oil film.

• Torque and power loss generated by the bearing.

• Lubricant flow rate and pressure.

• Bearing dynamic coefficients.

The basic arrangement of the test rig is illustrated in Fig. 4.1. A motor
(red) is connected, via a flexible coupling (yellow), to a shaft (teal). The shaft
is supported by two roller bearings (purple) and the test bearing is mounted
between these two bearings. A slip ring (gray) is used on the end of the shaft
opposite the motor to connect on-board sensors to the data collection system.
The test bearing housing (blue and green) is supported by 4 load cells (green)

13
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Motor

Air Cushion

Support Bearings

Test Bearing
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Motor-Shaft

Coupling

Shaft

Slip Ring

Figure 4.1: Diagram of journal bearing test rig showing the arrangement of the
key components.

Figure 4.2: Journal bearing test rig. Black hoses to the right and left chan-
nel lubricant back to the storage tank. The white hose in the center provides
pressurized air to the air cushion loading system.
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Sensor Plug

Shaft

Figure 4.3: Journal bearing test rig shaft showing installation of sensor plugs
on shaft outer diameter. The hollow portion of the shaft allows for cable rout-
ing and ends where it intersects the through bore at the sensor plugs.

which are bolted to a steel block (black). Loading is provided by an air cushion
(light blue) placed under the steel block. The foundation is filled with sand to
stabilize the machine with added mass as well as improve the damping of high
frequency structural resonance.

One of the key goals in design of this test machine was modularity. The
primary elements of the test rig are designed to accommodate industry stan-
dard bearing designs while specialized bearings can be installed using cus-
tom manufactured holders which are easily swapped. The majority of elec-
trical couplings to the shaft and bearing are standard quick connectors which
greatly reduce time for repairs and modifications. Furthermore, the design al-
lows for relatively simple assembly or disassembly requiring 1 person and a
crane (complete removal of the shaft requires less than 2 hours).

In its current form, the test rig is not able to measure bearing dynamic coef-
ficients, however future upgrades which will allow this capability are planned
and well into the development stage.

The specifications for the test rig and sensing package developed for this
work make it one of the more complex steady state journal bearing test ma-
chines currently in existence. While most bearing test rigs only measure steady
state film thickness from outside of the shaft, this rig is able to measure both
pressure and film thickness continuously from inside the shaft. This provides
a complete film profile with each revolution. Temperature sensing is accom-
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Displacement

Sensor Pressure Sensor

Temperature Sensor

Figure 4.4: Sensor plug from test rig shaft showing arrangement of pressure
and displacement sensors as well as temperature sensor locations.
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plished using inexpensive medical grade thermistors which provide highly ac-
curate measurements without need for calibration.

The greatest challenge to overcome in this regard was developing tech-
niques for installation of the on-shaft pressure and film thickness sensors. The
chosen solution was to use two opposing caps held onto the shaft with custom
formed socket head cap screws (see Fig. 4.3). One cap holds 2 piezo-electric
pressure sensors while the other cap is equipped with 1 piezo-electric pressure
sensor and 2 inductive displacement sensors (see Fig. 4.4). The displacement
sensors have been further modified to ensure that they can survive the repeti-
tive high pressure and centripetal acceleration to which they are subjected in
operation. The pressure sensors are mounted with a small cavity facing the lu-
bricant film. This cavity is then filled with silicone to produce the effect of the
sensor being on the shaft’s face. An example of the pressure and displacement
results is shown in Fig. 4.5.

Mounting of the displacement sensors inside the shaft required that their
amplifiers also be mounted in the shaft. This causes the amplifiers to be sub-
jected to the higher than ambient temperature present in the shaft and adds
a degree of uncertainty to the amplitude of the film thickness measurements.
To reconcile this problem, a total of eight displacement sensors are mounted
outside of the shaft, four on each side of the bearing housing at 90◦ intervals.
These sensors allow for measurement of the static eccentricity and attitude
angle of the shaft during operation. Because the loading system relies on a
pressure load which allows the bearing to float around the shaft, determining
when the shaft is centered in the bearing poses a challenge.

The challenge of finding the zero point of stationary displacement sensors
with absolute certainty is well documented in the literature. The most common
solution is to operate the bearing with no load at the test rigs maximum speed.
This type of operation causes the shaft to converge as near to zero eccentricity
as possible and ideally provides a measurement of the location at which the
shaft and bearing centers coincide. Alternatively, the shaft center can be found
by placing the bearing at a relative eccentricity of 1 in several locations and
calculating the intersection of these locations.

For this work, two variations of the later method were used to determine
the center point. The fully assembled clearance was verified by aiming the
shaft displacement sensors directly down. The bearing was then loaded so
that the sensors could measure zero film thickness. Then, the bearing was
completely unloaded so that the sensors measured a maximum film thickness.
This was repeated several times with the sensors aimed both down and up. This
measurement indicated the vertical center of the bearing. Determination of
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the horizontal center required loading the bearing horizontally and repeating a
similar procedure. Performance of these measurements again with the sensors
outside of the shaft reduced the inherent error in the measurement technique.

Additional challenges were met in development of the software used to op-
erate and collect data from the test rig. The large number of sensors operating
at both high and low speeds required the development of two separate Lab-
View programs to collect and process the data. Further data processing was
accomplished by a set of programs written using MatLab.



Chapter 5

Results and Discussion

What are the findings of this research?

The results of this work can be divided into four categories which are in-
terconnected and build upon each other towards the goal of a complete solu-
tion for optimizing the performance of journal bearings in hydroelectric power
plants. Testing the performance of new lubricants led to insight which helped
to develop practical guidelines for lubricant changes. Likewise, small scale
testing of break away friction led to better understanding of the performance
of the full scale polymer bearing.

5.1 New Synthetic Lubricants

Initial studies were conducted with a number of new synthetic lubricants with
high viscosity index (VI) finding significant performance differences between
standard VI and high VI lubricants. The high VI lubricants provided generally
lower power loss compared to the standard lubricants. Reduced power loss
resulted in significantly lower operating temperatures in the bearing and lubri-
cation system. Characteristics of the new lubricants together with two standard
mineral oil based turbine oils used for comparison are detailed in Table 5.1.

The synthetic lubricants generally demonstrated equivalent film thickness
to mineral based lubricants with double the base viscosity grade. For example,
SE32 provided similar film thickness to VG68 and likewise SE15 provided
similar films to VG32. The most extreme lubricant tested, SV22, was found
to provide similar performance to VG68 at higher speeds, but was not able
to provide the same film thickness at lower speeds. Initial expectations were

19
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Table 5.1: Characteristics of the tested lubricants

Grade Abbreviation Base Oil Viscosity, (mm2/s) VI
40 ◦C 100 ◦C

ISO VG68 VG68 Mineral 67.3 8.79 103
ISO VG32 VG32 Mineral 33.7 5.62 105
ISO VG32 SE32 Synthetic Ester 32.1 8.46 259
ISO VG22 SE22 Synthetic Ester 21.4 5.87 245
ISO VG22 SV22 Synthetic Ester 20.4 6.81 340
ISO VG15 SE15 Synthetic Ester 15.5 4.46 226

1

2

3

4

5

6

7

8

9 14 19 24 28 33

Speed (m/s)

P
o

w
e
r 

L
o

s
s
 (

k
W

)

VG68

VG32

SE32

SE22

SV22

SE15

Figure 5.1: Power loss for system at 2 MPa loading. Lubricant flow rate is 2
l/m for speeds to 24 m/s and 3 l/m for 28 and 33 m/s.
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Figure 5.2: Temperature and viscosity at 2 MPa load and 24 m/s showing
zones of bearing function. Zone 1 represents the inlet and pressure buildup
region, Zone 2 the load supporting region, and Zone 3 the unloaded area of the
bearing.

that SE22 would provide a replacement for VG32, however, testing showed
that SE22 could in fact be a viable replacement for ISO VG46 mineral based
turbine oil, which was not included in the testing. This performance difference
is illustrated in Fig. 5.1 and is most remarkable in that it shows the potential
for changing from a high viscosity grade (VG) lubricant to a much lower VG
lubricant with higher VI.

Further supporting use of these lubricants is that the new synthetic lubri-
cants offer reduced environmental impact in that they are EALs and therefore
much more biodegradable than their mineral oil based counterparts.

The bearing improved performance was attributed to the high VI of the
lubricants which allowed for lower viscosity throughout unloaded portions of
the bearing with slightly higher viscosity in loaded portions of the bearing as
seen in Fig. 5.2. As a large fraction of the bearing’s surface area is unloaded,
much of the churning and shearing contributes only to the losses in the bearing
as opposed to load bearing function. Losses from churning and shearing are
directly proportional to the lubricant viscosity, thus by reducing the viscosity
one can reduce the losses. In large hydropower machines with fluid filled com-
bined thrust/journal bearings, the unloaded area can be very large compared to
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Figure 5.3: Difference in power loss between VG68 and the other tested lubri-
cants vs. speed at 2 MPa load. Lubricants operated with equivalent minimum
viscosity in loaded region.

the loaded area, thus greater reductions in power losses could be expected from
a reduction of lubricant viscosity.

5.2 Machine Operation

The study of new synthetic lubricants highlighted the operational differences
between high VI lubricants and standard lubricants. However, the method-
ology for application of the new lubricants in industry remained uncertain.
Clearly, new lubricants offered potential for improved machine performance,
but how should one select the best lubricant for a specific application? Further,
how should a machine’s operation be changed to take advantage of the new lu-
bricant? These two questions were explored by performing tests in which the
goal was to match performance of two lubricants. Minimum viscosity of all
lubricants was calculated from the maximum temperature data. The specific
temperature required for VG68 mineral oil was then calculated at the speci-
fied viscosity. The test machine was consequently operated at equivalent load
and speed while varying the temperature of the lubricant to yield equivalent
minimum viscosity to that of the other lubricants.

Eccentricity and power loss differences for this test program are displayed
in Fig. 5.3 and 5.4. The power loss differences between the lubricants were
generally smaller than expected. However, this discrepancy can be explained
by the decrease in eccentricity observed at higher speeds. Equivalent eccen-
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Figure 5.4: Difference in eccentricity between VG68 and the other tested lubri-
cants vs. speed at 2 MPa load. Lubricants operated with equivalent minimum
viscosity in loaded region.

tricity should have led to greater savings in power loss for the synthetic lu-
bricants compared to the mineral oil. When taken in their entirety, the results
demonstrate the applicability and the limits of simply matching viscosity at the
maximum temperature location in the bearing.

From the theory of matching viscosity and maintaining equivalent machine
safety, a simple formula for prediction of changes in power loss resulting from
changing the VI or specific heat, ρCp, of a lubricant was developed. The
method uses operating temperatures of the original lubricant to predict operat-
ing temperatures with a different lubricant. The temperature rise between the
oil bath and the maximum temperature is assumed to be equivalent for the new
and the original lubricant and so the oil bath temperature for the new lubricant
can thus be determined. The relative change in power loss is then found from
a simple comparison of the oil bath lubricant viscosity using Eq. 5.1, where A
is a description of the percent area of the bearing which does not carry load.

∆losses = A∗ [1− µnew

µold
] (5.1)

Most lubricant suppliers do not include information on the thermal char-
acteristics of their lubricants, however if ρCp is known, a more accurate power
loss calculation can be made. By assuming that the power used to develop load
carrying capacity in the bearing is constant regardless of the lubricant and that
this power usage results only in heating of the lubricant, Eq. 5.2 can be used to
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provide a prediction of the new lubricant’s temperature rise in the contact. Us-
ing this method allows for a higher oil bath temperature which in turn allows
for lower viscosity in the oil bath and thereby further decreased power losses.

∆Tnew =
ρoldCPold∆Told

ρnewCPnew
(5.2)

Changes in power loss can readily be given a monetary value that can pro-
vide tangible justification for or against lubricant changes in specific applica-
tions where it is difficult to define or place a value on the benefits of reduced
environmental risk.

5.3 Break Away Studies

As with lubricants, a host of new materials are now available that can po-
tentially eliminate one of the greatest weaknesses of current journal bearing
technology: startup and shutdown. When a machine is started from rest or
brought to a stop, the hydrodynamic film which supports the machine during
operation is not present and the bearing and shaft surfaces contact each other.
Traditionally, Babbitt material has been used on the sliding surface of bearings
both to decrease friction at startup and to provide a sacrificial layer which can
wear without damaging the shaft. However, because the friction of Babbitt
against steel is actually quite high, hydraulic jacking systems are used in most
large machines to provide oil film pressure and separate the shaft surface from
the bearing until surface speeds are high enough to produce adequate hydrody-
namic film or during extended periods of slow speed operation. New materials
have the potential to greatly reduce the break-away friction and possibly even
eliminate the need for complex hydraulic jacking systems.

To determine the material characteristics most important at break-away in
hydrodynamic bearings, several different composites of PTFE were tested in a
small scale test. Performance of the PTFE materials varied greatly but all of
them were superior to Babbitt material. The specific fillers used in the mate-
rials had significant impact on both the break-away friction shown in Fig. 5.5
and the variation of the break-away friction over the course of successive starts
and stops displayed by Fig. 5.6. Generally, the glass filled PTFE composites
had higher break-away friction and greater variation over the course of the tests
than the other PTFE composites and virgin PTFE.

The reasons for these observations became clear when specimens were ex-
amined in a scanning electron microscope (SEM). PTFE composite materials
with hard particles such as black glass and glass fiber were found to have iron
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Glass

Iron

Figure 5.7: SEM image of black glass filled PTFE tested at 8 MPa and 25◦C .
White areas correspond to iron, glass particles are light gray, and the bulk
material is dark gray.

deposits on their surfaces signifying that they had been wearing on the steel
counter surface. SEM investigation (Fig. 5.7) showed that this wearing most
likely occurred through a process of abrasion as piles of iron appear to have
collected in front of and behind the sharp glass fibers. This abrasive effect is
explained by the high hardness of the glass fibers which form sharp edges when
they are broken or sheared. These sharp edges act as a cutting tool against the
steel counter-surface preventing the buildup of an effective transfer film or the
wearing down of the PTFE material to a smooth surface.

The other materials including bronze filled PTFE, carbon filled PTFE and
pure PTFE provided very smooth worn surfaces with no sign of counter sur-
face material. Of note is that bronze filled PTFE was the only material which
had decreasing variability in its break-away friction levels with increasing tem-
perature. This was most likely due to a softening of the bronze with increasing
temperatures allowing for a smoother sliding surface to more rapidly build.

Further testing with a 72 hour extended stop found that the PTFE based ma-
terials had very little change in their break-away friction while Babbitt showed
a large increase in break-away friction following the stop. This provided a
clear demonstration of the improvements that polymer surfaces on bearings
can provide during startup in lubricated conditions.
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Figure 5.8: Large scuffed area in loaded region (left) of lower polymer bearing
sleeve. A smaller scuffed area is visible in the center on the bearing’s right
side.

5.4 Polymer Faced Bearing

In an effort to improve understanding of the performance of polymer surfaces
in practical applications, a full scale journal bearing was acquired and prepared
to be used in the journal bearing test machine. Initial testing revealed that the
manufactured clearance of the bearing was too small in its arrangement as a
2 sleeve bearing. This resulted in contact between the polymer layer and the
bearing shaft, producing significant frictional torque. The frictional torque was
so high in many cases that the safety cut-off on the frequency converter tripped
and lead to an immediate stop of shaft rotation.

Following this initial testing, the bearing was disassembled and inspected.
Slight scuffing was present near each of the lubricant inlets while more signif-
icant damage had occurred at the region of highest loading as shown in Fig.
5.8. Inspection of the shaft revealed nearly undetectable polishing. These first
tests showed the ability of polymer faced bearings to continue operating under
extreme conditions in which a similar Babbitt faced bearing would have surely
failed dramatically. That the polymer faced bearing was able to do so without
damaging shaft is a testament to the potential of this technology.

A second bearing was then machined with greater clearance and prepared
for testing. Unlike the first test bearing, this second bearing was a full cylindri-
cal sleeve. The full cylindrical sleeve greatly complicated test rig assembly but
was necessary to guarantee the bearings clearance and roundness. Increasing
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the clearance solved the problem of scuffing and initial pressure curves from
testing appeared to demonstrate that the bearing was functioning adequately as
shown in Fig. 5.9. Trends in the temperature on the shaft and at the surface
of the bearing sleeve were in line with the numerical model’s prediction that
they would be generally warmer, however large differences in temperature be-
tween the shaft and sleeve were observed. The shaft was much warmer during
operation than the bearing. During the second day of testing with the polymer
bearing, new problems began to develop. The pressure curves did not behave
as expected as shown in Fig. 5.10(a).

It was hypothesized that the pressure spikes seen along the center line were
due to the temperature sensors located along the centerline of the bearing. To
investigate whether this was the case, the bearing housing was shifted to the
side so that the pressure sensors on the shaft would be offset from the temper-
ature sensors in the bearing sleeve. This change seemed to have little effect on
the pressure curves. In fact, the pressure appeared to be even lower along the
centerline as seen in Fig. 5.10(b).

Another attempt was made to shift the bearing housing in the other direc-
tion which resulted in the curves shown in Fig. 5.10(c). Comparison of the
results from Fig. 5.10(a), 5.10(b) and 5.10(c) led to a further hypothesis that
the material of the bearing was breaking down during the course of testing.
The machine was then disassembled and the bearing was inspected. It was
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Figure 5.10: Pressure curves for 1000 RPM and 2 MPa load polymer bearing
over several testing cycles.
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Figure 5.11: Damaged area around temperature sensor hole showing larger
de-laminated and oil saturated region.

observed that the polymer bearing material near to several temperature sen-
sor holes had separated from its backing and begun to break off as shown in
Fig. 5.11. This breakdown of material is believed to have aided in pushing the
temperature sensors from the bearing sleeve, resulting in a leak in the bearing.
These leaks then caused the pressure drops seen in the pressure curves.

To confirm this hypothesis and ensure that the sensors were operating prop-
erly, the test machine was operated with a Babbitt faced bearing both before
and after the tests with the polymer sleeve. The pressure profiles from these
reference tests very closely matched the theoretical profiles and left no doubt
that the sensor system was operating properly.

Results from the temperature along the bearing sleeve as well as the power
loss were in line with numerical studies which have predicted greater losses
and higher film temperatures than for a Babbitt bearing with the same cold
clearance. Ideally by using a compliant material capable of sustaining higher
pressure and temperature than Babbitt, the bearing’s surface area could be re-
duced. This would result in greater film pressure and temperature but at the
same time allow for potential reductions in power loss due to the decrease in
contact area.

Unfortunately, the design and construction of the initial polymer faced
bearing was not able to withstand the hydrodynamic journal bearing applica-
tion and so testing was not accomplished at higher contact pressures or speeds.
Lessons learned from this work have been incorporated into the the next test
bearing design and more robust sensor installation capable of better withstand-
ing the hydrodynamic function.



Chapter 6

Conclusions

What are the most important findings of this research?

This work has generally demonstrated that the performance of journal
bearings can be improved through the thoughtful application and development
of modern technology:

• High viscosity index synthetic lubricants allow for reduction of lubricant
viscosity (at 40◦C ) by over 50%, reducing power loss while maintaining
safe machine operation.

• Maintaining viscosity in the region of minimum film thickness provides
equivalent film thickness regardless of the lubricant viscosity at 40◦C .

• Break-away friction at machine startup can be greatly reduced through
the proper selection and use of polymer materials.

• The tested polymer faced bearing operated with higher film tempera-
tures and lower backing temperatures than similar Babbitt faced bear-
ings. This difference required a greater cold clearance to account for
reduced thermal expansion in the surrounding structure.
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Chapter 7

Future Work

What opportunities and objectives should be pursued in the continua-
tion of this research?

While this work has shown the applicability of new lubricants and potential
of new materials to improve sliding bearing operation, many questions remain
when it comes to application of this information. While computer models of
polymer faced bearings have shown promising results in terms of dynamics,
no experiments have been conducted with polymer faced bearings to validate
or disprove the results. This lack of data can lead many in industry to choose
a poorer alternative simply because it is better understood as opposed to a
better alternative which is less understood, so this lack of data issue needs to
be solved. Further, the effect of new lubricants on the dynamic performance of
bearings, while presumably small, also must be investigated and understood.

Accomplishment of dynamic testing requires a test machine capable of dy-
namic operation. While a design is currently in development, a large portion of
the remainder of this project will be devoted to the development, construction
and operation of this test rig.

The results from these dynamic tests should lead to better understanding
of bearing design and give insight into further design improvements, requiring
further testing and optimization. Finally, this knowledge can be applied to
the development of solutions for industry through development of improved
designs which bring bearing technology up to date with current technology.

Most importantly, however is that for any change in materials or design to
be successful, a proper design must be developed which best takes advantage
of the available materials and technology. Furthermore, performance of this
construction must be validated in a full scale industrial application.
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A.1 Abstract

Synthetic lubricants and additives have seen many major improvements in re-
cent years. However, very little is known about the performance peculiarities
of these new lubricants in actual machines. To fill this gap, a new full-scale
hydro-dynamic journal bearing test rig has been constructed to evaluate the
behavior of conventional and new bearing designs, synthetic lubricants and
variations in operating parameters. This test rig’s bearing has diameter 180
mm with measuring capabilities including continuous film thickness and film
pressure as well as temperature. The new machine was used to compare a
number of synthetic lubricants to mineral based lubricants, finding that per-
formance of the synthetic lubricants was superior to their mineral-based coun-
terparts of much higher viscosity grade. These tests showed that high viscosity
index (VI) synthetic lubricants had higher viscosity in the region of maximum
pressure and lower viscosity elsewhere in the bearing than similar mineral
based lubricants. This reduction in viscosity in low pressure zones was found
to produce a measurable reduction in friction and power loss in the bearing
system. This paper provides comparative performance results of several for-
mulations of current and future turbine oils from measurements of losses, oil
film thickness and temperature under a range of operating parameters. Lubri-
cants tested include ISO VG68 and VG32 mineral based turbine oils (VG68
and VG32), ISO VG32 synthetic ester based oil (SE32), two ISO VG22 syn-
thetic ester based oils (SE22 and SV22) and ISO VG15 synthetic ester based
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oil (SE15). It was found that SE32 and VG68 provided similar performance at
lower speeds while SV22 provided similar performance to VG68 at the highest
speed. Likewise, SE22 and SV22 provided similar performance to VG32 at low
speeds while SE15 provided similar performance to VG32 at medium to higher
speeds. Generally the results demonstrate the potential for replacing mineral
based lubricants with high performance synthetic lubricants of significantly
lower viscosity grade without sacrificing bearing safety.

A.2 Introduction

Ever increasing demands on power producers to meet new, stiffer, environ-
mental regulations, regarding hazardous materials, and rapidly changing oper-
ational requirements, caused by the recent buildup of renewable and variable
power sources have begun to take their toll on, the generally old, equipment in
power plants. Many of these plants are or soon will be going through major
overhauls. Furthermore, while power plant efficiency is already exceptional,
Gagnon [1], very little has been done to further improve this already high level
of efficiency. In this regard, the bearings stand out as one source of losses in
the plant with potential for significant improvements from a relatively small
investment. One proposed way to reduce these losses while maintaining oper-
ating characteristics is to change lubricating oil to a higher viscosity index (VI)
lubricant with a lower viscosity base oil. Further, many newer lubricants are
environmentally adapted (EAL), thus allowing power plants to decrease their
environmental footprint while potentially increasing power output. This topic
was explored with several different lubricants in the early 90’s by Boehringar
and Neff [10] finding significant improvement in machine performance after
changing to a di-ester based lubricant. Later, Swanson et al. [11] found that the
thermal performance of mineral-based oils could be improved through the use
of VI improvers to match that of synthetic lubricants. A more focused study by
Dmochowski and Webster [12] investigated the case of poly-alpha-olefin based
lubricants finding that lubricant with high VI provided performance equivalent
to higher viscosity lubricants with lower VI ratings. A similar study was per-
formed using by Vijayaraghavan and Brewe [13] finding that changes in jour-
nal bearing performance could be realized by adjusting viscosity-temperature-
pressure relationships.

Comparison between mineral based lubricants of varying grade accom-
plished by Ferguson et al. [14] for large tilting pad thrust bearings, Glavatskih
and Decamillo[15] for smaller tilting pad thrust bearings, and Brockwell et al.
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[16] for tilting pad journal bearings found that ISO VG32 lubricants resulted
in reduced temperatures and power loss as well as reduced oil film thickness
when compared to higher viscosity grade lubricants such as ISO VG46 and
ISO VG68.

Comparisons of synthetic lubricants to mineral-based lubricants have shown
that a lower viscosity synthetic ester can provide performance improvements
over standard mineral based lubricants. In the early 1980’s work with syn-
thetic lubricants by New and Schmaus [17] found significant reduction in
power losses for thrust bearings when mineral oil (VG32) was replaced with
a much lower viscosity grade di-ester (VG10) lubricant. Glavatskih and Lars-
son [18] compared performance of ISO VG68 mineral-base and ISO VG46
synthetic-base lubricants and Dmochowski and Webster [12] compared ISO
VG46 mineral-base and ISO VG32 synthetic-base lubricants. These later stud-
ies found similar results to those of New and Schmaus but the tested lubricants
had smaller differences in their base viscosity grades than those earlier studied.

Results from a more recent study by McCarthy et al. [19] using synthetic
ester-based EALs and a Babbitt faced plain journal bearing are in line with and
expand upon the earlier work, demonstrating the improved performance pro-
vided by synthetic lubricants as well as the potential effects of VI improvers.
These tests showed that EALs, because of their inherent higher VI, provide
higher viscosity in the region of lowest film thickness and lower viscosity in
the rest of the bearing than standard mineral-based lubricants. This reduction
in viscosity throughout the bearing was found to lead to a measurable reduc-
tion in power losses in the bearing system while maintaining desirable film
thickness.

The advent of new forms of polymer-based viscosity index improvers,
Stohr et al. [20], has allowed for production of lubricants with exception-
ally high viscosity index and acceptable shear stability. A number of potential
new lubricants were studied by Kuznetsov and Glavatskih [21] using a thermo-
elastohydrodynamic numerical model during the development of an improved
journal bearing solution. This study found that maximizing VI with reductions
in lubricant base viscosity led to the greatest improvements in bearing char-
acteristics. While guidance from [21] was used in the development process
for the lubricants used in the present study, many uncertainties exist regard-
ing the function of the VI improvers in combination with the specific lubricant
chemistries in actual applications.

The current study expands on the earlier efforts by examining synthetic
ester based lubricants with high VI for potential replacement of much higher
ISO grade mineral oil based lubricants. Specifically, an ISO VG32 synthetic
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Figure A.1: Hydro-dynamic journal bearing test rig.

ester is compared to an ISO VG68 mineral oil, and an ISO VG32 mineral oil is
compared to two ISO VG22 synthetic esters and an ISO VG15 synthetic ester.

A.3 Equipment

Testing carried out in this study utilizes the full scale journal bearing test ma-
chine shown in Figure A.1. This test equipment features a 180 mm diameter
shaft coupled to a motor capable of providing journal speeds up to 6000 RPM
(56 m/s surface speed). The maximum test bearing load is 140 kN equating to
10 MPa for a 0.4 L/D bearing. Loading is accomplished through the use of an
air cushion and manual pressure regulator. Load measurement is accomplished
with four load cells.

Instrumentation installed onboard the shaft allows for measurement of the
film thickness with improved accuracy at thinner films. Additionally, onboard
pressure transducers provide continuous film pressure at bearing centerline, 10
mm from the centerline, and 20 mm from the centerline. Due to geometrical
constraints, film pressure sensors are arranged with two sensors on one side of
the shaft and one mounted on the opposite side, alongside the two displace-
ment sensors. Fifty NTC (negative temperature coefficient) thermistors and
a number of thermocouples have been strategically located both in the bear-
ing and throughout the oil feed and cooling systems, providing temperature
profiles of the oil film to help validate recently developed numerical bearing
models. The arrangement of these sensors is displayed in Fig. A.2. Power loss
can be determined from calculations of thermal characteristics of the oil and
cooling systems as well as by measuring the motor power demands, however
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Figure A.2: Arrangement of temperature, pressure and displacement sensors
on lower bearing half.

in this study, power loss is determined from the motor power demand as some
of the oil characteristics (eg. specific heat vs. temperature) were uncertain.
The test bearing installed during this study is a 130 mm long two axial groove
bearing with a radial clearance of 160 µm.

A.4 Lubricants

The lubricants used in this study include standard mineral-oil based turbine
oils (VG68 and VG32), as well as synthetic ester based oils with viscosity
index improvers (SE32, SE22, SV22, and SE15) as detailed in Tab. A.1.

A.5 Testing parameters

Testing was accomplished so as to ensure that bearing inlet conditions were
the same for each of the lubricants. Inlet temperature was controlled in the in-
let channel immediately before entrance into the test bearing itself and held at
40±0.5◦C in all tests, while oil flow was held constant at 2 l/min and increased
to 3 l/min at speeds of 28 and 33 m/s (3000 and 3500 RPM). This flow rate was
confirmed to be adequate using calculations proposed by Martin [22]. Speed
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Table A.1: Characteristics of tested lubricants

Grade Abbreviation Base Oil Viscosity, (mm2/s) VI
40 ◦C 100 ◦C

ISO VG68 VG68 Mineral 67.3 8.79 103
ISO VG32 VG32 Mineral 33.7 5.62 105
ISO VG32 SE32 Synthetic Ester 32.1 8.46 259
ISO VG22 SE22 Synthetic Ester 21.4 5.87 245
ISO VG22 SV22 Synthetic Ester 20.4 6.81 340
ISO VG15 SE15 Synthetic Ester 15.5 4.46 226

was varied through a range from 9 to 24 m/s (1000 to 2500 RPM) for SE32 and
SE22 and from 9 to 33 m/s (1000 to 3500 RPM) for VG68, VG32, SV22, and
SE15. Specific bearing load was set at 1, 1.5 and 2 MPa (approx. 23 to 46 kN).
These speeds and loads were chosen to keep testing parameters within the op-
erational range of bearings in hydroelectric power turbine applications. Upon
operational state change, results were recorded once steady state was achieved
(normally 15 to 20 minutes after parameter change). Due to the relatively low
thermal mass of the test assembly, changes from one operating state to another
led to a much more rapid change in temperature than reported in earlier work
with a similar arrangement [19], thus allowing for time savings in the experi-
mental process. Average temperature readings over 10 seconds were taken to
reduce noise due to the electronics. Film thickness and pressure were deter-
mined from the average signal recorded over 2 seconds at 10 kHz sampling
speed. Thus the lower resolution at higher speeds was offset by an increase in
the number of revolutions and vice versa at lower speeds. Oil changes were
accompanied by a system drain and cleaning of all exposed and accessible
surfaces.

A.6 Uncertainty

Due to the complexity of the bearing test system, a certain degree of uncer-
tainty is associated with each of the measurements as described in Tab. A.2.
Sources of uncertainty are primarily associated with the measurement equip-
ment with the exception of the film thickness measurements which are a com-
bination of measurement equipment error and mathematical error developed
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Table A.2: Measurement uncertainty
Source Uncertainty
Thermocouple (type K) ±1.0◦ C
Film thickness ±3µm
Thermistor ±1.0◦ C
Rotational speed ±0.4%
Friction torque ±0.2%
Flow rate ±3.0%
Bearing load ±0.25%
Film pressure ±0.2 MPa

through the averaging process of minimum film thicknesses. Additional un-
certainty with the on-shaft film thickness measurements results from the fact
that the amplifiers for these sensors were mounted inside of the shaft and there-
fore were not held at a constant temperature as the manufacturer recommends.
The shaft temperature in the area of the amplifiers was affected by the roller
support bearings which varied greatly in temperature with speed. Temperature
also varied in these bearings with loading, but to a very small degree com-
pared with the variation from speed changes. This allowed for comparison of
film thickness between different lubricants at individual speed settings, but not
between different speed settings. Testing for repeatability of the test proce-
dure was conducted with the original lubricant (VG68) following completion
of the full series of experiments. These results were equivalent to the initial
results and demonstrated that the test rig and procedure provided a repeatable
accuracy through the study’s duration.

A.7 Results and discussion

The results of the testing program highlighted the changes in machine perfor-
mance that were realized through use of varying lubricant and VI combina-
tions. The tested lubricants are thus compared in two groups: higher viscosity
grade (VG68 and SE32) and lower viscosity grade (VG32, SV22, SE22, and
SE15).

From the film pressure profiles it was clear that the bearing was operating
in the fully hydrodynamic lubrication regime with no starvation. Examples of
film pressure profiles are displayed in Fig. A.3.
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Figure A.3: Film pressure profile on bearing centerline with VG68 lubricant

A.7.1 VG68 and SE32

The comparison between VG68 and SE32 provides the clearest difference in
oil performance of this study. System power loss differences between the two
lubricants range from nearly 20% at low speeds to just under 10% at 24 m/s as
shown in Fig. A.4. The same trend was seen at a lower load setting, shown in
Fig. A.5. Minimum oil film thickness was found to be nearly equal in all tests
and potentially thicker in the case of SE32 at some speeds as shown in Fig.
A.6. To some extent, this could be expected from calculation of the viscosity
in the minimum film thickness region, Fig. A.7. The viscosity at the region of
minimum film (approximately 90◦ to 130◦) is found to be significantly higher
for SE32 than VG68. However, elsewhere in the bearing, the viscosity is much
lower for SE32 than VG68 leading to the measured net decrease in power
losses, presumably through viscous losses, seen in Fig. A.4 and A.5. It should
be noted that temperatures around the top half of the bearing were generally in
the range of the lowest temperatures measured in the lower half of the bearing.

In the case of hydroelectric power applications, which primarily operate
at slower bearing surface speeds than other turbo-machinery, the primary lu-
bricant in use currently is ISO VG68 mineral based turbine oil such as that
included in this study. Previous studies demonstrated that losses can be re-
duced by changing to a higher performance lubricant of lower viscosity grade.
Comparing VG68 to SE32 shows the potential for greater reductions in losses
through a shift to an even lower viscosity grade lubricant without a loss in bear-
ing safety. Equivalent film thickness is achieved with the SE32. It is believed
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Figure A.8: Maximum temperature in bearing vs. speed at 2 MPa

that further savings could be realized in thrust bearings as well as pumping
and control systems due to the much lower viscosity of the synthetic lubricant
at system temperatures. Qualitative evidence of this was observed in the test
rig’s oil pump which operated at lower loading with SE32 than VG68 through-
out the entire test, however the current study has not taken into account these
differences in losses in any calculations or measurements.

A.7.2 VG32, SE22, SV22 and SE15

Lower viscosity grades such as ISO VG32 are the most common grades used
in gas and steam turbines operating at higher speed with higher temperatures
than in hydro-electric power applications. Comparison between standard min-
eral based turbine oil, VG32, and synthetic lubricants becomes slightly more
complex due to the reduced variation in viscosity through the bearing. Thus
several different combinations of base lubricant and viscosity index improver
have been tested to determine the combination which provides the greatest re-
ductions in power loss while maintaining bearing reliability.

Investigating the power losses produced by each lubricant shows that in
some cases the synthetic lubricants out-perform the standard ISO VG32 tur-
bine oil while in other cases, they produce greater power loss as seen in Fig.
A.4 and A.5. However, in cases having greater power loss with the synthetic
lubricants, the minimum film thickness is also greater. SE15 provides signifi-
cant power loss reductions under all test conditions when compared to VG32
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Figure A.9: Dynamic viscosity 2 MPa load and varying speed

with film thickness that is nearly equal. Of note is that SE15 has the lowest
VI of the synthetic lubricants tested and it is believed that, given future im-
provement in additive and lubricant chemistry, this lubricant could provide the
same stark improvement that was seen in the case of SE32 vs. VG68. Further-
more, the lower operating temperatures provided by SE15 could potentially
greatly reduce oil oxidation when operated under high speeds and loads, thus
extending lubricant life and machine reliability.

When tested at higher speeds, it was found that SE15 provided equivalent
film thickness and lower power loss than VG32 while SV22 yielded higher
power loss than VG32, and SE22 yielded equivalent power loss to VG32. The
case of SV22 at higher speeds (and higher temperatures) highlights the nature
of high VI lubricants. Because of the high VI, the viscosity of the lubricant
is higher through much more of the bearing than with a corresponding low VI
lubricant. While this leads to increased power losses, it also leads to increased
film thickness, as the difference in base oil viscosity is counteracted by the
high VI provided by the additives.

The maximum temperature in the center of the bearing is displayed in Fig.
A.8 for all lubricants at 2 MPa load.

Examination of the minimum lubricant viscosity (calculated from the max-
imum temperature) over the range of testing at 2 MPa load (Fig. A.9) clarifies
the difference between the VI of the lubricants. At lower speeds, the synthet-
ics provide much lower minimum viscosity than the mineral oils as seen in
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Fig. A.10. However, as the speed (and heat generation) increases, the syn-
thetics ’cross over’ the mineral oils, providing greater viscosity in the contact
than their counterparts as in Fig. A.7. The crossover appears to be most influ-
enced by speed, but loading also plays a role with increased loading causing
the crossover to occur at lower speed. This is expected as heat generation in
the bearing is a result of both loading and speed. Of note is that while the
lowest VI of the synthetics (SE15) just matches VG32 at the highest speed, the
highest VI lubricant in the test (SV22) provides higher viscosity than VG32
and equivalent viscosity to VG68 at the highest speed and load, Fig. A.9. This
vast difference in the performance of two lubricants with close viscosity grades
highlights the performance improvement provided by VI improvers.

A.8 Conclusion

This work has investigated the performance of a range of synthetic ester based
lubricants with viscosity index improvers in comparison to industry standard
mineral oil based turbine oils in journal bearing applications. The study re-
sults generally demonstrate that synthetic lubricants in combination with VI
improvers provide improved bearing operation. The following conclusions
can be drawn:

• High VI ISO VG32 synthetic ester lubricant offers an acceptable general
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replacement to ISO VG68 mineral oil, providing reductions in power
loss and maintaining or improving journal bearing safety through equal
or greater film thickness.

• High VI ISO VG15 synthetic ester lubricant offers an alternative to ISO
VG32 mineral oil at higher speeds such as for gas and steam turbines,
providing reductions in power loss with equivalent lubricant film thick-
ness. With further improvement in viscosity index improvers and base
oil development, similar lubricants could provide better performance
than the mineral based lubricants at both high and low speeds.

• High VI ISO VG22 synthetic ester lubricant offers an alternative to ISO
VG32 mineral oil in low speed, high load applications such as hydro-
electric power plants or shipping, providing reductions in power loss
and equivalent film thickness. However, at higher speeds, this lubricant
results in greater power loss due to the thicker film it provides.

• Very high VI ISO VG22 and high VI ISO VG22 synthetic esters demon-
strate the potential to develop custom lubricants for optimal operation
in applications where much higher viscosity grade lubricants, such as
ISO VG68, are operated at high temperatures such as in gas or steam
turbines.

A.9 Acknowledgments

The research presented in this paper has been carried out as part of a project
in conjunction with the Swedish Hydropower Center - SVC. SVC has been
established by the Swedish Energy Agency, Elforsk and Svenska Kraftnät in
partnership with academic institutions. Additional acknowledgment is given to
Statoil Lubricants and Evonik RohMax Additives GmbH for material support.



Paper B

Powerplant lubricant selection
for improved efficiency and
environmental impact reduction

51





B.1. ABSTRACT 53

Proceedings of the ASME 2010 International Mechanical Engineering Congress
& Exposition

Powerplant lubricant selection for improved efficiency and
environmental impact reduction

G.F. Simmons, E. Kuznetsov and S.B. Glavatskih

Luleå University of Technology, Division of Machine Elements,
Luleå, SE-971 87 Sweden

B.1 Abstract

Computational models were used to optimize bearing performance by adjust-
ing a number of lubricant properties. This computational optimization showed
that the most beneficial characteristics to hydrodynamic bearing operation
were high viscosity index (VI) and high specific heat capacity. Four environ-
mentally adapted synthetic lubricants were developed to provide these charac-
teristics including: ISO VG32 with 259 VI, ISO VG22 with 245 VI, ISO VG22
with 336 VI, and ISO VG15 with 226 VI. A full scale bearing test machine was
then operated with these lubricants in addition to mineral based turbine oils,
ISO VG68 with 103 VI and ISO VG32 with 105 VI, to determine the effect on
bearing performance and to validate the models. The new lubricants reduced
bearing power loss by up to 20% and significantly reduced bearing tempera-
tures with somewhat reduced film thickness. The machine was then operated to
provide equivalent minimum viscosity with the new lubricants by varying in-
let temperature, finding that changes in power loss were less substantial with
equivalent minimum viscosity.

Comparison of simulated and experimental results led to development of a
simple, practical method to estimate benefits and operational parameters for
lubricants based on viscosity grade, viscosity index and a simplified descrip-
tion of the machine’s bearings. Other, less tangible, factors considered are
bio-degradeability and impact of power loss reduction.
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B.2 Introduction

The increasing focus on renewable energy sources including wind, solar and
hydro-electric power has lead to the installation of industrial machines in natu-
ral environments. To minimize the hazardous environmental impact that these
machines can cause, many owners are evaluating and switching to new, envi-
ronmentally adapted lubricants (EALs). However, lubricant change intervals
can exceed 30 years and changing lubricant in large rotating machines is a ma-
jor undertaking often requiring replacement of packings and extensive clean-
ing. With significant purchase price differences between mineral and synthetic
lubricants, a balance between initial costs and operational benefits must be
clear.

Meanwhile, developments in the synthetic lubricants which make up EALs
have made it possible to not only reduce environmental impact but at the
same time significantly improve machine performance. This has turned lu-
bricants from necessary maintenance products into performance enhancing in-
vestments.

With a host of different synthetic lubricants in production, all with unique
base oils and additives, it can be quite confusing for the end user to decide
which lubricant to use, and to determine how a specific lubricant can affect a
specific machine’s performance.

B.2.1 Experimental Studies

A number of experimental studies have been conducted on fluid film bearings,
both thrust and journal, in laboratories and in the field which have helped to
develop a description of the effects that can be expected following a lubricant
change. While the most commonly reported result is a decrease in maximum
temperature of the bearing, the specific results and conditions of the experi-
ments have some variation.

In laboratory tests, power loss reductions and equivalent film thickness
were found to result from changing to a thinner synthetic lubricant in thrust
bearings by New and Schmaus [17] and later by Glavatskih and Larsson [18].
Boehringer and Neff found significant improvements in machine performance
upon changing to a di-ester based lubricant [10] in a full scale hydropower
thrust bearing. Similar improvements in a full scale hydropower machine were
found by Glavatskih [23] upon changing to an ester based lubricant in a com-
bined thrust journal bearing. Ferguson et al. [14] investigated ISO VG68,
VG46 and VG32 in a large thrust bearing test rig and proposed using a special
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numerical modeling software package to predict maximum bearing tempera-
tures from oil bath temperatures and thereby predict bearing performance char-
acteristics. Calculated results agreed well with experiments on a large thrust
bearing. Lower power losses were found for lower viscosity grade (VG) and
higher oil bath temperatures. Significant decreases in film thickness were also
observed but it was argued that the lower film thickness was still adequate to
maintain machine safety.

Investigations with journal bearings by Swanson et al [11] in work with
VI improvers found that the thermal performance of mineral-based oils could
be improved to match that of synthetic lubricants. Separately, Dmochowski
[12] and McCarthy et al [19] found similar effects in their studies on the per-
formance of journal bearings with high VI polyalphaolefin and ester based
lubricants. However, power loss reductions in journal bearing studies were
generally lower magnitude, percentage wise, than those found for thrust bear-
ings and laboratory results have shown less reduction than field experiences.

The majority of earlier experimental work has kept inlet or oil bath temper-
ature constant so as to keep initial operating conditions equivalent for each of
the lubricants. Power loss, film thickness and temperature were then found to
compare performance of the varying lubricants. Temperatures throughout the
bearing were used to calculate lubricant viscosity which was then compared,
finding that in the case of the higher VI lubricants, viscosity was equivalent
in the region of highest temperature (lowest viscosity) [12, 19]. The findings
from McCarthy et al showed that the film thickness was lower for the higher
VI lubricants until the speed and load had increased to a point at which the
minimum viscosities of the lubricants became equivalent and it was concluded
that the reduced power losses provided by the higher VI lubricants were the
result of lower bulk lubricant viscosity in the bearing.

B.2.2 Numerical Studies

The earliest models of fluid film bearings handled viscosity as a constant through
the bearing rather than as a parameter locally affected by changes in temper-
ature, however it was soon found that variation of lubricant viscosity plays
an essential role in the Reynolds equation. This effect of including viscosity
effects was shown as early as 1933 by Kingsbury [24] to reduce power loss sig-
nificantly, up to 60% in some cases. Later, the generalized Reynolds equation
with the variable viscosity term was derived by Dowson [25] which signif-
icantly improved the accuracy of the numerical models. The next step was
done in the area of thermal boundary conditions. A heat flux based bound-
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Figure B.1: Hydrodynamic journal bearing test rig.

ary was proposed by Dowson and March [26] and an adiabatic boundary by
Pinkus and Bupara [27]. Around the same time, the effect of thermoelastic
deformation has been taken into account Rohde and Kong Ping [28].

Through the 1980’s and ’90’s, models for fluid film bearings progressed in
accuracy with the growth of computing power. Recently, Tanaka and Hatake-
naka [7] presented a very accurate numerical model including detailed descrip-
tion of the boundary conditions and solution scheme.

While numerical and experimental studies have provided much broader
understanding of bearing function and methods for improving bearing perfor-
mance, very few studies have provided useful guidance for the practicing en-
gineer. The present study seeks to provide practical guidance for the end user
regarding methodology to analyze changes in lubricant.

B.3 Experimental Setup

Lubricants were tested in a 180 mm diameter, two-axial groove, Babbitt coated
journal bearing with L/D ratio of 0.7. The test equipment, Fig. B.1, has a shaft
equipped with two inductive displacement sensors and four thermistors on the
shaft to continually measure film thickness and shaft temperature. Tempera-
ture along the bearing surface is measured using 46 thermistors arranged to
determine circumferential and axial film temperature profiles. Lubricant sup-
ply is controlled using an in-line flow meter while lubricant temperatures are
monitored using thermo-couples and temperature is controlled using a heat ex-
changer. Two inductive displacement sensors are located outside the housing
for redundancy in film thickness and eccentricity measurements. The shaft is
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Table B.1: Measurement uncertainty.

Measurement Type Uncertainty
Displacement (Internal) Inductive ± 5 µm
Displacement (External) Inductive ± 5 µm

Temperature Thermistor ± 0.5 ◦C
Temperature Thermocouple (K) ± 1 ◦C

Speed Motor Electronics 0.4%
Power Loss Motor Electronics 0.6%

Table B.2: Lubricants used in experimental studies

Grade Abbreviation Viscosity, (mm2/s) VI
40 ◦C 100 ◦C

ISO VG68 VG68 67.3 8.79 103
ISO VG32 VG32 33.7 5.62 105
ISO VG32 SE32 32.1 8.46 259
ISO VG22 SE22 21.4 5.87 245
ISO VG22 SV22 20.4 6.81 340
ISO VG15 SE15 15.5 4.46 226

held in place by two identical roller bearings and is powered by a 43 kW motor
which provides power and speed measurements through its controller. Load-
ing is applied to the bearing housing using a pneumatic cushion equipped with
four 50 kN load cells. Uncertainty for the various measurements is provided
in Table B.1.

The lubricants investigated in this work consist of industry standard mineral-
based ISO VG68 and ISO VG32 turbine oil as well as four environmentally
adapted synthetic lubricants (EALs) including an ISO VG32, two ISO VG22
and an ISO VG15. Characteristics of these lubricants are detailed in Table B.2
as well as the abbreviations used for convenience.

Initial testing of the lubricants was accomplished in the same manner as
the earlier mentioned experimental studies and is detailed in Table B.3. Inlet
temperature was kept constant while load and speed were varied with measure-
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Table B.3: Testing program for experimental studies.

Parameter Unit Value
Speed RPM 1000, 1500, 2000, 2500

Mean Pressure MPa 1.0, 1.5, 2.0
Inlet Temp. ◦C 40 ± 1.0

Oil Flow l/minute 2.0 ± 0.05

ments taken upon reaching steady state at each testing point. After completion
of the initial round of tests, the maximum temperatures in the bearing at each
state were compared and calculations of minimum viscosity were made.

Further testing with VG68 was then accomplished by setting the maximum
film temperature to these calculated values by changing the inlet temperature
to compare lubricant performance under equivalent film viscosity. In these fur-
ther tests, effort was made to achieve steady state in all cases, however, due to
the high temperatures involved and efficient system cooling through radiation,
some tests could not be performed at steady state while temperatures required
for comparing VG68 and SE15 were only achievable in a few cases. This
caused power loss comparisons for the lower VG lubricants to be somewhat
less reliable than those of the higher VG lubricants.

B.4 Numerical model

B.4.1 Model Description

Numerical experiments were conducted using a thermo-hydro-dynamic (THD)
model described fully by Kuznetsov et al [29]. This model includes thermal
effects and flow (oil film pressure) analysis. Pressure distribution is found by
solution of the simplified the Reynolds equation. The finite difference tech-
nique is used with zero boundary conditions for discretization of Reynolds
equation. Cavitation effects are considered by introduction of a switch func-
tion. Analysis of thermal effects is performed by solving the energy and heat
transfer equations while an iterative successive-over-relaxation (SOR) method
is then used to solve the final system of equations.

Boundary conditions are set to give zero heat flux for the shaft and con-
servation of the heat flux for oil-bearing and bearing-air interfaces. It is as-
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sumed that the cold oil flow is split equally between two supply grooves. The
oil mixing prediction is based on a predefined mixing coefficient, Tanaka and
Hatakenaka [7]. Both equations are then discretized using the finite difference
method and solved simultaneously with the iterative SOR method.

The solution process begins from a uniform viscosity guess, from which
the Reynolds equation is solved. Next, the obtained solution is used to predict
the temperatures within the oil film and the bearing. The influence of thermal
expansion of the shaft and bearing are then accounted for and a new viscosity
field is computed using the previously obtained temperatures. The process
is then iterated using the newly calculated viscosity as the new guess. This
process is repeated in a loop until no changes in viscosity are visible, that is
the difference in lubricant temperatures between the two preceding iterations
satisfies the convergence criterion.

B.4.2 Numerical Experiment Setup

Geometry for the numerically modeled bearing was identical to that of the
actual test bearing. Discretization was performed on a mesh grid of size 256
points in the circumferential, 33 points in the axial and 21 points in the cross-
film directions. Convergence criteria are, pointwise, 10−6 for the pressure and
10−7 for the temperature of the oil fluid film.

The goal of the numerical experiment was to achieve the same load and
minimum film thickness for oils VG32, VG68, SE32, SE22 and SV22 and
compare the variation of the power loss and oil maximum temperature versus
rotational speed. To accomplish this, eccentricity was fixed at 0.80 and the
model was run with a range of supply temperatures from 5◦C to 80◦C. Then
an interpolation of load, maximum oil temperature and power loss versus sup-
ply oil temperature was performed to determine values for the given load. This
yielded equivalent performance at 52 kN load (2.2 MPa mean bearing pres-
sure), slightly higher than the 2.0 MPa maximum mean pressure used in the
experiments.

B.5 Results

The experimental and numerical investigations both demonstrated that lubri-
cants of widely varied viscosity grade and viscosity index can provide film
forming function in a journal bearing. The results further highlight the sen-
sitivity of power losses in journal bearings to small changes in viscosity in
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Figure B.2: Temperature and viscosity at 2 MPa load and 24 m/s.

the bulk of the bearing. An examination of the temperature through the bear-
ing pointed out viscosity zones that occur when lubricants are replaced while
comparing the power loss and change in eccentricity allowed for further com-
parison of the lubricants.

B.5.1 Temperature and Viscosity Zones

During the initial investigation with constant inlet temperature of 40◦ it was
found that film thickness in the bearing was equivalent for both VG68 and
SE32 in cases where the lubricant viscosity was equal or greater for SE32 in
the area of highest temperature, Fig. B.2. In this particular case, SE32 yielded
approximately 10% power reduction compared to VG68. To describe where
the difference in losses come from, the bearing was divided into the three zones
shown in Fig. B.2. Zone 1 is the region on the loaded half of the bearing where
the lubricant has relatively high viscosity which can add to losses, Zone 2 can
be considered the primary load bearing area where pressure and temperature
are greatest, while Zone 3 is the unloaded region of the bearing where greater
viscosity adds to losses only. From this division it can be determined that
having the proper viscosity in the most heavily loaded region allows for the
desired minimum film to form. Likewise, decreased viscosity through the rest
of the bearing allows for reduction in power losses from lubricant shearing.
This hypothesis led to the development of the viscosity matching experiments
as well as the numerical investigation with fixed eccentricity and load.



B.5. RESULTS 61

5

10

15

20

25

9 14 19 24

Speed (m/s)

M
in

im
u

m
 V

is
c

o
s

it
y

 (
m

P
a

s
)

VG68

VG32

SE32

SE22

SV22

Figure B.3: Minimum viscosity in model bearing vs. speed.
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Figure B.4: Maximum viscosity in model bearing vs. speed.

The results of the numerical investigation reinforced the relationship be-
tween maintaining eccentricity and viscosity in Zone 2. As shown in Fig. B.3,
the minimum viscosity in the bearing was very similar for all lubricants at any
given speed. The slightly higher viscosity seen for the high VI lubricants re-
flects the earlier finding that matching eccentricity occurs when the high VI
lubricant has slightly higher viscosity in Zone 2 than the low VI lubricants.
The maximum viscosity found in Zone 1 and 3 was lower for the high VI lu-
bricants in the model as shown in Fig. B.4. The low viscosity in the unloaded
regions shows the potential loss reduction allowed by the high VI lubricants.
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Figure B.5: Power loss change at 1 MPa load vs. speed.

B.5.2 Power Loss

Unlike the initial investigations, changes in power loss were much smaller
in the viscosity matching experiments. However, comparison between VG68
and the high VI lubricants showed that the high VI lubricants tend to have
lower power loss with increasing speed. Comparison between all lubricants
and VG68 are shown in Fig. B.5 and Fig. B.6 for 1 MPa and 2 MPa mean
pressure respectively. Very little change in power loss was observed for lower
speeds, and in most cases, the power loss was seen to increase with the thin-
ner lubricants at the lowest speed. No trend was observed for VG32 which
appeared to produce a slightly higher power loss at all speeds compared to
VG68. This agrees well with Ferguson et al. [14] who found that VG32 and
VG68 behaved similarly at equivalent viscosity. Similar trends were observed
in the model results except that the differences in power loss were within the
error of the interpolation scheme.

B.5.3 Eccentricity Change

Eccentricity behaved similarly to power loss in the experimental investigation
when VG68 was compared to the high VI lubricants as shown in Fig. B.7
and B.8 for 1 MPa and 2 MPa mean bearing pressure respectively. At lower
speeds, the synthetic lubricants were unable to carry the same film thickness
as their thicker mineral oil counterparts. However, as speed increases, the ec-
centricity provided by the synthetic lubricants became approximately equal to
that of the mineral lubricant until at the highest speeds, the synthetics pro-
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Figure B.6: Power loss change at 2 MPa load vs. speed.

vided lower eccentricity. The eccentricity provided by VG32 was similar to
that of the synthetic lubricants, with a higher eccentricity at lower speeds and
lower eccentricity in relation to VG68 at higher speeds. This behavior is sup-
ported by the minimum viscosity results from the model, Fig. B.3 in which
the high VI lubricants have slightly higher minimum viscosity at all speeds for
equivalent eccentricity and load. In the experiment, minimum viscosity was
computed from the maximum measured temperature which was slightly lower
than the actual maximum film temperature which led to minor discrepancies
in matching VG68 with the other, much thinner lubricants.

This effect is believed to be a result of the location of the temperature
measurement as the maximum temperature measured in the bearing is some-
what lower than the actual maximum temperature in the oil film. Because this
difference in temperature increases with speed and because the temperature
matching was done at the lower temperature, the synthetic lubricants actu-
ally had higher viscosity in the maximum temperature region than the VG68
lubricant. This phenomenon further helps explain why the lower viscosity syn-
thetics provided lower eccentricity than SE32 as well as the slight difference
in power loss of the SE22 and SV22 compared to SE32.

B.6 Method for lubricant selection

With a host of new lubricants available a simple method of evaluating potential
lubricants should be followed to allow for selection of the best alternative. Any
evaluation should include a determination of the value of biodegradability, cost
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Figure B.7: Eccentricity change at 1 MPa load vs. speed.
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Figure B.8: Eccentricity change at 2 MPa load vs. speed.

of disposal and lubricant life time. Following this, a determination of which
lubricants can be used practically, and an evaluation of how they should be
operated should be carried out. Finally the various options can be compared to
determine what performance changes can be expected through replacement of
the existing lubricant.

B.6.1 Environmental Factors

Long service life and environmental friendliness often work against each other
in the case of bio-lubricants. Bio-degradable lubricants, such as rapeseed oil
have been found to perform well in short tests, McCarthy et al. [19], however
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as noted by Schneider [30] many plant-based lubricants oxidize much more
rapidly than mineral oil based lubricants. Some ester based lubricants have
been found to have oxidation stability equivalent to or better than mineral oils.
However, ester based lubricants have been found to affect sealing materials
which can turn a lubricant change into a complicated process including re-
placing incompatible sealing materials with compatible materials. A different
view of the issue from an economist, Mann [31], reported that changing in-
dustries to bio-based lubricants is more successful when governments institute
the change rather than industries take the initiative themselves. In spite of this,
many industries have changed lubricants and been successful as reported by
Broekhuizen [4] so the coupling between economic and environmental advan-
tages clearly depends on the specific application.

An often overlooked aspect of environmental impact reduction is that im-
proved efficiency of existing equipment reduces the need for new construction.
Furthermore, while most renewable energy sources are variable (wind, solar,
tidal, etc), most existing power sources (fossil fuel, nuclear, and hydro power)
can be regulated and thus are more valuable to the electricity grid than vari-
able sources. These regulating power machines are generally much larger than
variable power sources, thus small improvements in efficiency can result in
significant real increases in power output.

B.6.2 Viscosity Matching

Earlier recommendations for changing lubricant in machines involved using
specially developed computer models to predict performance changes from an
oil change. The aim of the current study has been to develop a simpler method
through a clearer understanding of the functional differences in lubricants. It
has been shown that film thickness is maintained in the bearing as long as
viscosity of the new lubricant matches or exceeds that of the old in the loaded
zone of the bearing. Thus when changing lubricant from a low VI to a high
VI, viscosity should be calculated in the loaded zone for the old lubricant, then
from that viscosity, the required maximum temperature of the new lubricant
can be calculated.

The bearings of most large machines already have temperature sensors in
the oil bath and in the pads that can be used to determine the bath and ’maxi-
mum’ temperature. Because of inconsistency in how temperature sensors are
mounted in the pads in industry, the difference between the pad temperature
and the maximum temperature in the oil film is not usually clear. However,
given that these sensors should always give a temperature colder than the ac-
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tual maximum, calculating with them guarantees that the minimum viscosity
in the film will be greater for the new lubricant than the old. While this as-
sumption predicts less savings through changing lubricant it trades savings for
improved machine safety in the form of greater film thickness. The bearing
should then be operated using the calculated maximum temperature of the new
lubricant to maintain equivalent minimum viscosity.

B.6.3 Estimating Performance Changes

As the load carrying function of a fluid film bearing is provided by only a
portion of the lubricated surface, it can be assumed that losses in the load
carrying portion of the bearing should be nearly equivalent regardless of the
lubricant if equivalent function is to be maintained. However, by allowing for
viscosity reduction through the unloaded part of the bearing, churning losses
can be significantly decreased with the use of lower viscosity grade but higher
VI lubricants. Because churning losses are directly associated to viscosity,
it follows that an estimate of the percentage change in power losses can be
described by Eq. B.1.

∆losses = A∗ [1− µnew

µold
] (B.1)

Where A is the percentage of the bearing’s area which contributes to churn-
ing losses only (e.g. non-load bearing area) and µnew and µold are the viscosity
of the oil bath for the new and old lubricants. A can vary greatly depending on
the type of bearing in question. For example, a tilting pad thrust bearing in a
power plant has considerably greater churning area than a plain journal bearing
due to gaps between pads and vertical surfaces of the shaft. The temperature
increase, ∆T , between the bath and the maximum temperature is assumed to
be the same for the lubricants as losses are assumed to be equal in the loaded
portion of the bearing. This is not entirely correct as in the experimental work,
it was found that synthetic lubricants had a smaller ∆T which was partly due to
the difference in specific heat capacity, ρCP, of the lubricants; synthetic esters
have slightly higher ρCP than mineral oils, Pettersson [32]. Given equivalent
losses developed in the oil film, the lubricant with higher ρCP experiences
lower ∆T .

In the case that accurate measurements of ρCP are known, ∆T can be rea-
sonably estimated using Eq. B.2.

∆Tnew =
ρoldCPold∆Told

ρnewCPnew
(B.2)



B.6. METHOD FOR LUBRICANT SELECTION 67

Including ρCP in the calculations allows for more accurate estimation of
bath temperatures which, in the case of increased ρCP, allows for a greater
decrease in losses due to lower bath viscosity.

The total change in power loss can finally be calculated using estimates
of the bearing losses in the system. For hydro-electric power generators the
bearing losses are approximately 0.2% [14] of the machine’s output but this
varies with machine speed.

This value appears low at first glance, however with an output of 100 MW
from the machine, the bearing losses are on the order of 200 kW which is quite
significant. Unlike in other industries where new lubricants are compared in
terms of the savings from less frequent oil changes and changes in maintenance
practices, Johnson [33], the value and the power savings in a power plant can
also be directly applied as increased power output. This increased power out-
put can then be valued at sales prices for electric power and the operation
schedule of the machine.

B.6.4 Practicalities

It should be noted that the approach of matching viscosity presents practical
limits in terms of the relationship between viscosity grade (VG) and VI. The
trend for optimum performance is to reduce VG and increase VI, however
this poses a challenge. The additives used to increase VI also increase VG
which leads to the selection of ever thinner base fluids. Additionally, to pro-
vide matching viscosity, the required viscosity occurs at an increasingly lower
temperature leading to an even lower temperature in the oil bath. An exam-
ple to exemplify this being that to replace VG68 with SE15 in a hydropower
turbine bearing with maximum temperature around 75◦C would require the oil
bath to be less than 5◦C which is clearly unreasonable. In the same applica-
tion, substitution with SE32 would leave the oil bath at around 30◦C, a low but
much more realistic temperature in a hydropower station.

The argument has previously been made that oil film thickness can be
safely reduced to some degree [14, 16] by operating with a higher maximum
temperature thus allowing for further loss reduction. However, this decision
should be taken separately from a change of lubricant.

B.6.5 Practical Example

As part of a research program, the lubricant in one 10 MW turbine at the Por-
jus power station on the Lule River in northern Sweden was changed from ISO
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VG68 mineral oil to an ester based ISO VG46 lubricant with VI 150. The
original maximum temperature was 95◦C and the original oil bath temperature
was 30◦C. Matching viscosity between the old lubricant and the new lubricant
results in that the maximum temperature of the new lubricant should be 91◦C
which leads to a bath temperature of 30◦C. This calculation includes a small
change in ρCP from 1.8 J/cm3 to 1.9 J/cm3 incorporated using Eq. 5.2. As-
suming an area of losses in the large, fully immersed combined thrust/journal
bearing of 50% results in a prediction for power savings in the bearing of
16%. After the actual oil change, the maximum temperature decreased to
84◦C because coolant flow was unchanged from prior to the oil change. This
resulted in the oil bath being a cool 24◦C during the winter months. As could
be expected from such a drop in bearing temperature, the oil film thickness
increased by 20%. During the summer months, the temperature in the bath
was allowed to increase to 35◦C while the maximum temperature increased to
88◦C. An 18.5% reduction in bearing power loss was measured by the tem-
perature change in the coolant flow compared to the original lubricant while
the film thickness remained thicker than prior to the oil change. The reduction
in bearing power loss allowed for an increase of production of 30 kW which
while small, is not insignificant considering the relatively small size of the
machine.

This example highlights the validity of the simplistic viscosity matching
method. After changing lubricant, temperatures and savings predicted by the
methodology were reasonably close to the actual values observed. While the
operators in this example could have yielded greater reductions in power loss
by allowing the new lubricant to operate warmer, they were satisfied with in-
creased safety in terms of increased film thickness.

B.7 Conclusion

This work has provided comparison between two standard mineral based tur-
bine oils and four synthetic based environmentally adapted turbine oils. The
comparison of lubricant performance led to the development of a simple method
for the practicing engineer to determine the economic value of changing lubri-
cant in a machine in terms of power savings and increased output potential as
well as the new operating parameters for the bearings. This allows the follow-
ing conclusions to be drawn:

• Equivalent machine performance (similar losses and film thickness) is
provided when a high viscosity grade lubricant is replaced with a lower
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viscosity grade lubricant operated at lower maximum and inlet temper-
atures.

• Improved machine performance (equivalent eccentricity and decreased
losses) can be provided when high viscosity grade lubricants are re-
placed with lower viscosity grade and higher viscosity index lubricants
operated at lower temperatures. This decrease in losses occurs due to a
decrease in losses in the non-load bearing portions of the bearing.

• The optimum operating conditions for the new lubricant and changes
in bearing performance can be predicted using a simple comparison of
the minimum viscosity in the maximum temperature zone of the bear-
ing. Matching viscosity in the maximum temperature region allows for
reduced viscosity in the rest of the bearing which in turn allows for re-
ductions in power loss in the bearing.

• Reductions in power loss in addition to the improved environmental
characteristics of the new lubricants can make up for the initially higher
cost of changing lubricant.
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C.1 Abstract

This study investigates tribological characteristics at the initiation of sliding
(break-away friction) of several polytetrafluoroethylene (PTFE) based materi-
als for application to hydrodynamic lubricated sliding bearings which undergo
significant break-away friction at start-up. Materials studied include virgin
PTFE, PTFE filled with 25% black glass, PTFE filled with 40% bronze, PTFE
filled with 25% carbon, and PTFE filled with 20% glass fiber and 5% Molyb-
denum disulphide, as well as standard white-metal Babbitt in lubricated slid-
ing contact with a steel counter-face. Experiments were carried out using a
reciprocating tribo-meter in the block on plate configuration with the specific
goal of determining the friction characteristics at break-away under varying
conditions. Apparent contact pressures of 1 to 8 MPa were applied with oil
temperature levels of 25 to 85◦C . Bronze- and carbon-filled PTFE and vir-
gin PTFE were found to provide generally lower break-away friction and less
variation in break-away friction over the course of testing than the other tested
materials.

Scanning electron microscopy (SEM) investigation of the bearing materi-
als revealed wear mechanisms of the PTFE materials as well as material trans-
fer from the steel counter surface to the PTFE composite in some cases.

Break-away friction tests after an extended stop under loading found bronze-
and carbon-filled PTFE and virgin PTFE to be minimally affected by the ex-
tended stop whereas Babbitt produced a significant increase in break-away



74 PAPER C. BREAK-AWAY FRICTION OF PTFE MATERIALS

friction in the first cycle after stopping. Break-away friction for the four tested
materials after an extended stop returned to pre-stop values after 1 stroke.

C.2 Introduction

Sliding bearings in use in most large power generation machines are designed
to operate in the fully hydrodynamic regime with a thick oil film separating the
sliding and stationary surfaces. In the full film regime, these bearings provide
low friction and extremely long service life and Babbitt (white metal) materi-
als have traditionally provided acceptable performance. However, changes in
electricity markets and the introduction of variable power sources have resulted
in more frequent starts and stops of power generating machines, conditions for
which the Babbitt material currently in use is not optimum due to its potential
for seizure at start-up and requirement of hydraulic jacking systems to reduce
start-up friction. Since its invention in the 1930’s, countless studies have found
PTFE to provide low friction in dry sliding, Biswas and Vijayan [34]. How-
ever, PTFE is also associated with some of the highest wear rates among crys-
talline polymers in dry contacts, Friedrich et al [35]. This deficiency has led to
the use of fillers to improve the mechanical and wear properties of the PTFE
matrix and has been widely documented by Bahadur and Tabor [36], Briscoe
et al [37] and Xue et al [38]. A review of work related to polymers, including
PTFE, with nano-particle fillers is provided by Friedrich et al [39]. Gong et
al [40] found that the choice of the counter-surface material’s chemical prop-
erties had no effect on the wear rate of PTFE. Presumably, wear of the PTFE
is primarily caused by the roughness of the counter surface as mentioned by
Akagaki et al [41]. A comparison of tribo-testing techniques for polymer ma-
terials was accomplished by Samyn et al [42] finding that the selection of test
arrangement significantly affected the friction and wear rates in dry conditions.

Little work has been accomplished in regards to PTFE’s characteristics
in lubricated conditions. Zhang et al [43, 44, 45] found that the friction and
wear of PTFE were greatly reduced by adding lubrication. This result can
probably be explained by the high sliding speeds used during the tests, 1.5 - 4
m/s, which could have allowed for hydrodynamic lubrication. A recent study
on wear rates in lubricated conditions, McCarthy and Glavatskih [46], of PTFE
composites found a marked decrease in wear rate of PTFE materials filled with
MoS2 and fiberglass, black glass, bronze, and carbon. However, Akagaki et al
[41] and Zhang et al [43] found that PTFE-based composites exhibit different
tribological behavior compared to pure PTFE material with varying pressures
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and temperatures in lubricated conditions.

Journal bearing configurations made of a variety of polymers were tested in
dry conditions by Ünlü et al [47] finding that PTFE provided the lowest coef-
ficient of friction of the materials tested but was accompanied with high wear
rates. Further journal bearing tests with both carbon composite and bronze
composite PTFE in dry conditions were conducted by Tevrüz [48, 49] find-
ing in both cases that the friction coefficient decreased with increasing contact
pressure while the friction coefficient increased with increasing temperature.

Work has been accomplished to investigate PTFE-based composites for
hydrodynamic journal bearing applications, Iwai et al [50], finding that PTFE-
based composite performed better than Babbitt in lubricated conditions. Virgin
PTFE has long been used as a bearing surface material in large hydrodynamic
bearings, Glavatskih et al [51].

Investigating start-up in sliding bearings, it was found that journal bear-
ings rapidly become hydrodynamic following an initial moment of break-away
friction, Bouyer et al [52]. While wear of the bearing was observed after these
tests, it was deemed that the bearing continued to function acceptably. On the
other hand industrial experience of bearing failures due to wiping or failure of
the bearing’s Babbitt surface has led to the widespread use of hydrostatic jack-
ing systems during machine start-up. Reduction of the break-away friction by
changing bearing materials has potential to simplify machine start-up while
also reducing the risk associated with Babbitt-based materials.

This work seeks to address the issue of break-away friction in hydrody-
namic bearings through focused testing of bearing materials in a simplified
configuration designed to eliminate hydrodynamic effects and isolate the tran-
sition from static to dynamic friction at start-up.

C.3 Experimental study

The break-away friction characteristics of some commercially available PTFE-
based composite materials sliding against steel plates under lubricated condi-
tions are studied using a reciprocating block on plate configuration. These
tests are conducted over a wide range of contact pressures and temperatures.
Sliding speeds in all tests are kept extremely slow to eliminate the possibility
of hydrodynamic effects. The results are compared with those of pure PTFE
and Babbitt material.
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Table C.1: PTFE composite material characteristics.

Filler Material Compression Modulus [GPa] Specific density
40% Bronze 0.99 3.96
25% Carbon 0.85 2.15
25% Black glass 0.66 2.19
20% Glass fiber and 5% MoS2 0.78 2.28
Pure PTFE 0.46 2.16

Table C.2: Test lubricant characteristics.

Density at 40◦C 0.92 kg/l
Density at 100◦C 0.86 kg/l
Kinematic viscosity at 40◦C 31 mm2/s
Kinematic viscosity at 100◦C 6.2 mm2/s

C.3.1 Materials

Testing was performed using four commercially available PTFE-based com-
posites together with virgin PTFE and Babbitt material. Details of the PTFE-
based composites are given in Table C.1. Compression modulus was deter-
mined on-site for comparison of the materials to each other. The materials
have been chosen due to their availability and to develop upon earlier study of
PTFE-based composites by McCarthy and Glavatskih [46].

The counter surface in all testing was low carbon steel plate ground and
polished to a surface roughness of 0.4 µm Ra with structure parallel to the
sliding direction which is a typical surface roughness and direction for counter
surfaces in hydrodynamic bearings. Lubricant used in all testing was commer-
cially available synthetic ester based turbine oil as detailed in Table C.2. This
lubricant was chosen as it is representative of the lubricants being used in new
and renovated hydrodynamic bearings in large machines.
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Table C.3: Experimental conditions for short term tests with pressure and tem-
perature variation.

Load 80 to 320 N
Contact Pressure 1 to 8 MPa
Oil Bath Temperature 25, 45, 65, 85 ◦C
Stroke Length 5 mm
Stroke Duration 5 seconds
Test Duration 3 hours
Total Sliding Distance 10.8 m
Steel Surface Roughness Ra 0.4 µm

C.3.2 Experimental setup

Experiments were carried out using a reciprocating tribo-meter under lubri-
cated conditions in the block on plate configuration. This configuration was
chosen to eliminate a converging gap which could lead to hydrodynamic lubri-
cation and to ensure that contact pressure remained constant with varying wear
rates of the materials, a common challenge in block on ring studies. The condi-
tions are nearly identical to those in hydrodynamic thrust bearings at start-up,
while because of the small scale the conditions are similar to those in large hy-
drodynamic journal bearings at start-up. The steel counter-surfaces were fixed
in a temperature controlled oil bath while the block specimens were fastened
to the reciprocating arm. Reciprocating motion was provided by an eccentric
transmission driven by an electric motor which was geared down through a
gearbox. Loading was accomplished via a spring connected to the reciprocat-
ing arm and was varied to provide specified contact pressures. Friction force
measurements were taken continuously using a piezoelectric load cell. A full
description of the experimental arrangement is detailed in Table C.3. Tests
were conducted three times each to ensure repeatability and minimize uncer-
tainty.

All materials were tested at all load settings at 25žC while testing of all
materials for the full range of temperatures was conducted at 2 MPa. Addi-
tional tests were conducted at the maximum temperature and load conditions,
85žC and 8 MPa.

Further tests were conducted to determine how break-away friction was
affected by extended periods of loading without operation but in the presence
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of lubricant. For these tests, specimens were run-in to a steady state condition
(approximately 5 minutes). They were then shifted to the stop point at the end
of the stroke and let sit loaded for 72 hours. Break-away friction was then
determined at start-up for the first several start-stop cycles to determine the
duration and magnitude of friction levels that varied from steady state.

C.3.3 Break-away friction

Break-away friction is determined from the friction load data stream provided
by the test rig. The value of break-away friction is taken from the maxi-
mum value of each stroke occurring when the reciprocating test specimen goes
through the stop and start at the end of each stroke. Figure C.1 gives an exam-
ple of the raw data stream from a typical test of Babbitt showing a number of
starts and stops with steady break away friction. An average of these peak val-
ues over the length of the test is used to determine the average break-away fric-
tion for the materials. Running-in effects are included in the average friction
results, but are taken into account in terms of the variation in the break-away
friction through the duration of the test. This method was used as some of the
materials tested did not provide a steady state friction after running-in. Further
supporting this decision is the application of this test program to hydrody-
namic sliding bearings which only experience break-away friction at start-up
of the machine. These bearings typically experience less than one start per day
over the course of their several year life-cycle thus causing any variation of
break-away friction, including changes during running-in, to have significant
consequences for machine operation.

C.3.4 Material preparation

The polymer blocks were prepared in two different dimensions to achieve de-
sired contact pressures with the practical load range of the test rig which is
in the range of 80N to 400N. The dimensions of the contact surface of block
specimens for 1MPa tests were 5mm parallel to and 16 mm perpendicular to
the sliding direction, while for the rest of the loading conditions the contact
surface dimensions were 5mm parallel to and 8mm perpendicular to the slid-
ing direction. This made it possible to achieve apparent contact pressures of 1
MPa to 8 MPa. The block specimens were cleaned in an ultrasonic bath using
industrial petroleum (heptane) followed by ethyl alcohol and dried in air prior
to each test.
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Figure C.1: Raw data from testing of Babbitt at 2 MPa and 25◦C .

C.4 Results and discussion

The experimental setup was found to produce highly reproducible results, al-
lowing for clear comparisons to be made between the performance of the var-
ious materials. In general, each of the test materials followed one of three
different trends. The first of these trends was that of Babbitt which provided
the highest levels of break-away friction. This high friction phenomenon re-
flects typical industrial applications of Babbitt bearings which generally limit
mean contact pressures to 2.5 MPa without the use of hydrostatic lifting sys-
tems at startup. Another trend was displayed by the materials with glass and
fiberglass fillers. These materials tended to wear the counter-surfaces, leading
to decreased roughness and higher levels of friction, but not as high as Babbitt.
The final response that was observed was that of the bronze- and carbon-filled
PTFE, as well as pure PTFE which did not appear to wear the counter-surface
and provided low friction with little variation due to temperature or loading.

C.4.1 Contact pressure effects

Results of break-away friction in relation to variation in contact pressure gen-
erally showed a slightly decreasing trend in friction coefficient with increas-
ing contact pressure. This is consistent with empirical formulas proposed by
Zhang et al’s [43] findings in regards to PTFE composites in lubricated condi-
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Figure C.2: Break-away friction vs. contact pressure at 25◦C .

tions. The exception to this was fiberglass and MoS2 material which did not
show a consistent trend with varied loading.

Results for the average break-away friction over the entire test period of 3
hours are shown in Fig. C.2 and clearly indicate that pure PTFE consistently
provided the lowest levels of friction with bronze-filled PTFE also providing
low friction. Carbon filled PTFE was found to provide lower friction at higher
loads than at lower loads while black-glass filled PTFE and fiberglass filled
PTFE provided highest break-away friction of the PTFE composites. All PTFE
based materials provided significantly lower friction than Babbitt and these
friction levels were generally 25-50% those of Babbitt.

Analysis of the variation in break-away friction over the course of the test
cycle provides insight into a material’s behavior in an actual application. In
the case of the materials tested in this study, a stark contrast could be seen in
the response of the materials to variations in pressure. Figure C.3 shows the
difference between the minimum and maximum break-away friction observed
for materials during the course of each test. This demonstrates the stability or
instability of the materials’ break-away friction when subjected to increased
loading. In the case of carbon-filled and pure PTFE, relatively little difference
was observed between the minimum and maximum break-away friction. It
was quite a different case for the remainder of the materials which showed not
only large levels of variation in break-away friction with changes in loading,



C.4. RESULTS AND DISCUSSION 81

0,00

0,05

0,10

0,15

1 2 3 4 5 6 7 8

Contact Pressure (MPa)

V
a

ri
a

ti
o

n
 i

n
 F

ri
ct

io
n

 C
o

e
ff

ic
ie

n
t

Babbitt

Black Glass

+PTFE
MoS2/Glass

fiber +PTFE
Bronze

+PTFE
Carbon

+PTFE
Pure PTFE

Figure C.3: Variation in break-away friction vs. contact pressure at 25◦C .

but also demonstrated no consistent trends in regards to the variation observed
during the tests.

C.4.2 Temperature effects

Results of break-away friction in relation to changes in temperature in the oil
bath are displayed in Fig. C.4. It was found that pure PTFE and bronze-filled
PTFE produced the lowest friction as temperature increased with carbon-filled
PTFE also providing low friction. As in testing with pressure variation, black-
glass and fiberglass filled PTFE yielded higher coefficients of friction than the
other PTFE composites while Babbitt provided much higher break-away fric-
tion than all of the other materials. The fiberglass filled PTFE demonstrated
an increasing trend in break-away friction with increasing temperature which
was most likely a result of the decreasing lubricant viscosity which could have
allowed for the hard fibers to come more into contact with the counter sur-
face. A similar effect is believed to be the cause of the increase in friction
observed for Babbitt with increased temperature in that the lower viscosity lu-
bricant more readily squeezed from the contact, allowing the Babbitt to have
greater area in contact with the counter-surface. The other PTFE composites
appeared to have very little change in their average break-away friction values
with increased temperature.
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Figure C.4: Break-away friction vs. oil bath temperature at 2 MPa.

When variation in friction was analyzed with increasing temperature, sig-
nificant trends were observed, Fig. C.5. The fiberglass filled PTFE was ob-
served to have a varying difference between minimum and maximum break-
away friction level with changing temperature. This is believed to have been
caused by the lower viscosity of the lubricant at higher temperatures allowing
for increased polishing of the counter-surface by the hard fibers. Bronze-filled
PTFE demonstrated the opposite trend with a decrease in variation in break-
away friction at increasing temperatures coupled with a decrease in the average
friction. Black glass filled PTFE had slightly decreasing variation in friction
coefficient with increasing temperature. Variation in break-away friction for
carbon filled and pure PTFE at increased temperature was marginal as both
materials provided very stable break-away friction levels through the entirety
of the test range.

C.4.3 Pressure and temperature interaction

Tests for the interaction between temperature and pressure effects were con-
ducted for all materials except black-glass and fiberglass-filled PTFE at 85ř C
and 8 MPa loading. The results from these tests confirmed the influences of
temperature and pressure on the break-away friction for all materials. How-
ever, no interaction was found between changes in temperature and changes
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Figure C.5: Variation in break-away friction vs. oil bath temperature at 2 MPa.

in pressure in so far as their effects on the break-away friction for any of the
materials, meaning that changes in temperature and contact pressure can be
considered independently of each other.

C.4.4 Prolonged stop and restart

Testing of the effects of an extended stop under load, such as in the practical
case of a machine stop, were conducted with Babbitt, carbon-filled, bronze-
filled, and pure PTFE. The poor performance of black-glass- and fiberglass-
filled PTFE in the earlier testing disqualified these types of fillers from further
testing and so they were not included in the time consuming extended stop
tests. Results showing the average break-away friction before and the break-
away friction for each cycle after the stop are displayed in Fig. C.6. The value
at the ’0’ cycle is the average break-away friction from the one minute prior to
the stop while ’1’, ’2’, etc. are the first, second and subsequent cycles after the
extended stop.

One of the most notable features of these results is that the maximum fric-
tion returns to values measured prior to the prolonged stop after just one stroke,
regardless of the material. However, in regards to the materials, it was observed
that Babbitt produced a much greater break-away friction after a prolonged
stop than the PTFE based materials. The break-away friction observed in the
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Figure C.6: Break-away friction before and after 72 hour pause of testing under
loading at 2 MPa and 25◦C .

case of Babbitt was also much greater in proportion to the steady state friction
measured prior to the prolonged stop. It is felt that the large increase in break-
away friction for Babbitt was caused by the Babbitt material conforming to
the steel counter-surface and ’squeezing-out’ the lubricant from the contact. In
the case of PTFE materials, reduction of lubricant in the contact is believed to
allow PTFE to operate in the ranges of low friction that it is known for in dry
contacts.

C.4.5 Counter-surface wear

The effects the materials had on the steel counter-surface were analyzed using
an optical profilometer (WYKO NT1100). Roughness average (Ra) was mea-
sured at the same points in the center of the wear track both before and after
testing to determine the degree of polishing or roughening caused by the test.
These results are displayed in Fig. C.7 showing that only the glass-filled PTFE
based materials had a significant effect on the counter-surface at high load. Er-
ror bars in the figure represent the accuracy of the measurement method and
error associated with comparison of samples before and after testing. Given
the significant surface polishing provided by these materials at the 6 MPa load
level it is felt that the trend observed at 1 MPa loading also represents polish-
ing by the glass-based materials even though the difference is very near to the
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Figure C.7: Change in roughness of steel counter-surface.

uncertainty of the measurement method. Observations by Iwai et al [50] under
constant sliding conditions with similar fiberglass-filled material also found
wearing of the counter-surface with the exception that counter-surface rough-
ness increased. The difference in these observations from the current study
can be explained by the testing configurations. The reciprocating action of the
current tests likely trapped wear particles in the contact region, breaking them
into a media which polished both surfaces instead of removing them from the
contact as in the block on ring configuration.

Regardless, because of this wearing effect, the glass- and fiberglass-filled
composites were not included in further detailed testing.

C.4.6 SEM investigation

Further investigations utilizing a scanning electron microscope revealed a num-
ber of unique tribological characteristics of the materials under break-away
sliding. Overall however, SEM examination further confirmed the experimen-
tal findings regarding suitability of materials for the application. The sliding
direction in all SEM images is approximately in the vertical direction.

Babbitt

SEM evaluation of the worn Babbitt surface revealed a significant wear scar
with grooves cut into the material by the steel counter-surface. A representative



86 PAPER C. BREAK-AWAY FRICTION OF PTFE MATERIALS

Figure C.8: SEM image of Babbitt tested at 6 MPa and 25◦C .

image of the worn Babbitt surface is displayed in Fig. C.8. Counter-surface
material was not detected on the worn surface signifying that wearing occurred
on the Babbitt material only. Similar wear scars were seen on the Babbitt
specimens for both high and low loads regardless of temperature.

Black-glass filled PTFE

Investigation of the black-glass filled PTFE revealed the reason for the change
in surface roughness observed on the counter-surfaces. The fibers of the black
glass had in many locations become sharpened cutting surfaces with collec-
tions of iron particles piled up in the direction of sliding. This effect is clearly
demonstrated in Fig. C.9 in which the darkest areas are PTFE, the gray areas
are fibers and the white areas were found to be rich in iron. Given that the
PTFE material did not initially contain iron, it can only be assumed that the
iron presence was the result of wearing on the counter surface. In this case,
it appears that the PTFE did very little to reduce the friction in the contact as
large portions of the load appear to have ridden on the harder glass fibers.
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Figure C.9: SEM image of black glass filled PTFE tested at 8 MPa and 25◦C .

Fiberglass and MoS2 filled PTFE

Analysis of the fiberglass and MoS2 filled PTFE revealed large areas of
blended MoS2 and iron as well as sharp fibers. As in the case of black glass,
these sharp fibers tended to collect the other softer materials in the direction of
sliding and produced significant polishing on the counter-surface. This effect
is shown in Fig. C.10. While the MoS2 appeared to have smoothed out the
PTFE surface, it does not appear to have reduced friction in lubricated condi-
tions as the friction levels were generally the same or greater for MoS2 and
fiberglass filled PTFE than black glass filled PTFE.

Bronze filled PTFE

The wearing characteristics of bronze filled PTFE were very consistent be-
tween high and low pressures and high and low temperatures. In all cases, the
bronze particles had scratches in parallel with the sliding motion. However,
depending on the load, the bronze particles and the PTFE surrounding them
appeared to have worn at different rates. This difference is highlighted by
comparison of Fig. C.11 and Fig. C.12 showing bronze filled material tested at
2 and 8 MPa respectively. At 2 MPa, it appears that the surfaces of the worn
bronze particles and the bulk material particles are approximately level with
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Figure C.10: SEM image of MoS2 and fiberglass filled PTFE tested at 8 MPa
and 25◦C .

smooth transitions between filler and bulk material. This is not the case at 8
MPa where gaps can be distinguished around the edges of the filler particles.
Additionally, the bronze particles occupy a much larger area of the contact re-
gion than at lower pressure loading. It is thought that the bronze particles are
more wear resistant than the PTFE material and so they collect at the surface
and are pushed into the bulk material as it is steadily worn away. At some point
equilibrium may be reached when the bronze and PTFE wear at equal rates.
This equilibrium appears to be pressure dependent as it was observed to occur
at 2 MPa and not at 8 MPa.

Carbon filled PTFE

Carbon filled PTFE had consistent performance at low and high pressures and
low and high temperatures. In all cases, the carbon particles wore evenly with
the PTFE bulk material as shown in Fig. C.13 in which the darker patches are
carbon and the lighter gray areas are PTFE. The primary difference between
heavier and lighter loads was observed in the smoothness of the worn surface
with higher loads yielding a markedly smoother surface than lighter loads as
shown in Fig. C.14. This smoothing at higher loads could have caused the
trend of reducing friction with increasing load that was observed with varia-
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Figure C.11: SEM image of bronze filled PTFE tested at 2 MPa and 25◦C .

Bronze

Figure C.12: SEM image of bronze filled PTFE tested at 8 MPa and 25◦C .
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Carbon

Figure C.13: SEM image of carbon filled PTFE tested at 2 MPa and 85◦C .

tions in pressure.

Pure PTFE

Pure PTFE showed very similar wear characteristics to carbon filled PTFE with
an even smoothing of the surface in general without the complex characteris-
tics seen for the composite materials. As could be expected, counter-surface
particles were not observed as in the case of the glass filled materials. The
smooth surface seen for pure PTFE could have helped to yield the very low
friction coefficient observed for all pressures with PTFE. Figure C.15 shows
the smoothing of the PTFE surface at high load and temperature.

C.5 Conclusions

Break-away friction was investigated in reciprocating sliding block-on-plate
contact in the presence of lubricant for a number of PTFE based materials as
well as Babbitt material. Sliding speed was kept as low as possible and mean
contact pressure was varied from 1 to 8 MPa while oil bath temperature was
varied from 25 to 85◦C . A summary of the major findings is as follows:

• Highest break-away friction levels were provided by Babbitt and these
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Figure C.14: SEM image of carbon filled PTFE tested at 8 MPa and 25◦C .

Figure C.15: SEM image of pure PTFE tested at 8 MPa and 85◦C .
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were considerably higher than those of the PTFE-based materials. Pure
PTFE provided the lowest friction levels while carbon- and bronze-filled
PTFE also produced low break-away friction.

• The friction coefficient at break-away generally decreased for all mate-
rials with increased loading.

• Pure PTFE and carbon-filled PTFE provided very low variation in fric-
tion through changes in both temperature and pressure.

• The break-away friction coefficient with increasing temperature was found
to increase for Babbitt and fiberglass-filled PTFE materials while it de-
creased slightly in the cases of, black-glass-filled and bronze-filled PTFE.
Break-away friction was not affected by temperature in the cases of
carbon-filled and pure PTFE.

• Contact pressure and temperature were found to influence the break-
away friction independently of each other for bronze-filled, carbon-filled,
and virgin PTFE as well as Babbitt, i.e. there was no significant interac-
tion between temperature and pressure effects.

• Significant polishing of the steel counter-surface was observed in the
cases of both black-glass-filled and fiberglass and MoS2 filled PTFE
materials at all pressures. Measurable polishing was not observed on the
counter-surfaces for the other materials.

• Break-away friction for Babbitt increased by 0.27 following an extended
stop before returning to the pre-stop value. Bronze-filled, carbon-filled,
and virgin PTFE showed an increase in break-away friction following
an extended stop of less than 0.05 before returning to pre-stop levels.

• SEM investigations clarified the results from the break-away friction and
counter-surface wear testing, especially in the case of black glass and
fiberglass and MoS2 filled PTFE.
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